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Abstract 

As an alternative to conventional loudspeakers, panel loudspeakers have been investigated. 

However, it is challenging to avoid structural modes in a panel loudspeaker, which results in 

an uneven frequency spectrum and highly directional sound radiation. Here, we present a 

technique to eliminate modes in a frequency range of interest based on a band gap (BG) 

structure that forbids the propagation of waves. In order to open a BG between 300 and 500 

Hz, a thin aluminum plate with periodic resonators is considered. Using finite element (FE) 

simulations, vibro-acoustic responses of the BG structure are analyzed, leading to more 

spectrally smooth and spatially uniform sound radiation. Experimental results agree well with 

the numerical predictions, displaying a smoother frequency spectrum and smaller variation of 

sound pressure at six different measurement orientations in an anechoic chamber. For this 

specific case, the overall SPL is amplified by 5.5 dB and the standard deviation is reduced by 

5.7 dB at frequencies ranging from 300 Hz to 500 Hz. 

 

Keyword: Band gap; Flat panel loudspeaker; Sound radiation; Vibro-acoustics; 
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1. Introduction 

Loudspeakers are essential components for many modern digital devices to transfer 

information, play music, and even reduce noise with active control. Despite the importance of 

the loudspeaker, it is usually challenging to install a loudspeaker driver into a limited space, so 

one needs a strategy to install loudspeakers compactly [1]. To name a few examples, TV 

displays are too thin to insert a speaker driver, and subwoofers in an automobile audio system 

increase the total weight while reducing the available space [2,3]. 

Thus, the idea that a surface of mechanical structures can serve as a loudspeaker itself is 

appealing. In this regard, flat panel loudspeakers (FPSs) [4,5] which produce sound using a flat 

and thin panel excited by several actuators have attracted engineers to add an acoustic function 

for devices where allowable spaces are limited, e.g. for display panels [2,6] and in automobiles 

[3,7]. In contrast to the conventional loudspeaker drivers, the FPS uses the dense modes of a 

thin panel to generate sound. Hence, at high frequencies where the modal density is high, the 

FPS produces a spectrally smooth frequency response [4]. Conversely, at low frequencies 

where the modes are sparse, the FPS usually produces an uneven frequency spectrum and 

directive sound radiation [8]. Besides, at low frequencies, it is difficult to localize the sound 

source on the surface because the entire surface vibrates simultaneously, whereas the vibration 

is confined around the positions of actuators at high frequencies due to a high modal density 

[9]. These low frequency characteristics are drawbacks of the FPS since its initial development 

[2]. 

Considerable research interest has been given to remedy these problems. Passive design 

methods were developed, extending the optimization approaches applied to conventional 

loudspeakers [10,11], e.g., determining actuator placement using numerical simulations and 

optimization algorithms [12-14], and exploiting orthotropic materials to rebuild mode 

distributions [15,16]. Additionally, vibration control methods tackled the problem by means of 

signal processing, e.g. the modal crossover network, which selectively excites specific modes 

by balancing modal forces [17], and shaping the vibration profile using active vibration control 

based on an array of actuators [3,7,18-21]. These previous works mainly focused on 

determining the excitation and mode distributions of a panel structure, but it is still challenging 

to solve the fundamental issue of sparse modes at low frequencies. 

We present a mode elimination technique using a band gap (BG) structure, which forbids 

the propagation of bending waves within a frequency band called a band gap (or also called 

stop band) [22-25]. Usually, BG structures consist of a periodic arrangement of elements such 
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as scatterers [26], resonators [27], and with use of inertial amplification [28], which make 

wavenumber imaginary within a BG range. Due to the imaginary wavenumber, bending waves 

decay exponentially and become unlikely to reflect from the boundaries; thus, the BG structure 

allows no standing waves and no modes within the BG [26]. Fig. 1 schematically illustrates the 

mode elimination technique and wave propagation in a BG structure in which the evanescent 

wave decays before it reaches boundaries [29-31] in comparison to a bare plate. In the figure, 

the green squares represent the periodic elements that compose the BG structure. 

In this paper, we aim to produce a spectrally smooth and spatially uniform sound radiation 

at low frequencies. The target frequency band is chosen to range from 300 Hz to 500 Hz for 

two reasons, one being that many conventional FPSs suffer from uneven sound radiation 

characteristics due to sparse modes in this frequency range [12-17], and the second being that 

many small loudspeakers in small mobile devices cannot radiate sound well in this frequency 

range. Note that even lower frequency ranges can be targeted by designing a BG structure [27]. 

To create a BG in the target frequency range, we consider a periodic arrangement of resonators 

on a thin panel structure. The finite structure with periodic resonators can eliminate modes 

within the BG range, thus confining vibrations near the position of the actuator [29]. These two 

features of the BG structure smoothen the frequency spectrum and produce a spatially uniform 

sound radiation. For analyses of the BG structure, a finite element (FE) vibro-acoustic model 

is developed based on the Mindlin plate theory [32]. Using the FE model, the modal 

characteristics and vibro-acoustic responses of the BG structure are investigated. The 

numerical results are validated with experiments by measuring vibration fields and the sound 

pressure radiated from the BG structure. 

This work is structured as follows: we present the theories of the BG and vibro-acoustic 

modelling in Section 2. The numerical results using the developed FE model are presented in 

Section 3. In Section 4, experimental results are presented to validate the numerical results. 

Finally, Section 5 concludes this paper. 
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Fig. 1. Description of the mode elimination technique. 

 

2. Theory 

2.1 Unit cell modelling 

Consider a periodic unit cell structure, which consists of a thin plate and a simple mass-

spring resonator, as described in Fig. 2. Assuming a harmonic motion, the free vibration of the 

plate can be described with the Mindlin plate theory and the principle of virtual work as [32], 
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where ω is the angular frequency, ρ is the mass density, h is the thickness of the plate, S is the 

surface area, and δ represents the virtual variables. The variables β and w are the rotational and 

vertical displacements, κ and γ indicate the curvature vector and the shear strain vector, 

respectively, defined as follows, 
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The matrices Cb and Cs in Eq. (1) are the constitutive matrices defined as, 
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where E is the elastic modulus, ν is the Poisson’s ratio, and k (= 5/6) is the shear correction 

factor. Furthermore, the equation of motion of the mass-spring resonator is expressed as, 

( )2 ,r r r r p rpm w k w w fω− + − =  (5) 

where mr and kr are the lumped mass and stiffness of the resonator, wr and wp are the vertical 

displacements of the resonator and plate at the connection point, respectively. 

Employing the finite element (FE) method, Eq. (1) can be discretized into a matrix equation 

as [32], 

( )2 ,ω− + =M K u 0  (6) 

where M and K are the mass and stiffness matrices, respectively, and u is the degrees of 

freedom (dof) vector. For the formation of FE matrices, we employ the mixed integral tensorial 

component (MITC) scheme to prevent the shear locking problem arising in the numerical 

integration of the shear stiffness term [33]. 

Eq. (6) can be combined with Eq. (5) by coupling the dofs at the connection point, which 

results in the coupled matrix equation as follows,  

( )2 ,ω− + =M K u 0    (7a) 

K K ,pp pp rk= +  (7b) 

K ,rr rk=  (7c) 

K K ,rp pr rk= = −   (7d) 

M ,rr rm=  (7e) 

where the tilde symbol over the matrices represents the coupling between the FE matrices and 

the equation of motion of the resonator. The subscripts p and r indicate the indices of the dofs 

at the connection point of the plate and resonator, respectively. Besides, the dof vector u is 

extended by adding the resonator dof as, 

.
rw

 
=  
 

u
u  (8) 

Using Eq. (7a), the coupled motion between the plate and the mass-spring resonator in a unit 

cell can be analyzed. 
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Fig. 2. The band gap structure (a), unit cell (b), and reciprocal wave vector space with the 

irreducible Brillouin zone (c).  

 

With the assumption that the unit cell structure is infinitely periodic, wave functions 

propagating in the BG structure follow the Bloch theorem, which is stated as [23,27], 

( ) ( )e ,j+ = kau r a u r  (9) 

where r is a position vector inside a unit cell, a is the lattice vector (a = (ax,ay)), and k is the 

bending wave vector (k = (kx,ky)). The term ejka represents the amplitude and phase change, 

which is determined by the wave vector k and lattice vector a. 

Applying Eq. (9) on the boundaries of the unit cell, the dof vector u can be reduced with a 

reduction matrix R that depends on the wave vector k as, 
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where subscripts L, R, B, T represent the left, right, bottom, and top boundaries, respectively, 

and LB, RB, LT, RT, I represent the left bottom, right bottom, left top, right top corners, and 

internal domain of the unit cell, respectively [27]. By combining Eq. (10a) with Eq. (7a), an 

eigenvalue equation can be obtained as follows [23], 

( )2 red .H ω− + =R M K Ru 0   (11) 

( ) ( )( )2 red red red ,ω− + =M k K k u 0  (12) 

where the superscript H denotes the conjugate transpose, i.e. Hermitian operator. 

Eq. (12) is the dispersion equation that states the relation between the wave vector k and 

the frequency ω, i.e. the dispersion relation [23]. To obtain the dispersion relation of the BG 

structure, Eq. (12) needs to be solved for every possible combination of wave vectors. However, 

due to symmetry, we may confine the wave vectors to the irreducible Brillouin zone (IBZ), 

which is the triangular region in the reciprocal wave vector space as described in Fig. 2(c) [23-

27]. Usually, the wave vectors are further reduced to the boundary contour of the IBZ, (i.e., 

Γ→X, X→M, and M→ Γ) because the dispersion curve obtained by searching along the 

contour usually contains sufficient information to identify BGs [27]. The frequencies in the 

obtained dispersion curve are the frequencies at which waves propagate. On the contrary, the 

empty frequency bands in the dispersion curve are the BGs at which no waves propagate. 

 

2.2 Prediction of radiated sound pressure 

The BG structure radiates sound into the free space under a mechanical excitation as 

illustrated in Fig. 3(a). To estimate the radiated sound pressure, we assume the BG structure to 

be mounted on an infinite baffle with the exclusion of the edge diffraction of acoustic waves 

[34]. Under this assumption, the sound pressure p, which is radiated from a vibrating surface, 

can be calculated using the Rayleigh integral formulation as [35],  

( ) ( ) ( )00 exp jj d ,
2

n air

S

v k R
p S

R
ωρ
π

−
= ∫

r
r  (13) 

where ρ0 is the mass density of air (1.2 kg/m3), kair is the wavenumber of acoustic wave (= ω/c0, 

c0 = 343 m/s), R is the distance between the field point r(= (x, y, z)) and the surface point r0(= 

(x, y, 0)), and vn is the surface normal velocity. Here, the surface of the plate is considered stiff 

enough to neglect the air loading [36]. For many practical cases, in which the air loading is 

negligible, this one-way approach is valid as discussed in Ref. 34. 
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Fig. 3. Sound radiation of the baffled band gap structure (a), and the spherical coordinate for 

the DI calculation (b). 

 

We employ the directivity index (DI) to evaluate the directivity of the sound radiation 

quantitatively as follows [37], 
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where p(0,0,ω) is the sound pressure at the point 1 m distant from the center of the surface, and 

p(θ,ϕ,ω) is the sound pressure at the point rotated by the elevation angle θ and azimuth angle 

ϕ. 

For the calculation of the DI, we consider a hemispherical domain since the sound field is 

symmetric along the x-y plane due to the baffled condition [26]. Fig. 3(b) describes the 

coordinate system of the hemispherical domain, where the elevation angle ranges from 0 to π/2. 

If the sound is radiated spatially uniform in the half space, the DI value is equal to zero, and 

any departure from zero DI represents the directional sound radiation [37]. 

 

3. Numerical results 

3.1 Test example 

We conducted numerical simulations considering a finite thin plate with periodically 

arranged resonators as described in Fig. 4. The geometric dimensions of the plate are 400 mm 

× 320 mm × 1 mm, and the material is aluminum with the elastic modulus E = 65 GPa, mass 

density ρ = 2700 kg/m3, Poisson’s ratio ν = 0.3, and loss factor η = 0.002. All edges of the plate 

are clamped, and the circular surface force with the radius of r = 13 mm is applied. The force 

is placed away from the center by 50 mm in the x-axis and 25 mm in the y-axis. The aspect 



10 

 

ratio of the plate and the eccentric position of the excitation are decided based on the 

conventional rules for the FPS design to excite as many modes as possible [38]. The resonators 

are arranged with a periodicity of 25 mm, which may fill out the entire surface with 192 (16×12) 

square unit cells (i.e., a = (25 mm, 25 mm)). The distance between the uppermost unit cell and 

the upper edge of the plate is 10 mm, which is sufficiently narrow not to create edge modes 

within the target frequency. 

The mass-spring resonator (i.e., mr and kr) is designed to create the BG covering the target 

frequencies ranging from 300 Hz to 500 Hz. Note again that other configurations of resonators 

can create other BG ranges and a general rule can be found in Ref. 22.  For the design, we use 

two parameters: the resonance frequency (fr = (kr/mr)0.5/2π), and the mass ratio (Mr = mr/mplate, 
mplate = ρ×ax×ay) between the lumped mass and the plate of the unit cell. The resonance 

frequency fr and the mass ratio Mr are chosen as 300 Hz and 2.375, respectively, which open 

the BG ranging from 300 Hz to 549 Hz. The two parameters determine the stiffness kr as 14.24 

kN/m and the lumped mass mr as 4 g. 

  
Fig. 4. Description of the target example. 

 

3.2 The dispersion relation and coincidence effect 

The dispersion relation of the BG structure is analyzed to investigate the interaction 

between the bending waves and acoustic waves. For the investigation, the dispersion curve of 

the bending and acoustic waves is displayed in Fig. 5(a). As shown in the figure, the group 

velocity of the bending wave, which is defined by the slope of the dispersion curve (i.e., cg 

=∂ω/∂k), is reduced when it asymptotes to the BG frequency due to the presence of the 
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resonator [29]. The reduced velocity makes the bending wavelength coincide with the acoustic 

wavelength at the upper bound of the BG, 550 Hz, which is 16 times lower than the critical 

coincidence frequency of a bare plate (= 9047 Hz) [39]. Focusing on the coincidence occurring 

at the much lower frequency than a bare plate, here, we denote this phenomenon as early 

coincidence. 

For the further analysis of the early coincidence, the wave patterns along the x-axis are 

presented in Fig. 5(b). At point A of the dispersion curve as shown in Fig. 5(a), where the early 

coincidence occurs, the patterns of the bending and acoustic waves match well. At this 

frequency, bending wave energy transfers well to the acoustic waves due to the matched 

wavelengths; thus, sound radiates efficiently [26,29]. Therefore, using the early coincidence, 

the sound radiation can be amplified compared to a bare plate under the same excitation and 

boundary conditions. Conversely, at point B, where the bending wavenumber (=54.2) is 3.4 

times higher than the acoustic wavenumber (=15.8), the wave patterns mismatch considerably. 

Here, the point B is chosen for the clear comparison purpose emphasizing the mismatch 

between acoustic and bending wavelengths. For this case, the enhancement of sound radiation 

from the efficient interaction between bending and acoustic waves is unattainable. 
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Fig. 5. Dispersion curves of the bending wave and acoustic wave (a), and wave patterns along 

the x-coordinate (b). 

 

3.3 Mode elimination using the band gap 

Here, we investigate how the BG structure eliminates the modes. For this investigation, the 

eigenfrequency spectra of the bare plate and the BG structure are analyzed. Fig. 6 displays the 

eigenfrequencies of the BG structures with three different boundary conditions (i.e., free, 

clamped, and simply-supported) together with the bare plate. In contrast to the bare plate, which 

has distributed eigenfrequencies throughout the entire frequencies, the BG structures have no 

eigenfrequencies in the BG range, 300 Hz – 549 Hz. Here, we denote this frequency band as a 

mode-free band. The mode-free band appears regardless of the boundary conditions since the 
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BG attenuate the bending wave exponentially before it reaches the boundaries. Therefore, the 

mode-free band can be considered as a property of BG structures, which controls resonances 

and vibration shapes. This attractive feature of the mode-free band has received attention in 

previous studies [23-29]. However, in this paper, we exploit the mode-free band to reduce peaks 

and achieve a spectrally smooth sound radiation, a feature which we believe has not been 

considered previously. 

 
Fig. 6. Eigenfrequency spectra of the band gap structures (a) and the dispersion curve (b). 

 

3.4 Vibro-acoustic responses of the band gap structure 

The sound radiation of the BG structure is investigated to analyze the effect of the mode- 

free band on the sound radiation. For this purpose, sound pressure levels (SPLs) at a point 1 m 

distant from the center of the BG structure (i.e., On-axis) are calculated using Eq. (13). The BG 

structure is excited by a surface force of 1 N/m2, and for the damping of the resonator, an 

isotropic loss factor of 0.02 is used. 

Fig. 7 displays the radiated SPLs of the bare plate and BG structure. In this figure, three 

features of the BG structure distinguish significantly from the bare plate. First, the SPL of the 

BG structure is smooth within the BG range, which corresponds to the mode-free band. On the 

contrary, the SPL of the bare plate fluctuates considerably due to well separated modes. Second, 

at the upper bound of the BG, the SPL peak appears. The peak appears at the early coincidence 

frequency. Third, at the lower bound of the BG, a dip appears. The dip occurs due to the 

significant reduction of vibrations, and usually, this feature has been exploited for noise 

attenuation [24,25,27]. However, for loudspeaker applications, the SPL needs to be amplified 

to achieve a flat spectrum. 
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Fig. 7. On-axis sound pressure level at 1 m distant from the band gap structure.  

 

To amplify the SPL at the lower bound of the BG, we use a strategy that creates a localized 

mode within the BG close to the dip frequency. The creation of the localized mode relies on 

confining vibrations around the excitation force by making a square sound radiation zone where 

resonators are removed [26]. The effect of the zone size is investigated by analyzing the 

eigenmodes of the BG structure with three different edge lengths of the zone being 50 mm, 100 

mm, and 125 mm. 

Fig. 8 displays the localized modes obtained from the eigenvalue analysis of the BG 

structure. The smallest zone with the edge length of 50 mm has a localized mode at 489 Hz 

with the piston-like mode shape, i.e. (1,1) mode. On the other hand, for the biggest zone with 

the edge length of 125 mm, the lowest localized mode appears at 305 Hz, which is close to the 

SPL dip. Moreover, higher order modes emerge at 437 Hz and 537 Hz with more complicated 

mode shapes. Using these localized modes, the amplification of the SPL dip is investigated. 

Fig. 9 displays the calculated SPLs of the BG structure with the designated sound radiation 

zone. As shown in the figure, the small zone with the edge length of 50 mm produces little 

amplified SPL due to the localized mode at 489 Hz, but a similar dip appears at the lower bound 

of the BG. On the other hand, for the larger zones with edge lengths of 100 mm and 125 mm, 

the dip disappears owing to the peaks associated with the localized modes at 347 Hz and 305 

Hz that are close to the dip frequency. Furthermore, for these cases, SPLs are amplified 
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considerably over the bare plate with the peaks in the BG range. Despite the peaks within the 

BG, the separated location of peaks still improves the flatness of the frequency response 

significantly in comparison with the bare plate. 

  
Fig. 8. Localized modes formed inside of the sound radiation zone of the band gap structure 

where the green squares represent the adjacent regions of the sound radiation zone. 

  
Fig. 9. Sound pressure level of the band gap structure with a square sound radiation zone.  
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One further benefit of the BG structure is a spatially uniform sound radiation, which is hard 

to achieve in ordinary structures due to complex mode shapes [26]. For the evaluation of the 

directivity of sound radiation, the DIs are calculated and displayed in Fig. 10(a). As shown in 

the figure, the bare plate has a strongly fluctuating DI, which illustrates the highly directional 

sound radiation. Conversely, the BG structures have smooth DIs close to zero within the BG, 

indicating the spatially uniform sound radiations in the hemispherical space. However, one dip 

of the DI appears at 440 Hz for the 125 mm sound radiation zone. This frequency corresponds 

to the (2,1) localized mode, in which the half-plane vibrates out of phase, as shown in Fig. 8. 

However, the 100 mm sound radiation zone has no such dip because the (2,1) mode is located 

close to the upper bound of the BG where the early coincidence occurs. 

To supplement the DI calculation in Fig. 10(a), the cross-sectional sound fields on the x-z 

plane are visualized. Fig. 10(b) illustrates the sound fields of the 100 mm sound radiation zone 

at three frequencies 320 Hz, 500 Hz, and 542 Hz, at which significant deviations of the DIs 

appear for the bare plate. As can be seen in the figure, the BG structure shows the uniform 

sound radiation at three frequencies, whereas the bare plate has the highly directional sound 

radiation. 
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Fig. 10. Directivity index for five cases (a), and sound fields radiated from the bare and the 

band gap structure (b). 

 

3.5 The required number of resonators for the band gap realization 

The number of resonators that constitutes the BG structure should be sufficient to create 

the BG within the frequency range of interest. For the realization of the BG structure with fully 

filled resonators, 192 resonators are used. However, this considerable number of resonators is 

impractical and not necessarily required to take advantage of the BG [24,27].  

For the determination of the sufficient number of resonators to realize the BG structure, the 

SPLs are calculated with a different number of resonators. Fig. 11 displays the SPL results of 
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the BG structure with a 100 mm sound radiation zone. In the figure, n denotes the depth of the 

resonator arrangement that bounds the sound radiation zone, and six values of n (= 1, 2, 3, 4, 

5, and 8 which is the maximum) are considered. It can be seen in the figure that as n increases, 

the SPLs converge to the case of the maximum n (= 8). However, for n > 3, the SPLs rarely 

vary within the target frequencies ranging from 300 Hz to 500 Hz. Hence, for this specific case, 

84(=10×10 - 4×4) resonators, which correspond to the case of n = 3 is seen to be sufficient to 

achieve the benefits of the BG structure. 

 
Fig. 11. Effect of number of resonators on the sound pressure level. 

 

4. Experimental results 

4.1 Resonator design and fabrication 

To experimentally validate the numerical results, the BG structure is made with a cantilever 

resonator illustrated in Fig. 12(a). The cantilever resonator is made of acrylic material with the 

elastic modulus E = 3.1 GPa, mass density ρ = 1165 kg/m3, Poisson’s ratio ν = 0.38. The tip 

mass of the resonator weighs 5.2 g, and is assumed rigid in the frequency range of interest. The 

dimensions of the resonator are determined to obtain the BG ranging from 308 Hz to 471 Hz, 

which is close to the target frequencies. Fig. 12(b) displays the dispersion curve and the BG of 

the unit cell, which is obtained by a three-dimensional (3D) FE simulation using COMSOL 

Multiphysics. Fig. 12(c) and (d) display the Bloch mode shapes at the lower and upper bounds 
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of the BG. The Bloch mode shapes where the cantilever resonances are dominant, demonstrate 

that the cantilever resonator opens the BG when it is arranged periodically. 

 
Fig. 12. The unit cell with the cantilever resonator (a), dispersion curve (b), and Bloch mode 

shapes at the lower bound (c) and upper bound (d) of the band gap. 

 

The cantilever resonators are fabricated using laser cutting of a transparent acrylic sheet of 

6 mm thickness, and the tip mass is made of a pair of a bolt and a nut, which weighs 5.2 g. The 

cantilever resonators are arranged on a 1 mm thick aluminum plate with a periodicity of 25 

mm, as displayed in Fig. 13. A square sound radiation zone with 100 mm edge length is made, 

and it is bounded by 84 resonators that are sufficient to create the BG. For the attachment of 

the resonator on the aluminum plate, silicon glue is used. An electrodynamic exciter (Dayton 

Audio Daex 13CT) is attached to the center of the sound radiation zone. All edges of the 

aluminum plate are clamped using the 30 mm thick wooden frame. 

For the evaluation of the deviation between the FE model and fabricated device, the 

resonance frequencies of cantilever resonators are measured for five different samples. With 



20 

 

the fixed boundary condition on the floor of the resonator, the 3D FE simulation results in the 

first and second resonance frequencies as 332 Hz and 587 Hz, respectively. These two 

resonance frequencies are compared with the measurement results in Table 1. As shown in the 

table, the measurement results agree well with the simulation with deviations (Dev.) smaller 

than 4 %. 

 
Fig. 13. Fabricated band gap structure and cantilever resonator. 

 

Table 1. Resonance frequencies measured for five different resonator samples. 

Sample # 1st resonance [Hz] 2nd resonance [Hz] 
1 323 560 
2 355 571 
3 334 565 
4 325 553 
5 349 584 
Avg. (Dev.) 337 (1.5 %) 566 (3.6 %) 

 

4.2 Vibration measurement 

Vibration measurements are carried out for analysis of the vibrational response of the 

fabricated BG structure. The vibrational velocity distribution on the BG structure is measured 

using the laser Doppler vibrometer (Polytec PSV-400) with pseudo-random signal ranging 

from 10 Hz to 10 kHz. The scanning resolution is 11 mm (i.e., 35×33 =1155 points), which is 

dense enough to capture the bending wavelength of 35 mm at 10 kHz. Fig. 14(a) describes the 

vibration measurement setup and Fig. 14(b) and (c) display the measured root mean squared 

(RMS) velocity fields averaged over the frequency ranging from 10 Hz to 10 kHz. In contrast 
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to the distributed vibrations on the entire bare plate, the BG structure displays the desired 

localized vibration pattern around the sound radiation zone. 

Fig. 15(a) displays the velocity transfer functions (Hs) averaged over all measurement 

points. At the frequencies lower than the BG, the two responses are similar in the way that the 

averaged vibrations fluctuate with many resonances. On the other hand, in the BG range, the 

velocity of the BG structure decreases and become smooth. The significantly reduced vibration 

level within the BG can be considered as evidence of the BG existence [23,24,27,28].  

Moreover, two clear peaks appear for the BG structure at 337 and 428 Hz. These two peaks 

correspond to the localized modes created in the sound radiation zone as predicted in the 

numerical simulations in Fig. 8. Fig. 15(b) presents the vibration patterns at six different 

frequencies, including the localized modes: 250, 284, 337, 398, 428, and 489 Hz. The figure 

shows the change of the vibration patterns for different frequencies and the vibration 

localization within the BG range. 

 
Fig. 14. Measurement setup (a) and RMS normal velocity fields of the bare plate (b), and 

band gap structure (c). 
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Fig. 15. Averaged velocity transfer function Hs (a), and the vibration pattern within the band 

gap ranges (b). 

 

4.3 Acoustic measurement 

An acoustic measurement is carried out in an anechoic chamber (60 m3, cutoff frequency 

of 100 Hz) to validate the radiated SPLs. A microphone (B&K Type 4192) is located at 1 m 

distance from the center of the BG structure. The BG structure is mounted on a base, which 

can rotate with an interval of 15 degrees in the azimuth angle θ. The input signal that excites 

the structure is a multi-tone ranging from 20 Hz to 20 kHz. Using the input electrical signal, v, 



23 

 

as the reference, the acoustic transfer function Hpv is calculated. Fig. 16 describes this acoustic 

measurement setup. 

 
Fig. 16. Acoustic measurement setup in the anechoic chamber. 

 

Fig. 17 displays the SPL of the bare plate and BG structure. The bare plate shows strongly 

fluctuating responses with many peaks and dips in the entire frequency range of interest. On 

the other hand, the BG structure shows much more smoothed responses because the modes are 

eliminated within the BG range. One peak appears at 337 Hz, which corresponds to the 

localized mode, as can be seen in Fig. 15. This peak amplifies the sound pressure by 14 dB at 

the frequencies close to the lower bound of the BG: 300 - 350 Hz. However, the effect of the 

other localized mode at 428 Hz is negligible since the exciter is placed near the nodal line. 

For the quantitative evaluation of the amplification and smoothing of the BG structure, the 

overall and standard deviation of the SPL are compared in Table 2. As shown in the table, the 

BG structure amplifies the overall SPL by 5.5 dB with the standard deviation reduced by 5.7 

dB, which shows the benefits of the BG structure for the sound radiation purpose. 



24 

 

  
Fig. 17. Acoustic response at the point 1 m distant from the center of the structures. 

 

Table 2. Comparison of SPL between the bare and the band gap structure in the target frequency 

range (300 Hz – 500 Hz). 

 Overall SPL [dB] Standard deviation [dB] 

Bare 81.6 9.6  

BG 87.1 3.9 

Improvement 5.5  5.7   

 

To analyze the directivity of the sound radiation, SPLs are measured at different azimuth 

angle. For the measurement, the azimuth angle variates from 0 degrees to 60 degrees with an 

increment of 15 degrees in order to capture directivity of the sound radiation. Fig. 18(a) and 

(b) display the measurement results of the bare plate and BG structure, respectively. The SPL 

from the bare plate varies up to 12 dB for different azimuth angles, which indicates the 

directional sound radiation. On the other hand, the BG structure has small variations of the SPL 

up to 2 dB from 0 degrees to 45 degrees, supporting the numerical predictions of improved 

sound radiation directivity, as shown in Fig. 10. The variation increases to 6 dB at 60 degrees, 

which may indicate a leakage of sound to the back of the plate due to the absence of an infinite 

baffle. 
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Fig. 18. Acoustic response of the bare (a) and band gap structure (b) at the points 1 m distant 

from the center of the structures with azimuth angle θ. 

 

5. Conclusion 

We present a novel technique, which eliminates modes of a thin plate structure using the 

BG in order to achieve a smooth frequency spectrum and spatially uniform sound radiation. 

Using numerical simulations, we verify that the BG structure has a mode-free band, resulting 
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in a smooth sound radiation. To amplify the radiated sound pressure, a square sound radiation 

zone without resonators, is created. The modified BG structure amplifies the sound pressure 

considerably while maintaining the smoothness in the designated frequency spectrum. 

Moreover, the BG structure shows a significantly improved directivity with DI values close to 

zero, demonstrating a spatially uniform sound radiation in the hemispherical space, which is 

difficult to achieve in a bare plate. 

An experimental validation of the acoustic radiation of the BG structure confirms that the 

BG structure amplified the overall SPL by 5.5 dB and reduced the standard deviation by 5.7 

dB in the frequency range from 300 Hz to 500 Hz. Furthermore, the BG structure shows smaller 

variations of the sound pressure for different azimuth angles. The suggested mode elimination 

technique using a BG structure can improve the sound radiation with more uniform and 

effective sound radiation in a designed frequency range. 
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