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A B S T R A C T

Rotor dynamic force coefficients of gas seals strongly depend on the machine operational con-
ditions. These force coefficients influence the overall dynamical response and modal properties
of machines, consequently defining the machine vibration levels. Accurate estimations of the
rotor dynamic coefficients are required for designing machines with low vibration amplifications
and well-defined stability margins throughout the operational range. Experimental methods
applied to test benches are used to validate such force coefficients and they normally rely
on (i) the quality of the measurements and (ii) the assumption that the mathematical model
is able to capture the whole system dynamics. If relevant dynamical contributions in a system
are neglected by the mathematical model, the contribution will erroneously be concluded to
originate from the seal being tested. The theoretical and experimental investigation in this
paper focuses on quantifying and qualifying the effect of neglected system dynamics modelling
on the estimation of seals force coefficients and stability margins. The in-situ identification of
seal forces shows that the direct stiffness, cross-coupling stiffness, and direct damping coefficient
estimations for a gas seal with high preswirl are statistically significantly affected by the baseline
model. Nevertheless, the baseline model leads to small deviations of the seal force coefficient
estimations. The prediction accuracy of stability margins is found to be more influenced by the
baseline model describing the system dynamics than by the deviations between the seal force
coefficient estimations.

. Introduction

Due to small clearances between the stator and rotor within gas seals used for rotating machinery, the gas pressure in the
eal contributes with considerable rotor dynamic forces and rotor vibrations can increase drastically for specific operational
onditions [1]. Benckert and Wachter [2] concluded that sudden changes of rotor vibrations may occur due to unstable modal
roperties of the rotor system from operational changes in a seal. Case studies on destabilizing rotor dynamic effects including
seal were investigated and solved through machine design changes [3]. Accurate estimations of rotor dynamic coefficients for
achine components are needed to design machines such that instability problems can be avoided. The methods used for accurately

stimating the rotor dynamic coefficients of seals require special apparatuses, comprehensive testing, and careful studies. Tiwari
t al. [4] presented a review of experimental work compared to theoretical models carried out before 2005. It includes a careful
escription of different seal geometries. Examples of test facilities able to accommodate required excitations and measurements are
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presented in [5–13]. Iino and Kaneko [5] presented a test facility able to estimate seal force coefficients from excitations in the
rotor induced by displacements in one bearing. A test rig able to change the rotor position within a seal through a pivot mechanism
was introduced in [6]. A test bench carrying active magnetic bearings as exciters for the rotor was tested in [7], while a test bench
using an electromagnetic shaker attached to a rolling element bearing on the rotor was used as the excitation mechanism in [8].
Childs et al. [9] used a carrier at the midpoint of a rotor to change the position of the seal relative to the rotor, while Robinson
et al. [10] presented a shaft with an overhung seal able to move relative to the shaft. Darden et al. [11] tested a set-up which
excited a seal in lateral directions without introducing rotations of the seal housing. The similarity between the aforementioned test
facilities is the ability to measure relative displacements between a stator and a shaft in a seal along with input forces on the shaft
or stator. The acceleration signals and inertial properties of the stator are also included in the cases where the stator is excited.
The signals and properties are used to transform the forces acting on the stator to the forces acting on the rotor. From the signals,
impedances are estimated and used to establish relations for the stiffness, mass, and damping properties of seals depending on the
operational conditions. The impedances of a baseline system without the seal are estimated and compared against the impedances of
the system with the seal to identify rotor dynamic coefficients of the seal. Unexpected behaviour of the structure supporting the seal
can occur, which will influence the change of the estimated impedance relations. Since the behaviour is unexpected and normally
unknown, it will be assumed that the seal causes the system change which will result in inaccurate estimations of the stiffness, mass,
and damping properties for the seal. Another method proposed for identifying the seal force coefficients is tested in [12]. A test rig
equipped with active magnetic bearings was used for testing a model parameter estimation procedure. The procedure used a residual
signal between simulated and measured responses to identify the force coefficients. Similarly, Brown and Ismail [13] presented a
method for seal force coefficient estimations based on solving the assumed equations of motion with the model parameters where
as dependencies instead of the states describing the movement of the system. This method will also result in inaccurate estimations
of the seal force coefficients if unexpected dynamical contributions are present in the residual signal.

Still today, the seal force coefficients are often estimated by calculating the impedances. The focus on identification of seal force
oefficients has shifted towards finding a relation depending on the medium in the seal. A Jeffcott rotor was tested in [14]. The
otor was equipped with a smooth annular gas seal located in the middle of the shaft. The impedances were extracted from the test
acility using an active magnetic bearing as a shaker. A curve-fit was used to identify the stiffness, damping, and mass properties
or the seal. The test bench was also used in [15] to identify force coefficients of a gas leaf seal; however, it was assumed for the
eaf seal that the mass properties of the gas were negligible which resulted in frequency-dependent stiffness for the seal. A test
pparatus also able to accommodate different seal geometries was used to test labyrinth seals in [16]. It was found that the real
alues of the obtained impedances did not fit well with the assumption of frequency-independent stiffness parameters for a liquid
olume fraction of 8%. The same test facility was used in [17] for testing a smooth seal with different liquid volume fractions.
he assumption of frequency-independent stiffness parameters estimated from the impedances was also dropped in this analysis.
three-wave annular seal was tested in [18] for different gas volume fractions. It was concluded that the assumption of added
ass properties for the impedance relations was valid for a liquid in the three-wave annular seal. However, the added mass was
eglected for the three-wave annular seal if the seal contains a bubbly flow. The validity of the assumption of frequency-independent
tiffness and damping estimations has been found to depend on both the type of seal and medium. Unexpected residual dynamical
ontributions become increasingly important to avoid inaccurate estimations of seal force coefficients for the whole frequency range
f it is assumed that the coefficients are frequency-dependent.

In this work, a test facility is influenced by smooth annular gas seals with high preswirl. It is assumed that the seal force
oefficients to be estimated are frequency-independent in line with the analysis carried out in [14]. The facility is equipped with
rotor supported by active magnetic bearings and connected to a drive system through a flexible coupling. All components are
ounted on a foundation that behaves flexibly in the frequency range of interest. Experimental rotor responses are used to identify
odel parameters under three assembling conditions for the system components. The identification procedure is developed based

n three baseline models obtained under different assumptions, namely: (i) including the whole dynamics of flexible rotor and
oundation, active magnetic bearings, mechanical flexible coupling, and seals; (ii) assuming that the dynamics of the flexible
oundation are negligible; (iii) assuming that the dynamics of the mechanical coupling are of minor importance. The parameter
stimations are obtained using a least square optimization algorithm based on minimizing the error between model response and
xperimental data. The main theoretical and experimental contribution of the paper is to demonstrate the importance of the dynamics
f the foundation and some mechanical components, here represented by the mechanical coupling, on the identification of seal
arameters. Normally, the dynamics of flexible foundations are neglected when building baseline models for the identification of
eal characteristics. The work statistically quantifies the influence of neglected dynamics in a baseline model of an experimental
et-up that is used to characterize direct and cross-coupling force coefficients for gas seals with a high preswirl. The estimations of
he seal force coefficients are used to estimate expected stability margins for the rotor-foundation system. It is tested what influence
he characterized coefficients and baseline model have on the estimation of the stability margin for a rotor-foundation system.

. Test facility

Seal force coefficients are estimated for a smooth annular seal with high inlet swirl using a test facility that consists of a motor, a
rive-shaft, and a main shaft connected to the drive-shaft through a flexible coupling. The main shaft is supported by a pair of active
agnetic bearings and influenced by two seals in a back-to-back configuration placed at the centre of the shaft. The components

f the test facility are mounted on a flexible foundation. In Fig. 1(a), the test rig is illustrated with an outline of its components. A
ross-sectional view of the test facility is presented in Fig. 1(c). The cross-sectional view includes a description of the nodes used for
nteractions between the foundation and the shaft in a numerical model. The seals are pictured in Fig. 1(d) while a cross-sectional
2

iew of the inlet cavity is presented in Fig. 1(e). The main ideas of the test rig are presented in [19].



Mechanical Systems and Signal Processing 186 (2023) 109885T.T. Paulsen et al.
Fig. 1. Picture of the test facility with outline of included components (a). Presentation of the mesh used to describe the flexible foundation dynamics (b).
Highlight of rotor finite element model including interaction nodes on cross-sectional view of test facility (c). Picture of seal surfaces, inlet cavity, sensors, and
inlet nozzles (d). Cross-sectional view of inlet cavity (e).
3
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Table 1
Natural frequencies of the first six flexible mode shapes related to the foundation without supports and damping.

1 2 3 4 5 6

𝜔𝑛 [Hz] 37.2 69.7 100 103 170 181

3. Mathematical modelling

A global mathematical model is formulated to simulate the response of the test facility. The global model consists of several
ubsystems that describe the dynamics of (a) a rotor, (b) a foundation, (c) a pair of radial magnetic bearings, (d) feedback control
oops, and (e) digital filters. These five subsystems are interconnected and affected by additional machine elements. The considered
achine elements are (f) machine feet, (g) a mechanical flexible coupling, and (h) the back-to-back seals.
(a) The rotor behaves flexibly within the frequency range of the excitations from the active magnetic bearings. Therefore, the

otor is represented using Bernoulli–Euler beam theory resulting in four degrees of freedom at each node. The overall thickness ratio
f the rotor is 𝐷𝑎𝑣𝑔∕𝐿𝑟𝑜𝑡 = 0.0942m∕0.85m = 0.110 with the total length 𝐿𝑟𝑜𝑡 and weighted average diameter 𝐷𝑎𝑣𝑔 . It is assumed

that the contribution from shear deformations is negligible in the rotor. A convergence study showed that the eigenfrequency of the
first bending mode shape was converged and well estimated for the rotor using 20 elements of equal length. The rotor model used
is slightly modified and highlighted in Fig. 1(c) on top of the cross-sectional view of the test facility. The dynamics of the shaft are
described through the relation presented in Eq. (1) when it is rotating with an angular velocity 𝜔. The mass 𝐌𝑟, the damping 𝐃𝑟, the
gyroscopic 𝐆𝑟, and the stiffness 𝐊𝑟 matrices are included in the relation. The damping matrix is calculated assuming proportional
damping described from the parameters 𝛼𝑟 and 𝛽𝑟. An investigation of the damping suggests the use of 𝛼𝑟 = 0 Hz and 𝛽𝑟 = 0.6954 μs
for the first flexible mode shape of the shaft. The participation of the higher order rotor mode shapes in the system response is
negligible and therefore not considered. The movements are described through positions 𝐱𝑟, velocities �̇�𝑟, and accelerations �̈�𝑟 of
he rotor degrees of freedom when these change from the operational point. The rotor degrees of freedom are influenced by the
xternal forces described from 𝐟𝑒𝑥𝑡, 𝑟.

𝐌𝑟�̈�𝑟 +
(

𝐃𝑟 − 𝜔𝐆𝑟
)

�̇�𝑟 +𝐊𝑟𝐱𝑟 = 𝐟𝑒𝑥𝑡, 𝑟, 𝐃𝑟 = 𝛼𝑟𝐌𝑟 + 𝛽𝑟𝐊𝑟 (1)

(b) The foundation shows flexible behaviour in the frequency region of interest. The foundation supports the active magnetic
earings, the seals, the drive-shaft, and the motor. In [20], a finite element model using 3-dimensional elements is shown to be
uperior to that of Kirchhoff and Mindlin–Reissner plate elements when estimating the dynamical impact of a similar foundation.
n [21], a 3-dimensional foundation model is connected to a rotor model and used in a control design. Therefore, the software ANSYS
orkbench is used to build and extract a numerical model for the foundation and housings of the active magnetic bearings and the

eals. In ANSYS Workbench, the 3-dimensional elements are created using tetrahedrons with a quadratic shape function. The included
umber of elements has been determined from a convergence study of the foundation model and the converged mesh is presented
n Fig. 1(b). The numerical model is extracted to MATLAB and reduced through the Craig–Bampton reduction algorithm using the
egrees of freedom suitable for future connections as boundary conditions. The foundation dynamics are described from Eq. (2)
ith the inclusion of proportional damping determined from the parameters 𝛼𝑓 and 𝛽𝑓 . The extracted and reduced matrices are the
ass 𝐌𝑓 and stiffness 𝐊𝑓 matrices. The movements are described through the positions 𝐱𝑓 , velocities �̇�𝑓 , and accelerations �̈�𝑓 of

he degrees of freedom of the foundation. External forces that affect the foundation are described using 𝐟𝑒𝑥𝑡, 𝑓 .

𝐌𝑓 �̈�𝑓 +
(

𝛼𝑓𝐌𝑓 + 𝛽𝑓𝐊𝑓
)

�̇�𝑓 +𝐊𝑓 𝐱𝑓 = 𝐟𝑒𝑥𝑡, 𝑓 (2)

The converged mesh is used to estimate the six lowest natural frequencies 𝜔𝑛 of the flexible mode shapes under the assumptions
hat the foundation is not supported and there is no damping in the structure. The estimated natural frequencies are presented in
able 1.
(c) The active magnetic bearings are modelled in time 𝑡 using the Ampere–Maxwell law:

𝑈 (𝑡) = 𝑅𝑖(𝑡) +
𝜇0𝑁2𝐴

2
𝑑
𝑑𝑡

(

𝑖(𝑡)
𝑥(𝑡)

)

(3)

Here, 𝑈 (𝑡) is the voltage supplied across one coil of the active magnetic bearings, 𝑅 is the resistance in a coil, 𝑖(𝑡) is the current
n the coil, 𝜇0 is the permeability in the vacuum, 𝑁 is the number of turns in one coil, 𝐴 is the working area of the electromagnet,
nd 𝑥(𝑡) is the air gap between the rotor and stator at the active magnetic bearing pole. Assuming small deviations 𝛥 from an
perational point 0, the current, rate of change for the current, and the velocity are estimated as 𝑖(𝑡) = 𝑖0 + 𝑖𝛥(𝑡), �̇�(𝑡) = �̇�0 + �̇�𝛥(𝑡), and

�̇�(𝑡) = cos
(

𝜃𝑝
)

�̇�0+cos
(

𝜃𝑝
)

�̇�𝛥(𝑡), respectively. The expression in Eq. (3) is linearized through a definition of constant coefficients. The
inearized expression and coefficients are presented in Eq. (4).

𝑈𝑙𝑖𝑛(𝑡) = 𝑅𝑖𝛥(𝑡) + 𝐿�̇�𝛥(𝑡) +𝐾𝑢�̇�𝛥(𝑡), where
𝑅 = 𝑙𝑐

𝜌𝑐𝐴𝑐
, 𝐿 = 𝜇0𝐴𝑁2

2𝑥0
, 𝐾𝑢 = 𝜇0𝐴𝑁2 𝑖0

2𝑥20
cos

(

𝜃𝑝
) (4)

The inductance 𝐿 and back electromotive force coefficient 𝐾𝑢 are assumed to remain constant close to the operational point.
ue to the inclination of the electromagnet, the half-angle between the pole legs 𝜃𝑝 is included for the velocity estimations. The
4

esistance is calculated using the length of the wire in the coil 𝑙𝑐 , the resistivity 𝜌𝑐 , and the cross-sectional area of the coil 𝐴𝑐 .
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The reaction forces 𝐹 (𝑡) are described between two pole pairs of the 8-pole heteropolar bearing geometry and the rotor from the
non-linear relation in Eq. (5).

𝐹 (𝑡) =
𝜇0𝐴𝑁2

4

(

𝑖1(𝑡)2

𝑥1(𝑡)2
−

𝑖2(𝑡)2

𝑥2(𝑡)2

)

cos
(

𝜃𝑝
)

(5)

Assuming small deviations 𝛥 from an operational point 0, the current and the clearance are estimated for two opposing
electromagnets as 𝑖1(𝑡) = 𝑖0 + 𝑖𝛥(𝑡), 𝑥1(𝑡) = 𝑥0 +𝑥𝛥(𝑡), 𝑖2(𝑡) = 𝑖0 − 𝑖𝛥(𝑡), and 𝑥2(𝑡) = 𝑥0 −𝑥𝛥(𝑡), respectively. The estimations result in the
on-linear function in Eq. (5) being approximated by a linear relation of the force. The linear approximation 𝐹𝑙𝑖𝑛(𝑡) and the current
ctuation 𝐾𝑖 and magnetic stiffness 𝐾𝑥 coefficients are presented in Eq. (6).

𝐹𝑙𝑖𝑛(𝑡) = 𝐾𝑖𝑖𝛥(𝑡) −𝐾𝑥𝑥𝛥(𝑡), where

𝐾𝑖 = 𝜇0𝐴𝑁2 𝑖0
𝑥20

cos
(

𝜃𝑝
)

, 𝐾𝑥 = −𝜇0𝐴𝑁2 𝑖20
𝑥30

cos
(

𝜃𝑝
) (6)

(d) The control laws implemented in the power amplifier and used for position control have been thoroughly studied to obtain
good correlation between a numerical model and the signals in the test facility. The calculations used to generate the control signal

n the power amplifier have been transformed into a transfer function 𝐺𝑃𝐼𝐷,𝐴𝑀𝑃 (𝑠) using the Laplace parameter 𝑠. In Eq. (7), the
educed transfer function is presented. The effective proportional 𝐾𝑝, 𝐴𝑀𝑃 , integral 𝐾𝑖𝑛, 𝐴𝑀𝑃 , damping 𝐾𝑑, 𝐴𝑀𝑃 , and filter 𝐾𝑓,𝐴𝑀𝑃
ctions are calculated by the relationships in Eq. (8).

𝐺𝑃𝐼𝐷,𝐴𝑀𝑃 (𝑠) = 𝐾𝑝, 𝐴𝑀𝑃 +𝐾𝑖𝑛, 𝐴𝑀𝑃 +
2𝐾𝑖𝑛, 𝐴𝑀𝑃

𝑇𝑠, 𝐴𝑀𝑃 𝑠
+

𝐾𝑓,𝐴𝑀𝑃𝐾𝑑, 𝐴𝑀𝑃 𝑠
𝐾𝑓,𝐴𝑀𝑃 𝑠 +𝐾𝑓,𝐴𝑀𝑃𝑁𝐴𝑀𝑃

(7)

𝐾𝑝, 𝐴𝑀𝑃 = 𝑃𝐴𝑀𝑃 𝐾𝑖𝑛, 𝐴𝑀𝑃 =
𝐼𝐴𝑀𝑃 𝑇𝑠, 𝐴𝑀𝑃

2
𝐾𝑑, 𝐴𝑀𝑃 =

2𝐷𝐴𝑀𝑃𝑁𝐴𝑀𝑃
2 +𝑁𝐴𝑀𝑃 𝑇𝑠, 𝐴𝑀𝑃

𝐾𝑓,𝐴𝑀𝑃 =
2 −𝑁𝐴𝑀𝑃 𝑇𝑠, 𝐴𝑀𝑃

2 +𝑁𝐴𝑀𝑃 𝑇𝑠, 𝐴𝑀𝑃
(8)

The continuous time proportional 𝑃𝐴𝑀𝑃 , integral 𝐼𝐴𝑀𝑃 , and damping 𝐷𝐴𝑀𝑃 actions are provided along with a filter coefficient
𝐴𝑀𝑃 and the sampling time 𝑇𝑠, 𝐴𝑀𝑃 for the controller. Hardware from dSpace is used to control the test facility. The hardware is

oded through a compilation file from MATLAB Simulink. Here, the integration is based on the Forward-Euler method to compensate
or the discrete time-delay in the signal sampling process. The discrete version of the input–output relation is extracted from the
oftware MATLAB Simulink and converted to continuous time before it is implemented in the global mathematical model. The
ontinuous transfer function 𝐺𝑃𝐼𝐷,𝑃 𝑜𝑠(𝑠) that is obtained from the Simulink diagram is presented in Eq. (9).

𝐺𝑃𝐼𝐷, 𝑃 𝑜𝑠(𝑠) =
2.099 ⋅ 105𝑠2 + 5.518 ⋅ 107𝑠 + 2.755 ⋅ 108

𝑠2 + 3241𝑠
(9)

(e) The digital filters implemented in the test facility are added as the transfer function for the sensors to the mathematical
model. Here, a 2nd order Butterworth- and a Notch-filter have been used for the position control. The discrete version of the filters
has been compared to continuous versions in the frequency domain from 0 Hz to 400 Hz. The resulting continuous time transfer
function 𝐺𝐵𝑢𝑡, 𝑃 𝑜𝑠(𝑠) describing the 2nd order Butterworth-filter is presented in Eq. (10). The Butterworth-filter is calculated from the
MATLAB fdesign routine resulting in the natural frequency 𝜔𝑛 = 1023 [Hz] and damping factor 𝜁 = 0.7071 [−].

𝐺𝐵𝑢𝑡, 𝑃 𝑜𝑠(𝑠) =
4.134 ⋅ 107

𝑠2 + 9093𝑠 + 4.134 ⋅ 107
(10)

The Notch-filter is implemented in the global mathematical model using the analytic expression for a second order Notch-filter
as presented in Eq. (11). The transfer function 𝐺𝑁𝑜𝑡, 𝑃 𝑜𝑠(𝑠) is calculated using the frequency to be eliminated 𝜔𝑐 and the quality
factor 𝑄.

𝐺𝑁𝑜𝑡, 𝑃 𝑜𝑠(𝑠) =
𝑠2 + 𝜔𝑐

𝑠2 + 𝜔𝑐
𝑄 𝑠 + 𝜔𝑐

(11)

The current-sensors are coded with an oversampling method to reduce noise influence when the sensors are used in the amplifier
to regulate the provided potential. The effect of the oversampling has not been accounted for when the system is modelled.

(f) Six machine feet are supporting the foundation. The six machine feet are assumed to affect the foundation with the
external force 𝐟𝑓𝑒 through stiffness 𝐊𝑓𝑒 and damping 𝐃𝑓𝑒 matrices. The matrices are assumed constant for small deviations from
the equilibrium displacement created by the total weight of the foundation and components. The stiffness 𝑘𝑓𝑒 and damping 𝑑𝑓𝑒
re assumed to affect the orthogonal directions 𝑋, 𝑌 , and 𝑍 with a possibility of a different value for each direction as described
n Eq. (12). The angular interactions are neglected due to the assumption that the reaction between the machine feet and foundation
s localized in a point.

𝐟𝑓𝑒 =
⎡

⎢

⎢

⎣

𝑓𝑓𝑒,𝑋
𝑓𝑓𝑒, 𝑌
𝑓𝑓𝑒,𝑍

⎤

⎥

⎥

⎦

= −𝐊𝑓𝑒

⎡

⎢

⎢

⎣

𝑋
𝑌
𝑍

⎤

⎥

⎥

⎦

− 𝐃𝑓𝑒

⎡

⎢

⎢

⎣

�̇�
�̇�
�̇�

⎤

⎥

⎥

⎦

= −
⎡

⎢

⎢

⎣

𝑘𝑓𝑒,𝑋 0 0
0 𝑘𝑓𝑒, 𝑌 0
0 0 𝑘𝑓𝑒,𝑍

⎤

⎥

⎥

⎦

⎡

⎢

⎢

⎣

𝑋
𝑌
𝑍

⎤

⎥

⎥

⎦

−
⎡

⎢

⎢

⎣

𝑑𝑓𝑒,𝑋 0 0
0 𝑑𝑓𝑒, 𝑌 0
0 0 𝑑𝑓𝑒,𝑍

⎤

⎥

⎥

⎦

⎡

⎢

⎢

⎣

�̇�
�̇�
�̇�

⎤

⎥

⎥

⎦

(12)

(g) The mechanical flexible coupling connection is assumed to apply symmetrical lateral stiffness 𝑘𝑐 and damping 𝑑𝑐 in the
orthogonal directions 𝑉 and 𝑊 . The resulting connection force 𝐟𝑐 is described through stiffness 𝐊𝑐 and damping 𝐃𝑐 matrices as
written in Eq. (13).

𝐟𝑐 =
[

𝑓𝑐, 𝑉
]

= −𝐊𝑐

[

𝑉
]

− 𝐃𝑐

[

�̇�
]

= −
[

𝑘𝑐 0
] [

𝑉
]

−
[

𝑑𝑐 0
] [

�̇�
]

(13)
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𝑓𝑐,𝑊 𝑊 �̇� 0 𝑘𝑐 𝑊 0 𝑑𝑐 �̇�
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Fig. 2. Presentation of the degrees of freedom extracted and coordinate transformations required for connecting the rotor and the foundation models.

(h) The seals are assumed to affect the lateral rotor movements in their centre points that are marked with cyan points in
Fig. 1(b) through stiffness 𝑘𝑠 and damping 𝑑𝑠 in the direct 𝑑 and cross-coupling 𝑐𝑐 directions. This results in the seal forces 𝐟𝑠
escribed by stiffness 𝐊𝑠 and damping 𝐃𝑠 matrices in Eq. (14).

𝐟𝑠 =
[

𝑓𝑠, 𝑉
𝑓𝑠,𝑊

]

= −𝐊𝑠

[

𝑉
𝑊

]

− 𝐃𝑠

[

�̇�
�̇�

]

= −
[

𝑘𝑠, 𝑑 𝑘𝑠, 𝑐𝑐
−𝑘𝑠, 𝑐𝑐 𝑘𝑠, 𝑑

] [

𝑉
𝑊

]

−
[

𝑑𝑠, 𝑑 𝑑𝑠, 𝑐𝑐
−𝑑𝑠, 𝑐𝑐 𝑑𝑠, 𝑑

] [

�̇�
�̇�

]

(14)

.1. Rotor and foundation interface

The coordinate-system for the rotor is rotated around the 𝑋-direction for the foundation with an angle of 𝜃 = 45 ◦. Fig. 2
llustrates three situations for the coordinate transformation. Only lateral movements of the rotor are considered, therefore, just the
wo coordinates 𝑌 and 𝑍 are considered for the foundation movements in the interface. The components are assumed to affect the
tructures in a plane when they are used to connect the rotor and the foundation. Only a rotation is required for the coordinate
ystem 𝑟𝐓𝑓, 1 if the connecting components are aligned with the rotational axis of the rotor as shown in Eq. (15). This is the case
or the mechanical coupling.

The sensors are placed on the horizontal and vertical axis of the coordinate system related to the foundation described by the
and 𝑍 axis respectively. Therefore, two points 𝑠1 and 𝑠2 are extracted for describing the relative movement between the rotor

nd foundation. However, only one degree of freedom is extracted for each point. The curvature of the rotor is thereby neglected
hile the position is measured. This results in a similar transformation 𝑟𝐓𝑓, 1 as for a point on the axis of rotation, also presented

n Eq. (15).
[

𝑉
𝑊

]

= 𝑟𝐓𝑓, 1

[

𝑌
𝑍

]

=
[

cos 𝜃 sin 𝜃
− sin 𝜃 cos 𝜃

] [

𝑌
𝑍

]

=
[

cos 𝜃 sin 𝜃
− sin 𝜃 cos 𝜃

] [

𝑌𝑠1
𝑍𝑠2

]

,
(

𝑟𝐓𝑓, 1
)T = 𝑓, 1𝐓𝑟 (15)

Two foundation points are also used to describe the rotor and foundation connections for machine components if an interaction
oint for the foundation is not located at the axis of rotation for the rotor. This is the case for the active magnetic bearings and the
eals. In this case, two points are extracted closest to the rotor in its coordinate system described by the 𝑉 and 𝑊 axis. The reaction
orces described in the rotor coordinate system 𝑉 and 𝑊 are projected into the coordinates (𝑌1, 𝑍1) and (𝑌2, 𝑍2), respectively. The

resulting transformation 𝑟𝐓𝑓, 2 is as described in Eq. (16).

𝑟𝑇𝑓, 2 ∶
[

𝑉
𝑊

]

= 𝑟𝐓𝑓, 2

[

𝑌
𝑍

]

=
[

cos 𝜃 sin 𝜃 0 0
0 0 − sin 𝜃 cos 𝜃

]

⎡

⎢

⎢

⎢

⎢

⎣

𝑌1
𝑍1
𝑌2
𝑍2

⎤

⎥

⎥

⎥

⎥

⎦

,
(

𝑟𝐓𝑓, 2
)T = 𝑓, 2𝐓𝑟 (16)
6
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Table 2
Values of parameters used for initial estimations of the coefficients for the active magnetic bearing, controller, and filter along with initial estimated values for
the foundation damping, flexible coupling, machine feet, and seal coefficients.

Active magnetic bearings Controller and filter Coupling and seals Foundation and feet

𝑥0 0.5 [mm] 𝑃𝐴𝑀𝑃 10
[

V
A

]

𝑘𝑐 10
[

kN
m

]

𝛼𝑏 5
[

1
s

]

𝑖0 6 [A] 𝐼𝐴𝑀𝑃 5
[

V
A

]

𝑑𝑐 100
[

N s
m

]

𝛽𝑏 25 [𝜇s]

𝐴 3200
[

mm2] 𝐷𝐴𝑀𝑃 0
[

V
A

]

𝑘𝑠, 𝑑 −50
[

kN
m bar

]

𝑃𝑖𝑛 + 1
[

N
m

]

𝑘𝑓,𝑋&𝑌 5
[

MN
m

]

𝑁 72 [-] 𝑁𝐴𝑀𝑃 100 [-] 𝑘𝑠, 𝑐𝑐 900
[

kN
m bar

]

𝑃𝑖𝑛 + 1
[

N
m

]

𝑘𝑓,𝑍 17
[

MN
m

]

𝜃𝑝 22.5 [◦] 𝑇𝑠, 𝐴𝑀𝑃 50 [μs] 𝑑𝑠, 𝑑 300
[

N s
m bar

]

𝑃𝑖𝑛 + 1
[

N s
m

]

𝑑𝑓,𝑋&𝑌 5
[

kN s
m

]

𝑙𝑐 18.49 [m] 𝜔𝑐 565 [Hz] 𝑑𝑠, 𝑐𝑐 30
[

N s
m bar

]

𝑃𝑖𝑛 + 1
[

N s
m

]

𝑑𝑓,𝑍 8
[

kN s
m

]

𝐴𝑐 6.16
[

mm2] 𝑄 3 [-]

3.2. Global mathematical model

The global mathematical model is assembled by connecting the aforementioned subsystems. The subsystems are formulated as
tate-space models extracting the relevant input–output relations for establishing the connections. Fig. 3 illustrates the input–output
onnections between the subsystems. At the bottom of Fig. 3, the control law implemented for positioning the rotor is providing an
mplifier with a control current signal. The amplifier is then controlling the current in the coil which through the active magnetic
earing is generating an attractive force between the foundation and the rotor. The relative movements between the foundation
nd the rotor then introduce reaction forces in the machine elements connecting the rotor and the foundation. The machine feet
re only reacting to movements in the foundation. The connections presented in Fig. 3 are used to build the mathematical model
i). In Fig. 3, comments in red are used to illustrate changes to assumptions for numerical models (ii) and (iii). The changes result
n neglecting specific numerical elements in the models. In Table 2, values are listed that estimate the active magnetic bearing
oefficients, controller, and filter subsystems. Initial estimated values are also introduced in Table 2 for the coefficients of the
achine elements and the foundation.

. Experimental investigations

The initial model parameter estimations are optimized through three experimental set-ups: (I) The rotor at standstill levitated
y the active magnetic bearings with the coupling detached and without any inlet pressure for the seal housing. The drive system
nd the active magnetic bearing and seal housings are mounted on the foundation. (II) The mechanical coupling is attached to the
rive system. (III) Different seal inlet pressures are applied while the seal outlet pressure is kept at 0 bar gauge pressure. In the
ollowing, all mentioned pressures are referring to gauge pressure. An experimental set contains 10 responses produced by pseudo-
andom binary signals and three frequency response function estimations in the range from 3 Hz to 100 Hz. An experimental set
s conducted for each operational condition. The pseudo-random binary signal is generated by the MATLAB function prbs and the
requency response function estimate is produced using six cycles of a chirp signal starting at 0 Hz and ending at 110 Hz.

. System identification

A system identification minimizes the error between numerical simulations and experimental responses to obtain estimations
f parameters which have not been validated. The parameters which have not yet been validated are the proportional damping
arameters for the foundation and the force coefficients for the active magnetic bearings, machine feet, mechanical coupling, and
as seals. The parameters are required to be better estimated than the initial estimations in Table 2 for the numerical models to
ccurately represent the system behaviour. The system identification is conducted in time and frequency domains using one dataset
f the pseudo-random binary response and the mean of the frequency response function estimations. The error between the built
nd experimental frequency response functions is weighted with regard to the maximum value of the response functions. The errors
re minimized by adjusting the parameter estimations using the MATLAB lsqnonlin routine. The identification procedure is tested 10
imes to statistically evaluate the consistency of the parameter estimations. The mean value of the statistically evaluated estimations
s chosen as the parameter estimation used in the global mathematical model. The parameter estimations are tested using three
odels under different assembling assumptions: (i) all five subsystem dynamics and machine element contributions are important

nd significantly influence the experimental lateral responses of the rotor; (ii) the influence of the flexible foundation dynamics on
he lateral responses of the rotor can be neglected; (iii) the influence of the mechanical coupling on the lateral responses of the
otor can be neglected while the influence from the flexible foundation dynamics cannot. The goal of comparing the three models
s to test their influence on both the estimation of the seal force coefficients and the prediction of vibration characteristics of the
ystem when different simplifying assumptions are used. The most detailed model (i) does require some modelling of the foundation
or the rotor-foundation system that is time-consuming as well as resulting in higher computational time for predictions of system
7

esponses. Model (ii), only considering the rotor, is the simplest and cheapest model while model (iii) presents changes to the results,
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Fig. 3. Simplified schematic of subsystem connections used to generate the global mathematical model. The connections used in model (i) are presented and
changes made for both models (ii) and (iii) are highlighted in red.

should the influence from a coupling or another machine element be neglected. The parameters included in each set of the global

mathematical model are presented in Eq. (17).

(i) ∶ 𝐺𝑅𝑜, 𝐹𝑜, 𝐶𝑜 ∋
{

𝐿𝐹𝑜, 𝐾𝑢, 𝐹 𝑜, 𝐾𝑖, 𝐹 𝑜, 𝐾𝑥, 𝐹𝑜, 𝑘𝑐, 𝐹 𝑜, 𝑑𝑐, 𝐹 𝑜, 𝛼𝑓 , 𝛽𝑓 , 𝑘𝑓𝑒, 𝑑𝑓𝑒
}

(ii) ∶ 𝐺𝑅𝑜, 𝐶𝑜 ∋
{

𝐿𝑅𝑜, 𝐾𝑢, 𝑅𝑜, 𝐾𝑖, 𝑅𝑜, 𝐾𝑥,𝑅𝑜, 𝑘𝑐, 𝑅𝑜, 𝑑𝑐, 𝑅𝑜
}

{ }

(17)
8

(iii) ∶ 𝐺𝑅𝑜, 𝐹𝑜 ∋ 𝐿𝐹𝑜, 𝐾𝑢, 𝐹 𝑜, 𝐾𝑖, 𝐹 𝑜, 𝐾𝑥, 𝐹𝑜, 𝛼𝑓 , 𝛽𝑓 , 𝑘𝑓𝑒, 𝑑𝑓𝑒
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In models (i) and (iii), the experimental set-up (I) is used to estimate the parameters of the active magnetic bearings
𝐿𝐹𝑜, 𝐾𝑢, 𝐹 𝑜, 𝐾𝑖, 𝐹 𝑜, 𝐾𝑥, 𝐹𝑜), the foundation (𝛼𝑓 , 𝛽𝑓 ), and the machine feet (𝑘𝑓𝑒, 𝑑𝑓𝑒). Experimental set-up (I) is also used to update

the active magnetic bearing parameters (𝐿𝑅𝑜, 𝐾𝑢, 𝑅𝑜, 𝐾𝑖, 𝑅𝑜, 𝐾𝑥,𝑅𝑜) in model (ii). From experimental set-up (II), parameter estimations
are conducted for the coupling coefficients in models (i) (𝑘𝑐, 𝐹 𝑜, 𝑑𝑐, 𝐹 𝑜) and (ii) (𝑘𝑐, 𝑅𝑜, 𝑑𝑐, 𝑅𝑜). The numerical models (i), (ii), and (iii)
re referred to as baseline models when the parameter estimations obtained from experimental set-ups (I) and (II) are used in the
odels. The baseline models are used to obtain parameter estimations of the seal coefficients for different seal inlet pressures tested

n the experimental set-up (III).

. Results of parameter estimations, vibration characteristics, and stability margins

The results consist of outcomes from the optimization of the baseline models (i), (ii), and (iii) 6.1, the seal force rotor dynamic
oefficients 6.2, a prediction of vibration characteristics 6.3, and predictions of stability margin for the system 6.4.

.1. Parameter optimization of baseline models (i), (ii), and (iii)

An initial update of uncertain parameters included in the three baseline numerical models (i), (ii), and (iii) is carried out to
ake sure the baseline models describe the rotor-foundation system dynamics well before the seal force coefficients are sought for.

ig. 4 illustrates the variations and mean values for all parameters that are included in the three baseline numerical models, (i),
ii), and (iii) presented in Eq. (17). The parameters of the two active magnetic bearings A and B are assumed to be different from
ach other and in each orthogonal direction 𝑉 and 𝑊 . The parameters of the six machine feet 1 through 6 are also assumed to be
ifferent from each other and in each orthogonal direction 𝑋, 𝑌 , and 𝑍. The parameters 𝐿𝐹𝑜 and 𝐿𝑅𝑜 are highlighted in blue, the
arameters 𝐾𝑢, 𝐹 𝑜 and 𝐾𝑢, 𝑅𝑜 are highlighted in yellow, and the parameters 𝛼𝑓 , 𝛽𝑓 , 𝑘𝑓𝑒, and 𝑑𝑓𝑒 are highlighted in green. From Fig. 4,
generally lower spread can be seen for the estimations of the parameters 𝐿𝑅𝑜 and 𝐾𝑢, 𝑅𝑜, highlighted in the grey zone, compared

o 𝐿𝐹𝑜 and 𝐾𝑢, 𝐹 𝑜, highlighted in the red zone. It is also recognized that the variances are generally high for the foundation and
achine feet parameters 𝛼𝑓 , 𝛽𝑓 , 𝑘𝑓𝑒, and 𝑑𝑓𝑒 in models (i) and (iii). A high variation of a parameter included in an optimization

cheme indicates that the obtained value for the parameter is non-physical and provides a bad estimate as a result. The standard
eviations of the estimations are scaled by the achieved mean value to find a comparable standard deviation. Table 3 presents
hree columns with comparable standard deviations 𝜎𝑠𝑐𝑎𝑙𝑒∕𝜇𝑠𝑐𝑎𝑙𝑒 and scaled mean values 𝜇𝑠𝑐𝑎𝑙𝑒 of the parameters 𝐿𝐹𝑜, 𝐾𝑢, 𝐹 𝑜, 𝐿𝑅𝑜,
nd 𝐾𝑢, 𝑅𝑜 along with some parameters of the foundation and machine feet. The parameters of the foundation and machine feet
re selected based on the four lowest and four highest comparable standard deviations. The comparable standard deviations of the
ctive magnetic bearing coefficients 𝐿𝐹𝑜 and 𝐾𝑢, 𝐹 𝑜 range from 0.0088 to 0.089 while the range for the coefficients 𝐿𝑅𝑜 and 𝐾𝑢, 𝑅𝑜
s 0.0068 to 0.025. The comparable deviations are sufficiently small for the parameters 𝐿𝐹𝑜, 𝐾𝑢, 𝐹 𝑜, 𝐿𝑅𝑜, and 𝐾𝑢, 𝑅𝑜 meaning that
ood estimations have been obtained. The comparable deviations of the estimations range from 0.17 to 1.60 for the parameters
escribing the foundation and machine feet. The comparable deviations are that high for many of the foundation and machine
eet parameters that the estimations cannot be argued as good representations of the physical parameters. On the other hand, the
chieved foundation and machine feet parameter estimations are able to indicate the effects on seal force coefficient estimations
hen dynamical contributions are neglected. High variations can be caused by (a) a low sensitivity in the output response from

he specific parameter or (b) covariance between optimization parameters. In case (a), the low sensitivity will mean that for each
ime the system identification is conducted, a substantially different estimation of that parameter can appear. If this is the case,
he resulting parameter estimation will carry a high variation. In case (b), the error which is increased by a change of the first
arameter can be reduced by changing the second parameter that has a high covariance with the first. If a high covariance between
wo parameters exists, the system identification can provide substantially different estimations for both these parameters when the
dentification is carried out multiple times if the algorithm does not take the covariance into account [22]. If an optimization scheme
as difficulties accounting for covariances between the optimization parameters, it means that covariant parameters will be visible
n the resulting optimization parameters. In Eqs. (18), (19), and (20), the calculation of selected covariances for the active magnetic
earing coefficient estimations both including and neglecting the foundation dynamics and covariance of the foundation and machine
eet parameter estimations is presented. Comparing the highest covariances for the active magnetic bearing coefficient estimations
ith the highest covariance of the foundation and machine feet parameter estimations, one can conclude that the covariance is

ubstantially higher for the foundation parameters than for the active magnetic bearing coefficients, confirming case (b).

𝜎2𝐾𝑢, 𝑅𝑜, 𝐴, 𝑉 , 𝐾𝑢, 𝑅𝑜, 𝐵, 𝑉
=

(

𝐾𝑢, 𝑅𝑜, 𝐴, 𝑉 − 𝜇
(

𝐾𝑢, 𝑅𝑜, 𝐴, 𝑉
)

𝜇
(

𝐾𝑢, 𝑅𝑜, 𝐴, 𝑉
)

)(

𝐾𝑢, 𝑅𝑜, 𝐵, 𝑉 − 𝜇
(

𝐾𝑢, 𝑅𝑜, 𝐵, 𝑉
)

𝜇
(

𝐾𝑢, 𝑅𝑜, 𝐵, 𝑉
)

)T/

(10 − 1) = 3.4 ⋅ 10−4 (18)

𝜎2𝐾𝑢, 𝐹 𝑜, 𝐴, 𝑉 , 𝐾𝑢, 𝐹 𝑜, 𝐴,𝑊
=

(

𝐾𝑢, 𝐹 𝑜, 𝐴, 𝑉 − 𝜇
(

𝐾𝑢, 𝐹 𝑜, 𝐴, 𝑉
)

𝜇
(

𝐾𝑢, 𝐹 𝑜, 𝐴, 𝑉
)

)(

𝐾𝑢, 𝐹 𝑜, 𝐴,𝑊 − 𝜇
(

𝐾𝑢, 𝐹 𝑜, 𝐴,𝑊
)

𝜇
(

𝐾𝑢, 𝐹 𝑜, 𝐴,𝑊
)

)T/

(10 − 1) = 4.3 ⋅ 10−3 (19)

𝜎2𝑘𝑓𝑒,𝑍3 , 𝑘𝑓𝑒,𝑍4
=

(

𝑘𝑓𝑒,𝑍3 − 𝜇
(

𝑘𝑓𝑒,𝑍3
)

𝜇
(

𝑘𝑓𝑒,𝑍3
)

)(

𝑘𝑓𝑒,𝑍4 − 𝜇
(

𝑘𝑓𝑒,𝑍4
)

𝜇
(

𝑘𝑓𝑒,𝑍4
)

)T/

(10 − 1) = 1.22 (20)

The parameters included in baseline models (i), (ii), and (iii) are concluded to sufficiently describe the rotor-foundation system
ynamics. However, high covariances between the foundation and machine feet parameters have resulted in coefficients that might
ot describe the actual physical parameters.
9



Mechanical Systems and Signal Processing 186 (2023) 109885T.T. Paulsen et al.

w

(

Fig. 4. Comparison of scales and variations for initial parameter estimations for the numerical baseline models (i), (ii), and (iii) depending on assumptions of
hich dynamical contributions are relevant.

Table 3
Comparable standard deviations 𝜎𝑠𝑐𝑎𝑙𝑒∕𝜇𝑠𝑐𝑎𝑙𝑒 and scaled mean values 𝜇𝑠𝑐𝑎𝑙𝑒 are presented for the estimations of the parameters
𝐿𝐹𝑜, 𝐾𝑢, 𝐹 𝑜, 𝐿𝑅𝑜, 𝐾𝑢, 𝑅𝑜, and eight foundation and machine feet parameters. The eight parameters selected are parameters with
the four lowest and four highest comparable standard deviations, respectively.

𝜇𝑠𝑐𝑎𝑙𝑒 [-] 𝜎𝑠𝑐𝑎𝑙𝑒
𝜇𝑠𝑐𝑎𝑙𝑒

[-] 𝜇𝑠𝑐𝑎𝑙𝑒 [-] 𝜎𝑠𝑐𝑎𝑙𝑒
𝜇𝑠𝑐𝑎𝑙𝑒

[-] 𝜇𝑠𝑐𝑎𝑙𝑒 [-] 𝜎𝑠𝑐𝑎𝑙𝑒
𝜇𝑠𝑐𝑎𝑙𝑒

[-]

𝐿𝐹𝑜, 𝐴, 𝑉 1.10 0.043 𝐿𝑅𝑜,𝐴, 𝑉 1.03 0.011 𝑘𝑓𝑒,𝑍5 0.99 0.17
𝐿𝐹𝑜, 𝐴,𝑊 1.09 0.034 𝐿𝑅𝑜,𝐴,𝑊 1.04 0.0068 𝑘𝑓𝑒, 𝑌 5 1.22 0.24
𝐿𝐹𝑜, 𝐵, 𝑉 1.16 0.0092 𝐿𝑅𝑜,𝐵, 𝑉 1.22 0.0088 𝑘𝑓𝑒, 𝑌 6 1.29 0.26
𝐿𝐹𝑜, 𝐵,𝑊 1.12 0.0088 𝐿𝑅𝑜,𝐵,𝑊 1.14 0.0069 𝑘𝑓𝑒,𝑍6 0.96 0.29
𝐾𝑢, 𝐹 𝑜, 𝐴, 𝑉 0.84 0.089 𝐾𝑢, 𝑅𝑜, 𝐴, 𝑉 0.84 0.025 𝑘𝑓𝑒,𝑋4 1.22 1.19
𝐾𝑢, 𝐹 𝑜, 𝐴,𝑊 0.85 0.058 𝐾𝑢, 𝑅𝑜, 𝐴,𝑊 0.86 0.013 𝑑𝑓𝑒,𝑍1 1.53 1.27
𝐾𝑢, 𝐹 𝑜, 𝐵, 𝑉 0.98 0.031 𝐾𝑢, 𝑅𝑜, 𝐵, 𝑉 1.14 0.017 𝑘𝑓𝑒,𝑍3 1.81 1.36
𝐾𝑢, 𝐹 𝑜, 𝐵,𝑊 0.94 0.021 𝐾𝑢, 𝑅𝑜, 𝐵,𝑊 1.06 0.016 𝑘𝑓𝑒,𝑍2 1.38 1.60

Table 4
Seal force coefficient sample mean �̄� and standard error 𝑠𝑥 for a seal inlet pressure of 2 bar including the t-scores 𝑡(i)&(ii) and p-values 𝑝(i)&(ii) between models
i) and (ii) and the t-scores 𝑡(i)&(iii) and p-values 𝑝(i)&(iii) between models (i) and (iii).

𝑃𝑖𝑛 = 2 [bar] Model (i) Model (ii) Model (iii)

�̄� 𝑠𝑥 �̄� 𝑠𝑥 �̄� 𝑠𝑥 𝑡(i)&(ii) 𝑝(i)&(ii) 𝑡(i)&(iii) 𝑝(i)&(iii)

𝑘𝑠, 𝑑
[

kN
m

]

−110 1.56 −100 3.31 −85.6 2.19 −1.52 0.08 −8.09 2 10−5

𝑘𝑠, 𝑐𝑐
[

MN
m

]

1.85 0.000845 1.92 0.000834 1.85 0.000826 −57.53 3 10−20 0.372 0.64

𝑑𝑠, 𝑑
[

N s
m

]

658 3.35 770 3.87 653 3.08 −21.89 2 10−12 1.01 0.84

𝑑𝑠, 𝑐𝑐
[

N s
m

]

60.3 8.27 110 20.8 99.8 13.4 −2.21 0.02 −2.51 0.01
10



Mechanical Systems and Signal Processing 186 (2023) 109885T.T. Paulsen et al.

f

p
a
t

a
o
n
M

o

Table 5
Mean of normalized flow measurements �̄�𝑀𝑒𝑎𝑠 for air in four inlet hoses converted to mean of flow speed in inlet nozzles �̄�𝐸𝑠𝑡,𝐼𝑛 disregarding pressure and
riction losses.
𝑃𝑖𝑛 [bar] 0 0.25 0.5 0.75 1 1.25 1.5 1.75 2

�̄�𝑀𝑒𝑎𝑠

[

m3

s

]

1.72 10−4 4 10−3 5.74 10−3 7.59 10−3 8.89 10−3 0.0107 0.0116 0.0128 0.0153

�̄�𝐸𝑠𝑡,𝐼𝑛

[

m
s

]

8.8 200 290 390 450 540 590 650 780

6.2. Estimation of seal force coefficients

The three baseline numerical models (i), (ii), and (iii) are used to estimate the rotor dynamic seal force coefficients that are
resent in the plain annular gas seal with high preswirl. Each baseline model is built with different simplifying assumptions which
re expected to change the resulting estimate of the seal force coefficients. The changes of the estimations are investigated in
he following. The seal force coefficient estimations are presented in Fig. 5 for the tested inlet pressures. The direct stiffness 𝑘𝑠, 𝑑 ,

cross-coupling stiffness 𝑘𝑠, 𝑐𝑐 , and direct damping 𝑑𝑠, 𝑑 parameter estimations show low variations with visible tendencies. Welch’s
t-test is used to determine if differences between the parameter estimations are statistically significant. The scores are presented in
Table 4 for t-tests between models (i) and (ii) and models (i) and (iii) when the seal is operating with an inlet pressure of 2 bar.
From Table 4, the p-values of the cross-coupling stiffness and the direct damping seal coefficients indicate that the estimation of
the coefficients is statistically significantly lower when using model (i) compared to the estimation of the coefficients when using
model (ii) with a 1% significance. Here, the Bonferroni correction is used ‘‘experiment-wise’’ as 12 hypothesis are tested on nine
experiments with t-test statistics [23]. This is the case for all tested seal inlet pressures above 0 bar with the exception of 0.5 bar
for the direct damping. Indicated by both Fig. 5 and Table 4, model (iii) provides similar estimations of the cross-coupling stiffness
and the direct damping parameter compared to model (i). The difference between the estimated cross-coupling stiffness parameter
ranges from 3.7% to 3.8% for models (i) and (ii) while the difference ranges from 3.5% to 3.9% for models (iii) and (ii) for seal
inlet pressures ranging from 0.25 bar to 2 bar. The difference between the estimated direct damping parameter ranges from 16.0%
to 24.5% for models (i) and (ii) for seal inlet pressures ranging from 0.25 bar to 2 bar excluding 0.5 bar while the difference ranges
from 15.5% to 18.7% for models (iii) and (ii) for seal inlet pressures ranging from 0.75 bar to 2 bar. Also, the direct stiffness is
found in Welch’s t-test for seal inlet pressures from 0.25 bar to 2 bar to be differently estimated with a 1% significance using the
Bonferroni correction between models (i) and (iii). The estimations differ in the range from 106% to 20.2% as the seal inlet pressure
increases from 0.25 bar to 2 bar. The decreasing relative difference indicates that a constant offset is present in the estimation. The
difference between the values of the estimations range from 21.7 kN

m to 26.9 kN
m . Model (i) has an additional contribution in the

direct stiffness from the coupling of 45.5 kN
m . Since the seal force coefficients are assumed to be equal in the two seals, the total

difference between models (i) and (iii) of the direct stiffness for the two seals is in the range of the stiffness estimated to be provided
by the mechanical coupling in both models (i) and (ii). However, the stiffness from the coupling is acting at the end of the shaft
while the stiffness from the seals is acting around the centre of the shaft. Therefore, it is not expected that the difference between
the estimated direct stiffness of the seals for models (i) and (iii) is equal to the stiffness estimated in the mechanical coupling. Since
the estimated stiffness in the seals differs with the estimated stiffness of the mechanical coupling, a similar tendency could then
be expected for the direct damping parameter estimation. However, the estimation of the direct damping of the coupling is in the
order of 10 N s

m for both models (i) and (ii) which proves to be insignificant compared to variations in the estimation. It is observed
that the direct stiffness of the seal is estimated to be negative. Arghir et al. [24] numerically quantify a destabilizing force in case
of a choked flow in the outlet section of a seal for a rotor. Mean values of normalized flow measurements are presented in Table 5
for different measured inlet pressures and converted to velocity estimations in the inlet nozzles. Four flowmeters are placed in the
hoses that lead the gas flow to the tested seal through the inlet nozzles that have a diameter of 5 mm resulting in a cross-sectional
area of 19.6 10−6 m2. The measurements indicate for a pressure difference of 0.25 bar across the inlet and outlet of the seal that the
mean flow velocity is approximately 200 m

s in the inlet nozzles disregarding pressure and friction losses. Velocity estimations are
bove Mach 1 from the measured normalized flows for seal inlet pressures above 0.75 bar and a seal outlet pressure of 0 bar based
n the surface area in the inlet nozzles when all losses are neglected. It is not expected that the actual flow velocity in the inlet
ozzles is above Mach 1. However, since the velocity of the flow is estimated to be very high at the inlet, it might accelerate to
ach 1 inside the seal, become choked in the outlet section and, thereby, generate a negative direct stiffness estimation.

Fig. 5 also presents a 1st order polynomial fit for the seal force coefficients estimated in model (i). Eq. (21) describes the relations
f the approximations as a function of the seal inlet pressure. The coefficient of determination 𝑅2 is included for the approximations.

The coefficients of determination indicate that the relations describe the parameter estimations for the direct stiffness, cross-coupling
stiffness, and direct damping satisfactorily while the relation for the cross-coupling damping coefficient 𝑑𝑠,𝑐𝑐 only describes the
estimations slightly better than the mean value of the estimations. However, the parameter estimations of the cross-coupling damping
are observed to carry a generally higher uncertainty given the large variations. Therefore, all the relations are accepted to provide
an estimation of the seal coefficients in the mathematical model when the model is used to provide an estimate of the stability
region for the system.

�̂�𝑠, 𝑑 ∶ −49.4
[

kN
m bar

]

𝑃𝑖𝑛 − 3.41
[

kN
m

]

𝑅2 = 0.988, �̂�𝑠, 𝑐𝑐 ∶ 924
[

kN
m bar

]

𝑃𝑖𝑛 − 30.1
[

kN
m

]

𝑅2 = 0.999

𝑑 ∶ 329
[

N s
]

𝑃 + 6.38
[

N s
]

𝑅2 = 0.996, 𝑑 ∶ 27.8
[

N s
]

𝑃 + 9.84
[

N s
]

𝑅2 = 0.578
(21)
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Fig. 5. Results of seal force coefficient estimations versus seal inlet pressure presented with mean value and 2 standard deviations 𝜎.

Fig. 6 presents built frequency response functions from the system identification for baseline models (i), (ii), and (iii) compared
o estimated frequency response functions from experimental set-ups (III) with seal inlet pressures varying from 0 bar to 2 bar in
ncrements of 0.25 bar. The frequency response functions illustrate the vertical displacement of the rotor at the sensor locations

and B when both active magnetic bearings A and B are equally disturbed by a perturbation current. Changes are visible for the
otor lateral displacement amplitude and phase relations. Rotor lateral displacements increase in the frequency region approximately
rom 25 Hz to 70 Hz while the displacements reduce in the frequency region approximately from 3 Hz to 25 Hz as the seal inlet
ressure increases. The increase indicates for rotor lateral displacements in certain frequency ranges that modal parameters have
heir associated damping ratios reduced for mode shapes in these frequency ranges due to the action of destabilizing seal force
oefficients.

In Fig. 7, some frequency response functions are extracted from Fig. 6 for further analysis. The frequency response functions
resent rotor displacement relations at the sensor A location under influence of seal inlet pressures of 0 bar, 1 bar, and 2 bar. For a
eal inlet pressure of 0 bar, numerical models (i) and (iii) present similar tendencies and no clear differences between the predicted
requency response functions. This indicates that the coupling does not contribute to a considerable system change in this test.
ontributions from the foundation dynamics result in changes of the amplification and phase for models (i) and (iii) compared to
odel (ii). However, it is acknowledged that the damping of the foundation seems to be slightly overestimated since the changes in

he phase are not as clear for the model predictions as for the experimental results. A change is visible for rotor lateral displacements
n the frequency region from 35 Hz to 40 Hz as the seal inlet pressure increases. However, the built frequency response functions
o not capture this change well using models (i) and (iii). On the other hand, a peak in the frequency range from 25 Hz to 30 Hz
ncreases which is captured using numerical models (i) and (iii). This indicates that the coupled mode shape describing the rotor and
oundation movements in the frequency region from 35 Hz to 40 Hz does not experience the effects of the seal force coefficients
hile the coupled mode shape describing the rotor and foundation movements in the frequency region from 25 Hz to 30 Hz is

mpacted by a change to the seal force coefficients in models (i) and (iii). The obtained seal force coefficient estimations indicate
hat foundation movements decrease the cross-coupling stiffness and direct damping parameter estimations in the order of 4% and
0% respectively. Fig. 7 illustrates differences between the built and the estimated frequency response functions that increase in
he frequency region from 25 Hz to 40 Hz as the seal inlet pressure increases. The increased difference is indicated to stem from
oupled rotor and foundation mode shapes in the numerical models that are not affected by the seal force coefficients in the same
anner as in the experiments. It is argued that the damping of the foundation is lower in the experimental set-up than estimated

n the mathematical model. If the damping in the foundation is estimated to be lower, the foundation movements will increase,
hich could make mode shapes more influenced by changes to the seal force coefficient estimations. Thereby, the differences

ould reduce between the built and the estimated frequency response functions and provide further differences to the seal force
oefficient estimations. For seals with a surface or using a media that will require frequency dependent seal parameter estimations,
he differences between the built and the estimated frequency response functions are relevant. If seal coefficients are assumed to be
requency dependent, the differences will be included in the seal coefficient estimations. Thereby, the seal coefficient estimations
12

re affected by compensating for differences in the frequency regions dominated by coupled rotor and foundation movements.
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Fig. 6. Frequency response function estimations from experimental sets (III) with coupling attached to main rotor and seal inlet pressures from 0 bar to 2 bar
in 0.25 bar increments against numerical models (i), (ii), and (iii). The legend in the figure presents larger intervals. The response functions are describing the
vertical displacement amplification in sensors A and B from a vertical force in active magnetic bearings A and B obtained through a disturbance in the control
current.

Fig. 7. Frequency response function estimations for experimental sets with coupling attached to main rotor and seal inlet pressures of 0 bar, 1 bar, and 2 bar
against numerical models (i), (ii), and (iii). The frequency response functions are describing the vertical displacement amplification at the sensor A location from
a vertical disturbance force in active magnetic bearings A and B obtained through a disturbance in the control current.
13
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Fig. 8. Changes to modal parameter estimations in numerical models (i), (ii), and (iii) with damped eigenfrequencies 𝜔𝑑 greater than 0 Hz and less than 100 Hz.
he modal parameters are sorted ascending with regard to the damped eigenfrequency for the case where the seal inlet pressure is 2 bar. The evolution of the
odal parameter 𝜆𝑟𝑜𝑡, 2 is encircled for all models.

The estimation of rotor dynamic seal force coefficients with the three baseline numerical models show that the assumptions are
tatistically significantly altering the resulting estimate of the seal force coefficients. The parameter estimations are found in all
aseline models to provide a satisfactory description of the experimental responses. A 1st order polynomial fit of the rotor dynamic
eal force coefficients depending on the seal inlet pressure is extracted to interpolate and extrapolate the seal force coefficients.

.3. Presentation of vibration characteristics

The estimated seal force coefficients are used to investigate the prediction of the vibration characteristics for each baseline
umerical model. Fig. 8 illustrates changes to modal parameters 𝜆 = 𝜆𝑟 ± 𝑖𝜆𝑖 describing the damped eigenfrequencies 𝜔𝑑 = |𝜆𝑖|

and damping ratios 𝜁 = −𝜆𝑟∕|𝜆| based on the obtained seal force coefficient estimations in baseline models (i), (ii), and (iii). The
numerical models include states for multiple domains namely, rotor, foundation, current, control, and filter states. Therefore, also the
modal parameters describe the response characteristics for the different domains. Modal parameters with damped eigenfrequencies
greater than 0 Hz and less than 100 Hz are extracted from the models. The modal parameters are sorted in the case where the
seal inlet pressure is 2 bar such that the modal parameter with the lowest damped eigenfrequency is denoted the first while the
modal parameter with the highest damped eigenfrequency is denoted the last. Changes to the modal parameters are tracked using
the extended modal assurance criterion from [25] as the seal inlet pressure reduces. In Fig. 8, modal parameters that for a seal inlet
pressure of 0 bar are over-damped start to appear when the seal inlet pressure is increased to 0.25 bar. For all models, the first
two modal parameters are dominated by the electrical circuit characterized by a low damped eigenfrequency and a high damping
ratio while the remaining modal parameters are dominated by the rotor movements. Comparing models (i) and (iii) to model (ii),
changes present in model (ii) to four modal parameters are also described by models (i) and (iii). The modal parameters subjected to
similar changes in models (i), (ii), and (iii) belong to mode shapes primarily consisting of rotor movements. One of the four modal
parameters is highlighted by a yellow ellipse in each model. Attention is drawn to this modal parameter since it defines the estimated
stability region for all models. For models (i) and (iii), more modal parameters are visible in the frequency range from 10 Hz to
90 Hz compared to model (ii). Analyses of the mode shapes representing the combined rotor and foundation movements indicate
that the rotor movements are in the same scale as the foundation movements for the additional modal parameters in models (i)
and (iii). The modal parameters that describe rotor and foundation movements in the same scale are observed to have low damping
ratios and subjected to small changes compared to the modal parameters describing primarily rotor movements. Previously, it was
argued that changes seem to be underestimated for modal parameters related to mode shapes with rotor and foundation movements
in the same scale for models (i) and (iii). The small change of the damping ratios can be explained by the fact that mode shapes
with similar amplitudes for rotor and foundation movements experience a much smaller influence from the seal force coefficients.

The four modal parameters that describe the mode shapes primarily consisting of rotor movements are listed in Table 6 for a seal
inlet pressure of 2 bar as 𝜆 through 𝜆 . All models provide similar estimations of both damped eigenfrequencies and damping
14
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Table 6
Estimations of modal parameters describing mode shapes primarily consisting of rotor movements for models (i), (ii), and (iii).
𝑃𝑖𝑛 = 2 [bar] Model (i) Model (ii) Model (iii)

𝜔𝑑 [Hz] 𝜁 [%] 𝜔𝑑 [Hz] 𝜁 [%] 𝜔𝑑 [Hz] 𝜁 [%]

𝜆𝑟𝑜𝑡, 1 1.21 59.8 1.21 59.6 1.21 59.6
𝜆𝑟𝑜𝑡, 2 33.0 46.9 30.7 46.8 33.0 47.0
𝜆𝑟𝑜𝑡, 3 52.9 62.4 55.1 64.3 53.0 62.3
𝜆𝑟𝑜𝑡, 4 84.2 48.8 84.0 51.6 84.0 49.0

Fig. 9. Visualization of the mode shape for modal parameters 𝜆𝑟𝑜𝑡, 1 through 𝜆𝑟𝑜𝑡, 4 in model (ii) with a seal inlet pressure of 2 bar. The vibration amplitude is
scaled such that the largest amplitude is approximately 0.25 m. The vibration period is divided into five time steps to present the direction of the vibration
indicated by colour changes and arrows.

ratios for the four mode shapes. For all models, the modal parameters describing the second mode shape 𝜆𝑟𝑜𝑡, 2 show lowest damping
in the case of a seal inlet pressure of 2 bar. In Fig. 8, these are the modal parameters highlighted by the yellow ellipses. In all the
mathematical models, this modal parameter defines the stability region when the development of the modal parameters is evaluated
using 1st order polynomial relations for the estimated seal force coefficients.

Mode shapes dominated by the rotor motions are highlighted in Figs. 9 and 10. The mode shapes visualize a full vibration cycle
in five time steps indicated by a colour change. In Fig. 9, the mode shapes that describe the rotor movements are visualized for
modal parameters 𝜆𝑟𝑜𝑡, 1 through 𝜆𝑟𝑜𝑡, 4. The mode shapes and their corresponding damped eigenfrequencies and damping ratios are
estimated from numerical model (ii) when the seal inlet pressure is 2 bar. It is expected that mode shapes dominated by relative
movements between the shaft and the seals will be influenced by the seal inlet pressure. Numerical model (ii) assumes that the
seals are stationary. Therefore, it is expected that modal parameters will be affected by changes to the seal inlet pressure when the
associated mode shapes consist of large rotor displacements in the seals. This is the case for the mode shapes visualized in Fig. 9.

The coupled mode shapes of rotor and foundation movements are visualized in Fig. 10 with corresponding damped eigenfrequen-
cies and damping ratios when the seal inlet pressure is 2 bar from numerical model (i). The mode shapes belong to modal parameters
𝜆 through 𝜆 . Given that the rotor movements are dominant in the presented mode shapes, these will be scaled the same way
15
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Fig. 10. Simplified visualization of the mode shape for modal parameters 𝜆𝑟𝑜𝑡, 1 through 𝜆𝑟𝑜𝑡, 4 in model (i) with a seal inlet pressure of 2 bar. The vibration
amplitude is scaled such that the largest amplitude is approximately 0.25 m. The vibration period is divided into five time steps to present the direction of
the vibration indicated by colour changes and arrows. The rotor element is extracted from the active magnetic bearing and seal housings. The vibration of the
shaft is presented relative to the extracted element while the vibration of the foundation is shifted 1 m downwards along the 𝑍-axis. Only the top layer of the
foundation and centrelines of the modules included in the initial foundation outline are presented in the vibration visualization.

as presented in Fig. 9. Therefore, any movement of the foundation will indicate a change of the relative displacement between the
shaft and the seal surface. It is observed that the mode shapes have similar rotor movements compared to model (ii) while the
foundation movements are small. However, the foundation movements at the seal location do affect the influence from the seal
force coefficients. The affect is indicated by the reduced seal force coefficient estimations of the cross-coupling stiffness and direct
damping parameters for models (i) and (iii) compared to model (ii). It is expected that mode shapes dominated by relative movement
between the shaft and the seals will be influenced by the seal inlet pressure. Therefore, it is expected that modal parameters will be
affected by changes to the seal inlet pressure for mode shapes like those visualized in Fig. 10. Mode shapes estimated in numerical
model (iii) are similar to the mode shapes illustrated for numerical model (i). Therefore, these are not presented.

The comparison of the prediction of vibration characteristics between baseline models (i), (ii), and (iii) finds that the overall
tendency of changes to the modal parameters is equivalently described. It is presented that mode shapes primarily influenced by rotor
movements have minor changes to the relative movement between the rotor and the seal when the flexible foundation movements
are included, explaining the reason for the similar changes between all baseline models.
16
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Fig. 11. Fast Fourier transformations of measured displacement signals when the system is under influence of different seal inlet pressure conditions and inherent
noise. The development of modal parameter 𝜆𝑟𝑜𝑡,2 is included with expected stability limit from 1st order polynomial relations for describing the estimated seal
force coefficients. Labels in the figure refer to which axis the value of the signal should be read from.

6.4. Estimation of stability margins

The 1st order polynomial relations for the seal force coefficients are used to estimate the transition from stable to unstable
operating conditions for the rotor-foundation system. Fig. 11 presents fast Fourier transformations of measured position signals at
sensors A and B locations when the test set-up is influenced by the seal inlet pressure and inherent noise sources. The magnitude
of the displacement measurements are indicated on the left hand side 𝑍-axis. The fast Fourier transformations of the sensor
displacement signals can be split into three signal types. The first signal type is in the region from 0 bar to 3 bar of inlet pressure.
Here, the damping ratios are sufficiently high for the coupled rotor and foundation movements to reduce vibration amplitudes. When
the seal inlet pressure crosses approximately 3 bar, a second signal type is obtained where rotor movements appear in a frequency
region between 40 Hz to 50 Hz. A third signal type appears when the seal inlet pressure is even further increased. A point of
operation that is different from 0 μm is reached which is indicated by a stationary deflection in the fast Fourier transformations of
the measured displacements. Fig. 11 also visualizes the estimated development of the damped eigenfrequency and damping ratio
for modal parameter 𝜆𝑟𝑜𝑡, 2 in numerical model (i). The estimated damping ratio is indicated on the right hand side 𝑍-axis while
the estimated damped eigenfrequency is presented using the 𝑋-axis coincident with the frequency regions used in the fast Fourier
transformations. The estimated development is derived using the 1st order polynomial relations for the seal force coefficients as a
function of the seal inlet pressure. The polynomial relations are used to estimate the seal inlet pressure at which the damping ratio
crosses 0% and estimate the natural eigenfrequency for the marginally stable modal parameter.

In Fig. 12, the visualized seal inlet pressure region is reduced to range from 3.7 bar to 4 bar to better illustrate the effects when
the fast Fourier transformations changes from signal type two to signal type three. Some peaks in the fast Fourier transformations are
marked by either a red or black circle. The black circles mark the displacement signals with a change in the point of operation. The
red circles mark measured instances just before the change of the point of operation. Some displacement signals without a stationary
offset are observed at higher seal inlet pressures than for some of the displacement signals that do have a stationary offset in the
displacement measurements. During the experiments, it is observed that the seal inlet pressure is slightly reduced when the stationary
offset is reached. Three tests are carried out to test the consistency of the pressure region in which the transition from signal type two
to three is experienced. For all tests, it is observed that the signal experiences rotor orbit amplitudes of approximately 100 μm at a
frequency of approximately 50 Hz before the point of operation changes. In Table 7, the pressure where the transition changes from
the operational point around 0 μm to another point is estimated as the mean value of the tests with rotor orbits of approximately
100 μm amplitudes. The natural frequency is estimated from a mean value of the frequency at which the rotor orbits are largest
for these signals. Numerical models (i), (ii), and (iii) are also used to predict the point estimated to have a damping factor of 0%.
Table 7 presents both the estimated pressure and associated natural frequency including the difference from the defined transition
pressure and natural frequency found in the experimental studies. A comparison of the experimental studies and numerical models
finds that all models are able to predict the seal inlet pressure at which the transition to another operational point is experienced
17
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Fig. 12. Fast Fourier transformations of measured displacement signals when the system is under influence of different seal inlet pressure conditions and inherent
noise. The development of modal parameter 𝜆𝑟𝑜𝑡,2 is included with expected stability limit from 1st order polynomial relations for describing the estimated seal
force coefficients. Results are highlighted for seal inlet pressures from 3.7 bar to 4 bar. The red circles mark experimental signals just before the transition from
signal type two to type three. The black circles mark experimental signals of type three. Labels in the figure refer to which axis the value of the signal should
be read from.

Table 7
Unstable pressure and modal parameter findings in experimental studies compared to estimations from numerical models (i), (ii),
and (iii).

Exp 1 Exp 2 Exp 3 Expmean Model (i) Model (ii) Model (iii)

𝑃𝑖𝑛, 𝑢𝑛 [bar] 3.83 3.87 3.91 3.87 3.89 3.89 3.91
𝛥𝑃𝑖𝑛, 𝑢𝑛 [%] – – – – 0.52 0.52 1.03
𝜔𝑢𝑛 [Hz] 50.2 50.4 50.3 50.3 49.6 48.2 49.9
𝛥𝜔𝑢𝑛 [%] – – – – −1.39 −4.17 −0.80

with good accuracy. It is noticed that the natural frequency of the marginally stable modal parameter is better estimated by models
(i) and (iii) compared to model (ii). This indicates that the foundation dynamics contribute with changes to the estimated natural
frequency.

The effect of the difference between the seal force coefficient estimates is studied and presented in Table 8. The study assumes
that numerical model (i) is used to define the stability limit and marginally stable modal parameter for a system influenced by
destabilizing seal force coefficients. Three sets of seal force coefficients have been obtained using different assumptions for each set
through baseline models (i), (ii), and (iii). The different assumptions lead to differences between each set of seal force coefficient.
Table 8 illustrates the differences between the estimated destabilization pressure and vibration frequency estimates when using the
different sets of seal force coefficients. It is found that the set of coefficients belonging to numerical model (i) estimates the pressure
for the instability most accurately. This can be argued as a result of the parameters being optimized using predictions from that
model. The increased estimations of the cross-coupling stiffness from model (ii) and direct stiffness from model (iii) increase the
estimated vibration frequency of the marginally stable mode. Additionally, the increased cross-coupling parameter from model (ii)
is also recognized to decrease the estimation of the inlet pressure for which the system becomes unstable. The increased direct
damping counter the influence from the cross-coupling stiffness; however, the effect of the cross-coupling stiffness seem to have
a greater impact. The increased estimation of the direct stiffness parameter from model (iii) increases the pressure for which the
instability is estimated to occur. The estimated instability pressure and vibration frequency are well estimated with discrepancies
less than 2% using any set of coefficients in numerical model (i).

In Table 9, the study is repeated for model (ii) considering the dynamical contributions from the shaft only. Here, it is also found
that numerical model (ii) using the parameters that are optimized for predictions from that baseline model are most accurately
describing the estimated pressure of instability. The same tendencies for the changes of the estimated instability pressure and
vibration frequency as found using model (i) can be seen when using different sets of coefficients. It is observed that the estimated
instability pressure has generally increased and the estimated vibration frequency has decreased when neglecting the foundation
18
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Table 8
Unstable pressure and modal parameter findings in experimental studies compared to estimations from numerical model (i) using
seal force coefficients derived from models (i), (ii), and (iii).

Expmean Model (i) with
model (i) parameters

Model (i) with
model (ii) parameters

Model (i) with
model (iii) parameters

𝑃𝑖𝑛, 𝑢𝑛 [bar] 3.87 3.89 3.84 3.93
𝛥𝑃𝑖𝑛, 𝑢𝑛 [%] – 0.52 −0.78 1.61
𝜔𝑢𝑛 [Hz] 50.3 49.6 50.0 50.3
𝛥𝜔𝑢𝑛 [%] – −1.39 −0.60 0.00

Table 9
Unstable pressure and modal parameter findings in experimental studies compared to estimations from numerical model (ii) using
seal force coefficients derived from models (i), (ii), and (iii).

Expmean Model (ii) with
model (i) parameters

Model (ii) with
model (ii) parameters

Model (ii) with
model (iii) parameters

𝑃𝑖𝑛, 𝑢𝑛 [bar] 3.87 3.95 3.89 3.99
𝛥𝑃𝑖𝑛, 𝑢𝑛 [%] – 2.07 0.52 3.10
𝜔𝑢𝑛 [Hz] 50.3 47.8 48.2 48.5
𝛥𝜔𝑢𝑛 [%] – −4.97 −4.17 −3.58

Table 10
Unstable pressure and modal parameter findings in experimental studies compared to estimations from numerical model (iii)
using seal force coefficients derived from models (i), (ii), and (iii).

Expmean Model (iii) with
model (i) parameters

Model (iii) with
model (ii) parameters

Model (iii) with
model (iii) parameters

𝑃𝑖𝑛, 𝑢𝑛 [bar] 3.87 3.88 3.82 3.91
𝛥𝑃𝑖𝑛, 𝑢𝑛 [%] – 0.26 −1.29 1.03
𝜔𝑢𝑛 [Hz] 50.3 49.2 49.6 49.9
𝛥𝜔𝑢𝑛 [%] – −2.19 −1.39 −0.80

dynamics. In this analysis, the estimated instability pressure and vibration frequency are also well estimated with discrepancies less
than 5% using any set of coefficients in numerical model (ii).

A comparison between the predicted stability margins using model (i) or (iii) finds that the estimated pressure for instability
nd vibration frequency from baseline model (iii) in Table 10 are marginally lower for all estimations from baseline model (i) in
able 8. The changes appear due to the neglected stiffness and damping from the flexible coupling.

From the analyses, it can be concluded that the stability margins are weakly sensitive to the differences between the sets of seal
orce coefficients used in a baseline model.

. Conclusions

Seal force coefficient estimations for smooth annular gas seals with high preswirl are quantitatively investigated using three
aseline models. It can be concluded that the seal force coefficient estimations are influenced by the baseline model used to identify
he coefficients. The tested gas seal shows statistically significantly lower cross-coupling stiffness and direct damping parameter
stimations, 4% and 20% respectively, when dynamics of the foundation are neglected. The investigation also indicates that in case
tiffness or damping parameters of a subsystem, e.g. a mechanical coupling, are neglected in the baseline model then the neglected
arameters are directly influencing the corresponding seal force coefficient estimations by their value. Nevertheless, the identified
eal force coefficients based on the three baseline models do not strongly differ from each other in case of mode shapes where the
elative movement between rotor and seal housing is not significantly altered by the fact that the seal housing is mounted on a
lexible foundation.

It is demonstrated that the assumption of frequency independent seal force coefficients for smooth annular gas seals with high
reswirl combined with the system identification procedure is able to accurately describe overall trends in experimental responses
nd modal parameters.

A test on the accuracy for predicted stability margins shows that the stability margins are weakly sensitive to the differences
etween the sets of seal force coefficients used in a baseline model. The test also reveals that the system identification provides
eliable predictions of the stability margin even when using the simplest baseline model where the foundation movements are
eglected.

The analysis of estimating frequency independent seal force coefficients indicates that the coefficient estimations will be
ifferently estimated depending on the baseline model used in a system identification scheme. If the dynamics between the rotor
nd foundation are weakly coupled, the differences between the coefficient estimations are small and cannot justify the inclusion
19
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