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Welcome to the symposium 
For the first time, PRADS is being held in Copenhagen, Denmark, bringing together naval 
architects, engineers, educators and industry leaders. The 13th International Symposium on 
Practical Design of Ships and Other Floating Structures is hosted by DTU Mechanical 
Engineering and, together with our co-sponsors, the National Organising Committee hopes to 
give all delegates some very memorable days in Copenhagen enjoying the charm, culture and, 
maybe, eating a bit of Nordic Food in the restaurants of the city; not to mention attending the 
technical presentations and the social activities of PRADS’16 during the 4th-8th September 
2016.

As with previous PRADS symposia, the interchange of ideas and discussions between naval 
architects and engineers from around the world will be encouraged with the broad aim of 
contributing to improvements in the design of ships and offshore structures in terms of safety, 
functionality, environment and economy. To stimulate this, it is our sincere wish that all 
delegates will actively take part in the technical presentations as well as the keynote talks and 
the panel discussions forming PRADS’16. 

In total, about 200 proposed manuscripts were received and, from this group, 125 papers 
were selected to be presented during the four conference days (5th-8th September). The overall 
quality of the technical papers is very high, and it has been a particular challenge for the Paper 
Committee to select papers for presentation and to be included in the symposium proceedings. 
As a novelty, the proceedings of PRADS’16 will be distributed electronically only, as they, 
together with all other relevant material and information about the symposium, are included 
on a tablet given to the registered delegates. 

On behalf of the Standing Committee of PRADS and the National Organising Committee of 
PRADS’16, we would like to thank all the participants for their great contributions to a 
successful symposium. The generous support from The Danish Maritime Fund, American 
Bureau of Shipping, DNV GL, NTNU AMOS, Skibsteknisk Selskabs Fond, Maersk Maritime 
Technology, ClassNK, Lloyd’s Register, Bureau Veritas, Danish Maritime, and MAN Diesel & 
Turbo is gratefully acknowledged. Sincere gratitude is also extended to our department, DTU 
Mechanical Engineering at the Technical University of Denmark, who have supported this 
Symposium.

Ulrik Dam Nielsen, Chairman of PRADS’16 
Jørgen Juncher Jensen, Co-Chairman 
23rd August, 2016 
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Abstract  

In this study, the concepts of the bow shape for the reduction 
of the added resistance in waves are applied to VLCC (Very 
Large Crude-oil Carrier). Added resistances are evaluated for 
three kinds of bow hull forms such as conventional-bow, 
Leadge-bow and Hi-Bow. Especially, Hi-Bow has the bow 
shape combined sharpened bow and bulbous bow to decrease 
the added resistance by minimizing the energy emission in 
waves. Both experimental fluid dynamics (EFD) and computa-
tional fluid dynamics (CFD) approaches have been used to 
assess ship performance with these bow hull forms. Through 
the investigation, it is confirmed that the added resistance can 
be reduced by adapting Leadge-bow or Hi-Bow without sacri-
ficing the calm water performance in fully loaded condition 
and Hi-Bow design can contribute for reduction of added 
resistance in both fully loaded and ballast conditions. 

Keywords 

Added resistance in waves; bow shape; Hi-Bow; loaded 
condition; ballast condition; energy emission  

Introduction 

Due to the strict regulations on CO2 emission, the ship 
performance during its operation in seaway is of high 
practical interest. To improve the ship performance, a 
number of researchers have investigated how to reduce 
the added resistance in waves. Many kinds of bow 
shapes such as beak-bow, Ax-bow, Leadge-bow and etc. 
have been introduced to reduce the added resistance. 
Nowadays there are many attempts to evaluate the add-
ed resistance and to optimize bow hull forms for various 
loading conditions. 
An experimental study was performed to investigate the 
effect of bow hull form variation of VLCC in loaded 
condition (Hwang et al., 2009) and a series of model 
tests were also carried out to investigate the added re-
sistance in regular head, oblique, beam, and following 
waves (Valanto and Hong, 2015). A numerical analysis 
method for evaluation of added resistance has devel-
oped for many years. Initially, far-field method based on 
the momentum-conservation was applied on the evalua-
tion of added resistance (Maruo, 1960), and then the 
near-field method with the direct pressure integration 

was applied (Kim et al., 2011). For more accurate esti-
mation of added resistance in short waves, various em-
pirical formula were also suggested. CFD method was 
also adapted for evaluation of added resistance by using 
RANS (Reynolds-Averaged Navier-Stokes) equation 
and overlapping grid system (Orihara and Miyata, 2003). 
There has been an attempt to reduce added resistance by 
attaching energy saving device above the waterline 
(Kuroda, 2013). 
In this study, various bow shapes such as conventional-
bow, Leadge-bow and Hi-Bow were adapted for the 
reduction of the added resistance in both fully loaded 
and ballast conditions. Especially, Hi-Bow has the bow 
shape combined sharpened bow and bulbous bow to 
reduce the added resistance. Two modified bow shapes, 
Leadge-bow and Hi-Bow, are mainly designed to reduce 
the added resistance in short waves. Both experimental 
fluid dynamics (EFD) and computational fluid dynamics 
(CFD) approaches have been used to assess ship per-
formance with these bow hull forms. A lot of efforts 
were taken to reduce the added resistance without sacri-
ficing the calm water performance. 

Target Vessel and Bow Shapes 

The geometry of the hull for this study was a VLCC and 
the main particulars of target vessels are described in 
Table 1. Three kinds of VLCC bow shapes shown in Fig. 
1 are utilized to investigate the effects of bow shapes on 
added resistance. Leadge-bow has a simple sharpened 
bow without bulbous bow while Hi-Bow has sharpened 
bow with bulbous bow.  

Table 1: Main particulars of vessels 
Designation 

(Symbol) 
Conventional 

-bow 
Hi-Bow 

Leadge-bow 
Length between 

perpendiculars (LBP) 
322 m 330 m 

Breadth (B) 60 m 60 m 
Depth (D) 29.4 m 29.4 m 

Mean 
Draft 

Fully loaded 20.5 m 20.5 m 
Ballast 9.23 m 9.48 m 

 



 
(a) Conventional-bow 

 
(b) Leadge-bow 

 
(C) Hi-Bow 

Fig. 1: Comparison of bow shapes 

EFD and CFD Approaches 

Model Test  

For evaluation of added resistance, a series of model 
tests have been performed in the deep water towing tank 
of HMRI, which measures 210  14  6 meters in 
length, width and depth, respectively. For the tests, 
wooden hull models were manufactured to a linear scale 
of 43.3. Prior to the model tests, longitudinal weight 
distribution along the ship model was adjusted on a 
swinging frame. The required vertical center of gravity 
(KG) and radius of gyration (kyy) were checked by in-
clining tests and swinging tests, respectively. The longi-
tudinal radius of gyration is assumed to be 0.25 LBP. 
During the model tests, the model was connected to the 
4 component motion measuring device through a heav-
ing rod and the model is set free to surge, heave, roll 
and pitch. The lay-out of instrumentation is shown in 
Fig. 2. As shown in Fig. 2, heave and pitch motion of 
the model were measured from potentiometer while 
resistance was measured from dynamometer. The added 
resistance was obtained by ITTC recommended proce-
dure (ITTC, 2011). By time averaging the measured 
value, added resistance (RAW) was obtained by subtract-
ing still water resistance (RSW) from the total resistance 
(RT). 

 

 
Fig. 2: Instrumentation for measurement 

For the tests in waves, incident waves were generated 
by a flap-type wavemaker and a test was started after 
the indent waves were fully developed. The tests were 
performed in only head waves for both fully loaded and 
ballast condition, and the test conditions are summa-
rized in Table 2. 

Table 2: Environmental conditions (full scale) 
Wave length 
ratio (λ/LBP) Wave period [s] Wave height [m] 

0.3 7.96 

2.0 

0.5 10.28 
0.6 11.26 
0.7 12.14 
0.8 13.00 
0.9 13.79 
1.0 14.54 
1.2 15.93 
1.4 17.20 
1.8 19.51 

CFD Calculation  

The added resistance of a ship in waves is somewhat 
complex physical phenomena. Generally, there are two 
ways to investigate the added resistance: model tests 
and numerical simulations. Nowadays, CFD methods 
are acknowledged as one of the most powerful approach 
to tackle these complex phenomena including viscous 
effect and wave run-up. 
In this study, CFD calculation was performed by utiliz-
ing a commercial CFD code, STAR-CCM+ (developed 
by CD-adapco, Melville, NY). The entire computational 
domain is discretized with prismatic and hexahedral 
meshes using the prism layer mesher and timmer tools 
of STAR-CCM+. The size of grids near the hull and the 
free surface were carefully adjusted to capture the vis-
cous effect on wall and the incident waves, respectively. 
Fig. 3 shows the grid system which is used in this study. 
The setup condition for CFD calculation is contained in 
Table 3 and incident wave periods used in CFD simula-
tion are identical with those of model tests. The RANS 
equation was used for incompressible viscous flow 
analysis. The Reynolds stress model (RSM) was used as 
a turbulence model. The dynamic fluid-body interaction 
(DFBI) technique which translate and rotate the entire 
computational domains was utilized to enable the mo-
tions of the ship. The volume of fluid (VOF) method 
was used to deal with free surface and the Euler overlay 



method (EOM) was applied to minimize the undesirable 
damping of incident waves during analysis. The 5th 
order Stokes waves were chosen as incident wave model 
and applied to the undisturbed wave solution of the 
EOM. The EOM section was applied from 0.2 LBP to 
0.7 LBP toward the bows. 

 

 
Fig. 3: Grid generation 

Table 3: Setup condition for CFD calculation 
Tool STAR-CCM+ 9.06.009 

Simulation model Incompressible, unsteady 
Multi-phase interaction VOF 

Turbulent model RSM 
Pressure-velocity coupling Segregated flow model 

Unsteady scheme 1st order implicit 
Boundary condition No-slip 

Time step 1/500 of wave period 
Wave length ratio (λ/LBP) 0.3 ~ 1.8 

Calm Water Performance 

Even though the added resistance can be significantly 
reduced by hull form variation that may lose half its 
meaning if the calm water resistance is increased. For 
this reason, in many researches, the hull shape was 
varied only for the geometry above the mean water level 
to minimize undesired increase of calm water resistance.  
In this study, the variation of hull geometry was per-
formed not only for above mean water level but also 
under the mean water level. A lot of efforts were taken 
to reduce the added resistance without sacrificing the 
calm water performance. Calm water resistances were 
obtained for many candidate hull geometries and hull 
form modification was performed until similar calm 
water resistance of candidate geometries with conven-
tional one can be obtained. The variation of calm water 
resistance according to bow shapes is less than 1% of 

calm water resistance. 

Added Resistance 

The wave contour around hull is shown in Fig. 4. The 
snapshot of model test in both fully loaded and ballast 
conditions are shown in Fig. 5 and Fig. 7, respectively. 
In the wave contour pattern, Kelvin waves and disturbed 
waves can be observed. As shown in Fig. 5, it is identi-
fied that the amount of reflected waves to the forward 
direction is considerably decreased for Leadge-bow and 
Hi-Bow in fully loaded draft. However, in the ballast 
condition, the amount of the reflected waves is not 
much influenced by the change of the bow shapes. 

 
Fig. 4: Wave contour around hull (Hi-Bow, λ/LBP=0.6) 

Added resistance is normalized with incident wave 
amplitude as follows, 

2 2 /
req

AW
I

R
R

g B LBP
 (1) 

where, AWR , I  and LBP are added resistance in 
regular waves, incident wave amplitude and ship length 
of 330 m, respectively. Added resistance can be 
achieved by subtracting the resistance in calm sea from 
the mean resistance in regular waves. In order to inves-
tigate the pure effect of hull form modification and to 
compare superiority or inferiority between hull forms, 
the added resistance is express as a percentage of the 
added resistance of conventional-bow. Fig. 6 and Fig. 8 
show the comparison of added resistance. 
 
 
 



 
(a) Conventional-bow 

 
(b) Leadge-bow 

 
(c) Hi-Bow 

Fig. 5: Wave profiles at fully loaded draft (λ/LBP=0.6) 

 
(a) Model test 

 
(b) CFD calc. 

Fig. 6: Comparison of added resistance (fully loaded) 

 
(a) Conventional-bow 

 
(b) Leadge-bow 

 
(c) Hi-Bow 

Fig. 7: Wave profiles at ballast draft (λ/LBP=0.6) 

 
(a) Model test 

 
(b) CFD calc. 

Fig. 8: Comparison of added resistance (ballast)  

 



The effect of Leadge-bow and Hi-Bow on added re-
sistance is significant in short wave length range of 

/LBP 0.7 except Leadge-bow at ballast draft. The 
heave and pitch motion responses are shown in Fig. 9 
and Fig. 10, and it can be seen that the motions are very 
small in the short wave length range. 
For fully loaded condition, reduction effect on added 
resistance is not quite different in both Leadge-bow and 
Hi-Bow, especially in short wave range. For this condi-
tion, about 40% and 15% reduction of the added re-
sistance is evaluated in short wave length range through 
model tests and CFD calculation, respectively.  
For ballast condition, a conclusion can be obtained from 
the model test that Hi-Bow can achieve a significant 
reduction of added resistance more than Leadge-bow. 
However, this quite big difference of reduction effect is 
not captured from the CFD calculation.  
Based on results of model tests, it seems that Hi-Bow 
may contribute to the reduction of added resistance for 
VLCCs which are operated in various loading condi-
tions. Through the comparison of results of model test 
and CFD calculation, it could be known that CFD tech-
nique such as grid system and numerical schemes 
should be more improved to capture the small amount 
of added resistance due to variation of bow shape in 
both fully loaded and ballast conditions. To obtain clear 
understanding of the reason why Hi-Bow shows better 
performance in the aspect of added resistance, further 
researches about the flow field around the hull, pressure 
distribution and etc. may be needed. 

 

 
Fig. 9: Comparison of motion responses (fully loaded)  

 

 
Fig. 10: Comparison of motion responses (ballst)  

Conclusion 

Leadge-bow and Hi-bow, the concepts of the bow 
shapes for the reduction of added resistance due to 
waves, were adapted to a VLCC. In Leadge-bow and 
Hi-Bow, hull geometry was varied not only for above 
mean water level but also under the mean water level. 
Especially, Hi-Bow was designed combining sharpened 
bow and bulbous bow to decrease the added resistance. 
A lot of efforts were taken to reduce the added re-
sistance without sacrificing the calm water performance. 
Only small difference of calm water resistance was 
occurred according to the hull form variation so that the 
differences can be compensated in waves due to reduc-
tion of added resistance. 
The added resistance of vessels is evaluated through 
EFD and CFD approaches. CFD gave same results of 
superiority or inferiority between bow shapes with the 
results of model tests, even though it is confirmed that 
more improvements are needed to CFD technique for 
the quantitative assessment of added resistance. 
Based on the model test results, the effect of Leadge-
bow and Hi-Bow on added resistance is significant in 
short wave length range of /LBP 0.7 except Leadge-
bow at ballast draft. In fully loaded condition, the added 
resistance is reduced by about 40% for both Leadge-
bow and Hi-Bow. But in ballast condition, the added 
resistance of Hi-Bow hull is much more reduced than 
Leadge-bow hull. Overall, significant reduction of add-
ed resistance could be achieved by adapting Hi-Bow for 
VLCCs operating in various loading conditions. 
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Abstract

Based on the high-order finite-difference method, a lin-
ear potential flow seakeeping solver has been developed,
where both Neumann-Kelvin and double-body lineariza-
tion are supported. The solver has been written inside
the Overture framework, which is a collection of C++ li-
braries for solving partial differential equations on over-
lapping grids. The solver is used in this paper to show the
convergence of the first order motion data and the second
order mean wave forces (added resistance) for the Wigley
hull and a tanker hull. The forward speed radiation and
diffraction problems are solved in time domain based on
the Neumann-Kelvin linearization. The ship geometry is
built using the hyperbolic grid generation technique, and
the added resistance is calculated based on the near-field
formulation.

Keywords

Seakeeping; Linearized potential flow; Added resistance;

Near-field; Finite-difference; Hyperbolic grid generation

Introduction

Based on the high-order finite-difference method a com-

putational tool has been developed at the Technical Uni-

versity of Denmark for general use in a seakeeping anal-

ysis. The solver has been written inside the Overture
framework (Brown et al., 1999), which is a collection

of C++ libraries for solving partial differential equations

on overlapping grids based on the high-order finite dif-

ference method. This is the same computational strat-

egy which has been developed by (Bingham and Zhang,

2007) and (Engsig-Karup et al., 2012) for efficient sim-

ulation of water waves. Using the linearized potential

flow model (Neumann-Kelvin and double body), three

forward speed hydrodynamic problems, namely wave re-

sistance, radiation and diffraction can be solved in the

time domain. Accordingly the solver can provide the hy-

drodynamic forces, wave excitation forces and the mo-

tions of the body all in the frequency domain. With the

current status of the solver, it is also possible to calcu-

late the second-order mean wave drift forces based on the

near-field formulation. The seakeeping tool has been val-

idated against two- and three-dimensional analytical ge-

ometries (Amini Afshar et al., 2014). This paper is now

submitted to present the results which have been obtained

regarding the convergence of the the added resistance cal-

culation for the Wigley hull based on a Neumann-Kelvin

linearization. The results confirm that the developed sea-

keeping tool can be used very promisingly for the effi-

cient calculation of the added resistance of ships in ocean

waves.

Mathematical formulation

A very brief review of the mathematical formulation is

given in this section. The domain is bounded by the body,

the sea bed, the free-surface and the far-field truncation

boundary. The Cartesian coordinate O − xyz system is

adopted, where x is along the ship length and z is verti-

cally upward. The origin is located at the center of grav-

ity of the body, and the coordinate system is moving with

the constant forward speed U . A velocity potential φ is

defined, and the continuity equation is solved throughout

the domain as:

∇2φ =
∂2φ

∂x2
+

∂2φ

∂y2
+

∂2φ

∂z2
= 0, (1)

where φ = −Ux+ φu and

φu = φ0 + φs +
6∑

k=1

φk. (2)

The forward speed of the body is denoted by U . More-

over the scattering and the radiation velocity potentials

in 6 degrees of freedom are shown by φs and φk re-

spectively. The incident wave velocity potential is also

denoted as φ0. The problem is subject to the linearized

free-surface dynamic and kinematic boundary conditions

which are satisfied at the mean water level z = 0:

∂φu

∂t
=−gηu + U

∂φu

∂x
, (3)

∂ηu
∂t

=
∂φu

∂z
+ U

∂ηu
∂x

. (4)



The free-surface elevation is denoted by ηu, and g is the

gravitational acceleration. In addition the linearized body

boundary condition for the radiation and scattering prob-

lems are satisfied at the mean position of the body s0 as

follows:

∂φu

∂n
=

6∑
k=1

(ξ̇k · nk + ξk ·mk), (5)

∂φs

∂n
= −∇φ0(r, t) · n, (6)

in which ξk , ξ̇k denote the displacements and the veloci-

ties of the body. The normal vectors and the m-terms are

also written as:

(n1, n2, n3) = n,

(n4, n5, n6) = (r× n),

(m1,m2,m3) = (0, 0, 0),

(m4,m5,m6) = (0, Un3,−Un2),

in which r is the position vector with respect to the origin

of the coordinate system.

The above-mentioned initial boundary value prob-

lem is solved in time domain where the body boundary

condition is defined as a pseudo-impulsive Gaussian

variation over the time. After finding the velocity poten-

tials φu the first-order forces on the body, including the

hydrodynamic and wave excitation forces, are calculated

by integrating the linearized Bernoulli equation:

p = −ρ

[
∂φ

∂t
− U

∂φ

∂x

]
, (7)

over the surface of the body. All time-domain first order

results including the velocity potentials, the free-surface

elevations and the forces are Fourier transformed to the

frequency domain. The ship motion ξ̂k in 6 degrees of

freedom and in the frequency domain is then obtained by

solving the equation of motion as:

6∑
k=1

ξ̂k
[−ω2(Mjk + ajk) + iωbjk + cjk

]
= AXj ,

j = 1, 2, . . . , 6

The mass matrix is Mjk. The hydrodynamic coefficients,

added mass and damping are denoted by ajk and bjk.

The hydrostatic coefficients are also shown by cjk.

The wave excitation force in direction j due to the

incident wave with amplitude A is represented by Xj .

Having obtained the motion of the body, all the required

ingredients for calculation of the second order wave

forces (added resistance) in the frequency domain are

available.

Based on the near-field formulation, the second-

order wave drift forces are then calculated by integrating

the second-order pressure terms p(2) of the original

nonlinear Bernoulli equation over the surface of the

body. Regardless of the type of the contribution either by

the velocity potential, the surface elevation or the body

motion all these second-order terms appear as follows:

p(2) =
(
A0 cos(ωt+ θ0)

)(
A1 cos(ωt+ θ1)

)
= Re

{
X0e

iωt
}

Re
{
X1e

iωt
}

=
1

4

(
X0X

∗
1 +X1X

∗
0

)
+

1

2
Re
{
X0X1 e

2iωt
}
,

where X0 = A0 e
iθ0 and X1 = A1 e

iθ1 are the complex

phasors of the relevant first-order solution which are all

calculated by the Fourier transform of the time-domain

solutions. The complex conjugate is also shown by ∗.

The time averaged second-order pressure contribution is

in fact the time independent part of the above equation

(the first term) which can also be expressed by:

p(2) =
1

2
[Re (X0)Re (X1) + Im (X0) Im (X1)] .

By integrating the above second-order pressure over the

body surface, the added resistance of the ship in waves

can be calculated directly in the frequency domain.

The numerical method

The computational domain is discretized by a number

of individual component grids with enough overlap

to accommodate at least two layers of interpolation

points. Extra overlapping grid points in any “hole”

regions are not used. Holes occur for example when a

floating cylinder is embedded into a rectangular wave

tank. For each component grid a mapping is defined

which transforms the physical curvilinear domain to

a uniformly-spaced rectangular domain. Up to two

layers of ghost point can be generated to deal with the

derivatives at the boundaries(Henshaw, 1998).

The Method of Lines methodology (LeVeque, 2007)

is employed in this solver, where the equations are

discretized first in space. Then the spatially discretized

solutions are time marched to obtain the solution

in the subsequent time steps. Centered 4th-order

finite-difference schemes are used to discretize the

computational domain subject to the relevant boundary

conditions. A Dirichlet condition is specified at the free

surface, while a non-homogeneous Neumann condition

is applied at the body surface and a homogeneous

Neumann condition is defined at the bed and on the

far-field truncation boundaries. The discrete equations

for the fluid points, the ghost points, the interpolation and

the unused points are assembled into the linear system:

[A][φ] = [b]

The right-hand side vector b is populated depending on

the Neumann and Dirichlet boundary conditions at the

body and the free surface respectively. The resulting sys-

tem of equation is then solved at each time step using

a direct LU factorization technique. The fourth order



Runge-Kutta integration scheme is utilized to integrate

the dynamic and the kinematic free-surface conditions in

order to time march the free-surface elevation. Special

care is required when calculating the convective deriva-

tives at the boundaries to ensure a stable scheme and

avoid down-winding. A combination of up-winded ex-

trapolation and a Neumann boundary condition for down-

wind points is used to set the values of the ghost points

before taking the derivatives of the free-surface eleva-

tion and the potential at the domain boundaries. In ad-

dition, grid stretching combined with centered differen-

tiation stencils on the free surface also tends to desta-

bilize the numerical scheme, as illustrated by (Bingham

et al., 2014). Two remedies have been introduced. In

the first approach a centered finite-difference scheme is

used to calculate the convective derivatives and a mild

filter is applied to the solution after each time step. In

the other approach an upwind-biased finite difference

scheme is implemented to evaluate the convective deriva-

tives (Amini Afshar et al., 2014).

Ship grid generation

The grid generation is carried out by the open-source grid

generator Ogen(Henshaw, 1998). In the case of a cylin-

der or a sphere, an analytical transformation can be ap-

plied to easily generate the grid points. For an arbitrary

geometry like the ship hull, hyperbolic grid generation is

used. The principle idea is first to generate the grid at the

surface of the geometry. This is carried out by numeri-

cally solving a system of hyperbolic governing equations

for the grid points for a desired number of steps. The

equations are subjected to the initial and boundary con-

ditions which stipulate the way the grid is marched over

the surface of the body. Next a different set of hyper-

bolic equations is solved to numerically march the gen-

erated surface grid into the volume, again subjected to

the relevant boundary conditions. For more technical

details regarding the hyperbolic grid generation refer to

(Chan, 1998). The grid generation process for a slow-

speed tanker is shown in Figures 1 to 4 .

Results

To emulate the process for a general ship geometry, the

above described grid generation technique has been used

to generate an overlapping grid for the Wigley hull type

I. The response amplitude operators and the added re-

sistance have been calculated for the case of Fn =
U/

√
gL = 0.3, and the results have been compared with

the experiments by Jornée (Journée, 1992). The numeri-

cal results are presented in Figures 5 to 7 for five different

overlapping grids with increasingly fine resolution. Pre-

liminary results for the convergence of the response am-

plitude operators of a tanker hull with Fn = 0.17 are also

compared with experiments and are shown in Figures 8

and 9. The ship length and breadth are denoted by L and

B, and Rw is the added resistance. The wave length is

Figure 1. The surface grid (hull)

Figure 2. The surface grid (stern)

Figure 3. The volume grid (hull)

Figure 4. The hull, stern and bow grid
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also λ. The numerical solutions obtained by the devel-

oped solver are denoted by OceanWave3D in the figure.

The results for the convergence of the added resistance

for the tanker hull will be presented at the conference.

Conclusions

Results for the convergence of the added resistance us-

ing the developed solver look very promising. This fact

along with the flexibility of the hyperbolic grid genera-

tion technique used for the ship grid generation, make this

solver an efficient tool for the calculation of seakeeping

and added resistance. There are still some technical chal-

lenges to be resolved regarding the grid generation and

accurate calculation of the derivatives at the body surface

for the second-order wave forces. Work is also under-

way to implement far-field methods and to parallelize the

solver.
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Abstract 

In this study, the motion responses and added resistance on a 
ship in regular waves coupled with sloshing-induced internal 
forces and moments are considered. The ship’s motions in the 
waves are calculated by using the linear potential theory. The 
three-dimensional Rankine panel method, in which the physi-
cal quantities are presented by using a B-spline basis function, 
is applied. The sloshing flow of inner tanks is also simulated 
by using the Rankine panel method and linearized boundary 
value problem. To calculate the added resistance, a near-field 
method that integrates the second-order pressure on a body 
surface is applied. The target ship is a blunt modified Wigley 
model with two inner tanks. Numerical results obtained with-
out inner tanks are compared with the experimental data, and 
then the effect of filling ratio of inner tanks on ship motion and 
added resistance are observed.  

Keywords 

Added resistance in wave; ship motion; sloshing flow; 
coupling effect; Rankine panel method 

Introduction 

The motions of liquid cargo vessels are affected by 
internal sloshing-induced forces and moments. Conse-
quently, the sloshing flow in inner tanks is excited by 
the vessel motion. In other words, the sloshing motion 
inside a ship’s tanks and the vessel’s motions are close-
ly coupled each other. Effects of coupling between 
sloshing flow and a ship’s motions were widely studied 
in the 1960s, primarily focused on anti-rolling tanks. 
These studies included investigations that were based on 
experiments and simplified analysis methods. In recent 
years, numerical computations regarding coupling anal-
yses were introduced by several researchers. Kim (2002) 
obtained computational results for fully coupled ship 
motion and sloshing flow for an anti-rolling tank prob-
lem. Rognebakke and Faltinsen (2003) experimentally 
and numerically investigated the coupling effects for 
two-dimensional hull sections containing tanks filled 
with different levels of water. Malenica et al. (2003) 
proposed a thorough methodology for the dynamic 
coupling between liquid motion in tanks and rigid body 

motion of ships in the frequency domain. Newman 
(2005) presented computation results for the coupling 
motion of sloshing and vessel motion by means of linear 
analysis. Changes in sway drift force with three differ-
ent densities of the tank fluid were also examined in this 
study. Nam et al. (2009) conducted a series of experi-
ments for FLNG with two tanks in regular waves. In 
addition, they presented the computation results ob-
tained by coupling a nonlinear sloshing solver based on 
computational fluid dynamics (CFD) and a linear im-
pulse-response-function method for ship motion. Kawa-
be et al. (2010) investigated the sloshing effects on ship 
motion and wave drift force by using a frequency do-
main potential-based panel method. Kim et al. (2011) 
presented the numerical results of the coupling effect 
between sloshing flow and ship motion by using a po-
tential-based computer program WISH (Wave Induced 
SHip motion program), which was developed at Seoul 
National University. They developed a prescreening 
tool for predicting the coupling effect by adopting a 
linear sloshing analysis method. Other studies on cou-
pling analyses include those conducted by Lee et al. 
(2007), Kim and Shin (2008), and Cho (2012). 
The case of added resistance has been widely studied 
since the 1970s and 1980s. In recent years, this problem 
has once again received great attention because of regu-
lations related to the measurement of energy efficiency 
levels, such as Energy Efficiency Design Index (EEDI). 
There have been significant efforts to accurately estima-
tion the added resistance on a ship. Two major numeri-
cal approaches based on potential theory have been used 
to analyze the added resistance problem: far-field and 
near-field methods. The far-field method, which is 
based on the momentum conservation theory, was intro-
duced by Maruo (1960). It was further elaborated by 
Newman (1967), Gerritsma and Beukelman (1972), and 
Salvesen (1978). Recently, Kashiwagi et al. (2009) 
adopted Maruo’s approach to calculate the added re-
sistance by applying the enhanced unified theory. They 
introduced a practical factor that complements the cal-
culation of added resistance at short wavelengths. In the 
near-field method, added resistance is calculated by 
integrating the second-order pressure on a body surface. 
Faltinsen et al. (1980) used the near-field approach and 



obtained good validation results. They also introduced a 
simplified asymptotic method for short waves. Although 
previous studies on the added resistance problem have 
achieved some major successes, very few studies were 
based on the Rankine panel method, which has been 
widely applied today to both linear and nonlinear ship 
motion problems. Bunnik (1999) predicted the added 
resistance of ships by using the Rankine panel method. 
Three types of linearization methods were adopted for 
the boundary conditions (uniform flow, double-body 
flow, and non-linear flow), and the effects of lineariza-
tion methods on ship motion and added resistance were 
examined. Joncquez (2009) analyzed the added re-
sistance problem by using a time-domain Rankine panel 
method, applying both far- and near-field methods. Kim 
and Kim (2011) also applied the higher-order Rankine 
panel method to the added resistance problem by using 
the far- and near-field methods. The analysis of added 
resistance in irregular waves was carried out, and the 
proper criteria of time window and number of wave 
frequencies were suggested. In recent years, owing to 
the rapid development of computer power, CFD has 
been applied to solve seakeeping and added resistance 
problems as well. (Jeong, 2013; Seo et al., 2013, 2014; 
Yang, 2015) 
In the present study, the motion responses and added 
resistance of a ship in regular waves coupled with slosh-
ing-induced internal forces and moments were investi-
gated. To this end, the three-dimensional Rankine panel 
method, in which the physical quantities are represented 
by using the B-spline basis function, was applied in the 
time domain. The ship’s motion in waves and the slosh-
ing flow of the inner tanks were simulated by using the 
Rankine panel. For the case of added resistance, the 
near-field method was applied, in which the second-
order pressure on a body surface was integrated. The 
added resistance due to external flow around the ship 
and resistance due to internal flow in the inner tank 
were considered. The test model was a blunt modified 
Wigley hull with two inner tanks. Numerical results 
obtained without inner tanks were compared with the 
experimental data obtained by Kashiwagi (2013). Then 
the effect of the filling ratio of the inner tanks on ship 
motion responses and added resistance were examined. 
 

Mathematical Background 

Coordinate system and equation of motion 

Let us consider a ship with partially filled tanks advanc-
ing with a certain forward speed, U, in the presence of 
incident waves. Two coordinate systems can be defined 
as shown in Fig. 1: the tank-fixed coordinate system (o-
xyz), which is defined at the center of the tank, rotating 
with respect to point G, and the ship-fixed coordinate 
system (G-XYZ), which is defined at the origin G of 
motion. Here, A, ω, and β represent the incident wave 
amplitude, frequency, and heading angle, respectively. 
SB, ST, and SF denote the body surface, tank surface and 
the free surface, respectively. 
 

 
Fig. 1: Coordinate systems 

 
The ship is assumed to be a rigid body, and the wave-
induced body motion can be written as follows: 
 

( , ) ( ) ( )T Rx t t t x( x, ), ( )( )( )( )( )) ( ) ( ) x( )) ( )) ( ) ( )( )   (1) 

 
where 1 2 3( , , )T (  and 4 5 6( , , )R (  represent the 
translation and rotation of the rigid-body, respectively.  
The ship’s motion can be obtained by solving the fol-
lowing equation of motion: 
 

F.K. Res. H.D. Slosh.jk k j j j jM F F F Fk FFk FF   (2) 

 
where [Mjk] is the mass matrix of the ship, and {FF.K.j} 
and {FRes.j} are the Froude–Krylov force and restoring 
force, respectively. {FH.D.j} represents the hydrodynam-
ic force attributed to the radiation and diffraction waves 
of a ship, except for the Froude-Krylov and restoring 
forces. {FSlosh.j} represents the internal sloshing-induced 
forces. 
 

Ship motion analysis 

The adoption of potential theory is a typical approach 
for analysis of a ship’s motion. Under the assumption of 
incompressible, inviscid fluid with irrotational motion, 
the velocity potential, ϕ, can be introduced, which satis-
fies the following boundary value problem: 
 

2 0 in fluid domain   (3) 

on BU n n S
n t

UUU nU n nnnn   (4) 
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U z x y t
t
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))))))
  (5) 
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2

on ( , , )

U g
t

z x y t

))))))
  (6) 

where SB indicates the instantaneous wetted body sur-



face, ζ refers to wave elevation, and g is the gravity 
constant. The boundary value problem can be linearized 
by decomposing the total velocity potential and wave 
elevation as follows: 
 

( , ) ( ) ( , ) ( , )I dx t x x t x t, ) ( ) ( , ) ( , )( ,,) ( ) ( )( ), ) ( ) ( , ), ( ) ( )( ) ( , )) ( ,( ) ( , )( , ),   (7) 

( , ) ( , ) ( , )I dx t x t x t, ) ( , ) ( , )( ,,) ( ), ) ( , ), ) ( ,( )( , )( )( , ),   (8) 

 
where Φ indicates the basis potential, and its order is 
O(1). ϕI and ζI denote the incident wave potential and 
elevation, respectively. Similarly, ϕd and ζd represent the 
disturbed wave potential and elevation. Both incident 
and disturbed components are O(ε). The basis potential 
takes uniform flow, -Ux, in the Neumann-Kelvin linear-
ization, while it takes the double-body flow potential in 
the double-body linearization. The linearized boundary 
conditions take the following forms: 
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where  is the mean body surface, and mj represents 
the m-term, which includes the effects of interaction 
between the steady and unsteady solutions.  
The Froude–Krylov and hydrodynamic forces can be 
obtained by integrating the linearized pressure on the 
mean body surface as follows: 
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Sloshing flow analysis 

For the present study, the sloshing flow of inner tanks is 
solved using the linear-based Rankine panel method. 
Therefore, sloshing-induced force and moments are 
calculated using the linear-based calculation scheme 

presented in this study. 
To solve the sloshing flow of inner tanks, similar 
boundary value problems, which were applied for ship 
motion analysis, could be adopted. However, terms 
related to forward speed and incident wave should be 
excluded since the relative velocity between the tank 
and liquid is zero. Additionally, the incident wave did 
not exist within the inner tank. Total pressure on the 
tank surface can be obtained by using velocity potential 
and Bernoulli’s equation. Taking into account tank 
motions, linearized pressure on the mean tank surface 
can be derived as follows: 
 

( , ) ( )( )

on the mean tank surface, 

T
T

T

p x t gz gz
t

S

)( ))(), ),
  (14) 

 

where  denotes the motion displacement at an arbitrary 
position. The second term in Eq. (14) is related to the 
ship’s motion, which corrects for the vertical motion. 
The linearized sloshing force and moment can be ob-
tained by integrating the pressure at the tank surface. 
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It should be mentioned that this sloshing force contains 
the inertial force of inner tank; therefore, the liquid mass 
of the inner tank is not included in the mass matrix in 
Eq. (2). 
 

Prediction of added resistance 

In the present study, the near-field method was applied 
to calculate the added resistance. By using Bernoulli’s 
equation and Taylor’s series expansion, the second-
order pressure can be provided for the mean body sur-
face, and the second-order force can be obtained by 
integrating the second-order pressure. The second-order 
force can be formulated as follows: 
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where WL and  represent the waterline and wetted 
surface of the mean body, respectively.  and  are 
the first- and second-order normal vectors and ex-
pressed as follows: 
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For this study, two types of flow were considered: the 
external flow around the body and the internal flow that 
represented by the sloshing flow within the inner tanks. 
The second-order force due to external flow was direct-
ly calculated by using Eq. (16), while the terms related 
to the forward speed and incident wave components 
were excluded for the second-order force due to internal 
flow. Details of this formula were presented in the pa-
pers of Joncquez (2009) and Seo et al. (2013, 2014). 
 

Numerical Results 

Test model 

The model considered in this study was a blunt modi-
fied Wigley hull (Kashiwagi, 2013). The main dimen-
sions of the test model with respect to the filling ratios 
are summarized in Table 1. The main object of this 
study was to examine the effects of the sloshing flow on 
a ship’s motion and added resistance with respect to the 
tank-filling ratio. Therefore, a simple and mathematical 
model that is easy to handle was chosen as the test mod-
el. 
 

Table 1: Principal particulars of the test model 

Item 
Blunt modified Wigly hull 

Full load 50%  
filling 

70%  
filling 

Length (m) 100.0 100.0 100.0 
Breadth (m) 20.0 20.0 20.0 

Draft (m) 7.00 5.64 6.33 
Volume (m3) 8881.3 6683.3 7771.3 

KG (m) 5.80 4.44 4.99 
 
Fig. 2 shows the configuration of the inner tanks. The 
two tanks are identical with dimensions of 20.0 m × 
13.6 m × 10.0 m. Arrangement of these two tanks was 
symmetrical around the midship section. An example of 
the solution panel is shown in Fig. 3. The number of the 
total panels varies, depending on the body shape and 
wave length. Approximately 6,000 panels were applied 

to the free surface and body surface for a half domain. 
In the case of the tank surface, approximately 2,000 
panels were used for a half domain. The free surface 
domain is about five times the incident wave length. 
 

 
Fig. 2: Configuration of inner tanks 

 

 
Fig. 3: Examples of the solution panel 

 

Validation: Without the inner tank case 

The present computation starts from the validation of 
the motion response and added resistances without the 
inner tank. To this end, the computed motion responses 
and added resistances of the test model were compared 
with the experimental data from Kashiwagi (2013).  
Fig. 4 shows the heave and pitch motion RAOs (re-
sponse amplitude operators) of the blunt modified 
Wigley model at Fn = 0.2. For these figures, the red 
lines represent the results of the present method, and the 
black broken lines show the numerical results of 
Kashiwagi (2013) obtained using the enhanced unified 
theory (EUT). As shown in these figures, the overall 
tendencies of the motion responses computed by the 
present method were similar to those of the experi-
mental data. However, small discrepancies were seen, 
especially in the pitch motion. The pitch motion calcu-
lated by the present method was underestimated when 
compared to the experimental data. The pitch motion 
calculated by EUT was also underestimated near the 
resonance frequency. Fig. 5 shows the added resistance 
for the blunt modified Wigley model at Fn = 0.2. As 
shown in this figure, the overall values calculated by the 
present method were slightly underestimated as com-
pared to the experimental data. This discrepancy was 
attributed to the low pitch motion responses. 
 



 
(a) Heave motion RAOs 

 
(b) Pitch motion RAOs 

Fig. 4: Wave induced motions: Fn=0.2, β=180deg 

 

 
Fig. 5: Added resistance: Fn=0.2, β=180deg 

 

With the inner tank case 

To observe the effect of the sloshing flow in inner tanks 
on the ship motion and added resistance, different filling 
ratios for the inner tanks of 50% and 70% were consid-
ered. The draft and displacement volumes were also 
changed according to the tank-filling ratio, as summa-

rized in Table 1. The resonance frequencies of the inner 
tank were 0.699 rad/s at 50% filling ratio and 0.755 
rad/s at 70% filling ratio. 
Fig. 6 shows the instantaneous wave contours around 
the ship model as well as the free surface contours in-
side the tanks based on the different tank filling ratios. 
The incident wave frequency in each case was almost 
the same as the resonance frequency of the inner tanks. 
As shown in these figures, violent sloshing flow was 
generated at both cases. This means that the ship’s mo-
tion was large enough to generate violent sloshing flow. 
 

 
(a) 50% filling ratio (ω=0.69) 

 
(a) 70% filling ratio (ω=0.58) 

Fig. 6: Wave contour plot at natural frequency of inner 
tank: surge fixed, Fn=0.2, β=180deg 

 
Figs. 7 and 9 show the heave and pitch motion RAOs at 
50% and 70% filling ratios, respectively. Each figure 
shows three types of computation results: the results 
without the inner tank (i.e., the black solid lines); the 
results with the inner tanks and the free surge case (i.e., 
the red broken lines); and the computation results with 
the inner tanks and for the fixed surge case (i.e., the blue 
dash-and-dot lines). In general, it is known that effects 
of surge motion on added resistance is negligible (Ger-
ritsma and Beukelman, 1972; Sadat-Hosseini et al., 
2013). However, the surge motion was quite important 
for the coupling problem since the overall excitation 
motion of the inner tank changed due to the surge mo-
tion. Therefore, the effects of the surge motion on the 
other motions as well as the added resistance were veri-
fied in this study. As seen from these figures, there were 
some discrepancies among the numerical results. For the 
case of the fixed surge motion, the heave and pitch 
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motions decreased sharply near the resonance period of 
the inner tank unlike in the case without the tank. For 
the case of free surge motion, the heave and pitch mo-
tions were similar to those in the case without the tank. 
 

 
(a) Heave motion RAOs 

 
(b) Pitch motion RAOs 

Fig. 7: Wave induced motions: 50% filling, Fn=0.2, 
β=180deg 

 

 
Fig. 8: Added resistance: 50% filling, Fn=0.2, β=180deg 

 
 

 

 
(a) Heave motion RAOs 

 
(b) Pitch motion RAOs 

Fig. 9: Wave induced motions: 70% filling, Fn=0.2, 
β=180deg 

 

 
Fig. 10: Added resistance: 70% filling, Fn=0.2, β=180deg 
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(a) Surge force 

 
(b) Heave force 

 
(c) Pitch moment 

Fig. 11: Froude-Krylov and sloshing force: Fn=0.2, 
β=180deg, filling ratio=50% 

 
Figures 8 and 10 show the added resistance on the blunt 
modified Wigley model at 50% and 70% filling ratios. 
These figures also show three types of computation 
results: those without the inner tank (i.e., the black solid 
lines), those with the tank and with free surge (i.e., the 
red broken lines), and those with the inner tank and with 
fixed surge (i.e., the blue dash-and-dot lines). In the free 

surge case, the added resistance is almost the same as 
that in the case without the tank. This is because the 
heave and pitch motion responses for both cases were 
similar. In the case of the fixed surge motion, the added 
resistance shows large discrepancies when compared to 
the other cases. When the wave frequency is larger than 
the resonance point of the inner tank, the added re-
sistance is almost the same as that for the other cases 
because the sloshing flow is small in this region. While, 
near the resonance point of the inner tank, the added 
resistance is significantly less than that for the other 
cases, and then the resistance increases again when 
incident wave frequency becomes smaller than the reso-
nance frequency of the inner tank. 
To confirm the causes of this phenomenon, the sloshing 
forces and moments in the inner tanks were checked at 
50% filling, as shown in Fig. 11. The red broken lines 
indicate the sloshing force and moment under free surge 
motion, and the blue dash-and-dot lines indicate the 
sloshing force and moment for fixed surge motion. The 
Froude-Krylov force and moment are also plotted as 
black solid lines in these figures for reference. As 
shown in these figures, the peak values of the surge 
force and pitch moment of the free surge case were 
much smaller than those of the fixed surge case. In 
addition, the peak frequency of the surge force and pitch 
moment of the free surge case was different from the 
resonance frequency of the inner tank. The resonance 
frequency of the inner tank at 50% filling ratio was 
0.699 rad/s, while the peak frequency of the surge force 
and pitch moment of the free surge case was 0.780 rad/s. 
This is because the coupling effect of surge and pitch 
motions changes the overall tank excitation motion, and 
consequently, suppresses the sloshing flow inside tanks. 
 

 
Fig. 12: Component of added resistance: Fn=0.2, β=180deg, 

filling ratio=50%, surge fixed 

 
Next, the contributions of the external flow (flow near 
the body, hull component) and internal flow (sloshing 
flow, inner tank component) to the added resistance 
were examined. As mentioned above, Eq. (16) can be 
used not only for the external flow, but also for the 
internal flow by excluding ship speed and incident wave 
components. Fig. 12 shows the contribution of each 
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flow to the added resistance. As shown in this figure, 
most of the added resistance is attributed to the hull 
component, while the inner tank component is small 
enough to neglect. This means that changes in added 
resistance are mainly caused by changes in the ship 
motion responses, and the hydrodynamic pressure on 
tank wall does not directly contribute significantly to the 
added resistance.  
 

Conclusions 

In this study, the responses of ship motion coupled with 
sloshing-induced internal flow were analyzed. The ef-
fect of sloshing flow on added resistance was observed 
by using a time-domain Rankine panel method. The test 
model was a blunt modified Wigley hull with two iden-
tical inner tanks. The numerical results obtained without 
the inner tanks were compared with the existing exper-
imental data for validation, and then the effects of filling 
ratio inside inner tanks were examined. The following 
conclusions were drawn: 

- The ship’s motion response affects the sloshing flow 
in the inner tank, and the severity of the sloshing 
flow changes depending on surge motion. For the 
case of fixed surge motion, the heave and pitch mo-
tions show large discrepancy when compared to the 
case without the tank near the resonance point of the 
inner tank. For the case of free surge motion, the 
heave and pitch motions are similar to those in the 
case without the tank. It is considered that the cou-
pling effect of surge and pitch motions changed the 
overall tank excitation motion, consequently sup-
pressing the sloshing flow in the inner tank. There-
fore, it is necessary to accurately consider the cou-
pling effect among motion components.  

- The added resistance in the case of the free surge 
motion is approximately the same as that in the case 
without the tank, while that in the case of fixed surge 
motion shows different tendencies when compared 
to the other cases. Near the resonance point of the 
inner tank, the added resistance decreased signifi-
cantly compared to the other cases, and then in-
creased when the incident wavelength exceeded the 
resonance point of the inner tank. Therefore, when 
the liquid cargo ship operated in a real sea, it was 
necessary to consider the change in the added re-
sistance for predicting the ship’s loss of speed or 
change in engine power. 

- Comparison of the components of added resistance 
shows that the hull component attributed to the ex-
ternal flow is much larger than the inner tank com-
ponent attributed to sloshing flow. This means that 
changes in added resistance were mainly caused by 
changes in the responses to the ship’s motion, and 
the component of added resistance attributed to the 
sloshing flow can be ignored. Therefore, to calculate 
the added resistance accurately, it is important to ac-
curately calculate the coupled motion with sloshing 
flow. 
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Abstract

Although there is a large amount of work related to the
added resistance in head waves so far, study on the added
resistance in following waves is relatively less. Enhanced
Unified Theory (EUT) seems applicable for evaluating
the wave-amplitude function, which is important for com-
puting the added resistance. In order to confirm applica-
bility of EUT, measurements of wave-induced ship mo-
tions, added resistance and unsteady pressure distribu-
tion in following waves are carried out using a realistic
ship model, and obtained results are compared with com-
puted ones by EUT and strip theory. The computed added
resistance by EUT is far better than strip theory because
of taking into consideration three dimensional effects and
forward speed effects. Discrepancy of the added resis-
tance and unsteady pressure distribution is present, and
its causes are also examined.

Keywords

Added resistance; unsteady pressure distribution; wave-
induced ship motions; enhanced unified theory; follow-
ing waves.

Introduction

When a ship advances in waves, its forward speed de-
creases compared to that in calm water because the re-
sistance acting on the ship increases. This increase of
resistance is called the added resistance, which is caused
by unsteady wave generation, specifically the diffraction
of incident waves on the ship hull and the wave radia-
tion by ship oscillations. The added resistance caused
by unsteady wave-making phenomenon can be estimated
by Maruo’s formula (Maruo,1960), which is based on the
principles of momentum and energy conservation. The
wave-amplitude function, referred to as the Kochin func-
tion, included in this formula affects greatly the predic-
tion accuracy of the added resistance, and thus many dif-
ferent computation methods have been proposed so far.

According to a lot of researches regarding the added
resistance in head waves so far, the strip-theory method
can provide relatively acceptable engineering accuracy in
a frequency range where the wave radiation by the ship

oscillations is dominant. On the other hand, there is a
discrepancy with the measurement in short waves where
the wave diffraction is dominant. Accordingly, some
practical formulae have been proposed for compensat-
ing this discrepancy due to the bow wave diffraction in
short waves (Fujii and Takahashi, 1975; Faltinsen, 1980).
In contrast, the enhanced unified theory (EUT) devel-
oped by Kashiwagi (1995) takes into consideration the
effect of wave diffraction at the ship’s bow through the
body boundary condition in the diffraction problem, and
its reliability at zero speed was confirmed by a compari-
son with results of 3-D panel method. However, when a
ship has the forward speed, the wave diffraction near the
ship’s bow becomes intensified, and hydrodynamic non-
linear effect which is not taken into account by EUT and
Maruo’s formula may become prominent, resulting in a
relatively large difference between the results of EUT and
measurement, especially in short waves. In order to cor-
rect this difference, the practical correction method was
also proposed (Kashiwagi et al, 2010).

Despite a large amount of work regarding the added
resistance in head waves, that in following waves is rel-
atively less. In this research, the experiment in follow-
ing waves measuring ship motions, added resistance, and
unsteady pressure distribution is conducted. Obtained re-
sults are compared with the estimation by EUT, and the
accuracy of the computed added resistance is discussed.
Furthermore, measured unsteady pressures are compared
with the results by EUT, and the reliability in computing
the velocity potential is also confirmed. Finally, a feature
in the results in following waves is discovered, and the
cause of the discrepancy between the measurement and
the computation is discussed.

Calculation Method

Formulation

Firstly, we consider a ship advancing with constant speed
U and oscillating in a regular wave with circular en-
counter frequency ω in deep water. As shown in Figure
1, a Cartesian coordinate system moving with the ship is
taken, where the x-axis is directed to the ship’s bow and
the z-axis is directed downward.

With the assumption of linearized potential flow, the
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velocity potential is introduced and expressed as:

Φ = U
[− x+ φS(x, y, z)

]
+Re

[
φ(x, y, z)eiωt

]
, (1)

φ =
gA

iω0

{
φ0(x, y, z) + φ7(x, y, z)

}
+

6∑
j=1

iωXjφj(x, y, z), (2)

φ0 = e−k0z−ik0(x cosχ+y sinχ) ≡ ψ0(y, z)e
i�x , (3)

ω = ω0 − k0U cosχ, k0 = ω2
0/g,  = −k0 cosχ. (4)

Here φ0 indicates the incident-wave potential; A ω0

k0 χ are the wave amplitude, the circular frequency, the
wavenumber and the incident angle of an incoming regu-
lar wave, respectively; g is the gravitational acceleration;
φ7 in Eq. (2) indicates the scattering potential, and φj the
radiation potential of the j-th mode of motion, with com-
plex amplitude Xj (j = 1 for surge, j = 3 for heave, and
j = 5 for pitch). φS in Eq. (1) indicates the steady distur-
bance potential due to ship’s steady forward translation
in calm water.

In order to acquire numerical solutions for the unsteady
velocity potentials represented by φj (j = 1 ∼ 7), EUT
is applied in this study. EUT was developed by Kashi-
wagi (1995), extending the unified theory initiated by
Newman (1978) and Sclavounos (1984) to consider vari-
ous important terms for the estimation of the added resis-
tance. Related theories are reviewed by Kashiwagi (1997,
2000). In below section, some important equations to cal-
culate the added resistance are described.

Added Resistance by EUT

Once the linearized boundary-value problems for the un-
steady velocity potentials have been solved, the added
resistance in waves, which is a time-averaged second-
order quantity with respect to the amplitude of the inci-
dent wave, can be obtained by Maruo’s formula (1960):

RAW

ρgA2
=

1

4πk0

[
−
∫ k1

−∞
+

∫ k3

k2

+

∫ ∞

k4

]

× {|C(k)|2 + |S(k)|2}κ(k){k − k0 cosχ}√
κ2(k)− k2

dk

(5)

where

κ(k) =
1

g
(ω + kU)2 = K + 2kτ +

k2

K0
(6)

K =
ω2

g
, τ =

Uω

g
, K0 =

g

U2
(7)

k1
k2

}
= −K0

2
(1 + 2τ ±√

1 + 4τ) (8)

k3
k4

}
=

K0

2
(1− 2τ ∓√

1− 4τ) (9)

Here it should be understood that k3 = k4 for τ > 1/4
and the integration range from k2 to ∞ in Eq. (5) be-
comes continuous.

The wave-amplitude functions in Eq. (5), C(k) and
S(k), are given as a superposition of all components of
ship-generated progressive waves, where C(k) and S(k)
represent the symmetric and antisymmetric components
respectively, with respect to the centerline (y = 0) of a
ship. Specifically the symmetric component, for exam-
ple, can be given in the form:

C(k) = C7(k)− ωω0

g

∑
j=1,3,5

Xj

A
Cj(k), (10)

where Cj(K) is called the Kochin function for the radi-
ation (j = 1 ∼ 6) and diffraction (j = 7) problems. In
the slender-ship theory, the symmetric component of the
Kochin function can be computed as follows:

Cj(k) =

∫
L

Qj(x)e
ikx dx (for j = 1, 3, 5, 7). (11)

Here Qj(x) denotes the strength of source distribution
along the x-axis in the outer solution in the EUT.

This source strength is determined as a solution of
an integral equation to be obtained through matching be-
tween the inner and outer solutions. The integral equation
thus obtained can be expressed as:

Qj(x) +
i

2π

(
σ3

σ∗
3

− 1

)∫
L

Qj(ξ)f(x− ξ) dξ

= σj(x) +
U

iω
σ̂j(x) for j = 1, 3, 5 (12)

for the radiation problem (where the asterisk in super-
script means the complex conjugate) and:

Q7(x) +
i

π
σ7(x)

{
Q7(x)hc(χ)−

∫
L

Q7(ξ)f(x− ξ)

}
= σ7(x)e

i�x (13)

hc(χ) = csc(χ) cosh−1 (| secχ|)− ln (2| secχ|) (14)

for the symmetric part of the diffraction problem.
The kernel function f(x− ξ) in Eqs. (12) and (13) in-

cludes 3D corrections and forward-speed effects, whose
detailed expression for f(x − ξ) may be found in New-
man and Sclavounos (1980). σj(x) and σ̂j(x) in Eq. (12)
represent the 2D Kochin functions calculated from the
particular solution of the inner problem, which are essen-
tially identical to the Kochin functions used in the strip-
theory method.



The inner solution in the EUT can be given in the fol-
lowing form:

φj(x; y, z) = ϕj(y, z) +
U

iω
ϕ̂j(y, z)

+ Cj(x)
{
ϕ3(y, z)− ϕ∗

3(y, z)
}

for j = 1, 3, 5 (15)

for the radiation problem and

φ7(x; y, z) = −e−k0z+i�x cos k0y sinχ

+ C7(x)
{
ψ2D(y, z) + e−k0z cos (k0y sinχ)

}
ei�x

(16)

for the symmetric part of the diffraction problem.
The first line on the right-hand side of Eqs. (15) and

(16) indicates the particular solution, and the second line
represents a homogeneous solution with the coefficient
Cj(x) to be decided through matching between the inner
and outer solutions.

We note that the particular solution in the radiation
problem is identical to the solution in the strip-theory
method, and ψ2D in the homogeneous component in the
diffraction problem is sought to satisfy the body bound-
ary condition of the form:

∂ψ2D

∂n
= k0e

−k0z
{
(n3 + in1 cosχ) cos (k0y sinχ)

+n2 sinχ sin (k0y sinχ)
}

on SH(x) (17)

where nj denotes the j-th component of the normal vec-
tor, and SH(x) is the sectional contour at the station x.

Here it should be emphasized that a contribution of
the n1-term is retained in Eq. (17), with which the wave
diffraction from the bow in the ship’s longitudinal direc-
tion is taken into consideration in a physically reasonable
manner. Including this term in the body boundary condi-
tion provides a big difference in the pressure distribution
near the bow and the resulting wave-exciting force in the
surge and the added resistance in waves.

The 2D Kochin function σ7(x) appearing in Eq. (13)
is computed in terms of ψ2D. Hence, the effect of bow-
wave diffraction as well as 3D and forward-speed effects
are incorporated in the source distribution Q7(x) as a so-
lution of integral equation, Eq. (13), for the diffraction
problem. In terms of the source distribution thus ob-
tained, the Kochin function and then the added resistance
are calculated as shown by Eqs. (11), (10) and (5).

The complex amplitude of the j-th mode of motion
Xj , which is needed to compute Eq. (10), is a solution
of the coupled motion equations among surge, heave and
pitch for the symmetric component. In the EUT, the
solution for the surge mode is also given in a form of
Eq. (15), including 3D and forward-speed effects through
the coefficient of the homogeneous solution. The hy-
drodynamic forces (added mass, damping coefficient and
wave-exciting force) needed in the motion equations are
computed with the inner solution, and thus various effects
ignored in the strip-theory method are also included im-
plicitly through the complex amplitude of ship motion.
From these calculation procedures, it may be understood
that the added resistance to be computed by EUT is com-
pletely different (at least theoretically) from that to be

Table 1. Principal dimensions of bulk carrier model
and parameters used in experiment.

Item Values

Length: L (m) 2.4
Breadth: B (m) 0.4
Draft: d (m) 0.128
Displacement: ∇ (m3) 0.0983
Gyrational radius: κyy/L 0.25
Center of gravity: OG (m) −0.02

Froude number: Fn 0.18
Wavelength: λ/L 0.3 3.0

computed by the strip-theory method.
Unlike a conventional method based on the strip the-

ory, the source distribution is placed just on z = 0 as
explicitly written by Eq. (11). In this case, it has been
believed that the semi-infinite integral with respect to k
in Eq. (5) causes a problem in numerical convergence.
However, no difficulty arises by using a semi-analytical
calculation method proposed by Kashiwagi (1992), and
in fact that calculation method is adopted in this study for
evaluating the integrals in Eq. (5).

Experiment

In the experiment which measures the wave-induced ship
motions and added resistance, we employed a realistic
bulk carrier model and its principal dimensions are pro-
vided in Table 1. The experiment was conducted at the
towing tank (65 m long, 5 m wide and 7 m deep) of Re-
search Institute for Applied Mechanics, Kyushu Univer-
sity, and a snap shot of the tested model in the experiment
is depicted in Figure 2.

In the measurement, ship motions were free in surge,
heave and pitch, while the model was towed with constant
torque exerted by a servomotor so as to keep the model
at a time-averaged constant location. The force acting on
the model was measured by a dynamometer mounted on
the lowest part of the heaving rod. We measured the pres-
sure at three sections (ord. 5.0, 9.0 and 9.5). Each section

Figure 2. Bulk carrier model in the experiment.
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has measurement points by 15 degrees on girth length,
see Figure 3.

Generated waves were regular head (χ = 180 deg.)
and following (χ = 0 deg.) waves. The wavelength var-
ied in the range of 0.3 ≤ λ/L ≤ 3.0. The amplitude of
the incident wave was chosen such that A/λ is about 1/50
for λ/L ≤ 0.7 and A is about 0.03 m for λ/L ≥ 0.7.

Measured data were Fourier-analyzed, and the first-
harmonic quantities of the wave frequency were ex-
pressed in terms of the amplitude and phase difference
with time reference t = 0 taken when the trough of
the incident wave was midship. The added resistance in
measurement (RAW ) is defined as the difference between
the time-averaged steady component of the wave-induced
unsteady force expressed with Fourier-series expansion
(F0) and the resistance measured in still water (RS), that
is:

RAW = F0 −RS (18)

Results and Discussions

Case of Head Waves

Comparisons of wave-induced motions in surge, heave
and pitch are shown in Figures 4, 5 and 6. (In what fol-
lows, for the heave and pitch motions and added resis-
tance, computed results by the new strip method (NSM)
are also shown by the broken line for comparison.) The
results by EUT are acceptable in short wave region and
long wave region compared with experimental results.
However, especially in Figure 5, EUT overestimates the
heave motion around resonance frequency. The cause of
this discrepancy seems to be cross-coupling terms, A53

and A35. Kashiwagi (2000) attempted to use the experi-
mental A53 and A35 into numerical computation and ex-
amined its dominant effect.

The comparison of the added resistance is shown in
Figure 7. The computed result by EUT has good agree-
ment with the experimental result around the region of
λ/L = 1.0. However, as lots of study pointed out, EUT
underestimates in the short-wave region. Kashiwagi et
al (2010) proposed the correction considering forward
speed effects. It was practical in short wave region.

Furthermore, the results of unsteady pressure distri-
bution are shown in Figures 8 and 9. The wave condition
is λ/L =0.5 and 1.0, respectively. θ = 0 degree corre-
sponds to the center of ship bottom and θ = 90 degrees
the still water line on the ship hull. In Figure 8, EUT
provides acceptable estimation of the unsteady pressure.
However, in Figure 9, the estimation by EUT at ord. 9.5
overestimates compared with the experimental result, al-
though the results at ord. 5.0 and 9.0 are not so bad. If the
computation of the velocity potential (equivalent to the
pressure) near the bow become more accurate, the accu-
racy in estimation of cross-coupling terms and then ship
motions may be improved. In addition, the experimental
result is also not perfect because the value of 90 degrees
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is changing rapidly compared to the results of other posi-
tions. The pressure gauge set near the water line repeats
going out of water and going down to water. The analysis
of such gauge must be improved in order to achieve better
agreement with the computation.

Case of Following Waves

In the case of following waves, encounter frequencies
are very low in all wave regions. Comparisons of wave-
induced motions in surge, heave and pitch are shown in
Figures 10, 11 and 12, respectively. EUT has good agree-
ment with experimental value in almost all wave regions.
In Figures 10 and 4, the surge motion in following waves
is larger than the one in head waves. In following waves,
the ship gradually moves forward or backward. However,
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Figure 9. Unsteady pressure distribution of bulk carrier
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since there is no restoring force in surge mode, it does not
go back easily to the original position. Thus, the surge
amplitude becomes large.

The comparison of the added resistance is shown in
Figure 13. Despite almost the same tendency in the ship
motions predicted by EUT and NSM, the results of the
added resistance are completely different. EUT could
capture the increment of the added resistance compared
with experimental result. Therefore, we could confirm
that EUT can provide far better result of the added resis-
tance in following waves.

The results of unsteady pressure distribution are
shown in Figure 14 and 15. The results by EUT are ac-
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Figure 11. Heave motion of bulk carrier model in follow-
ing waves at Fn = 0.18.

ceptable on each transverse section compared with the
experimental results. Thist is why EUT seems to be able
to provide satisfying results in following waves.

Conclusions

We have investigated effectiveness of Enhanced Unified
Theory (EUT) in the case of following waves. Computed
results of unsteady pressure distribution, wave-induced
ship motions and added resistance are compared with the
measured results in the experiment using a bulk carrier
model. The results obtained in this study can be summa-
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ing waves at Fn = 0.18.
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lowing waves at Fn = 0.18.

rized as follows.
For the added resistance in following waves, EUT is

far superior to the strip-theory method. We could con-
firm that including three-dimensional effects (interactions
among transverse sections) and forward-speed effects
made a big difference especially in following waves. Fur-
thermore, wave-induced ship motions and unsteady pres-
sure distribution are in good agreement with measured
values in following waves. However, the unsteady pres-
sure distribution near the bow in head waves is not good
especially in the case of λ/L = 1.0. In addition, EUT
overestimates wave-induced heave motion compared to
measured values. We need to improve the accuracy of
the pressure estimation in order to correct cross-coupling
terms between heave and pitch motions.
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Abstract

Traditionally, the procedure to design anti-roll tanks is limited
to the assessment of the reaction  moment due to a  regular 
roll motion. Although this procedure may seem adequate for a 
badly rolling ship, the neglect of the sway motion is by no 
means trivial for a well stabilized ship, which is the very 
purpose of the stabilizing tank. Moreover, older literature and
previous studies showed that the response of the tank is non-
linearly dependent on the amplitude and frequency of this 
complex excitation. The present work summarizes how the 
complex performance of the tank can be understood and what 
the consequences of this understanding are for the use of 
frequency domain methods to predict the motion response of a 
stabilized ship.

Keywords

Anti-Roll Tank; design; seakeeping; operability

Introduction

The first reported observations of a working ART (Anti-
Roll Tank) were made by Watts in 1883 with a free 
surface tank placed on board the HMS Inflexible during 
a series of voyages (Watts, 1883). The tank was not 
designed for this ship, it was just fitted in the available 
space, and the working principles of the device were not 
yet understood. In 1911, Frahm  designed a new type of
tank, the U-type, based on a series of scientific
assumptions, among which that the tank should be in 
resonance with the natural roll period of the ship 
(Frahm, 1911). Though this was based on the 
assumption that the response of the tank would 
counteract the wave induced roll excitation, rather than 
acting as a damper, it was the start of a better 
understanding of the ART design.
The response of ART and tank sloshing was thoroughly 
investigated in the fifties and sixties, both for marine 
applications and for rocket fuel tanks (Stigter, 1966; van 
den Bosch, Vugts, 1966; Honkanen, 1971; Abramson, 
Silverman, 1966). It became evident that the response 
of such a tank is strongly non-linear, both as function of 
the excitation frequency and as a function of the 
amplitude. Linear methods were developed at the time,
such as equivalent pendulums, but those showed
unacceptable simplifications (Chu et al., 1968). 

However, two analytical models that preserved the 
important non-linear behavior proved successful
(Verhagen, van Wijngaarden, 1965; Stigter, 1966).
The coupling between the ship motions and the tank 
response also introduce quite some complexities in the 
motion prediction ship-tank system. Classical linear
approaches for sloshing problems turned over to 
coupled diffraction codes, both for the ship and the tank.
However,  these methods necessitate the use of a tuning
factor to avoid excessive response at resonance. This 
factor can hardly be predicted in a design phase
(Journée, 1997). The most recent studies use non-linear 
seakeeping time domain codes for the ship motions 
coupled with CFD models for the tank response (van 
Daalen, Gerrits, 2000; Souto-Iglesias et al., 2003; 
Bunnik, Veldman, 2010), but at the price of
computationally intensive calculations.
After the construction of the Seakeeping Basin in 1957, 
which was one of the first facilities allowing tests with 
free-running models in oblique wave directions, the 
Netherlands Ship Model Basin (NSMB, the predecessor 
of MARIN) tested a wide range of commercial ship 
types equipped with anti-roll tanks. Often these test 
programs were supplemented with tests on a roll-
oscillation table. This procedure to verify the 
performance of new ship design is still common practice
(Abeil, 2016).
The present paper describes the combined use of simple 
analytical methods and more advanced techniques to 
capture the essential non-linear details of the ART 
response and its consequences regarding the prediction 
of the response of the coupled ship-tank system.

ART response

In the present study, the responses of ART were 
obtained with different methods. Some results were
obtained through oscillation experiments. The analysis 
was then carried out with harmonic analysis for regular 
motion tests, and spectral analysis for irregular 
oscillation tests. Analytical models were used for 
parameter variations: for free surface tanks the model of
Verhagen and van Wijngaarden, and for U-type tanks
the one of Stigter. These methods provide response 
operators of an ART as function of the roll frequency 
and amplitude, which give a fair preliminary estimate of 
the ART characteristics.



Restoring coefficient

The response of an ART can be divided into a
component in phase with the velocity, resulting in a
damping coefficient, and a component in phase with the  
motion, resulting in a restoring coefficient. The 
restoring coefficient changes from the well-known free 
surface moment at low frequency (Mfsc), to the “frozen 
tank” inertia at high frequency. In between those two 
regimes, a narrow transition appears around the natural 
frequency of the tank ( 0). The transition is strongly 
affected by the amplitude of the excitation as can be 
seen in Figure 1.

Figure 1: ART restoring term as function of roll 
amplitude and frequency, U-tank, based on Stigter

It is possible to derive the natural uncoupled roll
frequency of the spring-mass system using equation 
(1), here using the tank mass and restoring in 
combination with the ship's mass (incl. added mass) and 
restoring. 
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The obtained natural frequency of the system becomes 
thus non-linear and the excitation frequency dependent. 
Figure 2 presents the natural frequency of the coupled 
system for three typical cases, with a perfectly tuned 
ART. The cases I to III correspond to the response of a
heavily damped tank, or a tank under large roll 
amplitude excitation, to a very lightly damped tank, or
under very small roll amplitude excitation. In case I, due 
to the very smooth frequency-wise transition in the 
restoring term of the tank, there is only one clear 
resonance frequency for the coupled tank-ship system.
This frequency is the natural frequency of the ship, and 
is also the one of the tank as assumed perfectly tuned. In 
case III, there are now three resonance frequencies, the 
natural frequency estimate having three frequencies 
equal to the excitation frequency. The distance between 
the three frequencies depends on the free surface effect 
which, for a given tank width, depends on the tank 
length. Finally, in case II, there is a range of resonance 
frequencies as the natural frequency curve is equal to 
the excitation frequency over a range of frequencies 
around the natural frequency of the ship. 

Figure 2: Natural frequency of the coupled ship-
ART system; I: tank with low damping, III: tank 
with high damping.

The foregoing observations were valid for the case of a 
perfectly tuned ART ( 0tank= 0ship in Figure 3). If the 
tank has a higher natural frequency than the one of the 
ship ( 0tank> 0ship in Figure 3), the new resonance 
frequency of the coupled system will be lower than the 
original natural frequency. This is the typical effect of a
stability reduction due to free surface effects from, for 
instance, cargo and ballast tanks. If the tank has a much 
lower natural frequency than the one of the ship
( 0tank< 0ship in Figure 3), the new resonance frequency 
will be higher (with the tank acting as added inertia).
All other cases will give combinations of the previous 
cases with one, two, three or a range of resonance 
frequencies.

Figure 3: Natural frequency of the coupled ship-
ART system, with de-tuned ART

Damping coefficient

The damping coefficient of the ART has a narrow peak 
around the natural frequency of the tank. The height and 
width of the peak is governed by the amplitude of the 
excitation and the amount of flow obstructions, or so 
called internal damping of the tank. The peak becomes 
wider and lower for increasing roll amplitude and for an 
increasing amount of internal damping. Figure 4
presents a typical damping coefficient of an ART as 
function of excitation frequency and amplitude. It is 
clear that the tank will provide the most damping 
around its natural frequency, this is why such a tank 
should be used in resonant conditions.
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Figure 4: Roll damping of ART as function of 
excitation amplitude, U-tank, based on Stigter

Resonance frequency

The resonance frequency of a tank is driven by its 
geometry and filling height. However, for both type of
tanks, if the internal damping of a tank is increased, the 
natural period of the tank tends to increase; this effect is 
more pronounced in the case of a free surface tank. 
Figure 5 presents the phase of the response of a free 
surface tank measured from oscillation tests with 
increasing flow obstructions by means of transversal 
bulkheads with various opening areas. The area is given 
as ratio of the tank width, so 100% means no 
obstruction. The figure shows that the frequency at 
which the response is 90 degrees out-of-phase with the 
motion (the resonance frequency) moves towards low 
frequencies as the gate opening width is reduced.

Figure 5: Phase of the response of a FS ART with 
flow obstructions, 1 deg roll, oscillation tests

The response of this tank will however drastically 
decrease for increasing damping as shown in Figure 6.
This effect is also observed with U-type tanks.

Figure 6: FS ART with flow restrictions, 1 deg roll

The resonance frequency of a free surface tank is also 
affected by the excitation amplitude. In contrast to the 
effect of internal damping, the resonance frequency of a 

free surface tank increases with increasing roll 
amplitude, as shown by van den Bosch, Vugts, 1966.
This effect can be as large as 25% at 6 degrees
excitation amplitude.

Sway motions and vertical position

Traditionally, the roll and roll induced sway motions are 
used as excitation in the assessment of the ART 
response.  The effect of the vertical position of the tank 
in the ship is included in most experiments and in some 
numerical models. This approach neglects the sway 
motion of the CoG itself, this is regarded as an 
incomplete and unnecessary approximation. It was 
shown by Carette, 2015, that the roll motion, the local 
sway and the vertical motions can be combined into the 
EGA (effective gravity angle). This is very important as 
sway motions can be dominant if the roll motions are 
well damped. The sway motion can have a very 
different phasing to the roll motion, thus leading to a 
completely different tank response. This explains the 
common knowledge that a tank should be placed high in
a ship as the vertical position acts as an amplifying 
factor on the roll motion. Figure 7 presents the 
amplification factor between roll and EGA for a pure 
roll motion around an axis at a given vertical distance Z
of the tank. This factor is however not directly 
applicable as tank response amplification factor since
the response of the tank decreases with increasing 
excitation. However, it may help to reduce the influence 
of the sway motion.

Figure 7: EGA as function of vertical position z and 
roll frequency

Non-linear roll motions with ART

Different methods can be used to predict the combined 
response of a ship with an ART. The two main 
approaches in seakeeping tools used are frequency 
domain and time domain solvers.

Frequency domain solution

In the frequency domain, the motion response x in the 
mode i of a ship, assuming uncoupled motions, can be 
written using equation (2). The mass ai includes the dry 
and added mass. The damping bi includes linear 
damping and potential wave making. Fi is the wave 
induced excitation. Finally, the restoring term ci
represents the stability of the ship.
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If the damping is non linear, and supposing that the 
amplitude of this coefficient is driven only by mode i,
the response can still be computed for a linearised value 
of this coefficient around a chosen amplitude. This 
procedure results in a series of responses, each valid for 
a certain motion amplitude.
An evaluation of the response in irregular waves follows
the principle of linear superposition. The result of such 
analysis, the moments of the response spectrum, 
governs the distribution of the amplitudes of the signal. 
In the case where the damping increases with the 
amplitude, for instance when using bilge keels, the 
higher amplitudes will become smaller (relative to the 
RMS). In the case where the damping decreases with 
the amplitude, like for an ART, the higher amplitudes 
will become higher. Finally, if the damping is linear, the 
distribution of amplitudes will not show any of those 
biases, and therefore, the use of linearised damping does 
introduces an approximation of the distribution of 
amplitudes.
Because most criteria for ship operability are based on 
the standard deviation of the motion, the SSA 
(significant single amplitude), which is twice the STD,
can be used as linearization amplitude a. Doing so 
ensures that the dissipated damping is correctly 
estimated at the RMS value. However, depending on the 
amount of non-linearity of the damping, the other 
values, for instance mean of the highest 1/10

th, will not 
have the correct value. The result of the linearization
used to predict the mean highest 1/3

rd, can be seen in 
Figure 8. In this figure, the linearised thick line 
intersects the linear results at SSA values equivalent to 
the linearization amplitude. In this case the dissipated 
damping follows thus a linearised damping bNL( a) as 
given in equation (3).

2 2 2 21
2L NL a aB b b (3)

Figure 8: Roll linearization in irregular waves 
based on systematic linear calculations

If an ART is added to this system, it can be taken into 
account either as an excitation force or as damping and 
restoring terms. As mentioned earlier, an ART is not 
driven just by roll, but by the EGA. Since the EGA is 
not a degree of freedom of the ship, the ART cannot be 
included in the equations of motion through the use of 
damping and restoring coefficients. The presently 
adopted approach is to introduce the tank as an external 
force and to solve the equations of motion based on a 

chosen wave amplitude. The EGA at the location of the 
ART is then used, in combination with RAO of the 
response of the tank, to obtain the tank reaction force
iteratively, rather than linearise it based on roll 
afterwards as presented for the non-linear roll damping.
This is however hardly usable in irregular waves.

Time domain solution

To study the effect of the non-linear response of the 
ART on the roll distribution, calculations with time 
domain seakeeping codes coupled to non-linear 
retardation functions for the ART response (Carette, 
2016) are used. Contrary to the foregoing frequency 
domain approach, it takes directly into account the 
coupling between the sway and roll motions through the 
EGA in any wave, regular or irregular. This avoids the 
issue of linearised coefficients as in the frequency 
domain.

Effect of sway and yaw

The ship motions are coupled, especially roll and sway. 
Therefore, 6 degree of freedom solvers are necessary to  
predict the transverse motions. As example, the roll 
response of a 140 m frigate is given in Figure 9 with 1 
or 6 degrees of freedom. It shows that if a tank was 
tuned to damp the roll resonance based on a one degree 
of freedom model, it would be 5 % off compared to the 
resonance with the coupled solver for this example. The 
EGA at the ship COG is also presented and shows quite 
substantial deviation from roll for all conditions outside
the roll resonance. Especially at high frequency, the 
sway motions introduce lateral accelerations, that are 
included in the EGA, and become more important than
the roll motion.

Figure 9: Roll response of 140 m ship in 1 or 6 
degrees of freedom solver, 0 kn, 90 deg

Hull and bilge keel damping

To estimate the effect of the ART on the roll motions of 
a ship, it is important to take into account the other 
sources of damping. Also, because an ART will be most 
efficient at small roll amplitudes, it will in general be 
complimentary to, for instance, bilge keels, which 
perform best at higher amplitudes. Traditional potential 
flow calculations (by means of strip theory or 3D panel 
codes using zero-speed Green’s Functions) yield an 
estimate of the wave making roll damping component 
which is essentially only valid for zero speed. The gap 
between results of experiments at zero and non-zero 
speed is often bridged by the empirical method of Ikeda, 
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Himeno and Tanaka  (Himeno, 1981).

Bilge keel drag

At zero speed, the validity of the estimate of the cross-
flow drag forces acting on the bilge keels on basis of kC
number of the local oscillating flow seems to be well 
documented. However, it remains puzzling why 
methods that consider only the roll induced velocities 
(and totally ignore the large differences in the 
magnitude of the cross flow velocities on the wind- and 
leeward side of the vessel) apparently yield fair results. 
The use of the actual cross-flow velocities as predicted 
by 3D potential flow methods (van ’t Veer, Fathi, 2010)
is a much more realistic starting point. 

Effect of forward speed on the wave making damping

Experience with the roll damping predicted by a 
Rankine source code suggests that the effect of forward 
speed on the dispersion of the roll induced radiated
waves has a large effect, in particular for ships with a 
relatively long natural period of roll. Comparison of 
results with a Rankine source method clearly shows that 
the actual damping cannot be treated as a magnification 
of the zero-speed damping, as is done in the ITH 
method.

Lift damping

In the case of a broad transom stern, the rate of loss of 
fluid momentum due to flow separation that yields the 
lift damping is accounted for, to some extent, through 
the “end-terms” in the forward speed corrections in strip 
theory. However, because the last section does not cover 
the losses at slightly more forward locations, like at the 
trailing edge of a skeg, this estimate is incomplete. 
The ITH estimate, which is based on the main 
proportions of the hull, may account for the fact that the 
loss of momentum might also occur at other 
longitudinal positions (for conventional hulls the added 
mass in roll varies strongly over the length of the hull, 
with quite low values in the relatively round sections at 
the fore and aft shoulders). However, it does not prevent 
any double counting in the case of a broad transom 
stern.

Design of an ART

The design of an ART should be done keeping all the 
previously presented aspects in mind. Therefore, a 
stepwise iterative approach, with gradual increase in 
complexity of the tools used, is proposed.

Preliminary assessment and tank type

The first step in the design of a damping device, and 
especially ART, is to accurately assess the initial 
situation by evaluating the response of the ship without 
stabilization, and to compare the results with the 
operational requirements. Indeed, ART are only 
effective in resonant roll conditions, and should be thus 
used primarily if the ship suffers from excessive roll due 
to resonance. It is possible to extend the range of 
operation of a U-tank through active control, but it is 
advised to start from an optimal passive configuration. 

This point touches on the choice between U and free 
surface tanks. The main advantages of the free surface 
tank are:

very simple construction
natural period easily adaptable
lower height than a U-tank
higher response amplitude at same size than a U-
tank

The main advantages of a U-tank are:
much quieter than a free surface tank
limited free surface effect
can be controlled actively

Width and tuning

Both types of tanks should be made as wide as possible 
for maximum efficiency. Based on this, a first design 
can be made such that the natural period of the tank is 
equal to the natural roll period of the ship. The tuning of 
the tank is very simple in the case of a free surface tank 
by adjusting the filling height h. The natural period T0
of a free surface tank is given by equation (4), where B
is the tank width. Moreover, assuming a typical roll 
radius of gyration of 40 % of the beam, 20 % added 
mass and a tank over the full ship width, a quick first 
guess of the filling height is simply half the transverse 
metacentric height.
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Tuning a U-type tank requires some more iterations as 
its natural period depends on ratios between tank width, 
duct length, duct height and filling height (Stigter, 
1966). The duct height is a very sensitive and hence an
attractive parameter to tune the natural period.

Length and ship stability

Because the tank response is proportional to the tank 
length, a first choice of the length is such that the tank 
water mass is about 2 % of the displacement of the 
vessel (Vasta, J., 1961; Lewison, Williams, 1971).
At this point, the effect of the water mass should be 
taken into account in the ship loading condition. The 
effect of the water mass on the change of vertical 
position the CoG of the ship can be taken into account,
which might then require an update of the natural roll 
period estimate and tank tuning. However, the free 
surface effect of the tank must absolutely not be 
included in this calculation. It has been shown in Figure 
1 that, at resonance, the tank has no effect on the ship’s 
natural roll period, at least, if correctly tuned. Therefore,
the free surface effect of the tank should not be included 
in the ship stability for resonance calculations, but only 
for hydrostatic stability.

Preliminary coupling

From now on, a first estimate of the tank dimensions 
and location is available, and its response can be 
estimated by means of simple analytical models. The 
models have to include both excitation frequency and 
amplitude effects. As previously mentioned two models 



offer good estimates; for the free surface tank it is 
Verhagen’s model, and for the U-tank Stigter’s one. The 
effect of vertical position of the tank is not needed in the 
excitation effect as this is taken into account through the 
use of the EGA in the coupling with the ship model, but 
it has to be taken into account through the arm of the 
transverse reaction force. The analytical model does not 
include this transverse force, it is however usually quite 
small compared to the roll moment and could be 
ignored in a preliminary phase for small distances 
between the tank and ship COG.
The data should extend in amplitude and frequency 
beyond typical operational conditions to avoid any 
extrapolation during coupled ship-tank calculations.
Once the harmonic tank response data is available, it 
can be coupled to a 6 DoF frequency domain code to 
obtain the ship motions in regular waves of various 
heights. Figure 10 presents the response of a ship, with 
and without ART, for a series of regular wave heights.
One can recognize the cases presented earlier in Figure 
2, but coupled to the narrow banded damping of the ship 
presented in Figure 4.

Figure 10: 1DoF roll response of ship with ART

Case III, corresponding here to the 0.1 m wave 
amplitude where the tank is very effective, has three 
distinct resonance frequencies. Figure 10 shows only
two peaks as the third one, in the middle, is completely 
damped by the narrow damping peak of the ART. The 
horizontal distance between the two peaks is directly 
related to the free surface effect, as mentioned earlier. 

Operability

The roll response in regular waves with an ART will 
always have regions where the roll is reduced and
regions where the roll is increased compared to the case 
without ART, as shown in Figure 10. Therefore, it is 
important to analyze the operability of the ship in 
relevant wave spectra rather than assess the 
performance of the tank only from the response in 
resonant conditions. Indeed, not all roll frequencies  
have the same “cost”. A large roll motion at low 
frequency leads to lower accelerations than the same 
motion at high frequency. A roll peak can also be 
considered negligible if it is at a frequency where waves 
are very rare, or small.
The above response has thus to be convoluted with 
relevant wave spectra, both at resonance and at off
resonance conditions, to assess the overall effect of the 
tank damping. The obtained motions can then be 
compared to the given criteria. Of course, at this point, 

only criteria that are affected by roll are of importance 
as these are the only ones where the tank will have an 
influence. If the criteria are not met, the tank length can 
be increased. Figure 11 presents a typical result of such 
systematic calculations. These show that, although the 
response in regular waves can present roll amplification
for some frequency ranges, the overall effect in a 
spectrum always shows a reduction. This is due to the 
non-linearity of the response of the tank combined with 
the width of the spectrum.

Figure 11: STD Roll as function of Tp for different 
values of the tank length

Fine tuning

Once the tank size is deemed sufficient to achieve the 
required operability, fine tuning can be done. Tuning the 
tank exactly to the natural roll period is not necessarily 
the best choice. Several factors are important. Firstly, it 
is known that the natural frequency of free surface tanks 
increases with increasing amplitude. This should be kept 
in mind as it is not present in available analytical 
models. Secondly, if internal structures are added later
on, these will tend to reduce the natural frequency of the 
tank. Finally, both peaks in the double peaked response,
as presented in Figure 10, do not have the same 
consequences. By de-tuning the tank, it is possible to 
decrease one of the peaks, though at the price of the 
increase of the other one. This can be interesting if, for 
instance, transversal accelerations are the main 
operability factor, such that a large low frequency peak 
can be better tolerated than a high frequency one. Or,
for instance, if shorter waves are more frequent than 
longer ones.

Flow obstructions

Internal structures play an important role in the design 
of a tank. It has been often shown that the response of 
the tank with the least flow obstructions will always 
have a larger response (Lee, Vassalos, 1996; Gunsing et 
al., 2014). However, this can have some disadvantages.
Firstly, in free surface tanks, serious impacts against the 
side walls are observed in smooth rectangular tanks. 
Therefore, some structure can be used to reduce the 
slamming against the walls. Vertical columns or 
perforated plates have been used close to the side walls 
to break the bore right before the impact (Lewison, 
Williams, 1971). Moreover, at small amplitudes, the 
response of the tank is more important, with a rapid 
change over the frequency range. This leads to more
pronounced side peaks in the roll RAO, and thus to a
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broad banded roll response, that increases the roll in 
“off-design” conditions. Such a response can also be 
considered  uncomfortable. Introducing some flow 
obstructions can smoothen the response, though it will 
reduce the damping at the design point. A small 
amplitude for an ART is typically under 3 degrees EGA.
However, there is no analytical model to predict the 
effect of the internal structure on the response. The U-
type model from Stigter can be adapted with an internal 
damping coefficient, but this cannot directly be linked 
to an exact construction.

Exact geometry

If the final geometry of the tank includes internal 
structures or special geometries, it is important to define 
the exact response of the tank with accurate tools. 
Typically, this is done by means of systematic 
oscillation experiments or, more recently, CFD 
calculations (Kerkvliet et al., 2014). The first method is 
interesting to quickly evaluate a broad range of 
configurations, as most costs are usually in the 
preparations. While the second method is interesting to 
study fine details, as most costs are in the calculations 
of each case. The databases of tank response (as a 
function of oscillation frequency and amplitude) can 
then be used for a new evaluation of the ship motions 
and operability.
It is also important to verify the tank height. Analytical 
models assume no interaction between the water and the 
tank top. Any water impact against the roof of the tank 
will reduce its efficiency and induce high loads on the 
structure. In the case of the U-tank, the water motion
can be easily estimated based on the response moment 
assuming that it is entirely due to water transfer from 
one wing tank to the other. Based on this motion, the 
minimum tank height can be obtained. It is also good to 
adapt the filling height based on the water motion such 
that the duct is always under water. In the case of the 
free surface tank, the amplitude of the bore is a result of 
the calculations, but the water height at the walls is 
more difficult to estimate. A rule of thumb is to have a 
tank height of at least two times the filling height. In the 
case of a tank with little, or no internal structure, three 
times the filling height is a minimum.

Roll amplitude distribution and criteria

The response of the tank decreases with increasing
excitation amplitude. On the other hand, most other 
sources of roll damping (ie. bilge keels) increase with 
increasing roll amplitude. The balance between the two 
will affect the relative magnitude of the higher roll 
amplitudes, which can be characterized by the 
distribution of the peak values of the roll motion. It is 
thus important to assess the choice of criteria for the 
operations (maximum values or RMS) and to verify that 
the possible change in roll distribution does comply 
with the ship operability. For instance, the roll response 
of a heavy lift vessel in beam seas, with and without 
ART, has been computed using a 6DoF time domain
solver. The ART was modeled using the non-linear 
retardation functions as presented by Carette, 2016. In 
both cases bilge keels where used and the tank was 

tuned to the natural roll period of the ship. The response 
with tank shows a much more broad banded roll 
spectrum. As can be seen in Figure 12, a broad banded 
spectrum has more positive troughs and negative crests, 
hence more peaks than zero crossings. In the case with 
ART, there were 15 % more roll crests than zero 
crossings, while this is only 2 % without tank. The roll 
peak distribution shows also a smaller bias towards low 
extremes in comparison to the case without tank, as 
shown in Figure 13. The peak values are here divided 
by the standard deviation (STD) for better comparison;
the STD without tank was 1.15 deg and only 0.42 deg 
with the tank. The simulations were run for 1 hour 
exposure time.

Figure 12: Roll motion in irregular waves, with and 
without ART, Hs=1 m, 0 kn, 90 deg

Figure 13: Roll distribution with and without ART, 
Hs=1 m, 0 kn, 90 deg

Conclusions

The non-linearity in the response of anti-roll tanks is 
known since a long time. However, due to the increase 
in complexity of the coupled ship-tank system, these 
aspects were often ignored during the design of the 
ART. As shown in this paper, this is not necessary, even 
without having to use computationally intensive
solutions.
A broad overview of typical aspects playing a role in the 
response of the ART, hence there correct use, has been 
offered here. These aspects were mostly available in the 
literature since quite some time, but unfortunately
regularly omitted in the design procedure. By keeping in 
mind the key aspects of the response of an ART (the 
effect of the EGA, the resonant based response, the
rapid decrease in response with increasing excitation 
amplitude, the non-linear restoring term and its effect on 
resonance) it is possible in a very early stage to lay the 
foundation of a good ART design.
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The implications of the response of the ART to EGA,
rather than roll, on the one hand simplifies greatly the 
performance assessment of the tank, but at the same 
time introduces quite some challenges in the 
extrapolation of regular wave response to operability in 
irregular waves. It is important to properly solve the 
ratio between sway and roll excitation in order to 
correctly predict the effect of the tank. However, it is 
often observed that the combination of ART and bilge 
keels tends to linearise the global response of the ship at 
resonance.
The effect of the tank nicely adds to the effect of bilge 
keels on the roll motion. The tank is most efficient at 
small roll amplitudes while the bilge keels are most 
efficient at large roll amplitudes. This can however have 
some consequences on the behavior of the vessel, 
particularly on the width of the roll spectrum and the 
distribution of the peak values. These aspects 
necessitate a careful assessment of the criteria for 
operation.

Though systematic use of 6DoF linear models give great 
insight in the performance of tanks, MARIN plans to 
further investigate the effects of non-linearities of ART 
response through the use of time domain simulations. 
This will be done either with the non-linear retardation 
functions, adding also the effect of the tank sway force, 
or with direct coupling to CFD calculations. In the latter
case, optimizing techniques are investigated in order to 
be able to generate reliable statistical data at reasonable 
costs. Some more exotic approaches are also envisaged 
through the coupling of a 6DoF oscillation table with an 
ART model to a time domain solver.
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Abstract

To prevent excessive roll motion of ships operating in
seas, damping systems are often required. Exterior sys-
tems can be used like, bilge keels or active stabilizer fins,
or interior systems like anti-roll tanks (ARTs). There are
mainly two sorts of ARTs, i.e. free surface tanks and U-
type tanks. Both types have been studied extensively in
the past, e.g. by Watts (1883), Frahm (1911) and Verha-
gen and Wijngaarden (1965), but also more recently, e.g.
by Lee and Vassalos (1996), Kerkvliet et al. (2014) and
Carette (2015). The content of this paper is restricted
to the free surface type ART, which is nowadays often
used to increase the roll damping of ships passively. The
main advantages of such an ART are the large damping
moment at small roll amplitudes and the ease to adapt
the response by changing the water level. The response
of the tank is highly frequency and amplitude dependent
with a strong non-linear character (Carette et al., 2016).
Also the shape of the interior geometry, e.g. additional
struts, plates or other flow obstructions, will have an
effect on the response, which makes it difficult to pre-
dict the response by analytical models. Therefore, sys-
tematic oscillation tests are often performed by model-
scale experiments or by use of Computational Fluid Dy-
namics (CFD). This paper shows the response of a two-
dimensional (2D) and three-dimensional (3D) model-
scale free surface ART using the CFD code ReFRESCO
(www.refresco.org). The objective of this paper is to
show which issues are important when CFD is used as
a research and design tool. A verification and valida-
tion study is performed to determine numerical settings
to obtain a good trade-off between accuracy and com-
putational costs. The CFD results are validated against
model-scale experimental results, based on the work of
Carette (2015). The results show that CFD can be used
as a simulation driven design tool to accurately predict
the response of an ART.

Keywords

anti-roll tank; ART; ReFRESCO; CFD; URANS; verifi-

cation and validation; free surface.

Introduction

To prevent excessive roll motion of ships operating in

seas, damping systems are often required. Exterior sys-

tems can be used like, bilge keels or active stabilizer fins,

or interior systems like anti-roll tanks (ARTs). There are

mainly two sorts of ARTs, i.e. free surface tanks and U-

type tanks. Both types have been studied extensively in

the past, e.g. by Watts (1883), Frahm (1911) and Verha-

gen and Wijngaarden (1965), but also more recently, e.g.

by Lee and Vassalos (1996), Kerkvliet et al. (2014) and

Carette (2015). The content of this paper is restricted to

the free surface type ART, which is nowadays often used

to increase the roll damping of ships passively. The main

advantages of such an ART are the large damping mo-

ment at small roll amplitudes and the ease to adapt the

response by changing the water level. The insensibility

to the sailing speed is another advantage which counts

for all ART types. The main disadvantages are the re-

duced cargo space and noise. The working principle of a

free surface ART is based on resonant water motions in

the tank due to ship motions, primarily roll. Due to this

resonant behaviour, the response of the tank is highly fre-

quency and amplitude dependent with a strong non-linear

character. Since the shape of the interior geometry, e.g.

additional struts, plates or other flow obstructions, will

have an important effect on the response, this is one of the

main challenges during ART design. There are currently

no analytical models that can include properly the effects

of these flow obstructions, reducing thus the accuracy of

preliminary design calculations. Therefore, systematic

oscillation tests are often performed by model-scale ex-

periments or by use of Computational Fluid Dynamics

(CFD). Here, CFD simulations will give more insight in

the details of the flow inside the tank and provide a better

understanding of the tank performance. Hence, the ob-

tained response can be used by sea-keeping codes to cal-

culate the effect on the roll motion of a ship, for design

and off-design conditions, to optimise the ART design.

The objective of this paper is to show which issues

are important when CFD is used as a research and

design tool. Therefore, a verification and validation

(V&V) study is performed for the response of a two-

dimensional (2D) and three-dimensional (3D) model-



scale free surface ART using the CFD code ReFRESCO

(www.refresco.org). The numerical uncertainty study has

been performed based on systematic grid and time step

refinements, to determine numerical settings to obtain

a good trade-off between accuracy and computational

costs. The CFD results are validated against model-

scale experimental results, based on the work of Carette

(2015). These experiments where carried out using a

6DoF Hexapod table with various motions, including har-

monic roll.

Methodology

Flow solver ReFRESCO

ReFRESCO is a viscous-flow CFD code that solves mul-

tiphase (unsteady) incompressible flows using the RANS

equations, complemented with turbulence models, cavi-

tation models and volume-fraction transport equations for

different phases Vaz et al. (2009). The equations are dis-

cretised using a finite-volume approach with cell-centred

collocated variables, in strong-conservation form, and a

pressure-correction equation based on the SIMPLE algo-

rithm is used to ensure mass conservation. Time inte-

gration is performed implicitly with first or second-order

backward schemes. At each implicit time step, the non-

linear system for velocity and pressure is linearised with

Picards method and either a segregated or coupled ap-

proach is used. A segregated approach is always adopted

for the solution of all other transport equations. The im-

plementation is face-based, which permits grids with ele-

ments consisting of an arbitrary number of faces (hexahe-

drals, tetrahedrals, prisms, pyramids, etc.), and if needed

h-refinement (hanging nodes). State-of-the-art CFD fea-

tures such as moving, sliding and deforming grids, as

well automatic grid refinement are also available. For

turbulence modelling, RANS/URANS, SAS and DES ap-

proaches can be used (PANS and LES are being currently

studied). The code is parallelised using MPI and subdo-

main decomposition, and runs on Linux workstations and

HPC clusters. ReFRESCO is currently being developed,

verified and validated at MARIN (in the Netherlands) in

collaboration with several universities i.e. IST (Portugal),

USP-TPN (Brasil), DUT (the Netherlands), UoS (UK)

and recently at Chalmers (Sweden) and UNB (Canada).

More detailed information can be found on the website

(www.refresco.org).

Numerical settings

In free-surface capturing methods the discretisation of

the convective terms, both for momentum and volume-

fraction transport equations, have an important effect

in the robustness and in the accuracy of the solutions.

For the momentum a standard 2nd order unstructured-

grids QUICK scheme is used. For the volume-fraction

transport equation, it is known that in order to keep the

free-surface interface sharp, compressive or anti-diffusive

schemes should be used (Ubbink and Issa, 1999), e.g.

HRIC, CICSAM or related version. However, these

are Courant-number dependent and keep the compres-

sive character only for Courant numbers lower than 1,

which for a time-implicit code is not efficient. There-

fore, a compressive scheme ReFRICS is used for which

the compressive character of the scheme is only based on

the direction of the grid lines and the free-surface nor-

mal, and where there are no restrictions on the Courant

number (Hoekstra et al., 2007; Vaz et al., 2009). For the

rest of the discretisation, the diffusion terms are treated

using central schemes and the time derivatives using an

implicit first order backward scheme. To complete the

RANS equations the k−√
kl turbulence model was used

(Menter et al., 2006).

Geometry

The tank is a relatively complex free surface ART with

hull shaped side walls, see Figure 1. The full scale main

dimensions are, 4.2 m in length, 13.4 m in width and 2.8

m in height, with a design filling height of 0.92 m. The

simulations for this study are performed at model-scale

with λ = 8.5. Two cases are studied, one without addi-

tional flow obstructions inside the ART, and the second

with flow obstructions as being three longitudinal plates

having an open area of 80%. To increase the numerical

robustness when using a pressure boundary condition on

top of the domain, the original height of the tank is dou-

bled compared with the experiments. For analysis a right-

handed coordinate system is used, with X the length, Y

the width and Z the height of the ART. The origin is lo-

cated at the geometric centre of the ART bottom. De-

tailed information about the main dimensions is given in

Table 1.

Table 1: Main particulars of the free surface ART.

Description Symbol Magnitude Unit

Scale λ 1:8.5 -

Max. width (y) W 1.580 m
Max. height (z) H 0.588∗ m
Max. length (x) L 0.494 m
Design filling height h0 0.108 m
Height CR wrt bottom CR 0.0 m
Volume water ∇ 0.0815 m3

Density of water ρw 1000 kg/m3

Viscosity of water νw 1.20×10−6 m2/s
Density of air ρa 1.23 kg/m3

Viscosity of air νa 1.46×10−5 m2/s

∗ For numerical robustness purpose the original height of the ART is increased
by 80%.

Figure 1: Geometry of the ART with in red the additional

plates with an open area of 80%.



Grid

For the best performance of ReFRESCO, i.e. code ef-

ficiency and small numerical errors, a block structured

grid is used. Two examples of the ART grid are given

in Figure 2. Some details of the grids are summarized

in Table 2. For verification purpose a series of grids are

generated which are indicated by the relative step size,

with respect to the finest grid. The grid refinement to-

wards the walls is indicated by an average value of the

non-dimensional y+max, which is calculated for the cases

with a roll frequency of ω = 0.675 rad/s. The y+ is

defined by y+ = uτd
ν , with d the distance of the cell-

centre to the wall and uτ the friction velocity uτ =
√

τw
ρ ,

where τw is the wall shear stress and ρ is the fluid density

at the wall. Reasonable contraction of the grid cells in

wall-normal direction is used to get enough spatial res-

olution to capture the impact and breaking of the free

surface bore. Nevertheless, the refinement is not able to

correctly capture the velocity gradients in the boundary

layer, i.e. y+ >> 1, hence wall-functions are used. For

the ART with internal plates a compact enrichment topol-

ogy is used to increase the resolution around these gates.

Table 2: Grid details for the free surface ART.

Grid Relative Number Average

ID step size of cells y+
max

(∗)

2D-g200 - 16,800 50

3D-g500 1.00 2,100,000 15

3D-g400 1.25 1,344,000 20

3D-g300 1.67 756,000 35

3D-g200 2.50 336,000 50

3D-g100 5.00 84,000 100

g200-3x80P - 408,320 50

∗ Time-averaged y+
max for ω = 0.675 rad/s.

(a) Corner grid resolution (b) Topology to include a gate

Figure 2: Examples of the grid topology and local reso-

lution, based on grid ID g200.

The boundary conditions are as follow, a constant pres-

sure boundary condition is defined on the top face of the

ART. All other faces are solid walls with a no-slip ve-

locity boundary condition, except for the simulations per-

formed in 2D which have a symmetry boundary condition

for the Y-Z plane.

Roll motion

The imposed roll motion is described by a sinusoidal an-

gular velocity with a gradual start-up during the first roll,

by:

φ̇ = F1 A ω cos(ωt) + F0 A ω sin(ωt),

F1 =
1

2
sin(

ωt

2
− π

2
) +

1

2
,

F0 =
1

4
cos(

ωt

2
− π

2
).

After one roll period the variables F1 and F0 are set to

1 and 0, respectively. Which will reduce φ̇ to a harmonic

sinusoidal angular velocity.

Data analysis

During the simulations data is written after each time

step. The analysis of both the experimental and CFD data

is post-processed in the same way, using harmonic analy-

sis based on Fourier series. The obtained RAO is a com-

plex number with an amplitude and phase, from which

the roll damping can be derived B = − Im(Mx)
ω . A phase

of 0 degrees means a roll amplifying moment, a -90 de-

grees phase is the maximum roll damping moment and

a -180 degrees phase is a roll inertial moment (’frozen’

water surface).

Programme of simulations

The programme of simulations, as given in Table 3, con-

tains both 2D and 3D grids. Details of the grid ID are

given in Table 2. For each grid several CFD simula-

tions are performed, by varying time step, oscillation fre-

quency or amplitude. The roll motion is imposed around

the bottom of the tank and consists of seven harmonic

oscillations including one start-up period. The last three

cycles are used to determine the response based on har-

monic analysis. The filling height for all cases is at design

height. The reported ART response is given in full-scale

based on Froude scaling.

Table 3: Programme of simulations.

Case Grid Time step Frequency Amplitude

ID T/Δt rad/s deg

I

3D-g500 from

0.675 2.0

3D-g400 1000

3D-g300 till

3D-g200 125

3D-g100

II
2D-g200

500
from 0.150

2.0
3D-g200 till 1.200

III g200-3x80p 500
from 0.150 0.5 1.0

till 1.200 2.0 5.0



Results

Firstly, the ART without internal structures is studied.

The numerical uncertainty of the response is determined

for one oscillation frequency. Furthermore, the conserva-

tion of water volume during the simulation is analysed.

Based on these results, a grid and time step are cho-

sen to simulate the frequency dependent response for a

given roll amplitude. Next, the response of the ART with

and without internal structures is validated against exper-

imental data.

Verification based on temporal and spatial refinement

The estimated discretisation uncertainty is based on tem-

poral and spatial refinement studies and power series ex-

pansions. The uncertainty is obtained from an error esti-

mator, a safety factor and the standard deviation of the fit

performed to estimate the error. The complete description

of the procedure is presented in Eça and Hoekstra (2014).

Details of the grids are given in Table 2 and the resolution

in time is indicated by the ratio T/Δt, with T the oscilla-

tion period and Δt the numerical time step. The relative

steps in spatial and temporal resolution are indicated by

a relative step size with respect to the smallest cell size

(h1) and the smallest time step (t1). Since the water mo-

tion inside the tank is mostly transversal, the amount of

cells in the longitudinal direction is kept constant during

the grid refinement study. Although this is not completely

correct with respect to the used verification method, the

effect is assumed to be small for this type of flow.

The results are given in Figure 3 and Table 4. In

the most optimal case both the spatial (p) and temporal

(q) curves follow a 2nd order fit reaching an asymptotic

range towards the origin. This means that more refine-

ment in space or time will not significantly influence the

estimated solution φ0. For this verification study the roll

moment amplitude, roll moment phase lag and roll damp-

ing are analysed, which are calculated from the CFD data

using harmonic analysis in the same way as the exper-

iments. Using these lower order calculated quantities

instead of the CFD data itself could influence the esti-

mated order of uncertainty and therefore also the numer-

ical uncertainty percentage. Nevertheless, since these are

the quantities of interest regarding tank performance, this

approach is considered appropriate. It should be noted

that, for the used verification method a safety factor of

3 is used for the estimated numerical uncertainty if the

order of convergence is smaller than one or larger than

two. Based on the results the following conclusions can

be made:

• The discretisation error of the roll moment ampli-

tude is mainly determined by the temporal discreti-

sation. The spanned surface shows a more or less

constant behaviour over the spatial refinement axis

and a significant change over the temporal refine-

ment. In general, the numerical uncertainty for the

roll moment based on these results is very small, i.e.

3.3% based on the 3D results at ω = 0.675 rad/s,

which is close to resonance frequency of the tank.

• The phase lag between the roll moment and the im-

posed motion shows little variations in temporal and

spatial refinement. This means that a coarse grid and

large time step could be used to estimate the reso-

nance frequency. Based on the fine grid results the

phase lag at ω = 0.675 rad/s equals 65.0 degrees

with an uncertainty of 3 degrees (4.7%).

• The roll damping shows a small uncertainty, i.e.

2.7%, but without a 2nd order for space and time.

This is due to the fact that roll damping is derived

from the roll moment and the phase lag, both with

their own uncertainties.

(a)

(b)

(c)

Figure 3: Numerical uncertainty based on Case I at

ω =0.675 rad/s.

Table 4: Estimated numerical uncertainty based on Case

I at ω =0.675 rad/s.

Item φ0 φ1 Uφ p q

Mx 22.8E6 22.6E6 3.3% 1.00 1.00
Phase −64.7 −65.0 4.7% 2.00 0.63
Damping 30.6E6 30.3E6 2.7% 1.00 ∗ 1,2

∗ 1,2 Fit was made using first and second order exponents



Conservation of water

Beside the numerical uncertainty also the conservation of

water mass is used as quality parameter to better asses the

trade off between cost and accuracy of the simulations.

This has been done using the spatial and temporal refine-

ment study simulations. The monitoring of the change

in total water volume during the simulation is important

for a free surface ART since, the response strongly de-

pends on the filling height. The change in water volume

is shown in Figure 4. The change in total water volume is

small < 0.6% for all simulations, but the figure indicated

that the change in water volume is larger when the spatial

and temporal resolution is increased. This effect is in-

fluenced by the iterative convergence for each time step.

Just before the travelling bore hits one of the side walls,

the solution is complex and more difficult to solve due to,

e.g. breaking wave and high gradients. Therefore, a lower

order of convergence is reached for those time steps. The

change in water volume can be explained by the con-

straints of the volume fraction, which is bounded by zero

and one to satisfy physical values. If the order of the iter-

ative convergence is too low, due to stagnation, or if too

little outerloops per time step are performed, this could

cause a small change in water volume. In that sense, hav-

ing a fine grid with a small time step, more flow details,

but also more bounding actions could occur and therefore

more change in water volume. Improvement of the itera-

tive convergence for the fine grids with small time steps

by, e.g. more outerloops or optimized numerical settings,

could improve the conservation of water volume.

Figure 4: Conservation of water at ω = 0.675 rad/s.

Validation - ART without obstructions

Based on the numerical uncertainty, conservation of wa-

ter and the computational costs, a grid (g200) and time

step (T/Δt = 500) are chosen to simulate the full range

of oscillation frequencies. The response of the tank in

terms of roll moment amplitude Mx (Nm/rad), roll mo-

ment phase lag (deg) and roll damping B (Nms/rad) are

validated against experimental data. The simulations are

performed for both a 2D and 3D grid. An overview of the

simulated cases is given in Table 3.

The response of the ART is given in Figure 5. Dur-

ing the experiments a setup with perforated longitudinal

bulkheads close to the side walls was tested. These plates

(a)

(b)

(c)

Figure 5: Response of the 2D and 3D ART results

compared with experiments, with and without perforated

bulkhead side plates. Case II, amplitude 2.0 deg.

are meant to reduce the wave impacts on the side walls,

hence reducing noise and impact loads. These plates were

not modelled during the CFD simulations. However, the

experimental data show that the bulkhedas had little influ-

ence on the overall response (see Figure 5, Exp Hexapod

vs Exp Hexapod with perf.). The width of the moment

and damping curves, as well as the slope of the phase are

captured very well over the range of frequencies. Based

on these simulations and the experiments, the resonance

frequency of this configuration can be determined. For

both data sets a phase lag of -90 degrees coincide with a

frequency ω0 = 0.74 rad/s. This is slightly higher than

the theoretical resonance frequency which, for a rectan-

gular tank, can be calculated by ω0 = π
W

√
gh = 0.70

rad/s, where W is the width of the tank and h is the fill-

ing height (Verhagen and Wijngaarden, 1965) (see also

Figure 5. A difference in response between the CFD and

the experiments is seen for the maximum moment and

damping, in the frequency range 0.6 < ω < 0.8. How-



ever, the difference around the peak is smaller than 10%.

Between the CFD results, a difference in response is seen

between the 2D and 3D simulations around the maximum

roll moment. Around the resonance frequencies, a mas-

sive bore travels transversally in the ART. When the bore

approaches the side wall, air enclosure could occur as

shown in Figure 6. If this happens in a 2D domain this

volume of air is bounded and cannot breakup easily, since

there is no convection in the third direction. As a conse-

quence the enclosed air will damp the impact on the side

wall, but more importantly, it will reduce the transversal

transport of water mass and, as a result, less water is con-

centrated at the side corner. This will reduce the overall

roll opposing moment amplitude and damping response.

An example for ω = 0.750 rad/s is shown in Figure 7,

where the free surface interface of the 2D and 3D case

are indicated by green and red, respectively. The 3D case

shows that more water is concentrated at one side of the

tank causing a higher roll opposing moment.

(a) 2D (b) 3D

(c) 2D (d) 3D

Figure 6: Air enclosure at impact for 2D and 3D simula-

tions.

Figure 7: Water surface indicated in green is 2D, in red is

3D.

Another way to validate the CFD results and the mea-

sured data is directly comparing the roll moment time

traces. Two examples are given in Figure 8. The top fig-

ure displays the time trace for ω = 0.750 rad/s, which

shows a very harmonic response. After four cycles

from start, including start-up, a steady state situation is

reached. The signal of the experiment is mimicked very

precisely by the CFD simulation, showing the same slope

for Mx. The bottom figure displays the time trace for

ω = 1.050 rad/s, which shows a clear phase lag of -180

degrees. The more broad-banded amplitude shows that

multiple wave systems are interacting internally, but still

showing a periodic behaviour over a few cycles. Though

(a) ω = 0.750 rad/s

(b) ω = 1.050 rad/s

Figure 8: Time traces of the ART. Case II.

the water motions are quite chaotic at such high fre-

quency, leading to very low roll moment, the behavior

is very well captured by the CFD.

Validation - ART with 80% opening gates

As mentioned before, flow obstructions are often present

inside an ART. The structures can be present for struc-

tural purposes, but are also used as a means of modify-

ing the tank response. Since, the response is highly de-

pendent on flow obstructions, a configuration with three

longitudinal bulkheads is studied. These plates have an

opening area of 80% of the longitudinal cross section of

the tank, and are placed symmetrically around the cen-

treline, see Figure 1. For this ART configuration several

roll amplitudes, varying from 0.5 till 5.0 degrees, are ap-

plied. The change in water volume due to the structural

volume of the three plates is <0.1%. An overview of the

simulated cases is given in Table 3.

The response of the ART for different roll amplitudes

is given in Figure 9. In particular the width and ampli-

tude of the moment, but also the slope of the phase lag,

are captured very well over the range of frequencies. The

difference in phase lag could be caused by the perforated

bulkheads, which were not included in the CFD simula-

tions. The same phase shift was observed for the previous

ART configuration, see Figure 5. Due to this phase shift

the resonance frequency has an offset as well, but for such

derived quantities the differences are small. To be able

to better judge the validation, experimental uncertainties

should also be considered. The results are summarized in

Table 5.



(a)

(b)

(c)

Figure 9: Response of the shaped tank. Case III.

Table 5: Influence of roll amplitude on the resonance fre-

quency.

Amplitude Natural frequency rad/s Difference w.r.t.

deg CFD Hexapod exp. experiments

0.5 0.66 0.65 1.5%

1.0 0.67 0.65 3.1%

2.0 0.71 0.67 6.0%

5.0 0.80 0.75 6.7%

For this case time traces are also compared. Two exam-

ples, with a roll amplitude of two degrees, are given in

Figure 10. The top figure displays the time trace for ω =
0.600 rad/s, which shows a very harmonic response. Di-

rectly after the start-up, a steady state situation is reached.

The signal of the experiment is mimicked very precisely

by the CFD simulation, and showing the small offset in

phase lag. The bottom figure displays the time trace for

ω = 0.900 rad/s, which also shows a very harmonic re-

sponse. For this frequency a steady state solution was

reached after four oscillations.

As a final comparison, two instantaneous time frames

(a) ω = 0.600 rad/s

(b) ω = 0.900 rad/s

Figure 10: Time traces of the ART. Case III.

from the hexapod experiments and CFD are compared vi-

sually in Figure 11. Both show the same flow features due

to the presence of the plates. Comparable waves systems

and vortices are created. From these observations, to-

gether with the similarity between the time traces, and the

well captured response of the ART, it can be concluded

that CFD is able to accurately simulate the physical be-

haviour of a free surface ART. Therefore, CFD can be

used as a simulation driven design tool to accurate pre-

dict the performance of a free surface ART with some

simple longitudinal bulkheads.

(a)

(b)

Figure 11: Time frame from the hexapod experiment and

CFD simulation.



Conclusions

In general, very good agreement is found between

the CFD results and the experimental data. At the

off-resonance frequencies, the 2D simulations show very

accurate results. Around the resonance frequencies, 3D

simulations show better agreement, since air enclosure

during wave breaking is better captured. If air enclosure

occurs in 2D, the enclosed air will damp the impact on

the side wall, but more importantly it will reduce the

transversal transport of water and, as a result, less water

is concentrated at the side corner. This will reduce the

overall roll opposing moment and damping response.

Based on the performed verification study, the numerical

uncertainty for all derived response quantities is less than

5%, around the resonance frequency. The discretisation

error of the roll moment is mainly determined by the

temporal discretisation, whereas little variation was seen

for the phase lag. Monitoring of the change in total

water volume during the simulation is important for a

free surface ART since the response strongly depends on

the filling height. By optimizing the numerical settings,

e.g. increase the iterative convergence, the conservation

of water volume could be improved.

The analysis performed in this paper describes the simi-

larity between the CFD results and the physics captured

during the experiments. The analysis contains the di-

rectly comparing of, the roll moment time traces, the

physical motion of the water and the derived response of

the free surface ART. From this it can be concluded that

CFD is able to accurately simulate the physical behaviour

of a free surface ART. Therefore, CFD can be used as a

simulation driven design tool to accurate predict the re-

sponse of a free surface ART.
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Abstract

Over the last years MARIN has developed an integrated
model testing approach for the prediction of the perfor-
mance of free-surface Anti Roll Tanks (ART) in reduc-
ing the roll motion of vessels. Beside the tailor-made
test programme, the approach is mostly characterised by
the specific test set-up that allows the measurement of the
reaction forces generated by the ART on the ship model
during seakeeping tests in a wave basin. After a brief in-
troduction of the working principle of free-surface ARTs
and the MARIN test set-up and programme, the paper de-
scribes in detail the measurements obtained from ARTs
during a series of seakeeping test campaigns.
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Introduction

In the recent years MARIN has developed a particu-

lar testing approach for the measurement of the reaction

forces of free-surface anti-roll tanks.

The objective of the present paper is to show how this

approach, which has been followed throughout the differ-

ent projects where this approach was applied, has led to

obtain an accurate picture of the behaviour of free-surface

ARTs. In the first section, the reader is introduced to

the working principle of free-surface ARTs and the usual

model testing techniques applied to characterise their be-

haviour. In a further section, the approach followed by

MARIN is described with detail, and the merits of such

approach are highlighted. Finally, some of the test results

are discussed.

Free-surface anti roll tanks

General description

Free-surface tanks represent a very widely used solution

to reduce the roll motion of ships. They date back to

the years 1880 when P. Watts and R. Froude proposed

to install ”water chambers” to reduce the roll motion of

ships. They usually consist of a rectangular box, filled

with a liquid (in most cases salt water) up to a predefined

level. By choosing carefully the filling height, resonant

water motions are created in the tank due to ship motions

with such phasing that they will damp the roll motion of

the ship. For more details the reader is invited to consult

the paper of Van den Bosch and Vughts (Van den Bosch

and Vugts, 1966). A photo of a scale model of a free-

surface ART is provided in Figure 1

Figure 1. Scale ART model.

These ARTs are typically found on offshore patrol ves-

sels, fishing vessels or offshore supply vessels. The fact

that they occupy a large part of the ship volume may ex-

plain why they are not very widely applied on cargo and

container vessels.

Design validation by model tests

Although the progress of numerical methods for the pre-

diction of ART performance should be acknowledged, it

is usual to proceed with the validation of an ART design

by conducting scale model tests. Two approaches are fol-

lowed:

• Model tests on an oscillating test bench: during

these tests, a scale model of the ART is mounted

on an oscillating table, simulating the rolling of the

vessel. The amplitude and frequency of the oscil-

lations are controlled. The reaction forces from the

ART are measured via a force transducer frame lo-

cated underneath the ART model.

• Seakeeping tests with a scale model of the ART fit-

ted in a scale model of the vessel: during these tests

the scale model of the ship with ART is placed in a

wave basin, and the ship sails freely in waves. By



alternating tests with empty and filled ART, the per-

formance of the ART can be quantified.

Although the first method is relatively cheap to set-up

and gives valuable resuts, it has two weaknesses. First,

the tank reacts to a prescribed motion and not to the ac-

tual roll motion that is exerted on the vessel. Although

oscillating tables exist in various degrees of complexity,

they are usually used for a predefined range of roll am-

plitudes and frequencies, and the result is coupled with

calculations. This can be very complex in the case of ir-

regular motions as the response of the tank is non-linear.

Secondly, only the roll motion and roll-induced sway are

considered, whereas the ART actually responds to accel-

erations that can be caused by combined motions (e.g.

sway and yaw) (Carette, 2015). In the second method,

the performance of the ART is purely estimated based on

the rolling of the vessel with and without ART, however

a detailed insight in the action of the ART is not possible.

MARIN proposes a combined testing approach, in

which part of both aforementioned approaches are used.

MARIN integrated testing approach

Test set-up

Usually, the performance of ARTs is estimated either nu-

merically or by means of tests with a scale model of the

ART on an oscillating table. In most cases, these tables

can only generate a roll motion, sometimes with the pos-

sibility to adapt the height of the rotation axis to intro-

duce roll induced sway. More recently, hexapods that can

generate a 6 degree of freedom motion are used (Carette,

2015).

An interesting alternative is to measure the reaction

forces from the ART not on a test bench but with the

ART installed in the ship model. Doing so will allow to

directly measure the influence of the ART on the roll mo-

tion when the vessel is sailing in a waves. Moreover, by

installing a force measurement frame between the ART

and the ship model, it is possible to also measure the re-

action forces of the tank due to the ship motions.

The test set-up consists of a scale model of the ART.

Usual ART model scales range between 1 to 10 and 1 to

50, depending on the type of vessel and test programme.

The ART is usually made of Plexiglas, so that the wa-

ter motions can be easily visualised. The scale ART is

mounted on the upper part of a so-called 6-component

force transducer frame, and the frame is fixed to the ship

model. This is done in such a way that the tank is placed

at the correct position in the ship. A view of such set-up

is presented in Figure 2.

From the force measurements, the three forces and

three moments due to the water motions in the tank can

be derived.

The 6-component frame consists of two steel frames

(an upper frame and a bottom frame), connected to each

other by 6 force transducers (Figure 3):

• one measuring forces in transverse direction

SHIP MODEL

6 COMPONENT
FRAME

ART

Figure 2. Scale ART setup

• two measuring forces in longitudinal direction

• three measuring forces in vertical direction

Figure 3. bottom half of 6-component frame

The sampling frequency of the force transducers is set

to 1 kHz at model scale. This corresponds to approxi-

mately 150 to 300 Hz full scale.

The water motions can also be measured in the tank by

means of wave probes.

Further, the ship model is instrumented to measure the

following quantities:

• 6 degrees of freedom

• longitudinal and transverse speeds

• accelerations in all three directions at several loca-

tions

• propeller revolutions, thrust and torque



• incoming wave elevation at several locations around

the ship model

Test programme

Roll decay and forced roll tests are conducted in calm

water. These tests allow to characterise the natural roll

period of the vessel as well as the amount of roll damping.

By conducting these tests alternatively at zero speed and

in transit, the effect of forward speed on the natural period

and damping can be determined.

Roll decay tests are deemed accurate as long as there

is a sufficient number of oscillations of relatively large

amplitude, in other words when the damping is not too

high. Things become more complicated when the damp-

ing increases and the number and amplitude of the roll

oscillations reduce. In this perspective, forced roll tests

represent a good alternative. Forced roll tests are more

time-consuming and expensive than roll decay tests as

they require a specific roll excitation mechanism to be

installed in the ship model. At MARIN it consists of a

flywheel, brought into rotation by an electrical motor. By

adjusting the amplitude and frequency of the flywheel ro-

tations, the model can be excited into a pure, steady roll

motion (see Figure 4).

Figure 4. Flywheel and motor

By assuming that the work generated by the flywheel

is equal to that dissipated by the ship, the damping mag-

nitude can be estimated. For conditions with empty ART,

the damping obtained from forced roll tests shows an

excellent agreement with that obtained from roll decay

tests.

Tests in transit in regular waves allow to determine,

among others, the Response Amplitude Operator (RAO)

of the ship motions. The ship speed, wave heading, wave

amplitude and wave frequency are selected based on the

result of preliminary calculations. A first test series is

conducted with the ART empty. Beside the variation in

wave frequency, some variations in wave amplitude are

also conducted to check the non-linearity of the roll re-

sponse. A repeat series is conducted with the ART filled,

so that the effect of the ART on the transfer functions can

be appreciated.

Tests in transit in irregular waves provide valuable

information on the performance of the ART in realistic

sailing conditions. As for the tests in regular waves, the

sailing and environmental conditions are selected based

on preliminary calculations in order to cover critical con-

ditions. Given that most resonant conditions are obtained

at high speed in long waves, the frequency of wave en-

counter is low. This means that a large number of runs

is required in order to build up reliable statistics from the

measurements.

Testing facility

Tests are usually conducted in the Seakeeping and Ma-

noeuvring Basin of MARIN (SMB). The basin measures

170 x 40 x 5 m in length, width and depth. It is equipped

with wave makers along one long and one short side. The

wave maker consists of 331 flaps that are all individually

driven by an electric motor. This facilitates the genera-

tion of regular waves and long and short-crested irregular

waves from any direction. A main carriage (x-direction)

and a sub-carriage (y-direction) follow the model con-

stantly. A view of the SMB is shown in Figure 5.

Figure 5. Seakeeping and Manoeuvring Basin of

MARIN.

The tests are executed with a free-sailing, self-

propelled model. In a free-sailing set-up, the only con-

nections between the model and carriage consist of free-

hanging wires for the relay of power and measuring

equipment).

Post-processing

The measurement of the ART reaction forces are post-

processed using the following methodology:

• a low-pass filter is used to isolate the wave-

frequency content of the signal

• the forces measured at the six-component frame

underneath the ART are combined to derive the

total forces and moments at the centre of the 6-

component frame (reference point of the setup):{
Fitot =

∑
j Fij for i = 1,2,3

Mitot =
∑

j Fij · λj for i = 1,2,3
(1)



where i represents the translation modes and j the

transducer number within the 6-component frame,

and λ the lever arm between transducer and centre

of the 6-component frame.

• the forces and moments derived above are corrected

for inertia effects due to the model itself. This is

done by combining the accelerations at the centre of

gravity (CoG) of the ART model in all 6 degrees of

freedom and the inertia terms (mass and rotational

inertias) derived on beforehand. The coupled inertia

terms are usually neglected.

• the forces are then translated to the ship CoG.

• the roll moment due to the water motions inside

the ART is further analysed using frequency-domain

decomposition, so that the amplitude and phase at

each frequency can be determined. The spectral re-

sponses of roll and roll moment are computed using

Welchs Overlapping Segmented Average (WOSA)

method (Welch, 1967). The complex RAO of the

roll moment was obtained as the ratio of the spec-

trum of the roll moment and that of roll. From the

RAO, the damping (B) and restoring (C) coefficients

are derived using the following rules:{
B = − Im(Mx)

ω
C = Re(Mx)

(2)

where Mx is the complex RAO of the roll moment

with respect to roll.

ART response

Traditional performance prediction

The traditional quantification of the ART performance is

conducted by investigating the effect of the tank on the

reduction of roll amplitudes and on the roll damping of

the ship. These two ways are illustrated in Figures 6 and

7.

In Figure 6 the roll amplitude as function of the exci-

tation generated by the flywheel is shown. One can see

that the ART is mostly effective at low excitation levels,

where the roll amplitudes are the smallest, while its ef-

fect degrades at larger amplitudes. This is a well-known

feature of ARTs.

The damping with and without ART, also obtained

from forced roll tests, is illustrated for two speeds in Fig-

ure 7. On the figure the damping determined for different

levels of excitation as percentage of the critical damping

is shown as function of the roll amplitude reached. The

excitation frequency is set to the natural roll frequency

of the ship, previously obtained by means of a roll de-

cay test. At low speed, the ART is noted to approxi-

mately triple the roll damping when compared with the

case without ART. At high speed, the contribution of the

hull lift to the total damping is much larger, and the con-

tribution of the ART significantly smaller.
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Figure 6. Roll amplitudes during forced excitation (in-
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Figure 7. Roll damping analysis

Reaction forces

The analysis of the roll moment generated by the ART

during the tests in irregular waves (Figures 8 and 9) shows

that it is the largest in the condition where the lowest roll

amplitudes are observed. As for the amplitude, the mo-

ment phase lag is noted to be very different in the non-

resonant conditions compared with resonant conditions.

In the head sea condition (plain line with diamond sym-

bols), the phase lag increases gradually from 0 to 180

deg. Considering the natural frequency of the ART to

be defined by the frequency at which the 90 deg phase

lag is reached, the natural frequency is 0.31 rad/s. In

roll resonant conditions, where the roll motions where

much larger, the phase curve changes profoundly, becom-

ing more ”flat” and the intercept with the 90 deg phase

lag line is obtained for much higher frequencies. This

is in line with the observations made by Van den Bosch

and Vugts (Van den Bosch and Vugts, 1966), according

to who the natural frequency of the ART increases with

increasing amplitude. Also, they mention that the phe-

nomenon is also amplified when the position of the ART

is relatively high on the vessel, which is the case here.
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Figure 9. ART moment phase (positive = lead)

Following the post-processing method described

above, the damping and restoring curves were derived.

These are presented in Figures 10 and 11.

Naturally, the damping curve derived from the test with

low roll amplitudes, in head seas, shows a relatively large

damping amplitude close to the tank natural frequency,

while in conditions with resonant roll, the damping am-

plitudes reduce substantially.

The restoring curve indicates that at relatively large roll

amplitudes, the curve will flatten. Nevertheless, the mag-

nitude at very low frequency, which corresponds to the

static free surface effect of the tank, is noted to be the

same for all conditions.
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Figure 11. ART restoring coefficient

Filling level

The effect of the filling level on the response of the tank

was investigated. Tables 1 and 2 summarise the findings

from repeat tests in transit in regular stern-quartering seas

for three different filling levels: a reference filling level

and two variations: one being two-thirds of the reference

level and the other one nearly increased by half the refer-

ence level. The combination of sailing speed, wave fre-

quency and heading was chosen in such a way that the

roll resonant frequency of the ship without ART was hit.

Table 1 shows that the moment generated by the ART

increases linearly with the filling level. However, the



phase lag is noted to decrease, which means that the ART

is becoming more and more in phase with the roll motion

rather than roll velocity.

Table 1. Effect of filling level on ART moment ampli-
tude and phase

Filling level Mx Phase

0.66 ∗ href 0.63∗Mxref -63.5

href Mxref -50.5

1.43 ∗ href 1.44∗Mxref -35.4

The effect of the filling level on the stabilising moment

was further translated into damping and restoring coef-

ficients as described in Eq.(2). It can be seen that past

the reference level, an increase in filling level hardly has

an effect on the ART damping. However, a larger filling

level tends to decrease the restoring coefficient, in other

words the ART will have a larger de-stabilising effect.

Summarising, an excessive filling level does not improve

the roll damping ability of the ART, in the contrary it

yields a negative impact on the total stability of the ship.

Table 2. Effect of filling level on ART damping and
restoring coefficients

Filling level B C

0.66 ∗ href 0.75∗Bref 0.44∗Cref

href Bref Cref

1.43 ∗ href 1.09∗Bref 1.81∗Cref

Conclusions

In the present paper the state-of-the-art model testing ap-

proach as applied at MARIN to study the performance

of free-surface anti roll tanks (ART) on ships was pre-

sented. This approach includes both a specific test set-

up, in which a scale model of the ART is mounted on a 6

component force transducer frame, itself fixed to the ship

model, and a tailor-made test programme where several

testing techniques are employed. So-called forced roll

tests have led to the determination of the roll damping

generated by the ART as well as a first impression of the

impact of the tank on the roll amplitudes. The test results

have also shown that the ART is most effective in reduc-

ing small roll amplitudes. Based on the measurement of

reaction forces conducted underneath the tank, the roll

moment generated could be determined for a wide range

of tests, including forced roll tests, tests in regular waves

and tests in irregular waves. The analysis of the moment

has indicated that the amplitude and phase of the ART

moment is depending on the amplitude of the roll motion,

and the natural frequency of the ART increases with in-

creasing roll amplitude. This result was already observed

by Van den Bosch and Vugts (Van den Bosch and Vugts,

1966). After translating the ART moment into damping

and restoring components, it was observed that when the

ship rolling increases, the magnitude of the damping gen-

erated by the ART decreases. A ”flattening” effect was

also observed on the restoring coefficient curve. Repeat

tests in waves conducted for a variation of filling levels

have shown that increasing the filling level past a certain

threshold does not impact the damping property of the

ART, but influences negatively the stability of the ves-

sel. Summarising, the model testing approach presented

above provides a good insight into the capabilities of a

free-surface anti roll tank in realistic testing conditions.

In the light of the latest developments of Computa-

tional Fluid Dynamics on the prediction of ART flows

(Kerkvliet et al., 2014), (Carette, 2016), it is nevertheless

expected that the numerical analyses will soon become

the standard approach for the computation of ART per-

formance.

References

Carette, N. (2015). A study of the response to sway mo-

tions of free surface anti-roll tanks. WMTC 2015 Pro-
ceedings.

Carette, N. (2016). On the design of anti-roll tanks.

PRADS 2016 Proceedings.

Kerkvliet, M., Vaz, G., Carette, N., and Gunsing, M.

(2014). Analysis of u-type anti-roll tank using urans.

sensitivity and validation. OMAE 2014 Proceedings
23483.

Van den Bosch, J. and Vugts, J. (1966). Roll damping by

free-surface tanks. TNO, Report No. 83 S.

Welch, P. (1967). The use of fast fourier transform for the

estimation of power spectra: A method based on time

averaging over short, modified periodograms. IEEE
Transactions on Audio and Electroacoustics, 15.



 

 
 
 
 
 

Collisions 
 

Investigation on stretching deformation of side shell plating under bulbous bow striking scenario 
(ID022) 

Comparative study on the application of highly ductile steel to the sides structures for improving 
structural integrity of double hull tankers in ship-ship collision (ID059) 

Collision response and residual strength of jack-up structure (ID111) 

 
  



 
  



Proceedings of PRADS2016 
4th – 8th September, 2016 

Copenhagen, Denmark 

Investigation on stretching deformation of side shell plating under 
bulbous bow striking scenario 
Zhiqiang Hu1), Ge Wang2) and Kun Liu3) 

1) State Key Laboratory of Ocean Engineering, Shanghai Jiao Tong University, Shanghai, China 
2) ABS Huston, US  

3) Jiangsu University of Science and Technology, Zhenjiang, Jiangsu, China 
 
 

Abstract  

An investigation on the stretching deformation process of side 
shell plating under bulbous bow striking scenario is intro-
duced in this paper, with the methods of analytical analysis, 
model test and numerical simulation. The stretching defor-
mation behavior of the side shell plating plays a crucial im-
portant role at the crashworthiness evaluation for the inte-
grated side structure of a tanker under the bulbous bow strik-
ing scenario. Firstly, the theoretical analysis on the defor-
mation of the shell plating was carried out, and an analytical 
method for resistance prediction of the shell plating under 
bulbous bow striking scenario was proposed. Secondly, a 
model test was conducted, on purpose of verifying the pro-
posed analytical method. A piece of rectangular shell plating 
with fixed edges boundary condition was punctured by a heavy 
drop hammer with bulbous bow. Through the model test re-
search, striking velocity, rupture and deformation characters, 
and the curve of resistance vs. indentation were obtained. 
Thirdly, numerical simulations were carried out with code 
LS_DYNA, to simulate the model test case. Finally, the com-
parisons among the results of analytical calculation, the re-
sults of model test, and the results of numerical simulation 
were made. With the comparison analysis, the mechanism of 
stretching deformation characters of side shell plating was 
summarized. And it is proved that the proposed analytical 
method can be used to predict the stretching resistance of the 
tanker side shell within limited indentation range, but further 
work on the rupture mechanism of shell plate is still needed. 

Keywords 

Collision; side shell; structural resistance; analytical 
method; model test; numerical simulation 

Introduction 

The crashworthiness of the side shell structure of the 
sailing ships is of great importance to assess the safety 
of the ship, especially for the scenario when the ship is 
struck by a bulbous bow and in a right angle direction. 
Among the side structural components, the side shell 
plating plays the dominant role in absorbing the striking 
energy and protecting the content inside of the ship. 
Therefore, on purpose of increasing the survivability of 
the struck ship, one of the most important ways is to 
increase the energy dissipation capability of the side 

shell plating. So, during the structural design stage, it is 
necessary to evaluate the structural resistance capability 
of the side shell plating. Among those methods, the 
simplified analytical method has its advantage at design 
stage, and can be used easily, even with hand calcula-
tion.  
During the past decades, several analytical methods 
have been established to evaluate the structural re-
sistance capability of ship side structures. Wang (1998), 
Zhang (2002), Harris Sabril and Jørgen Amdahl (2013), 
Simonsen (2000) and Lee (2004) all proposed their 
analytical methods on predicting the structural re-
sistance capability of ship side structure. Among these 
methods, Wang’s method and Zhang’s method are cho-
sen as representatives.  
In Wang’s method, the side shell plating is simplified as 
square plating, and the striking bulbous bow is simpli-
fied as point-load and sphere-load. Based on these sim-
plifications, a series of analytical equations on re-
sistance capability under point-load and sphere-load 
calculation were derived, and these equations were 
verified by model test research. The deformation modes 
of the point-load and sphere-load in Wang’s method are 
shown in Fig. 1. 
Under the point-load condition, the resistance is ex-
pressed as: 

0F t      (1) 

Under the sphere-load condition, the resistance can be 
calculated by: 

0= sin (1 sin )rF tR
R

                 (2) 

Where, is the largest indentation, σ0 is the flow stress, 
α is the angle defined in Fig. 1, t is plating thickness, R 
is the radius of the plating, and r is the radius of the 
indenter. 
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Fig. 1: Deformation Model of Plate Subjected to Point-

load (up) and That of Sphere-load (down) 

Wang’s method has its advantage of easily using, but 
the simplifications, especially the round plating assump-
tion, might bring some error in the estimation.  
Compared with Wang’s method, Zhang (2002) pro-
posed a different calculation method. He postulated the 
deformation expressing functions on the indentation at 
the deformation zone of the side plating, and kept the 
rectangular shape of the side shell. Then the equivalent 
structural strains at all of the deformed area can be car-
ried out. With the equivalent structural strains, the struc-
tural resistance of the whole plating can be obtained. 
Zhang’s method has its advantage on the accuracy im-
provement and rectangular plating basis. Zhang’s meth-
od is adopted for the analysis in this paper. But Zhang 
(2002) only used its method on evaluating point-load 
case, which is shown in Fig. 2.  

 
Fig. 2: Deformation of a Rectangular Plate Subjected 

to a Point Load at Its Center 

Zhang used the deformation functions in Eq. 3, and got 
the resistance in Eq. 4. 

( , , ) x yw x y t
a b

                                                  (3) 

0 2 2
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F tab

a b
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Where, a and b are the length and breadth of the rectan-
gular plating, respectively.  
Based on Zhang’s method, Harris Sabril (2013) found 
that under the rectangular plating condition, the line 
load resistance can be estimated approximately by a 
linear summation of point-loads in both of the x and y 
direction, which is described in Eq. 5.  

int
1
3po load line load x line load yF F F    (5) 

In addition, Harris Sabril extended this relationship into 
the scenario of ellipsoid-shape bulbous bow striking 
side shell plating, and proposed the resistance expres-
sion as Eq. 6. 

1 2 1 2

0
8 1 1

3 3
b aF t
a a b b

 (6) 

In this paper, a new analytical method is proposed to 
predict the structural resistance for the scenario of ellip-
soid-shape bulbous bow striking the rectangular side 
shell plating. Besides, this analytical method is verified 

by model test method and numerical simulation method.  
Model tests are often used to verify the analytical meth-
ods. For example, Liu Bin (2015a) used quasi-static test 
to verify a simplified analytical method, which can be 
used to assess the structural response of tanker side 
panel. Besides, Liu Bin (2015b) also used model test to 
verify an analytical method for the scenario of rectangu-
lar cross section tubes under lateral low-velocity impact.  
Due to the explosively development of computer tech-
nology, numerical simulation method has being often 
used by researchers and designers, for it can provide 
significant details and satisfactory results to the defor-
mation process of structure subjected to collision acci-
dents as long as the modeling parameters are properly 
set. Moreover, numerical simulation method has the 
advantage of low costs and repeatable analyses, com-
pared to the experimental method. For example, Trav-
anca J. and Hao Hong (2015) used numerical simulation 
method to analyze the global response of jacket plat-
form under ship collision. Ringsberg Jonas (2010) ana-
lyzed the parameters of material for numerical simula-
tions application in ship side structure response and ship 
survivability in ship collisions. Yu Zhaolong and Hu 
Zhiqiang (2013) conducted numerical simulations to 
verify a simplified analytical method for tanker double 
bottom structure under shoal grounding scenario. 
Yamada Y. (2006) took advantage of nonlinear finite 
element tools analyzing the buffer effect of the bulbous 
bow to reduce oil spill during collision accident. 

Analytical Method 

Based on the evaluation of the previous important work 
carried out by Wang (1998), Zhang (2002) and Harris 
Sabril (2013), a new analytical method for the predic-
tion of resistance of the side shell plating stretching 
deformation is established in this section.  
In this method, the struck side shell plating is assumed 
to be rectangular, which is the same as the assumption 
made by Zhang (2002). The length of the rectangular 
plating is 2a, and the width of the rectangular plating is 
2b. The rectangular plating has fixed boundary condi-
tions on all of its four sides. The striking bulbous bow is 
assumed to possess an ellipsoid shape.  
The ellipsoid-shaped bulbous bow can be defined in Eq. 
7 and shown in Fig. 3, where lx, ly and lz are the three 
diameters of the ellipsoid bulbous bow. 

2 2 2

2 2 2 1
x y z

x y z
l l l

     (7) 

 
Fig. 3: Definition of the Ellipsoid-shaped Bulbous Bow 

Shape 



Firstly, it is assumed the rectangular plate is struck by 
an indenter whose cross section is the same ellipse as 
shown in Fig. 4, and the length of the striker is bigger 
than the length of the plating. Therefore, the ellipse 
shape can be defined in Eq. 8. 

2 2

2 2 1
x y

x y
l l

      (8) 

 
Fig. 4: Deformation Model of Side Plating in XOY 

Plane 

During the stretching deformation, the strain of the 
plating can be expressed in Eq. 9. 

1( ) 1
cos cos

l l l    (9) 

Among which, l is the original half length of the unde-
formed side plating, and α is the angle between the 
deformed plating and the horizontal plane. Besides, the 
strain rate of the plating can be expressed as: 

2

sin
cos2

sin
2       (10) 

And, according to the calculation way of membrane 
stretching energy rate in Eq. 11, the membrane energy 
dissipation rate can be obtained as Eq. 12. 

m p eqV
E N dSE N eqdSeq     (11) 

0_sideplate 2

sin4
cosmE abNE abN4    (12) 

where, 0_sideplateN is the unit plastic tension force of the 
plating strip, and can be expressed as: 

0_sideplate 0 pN t     (13) 

Where, σ0 is the flow stress, and tp is the thickness of the 
plating.  
The indentation can be obtained as: 

( ) tan
cosx

ll b    (14) 

Where, b is half of the breadth of the plating, and can be 
carried out as: 

tan cospb x l     (15) 

Where, xp is the coordinate of the point where the 

curved line meets the straight line in Fig. 4, and it is 
expressed as: 

2

2 2
1 tan1p
x y

x
l l

    (16) 

Therefore, with the integration of Eq. 14~16, the inden-
tation Δ can be carried out as Eq. 17. 

4 2 2

2 2
cos sin costan 1x

x y

l b
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(17) 

Then, according to the upper bound theory, the crushing 
velocity of the load can be obtained through the deri-
vation of parameter α, and it is expressed in Eq. 18. 
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Where, is the curving rate of the side shell plating.  
Because the proportion of the bending energy dissipa-
tion is very small, neglecting it does not introduce big 
error in predicting the total energy absorption. So the 
instantaneous resistance of the side plating can be de-
rived as: 

_
m

p y
EF E      (19) 

Thus, the instantaneous collision force in xoy plane can 
be obtained in Eq. 20. 
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Similarly, considering the ellipsoid in xoz plane, the 
cross section of the ellipse can be defined as: 

2 2

2 2 1
x z

x z
l l

     (21) 

And the resistance _zpF can be obtained in the similar 
way, and expressed in Eq. 22. 



_ 0_sideplate 2

4 2 2
1.5

2 2

3

2 2 2

sin4 /
cos

cos sin cos( )
2 2

sin 4 4cos sin( )
2 cos

m
p xoz

x z

z x

EF abN

l l

a
l l

EE 4

  (22) 

Finally, according to the contribution of Harris Sabril 
(2013), a linear simplification is adopted to determine 
the resistance of the rectangular plate struck by an ellip-
soid indenter, and the resistance can be expressed as: 

_y _z
1 ( )
3p p pF F F     (23) 

Model Test 

On purpose of verifying the proposed analytical method, 
a dropping hammer test was conducted in Jiangsu Uni-
versity of Science and Technology. Through the test, the 
curve of collision force vs. indentation was obtained. 
The testing setup and the testing plate are shown in Fig. 
5. The length is 1000mm, the width is 1000mm, and the 
thickness is 3.7mm. The testing plating was installed 
with fixed boundary conditions at all of its sides. The 
material of the testing plating is Q235, and its property 
is listed in Table 1. 
The dropping hammer has a sphere shape head. The 
dropping hammer has an original height of 1m, and then 
was released to hit the testing plating. The pictures of 
testing plating before and after the hit are shown in Fig. 
6.  
The data of the collision force was collected by the load 
transducer installed in the hammer, and the data of the 
hammer displacement was measured by the high speed 
video. With the data of hammer displacement, the in-
dentation of the testing pipe can be deduced. Then, the 
curve of collision force vs. indentation can be obtained.  

 

 
Fig. 5: Testing Setup and the Testing Plate 

Table 1: Material property of the testing pipe 

Material Low-carbon steel 
Density (ρ) 7850kg/m3 
Modulus of elasticity (E) 2.1×1011N/m2 
Poisson’s ratio (ν) 0.3 
Yield stress (σy) 2.35×108N/m2 
Strain rate parameter (q) 5 
Strain rate parameter (C) 40.4 
 

 

 
Fig. 6: Structural Deformation of the Testing Plate 

Numerical Simulations 
Besides model test, a set of numerical simulations were 
also carried out, to verify the analytical calculation 
method. The numerical simulation was conducted by the 
code LS_DYNA. The FEM model is shown in Fig. 7. 
The mesh size is 7.5mm×7.5mm. The element type was 
four-node Belytschkoe-Tsay quadrilateral (ELFORM2). 
A mesh size sensitive analysis was conducted, proving 
the feasibility of this scantling of mesh size. Due to the 
limitation of the paper size, the mesh size sensitivity 
analysis is not introduced in the paper. All of the four 
sides the testing plate was defined with fixed boundary 
conditions. The dropping hammer was modeled accord-
ing to the shape scantling, and it was defined with rigid 
property. The material of the testing pipe is Q235, and 
its property is listed in Table 1. The failure strain was 
defined as 0.35, and the friction coefficient was set as 
0.3. The strain-rate effect was taken into consideration 
by Cowper-Symonds formula in Eq. 24, and the pa-
rameter C=40.4 and q=5. 

    (24) 

Where, σ1 is the static stress, σ is the dynamic stress, ε is 
the strain rate, and C and q are parameters. The initial 
striking velocity was defined as 0.5m/s.  
The stress contour and structural deformations of the 
struck plating at four difference moment are shown in 
Fig. 8.  



 
Fig. 7: Finite Element Model of the Collision Scenario 

 
0.075s   0.12s

0.225s   0.44s 
Fig. 8: Stress Contour and Structural Deformation of 

the Testing Plate 

Comparisons and Discussion 

With the analysis results from the analytical method, the 
results from the model test and the results from the 
numerical simulation, a comparison is made. The com-
parison among the curves of resistance vs. indentation is 
presented in Fig. 9. And the structural damage of the 
side shell plating in model test and that of the numerical 
simulation is shown in Fig. 10.  

 
Fig. 9: Comparisons of the Curves of Collision Force 

VS. Dented Depth through Analytical Method, 
Model Test and Numerical Simulation 

 

 
Fig. 10: Comparison of Structural Damage of the Plat-

ing in Model Test and in Numerical Simulation 

It is indicated from Fig. 9 that the tendencies of the 
three curves are close to each other, though there are 
some discrepancies between the three curves. Firstly, it 
can be pointed out that within the range of 0.075m in-
dentation, the curve of the analytical method and the 
curve of numerical simulation are parallel to each other; 
and the curve of the model test shows some oscillating 
character but close to the other two curves. This vari-
ance tendency proves that within relatively small inden-
tation range and before the rupture of the side shell 
plating, the analytical method is valid to be used to 
predict the resistance of the deformation and a conserva-
tive result can be expected. However, when the indenta-
tion becomes large and especially when rupturing oc-
curs on the side shell plating, the analytical method is 
no longer suitable for predicting the structural response 
for the bulbous bow collision scenario. Secondly, the 
comparison proves another key point that the rupture of 
the rectangular plating is of crucial importance to evalu-
ate the crashworthiness of the side shell plating for 
resisting bulbous bow striking. This will be the next step 
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for establishing an integrated analytical method on the 
structural resistance evaluation for the side shell plating. 
Thirdly, it can be seen that the structural deformation 
and the rupture holes looks similar in Fig. 10, however, 
there is discrepancy between the resistance curve of the 
model test result and that of the numerical simulation, 
especially the peak value and the indentation at where 
the peak value occurs. The peak value of the model test 
is much larger than that of the numerical simulation. 
The testing data collection and the post-processing 
might bring some error, but this discrepancy may be 
caused by the definition of the material failure strain 
criteria in the FEM modeling. It is demonstrated that 
defining a proper material failure strain in FEM model-
ling is of great importance to acquire a correct predic-
tion result for structural response under collision scenar-
io, and the comparison analysis again proves it. There-
fore, to find a proper way to define the material failure 
strain criteria in FEM modeling will be taken into con-
sideration in the future work. 

Conclusions 

Based on the previous work done by Wang (1998), 
Zhang (2002) and Harris Sabril (2013), a new analytical 
method is established for the prediction of structural 
response of side shell plating under ellipsoid-shape 
bulbous bow collision in right angle direction. The cal-
culation equations of the structural resistance are de-
rived and the feasibility of this method is verified 
through the model test and numerical simulation tech-
niques.  
From the verification work, it is proved that the analyti-
cal method can be used to predict the structural re-
sistance of the side shell plating under bulbous bow 
striking scenario within a limited indentation range. It is 
also demonstrated that the analytical method is not valid 
for large indentation condition, and more future work is 
needed to establish feasible plating rupture criteria by 
analytical method and define reasonable material failure 
strain in FEM modeling. 

Acknowledgement 

The authors gratefully acknowledge the financial sup-
port for this research from the Natural Science Fund of 
China (Grant No. 51239007). 

References 

Wang, Ge, Ohtsubo, H and Arita, K (1998). "Large 
deflection of a rigid-plastic circular plate pressed by 
a sphere". J Appl. Mech, Vol.65, No 2, pp 533–535. 

Zhang Shengming (2002). "Plate tearing and bottom 
damage in ship grounding", J Marine Structures, 
Vol.15, No 2, pp 101-117. 

Sabril, Haris and Amdahl Jørgen (2013). "Analysis of 
ship–ship collision damage accou`nting for bow` 
and side deformation interaction", J Marine Struc-
tures, Vol.32, pp18-48. 

Wang, Ge, Arita Kikuo and Liu Donald (2000). "Behav-
ior of a double hull in a variety of stranding or colli-
sion scenarios", J. Marine Structures, Vol.13, No 3, 
pp 147-187. 

Liu Bin, Villavicencio R and Soares C Guedes (2015a). 
"Simplified method for quasi-static collision as-
sessment of a damaged tanker side panel", J Marine 
Structure, Vol 40, pp 267-288. 

Liu Bin and Soares C Guedes (2015b). "Plastic response 
and failure of rectangular cross section tubes sub-
jected to transverse quasi-static and low-velocity 
impact loads". International Journal of Mechanical 
Sciences, Vol.90, pp 213–227. 

Travanca, J. and Hao Hong (2015). "Energy dissipation 
in high-energy ship-offshore jacket platform colli-
sions". Marine Structures, Vol.40, pp 1-37. 

Ringsberg Jonas (2010). "Characteristics of material, 
ship side structure response and ship survivability in 
ship collisions". Ships and Offshore Structures, Vol 
5, No 1, pp 51–66. 

Yu Zhaolong, Hu Zhiqiang, Amdahl Jorgen and Liu Yi 
(2013). "Investigation on structural performance 
predictions of double-bottom tankers during shoal 
grounding accidents". Marine Structures, Vol. 33, pp 
188–213. 

Yamada, Y(2006). "Bulbous Buffer bows, a measure to 
reduce oil spill in tanker collisions". Ph.D. thesis. 
Technical University of Denmark. 

Simonsen, B.C and Lauridsen, L.P (2000). "Energy 
absorption and ductile failure in metal sheets under 
lateral indentation by a sphere". Int J Impact Eng , 
Vol 24, No 10, pp 17–39. 

Lee, Y.W, Woertz J.C and Wierzbicki T (2004). "Frac-
ture prediction of thin plates under hemi-spherical 
punch with calibration and experimental verifica-
tion". Int. J Mech Sci, Vol 46, No5, pp 751–81. 

 



Proceedings of PRADS2016 
4th – 8th September, 2016 

Copenhagen, Denmark 

Comparative study on the application of highly ductile steel to the 
sides structures for improving structural integrity of double hull 

tankers in ship-ship collision

Yasuhira Yamada1), Shigeru Tozawa 1), Toshiro Arima1),

Kazutoshi Ichikawa2), Kenji Kamita3), Hayato Suga4)

1) National Maritime Research Institute, Japan 

2) Nippon Steel & Sumitomo Metal Corporation, Japan 

3) Imabari Shipbuilding CO.,LTD, Japan 

4) NIPPON KAIJI KYOKAI (ClassNK), Japan

Abstract 

Prevention of oil spill from tankers is one of important 
issues from the view point of maritime environment. 
This paper describes the effects of highly ductile steel 
(HDS) on the improving structural integrity of ship due 
to ship collision. A series of large-scale nonlinear finite 
element simulations are carried out assuming that a 
VLCC collides with amidships of another VLCC in 
fully loaded condition with varying collision velocity 
and angle. 4 patterns of HDS application including 1 
pattern using conventional steel entirely are investigated. 
Energy absorption, rupture of outer and inner shell, 
critical striking velocities and angles are compared each 
other in details. It is found from the present study that 
application of the HDS on ship structure makes more 
energy absorption than conventional steel. Especially 
application of HDS on the outer shell and longitudinal 
stiffeners makes critical striking velocity effectively 
larger than 12kt while the critical striking velocity for 
conventional steel is around 5 to 6kt. 

Keywords

Ship collision; oil spill; ductile steel; finite element 
simulation   

Introduction

Prevention of oil spill is one of the important issues 
from the view point of conservation of maritime envi-
ronment. A double-hull system is effective to reduce 
risk of oil spill from oil tankers. However it is important 
to further reduce risk of oil spill considering oil spill 
accidents from double-hull tankers such as Baltic Carri-
er. Risk is defined as product of probability and conse-
quence. Given collision accidents, it is important to 
mitigate consequence of oil spill, which might conse-

quently reduce risk of oil spill. 
Many studies have been carried out in order to reduce 

risk of oil spill. As a risk control option, several coun-
termeasures have been proposed so far. That is, 
strengthened side structure (ASIS, 1996), Buffer bow 
concept (Yamada, 2006; Yamada et al, 2008), X-core 
and Y-core structures (e.g.,: Ringsberg & Hogstrom, 
2013) and sandwich plate structures (SPS; Takaoka et al,
2004). However so far, these countermeasures have not 
been widely applied. One of reasons may be presumably 
due to that conventional ship structural design / scant-
ling needs to be changed in order to apply these crash-
worthy structures.  

Highly ductile steel (HDS) 

In case of oil tanker collisions, a large amount of car-
go oil can be leaked from cargo oil tanks due to rupture 
of cargo oil tanks as well as rupture of outer shell. 
Therefore it is important to prevent rupture of cargo oil 
tanks and outer shell. Many previous studies mentioned 
above have focused on the increase of energy absorption 
before oil cargo tank rupture takes place by structural 
measures. However increase of rupture capability of the 
materials itself has not been fully investigated yet. Re-
cently highly ductile steel (HDS) was developed where 
elongation is about 1.5 times larger than those of con-
ventional steels while keeping other material character-
istics such as yield and tensile strength as well as work-
ability (i.e., weldability).  

Elongation is inversely proportional to strength in 
general. Therefore, HDS for high tensile steel is difficult 
to be manufactured. However with the state of the art 
material technology, HDSs for mild steel (MS) and high 
tensile steels such as HT32 and HT36 have been devel-
oped. Such steel plates have been in fact available, for 
example, as NSafeTM-Hull (Okawa et al, 2015) provided 
by Nippon Steel & Sumitomo Metal Corporation and 
adopted in several bulk carriers of Mitsui O.S.K. Lines 
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constructed by Imabari Shipbuilding Co., LTD. Approx-
imately 3000 tons of HDS are used in each ship, which 
corresponds to about 15% of total steel weight of the 
ship structures.  
  The main advantage of the HDS is that conventional 
structural design including scantling of plate thickness 
does not need to be changed since Young modulus and 
strength are equivalent to those of conventional steel. 

HDS Project 

In order to investigate the effects of HDS on the crash-
worthiness of ship structures, a joint industry project 
was started in 2014, and a series of three-dimensional 
ship-ship collision analysis have been carried out using 
non-linear finite element simulations. The project con-
sists of Phase I (Yamada et al, 2015) and Phase II. In 
Phase I, as a first step of the project, effects of HDS in 
right angle collision was investigated (Yamada et al,
2015) using model 1 (Fig. 2). Both a striking and a 
struck ship are assumed to be VLCC, and modeled with 
elastic-plastic material. It is found from the study that 
absorbed energy in case of using HDS is about three 
times larger than that in case of conventional steel mate-
rial. Consequently it was concluded that HDS is effec-
tive to reduce a risk of oil spill from oil tankers in case 
of right angle collision. However actual ship collisions 
take place not only in right angle collision, but also in 
oblique collisions. Several studies on ship collision 
statistics show that normal distribution may be applica-
ble for probability distribution of collision angles (ex. 
Brown, 2002; Yamada & Kaneko, 2014; Yamada & 
Kaneko, 2015). In Phase II, as a second step of the pro-
ject and is reported in the present paper, effects of HDS 
in oblique collision were investigated with improved 
FE-model (model 2 in Fig. 3). A striking ship is as-
sumed to collide with midship region of the struck ship 
in various collision angles. Collision point is assumed to 
be between swash bulkhead (S.BHD) and oil tight bulk-
head (OT.BHD), which is a critical point of the struck 
ship in terms of oil spill. 

Assessment Indexes 

Critical Striking Velocity 

In order to assess crashworthiness of ship structures, 
Yamada et al (2008) proposed “a critical striking veloci-
ties (VB,cr)” as one of evaluation indexes. In the present 
study, this index is used for the evaluation of the effects 
of HDS on crashworthiness of a struck ship. VB,cr is 
defined as a maximum velocity of a striking ship less 
than which the inner shell (IS) of a struck ship is not 
ruptured by collision. VB,cr thus gives the safe naviga-
tional velocity for a striking ship against a specific 
struck ship.  

VB,cr can be analytically estimated when a ship col-
lides with the midship region of another ship of no for-
ward speed (VA=0) at 90deg. Following Yamada et al
(2008), in this scenario with assuming that velocity of 
both ships become same after collision, the conservation 
laws of energy (Eq.1) and the conservation laws of 
momentum (Eq.2) can be described as: 

sBABB EVMMVM 22 '
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where V’ denotes the common velocity of both ships in 
the x-directional after the collision. Es denotes the ener-
gy dissipated by phenomena other than ship motion 
when velocities of the both ships become same. MA and 
MB denote displacement of the struck and the striking 
ship including added mass. Es,cr is the energy mainly 
absorbed by the internal (strain) energy (IE) and the 
sliding energy (SE). Elimination of V’ from Eqs.1 and 2 
yields: 
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VB,cr can be estimated by substituting Es,cr instead of Es.
Here Es,cr is defined as the absorbed energy by the time 
(tcr) when rupture of the inner hull occurs. Es,cr can be 
obtained from a result of finite element simulation 
where IS rupture takes place. 

BA

BA
cr,scr,B MM

MMEV 2 (4) 

This procedure is useful since it gives an approximate 
estimation of a critical striking velocity, consequently 
the number of FE simulations can be reduced consider-
ably. In order to obtain Es,cr from a limited number of 
FE simulation enough initial velocity is necessary  so 
that IS rupture takes place. In the present study, it takes 
about 4 days for one case simulation. In case of oblique 
collision, the striking velocity can be divided into two 
components with collision angle  as (see Fig. 1):  

sinBBx VV (5) 

cosBBy VV (6) 

Fig. 1 Definition of collision angle 

For simplicity, x-directional component of VB (e.g.,
VBx) can be regarded as VB in Eq.(1)-(4). By replacing 
VB as VBx in Eq.(4) following formula can be obtained to 
estimate critical striking velocity for oblique collisions. 

VB

VB sin

struck ship 

VB cos

striking ship
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BA

BA
crscrB MM

MMEV ,, 2
sin

1
(7) 

Nonlinear Finite Element Simulations 

Collision Scenario 

Following Yamada et al (2015), both a striking and a 
struck ship are assumed to be VLCCs, considering dis-
astrous consequence in the case of oil spill due to colli-
sion. The struck ship is assumed to be no forward speed 
considering the conservative scenario for the struck ship 
as well as collision statistics (Yamada & Kaneko, 2014; 
Yamada & Kaneko, 2015). The main dimension of the 
VLCC is shown in Table 1. In the present study, effects 
of HDS on critical striking velocity as well as on defor-
mation are investigated. A striking ship is assumed to 
collide with midship region of the struck ship in various 
collision angles. The collision point is assumed to be 
between swash bulkhead (S.BHD) and oil tight bulk-
head (OT.BHD). Analysis condition for various colli-
sion angles is listed in Fig. 5. 

Table 1: Dimension of the striking and struck VLCC 

Table 2: Modeling of the struck ship 
Model ID Description 
Model 1 
(Yamada et al 2015) 

1 tank elastic plastic model. 
Horizontal bending not con-
sidered. 

Model 2 
(Present) 

9 tanks elastic plastic model. 
Horizontal bending consid-
ered.

Analysis Model 

Fig. 2 and Fig. 3 show FE models and analysis condi-
tions used in phase I and phase II respectively. Table 3 
and Table 4 show the number of nodes and elements of 
model 1 and model 2 respectively. The same analysis 
model and material constitutive model as Yamada et al
(2015) are used in the present study consistently in 
general; in both Phases (I and II) a striking and a struck 
ship models are made based on the same VLCC (Table 
1) with fine mesh in contact region. Phase I and II use 
the same FE-model for the striking ship. As for the 
struck ship however, model 1 and 2 are used in Phase I 
and II respectively. Comparison of model 1 and 2 is 
shown in Table 2. Horizontal bending is not taken into 
account in the model 1 but is considered in the model 2. 
In the model 2, elastic-plastic region in longitudinal 
direction is expanded from 1 tank to 3 tanks, and not 
only the portside tank, but also center and starboard side 

tanks are modeled with elastic-plastic elements. Conse-
quently 9 tanks are modeled with elastic-plastic ele-
ments.  
A mass matrix is modeled at center of gravity so that 6 

degree of ship motion can be simulated for both ships 
respectively. Effects of sea water are taken into account 
by added mass. Added mass coefficient of 0.05 for 
surge and 1.0 for sway are used (Minorsky, 1959; Mo-
tora et al, 1971; Lutzen, 2001). A restoring force of roll, 
pitch and heave are modeled by spring element between 
the center of gravity and ground for the struck ship. 

Fig. 2: Finite element models (Model 1 used in Phase I, 
Yamada et al 2015) 

Fig. 3: Finite element models (Model 2 used in Phase II) 

Material constitutive model 

A piecewise linear plasticity material model (MAT24) 
is used for elastic plastic elements, and rigid model 
(MAT20) is used for rigid elements (LSTC, 2012). The 
material constitutive model is used following Yamada et
al (2015) where element size effect (Barba, 1880; 
Kitamura; 2002,) and stress state effect are considered 
independently. See details in Yamada et al (2015). Frac-
ture strain is used as a fracture criterion of elements 
(Ehlers, 2010; Hogstrom, P. & Ringsberg, 2012). 3 
types of conventional steel with a variety of strength 
class (e.g., Mild Steel (MS), HT32 and HT36) and cor-
responding HDS (e.g., HDS, HDS32, HDS36) are used. 
Fig. 4 shows an example of comparison of engineering 

Length O.A.[m] 333.0
Length B.P [m] 324.0
Breadth [m] 60.0
Depth [m] 29.0
Draft [m] 21.1
Displacement [ton] 351,981 9 tanks elastic-plastic

rigid 

rigid 

C C’

1 tank elastic-plastic 

rigid 
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stress-strain curve for HT32 and HDS32.  
The bow and side stringer are mainly made of MS. 

Outer shell and inner shell are mainly made of HT32, 
upper deck and bottom shell are mainly made of HT36. 
It is assumed that the striking ship is an existing tanker 
where HDS is not used but conventional steel is used. 
On the other hand the struck ship is assumed to be a 
new tanker where HDS is used. Therefore material of 
the striking (MS, HT32 and HT36) are converted to 
corresponding HDS, HDS32 and HDS36 respectively. 
A hybrid material modeling (Lin et al, 2010) is used 
where true stress-true strain based on experimental data 
is used  by the timing of ultimate tensile strength, and 
Hollomon’s power law is used thereafter since mathe-
matical conversion is not valid after the ultimate tensile 
strength (Dowling, 2012). See details in Yamada et al
(2015). 

Fig. 4: Comparison of engineering stress-strain curves 
where stress and strain are normalized by y

and f  respectively (HT32). 

Table 3: Number  of nodes, elements and parts (Model 1) 

Table 4: Number  of nodes, elements and parts (Model 2) 

Analysis conditions 

 Time domain simulation is carried out with general 
purpose explicit finite element analysis solver LS-
DYNA ver.971. A striking ship with changing initial 
velocity collides with the midship part of the struck 
ship. Collision angle is varied as 30, 45, 60, 75, 90, 
105, 120, 135 and 150deg. (see Fig. 5), and in each 
angle striking velocity is varied in order to estimate 
critical striking velocity. In series A, the struck ships is 
fixed so that rapid estimation can be achieved and 
slightly conservative results can be obtained. In series 
B both the striking and the struck ship does not have 
any fixed boundary condition. Therefore following 
parameters are varied in the present study. 

(1) collision angle [deg] 
(2) colliding speed [kt] 
(3) material (HDS application pattern) 
Application pattern of HDS is described in following 

sub-sections. The number of simulation cases in each 
collision angle varies, and nearly 100 simulation cases 
are carried out in total. 

 = 120 [deg]  = 105 [deg] 

 = 90 [deg] 

 = 60 [deg]  = 75 [deg] 
Fig. 5: Analysis condition in example collision angles ( )

Application pattern of HDS 

Table 5 shows application patterns of HDS. In the 
present study, main focus is laid on the results of Phase 
II which consists of Series A and B. In Series A, effects 
of HDS on deformation of the struck ship in case of 
minor collisions are investigated where motion of the 
struck ship is fixed. In Series B, effects of HDS on in-
creasing structural integrity are investigated. 

Table 5: Application patterns of HDS 
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Results and Discussion 

Maximum Deformation 

Fig. 6 and Fig. 7 show maximum deformation of outer 
shell and inner shell at center line section of the striking 
ship (C-C’ section in Fig. 3) respectively in case of 
phase II-A where collision speeds are varied from 1kt to 
12kt. It can be seen in Fig. 6 and Fig. 7 that deformation 
increases as collision speed gets larger, which is sup-
posed to be reasonable. Fig. 8 shows relation between 
collision speed and maximum deformation of inner shell 
with varying HDS application pattern. It can be seen in 
Fig. 8 that maximum deformation increases as collision 
speed gets larger. It can also be seen that maximum 
deformation is almost same regardless of the variation 
of the use of HDS when collision speed is below 5kt 
and that maximum deformation is the largest in case of 
using conventional steel. 

Fig. 6 Comparison of deformation of OS (Conventional, 
results of 9 cases of simulations) 

Fig. 7 Comparison of deformation of IS (HDS-Full, results 
of 9 cases of simulations) 

Fig. 8 Relation between collision speed and maximum 
deformation of inner shell with varying HDS 

application pattern. 

Stress tri-axiality of side shell 

Stress tri-axiality  is defined as 

eq

h (8) 

where h and eq denote mean stress and equivalent 
stress respectively.

Fig. 9: Contour of stress tri-axiality of outer shell at initial 
stage of collision (t=0.1s) 

Fig. 10: Contour of stress tri-axiality of outer shell at just 
before rupture (t=0.4s) 

Yamada et al (2015) assumed bi-axial tension state for 
the rupture strain at the side shell in case of collision, 
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and considered reduction of rupture strain in case of bi-
axial tension state as compared with that in case of uni-
axial tension state. In the present study stress state of 
side structure is investigated by FEA. Fig. 9 and Fig. 10 
show stress tri-axiality of side shell structure at the 
timing of the initial state of collision (Phase II-B, con-
ventional) and that of just before rupture of side shell 
respectively. It can be seen in Fig. 9 and Fig. 10 that bi-
axial tension state ( =2/3) is dominant at around bow 
contact area, and that region at 2/3 increases as colli-
sion phenomena proceeds, consequently side shell rup-
ture takes place at around 2/3. Similar tendencies can 
be observed in other analysis cases. Therefore it can be 
said that it is reasonable to assume bi-axial tension state 
at the side shell in case of collisions. 

Energy absorption capability and mechanism 

Yamada et al (2015) showed that application of HDS 
(for outer and inner shells) increases energy absorption 
by the struck ship considerably by the timing of rupture 
of cargo oil tank as compared with using conventional 
steel for these members. In order to investigate energy 
absorption mechanism of HDS, energy absorption by 
the struck ship in longitudinal direction are compared. 
Fig. 11 shows FE model of the struck ship with showing 
tank arrangements (No.2, 3 and 4 tanks) as well as two 
sub-tanks definition for each tank (1-6) respectively.  

Fig. 11: FE model and tank arrangements 

For example No.2 tank can be divided into sub-tank 
region 1 and 2 respectively where both sub-tanks are 
separated by swash bulkhead. In the present collision 
scenario No.3 tank is set to the struck tank where the 
striking ship collides with. Fig. 12 shows comparison of 
energy absorption of outer shell and inner shell in longi-
tudinal direction between 4 application patterns (con-
ventional, partial application 1, partial application 2 and 
full application; see Table 5 Phase II-B). It is noted that 
here a part of local dominant members (50 parts in LS-
DYNA definition) are selected for comparison and 
longitudinal stiffeners and transverse webs are also 
taken into account. It can be seen from Fig. 12 that 
internal energy in sub-tank region 4 is much higher than 
other regions since local deformation is dominant at 
initial stage (t=0.5s). It can be seen from Fig. 12(b) and 
(c) that internal energy in sub-tank region 3 and 5 also 
begin to increase gradually as collision phenomena 
proceeds. However it is noted that energy absorption in 
case of using HDS is about twice as compared with in 

case of using conventional steel. This is presumably due 
to that rupture of outer shell takes place in the early 
stage in case of using conventional steel, and therefore 
membrane tension in outer shell is not transferred to 
adjacent sub-tank region.  

On the other hand in case of using HDS rupture of 
outer shell is delayed considerably or does not take 
place, consequently membrane tension is transferred 
even sub-tank region 1 and 6 as shown in Fig. 12. 
Therefore it can be presumed that by using HDS not 
only local structural members but also wide adjacent 
structural members may absorb collision energy effec-
tively. More finite elements may contribute to absorb 
collision energy that is one of reasons why larger energy 
can be absorbed by using HDS than using conventional 
steel.

(a) t=0.1s 

(b) t=1.0s

(c) t=3.0s

(d) t=6.0s
Fig. 12: Energy absorption in longitudinal direction (lim-

ited to 13 parts, t=0.5s). 

0

50

100

150

200

250

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

1 2 3 4 5 6
In

te
rn

al
 E

ne
rg

y 
[M

J]
 

A90, 50Parts, t=0.5s

UPDK
BTM
Trans
IS-L
IS
OS-L
OS

0

100

200

300

400

500

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

1 2 3 4 5 6

In
te

rn
al

 E
ne

rg
y 

[M
J]

 

A90, 50Parts, t=1.0s

UPDK
BTM
Trans
IS-L
IS
OS-L
OS

0

200

400

600

800

1,000

1,200

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

1 2 3 4 5 6

In
te

rn
al

 E
ne

rg
y 

[M
J]

 

A90, 50Parts, t=3.0s

UPDK
BTM
Trans
IS-L
IS
OS-L
OS

0
200
400
600
800

1,000
1,200
1,400

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

C
on

v.
Pa

rti
al

Pa
rti

al Fu
ll

1 2 3 4 5 6

In
te

rn
al

 E
ne

rg
y 

[M
J]

 

A90, 50Parts, t=6.0s

UPDK
BTM
Trans
IS-L
IS
OS-L
OS

Energy absoprtion even 
sub-tank 2 and 6

Struck Region

 

No.2 Tank 
No.3 Tank 

No.4 Tank 

1 2 
3 

4 5 
6 



7

Failure elements 

Fig. 13 shows comparison of failed elements in phase 
II-B where collision speed is 12kt. It can be seen in Fig. 
13 that the number of failed elements gets smaller as 
HDS pattern vary from Conventional to Partial I and, 
Partial II and Full, which corresponds to increase order 
of HDS application. The number of failed elements is 
supposed to become smaller if application amount of 
HDS increases since the number of elements with larger 
elongation increases. Therefore this tendency is sup-
posed to be reasonable. It is noted that the number of 
failed elements in case of full application is about 1/3 of 
that in case of using conventional steel. It can also be 
seen in Fig. 13 that in case of 90deg collision, the num-
ber of failed elements is slightly larger than that in case 
of 75deg and 105deg, which is presumably due to that 
90deg is the most severe for the struck ship. Consider-
ing that it can be said that the present simulation can 
estimate collision phenomena with reasonable accuracy. 

Fig. 13: Comparison of failed elements (Phase II-B) de-
pending on application pattern of HDS. 

Rupture limit curve 

In order to investigate critical striking velocity in 
oblique collision a series of finite element simulation 
are carried out with varying striking ship speed and 
collision angles. Fig. 14 shows comparison of rupture 
limit curve (RLC) of outer shell and inner shell. 

Fig. 14: Rupture limit curve 

The black solid line represents rupture limit curve 
(RLC) in case of using conventional steel. A region 
under rupture limit curve for inner shell indicates that 
oil spill does not presumably take place. On the other 
hand, a region above rupture limit curve indicates that 
oil spill may take place. Therefore it is preferable, from 
the viewpoint of environmental protection, that rupture 
limit curve is located as high as possible. It is noted that 
this rupture limit curve can be determined for the colli-
sion of specific two ships. Therefore if striking ship 
changes rupture limit curve may change accordingly. 

 It can be seen from Fig. 14 that collision angle of 
90deg is the most severe for the struck ship in both 
outer shell and inner shell ruptures. It can be seen in Fig. 
14 that rupture limit curve for inner shell is higher than 
that for outer shell. This is reasonable since usually 
outer shell rupture takes place earlier than inner shell 
rupture. 

It is found from the present simulations that if colli-
sion angle is 30deg and 150deg, striking ship cause slip 
condition against the struck ship and does not cause any 
penetration, which is called “slip condition”. It is ideal 
to be able to obtain critical collision angle, however, it 
is not practical to estimate it from the present simulation 
alone. In the present study slip condition take place in 
30deg. and not in 45deg.. Therefore critical collision 
angle may exist between 30deg. and 45deg.. Same esti-
mation can be done between 135 and 150deg. In the 
present study, rupture of OS and IS does not take place 
in case of full application of HDS and partial applica-
tion with collision speed of 12kt. Therefore it is noted 
that critical striking velocity in case of using HDS is 
assumed to be 12kt in the present study. Actual value of 
critical striking velocity in case of using HDS must be 
investigated in the future study. It can be demonstrated 
in Fig. 14 that RLC for using HDS is located higher 
than that for conventional steel. 

(a) HDS Full (b) HDS Partial II 
(OS+OSL+IS) 

(c) HDS Partial I 
(OS+IS) 

(d) Conventional 

Fig. 15: Effect of HDS application pattern (Phase II-B) on 
the deformation and rupture of outer shell at 

t=4.0s. 
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Fig. 15 shows comparison of deformation of outer 
shell at t=4.0s depending on HDS application pattern 
(Phase II-B in Table 5). It can be seen in Fig. 15 that 
rupture of outer shell does not take place in case of (a) 
HDS Full Application and (b) HDS Partial II Applica-
tion while rupture of both outer shell and inner shell 
take place in case of (c) HDS Partial application I and 
(d) Conventional. It can be seen by comparing Fig. 15 
(c) and (d) that rupture hole in case of (d) Conventional 
is slightly larger than in case of (c) HDS Partial I, which 
is supposed to be reasonable. Results of Fig. 15 (a) and 
(b) seem to be similar. However it can be pointed out 
that several rupture at upper deck and at bilge can be 
seen in case of (b) HDS Partial II due to that HDS is not 
applied to these region (see Table 5) while such rupture 
is not found in case of (a) HDS Full application.   

Conclusions 

A series of large-scale nonlinear finite element simu-
lations are carried out assuming that a VLCC collides 
with amidships of another VLCC in fully loaded condi-
tion with varying collision velocities and collision an-
gles. 4 patterns of HDS application including a standard
pattern using conventional steel only are investigated. 

(1) Effects of HDS on maximum deformation is fairly 
small if the striking ship speed is less than around 5kt, 
which is close to the critical striking velocity (VB,cr) in 
case of using conventional steel. However if VB>5kt the 
effects of HDS on maximum deformation gets larger as 
the striking ship speed increases. Maximum defor-
mation in case of using HDS (for OS+IS+B) is estimat-
ed to be about half of that in case of using conventional 
steel.

(2) Larger energy absorption capability in case of using 
HDS than in case of using conventional steel is con-
firmed, which is mainly due to the following mecha-
nisms in HDS. 
(i) Large elongation 
Due to large elongation of HDS, rupture of outer shell 
and cargo oil tank can be delayed and energy absorption 
by the point in time of rupture of cargo oil tank signifi-
cantly increased. 
(ii) Energy absorption by membrane tension of outer 
shell 
 In case of using HDS on outer shell, energy absorption 
in longitudinal direction becomes much larger than that 
in case of conventional steel. 

(3) By estimating critical striking velocity in each colli-
sion angle, rupture limit curve RLC is quantitatively 
estimated. Critical striking velocity in case of conven-
tional, partial application I (i.e., OS and IS) are estimat-
ed to be around 5kt and 9kt respectively. Furthermore in 
case of partial application II (i.e., OS, OS longitudinal 
stiffners and IS) and full application critical striking 

velocity are estimated to be greater than 12kt. 

(4) By comparing HDS application pattern, it is found 
that application of HDS on longitudinal stiffeners has 
significant effects to prevent rupture of cargo oil tank. 

Present conclusions are derived for the specific strik-
ing and the struck ships in the assumed collision scenar-
ios. Therefore in order to derive general conclusions 
which can be applied various scenarios further study 
may be necessary. However it can be said that prospec-
tive effects of HDS is quantitatively demonstrated and is 
confirmed in the present study. 

Acknowledgement 

A part of the present study is supported by the 
ClassNK Joint R&D for Industry Program. Authors are 
deeply grateful to Dr. Funatsu (ClassNK) for his valua-
ble advices and assistance towards proceeding the pre-
sent study.  The first author thanks to Dr. Kameya for 
her assistance in finalizing the manuscript. 

References 

ASIS (1996). “Report of research and development of 
new type tanker” 

Barba, MJ (1880). “Mem. Soc” Ing Civils Part I: 682 
Brown, AJ (2002). SSC-1400, Report; “Modeling Struc-

tural Damage in Ship Collisions”, Ship Structure 
Committee. 

Dowling, NE (2012). “Mechanical Behavior of materi-
als: engineering methods for deformation”, fracture 
and fatigue, 4th edition New Jersey: Pearson Educa-
tion Inc. 

Ehlers, S (2010). “The influence of the material relation 
on the accuracy of collision simulations”, Marine 
Structures 23, pp 462-474. 

Hogstrom, P, and Ringsberg, JW (2012). “An extensive 
study of a ship survivability after collision – a pa-
rameter study of material characteristics, nonlinear 
FEA and damage stability analyses”, Marine Struc-
tures 27, pp 1-28. 

Kitamura, O (2002). “FEM approach to the simulation 
of collision and grounding damage”, Marine Struc-
tures 15, pp 403-428 

Lin, YK Hsu, KM, and Lee, PK (2010). “The Ap-
plication of Flow Stress Model to Sheet Metal Form-
ing Simulation”, China Steel Technical Report, No. 
23, pp 31-35 

Livermore Software Technology Corporation (LSTC) 
(2012). “LS-DYNA Keyword User’s Manual”, 
ver.971 R6.0.0. 

Lutzen, M (2001). “Ship Collision Damage”, PhD thesis, 
Technical University of Denmark. 

Minorsky, VU (1959). “An analysis of ship collisions 
with reference to protection of nuclear power plants”, 
Journal of Ship Research, pp 1-4. 

Motora, S, Fujino, M, Suguira, M, and Sugita, M (1971). 
“Equivalent Added mass of ships in collision”, Jour-



9

nal of Soc. Nav. Archit. Japan 7, pp 138–148. 
Okawa, T, Ichikawa, K, Yanagita, K, Shirahata, H, 

Inami, A, Ishida, K, Yamada, Y, and Inai, T (2015). 
“Development and Adoption of Steel Plate 
(NSafeTM-Hull) for shipbuilding with Improved Col-
lision Safety”, Nippon Steel & Sumitomo Metal 
Technical Report No.110. 

Ringsberg, JW, and  Hogstrom, P (2013). “A methodol-
ogy for comparison and assessment of three crash-
worthy side-shell structures; The X-core, Y-core and 
corrugation panel structures”, Proceedings of 6th In-
ternational Collision and Grounding of Ships and 
Offshore Structures. 

Takaoka, Y, Shimoda, T, Yagi, S, Kumamoto, H, Mu-
ragishi, O, Tornqvist, R, Kennedy, SJ, and Brooking, 
M (2004). “A study on Buffer Bow Design for SEA-
Arrow”, Proceedings of 3rd International Collision 
and Grounding of Ships and Offshore Structures. 

Yamada, Y (2006). “Bulbous Buffer Bows:A Measure 
to Reduce Oil Spill in Tanker Collisions”, PhD dis-
sertation, department of Naval Architecture and Off-
shore Engineering Technical University of Denmark. 

Yamada, Y, Endo, H, and Pedersen, PT (2008). “Effect 
of Buffer Bow Structure in Ship-Ship Collision”, In-
ternational Journal of Offshore and Polar Engineer-
ing 18, No. 2, pp 133-141. 

Yamada, Y, and Kaneko, F (2014). “Statistical Analysis, 
of collision accidents (1st Report)”, Proceedings of 
JASNAOE (in  Japanese). 

Yamada, Y, and Kaneko, F (2015). “Statistical Analysis, 
of collision accidents (2nd Report)”, Proceedings of 
JASNAOE (in  Japanese). 

Yamada, Y, Ichikawa, K, Kamita, K, Tozawa, S, Inami, 
A, Suga, H, Fujita, H, Senga, Y, Arima T, and Mu-
rakoshi, S (2015). “Effects of Highly Ductile Steel 
on the Crashworthiness of Hull Structures in Ship to 
Ship Collision” 





Proceedings of PRADS2016 
4th – 8th September, 2016 

Copenhagen, Denmark 

Collision response and residual strength of jack-up structure  

Henning Levanger, Gabriele Notaro, Ole J. Hareide 
DNV GL AS; Maritime Advisory Structures, Høvik, Norway 

Abstract  

This paper describes the assessment of the collision response 
of a three-legged jack-up structure with lattice construction. 
The focus is on the bow collision event between a modern 
bulbous bow offshore service vessel (OSV) and a leg chord. 
This scenario is considered to be the most critical with respect 
to the strength of the rig in damaged condition. The damage 
level and the energy transfer are evaluated using different 
calculation approaches, including traditional non-linear 
frame analysis and more detailed non-linear Finite Element 
Analysis (FEA) using an explicit code which can account for 
the progressive change in the contact surface and in the stiff-
ness of the two objects. Next, the load bearing capacity of the 
damaged leg is calculated for some of the assessed damaged 
configurations. 

Keywords 

ALS; Jack-up collision response; OSV collision re-
sponse; Residual strength of damaged leg  

Introduction 

Guidance for designing an offshore installation against 
Accidental Limit State (ALS) is given in DNV (2010). 
ALS checks, including boat impact, should be carried 
out for collision events with an annual exceedance 
probability larger than 10-4 per installation. The typical 
design collision energies given in the guidance are 11 
and 14MJ respectively for bow/stern and broad side 
collisions. A trend towards an increased size of OSV is 
recognized with the typical displacement rising from 
5000 up to 8000 tonnes. Consequently, the kinetic ener-
gy to be dissipated in the event of a collision is in-
creased. On the Norwegian Continental Shelf several 
incidents with impact energies beyond the given design 
levels have been experienced in the recent years, 
Kvitrud (2011). Accordingly, the collision energy re-
quirements have been increased to 35MJ, DNV (2013b). 
“For a jack-up leg of sufficient robustness a credible 
accidental load will normally not lead to any significant 
damage” as described in DNV (2011). Today’s OSVs 
are designed either with bulbous bow or other modern 
shapes with a vertical or reversed angled stem. Preced-
ing studies (Storheim (2014), Notaro et al. (2015)) have 
shown that these vessels have a different collision per-
formance, generally with stronger structures, than the 

reference OSV design used in the 80’s when the guide-
lines were formulated. Thus, it is considered that for 
modern OSVs the collision load on the rig will be high-
er and potentially leading to more severe damages. 
Larger loads and energies involve severe deformations 
of the installation and OSV with onset of several failure 
mechanisms. This may require that more advanced 
calculations shall be performed to document the colli-
sion resistance of a rig and possibly avoid costly rein-
forcement. Notaro et al (2015) presented a procedure to 
analyse the response and resistance of a jacket structure 
to ship impact based on a combination of traditional 
non-linear frame analysis and detailed non-linear FE-
analysis. 
This paper presents an application of such procedure to 
investigate the collision response of a of a three-legged 
jack-up structure with lattice construction. This type of 
rig is characterized by a low lateral stiffness and a glob-
al deformation mode can take place. Hence some sim-
plification is usually applied and dynamic effects may 
be neglected as further discussed herein. The residual 
strength of the leg is investigated for a few selected 
damages addressing different combinations of axial load 
and second order bending moment (P-  effect). Focus is 
given to the structural capacity neglecting the actual 
environmental loads.  

Collision Mechanics 

The collision between a platform and visiting vessel is 
typically a complicated problem and sometimes it is not 
practical to perform rigorous FE analysis, as these may 
require a certain set of inputs which is often not readily 
available.  
Gjerde et al. (1999) have compared several methods to 
assess the jack-up response to boat impact and given 
recommendation about their level of accuracy. Howev-
er, the increased kinetic energy and the changes in the 
collision performance of today’s OSVs may require 
some additional considerations. Detailed FE analysis, 
which can account for the progressive change of the 
contact surface and of the stiffness of the two objects, 
can lead to more precise results, as presented for jacket 
structures by Notaro et al (2015). 
Depending on the collision scenario, part of the OSV’s 
initial kinetic energy may remain as rotational and trans-
lational energy in both the vessel and platform, in addi-



tion to the kinetic energy dissipated as strain energy in 
the two bodies. In the case of an impact along the ships’ 
centre of gravity, it can be assumed that the OSV’s 
rotational energy will be rather small.  
However, for the type of installation investigated in this 
study the kinetic energy transferred to the rig after the 
impact might be significant, owing to its relatively low 
lateral stiffness. The amount of the OSV’s kinetic ener-
gy dissipated as strain energy can be estimated from the 
conservation of energy and momentum.  
For a jack-up structure the natural period of vibration of 
the leg may be such that dynamic effects are significant 
in a collision event. If the impact duration is long com-
pared to the relevant local or global periods of vibration, 
a quasi-static approach can be used; otherwise a dynam-
ic structural analysis should be carried out, NORSOK 
(2007). Jack-ups are characterized by rather low lateral 
stiffness and the first natural period for sway motion 
(Tg) is typically in the order of 5-9s, depending on water 
depth, fixation and loading condition. The initial colli-
sion impact is typically very short compared to Tg and 
therefore the platform hull mass acts as a fixed support 
for the leg limiting the amount of energy initially dissi-
pated through the hull sway action. The effect of the 
sway action following the initial impact can be evaluat-
ed performing a dynamic analysis. 

Calculation Procedures 

Collision Response and Damage Assessment 

In this study different analysis methods are applied to 
investigate the collision response and energy transfer.  
A set of static analyses are first performed as a screen-
ing to identify the most critical collision scenario using 
a non-linear frame analysis tool (USFOS, version 8-7). 
This is according to the current practice where the colli-
sion response can be evaluated on the basis of a ductile 
design (i.e. where the kinetic energy is dissipated by the 
rig) or with a simplified shared energy approach, DNV 
(2010). The non-linear frame analyses are also used in 
this study to calibrate and verify the response of the 
detailed FE model. At first, the permanent loads are 
applied to the installation and then the collision load is 
introduced by mean of concentrated force.  
Next, quasi-static and dynamic non-linear FE analyses 
(Abaqus/Explicit, version 6.14-2) are carried out to 
evaluate the importance of the contact interaction and of 
dynamic effects. To achieve this, both objects are ex-
plicitly modelled as deformable, allowing the calcula-
tions to account for the progressive changes in the con-
tact surface and in the strength of the two deforming 
objects. 
When a quasi-static or static approach is used, the plat-
form hull is constrained to prevent the global sway 
motion, while the vertical displacement is kept free. The 
speed of the striking object is controlled and the exter-
nal work performed on the system is representative for 
the dissipated energy. The energy dissipation is gov-
erned by the leg deformation only.  
In the dynamic analyses, both the mass and the initial 

velocity of the striking OSV are taken into considera-
tion. The initial kinetic energy is then gradually dissi-
pated during the collision as the deformation energy of 
the entire platform increases. Some of the kinetic energy 
of the striking object may also be transferred to moving 
the rig itself (hull platform sway and rotation). 

Residual Strength of the Damaged Leg 

A damaged platform shall survive under environmental 
conditions corresponding to a return period of 1 year, 
DNV (2011). For slender lattice legs, such as for a jack-
up, the collision analysis may indicate that one chord 
element is damaged and made inefficient by the impact. 
If one chord element in a triangular lattice leg is dam-
aged, the ability to transfer loads to the sea bottom may 
be reduced meaning that loads have to be redistributed 
to the intact legs, consequently subjected to increased 
loading. The damaged leg may not be able to carry axial 
loads depending on the magnitude of the damage.  
In the present study, the load bearing capacity of the 
intact and damaged leg is evaluated. The assessment is 
carried out performing non-linear static analysis of a 
single leg considering different combinations of axial 
load and second order bending moment. The actual 
operating loads are not considered in this study. 

Basis for the Study 

Basis for the Analysis 

In absence of detailed experimental data, representative 
mechanical properties for the materials of the platform 
(Fig. 2) and striking ship (Fig. 4) are assumed, Table 1.  

Table 1: Material data 
Steel y u u 

 [MPa] [MPa] [MPa]
NV690 210000 6901 770 7% 
NVOSV 210000 3182 440 18% 

 
The platform’s legs are built of extra high tensile steel 
(NV690) with thicknesses ranging from 28mm up to 55 
for brace and chord while the rack is 210mm. The as-
sumed yield strength and ultimate strength are 690 and 
770MPa respectively, DNV (2009). The ultimate 
strength ( u) and the strain at ultimate strength ( u) are 
assumed according to Billingham et al. (2003). The 
OSV is built of mild steel (NV-NS); since the ship rep-
resents the collision load applied to the installation, 
mean values for the yield and tensile strength are as-
sumed. In USFOS, a material model with linear harden-
ing is applied to the rig. The applied stress-strain curves 
are illustrated in Fig. 1.  
In order not to overestimate the capacity and energy 
absorption, tensile failure shall be included in the mate-
rial model. This is achieved in Abaqus by using the 
ductile failure for metallic material included in the solv-
er. The material response is softened after the onset of 
necking ( u, u) over a certain element elongation ( ), 

                                                           
1 Minimum value, DNV-OS-B101,   
2 Mean values, DNV-RP-C208 



after which the element is eroded from the FE-model. 
The solver calculates the limit value of the equivalent 
true plastic strain ( fail) as function of the element sizes 
(le): lower plastic strains will be allowed for longer 
elements compared to shorter elements limiting the 
mesh dependency. Tensile failure cannot be explicitly 
included in USFOS where the strain level has to be 
monitored by the user. 

 
Fig. 1: Material model 

The Abaqus FE-models are meshed using S4R elements 
(first-order with reduced integration) with five integra-
tion points through the thickness and the default hour-
glass control. The default contact formulation for 
Abaqus/Explicit is applied.  
Description of the Jack-up Model 

A three-legged jack-up structure with lattice construc-
tion is selected for the study, see Fig. 2.  

   
Fig. 2: Jack-Up Beam model and local shell model 

The soil-spud can interaction is simplified considering 
simply supported and clamped boundary conditions as 
extreme cases. The platform hull is simplified to reduce 
the computational time and the assumed loading condi-
tion results in uniform loads into the legs.  
The FE-model of the jack-up is established according to 
the procedure outlined by Notaro et al. (2015). The 
beam model, initially developed for screening purposes 
in the non-linear frame analysis tool USFOS, is import-
ed into Abaqus. In order to capture their buckling be-
haviour, the tubular members are meshed with 10-12 
elements over the length. An imperfection is applied to 
the braces to calibrate the buckling capacity. 
A detailed shell FE-model of the impact area is devel-
oped and inserted in the global model. Typically the 
rack is modelled using solid elements, while in this 
study an equivalent shell section, calibrated against the 
bending response of a section with solid rack, was ap-
plied, Fig. 3. Similarly, in the USFOS model a calibrat-
ed the pipe section is applied in proximity of the colli-

sion area while the original cross-sectional area is main-
tained everywhere else. 

 
Fig. 3: Chord bending response (three point bending) 

Description of the Striking Vessel  

A bulbous bow OSV of about 8000t displacement is 
selected for this study, Fig. 4. 

  
Fig. 4: Outline of the selected OSV 

The kinetic energy to be dissipated is approximately 
40MJ, including the added mass and assuming an im-
pact speed of 3m/s. The load-indentation curve for the 
bow is established by performing a collision analysis 
with a rigid plane surface, Fig. 5. The collision response 
indicates higher resistance compared to the design load-
indentation curve for bow impact given in NORSOK N-
004. 

 
Fig. 5: OSV load-indentation curve 

Selected scenarios and analysis cases 

The selected scenarios are summarized in Fig. 6.  

  

Fig. 6: Summary of the collision scenarios 
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The focus is a collision bow collision with at the leg 
chord as this is considered to be most critical with re-
spect to the residual strength of the leg.  
Two different impact elevations (at the joint and mid-
span) combined with two impact directions are investi-
gated: through the platform’s centre of gravity (CoG) 
and in the transverse direction. 
Brace impact is not considered during this study. The 
bending strength of the braces is low and it will not 
offer significant resistance against the bulb. However, in 
reality the braces can contribute to the energy dissipa-
tion when engaged by the forecastle, which is character-
ized by lower strength than the bulb, Fig. 5. 

Calculation and Results 

Central Impact at Joint with a Rigid OSV 

A central impact at the joint is investigated in USFOS 
and in Abaqus. Non-linear static and quasi-static anal-
yses (named QS in the following) as well as dynamic 
analyses are carried out. When a rigid ship is used, the 
ship’s forecastle is not included in the contact defini-
tion. The load deflection curve for the forecastle in Fig. 
5 indicates a low resistance and therefore it would be 
over-conservative to consider it as rigid.  
In both analyses the governing failure mechanism is 
buckling of the braces supporting the impacted joint, 
Fig. 7. 

  
Fig. 7: Impact at the joint, QS with rigid ship 

As shown in the load deflection curves (Fig. 8), Abaqus 
(QS) predicts higher resistance than USFOS: 38 and 34 
MN respectively, corresponding to higher energy ab-
sorption prior to brace buckling.  

 
Fig. 8: Collision force, joint impact 

The difference between the two calculations is mainly 
related to the load application: in Abaqus, the contact 
between the leg and a bow-bulb shaped rigid body al-
lows for distributing the load over a large portion of the 

leg chord. In USFOS, where the striking vessel is not 
explicitly modelled, the collision load is concentrated in 
a point. Moreover, the joint is modelled differently in 
the two analyses tools affecting the response. These 
differences will be further discussed in the next section. 
The effect of considering pinned and clamped boundary 
conditions is also discussed. The dynamic responses in 
Fig. 8 show moderate dynamic effect during the initial 
impact but marginal differences are observed for higher 
deformation regardless of the applied boundary condi-
tion.  
The platform hull sway motion is presented in Fig. 9; 
for OSV displacement below 0.75m the hull is practical-
ly fixed (initial impact), and for larger motions of the 
platform hull the difference between pinned and clamp 
is negligible.  

 
Fig. 9: Hull sway motion 

The dynamic effects on the response and energy dissipa-
tion for a pinned boundary condition are illustrated in 
Fig. 10 where the outcome of quasi-static and a dynamic 
analysis are compared. The energy dissipated during the 
initial impact is about 15MJ and it is influenced by the 
dynamic of the relevant local mode. In addition, it can 
be observed that some of the initial OSV kinetic energy 
(40MJ) is estimated to remain as kinetic energy in the 
platform (4 MJ).  

 
Fig. 10: Dynamic effect on the response 

The outcome of the calculations indicates that the OSV 
bulb is likely to be crushed, as its maximum impact 
capacity is about 25MN, see Fig. 5. The jack-up leg and 
the rig may suffer minor damage provided that the im-
pact loads will not induce damages to the jacking house. 

Central impact at chord mid-span, rigid OSV 

Next, a central impact at the mid-span is investigated in 
USFOS and in Abaqus as presented for the previous 
case. For this impact location, the response is character-
ized by bending of the chord and buckling of the adja-
cent braces, as seen in Fig. 11.  
A plastic hinge develops at 15MN and 22MN in USFOS 
and Abaqus, respectively (Fig. 12), corresponding to a 
dissipated energy of 5 and 12MJ. 
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Fig. 11: Impact at mid-span, QS with rigid ship  

In Abaqus, the tensile failure criterion is included in the 
analysis and tensile failure of the chord is predicted. The 
corresponding dissipated energy is 16MJ. The possibil-
ity to explicitly account for the tensile failure is a differ-
ence between the two codes; in USFOS, the strain level 
in the tubular member should be monitored by the user 
and the analysis should be stopped when the critical 
strain is reached. In this case the calculation is contin-
ued past this point; the loads are distributed to the brace 
until onset of buckling. 

 
Fig. 12: Load deflection curve for static and QS approach 

In order to further investigate the source of the differ-
ences, a calibrated load distribution representative for 
the contact observed in Abaqus is applied to the model 
in USFOS. The impact resistance of the chord is in-
creased from 15MN to about 20MN indicating that 
accounting for the actual ship geometry, if available, 
can better represent the loading condition. As noticed in 
the previous section, the modelling technique with the 
detailed representation of the joint has effects on the 
computed response.  
As for the central impact scenario, the dynamic effects 
are investigated performing dynamic analysis in 
Abaqus, see Fig. 13. The response indicates that the 
dynamics of the relevant local mode (i.e. chord-brace 
deformation) influences the energy dissipation during 
the initial impact. 

 
Fig. 13: Effect of dynamics on the response 

The quasi-static response indicates that the leg may not 
be fully capable of dissipating the initial kinetic energy 

of 40MJ: the energy curves presented in Fig. 13 flattens 
before the target energy is dissipated. The damage level 
is indicated in Fig. 14 is characterized by a combination 
of local (chord and brace failure) and global defor-
mations. 

  
Fig. 14: Impact at mid-span, QS with rigid ship  

For this scenario, the dynamic solution shows that the 
platform hull sway contributes to the energy dissipation, 
Fig. 13. However, the kinetic energy stored in the plat-
form includes the contribution of local and global vibra-
tion and the amount of deformation energy should be 
carefully evaluated. 
The outcome of the analyses indicates that the mid-span 
is likely to be a critical location. Therefore, this scenario 
is further investigated in Abaqus performing quasi-static 
and dynamic analysis with a deformable OSV. 

Central Impact at Chord Mid-Span, Deformable OSV 

As anticipated in the previous section, the impact at the 
mid-span is investigated considering a shared energy 
approach with a deformable OSV. 
The interaction with the OSV bulb and forecastle is 
fully accounted for (Fig. 18a). The calculated force-
responses (quasi-static full lines, dynamic dashed lines) 
are shown in Fig. 15 and compared to the force obtained 
with the rigid OSV showing that the chord and the OSV 
are both deforming. 

 
Fig. 15: Force-response for the QS and Dynamic cases 

When the deformable ship is accounted for, the differ-
ences between the quasi static and dynamic response are 
found to be negligible as the mutual deformations re-
duce the dynamic effects. An additional force is devel-
oped at the interaction between the rig and OSV fore-
castle which barely contributes to the energy dissipa-
tion. The OSV bulb is likely to be crushed during the 
impact as the force reaches 23MN. 
During the initial impact of the dynamic analysis the 
mass of the platform’s hull acts as a support for the leg, 
Fig. 16. The OSV and the leg deforms mutually until the 
bulb crushes. It follows that the leg releases elastic en-
ergy and start vibrating.  
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Fig. 16: Hull sway and local leg deflection 

The energy dissipation is shown in Fig. 17. The plat-
form kinetic energy is relatively small and the energy is 
mainly dissipated as deformation of the two structures. 
Once the bulb crushes under the developing collision 
load, the OSV deforms plastically (Fig. 18a) while the 
platform releases elastic strain energy indicating the 
small magnitude of plastic deformations.  

 
Fig. 17: Dissipation of impact energy 

The predicted damage, characterized by local bending 
of the chord as illustrated in (Fig. 18b) is significantly 
different from rigid bow, Fig. 14. 

  
Fig. 18: a)OSV-Platform interaction and b)damage 

Impact Off-Centre at Mid-Span  

For impact off-centre of the rig CoG it is expected that 
the platform hull rotation will contribute to the dissipa-
tion of the OSV kinetic energy. In addition, a rotational 
mode of the leg may take place, Fig. 19. In this scenar-
io, the braces provide a less support to the chord com-
pared to the impact along CoG (x direction) and the 
chords bends globally. 

 
 

Fig. 19: Leg section, impact direction and hull rotation 

First the collision response is evaluated using a rigid 
ship. The force displacement curves are given Fig. 20. 
The differences between USFOS and Abaqus (quasi-
static) are mainly caused by the different load applica-
tion as described in the previous sections. 
The dynamic responses illustrated in Fig. 20 show that 
the initial impact (OSV displacement within 0.5m) is 
influenced by the dynamic response of the leg and the 
applied boundary conditions have minor effects. On the 
other hand, the boundary condition influences the force 
when the hull platform sway motion takes place.  

 
Fig. 20: Collision force, mid-span impact off-centre 

The response with rigid OSV further indicates that the 
resistances of the platform and ship are in the same 
range.  
Next, the response and energy transfer accounting for 
the full interaction between the OSV and the platform is 
investigated, Fig. 21. The force responses illustrate that 
the local dynamic effects are reduced when a deforma-
ble ship is accounted for. 

 
Fig. 21: Collision response, simply supported 

When a quasi-static approach is considered (Fig. 22), 
the deformation energy is dissipated via leg deformation 
only (mainly elastic during the initial impact and then 
plastic) and OSV plastic deformation. The target 40MJ 
are dissipated by platform leg (29MJ) and ship (11MJ). 
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Fig. 22: Energy dissipation (quasi-static with def. OSV)  

Fig. 23 shows the distribution of the collision energy for 
the dynamic analysis with the deformable OSV. The 
rig’s hull initially constrains the leg which bends own-
ing kinetic energy. Next, the platform starts to rotate 
about the CoG contributing to the energy dissipation, 
Fig. 19. The kinetic energy associated to the global 
sway and rotation of the rig is about 10MJ, while the 
strain energy of the OSV (mainly plastic) is about 9MJ. 
The energy dissipated by the platform (elastic and plas-
tic) is about 20MJ. Of this, only 12MJ are absorbed as 
plastic deformation compared to the 20MJ estimated by 
quasi-static approach. 

 
Fig. 23: Energy Dissipation (Dynamic with def. OSV)    

The global chord deflection and torsional mode of the 
leg is captured in both simulations with brace failure 
mechanism in proximity of the hull, Fig. 24. 

  
Fig. 24: Failure mechanism, a) QS, b)dynamic 

Residual Strength of the Damaged Leg 

The residual strength of the damaged leg is evaluated 
considering a single leg model. The strength is calculat-
ed for a few damaged configurations and compared to 
the intact capacity.  
The deformations, representative for a certain damage 
level, are extracted from the presented collision analyses 
and applied as imperfection to the single leg model. The 
selected cases are listed in Table 2. As ice reinforced 
OSVs are commonly used in the Norwegian Continental 
Shelf the damages caused by a rigid ship are also con-
sidered.  

Table 2: Selected damages 
Steel Scenario Case Energy Description 

   [MJ] of the damage 
Dam 1 Mid/Centre QS-Rigid 10 Local bending 
Dam 2 Mid/Centre QS-Rigid 15 Loc. Bend. w/fail 
Dam 3 Mid/Centre DYN-Def 40 Small loc. bend 
Dam 4 Mid/off-centre QS-Def 11 Loc.Bend+global 
Dam 5 Mid/off-centre QS-Def 40 Loc.Bend+global 

 
The resistance for the undamaged leg was first investi-
gated considering different imperfections magnitudes, 
(L/500 and L/100) and boundary conditions, Fig. 25. An 
initial eccentricity ( ) is applied to introduce the side-
way displacement of the platform hull. Next, the axial 
load (P) is applied and increased until the maximum 
capacity is reached while the sideway displacement is 
kept free. The calculated capacities are given in Fig. 26 
as function of the initial eccentricity and damage.  

 

 
 

 
 

Fig. 25: Schematic illustration of the model  

For small initial eccentricity, the intact capacity ranges 
from 400 up to 440MN depending on the imperfection 
and type of boundary condition. The governing mecha-
nism is found to be buckling of the chord in between 
two joints. For larger eccentricities the applied imper-
fection is less important as the second order bending 
moment becomes dominant; the failure mode takes 
place at the chords in proximity to the platform hull. It 
can be noted that for negative eccentricity, i.e. towards 
platform centre, the reduction is larger as the second 
order bending moment induces additional compressive 
loads on the isolated chord. 

 

Fig. 26: Vertical load capacity 

The calculated residual capacities indicate that the larg-
est reductions are found for Dam. 2, characterized by 
severe local chord damages, and for Dam. 5, which is 
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characterized by global deformation in addition to the 
chord damage. Dam. 3 shows that even if the OSV bulb 
is crushed, the strength of the leg is somehow reduced. 
For larger eccentricities, the calculated capacities con-
verge to the intact strength as the failure takes place in 
an undamaged area due to the second order bending 
moment. This does not apply to Dam 5 since it is gov-
erned by column buckling.  
As further work, it would be of interest to compare the 
resistance curves with actual jack-up operating loads to 
evaluate how critical the capacity reduction is. 

Conclusions 

The collision response of a three-legged jack-up struc-
ture with lattice construction hit by a modern bulbous 
bow OSV is investigated applying traditional approach-
es (i.e. frame analysis tool) for screening purposes and 
advanced non-linear FE analysis for more accurate 
assessment. In the latter the progressive changes in the 
contact surface and in the strength of the two deforming 
objects is fully accounted for. The importance of dy-
namic effects is evaluated comparing non-linear static 
and quasi-static analyses to dynamic analyses.  
For the investigated scenarios, the calculations show 
that the dynamic of the relevant local mode contributes 
to the energy dissipation during the initial impact. The 
energy dissipated during the first impact is in the range 
of 10-15MJ indicating that for the traditional energy 
level and forces most of the energy is dissipated before 
that the platform hull sway takes place. 
When higher impact energy are considered (i.e. 40MJ) 
the global hull motions contribute to the energy absorp-
tion and a quasi-static approach, where all the energy is 
assumed to be dissipated as leg deformation, is general-
ly conservative. This is more visible for a scenario with 
impact off-centre of the rig’s CoG. However, the 
amount of energy dissipated through global hull sway is 
dependent on the jack-up operating configuration and it 
is therefore easier to assume in a design phase that the 
energy dissipation is governed by the leg deformation. 
For an impact along the centre of gravity of the plat-
form, the simulations indicate that for the selected study 
cases, the rig strength is sufficient to crush the bulb for a 
joint impact. For an impact at the mid-span, the results 
shows that applying the impact load as a point load may 
lead to conservative results. However, this approach can 
be sufficient in the cases the actual geometry of the 
striking object is not available. In light of the increased 
strength of today’s OSV (impact resistance in the range 
of 25MN), accounting for the actual ship shape can 
affect the outcome of the assessment and better repre-
sents the loading condition. In this case the collision 
response is initially governed by the bending defor-
mation of the chord constrained by the joints. For a 
scenario with impact off-centre of the rig’s CoG a glob-
al bending and also a torsional mode of the leg may take 
place in addition to the local chord damage. 
The non-linear FE analysis with the rigid and deforma-
ble OSV indicates that the strengths of the rig and of the 
OSV are in the same range and the bulb is likely to be 

crushed limiting the damages suffered by the platform. 
However, ice reinforced OSV are commonly used in the 
Norwegian Continental Shelf and thus simulating the 
collision response with a rigid or stiffer ship can be 
relevant to address such event.  
Finally, the axial strength of a damaged rig’s leg was 
investigated. The study cases indicate that the damage 
caused by off-centre impact is likely to be the most 
critical as it introduces a combination of local damage 
(chord bending) and global deformations (bending and 
torsion). The load bearing capacity of the leg is in this 
case limited by column buckling instead of the local 
resistance of the chord as for intact leg as well as for the 
other damages.   
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Abstract 

Recently, with the increase of the size of container ships, 
extremely thick steel plates have been applied to hatch side 
coaming, upper deck and other longitudinal structural mem-
bers in order to maintain the structural integrity of such ships.
To prevent the brittle fracture of thick plate, it is important to 
detect and measure the inner defects. Ultrasonic Testing (UT) 
is regarded as a valid method in order to inspect the inner 
defect of thick plate especially in welding part. In this re-
search, the Superposing Method of waves from point sound 
sources (SPM) was proposed and used for calculating the 
reflected wave from defects in the various situations instead of 
FEA. In this method, the probe and defects are treated as the 
assemblies of sound sources. The ultrasonic propagation is 
expressed as the mutual transmission from each sound source. 
The time history of wave amplitude on the receiving surface is 
calculated by superposing the wave amplitude from sound 
sources on the transmitting surface by considering the delay 
and decay of wave. The calculation speed of the simulation 
program by SPM is much faster than that by FEA. To confirm 
the accuracy of SPM, the calculated results are compared 
with the results of FEA and experiments. Moreover, a neural 
network system which is used for estimating the defect attrib-
utes, such as size, shape, and location, are developed by using 
the numerical simulation results by SPM as training data. In 
order to confirm the applicability of this system, the estimated 
defect characteristics are compared with the true values for 
several test specimens.

Keywords

Ultrasonic testing, wave propagation, calculating proce-
dure, Superposing method, defect identification, neural 
network

Introduction

In recent year, the extremely thick plate becomes used 
in the deck plate of the large ships. For preventing the 
brittle fracture of thick plate, it is important to detect 
and repair the inner defect which is possible to lead the 
failure of structure. Ultrasonic Testing (UT) is regarded 
as a valid method in order to inspect the inner defect of 
thick plate especially in the welding part. But the accu-
racy of the UT depends much on the skill of each in-
spection worker. It is desirable to propose the efficient 

method to improve the accuracy of UT for the inspec-
tion workers with in-sufficient skill. The final object of 
this research is to propose the effective method for es-
timation of the characteristics of inner defect. For this 
purpose, it is necessary to obtain many data of reflected
wave from the defect in the various situations. But, it 
takes much time and cost to obtain a lot of data by ex-
periments, and numerical simulation methods are useful 
for it. Usually, FEA was used for investigating the char-
acteristics of reflected wave from defects (Yagawa, 
1998, Lin, 2001). But, this method also takes much time 
for computing the phenomenon of ultrasonic propaga-
tion. In this research, the Superposing Method of waves 
from point sound sources (SPM) was proposed and used 
for calculating the reflected wave from defects in the 
various situations instead of FEA. In this method, the 
probe and defects are treated as the assemblies of sound 
sources. The ultrasonic propagation is expressed as the 
mutual transmission from each sound source. The time 
history of ultrasonic wave on the receiving surface is 
calculated by superposing the wave amplitude from 
sound sources on the transmitting surface by consider-
ing the delay and decay of wave. The calculation speed 
of the simulation program by SPM is much faster than 
that by FEA. To confirm the accuracy of SPM, the cal-
culated results are compared with the results of FEA 
and experiments.
Moreover, a neural network system which is used for 
estimating the defect characteristics, such as size, shape, 
and location, are developed by using the numerical 
simulation results by SPM as training data. In order to 
confirm the applicability and accuracy of this system, 
the estimated defect characteristics are compared with 
the true values for several test specimens.

Calculation Method for Ultrasonic Propagation

Two calculating procedures for simulation of the propa-
gating behavior of ultrasonic in UT are explained below. 
In these calculations, the ultrasonic propagation is treat-
ed as two-dimensional problem.

Finite Element Analysis

The longitudinal wave and transverse wave in ultrasonic 



inspection can be express by showing the divergence 
and rotational component of displacement, respectively. 
Therefore, the propagating behavior of ultrasonic wave 
in specimen can be obtained by solving equation (1).

nnnn pkuucum (1)

Where, m : mass matrix, c : damping matrix, k : stiff-
ness matrix, np : load vector, nu : acceleration vector at 
time nt , nu : velocity vector at time nt , nu : displace-
ment vector at time nt
Frequency of elastic waves in UT is in the range of 1-
5MHz and the wavelength is from 6 to 1.2mm, which is 
calculated by longitudinal wave velocity in steel (ab.
5900 mm/s). Corresponding to such a short period and 
short wavelength, adequately fine elements and short 
time step are required in calculation. In respect for the 
calculating time, it is efficient to use the explicit calcu-
lation method. In this method, by using lumped mass,
that is, a diagonal mass matrix in equation (1), the ac-
celeration at time tn can be calculated by equation (2).

mkuucpu nnnn /                   (2)
The velocity and displacement at time tn+1 can be solved 
by equations (3), (4), (5), and (6), respectively. And, the 
propagation behavior of elastic wave can be obtained by 
repeating this procedure at every time step.

tuuu nnn /12/1                  (3)

tuuu nnn /2/12/1                  (4)

tuuu nnn /12/1                  (5)

tuuuu nnnn /2/ 11                 (6)
In UT, the longitudinal wave, the transverse wave, or 
the surface wave might be used depending on purpose 
and circumstances. The calculation program named 
UT_WAVE2 was developed based on the above proce-
dure. In numerical simulation, the propagation behav-
iors of such waves can be examined by visualizing the 
distribution of pressure, and the rotation of displacement, 
etc.

Superposing Method of Ultrasonic Wave

As mentioned above, fine elements and short time step 
are required in FEA for calculating the propagation of 
ultrasonic wave. In order to obtain the exact solution, 
the maximum element length must be smaller than 1/20
or less of ultrasonic wavelength (Maeda, 2009). Espe-
cially the simulation of angle beam ultrasonic testing,
which is used for detecting and identifying the defect
length in thickness direction, requires the longer calcu-
lating time because the wide calculation region and 
longer propagating time of ultrasonic wave are neces-
sary compare to the normal beam ultrasonic testing.
To overcome the above disadvantage of FE simulation, 
the superposing method of ultrasonic wave (hereinafter 
called SPM) was developed (Hirasawa, 2012b) for cal-
culating the reflected wave from defects. Fig.1 shows 
the calculation model for angle beam inspection in this 
method.

Only the transducer surface (surface 1), the contact 

surface of the probe and inspecting specimen (surface 2),
and defect surface (surface 3) are taken into account in 
the calculating model. Each surface is divided into finite 
micro areas. The center of each micro area is treated as 
the representative point of sound source. Then, the 
above surfaces are treated as the assemblies of sound 
sources. In this method, the ultrasonic wave propagation 
is expressed as the mutual transmission of wave from 
each sound source. The time history of wave amplitude 
on the receiving surface is calculated by superposing 
wave amplitude from sound sources on the transmitting 
surface by considering the delay and decay of wave.
When the ultrasonic wave propagates from the transmit-
ting surface which is divided in n finite micro areas to 
the receiving surface which is also divided in m finite 
micro areas, the receiving sound pressure which is 
transmitted of arbitrary receiving micro area at time t
can be calculated by eq.(7)
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Where, is ,1 ; i-th micro area of transmitting surface, 

js ,2 ; j-th micro area of receiving surface, jir , ; the dis-
tance between is ,1 and js ,2 , c ; the velocity in the me-
dium, ids ,1 ; the length of transmitting micro area, 1 ;
the angle between the wave propagating direction and 
the normal vector of transmitting surface,  2 ; the angle 
between the wave propagating direction and the normal 
vector of receiving surface,  i ; the term to distinguish 
the course of transmitting to the back of surface. For 
example, in the case of circle defect as shown in Fig.1,
the ultrasonic beam can’t arrive to the micro area at the 
back of circle. The inner product of transmitting course 
vector and normal vector of the receiving micro area is 
utilized to distinguish right or back surface as following.
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i
                            (8)

It was confirmed that the calculating time by SMP is 
only about 1/1000 of that by FEA by simulating the 
several angle beam ultrasonic testings (Hirasawa,
2012b).

Fig.1 Image of divided sound points
for angle beam ultrasonic testing.
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Confirmation of Calculation Accuracy of SPM 

Normal Beam Method

In order to confirm the accuracy of simulation result in 
normal beam method, the calculation result by SPM 
were compared with the FEA results by UT_WAVE2. 
The accuracy of FE calculation was confirmed (Yoshi-
kawa, 2009, Yoshikawa, 2011) by comparing the wave-
forms and the peak echo height from defects with the
experimental results. Fig.2 shows the calculation model,
and Table 1 shows the inspecting condition.
Fig.3 shows the comparison of simulation results by 
SPM with that by FEM. The oscillating frequency is
2MHz and the transducer breadth B is 10mm. The de-
fect depth from inspecting surface d is 20mm. The de-
fect length 2a is changed 3mm to 25mm. 
The vertical axis of Fig.3 is non-dimensional echo 
height which is expressed as follows:

0
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                           (9)

where 0xF is the peak amplitude at the center of defect 
and xxF is the peak amplitude at each probe position.
The transverse axis is the horizontal distance between 
the center of prove and that of defect.

Fig.2 Schematic view of experiment

Table 1 Inspecting condition

Oscillating frequency f (MHz) 2,5
Transducer breadth B (mm) 5,10,20

Defect length 2a (mm) 3,5,7,10,15,20,25
Defect depth d (mm) 10,20,30
Defect angle (deg) 0

Fig.3 Comparison of simulation result in normal beam 
method by SPM with by FEM (d=20mm)

According to this figure, the calculation results by SPM 
and those by FEM closely resemble.
When identifying the defect length which is perpendicu-
lar to propagation direction of ultrasonic wave, the 6 dB 
drop method is commonly used. In this procedure, the 
inspector moves a probe along the specimen, and the 
peak height of reflected wave is measured at each probe
position shown like Fig.3. The twice length between the 
prove location with maximum reflected wave height and 
that with 6dB dropped reflected wave height is treated 
as the predicted defect length.

Angle Beam Method

In order to confirm the accuracy of simulation result in 
angle beam method, the calculation results by SPM 
were compared with the experimental results. The spec-
imens with artificial defect were utilized in this research. 
Fig.4 shows the picture of typical artificial defect spec-
imen whose defect angle is 45 degree. The specimens 
with three kinds of defect angle were prepared as shown 
in Table 2, and the detail of specimen and inspecting 
condition are also shown in Table 2. In experiment, the 
probes with various refracting angle were used. The 
initial probe position was the location at which the ultra-
sonic beam transmitted to the center of defect, and the 
probe was moved back and forth. The simulations were 
performed in same inspecting condition with experi-
ments and were compared with experimental results. 

Fig.5 shows the comparison of simulation results with
experimental results for defect angle 45 degree. The 
vertical axis is the non-dimensional echo height which 
is normalized by the reflected wave amplitude from the 
circular defect whose diameter is 3mm and depth from 
inspecting surface is 21.2mm. The transverse axis is the 
horizontal distance between the center of probe and the 
center of defect. The simulation result by SPM and 
experimental results closely resemble and the accuracy 
of the simulation by SPM is confirmed.
When identifying the defect length which is perpendicu-
lar to propagation direction of ultrasonic wave, the 6dB 
drop method is also used in angle beam inspection as 
well as the normal beam inspection.

Fig.4 Artificial defect specimen

Table 2 Inspecting condition of experiment

Refracting angle (deg) 45,60,70
Oscillating frequency f (MHz) 2,5

Transducer length B (mm) 10
Defect length 2a (mm) 10
Defect depth d (mm) 21.2
Defect angle (deg) 45,60,70
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Fig.5 Comparison of simulation with experiment

in angle beam method for defect angle 45 degree

When identifying the defect length which is not perpen-
dicular to propagation direction of ultrasonic wave, the 
Tip echo method is used. In this method, the length 
between the prove location with two maximum reflected 
wave height is treated as predicted defect length.

Calculating Time

In the simulation of wave propagation by FEA, the 
mesh size must be smaller than 1/20 times of wave 
length of ultrasonic in order to maintain the calculation 
accuracy as clarified in the previous research. This 
means that the huge number of elements is required in 
calculation. Therefore, the simulation by FEA is time 
consuming.
Whereas, in the simulation by SPM, since it is only 
considered the transducer surface, the contact surface 
between probe and specimen, and the defect surface, the 
step of calculation is fewer than that of FEM.
Table 3 shows the comparison of the simulation time 
between by SPM and by FEM, in the case of angle 
beam method with oscillating frequency 2MHz. Ac-
cording to this Table, it is confirmed that the calculation 
time by SPM is much shorter than that by FEM.

Table 3 Comparison of calculation time

Calculation method Calculation time
FEM 6 (hour)
SPM 20(sec)

Defect Identification for Normal Beam Inspec-
tion
In this paper, the neural network systems for identifying
defect shape, location, and size are developed. Neural 
network is one of the artificial intelligence systems 
which models after the mechanism of the human brain. 

With the neural network, it is possible to obtain the 
output value by studying the relation between the input 
and output information. In this research, the neural net-
work shown in Fig.6 was used. This system consists of 
input layer, one intermediate layer, and output layer. 
When detecting the defect larger than the transducer 
breadth, the predicted defect length by 6dB drop method 
gives accurate defect length.  On the other hand, when 
detecting the defect smaller than the transducer breadth, 
the predicted defect length by 6dB drop method is usu-
ally larger than the actual defect length. In identifying 
defect length utilizing neural network, the defect length 
will be estimated not only for larger defect but also 
smaller defect than the transducer breadth, and the accu-
racy of predicted defect length will be checked.

Fig.6 Schematic diagram of neural network

Input Data for Neural Network 

For normal beam inspection, the simulation by FEM is 
not time consuming.  Therefore, the FE results are used 
as the teaching data for the neural network in this case. 
Utilizing FEM, the reflected waveforms from various 
defect sizes, shapes, and locations are calculated using
the calculation model shown in Fig.7. The sample of 
calculated reflected waves is shown in Fig.8. In this 
figure, two reflected waves are shown. One is the wave 
when the maximum reflected wave amplitude is ob-
tained. At that time, the probe position is right above the
defect center. Another wave is obtained when the probe 
position moves with one probe breadth from the above 
mentioned position.
The wave height and its time at X1, X2, X3, Y2, and
rX2 which are shown in Fig.8 are used as the input data

Fig.7 Calculation model for Normal beam ultrasonic testing
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for the neural network. By using the significant input 
date such as the peak amplitude and its time, the dimen-
sion of neural network can reduce and the teaching and 
learning time for constructing the neural network can 
also reduce. The outputs of the neural network are the 
shape, size, depth, and inclined angle of defect.

Fig.8 Input information in the constructed neural network

Identification System for Characterization of Defect

In the identification system for characterization of de-
fect in normal beam inspection, the parallel slit, circular,
and inclined slit defects are assumed to be predicted. At 
first, the reflected waves from defects are calculated 
utilizing FEM for various assumed defects. Secondary 
from the calculation results of reflected wave, the teach-
ing data to neural network are picked up and prepared. 
Then, the learning in neural network is performed. 
The flow chart for evaluation of defect shape, location, 
and size are shown in Fig. 9. Using the measured re-
flected wave data for unknown defect, the defect shape 
will be identified with Network 1. Then, the defect
location and size are identified in order by utilizing the 
former identified results with Network 2, 3 and Network 
4, 5 for the parallel slit defect and the circular defect, 
respectively.

Fig.9 Flow chart for evaluation of defect shape, location
and size. (Straight beam technique)

For the inclined defect, the inclined angle is first identi-
fied with Network 6, and then the defect location and 
size are identified in order by utilizing the former identi-
fied results with Network 7, 8.

Identification Results of Defect

To verify the applicability of the identification system stated 
in previous section, the following procedure is used.
The simulations of wave propagation from various defects are 
performed by FEA. In these analyses, the defects are different 
from those used for teaching data in constructing the neural 
network.
The identified results estimated by neural network using the 
calculated wave data by FEA as input date are shown below.
In Table 4, the estimated defect shapes utilizing Network 1 are 
shown by comparing the defect shapes assumed in advance. 
ID numbers of defect shape are 0 for circular defect, 1 for 
parallel slit defect, and 2 for inclined slit defect, respectively. 
Seeing the output of Network 1, the estimated ID number 
shows good corresponding value to the ID numbers of as-
sumed defects
In Figure 10, the estimated defect angle, location, and length 
estimated by using Network 2-11 and the result of Network 1 
are shown. The defect angles and locations are estimated 
within about 5% error, and the defect lengths are estimated 
within about 10% errors. From these results, it is confirmed 
that the characteristics of defect can be estimated with good 
accuracy by using the constructed neural networks.
As the teaching data can be obtained by SPM, the neural 
network for identification of defect can be easily constructed 
by performing the simulation for target plate thickness and 
defect. Moreover, utilizing this procedure, the defect can be 
identified even if the inspector has not enough skill and 
knowledge for inspection.

Table 4 Defect identification result by Network 1

No. Shape of 
crack

ID of
crack shape

Estimated Value
(Shape of crack)

1 Circular 0 0.01
2 Circular 0 0.05
3 Circular 0 0.03
4 Circular 0 0.06
5 Slit 1 1.19
6 Slit 1 1.05
7 Slit 1 0.99
8 Slit 1 0.99
9 Slant 2 2.13
10 Slant 2 2.02
11 Slant 2 2.00
12 Slant 2 2.00
13 Slant 2 2.00
14 Slant 2 2.00

Simulation of Ultrasonic wave propagation

Identification of Defect Shape
(Network 1)

Slit Slanted defect

Depth
(Network 2)

Length
(Network 3)

Depth
(Network 4)

Size
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Depth
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Angle
(Network 6)

Circular defect

Preparation of Training Data

Training of  Neural Network



(a) Results of estimated angle

(b) Results of estimated depth

(c) Results of estimated length

Fig. 10 Calculation results of defect angle, depth and length 
by neural network. (Straight beam technique)

Defect Identification for Angle Beam Inspection
In the case of angle beam inspection, the simulation by 
FEM is time consuming as mentioned previously. 
Therefore for the angle beam inspection, the neural 
network system for identifying the defects are devel-
oped utilizing the results of SPM as teaching data.
The accuracy of identifying defects depends on the 
accuracy of reflected waveform, from which teaching 

data are derived. And, the accuracy of reflected wave-
form depends on the accuracy of assumed transmitting 
waveform in SPM. Therefore, it is important to repre-
sent accurately the oscillating waveform at probe in 
SPM analysis in order to improve the accuracy of iden-
tifying defects. In this chapter, the measured waveform 
in an artificial defect specimen is used as an input wave-
form in SPM.
The oscillating frequency and breadth of the applied 
probe are 2MHz and 10mm, respectively. The refraction 
angle to specimen from probe is set to 45°because it is 
effective to select 45° than 60°and 70°when using tip 
echo method (Hirasawa,2012a). As mentioned previous-
ly, it is known that the conventional methods for defect 
sizing, such as 6dB drop method and Tip echo method, 
are effective when the defect length is longer than 
transducer breadth. But it is difficult to estimate the 
defect size when the defect length becomes smaller than 
transducer breadth. Therefore, the defect identification 
is performed for smaller defects than probe breadth
(10mm). The calculating cases by SPM are shown in 
Table 5. 

Table 5 Calculating condition for preparing
the teaching data for neural network

Probe
Frequency f (MHz) 2

Transducer breadth B (mm) 10
Refraction angle (deg) 45

Defect

Type Slit
Length 2a (mm) 2,4,6,8
Depth d (mm) 15,20,25,30
Angle (deg) 30,40,50,60,70

Input Data for Neural Network 

Input teaching data of neural network system for angle 
beam inspection are echo height and time at the follow-
ing three probe locations(points) which are obtained by 
moving the probe back and forth (see Fig.11).
Point 1 the point (location)  when the reflected wave 

height (echo height)  shows maximum value.

Fig.11 Position of probe to obtain input values.

10

20

30

40

50

60

70

10 30 50 70

A
ct

ua
l d

ef
ec

t a
ng

le
 (d

eg
)

Estimate defect angle (deg)

: 5% error
: Slant

10

12

14

16

10 12 14 16

A
ct

ua
l d

ef
ec

t d
ep

th
 (m

m
)

Estimate defect depth (mm)

: Circular

: 5% error

: Slit
: Slant

2

3

4

5

6

2 3 4 5 6

A
ct

ua
l d

ef
ec

t l
en

gt
h 

(m
m

)

Estimate defect length (mm) 

: Circular

: 10% error

: Slit
: Slant

N
on

-d
im

en
si

on
al

 e
ch

o 
he

ig
ht

  :
H

-H
dB

)

Distance between defect center
and beamline c (mm)

Point 1

Point 2 Point 3



Point 2 the point 3mm back from Point 1
Point 3 the point 3mm forth from Point 1 

In Fig.11, the horizontal axis shows the distance be-
tween the defect center position and the probe position 
when moving the probe back and forth.  The defect 
center position is defined as the probe position when the 
center of ultrasonic beam reflects at the center of defect. 
The vertical axis shows the non-dimensional echo 
height which is obtained the echo height divided by the 
echo height for standard specimen (cave hole type de-
fect with 3mm diameter located 21.2mm depth)

Identification System for Characterization of Defect 

The neural network for angle beam inspection consists 
of input layer, one intermediate layer, and output layer
as well as that for normal beam inspection. The flow 
chart for evaluation of defect shape, location, and size 
are shown in figure 12.
At first, the reflected waves from defects are calculated 
utilizing SPM for various assumed defects. Secondary 
from the calculation results of reflected wave, the teach-
ing data to neural network are picked up and prepared. 
Then, the learning in neural network is performed.
Using the measured reflected wave data for unknown 
defect, the defect length, angle and length are estimated 
in order by utilizing the former identified results, re-
spectively.

Fig.12 Flow chart for evaluation of defect depth, angle and
Length (Angle beam technique)

Identification Results of Defect

To verify the applicability of developed identification 
system for characterization of defects, ultrasonic testing 
was performed for the specimen with artificial defects, 
and defect identification was performed using the meas-
ured reflected wave as input data. A number of artificial
defects were made in the specimens by electric dis-
charging. The defect depth, angle, and length in speci-
mens are shown in Table 6, and one of the specimens is
shown in Fig.13. Using the probe with the oscillating 
frequency; 2MHz, transducer width; 10mm, and refrac-
tion angle; 45 , the reflected waveforms were meas-
ured from defects.

Table 6 Inspecting condition of experiment

Slit Defect

Depth d (mm) 16,20,24,28
Angle (deg) 30,45,50,60,70

Length 2a (mm) 2,4,7

Probe

Frequency f (MHz) 2
Refraction angle (deg) 45
Transducer size B (mm) 10

Fig.13 Artificial defect specimen

The identified results estimated by neural network, in 
which the calculated data by SPM were used and the 
measured waveforms were used for the estimation of 
defects, are shown in Fig.14 and Table 7.
Seeing Fig.14, the defect depth, angles and lengths are 
estimated within 10% error. Seeing Table 7, there are 
some estimated values with over 10 % error. But the 
absolute values in error were not large and were smaller 
than 1mm.
For the defects whose length are smaller than breadth of 
transducer, the estimated accuracy of defects length by 
the developed neural network improved much compared 
with conventional procedures.

(a) Results of estimated depth
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(b) Results of estimated Angle

(c) Results of estimated length

Fig.14 Estimate results of defect angle, depth and length by
neural network (Angle beam technique)

Table 7 Estimate results of Defect length
Actual data Estimated 

length
(mm)

Error
(%)

Error
(mm)Depth

(mm)
Angle 
(deg)

Length 
(mm)

16.0 45.0 2.0 2.2 10.0 0.2
16.0 45.0 4.0 4.6 15.0 0.6
20.0 30.0 2.0 1.9 -5.0 -0.1
20.0 50.0 7.0 6.5 -7.1 -0.5
24.0 30.0 4.0 3.7 -7.5 -0.3
24.0 45.0 7.0 7.2 2.9 0.2
24.0 60.0 2.0 1.8 -10.0 -0.2
24.0 60.0 4.0 3.5 -12.5 -0.5
28.0 45.0 2.0 2.3 15.0 0.3
28.0 70.0 7.0 7.7 10.0 0.7

Because the teaching data can be obtained by SPM, the 
neural network for identification of defect can be easily 
constructed by performing the simulation for the various 
assumed defects. Moreover, utilizing this procedure, the 
defect can be identified accurately even if the inspection 
worker has not enough skill and knowledge.

Conclusions

As the inverse calculation procedure of defect character-

istics, the neural network system, in which the calculat-
ed reflecting waveform from the defects by SPM are 
used as the teaching data, was developed. Then, ultra-
sonic testing was performed for the specimen with arti-
ficial defects, and defect identification was performed
using the measured reflecting wave as input data in 
order to verify the applicability of developed system.
It was confirmed that the defect depth, angles and 
lengths can be estimated accurately by using developed 
systems. Especially for the defects whose length are 
smaller than breadth of transducer, the estimated accu-
racy of defects length by the developed neural network 
improved much compared with conventional procedures.
Moreover, utilizing the developed system, the accurate
defect identification can be performed easily and speedy 
without enough skill and knowledge in inspection.
.
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Abstract

A reliable estimation of the total resistance in the early
design phase becomes of more importance due to the
need of a ship design for higher efficiency. With continu-
ously increasing computational power the use of modern
CFD methods like RANS play a common role in the resis-
tance prediction. Still these methods, even more precise,
are more time-consuming in pre- and post-processing due
to their complexity. Hence they have to be soundly in-
tegrated into the design and computational environment
for an efficient usage and reduction of turnaround times.
This paper discusses how RANS methods can be embed-
ded into a design infrastructure. Possibilities to autom-
atize the steps of CAD and computational case prepara-
tion including the mesh generation step are introduced
and discussed. Special attention is given to the appli-
cation of open-source software and the discrepancy be-
tween automatism and user interaction. As a conclu-
sion an example implementation for CFD ship resistance
analyses with OpenFOAM and Numeca Hexpress into an
existing computational infrastructure is presented. Based
on example CFD resistance calculations, this is dis-
cussed according to accuracy in results, user flexibility
and turnaround times. The developed procedure proves
to be efficient and flexible in performing CFD resistance
predictions and is able to support the decision making
process in early design.

Keywords

Resistance; RANS; CFD; CAD; KCS; early design;

OpenFOAM; ship hull form.

Introduction

Estimating the total resistance in the early design phase

becomes more important due to the need of a ship

design for higher efficiency. Furthermore the knowl-

edge about flow details is of increasing interest not

only in hull form design, but also in the design of

appendages like propellers, rudders or energy-saving-

devices. Continuously increasing computational power

leads to the use of Computational Fluid Dynamics

(CFD) methods like Reynolds-Averages-Navier-Stokes-

Equations (RANSE) as a common tool in the prediction

of the hydrodynamic performance of a vessel. The CFD

workshops of Gothenburg, 2010 (Larsson et al., 2010)

and Tokio, 2015 show that developed CFD methods are

able to achieve good results compared with experimen-

tal results. Hence RANS methods nowadays are a com-

mon used tool in design departments to support the de-

sign process. However their efficiency is limited by a

time consuming preparation of the computational model

and analysing the results. The International Towing Tank

Conference conducted a questionnaire on the difficul-

ties of using CFD, which was answered by 194 persons

out of the shipbuilding sector from 30 countries (ITTC,

2011). It showed that besides the accuracy and confi-

dence in results, the mesh generation and the turnaround

times of calculations are main limitations and difficul-

ties for a wider use and acceptance of CFD methods.

Hence CFD methods can efficiently support the daily de-

sign process, if they are better integrated into the pre- and

post-processing software environments.

General CFD-Process

The CFD process in ship hydrodynamics is shown in Fig-

ure 1. It can be subdivided into three main parts: pre-

processing, solving and post-processing. The parts and

its subtasks have to be sequentially processed, as they

build up on each other.

Pre-Processing

Before starting a CFD-computation the necessary simu-

lation model has to be derived with the help of the design

parameters of the ship and transport properties, e.g. den-

sity and viscosity of fluid.

In the Domain preparation the fluid domain is defined.

Therefore the ship hull geometry has to be adapted first.

Appendages might be added or removed. Complex ge-

ometry features of the hull, that are not in the scope of in-

vestigation are simplified, depending on the experience of

the engineer. Furthermore the geometry has to be scaled

or transformed according to the floating position to be in-

vestigated. Additionally boundaries of the fluid domain,

e.g. inlet and outlet, need to be generated. As it is es-

sential, the geometry of the fluid domain should be wa-

tertight, discontinuities like holes, overlaps, etc. have to



Figure 1. The general CFD Process and its subtasks.

be healed. Requirements by the mesh generation tools

related to the geometry have to be also considered dur-

ing this step. Therefore very often the geometry has to

be converted into an appropriate file format to be soundly

read and understood. Bronsart et al. (2013) show an au-

tomated approach for domain preparation with special

attention on eliminating geometry inconsistencies. Abt

et al. (2012) present a domain preparation procedure in-

tegrated in an existing CAD-software environment.

The next step mesh generation in which the fluid do-

main is discretised into finite cells finally resulting in a

volume mesh. The cells in the generated grid must fulfil

a number of quality criteria, otherwise the later computa-

tion might result in inaccurate results. Besides this gen-

eral constraints, it is obvious, that the mesh as the spa-

cial discretisation should be able to correctly resolve the

fluid flow. Therefore grid convergence has to be checked

and special attention has to be given to the composition

of the boundary layer and the free water surface. ITTC

(1999) and WS Atkins Consultants (2002) give recom-

mendations on how to generate the mesh with special at-

tention to ship hydrodynamics. A more general guideline

is given by Casey and Wintergerste (2000). To conclude

mesh generation strongly depends on the the kind of nu-

merical simulation, the geometry itself and the flow phe-

nomena to be investigated.

Finally in the job preparation step all boundary condi-

tions, transport properties and solver parameters are de-

fined in order to complete the information needed for

calculating the fluid flow. Boundary conditions have to

be selected in accordance with the physical behaviour of

the flow. General boundary conditions for ship hydrody-

namic problems are given in the mentioned guidelines.

Fluid properties are given by the environmental condi-

tions the ship is simulated in, usually by selecting den-

sity and viscosity of the fluid. The solver parameters are

control properties, e.g. run time control, numerical solu-

tion control and schemes to be used. Also the turbulence

model has to be selected.

After setting up all properties for the numerical solu-

tion successfully, the case is ready to be solved. Usu-

ally the pre-processing task is the most time consuming

process step when performing CFD due to the extensive

manual work during domain preparation and mesh gen-

eration.

Solving

In its simplest form the solving step represents the execu-

tion of the CFD-solver in order to compute the numeri-

cal solution. This step can be more extended with using

High-Performance-Computing (HPC).

To solve the CFD-computation parallel on several

CPUs the pre-processed job first has to be decomposed.

Then it is parallely solved and finally the job has to be

reconstructed.

When running on a HPC-cluster the described proce-

dure is committed to a workload manager, which cares

for the execution of the solving process. Of course it

needs also job specific information, like execution com-

mand, resources to use, running time, etc. After complet-

ing the job the results have to be transferred back to the

user in order to be analyses.

Post-Processing

In the following post-processing step a detailed analy-

ses of the fluid flow is conducted. The residuals of the

numerical solution and the forces acting on the hull are

plotted over simulation time to assure convergence of the

solution. Visualization tools are used to plot the dynamic

pressure distribution, streamlines or wave elevation along

the hull. As a result possible improvements of the shape

of the hull can be derived.

Environment for Rapid Resistance Estimation

Based on the briefly described general CFD steps a proce-

dure to perform rapid resistance estimation is developed.

As the computing environment should be independent

of license cost, it was decided to use the open-source

CFD-Code OpenFOAM Version 2.2.2 (OpenCFD, 2016)

for the RANS resistance estimation. OpenFOAM beside

the numerical solvers includes numerous mesh genera-

tion, pre-processing and post-processing tools. Klein-

sorge et al. (2011) shows how the OpenFOAM-tools can



be used to generate grids for ship resistance estimation

automatically. Unfortunately the algorithm cannot reli-

ably generate cells in the boundary layer, which is of ma-

jor importance for determining the viscous forces. Addi-

tionally difficulties in resolving knuckles in the ship hull

form exist. Even though the code is continuously im-

proved, the commercial software Numeca Hexpress (Nu-

meca International, 2016) was chosen to build the meshes

as it overcomes these problems (Bronsart and Kleinsorge,

2011).

For parallel solving of the RANS-equations the ref-

erence HPC-infrastructure consists of a Linux-Cluster,

which uses the SLURM workload manager (SchedMD,

2016) as queue management.

In the post-processing step the visualization of the flow

is made with the open-source tool Paraview (Kitware

Inc., 2016), graphs are plotted with open-source appli-

cation gnuplot (gnuplot, 2016).

To build an environment for rapid resistance estima-

tions the presented applications have to be successfully

integrated into the general CFD-process. Therefore in-

terfaces are needed to control and manipulate them effi-

ciently. As Numeca Hexpress and Paraview provide an

application programming interface (API) based on the

programming language Python (Python Software Foun-

dation, 2016) it was decided to develop the whole envi-

ronment in Python-Code. To read and write OpenFOAM
files a parser from the python-library PyFoam (Gschaider,

2016) is used.

Figure 2 shows the developed environment for rapid

ship resistance analyses. The domain preparation and in-

put parameter definition for mesh-generation are strongly

depending on each other, as it is essential to know the

topology of the domain for defining meshing parameters.

Therefore the pre-processing step of domain preparation

is still left to the user.

The following mesh generation and job preparation

runs automatically, controlled by the input parameters

and is explained in the next subsections in detail. At the

end a completely prepared job is generated. The submis-

sion of a job to the HPC workload manager is done man-

ually by the user. This can be seen as a final quality check

before starting the solving in order to eliminate unwanted

jobs from allocating resources on the HPC.

After submitting the job to the SLURM workload man-

ager, it takes care for decomposition, execution of solver,

reconstruction and reprocessing of results. The plotting

of residuals and forces is also executed after each com-

putation. Thereby the convergence of solutions can be

directly controlled after solving.

The reprocessed results are viewed with the help of

the visualization tool Paraview. Analysing details of the

flow with visualisation tools is performed manually as it

is highly depending on the user’s experience and needs.

To save time in analysing the flow the API in Paraview
routines are continuously developed.

Figure 2. Derived environment for rapid ship resistance

analyses

Domain Preparation and Input Parameters

As described above the domain preparation is left to the

user, for an example see Figure 4. The domain has to be

prepared in a special Numeca Hexpress file format called

.dom which is essential for later meshing. It is gener-

ated from Standard Tesselation Language .stl-file-format

and can handle the topology of the geometry. Details on

domain preparation and how to use the .dom-format are

described in Numeca (2013).

Input parameters to control the meshing process are de-

fined by using the Python dictionary data structure. In to-

tal six dictionaries form the input for the rapid ship resis-

tance estimation. The parameters are shown in Figure 5.

The GenPar dictionary defines general information for

meshing and job preparation. Five additional dictionaries

exist with parameters defining the meshing, namely:

• refinement of faces: faces
• refinement of boxes inside the domain: box
• refinement of edges: edges
• control of snapping cells on edges: snapp
• viscous layer insertion: viscLay

Within the dictionaries meshing parameters are assigned

to the faces or edges by its topology entity number, which

is derived by a special developed tool. As the domain is



prepared by the user, he/she can easily define meshing

parameters manually.

Once the domain is generated and meshing parameters

are defined the process can be easily automated for inves-

tigation of hull form variations in an optimization, as long

as the domain topology is constant and only the geometry

of surfaces change.

Mesh generation

Mesh generation using Numeca Hexpress is following an

octree-approach to create unstructured hexahedral grids.

Briefly the methods first generates an initial coarse grid

which in the following is refined at the boundaries by

subdividing initial cells. Cells outside the domain are

deleted and the remaining cells are snapped on the do-

main boundaries. Then a mesh optimization is started to

improve the quality of the cells. Finally viscous layers are

inserted on designated boundaries, see Numeca (2013)

An automated process for the meshing procedure is de-

veloped. As a result each meshing step is implemented in

a method of a python-class to control the meshing. As the

meshing steps have to run sequentially one after another,

once an object as instance of the class is defined meshing

is started.

Before preparing the initial mesh it is checked whether

the mesh is generated for double body or free water sur-

face flow. Due to the refinement of free water surface

and the presence of parts of the body above the water,

the latter task needs a special treatment. If the keyword

freeSurface is not listed in general parameters dic-

tionary the meshing will be performed for double body

flow.

The initial mesh is then generated by subdividing

the domain in vertical direction using the parameter

globRef. The subdivision in longitudinal direction is

calculated by using the domain dimensions and the pa-

rameter globAspect as well as globRef to assure

the aspect ratio of cells is met. In lateral direction the

subdivision of cells is calculated using an aspect ratio

of one. Hence the initial mesh consists of cells that are

stretched in longitudinal direction. As the subdivision

routine accepts only integer values, the aspect ratio might

slightly differ from the value defined in globAspect.

For free surface meshing the parameter globRef de-

fines the subdivision of the underwater domain, hence the

subdivision for the complete domain in vertical direction

is corrected due to the part above the water line. This is

introduced in order to have the same underwater initial

mesh cell sizes, independent of the kind of simulation.

Afterwards the initial mesh is adopted to the domain.

Therefore the dictionaries for face, box and edges refine-

ment are used. Nearly all meshing parameters available

in Numeca Hexpress can be defined in the dictionaries.

Anyhow, for most of them defaults are defined according

to the authors experience. Only parameters to be explic-

itly changed have to be written into the dictionaries. The

procedure is mainly similar to the procedure when using

the GUI of Numeca Hexpress, but automated. Generating

free surface meshes an internal surface is inserted into the

domain. Contrary to boundary faces cells along internal

surfaces can be anisotropically refined. Therefore refine-

ment of cells in longitudinal direction is calculated based

on radiated wave length of the ship, which is determined

with speed and length of the ship. Refinement is calcu-

lated by division of wave length trough CpWave. For

the height of cells the refinement is directly given by the

value of keyword CzWave. In lateral direction the refine-

ment is restrained by the global aspect ratio.

Snapping of refined cells on the domain is performed

according the snapping dictionaries. Again, all snapping

parameters available can be assigned to the edges of the

domain. By default it is assigned in such a way that cells

should be snapped to all available edges. Therefore the

user only has to consider special treatment of edges when

defining the dictionary. Afterwards a mesh optimization

step is performed. Parameters are automatically defined

based on the authors experience and build a compromise

between computing time and quality.

In the last mesh generation step viscous layers have

to be inserted along the faces representing the ship hull.

Therefore from the viscous layer insertion dictionary the

faces for inserting a layer, its y+ value and the number

of boundary layer cells are read. Based on ship’s speed

the height of the first cell next to the faces is calculated.

If the number of boundary layer cells are not given the

number of cells is computed using the cell thickness of

refined cells outside the boundary layer. Again mesh op-

timization is performed to assure a good quality mesh.

The final mesh is exported into OpenFOAM native

mesh format polyMesh. Additional files and folders are

provided to set up an initial OpenFOAM-Job which is es-

sential for the subsequent steps.

Before finally preparing the job for computation the

generated OpenFOAM-mesh is further adjusted in order

to meet requirements of the job preparation step. In the

mesh by default each face of the domain builds a patch.

To simplify the mesh, patches of the ship hull form are

combined using the OpenFOAM-tool createPatch. Ad-

ditionally the exported mesh topology is optimized for

computation by using the tool renumberMesh. Finally the

quality of the mesh is checked using the tool checkMesh.

Its result is written together with a detailed description

of meshing into a log-file, so that the procedure can be

reproduced and analysed.

Job Preparation

The initial OpenFOAM job is handed over to the job
preparation task. The following developments are com-

bined in a job preparation class. The class consists of

several methods to perform each sub task. Contrary to

the mesh generation task, where the procedure is started

with building an instance of the class, here the deloped

methods of the class have to be called separately. This is

more flexible as it provides the possibility to use the class

also outside of the developed procedure for reconfigura-

tion of already prepared jobs. The job preparation class

is called at the end of meshing class within the API of

Numeca Hexpress.



Figure 3. Script for job preparation task (Python)

The velocity and length of the ship, fluid properties,

the specific OpenFOAM solver name and the mesh size

are transferred. The job preparation can be performed for

the following solvers:

• simpleFoam: for steady-state double body computa-

tion

• LTSInterFoam: for steady-state free surface compu-

tation

• interFoam: for transient free surface computation

• interDyMFoam: for transient free surface computa-

tion including free trim and sinkage of ship

If the generated mesh is generated for double body flow

computations, the solver simpleFoam is used, otherwise

LTSInterFoam is applied. The use of transient solvers

is delegated to special methods that switch steady state

job properties to transient properties as this procedure im-

proves the stability of a transient run. Overall more than

20 methods are developed to manipulate and prepare the

OpenFOAM-job with the help of this class.

Figure 3 shows how the methods of job preparation

class are called within the developed environment for job

configuration for a free surface computation. Italic writ-

ten parameters are variables that have to be defined.

First boundary conditions for the velocity U, the pres-

sure p, the volume fraction alpha1 and the turbulence

quantities k and omega are set depending on solver by

calling the setField-methods. Next the numerical

schemes and solution control are set according to the

solver.

The properties to control the computation are also set

solver specific. Additionally are defines properties for

writing intermediate results, stopping the computation at

a certain time step and logging forces on patches.

In the next steps the script for submission to the work-

load manager SLURM is written. A decomposition of

the job is selected automatically based on mesh size and

solver type. Therefore preliminary performance tests

have been performed on the cluster. Besides resource

management properties, the methods add the execution

commands of OpenFOAM-tools for decomposition, solv-

ing, reconstruction and reprocessing the results to the

submission script.

Running through the whole process the job is prepared

for manual submission to the HPC-cluster. For running

optimizations this manual step can be easily automated

by adding commands for copying and submission of jobs

to the HPC-cluster.

Post-Processing

Post-Processing is performed in two alternative ways:

The resistance of the ship and the residuals of the com-

putation are automatically supplied to the user as plot-

ted graphs. Therefore a Python class is developed that

analyses the log-file of the computation and filters for

the initial residual of each field quantity. The extracted

data is saved and then plotted with gnuplot as function

of simulation time / iteration. Additionally the total re-

sistance force and its components are filtered and saved

in order to be plotted also. In addition a mean force and

its maximum deviation is calculated to give a fast feed-

back on convergence of resistance data. For detail flow

analyses scripted processes are developed to directly vi-

sualise the flow. Using the API of Paraview helps to au-

tomate this process. Within the developed environment

automated scripts for comparison of wave elevation be-

tween two computations, for extracting wave elevation

along the hull and for comparison of dynamic pressure

distributions and wall shear stresses between two compu-

tations are developed. These pre-defined scripts can be

directly selected from the GUI tool bar in Paraview.

Case Study: KCS-Modelscale Resistance

The developed procedure is used to calculate the calm

water resistance of the KRISO Container Ship model

(KCS). The KCS is a well known computational bench-

mark case for numerical resistance and propulsion pre-

dictions. KCS is a panamax container ship with LPP =
230m, B = 32.2m and a draught at design condition

of T = 10.8m. The ship is fitted with a bulbous bow

and a transom stern. Model resistance data for an even

keel condition at design speed Fr = 0.26 is given by

Kim et al. (2001). Furthermore in the proceedings of the

Gothenburg CFD-Workshop experimental resistance val-

ues for six speeds ranging from Fr = 0.11 to 0.282 with

dynamic trim and sinkage are given. All experimental

data are for model scale λ = 31.6, no full scale experi-

mental data are available.

Figure 4 shows the overall domain for free surface

computations. The ship is split into six patches: tran-

som, deck, above water line, running, midship and en-

trance. Edges between the faces are depicted. Global,

face and edge parameters are defined manually accord-

ing to the described procedure in Python-dictionary data

structure as shown in Figure 5. In order to perform the

pre-processing for several speeds, the procedure of pre-

processing is performed in a loop, for each run a new ship

speed is transferred in the global parameter GlobPar
dictionary. Jobs for computation of ship resistance are au-

tomatically generated and stored under the given relative

path for each velocity. The prepared jobs can be viewed

before manual submission to the HPC-cluster workload

manager.

This procedure is used for a mesh refinement study.

Therefore for each speed the refinement values of faces

running-entrance and midship as well as box

bow and stern is increased. This results in meshes of



Figure 4. Free surface computation domain of KCS

model

approx 250 thousand to 4.5 million cells for design speed

Fr = 0.26 for coarse and fine mesh respectively.

Figure 6 shows the generated coarse meshes for the

lowest and design speed of KCS ship model. As can be

seen in detail, the boundary layer is meshed according to

the specifications, resulting in a thinner first cell thick-

ness for higher speeds. The chosen wall distance for the

generated meshes is y+ = 100, so that a wall function im-

plementation is used in boundary conditions of the ship.

All created grids have a sufficient quality as only very few

skewed and non-orthogonal cells exist which does not in-

fluence the stability and the result of the computation.

Figure 7 shows the residuals of finest mesh at Fr =
0.26. Figure 8 shows the forces after completing the com-

putation for the same mesh. The mean forces are calcu-

lated based on the last 1000 performed iterations. The

maximum deviation of mean forces is also displayed.

The total ship resistance coefficient cT and its com-

ponents viscous cV and pressure coefficients cP are com-

puted. Using the developed environment meshing param-

eters are systematically varied. The converged mesh in-

dependent solutions are compared with measured ITTC

’57 resistance coefficients in Figure 9. Additionally to

the CFD results for even keel (fixed condition), results

with dynamic trim and sinkage are plotted for Fr = 0.11,

Fr = 0.227 and Fr = 0.282.

Even though the calculated total resistance cT is at

most speeds in good agreement with the experiments,

the computed even keel fixed condition at design speed

is not fully met and has about 6% error. Consequently

for calculations with dynamic trim and sinkage the error

is smaller compared to the experiments, especially with

increasing speed. Comparing the viscous resistance cV
with common ship correlation lines it can be seen that

the gradient of the computed cV = f(Re) curve is not

in agreement with experiments. For dynamic conditions

this can be due to the increased wetted surface with sink-

Figure 5. Dictionaries for meshing and job preparation

of free surface domain
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Figure 7. Automatically plotted residuals for fine mesh

caluclations at Fr = 0.26

age and trim. The calculated pressure resistance cP fits

with the residuary resistance cR of experiments.

The case study shows that within the developed en-

vironment the automated mesh generation delivers good

quality grids, also with varying mesh parameters. The

job preparation task sets the appropriate boundary condi-

tions and solver parameter for all the jobs, which reduces

significantly editing errors compared to a manual prepa-

ration by the user. Therefore the quality of the whole pro-

cess is substantially increased. Due to the automated pro-

cess, the turnaround time of performing a resistance anal-

yses is decreased, especially when a variation of condi-

tions are to be investigated using the same domain. Nev-

ertheless the environment is flexible in usage and easily

adaptable due to its object oriented approach. It is shown,

that the developed environment is able to produce sound

resistance results for free surface RANS computations



(a) Lowest speed Fr = 0.11

(b) Design speed Fr = 0.26

Figure 6. Coarse meshes for free surface computations

with the KCS model at different speeds.

Conclusion

In this paper an environment for rapid ship resistance

analyses based on the tools Numeca Hexpress and Open-
FOAM is presented. The workbench is build with help

of the programming language Python and supports the

guided and automated handling of all CFD process steps.

The developed automated procedure for pre-processing,

solving and post-processing is described. Due to the com-

plexity of preparing ship hull geometries, it was decided

to exclude this step from the environment.

A case study is performed to show how the envi-

ronment supports a fast and reliable resistance analysis.

Therefore the KCS model is computed at six different

speeds. For each speed a systematic variation of mesh-

ing parameters has been performed. The overall result

of the study is presented. It is in good agreement with

experimental ship resistance data, especially when com-

putations with dynamic trim and sinkage are performed.

The case study reveals that the developed environment

significantly decreases turnaround times when perform-

ing many computations with the same input geometry. A

faultless process of resistance analyses is guaranteed.

For a further improvement of turnaround times the en-

vironment should be extended to use input geometries

that are prepared by CAD systems automatically. Also

methods to used the environment a ship hull form opti-

misation should be added. Therefore also the integration

of the HPC infrastructure has to be improved and further

automated.
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Abstract 

Comprehensive procedure from design to performance analy-
sis for cap fin is treated in this paper including CFD, model 
test, sea trial and operation data analysis. The working prin-
ciple of cap fin which eliminates hub vortices is addressed 
based on the wide study with CFD and model tests in a large 
cavitation tunnel and towing tank. However, from both CFD 
in model scale and model test results, it was concluded that it 
is difficult to accurately assess the actual fuel saving effect of 
cap fin due to scale effects. The approach of the optimization 
design and performance evaluation of propeller cap fin is 
dealt with in this paper by introducing CFD calculation in full 
scale and full scale measurements. The full scale trials showed 
the power saving effect from cap fin agreed with that predict-
ed from full scale CFD calculation.    

Keywords 

DSME cap fin; CFD; model test; sea trial; operation 
data; performance analysis  

Introduction 

FOC is still one of the most important factors to repre-
sent the vessel’s performance even with very low oil 
price these days. Ship builders, owners and operators 
always have tried hard to find the best solution with 
energy saving devices for this reason. To satisfy these 
needs in the market, propeller boss cap fin was devel-
oped by Ouchi (1988) and has been installed to many 
vessels as one of energy saving device since it has 
strong point in easy installation, maintenance and cost 
comparing to other propulsion improving devices. 
These days, a number of similar propeller cap fin devic-
es were developed and installed on ships. According to 
some developers’ claim, propeller cap fin can give pow-
er saving effect over 3%, even more than 5% in full 
scale. There are also indications on power saving effect 
of propeller cap fin based on the model test results. 
However, it remains great uncertain whether such large 
improvements with propeller cap fin could be achieved 
on real operation considering basic principal of cap fin 
which reduces the energy loss due to hub vortices.  
Kawamura (2012, 2013) addressed a cap fin effect in 

model scale and full scale in CFD. In wake and full 
scale condition, cap fin showed the better effect in pow-
er saving. Richard Hansen (2011) compared model tests 
and full scale operation and showed that over 3 % pow-
er saving effect was achieved in both cases. 
In order to identify power saving effect of DSME cap 
fin, comprehensive study was conducted through CFD, 
model tests and full scale trials. Not focusing on any 
part of it, the point of this paper is placed on the whole 
procedure to analyze the cap fin effect step by step from 
model to full scale.  
CFD calculation was performed at first to have a firm 
understanding on a working principal and find the opti-
mal design of DSME cap fin in model and full scale. 
The main principal of cap fin is eliminating the hub 
vortices so that thrust deduction is reduced on propeller. 
Torque reduction on propeller blade doesn’t affect much 
on power saving because thrust reduction also happens 
on propeller at the same time. Based on CFD calculation 
in model scale, cap fin was designed and manufactured 
for model tests. POW tests and towing tank tests with 
conventional cap and cap fin were performed. In POW 
test, flow velocity behind propeller was measured with 
LDV to validate cap fin mechanism confirmed in CFD. 
Cap fin for real ship was designed based on full scale 
CFD analysis and installed to LNGC.   
To assess the actual power saving effect of cap fin in 
full scale, two series vessels of 160K LNGC are com-
pared in this study. These two vessels have exact same 
configuration in hull form and propulsion system except 
for cap fin. Just for convenience, vessel without cap fin 
and vessel with cap fin is named as “A” and “B” respec-
tively in this paper. Vessel “A” and “B” were delivered 
and had a sea trial within few months interval. Sea trial 
results for “A” and “B” are compared directly. 
For further analysis in full scale, operation log data of 
these two vessels are collecting and analyzing. In pre-
sent paper, the analysis results of the operation data for 
both vessels are briefly presented. An accuracy of the 
evaluation on the actual fuel saving effect for DSME 
CAP Fin based on the operation log data might not 
sufficient due to a limited operation data at the present 
but it can be considered as a supplement for sea trial 



result.
Model Scale Analysis 
 
Design Cap Fin with CFD 
 
STAR-CCM which is a well-recognized CFD tool is 
used in this study in order to confirm the performance 
and mechanism of cap fin. Cap fin modeling and the 
mesh condition are shown in Fig. 1. POW condition in 
model scale is realized to confirm cap fin effect. 
 

 
Fig. 1: Modeling and Mesh Condition in CFD 

 
As it is shown in Fig. 1, fine mesh was used in the re-
gion of hub vortex to catch the exact flow. Only one 
blade with a fin was calculated with steady state analy-
sis due to heavy calculation with fine mesh setting. 
RANS with K-omega turbulence model and 3million 
polyhedral cells are used for CFD calculation. Based on 
this CFD calculation, cap fin was optimized with many 
design parameters as you can see in Fig. 2. 
 

 
Fig. 2: Cap Fin Optimization Study 

Shape and size of fin was varied as you can see in the 
left picture of Fig. 2. Fin position, rake, and angle were 
also considered in parameter study as shown in the right 
picture of Fig. 2. Even with these many parameter stud-
ies, there showed only 1% maximum open water per-
formance gain with cap fin in CFD. However the mech-
anism was confirmed clearly as shown in Fig. 3. 
 

 
Fig. 3: Mechanism of Cap Fin 

 
Strong heavy vortex which makes pressure drop in nor-
mal cap disappears with cap fin as shown in the left 
picture of Fig. 3. It reduces thrust deduction on the pro-
pulsion system. The inflow direction to cap fin is oppo-
site to propeller blade so that it makes negative thrust 
and torque as you can see in the right picture of Fig. 3. 
However these negative thrust and torque acting on fin 
compensate each other so that it doesn’t make any effi-
ciency gain in propulsion system for real. As a result the 
pure gain with cap fin only comes from hub vortex 
elimination.   
Because of this small efficiency gain in model scale, 
flow analysis is more important than the exact thrust 
and torque values considering a tolerance of CFD calcu-
lation. Fig. 4 shows the tangential velocity calculated in 
CFD behind the cap. Because the calculation was per-
formed with steady state analysis, the propeller is fixed 
and the inflow comes with rotational velocity. Therefore 
4 lines are measured in different rotational position to 
show the real tangential velocity in calculation. 
 

 
Fig. 4: Tangential Velocity behind Cap Fin 

 
As you can see in Fig. 4, very strong tangential velocity 
occurs without cap fin which means hub vortex. On the 
other hand, tangential velocity goes to near zero with 
cap fin. Not only thrust and torque but also this tangen-
tial velocity is considered as a key factor in cap fin 
design. For this reason, velocity behind cap fin is also 
measured in model test to validate CFD analysis.  



Model Tests 
 
Two kinds of model tests were perform to evaluate cap 
fin effect in KRISO, Korean Research Institute of Ships 
and Ocean Engineering. POW test in cavitation tunnel 
was performed to evaluate open water performance and 
velocity behind the propeller was also measured to vali-
date CFD analysis. Towing tank test was performed to 
evaluate the power saving gain. Target vessel and pro-
peller is one of DSME’s VLCC. 
 
In general POW test, test configuration is just like left 
picture of Fig. 5. In case of cap fin test, test should be 
performed like right picture of Fig. 5. It is because the 
main principle of cap fin is eliminating hub vortex. 
 

 
Fig. 5: Propeller Open Water Test Condition 

 
This test configuration is also showed as pictures in Fig 
6. LDV was also installed outside cavitation tunnel to 
measure velocity behind the propeller. LDV is an ab-
breviation of laser Doppler velocimetry and the princi-
pal is using the Doppler shift in a laser beam to measure 
the velocity in transparent of semi-transparent fluid 
flows. Not only evaluating the open water performance 
of cap fin, but also validating CFD analysis was very 
important in POW test. 
 

 
Fig. 6:  POW Test Configuration with LDV 

 
Three cap fins were manufactured and the model tests 
were performed in two times. There was small change 
in the cap fin geometry for each case, however the 
mechanism was just same to eliminate hub vortex. Fig. 
7 shows the result of POW test. 
 

 
Fig. 7: POW Test Result 1 

 
POW test without cap fin was performed at first as a 
baseline. The difference in geometry of cap fin between 
1st and 2nd test is a thickness of fin section. For 2nd test, 
two cap fins have different pitch angle. Cap fins were 
designed based on CFD calculation already mentioned 
in previous section. Even with these changes in the 
geometry of cap fins, the difference in open water effi-
ciency was too small to find in model test. All of three 
cap fins showed similar performance. KQ decreases 
slightly and KT  is almost same with cap fin so that gain 
in open water efficiency is 1% maximum. It is consid-
ered negative torque and thrust were caused by cap fin 
and the thrust reduction due to hub vortex is almost 
same with negative thrust. Even though cap fin effect is 
very small, test result compares very well with CFD 
analysis. Fig. 8 shows this result more in detail. 

 
Fig. 8: POW test result 2 



 
It was already considered that cap fin might show small 
effect in model so that additional test was performed to 
investigate scale effect. Adjusting rpm and inflow ve-
locity in tunnel, Reynolds number was increased to 
1.1x106 at constant advanced ratio of 0.45. However as 
you can see fin Fig. 8, no clear scale effect was found in 
this test. Even with effort to increase the Reynolds 
number in cavitation tunnel, it is still far less than full 
scale to confirm scale effect. 
In addition to checking open water performance of cap 
fin, the velocity behind the propeller was measured by 
LDV. Because of very small cap fin effect in model 
scale, neither CFD nor model test result can conclude 
that cap fin have 1% power saving effect. About 1% is 
within tolerance both in CFD and model test. For this 
reason, flow investigation behind the propeller is more 
important to confirm the mechanism of cap fin. Com-
paring the measurement with CFD result, CFD can be 
validated as a reliable way for cap fin design. As you 
can see in Fig. 9, strong hub vortex disappears when cap 
fin is installed in POW test.  
 

 
Fig. 9: Vortex Cavitation in Model Test 

 
LDV measurement was performed to confirm this flow 
difference behind propeller with cap fin. Measuring 
point is about 24mm behind the cap and axial and tan-
gential velocity was measured. 
 

 
Fig. 10: Measuring Point in Model Test and CFD 

 
Instead of measuring the red line passing the shaft cen-
ter on the left picture of Fig. 10 according to original 
plan, black line was measured due to strong hub vortex 
cavitation. LDV couldn’t measure where cavitation 
occurred so that the new measuring line had to be shift-
ed about 6mm. To compare same point with model test, 
CFD measuring points were also shifted from green 
lines to white lines on the right picture of Fig. 10. 4 
lines were used to measure velocity just same reason 
explained in previous section. This comparison result is 

shown in Fig. 11.
 

 
Fig. 11: Axial and Tangential Velocity Comparison 

 
General tendency for axial and tangential velocity com-
pare very well between model test and CFD result. Only 
tangential velocities without cap fin have some differ-
ence. For this case, velocity profile of CFD is shifted to 
outer radius compared to model test. There is also 
strong tangential velocity in CFD which was not meas-
ured in model test. It can be explained by shifted meas-
ured line mentioned already. As shown in the left pic-
ture of Fig. 12, hub vortex radius in CFD is about 6mm. 
Whether the measuring point in model test is shifted 
more than 6mm or vortex radius is smaller than CFD 
calculation, it can be the reason for the difference. On 
the other hand, another peak of tangential velocity with-
out fin near 2cm radius was measured both in model test 
and CFD. With this comparison in axial and tangential 
velocity, CFD is considered as reliable tool for cap fin 
design which can show the mechanism of cap fin very 
well. 
 

 
Fig. 12: Tangential Velocity with Hub Vortex 

 
Towing test was also performed to confirm cap fin ef-
fect in self-propulsion test. However there showed no 
cap fin effect in towing test. Propeller rpm in towing 
test is even less than cavitation and it makes lower 
Reynolds number for sure. Considering scale effect, the 
cap fin effect in towing test is expected even less than 
cavitation tunnel test. It might be difficult to find such 
small cap fin effect in towing tank test.  
 
 
 



Full Scale Analysis 
 
Even though there showed very slight improvement in 
model scale with cap fin, it was decided to investigate 
the performance in full scale considering scale effect as 
expected. Target vessel was selected as 160K LNGC 
and the main dimension is as below table. 
 

Table 1:  Main Dimension of 160K LNGC 

Description Unit Magnitude 
LBP m 236 
Beam m 44 
Design Draft m 11.5 

 
Two series of vessels which have just same configura-
tion except for cap fin are compared for full scale analy-
sis.  
  
Manufacture of Cap Fin in Full Scale 
 
It is hard to see the cap fin effect in model scale so that 
CFD calculation was performed in full scale to design 
cap fin which will be installed on LNGC. It was already 
confirmed in previous section that CFD is reliable to 
analysis and design cap fin so that cap fin was opti-
mized in full scale based on CFD result. Fig. 13 shows 
the open water performance of designed cap fin. It 
shows about 1~1.5% cap fin effect in open water per-
formance according to advanced ratio. 
 

 
Fig. 13: Cap Fin Effect in Full Scale with CFD 

 
This result shows that cap fin has a better performance 
in full scale. Above pictures of Fig. 14 show that strong 
hub vortex in vessel “A” disappears when cap fin is 
installed on vessel “B” in full scale self-propulsion CFD 
calculation. 
 

 
Fig. 14:Hub Vortex and Pressure Drop in Full scale 

 
Below pictures of Fig. 14 also show there is big pres-
sure drop without cap fin and disappears with cap fin in 
full scale. This pressure drop is higher than model scale 
and this is a reason of full scale effect. 
Based on CFD calculation, cap fin was designed, manu-
factured and installed on the LNGC  
 
Sea Trial Analysis 
 
Under the premise that the correction method and the 
measuring device is same, sea trial might be the best 
way to evaluate the vessel’s performance in full scale. 
Full scale CFD is still not validated for many cases 
comparing to model scale. Operation data has many 
uncertainties to compare two vessels directly, like foul-
ing and environment problems. During sea trial, every 
environmental data is recorded and corrected in a same 
way. Moreover the vessel is very new without any foul-
ing so that comparison with sea trial result for these two 
vessels is very reliable. Sea trials for “A” and “B” were 
carried out in within 6months interval. Fig. 15 shows 
the result of sea trial for “A” and “B”.  
 

 
Fig. 15: Sea Trial Result with Cap Fin 



The progressive speed trial consisted of one double run 
at main propulsion machinery loads of 50%, 70%, 90% 
and 100% of MCR. Results of speed trial was corrected 
to the calm water according to ISO 15016 “Ship and 
Marine Technology – Guidelines for the Assessment of 
Speed and Power Performance by Analysis of Speed 
Trial Data. As can be seen in Fig. 16, vessel “B” shows 
less power than “A” which means cap fin has clear 
power saving effect in sea trial. At design speed near 
20knots, approx. 0.1knot was improved with cap fin and 
it means about 1.5~2% power saving effect. This also 
compares well with full scale CFD result. The weather 
condition for each case was similar and it makes sea 
trial comparison more reliable. 
 
Operation Data Analysis 
 
Despite the sea trial result is very reliable to confirm the 
cap fin effect as described, DSME also gathered opera-
tion data for full scale analysis to confirm the cap fin 
effect at the real operation condition. Operation data is 
normally time-averaged and the condition is totally 
different due to environment so that enough data is 
needed for reliable analysis as much as possible. It is 
noted that the operation log data of these two vessels are 
collecting at the present. Only operation data in s same 
voyage which has same draft for each vessel was select-
ed to maintain consistency. The power difference 
caused by operation draft difference between two ves-
sels was corrected by simple admiralty coefficient.  
Weather correction should be made for wave, wind and 
current just in a same way of sea trial. However, obser-
vation for wave and current were not recorded on the 
operation data so that the correction for wind was only 
performed. The correction was made based on recorded 
relative wind speed, angle, ship speed, propeller rpm 
and engine power. To calculate the increased resistance 
by wind, the wind coefficient was used from wind tun-
nel model test result. Fig. 16 shows raw operation data, 
corrected operation data and regression line for correct-
ed data. Due to confidential matter, the exact power is 
not showed on it. 
 

 
Fig. 16:  Corrected Operation Data 

 
Fig. 16 shows slightly less scatter in data after correc-
tion in “A”. However even after correction, data points 
still show large scatter in “B”. Long term logged data is 

required to obtain plausible trend lines. The operation 
data collected so far seems to be insufficient to indicate 
the ship performance with too scattered data. The re-
gression lines were made for both vessels to compare 
speed-power curve. However this can be shifted easily 
if only few more data is needed. 
Anyway, cap fin effect could be found near 14knots in 
Fig. 16 and it is even near 10% much higher than any 
full scale analysis already performed in CFD and sea 
trial. However it is not considered the cap fin can have 
such power saving effect in real condition. There are 
some reasons this operation data analysis is not so relia-
ble than sea trial. 
First, complete correction procedure was not made to 
raw data. As mentioned, wave and current correction 
should be made for precise analysis of operation data. 
Wind correction is not sufficient for reliable analysis. 
Second, the sample of operation data is not enough for 
analysis. Even without wave and current correction, the 
result can be reliable if there is enough operation data. 
With few data, the regression line is very sensitive with 
each data and easy to be shifted. Especially for vessel 
“B” with cap fin, the number of data is less than “A” 
and the power could be underestimated for this reason. 
More data is needed for reliable analysis for “B”.  
Third, the correction for draft with admiralty coefficient 
was not enough to represent the realistic power differ-
ence. Each draft has difference performance characteris-
tics. Comparison in same draft should be performed for 
precise analysis. 
Even though operation data analysis result doesn’t seem 
to be reliable for these reasons, at least it means there is 
clear cap fin effect in power saving in full scale. It can 
be a very good reference to complement the sea trial 
result that cap fin shows better power saving effect in 
full scale than model scale for sure. 
 

Conclusions 

Comprehensive procedure to analyze and design an 
energy saving device is performed in this paper to prove 
cap fin effect in full scale finally.  
It was difficult to find the clear cap fin effect in model 
scale whether CFD or model tests. As generally report-
ed, cap fin showed better power saving effect in full 
scale than model scale in this paper. Considering opera-
tion data is insufficient for reliable analysis, cap fin 
effect in power saving might be close to 2% in full scale 
as a result of sea trial. Direct comparison in sea trial to 
find pure cap fin effect is most reliable than any other 
methods in full scale excluding any uncertainties. Even 
though the analysis for cap fin effect at operation condi-
tion was conducted, it was not sufficient to confirm the 
cap fin effect due to few operation data. If the operation 
data is more accumulated in the future, the precise anal-
ysis for the cap fin effect will be available. 
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Abstract

The fundamental limitation of B-spline surfaces in hull
form modeling is its restriction to quadrilateral surfaces.
Aside of the necessity to compose hull forms of several
patches, this results in an undesirable high number of
control points and inefficient fairing. As a consequence,
hull form modeling is a laborious task.

In contrast, subdivision is a method to define B-spline
surfaces on control meshes of arbitrary topology. This al-
lows to represent surfaces of any complexity with a single
B-spline surface. Only a few control points are required
and fairing is significantly simplified. In that, subdivision
addresses exactly the fundamental limitation of B-spline
surfaces in hull form modeling. This article briefly re-
views the basics of a subdivision-based construction of B-
spline surfaces, describes an algorithm to generate bicu-
bic B-spline surfaces of any complexity, and shows its ap-
plication in hull form modeling.
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Introduction

Probably the most important information about a ship de-

sign is the hull form. To model a high-quality hull form

is a major task of the ship design process. The quality of

a hull form is measured in terms of fairness. This quality

criterion requires curvature continuity as well as a mini-

mal number of inflection points. Naturally, it is the de-

signer’s responsibility to minimize the number of inflec-

tion points. In contrast, curvature continuity is a property

of the geometric representation of the hull form. Hence,

the demand on quality that arises in the context of hull

form modeling affects the geometric representation of the

hull form.

In general, only a surface-based representation enables

an unambiguous characterization of a hull form. Usu-

ally, tensor-product splines surfaces are employed for hull

form representation. In most cases bicubic B-spline sur-

faces are used. Indeed, a cubic B-spline offers the best

trade-off between a minimal degree and curvature conti-

nuity as required for a fair surface. Due to the topolog-

ical limitation of tensor-product splines to quadrilateral

surfaces, complex surfaces, such as typical hull forms,

cannot be represented with a single tensor-product spline.

However, hull surfaces are composed of several tensor-

product spline patches, but this causes several implica-

tions on hull form modeling.

In general, discontinuities of different order are present

between neighboring patches. At the first glance, this

sounds rather mathematical. In fact, this implies a lack of

definition of the hull form that is of technical importance.

In this context, discontinuities of zeroth order between

neighboring patches are the worst case. In practice, they

cause the failure of analysis methods used for ship de-

sign and require substantial effort to handle. High-order

discontinuities primarily affect the quality of a hull form

representation in terms of fairness. Technically, the ad-

vantage of a good fairness of a hull surface is lower resis-

tance and therefore lower fuel consumption of the ship.

Due to discontinuous curvature or tangents the potential

fairness of a hull form representation based on tensor-

product splines is limited.

In order to keep discontinuities at least small, a large

number of control points is required. Each patch requires

a sufficient degree of freedom to be fitted in a continu-

ous way to its neighbors. Hence, the manual definition

of a hull surface is labor intensive, but even more so-

phisticated methods to construct hull forms, such as loft-

ing curve networks, suffer from the limitation of tensor-

product splines. As a consequence, hull form design is

still a laborious task.

The limitation of tensor-product splines to quadrilat-

eral surfaces causes the necessity to compose a hull form

of several patches. To negotiate this limitation, attention

has to be paid to its reason. The reason is that tensor-

product splines are defined on regular control meshes.

In order to address this limitation, a possibility to define

spline surfaces on arbitrary topological control meshes is

required. Naturally, this leads to the idea of subdivision

surfaces. A certain class of subdivision surfaces general-

izes tensor-product splines for control meshes of arbitrary

topology. Certainly, the most important example is the al-

gorithm of (Catmull and Clark, 1978), which generalizes

bicubic B-spline surfaces.



Related work

Tensor-product B-splines are commonly used for hull

form representation. However, the limitation of tensor-

product splines to quadrilateral surfaces is recently identi-

fied by (Sharma et al., 2012) as incompatible to the gener-

ally non-quadrilateral surface of a hull form. Aside of the

necessity to compose a hull form of several patches, this

results in an undesirable high number of control points

and inefficient fairing. To address the limitation of tensor-

product splines is classified as a key issue to improve hull

form modeling. This conclusion is justified by (Koel-

man and Veelo, 2013). In addition, a variety of possible

solutions is provided. They can be roughly categorized

into two groups: solutions that support the user in the

construction of a set of ordinary tensor-product patches

that join smoothly, and solutions that overcome the lim-

itations of tensor-product splines in using an alternative

surface construction. Though not identified as such, all

proposed solutions of the second group belong to a cer-

tain class of subdivision surfaces.

This class of subdivision surfaces contains subdivi-

sion algorithms to generate B-spline surfaces on control

meshes of arbitrary topology. From an analytical point of

view they are spline surfaces with singularities at extraor-

dinary points of the domain, but subdivision allows to re-

move those singularities. This is the appropriate setup to

evaluate analytical properties of the surface exactly and

therefore suitable to meet engineering demands. How-

ever, this setup requires the subdivision algorithm to be

stationary. Refer to the subsequent section for a brief de-

scription of this approach to subdivision surfaces, or to

the monograph of (Peters and Reif, 2008) for a compre-

hensive introduction in the uniform setting.

The most prominent examples are the subdivision al-

gorithm of (Doo and Sabin, 1978), which generalizes

biquadratic tensor-product splines, and the algorithm of

(Catmull and Clark, 1978), which generalizes bicubic

tensor-product splines. In addition, (Stam, 2001) and

(Zorin and Schröder, 2001) provide generalizations for

B-spline surfaces of arbitrary degree. All of these algo-

rithms are stationary, but restricted to uniform B-splines.

Non-uniform B-splines are addressed by (Sederberg

et al., 1998) for biquadratic and bicubic surfaces. How-

ever, the algorithms are non-stationary, but utilization of

certain constraints for the knot vector yields a stationary

algorithm, see (Sederberg et al., 2003). Furthermore, a

special type of control point, the T-point, gives additional

freedom to refine the control mesh locally. Another algo-

rithm that generalizes non-uniform bicubic B-spline sur-

faces is described by (Müller et al., 2006) and later im-

proved in (Müller et al., 2010). In vicinity of extraor-

dinary points uniform subdivision is used, whereas non-

uniform subdivision is restricted to regular parts of the

control mesh. In fact, both algorithms blend between uni-

form and non-uniform subdivision. The first algorithm is

non-stationary and the second algorithm is stationary. Fi-

nally, (Cashman et al., 2009) describes a stationary algo-

rithm for non-uniform B-spline surfaces of any odd de-

gree.

The most important application of non-uniform B-

splines is the boundary behavior of open surfaces. A con-

venient boundary behavior of B-spline surfaces utilizes

multiple knot lines on the domain boundaries. Further-

more, it is possible to define interior creases using mul-

tiple knot lines. However, none of the subdivision algo-

rithms for non-uniform B-splines permits multiple knot

lines at irregular knots. Hence, the application of non-

uniform modeling features is limited to regular configu-

rations.

Instead of using multiple knot lines, a local modifi-

cation of the subdivision algorithm allows to introduce

similar features to subdivision surfaces that are not con-

strained to certain topological configurations. A com-

mon modification for bicubic surfaces is given by (Hoppe

et al., 1994) and later improved by (Biermann et al.,

2000). An approach to integrate features in subdivision

surfaces of arbitrary degree is described by (Stewart and

Foisy, 2004).

Subdivision surfaces have gained wide popularity in

other fields, such as animation movies. In this field they

replaced tensor-product splines for the representation of

complex objects. However, in the maritime industry they

are still rarely used. An application of non-uniform sub-

division surfaces for hull form design is shown by (Seder-

berg and Sederberg, 2010). Multiple knot lines are used

to introduce features such as chines and knuckles to the

hull form. The presented examples are rather simple

and lack the complex transitions of the fore and aft body

found in typical hull forms of merchant vessels. Due to

the topological restriction of multiple knot lines to regu-

lar configurations, it would be interesting to see how such

complexities are handled compared to the approach pre-

sented in this article. In (Greshake and Bronsart, 2015) it

is shown that discontinuities between neighboring tensor-

product patches limit the quality of a hull form repre-

sentation. It is demonstrated that a hull form represen-

tation based on subdivision surfaces yields a significant

improvement of quality due to the fact that those discon-

tinuities are avoided. Finally, (Lee et al., 2004) proposes

a method to generate a subdivision surface based on a net-

work of ship lines. Indeed, they show that a subdivision-

based representation of hull forms is compatible to this

widely used method of hull form modeling. However,

they use an ordinary Catmull-Clark subdivision surface

and therefore they are not able to consider feature curves

in the lines network.

Surface representation

Often tensor-product B-spline surfaces are simply called

B-spline surfaces or, in order to refer to its most general

form, they are called NURBS surfaces. The term tensor-
product is usually omitted. However, in this context it is

essential to refer explicitly to tensor-product or subdivi-

sion surfaces. Both terms may involve B-spline surfaces,

but the difference that is emphasized is the mathematical

approach to construct them. To clarify this difference,

the subsequent material briefly reviews the fundamen-



tals of tensor-product B-splines and then introduces the

subdivision-based construction of B-spline surfaces. Pro-

viding this theoretical foundation to the community, the

authors seek to resolve common misconceptions about

subdivision surfaces and to legitimate them as suitable

successor for tensor-product B-splines in the field of hull

form modeling.

Tensor-product B-spline surfaces

A tensor-product B-spline surface is a continuous map

x : Σ → R
3 (1)

where, for convenience, Σ = [0, 1]2 is restricted to the

unit square, and

x(s, t) =

n∑
i=0

m∑
i=0

bpi (s)b
q
j(t)qij (2)

for all (s, t) ∈ Σ. The B-spline functions bpi and bqj
are piecewise polynomials of degree p and degree q re-

spectively, and qij forms a regular grid of control points.

To compute the B-spline functions a bit more informa-

tion is necessary: the knot vectors [s0, ..., sn+p+1] and

[t0, ..., tm+q+1] respectively.

At the first glance, the mathematical setup might look

excessive, but it is as simple as to take all pairs (s, t) from

the unit square [0, 1] and to map them to points in R
3 us-

ing equation 2. The particular properties of the B-spline

functions ensure that the result will be a smooth surface.

Subdivision surfaces

The subsequent material introduces subdivision surfaces

as generalized B-spline surfaces. It is a brief description

of the essential concepts presented in the monograph of

(Peters and Reif, 2008).

A generalized spline surface is a continuous map

x : S → R
3 (3)

where S denotes the domain. The domain is composed

of a set of indexed cells Σ = [0, 1]2 that are glued to-

gether. The domain is topologically unrestricted, what

means that an arbitrary number of cells is allowed to meet

in a common point.

The restriction of the generalized spline surface x to a

certain cell of its domain

xi : Σ  (s, t) �→ x(s, t, i) ∈ R
3 (4)

is called a patch. Indeed, this is identical to compose

a complex surface of several patches. However, those

patches are now treated rigorously as a single surface.

The next step is to utilize the notion of a general-

ized spline in order to define B-spline surfaces on con-

trol meshes of arbitrary topology. Initially, the restriction

of the generalized spline surface to a certain patch is ex-

pressed in terms of equation 2. An example, which is

reasonable in the context of hull form representation, is a

bicubic tensor-product B-spline surface

xi(s, t) =
3∑

i=0

3∑
i=0

b3i (s)b
3
j (t)qij (5)

where b3i and b3j shall denote uniform cubic B-spline

functions and qij forms are regular grid of 4 × 4 control

points. This example is shown in the left part of Figure 1.

A simplified outline of the surface is shown in gray. The

Figure 1. Connection of uniform bicubic B-spline

patches with second-order continuity. Left: A simpli-

fied outline of a single patch and its control mesh. Right:

Smooth connection of two patches. Curvature continu-

ity is provided because both patches share a part of their

control meshes.

control mesh and the control points are shown in black.

To be useful, the generalized spline surface should of-

fer the same smoothness properties as the patches. There-

fore, neighboring patches are connected with second-

order continuity as shown in the right part of Figure 1.

Apparently, second-order continuity is obtained because

both patches share a subset of their control points. How-

ever, to apply second-order continuity between neigh-

boring patches it is much easier to define a single con-

trol mesh for all patches and to identify the correspond-

ing subsets of the mesh with the individual patches. To

clarify this concept, consider the example from Figure 1.

The generalized bicubic B-spline surface consists of two

patches and is defined on a single control mesh of 5 × 4
control points. The subset of 4 × 4 control points high-

lighted with black dots is identified with left patch, and

the subset highlighted by empty circles is identified with

the right patch. The overlap of both subsets ensures

second-order continuity between both patches.

However, this does not enable irregular meshes as

shown in Figure 2a. For simplicity only a part of the

control mesh around the extraordinary control point in

the center is shown. The rest of the mesh is assumed to

be regular. Therefore, the outer ring of patches is well de-

fined in terms of equation 5. In contrast, the inner patches

do not posses any tensor-product representation due to the

irregularity of the control mesh. For the patches incident

to extraordinary point it is not clear what points should be

chosen to define a regular subset of 4 × 4 control points.

Refer to the highlighted patch and control points in Fig-

ure 2a for confirmation.

At this stage, a surface representation is introduced

that allows to define a B-spline surface composed of sev-



(a) Initial configuration. (b) First subdivision. (c) Second subdivision.

Figure 2. A generalized spline surface with an irregular control mesh. Patches incident to the extraordinary control point

cannot be defined in terms of tensor-product splines. However, subdivision allows to add further rings of tensor-product spline

patches in vicinity of the extraordinary point.

eral tensor-product B-spline patches on a single control

mesh. Furthermore, a certain level of continuity between

neighboring patches is guaranteed. This representation

is called a generalized B-spline surface, but the ulti-

mate goal to define B-spline surfaces on irregular control

meshes is, so far, not achieved. The final step to enable ir-

regular control meshes requires an instrument called sub-
division.

One step of subdivision splits every patch of the sur-

face into four patches. The surface does not change, but

the number of patches used to represent the surface in-

creases. The challenge is to find a new control mesh

for the patches that satisfies this condition. For the regu-

lar case, classical spline theory provides the appropriate

tools for this task: knot refinement. The contribution of

(Catmull and Clark, 1978), (Doo and Sabin, 1978), and

other authors mentioned above is to provide a generaliza-

tion of knot refinement for extraordinary configurations

of the control mesh. This is called a subdivision algo-

rithm.

To refine the control mesh allows to add another ring

of tensor-product B-spline patches in vicinity of the ex-

traordinary point as shown in Figure 2b. It is easily veri-

fied that the new patches are connected with second-order

continuity to its neighbors. A further step of subdivision

adds a further ring of tensor-product splines, see Fig-

ure 2c. Thus, subdivision generates a growing tensor-

product representation of a generalized spline surface in

vicinity of extraordinary points. Indeed, this is the appro-

priate setup to access analytical properties of a general-

ized spline exactly, even in the presence of extraordinary

points.

The generalized spline surface inherits its continuity

properties form the regular connection of neighboring

patches, except at extraordinary points. To analyze con-

tinuity at the extraordinary point is thoroughly dealt with

in the monograph of (Peters and Reif, 2008). In fact, the

major task to construct a subdivision surface is to define

subdivision rules for extraordinary points that guarantee

a sufficient level of continuity.

Generalized bicubic B-spline surface

In this article, the subdivision algorithm of (Catmull and

Clark, 1978) is used. The algorithm is a generaliza-

tion of knot insertion for uniform cubic tensor-product

B-splines. In addition, the surface may contain creases

and corners as features. This is realized with a subset of

the extensions proposed by (Biermann et al., 2000). In

general, the surface is curvature continuous (G2) every-

where, but at extraordinary points it is only normal con-

tinuous (G1).

Feature definition

Features of the surface are defined based on tags applied

to the control mesh. However, the choice of tags may be

interdependent.

Edge tags: Edges of the control mesh can be tagged to be

smooth or crease. By default, edges are smooth, except

for boundary edges that are always creases.

Vertex tags: By default, vertices are smooth. Vertices in-

cident to exactly two crease edges must be either tagged

as a crease vertex or as a corner vertex. Vertices incident

to a single crease edge are tagged as a dart vertex. Ver-

tices incident to three or more crease edges are always

tagged as corner vertices.

Control points

Every subdivision step results in a new control mesh. The

rules to compute new control points are given in this sec-

tion. The presentation of the rules is based on the article

of (Biermann et al., 2000), but all rules are generalized

for non-quad meshes. However, this generalization re-

produces the original rules in case of a quad mesh.

Face points: For each face of the control mesh a new

control point

fi =
1

n

n∑
i=1

pi (6)

is computed as the average of the n vertices pi defining

the face.



Edge points: For each smooth edge of the control mesh

a new control point

ei = w1p1 + w2p2 +
1

4
(f1 + f2) (7)

is computed as the weighted average of the vertices p1

and p2 defining the edge and the face points f1 and f2 of

the two faces incident to the edge. The choice of weights

w1 and w2 depends on the tags of p1 and p2. If both

vertices are (not) smooth the weights are simply w1 =
w2 = 1/4. If one vertex is smooth and the other vertex

is not smooth, the weights are parametrized by θk where

k is the number of faces in the sector of the edge. The

notion of a sector is illustrated in Figure 3.

Figure 3. Crease edges of the control mesh are shown in

bold and divide the mesh around the central vertex into

sectors. Left: The mesh is divided into a sector of two

faces and a sector of three faces. Right: A single sector of

five faces, which is introduced by a crease that terminates

in a dart.

Given the definition of a sector, the weight of the non-

smooth vertex is w = 1
2 cos

2 (θk) and the weight of the

smooth vertex is w = 1
2 sin

2 (θk) with θk = π/(4k) for

a corner vertex, θk = π/(2k) for a crease vertex and

θk = π/k for a dart vertex. The definition of θk for corner

vertices is modified in comparison to the original rules of

(Biermann et al., 2000).

For each crease edge of the control mesh a new control

point

ei =
1

2
p1 +

1

2
p2 (8)

is computed as the average of the vertices p1 and p2

defining the edge.

Vertex points: The rule for a new vertex point depends

on the tag of the vertex. For each smooth or dart vertex

of the control mesh a new control point is defined by

vi =
1

n2

n∑
i=1

fi +
1

n2

n∑
i=1

(pc + pi) +
n− 3

n
pc (9)

with fi are the face points of the faces incident to the ver-

tex, pi are the surrounding vertices and pc is the position

of the old vertex. For each crease vertex a new control

point

vi =
1

8
p1 +

3

4
pc +

1

8
p2 (10)

is computed as the weighted average of the adjacent

crease vertices p1, p2 and the position of the old vertex

pc. For each corner vertex a new control point is simply

given by vi = pc.

Hull form modeling

The first step to model a hull form is to define a set of

feature curves that gives a rough outline of the surface

and its breakdown into regions. The second step is to

define a surface, or a sufficiently dense set of curves, that

meets the constraints imposed by the feature curves and

geometrically describes the regions in between.

Feature curves

Feature curves subdivide the hull form into several re-

gions and define the geometric transition of neighboring

regions. Three basic types of features curves are used for

hull form modeling: knuckle curves, tangent curves, and

smooth curves.

Knuckle curves: A hull surface is position continuous

(G0) across a knuckle curve. Neither the normals nor the

curvature agree on the knuckle. A variant of a knuckle is

an angle curve with a prescribed angle between the nor-

mals.

A knuckle curve is introduced to the generalized bicu-

bic B-spline surface with a chain of crease edges. Dart

vertices may be used in order to fade out knuckles

smoothly.

Creases provide an intuitive way to define knuckles.

However, the subdivision rules for creases that are pre-

sented above are equivalent to the natural boundary con-

dition. As a consequence, the Gaussian curvature is al-

ways zero on a knuckle. This is potentially unfavorable

in hull form modeling and affects the implementation of

tangent curves. Several knuckle curves may meet at a

corner, but the angle between two consecutive knuckles

is limited to α ≤ 180◦.

Tangent curves: A hull surface is normal continuous

(G1) across a tangent curve. Normal continuity requires

the normals to agree, but normal direction may change

along the tangent curve. In general, the curvature dis-

agrees.

Tangent curves are realized on the generalized B-spline

surface similar to knuckles. A chain of crease edges iden-

tifies the tangent curve. In addition, all faces incident to

the crease edges are restricted to a common plane. This

guarantees a common normal vector on the crease. How-

ever, this construction is also curvature continuous be-

cause the curvature component across a crease coincides

and is always zero.

In comparison to the general definition of a tangent

curve this implementation is quite limited. The surface

is always G2 across a tangent curve as opposed to the

general definition that requires only G1 continuity. Fur-

thermore, it is not possible to change the normal direction

along the tangent curve. Nevertheless, this construction is

useful to realize two major applications of tangent curves

in hull form modeling: the flat of side and the flat of bot-

tom.

Smooth curves: A hull form is curvature continuous

(G2) across a smooth curve. A smooth curve on the gen-

eralized B-spline surface is simply identified by a chain

of smooth edges.



Modeling a Ro-Ro vessel

Figure 4 shows the hull form of a modern Ro-Ro vessel.

A single generalized B-spline surface is used to represent

the entire hull form. A lines plan, which is inferred from

the surface, is shown in Figure 6. It provides the details

about the hull form features that are realizable based on

generalized bicubic B-spline surfaces. Furthermore, the

lines plan conveys an impression of the fairness that is

provided by generalized B-spline surfaces. It is empha-

sized that fair lines are supplied by default.

Figure 4. Hull form of a modern Ro-Ro vessel that is

entirely represented by a single generalized B-spline sur-

face. The vessel has a bulbous bow, a flat side and bot-

tom, a pram type stern, and a skeg. The transition of the

flat side into the bilge initially takes the form of a knuckle

that gradually disappears towards the middle body.

Conventional hull form modeling, that is lines draw-

ing but also most lines-based modeling software, is based

on the methodology of interpolation. This method may

come in two fashions: either additional lines are gener-

ated from the interpolation of an existing lines, alterna-

tively surface patches that interpolate the lines are gener-

ated. Whatever flavor is employed, it is well-known that

interpolation tends to oscillation. This tendency makes

fairing of lines time-consuming. In addition, oscillations

are the reason that it is almost impossible to change a

given set of lines later on. Even small changes may re-

sult in heavy oscillations of other lines, making any pre-

vious efforts on fairing worthless. In contrast, a B-spline

surface is based on the methodology of approximation.

The control mesh of a B-spline surface is a coarse out-

line of the desired shape. The final surface approximates

the control mesh with well-defined behavior. Most im-

portantly, the surface does not oscillate more often than

its control mesh oscillates, also known as the variation

diminishing property.

Unfortunately, this advantage of B-spline surfaces can-

not be utilized with tensor-product surfaces. The rep-

resentation of hull forms needs several patches that are

continuously fitted to each other, but this requires a high

number of control points. Most control points are re-

quired to maintain smooth transitions between neighbor-

ing patches. However, it is difficult to minimize oscil-

lations when the number of control points is high and a

lot of points are constrained by continuity requirements.

This problem is avoided with generalized B-spline sur-

faces. The representation of hull forms requires only a

small number of control points as shown in Figure 5. The

control mesh consists of about 120 control points, where

approximately 15 control points are used in longitudinal

direction and less than ten points are used in transverse

direction. The small number of control points in any di-

rection simplifies the minimization of oscillations signif-

icantly.

The lines plan shown in Figure 6 shows various hull

form features such as a bulbous bow, an advanced tran-

sition of the flat side to the bilge, or a pram-type stern.

These design decisions in terms of hull features are rep-

resented in terms of the control mesh, shown in Figure 5.

Forebody: A bulbous bow is fitted to the hull form.

Essentially, twelve control points are used to define the

shape and area of the bulbous bow. Four of them are

placed in front of the forward perpendicular. The bound-

ary points define the profile of the bulbous bow and the

interior points are used, in conjunction with the lower

four control points at the forward perpendicular, to con-

trol the volume. The boundary points are placed on the

center plane, the lower interior control points are placed

near to center plane, and the upper interior control points

are placed further out. This gives the sections of the

bulbous bow the desired wedge shape. The axis of the

bulbous bow features a slope downwards as required for

a gooseneck type. The slope corresponds to the down-

ward slope of the longitudinal control mesh edges. The

lower four control points of the first station behind the

forward perpendicular are used to control the transition

of the bulb-shaped sections to V-shaped sections.

Around the forward perpendicular bulb-shaped sec-

tions are realized. Afterwards, V-shaped sections are in-

tended that gradually change to U-shaped sections to-

wards the middle body. Accordingly, the control points

are placed on an imaginary V that changes gradually to

an U. The rate at which the control point arrangement

changes determines how fast the sections change from V-

type to U-type.

To minimize the overall curvature of the forebody, the

pronounced V-shaped sections at the bow are joined with

the vertical top of the hull form in a knuckle. The knuckle

terminates in a corner and is connected to the flat of side,

which initially takes the form of a knuckle too. How-

ever, hydrodynamics demand a smooth transition of the

flat side into the bilge below the waterline, but, as usual in

hull form design, G1 continuity is sufficient. The knuckle

and the flat of side are both identified by a chain of crease

edges. They are highlighted as bold edges in Figure 5.

The faces above the crease edges are all vertical, but the

the incident faces below the creases are not vertical every-

where. Initially, the faces are placed according to the V-

shape of the sections. As the section-type changes from

V to U, the flare vanishes. At the middle body they are

also vertical what ensures a common tangent of bilge and

flat side. The flat of bottom is realized similar to the flat

of side. However, the transition of the flat bottom to the

rest of the hull form is smooth everywhere and the inci-

dent faces are all horizontal.



Figure 5. Control mesh of the generalized B-spline surface that is used for the representation of a modern Ro-Ro vessel. The

mesh consists of about 120 control points, where approximately 15 control points are used in longitudinal direction and less

than ten points in transverse direction. Bold lines denote crease edges and thin lines denote smooth edges.

Afterbody: A pram type stern with a trim wedge is re-

alized. Viewed laterally, the longitudinal edges of the

control mesh are placed on a line with an angle towards

the baseline that is the same as the desired angle between

the buttocks and the baseline. An angle of about 10◦ is

chosen. Towards the middle body this angle is gradu-

ally reduced until the longitudinal edges are horizontal.

The length of this transition zone controls the radius in

the buttocks. At the transom the longitudinal edges point

downwards in order to introduce a trim wedge to the hull

form. The submergence of the trim wedge is t = 30 cm

at the design draft.

A skeg is introduced to the hull form in order to assist

course stability of the vessel. Crease edges are employed

to model the boundaries of the skeg as knuckles. For a

smooth transition of the skeg into the flat bottom a hori-

zontal face is placed between the forward end of the skeg

and the rear point at which the flat bottom starts to expand

transversally.

Conclusions

Subdivision is a method to define B-spline surfaces on

control meshes of arbitrary topology. In that, subdivision

addresses the fundamental limitation of B-splines in hull

form modeling: its limitation to quadrilateral surfaces.

To give credit to this contribution, this article refers to

subdivision surfaces as generalized B-spline surfaces.

Relieved from the limitation to four-sided surfaces,

complex hull forms can be entirely represented by a sin-

gle B-spline surface. This simplifies hull form modeling

significantly, but potentially eases downstream usage of

the hull geometry as well because error-prone inconsis-

tencies of the hull form geometry are avoided. The sim-

plification of hull modeling is particularly evident when

it comes to fairing. This term requires curvature conti-

nuity as well as a minimal number of inflection points,

where the latter is the critical point in conventional lines-

based modeling. In contrast, a B-spline surface does not

oscillate more often than its control mesh does and hence

gives the hull designer precise control in this manner.

It is described, how various hull form features are rep-

resented in terms of the control mesh. The lines plan in

Figure 6 gives the details about these features, but like-

wise the given main dimensions and coefficients illustrate

the precise control about the hull characteristics.

Generalized B-spline surfaces are proposed to replace

tensor-product B-splines for hull form representation.

The bicubic B-spline surface described in this article of-

fers a reasonable trade-off between a low degree, curva-

ture continuity, and additional modeling features. They

are successfully utilized for the representation of knuck-

les and, with limitations, tangent curves on the surface.

However, the curvature across tangent curves and knuck-

les is always zero. This is potentially unfavorable in the

context of hull modeling and future work will focus on

this limitation.
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Abstract

The automation and the optimization method are applied on 
high performance flow adapted twisted rudder design process. 
HEEDS was applied to set the optimization procedure. The 
CAD automation algorithm was implemented for rudder shape 
modeling using Rhinoceros and Grasshopper. CFD simulation
was conducted to compare rudder performance using STAR-
CCM+. Using this algorithm, the optimum flow adapted rud-
der shape was designed and 1 % improvement of propulsion 
efficiency could be obtained in design condition of KVLCC2 
vessel.
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Introduction

With the enhanced demand for energy efficiency in-
duced by environmental legislation and economic ne-
cessity, most of marine industries, which include ship-
building, shipping, engineering companies, have made 
their best efforts for ‘Eco-friendly green ship technolo-
gy’ to cope with regulation and reinforce their competi-
tiveness. One of these efforts is the development of 
various energy saving devices (ESD) to increase the fuel 
consumption efficiency of vessels. (HOLLENDACH 
and  REINHOLZ, 2011; CHOI, KIM, CHOI, LEE, 
CHUNG and SEO, 2013)
The principles of most ESDs are reusing wasted energy 
or diminishing dissipated energy based on the 
knowledge of hydrodynamics. Therefore, profound 
understanding of flow characteristics around a vessel is 
essential prerequisite for ESD designers. Designers 
should acquire the necessary flow information from 
experimental and computational analysis results. Then, 
using their accumulated know-hows and intuitions, they 
could decide the appropriate ESD dimensions and loca-
tion. Mostly, this design approach brings about a ship 
performance improvement. However, it could neither
guarantee the successive improvement at all times nor 
suppose for finding the best one even if betterment has
been made.

With the continuous and remarkable progress of compu-
tation power, we could calculate a lot of CFD simula-
tion cases in a short period of time, which in turn should 
facilitate an adaption of the numerical optimization 
method which has been developed to find out the best 
solution automatically using sophisticated mathematical 
algorithms and numerous computations in marine appli-
cation. This optimization approach already has been 
applied widely in aerospace, automobile and machinery 
fields with the High Performance Computing (HPC).
In this paper, the automation and the optimization 
method were applied on high performance ESD design 
process. Optimization target is Hi-RudderTM, which is 
an own design flow adapted rudder of Hyundai Heavy 
Industries. Major design parameters of flow adapted 
rudder configuration and objective functions which 
make possible to distinguish superiority among candi-
date rudders were selected from basic studies. The CAD 
automation algorithm has been made for efficient rudder 
shape modeling using commercial CAD program, Rhi-
noceros (3D CAD application S/W) and Grasshopper
(plug-in program of Rhinoceros, visual programming 
language). High fidelity CFD set-up using STAR-
CCM+ with reasonable computational cost was also 
investigated. The CAD and CFD are connected to make 
algorithm which explore design space automatically and 
efficiently using HEEDS. Using this algorithm, for 
given hull and propulsor, the optimum flow adapted 
rudder was designed in design space and evaluate the 
utility of the developed algorithm compared to conven-
tional approach.

Optimization Procedure

Fig. 1: Optimization Procedure of HEEDS



In this study, HEEDS was applied to set the optimiza-
tion procedure. HEEDS is a multidisciplinary design 
optimization software. Figure 1 (Introduction to Param-
eter Optimization with HEEDS MDO) is the optimiza-
tion procedure of HEEDS. The role of HEEDS is part (b) 
and part (c). The part (b) is deciding to complete the 
optimization procedure or not. If the optimization pro-
cedure is not completed, HEEDS commands to make 
new design as shown Figure 1 part (c). The part (a) is 
that user should automate that process to solve the op-
timization problem.
In this paper, Rhinoceros and Grasshopper were used 
for the automation of the CAD modeling, and java script 
and STAR-CCM+ were used for the automation of the 
CFD analysis. Also, these softwares are linked as shown 
in Figure 2.
Finishing the setting of process, the variables (same as 
design variables or inputs), the responses (same as out-
puts), and the optimization algorithm is decided. 
SHARPA is applied as the optimization algorithm in 
this study. The characteristics of SHARPA is perform-
ing both global and local search. Therefore, SHARPA 
could search optimum solution quickly and effectively.
(Chase, Rademacher, Goodman, Averill and Sidhu)

Fig. 2: Process Tap of HEEDS

CAD Modeling

To solve the optimization problem, CAD modeling 
should be automated. In this paper, Rhinoceros and 
Grasshopper were used. These programs help to make a 
parametric study easy.
Using the batch file and input data file (Figure 3) which 
included dimension of rudder, Rhinoceros (Figure 4) 
and Grasshopper (Figure 5), rudder modeling is carried 
out automatically.

Fig. 3: List of Input Data

Fig. 4: Rudder Modeling Using Rhinoceros

Fig. 5: Visual Language of Grasshopper

CFD method

Governing equation

The general assumptions about incompressible viscous 
flow of water were applied. Therefore, the governing 
equation is Navier-Stokes equations of unsteady turbu-
lent flow as follows:

uuxUxxpxUUtU
,0xU

iiiii
ii

(1)

where, WV,U,U i is the velocity component in zy,x,x i direction, is fluid density, p is static 

pressure, is dynamic viscosity of fluid and uui is 
Reynolds stress. For more detailed description of flow 
physics, especially interaction among hull, propeller and 
rudder, Reynolds stress terms are calculated using 
RANS (Reynolds Averaged Navier-Stokes equation)
based 7-equation Reynolds stress turbulence model.

Computational domain and grid system

In this study, we use Cartesian coordinate system. The 
downstream direction of inflow is the X-axis, the star-
board side of ship is the Y-axis, and the opposite direc-
tion of the gravity is Z-axis as shown in Figure 6. The 
computational domain is 3.5 LBP in a longitudinal di-
rection, 3.0 LBP in a width direction and 1.5 LBP in a 
depth direction. The rotational domain for the propellers 
has a diameter of 1.2 Dprop. (Dprop. is the diameter of 
propeller). As shown in Figure 6, the boundary condi-
tion of left-end plane is the velocity inlet and right-end 
plane is the pressure outlet. Other four planes are as-
signed symmetry boundary conditions.

Output of
Rhinoceros and Grasshopper Analysis of

STAR-CCM+



Fig. 6: Computational Domain and Coordinate System

Fig. 7: Rotational Domain

The computation uses two type of grid. Stationary do-
main uses trimmed mesh and rotation part around pro-
peller uses polyhedral mesh as shown in Figure 8. For 
boundary layer capturing, 6 layers of prism mesh were
applied near the non-slip surface with appropriate wall 
function for below y+ range of 30. Especially, rudder 
surface has finer mesh for precise performance predic-
tion. The total number of generated grids is about 3.7
million and the number of rotational domain grids is 
about 0.35 million. In this work, because both trimmed
mesh and polyhedral mesh are unstructured grid system,
the spatial gradient of the physical quantity had been 
calculated using the least squares method to maintain
the second-order spatial accuracy.

Table 1 Time Interval Calculations
Time (rotation) Method
0~50 seconds 0.1 sec. MRF

2 rotation 10° Rotation (sliding mesh)
2 rotation 5° Rotation (sliding mesh)

1.5 rotation 1° Rotation (sliding mesh)

Fig. 8: Numerical Grid Employed for Calculations
(a) Trimmed mesh (b) Polyhedral mesh (c) Prism layer

Computation scheme

To describe a propeller rotation behind hull, the Moving
Reference Frame (hereafter, MRF) method and the 
Rotation method (also as known as sliding mesh) pro-
vided by STAR-CCM+ to simulate rotating machinery,
are used. The MRF method assumes that an assigned 
MRF region has a constant rotation speed. Then, it 
treats MRF region as stationary and gives rotational 
velocity component to inflow of this region. Therefore 
MRF is a relatively simple and efficient for steady-state
solution. While, sliding mesh method simulate actual 
rotating motion of a body of revolution. Generally, 
MRF method could not satisfy required computation 
accuracy because it has limitations of revealing the 
unsteady interaction between propeller and hull. How-
ever, it could diminish a numerical instability quickly 
with larger time step. Therefore, for the efficient self-
propulsion simulation, we firstly use MRF method to 
obtain the rough solution, after then convert the sliding 
mesh mode, started from MRF results, for precise anal-
ysis with decreasing time step size as in Table 1. The 

physical time increases. Propulsion performance evalua-
tion needs several RPS results of simulation. Therefore, 
to maintain same propeller position during simulation, 
tim
taking time to rotate same angle. The inner iteration is 5 
each time interval. As the propeller rotates, the results 
periodically oscillated, so the results were averaged over 
last cycle. (SHON, CHANG, YOU and HAN, 2015)
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Design Optimization Method

Target vessel

The design target is a well-known benchmark propeller 
KP458 for KRISO VLCC (KVLCC2). The simulation is 
conducted for design condition.

Table 2 Operating condition of KVLCC2
Main particulars

LBP (m) 320
B (m) 58
D (m) 30
T (m) 20.8

Propeller
Type FP

No. of blades 4
D (m) 9.86

Rotation Right hand
Hub ratio 0.155

Service speed
U (kn) 15.5

Fn 0.142

Hi-RudderTM

Hi-RudderTM has flow adapted twisted leading edge as 
shown in Figure 9. Figure 10 shows the wake infor-
mation between propeller and rudder. Accordingly, the 
direction and the size of vector shows flow characteris-
tics and the bigger of its absolute value indicates strong 
rotational flow. Using this information, we could adjust
the twisted angle of rudder. Therefore each designed 
rudders have different alignment and twisted angle. 
Basically they are designed to have same side profile. 
However, because of the effect of twisted angle, slight 
difference might exist but its effect is negligible.

Fig. 9: Hi-RudderTM

Fig. 10: Wake Field Information

Design Variables, Constraints, Objective

Fig. 11: Top View of Hi-RudderTM

3 variables of input data, the half thickness of rudder at 
top and bottom section, twisted angle, were chosen as 
design variables (Figure 11). Because of the maneuver-
ability, side area and profile of rudder were not changed. 

Table 3 Constraints of Optimization Problem
Min Constraints Max
0.7 ttop / ttop,ref 1.1
0.7 tbtm / tbtm,ref 1.1
0.0 twisted / twisted,ref 3.0

ttop is the half thickness of rudder at top section, tbtm is 
the half thickness of rudder at bottom section, and twisted
is the twisted angle of rudder. ttop,ref, tbtm,ref, and twisted,ref
were the reference value of ttop, tbtm, and twisted. The 
objective is minimizing delivered power at model scale.

Optimum Design Results

Total 100 cases were calculated, and id of the best de-
sign is 95. As shown in Table 4 and Figure 12, delivered 
power at model scale improved about 1%.



Table 4 Optimum Design (id 95)

Item
Base
(id 1)

Optimum
(id 95)

ttop 100% 70.67%
tbtm 100% 70.00%

Twisted Angle 100% 140.00%
n [rps] 100% 99.79%
T [N] 100% 98.76%

Q [N-m] 100% 99.10%
2 nQ 100% 98.89%

We could check the correlation between input data and 
response in Figure 13. Each number is the slope of data. 
It means the higher number is the stronger correlations. 
As the graph, power less depends on the twisted angle, 
and has high correlation with the thickness of rudder at 

top section.

Fig. 12: Objective History of Optimization Problem

Fig. 14: Correlation Graph of Optimization Problem

Conclusions

The automation and the optimization method are ap-
plied on high performance flow adapted twisted rudder
design process. HEEDS, which is the multidisciplinary 
design optimization software, was applied to set the 
optimization procedure. Three design variables (top, 
bottom thickness, twisted angle), which is dominant 

factor of flow adapted rudder performance was selected 
based on previous design experience. And the objective 
function was determined to delivered power, 2 nQ. The 
CAD automation algorithm was implemented for effi-
cient rudder shape modeling using Rhinoceros and 
Grasshopper. Numerous CFD simulation, 2 rps per 1 
case to find self-propulsion point, was conducted by 
optimization algorithm to investigate the best rudder 
configuration by performance comparison using STAR-



CCM+. Using this algorithm, for given hull and propul-
sor, the optimum flow adapted rudder was designed and 
evaluate the correlation between the design variables 
and performance variations. As the results, propulsion 
power highly relies on the thickness of rudder at top, 
and the twisted angle effect is relatively small. Based on 
results we could expect 1 % improvement of propulsion 
efficiency in design condition of KVLCC2 vessel.
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Abstract 

This paper shows a test case in the optimization for a twin-
gondola ship. In optimizing ships, one can optimize for mini-
mal resistance or for minimal power. For twin-gondola this 
choice is of great importance, due to the asymmetric nature of 
the flow coming into the propeller. We first show the optimiza-
tion of a twin-gondola ship for resistance only, where the 
decrease in resistance is found to be 1.5%. When including the 
propeller, using RaNS-BEM coupling, a large difference is 
found between inward and outward rotating propeller. The 
ship with the largest resistance, requires the least power if the 
propeller turns in the right direction. We show that RaNS-
BEM coupling could be an efficient method of taking the 
propeller rotation direction into account in an optimization 
process. The results are also compared to a model test of the 
same ship, showing the same trend. 

Keywords 

Twin-gondola; optimization; rotation direction; propel-
ler; RaNS-BEM 

Introduction 

In ship design, one aims for minimizing the ships re-
sistance or the required power. Ideally both hull and 
propulsor are optimized together to achieve the best 
combination possible. For twin gondola’s, this combina-
tion is of great importance, due to the asymmetric nature 
of the flow coming into the propulsor. Dang, Hao, 
Rueda and Willemsen (2015) have shown an optimiza-
tion for a single screw ship with an asymmetric aftbody. 
This asymmetry generates a swirl, which is then present 
in the wake field and is thus felt by the propulsor. The 
resistance using this design showed a decrease of 1.8%, 
while the required power decreased with approximately 
6%. This indicates that although resistance and power 
are related, the required power is also dependent on the 
wake and the swirl coming into the propeller.  
Van Berlekom in 1985, presented some main design 
parameters for twin-gondola’s. He also mentions large 
performance differences between inward and outward 
rotating propellers of up to 15%. In the same workshop, 
Jonk (1985) also presented work on twin-gondola’s 
about the influence of both vertical and horizontal angle 
of the gondola on the performance. The vertical angle is 
defined as the angle of the gondola within a single 

frame and the horizontal angle in a waterline. Both Jonk 
and van Berlekom found that a vertical inclination out-
ward was found to be best. Jonk found that a designer 
has succeeded in correctly placing the gondola, when 
the rotation direction would give equal power and that a 
pre-rotation should be avoided. Van Berlekom on the 
other hand found that the created swirl would be benefi-
cial overall and that a twin gondola design should bene-
fit from this effect. 
These two visions, optimizing with or without pre-swirl, 
are the extremes and the optimum will probably lie in 
the middle. One does not want to create a large swirl, as 
this increases the change of flow separation and large 
resistance increase. However, it might be possible that 
an increase in resistance, results in a decrease in re-
quired power due to pre-swirl.  
Nowadays, because of an increase in computer power 
and available CFD tools, the inclusion of propellers in 
computations becomes more accessible. To use the 
propeller-hull interaction in an optimization process 
however, the interaction calculations should also be fast 
and robust. This paper discusses an optimization of a 
twin-gondola vessel, where we try to get an answer 
whether some pre-swirl might be beneficial and we 
show what tools could be used for calculating this in an 
optimization process.  
First we will introduce the numerical code we use and 
some available coupling methods for propeller and ship. 
One single test case is discussed throughout this paper. 
This test case starts with optimizing for resistance only: 
without propeller action. This is followed by computa-
tions with propeller on the same variants to show differ-
ent coupling mechanism and the results for powering 
performance. 

Numerical methods 

The RANS code used is PARNASSOS (Hoekstra, 1999), a
code developed by MARIN and Instituto Superior 
Técnico (IST), Lisbon. It computes the steady, turbulent 
flow around ship hulls by solving the discretised Reyn-
olds-averaged Navier-Stokes equations for steady, in-
compressible flow. For the double body twin-gondola 
computations we used Menter’s one-equation turbu-
lence model (Menter, 1997) with the Dacles-Mariani 
correction (Dacles-Mariani, 1995). Wall functions are 
not necessary, not even at full scale. 



A finite-difference discretization was used with second 
and third-order schemes for the various terms. The way 
in which the resulting system of non-linear equations is 
solved is very efficient with respect to both CPU-time 
and memory usage (Van der Ploeg, Eca, Hoekstra, 
2000).  
The inflow boundary is located 0.5 Lpp in front of the 
bow, and the outflow boundary at 1.5 Lpp behind the 
transom. Due to symmetry considerations, only the 
starboard side is taken into account. The lateral outer 
boundary is a quarter of a cylinder with axis y=z=0 and 
radius 1.0 Lpp. At this boundary tangential velocities and 
pressure found from a potential-flow computation are 
imposed.  

For the coupling of the ship and the propulsor, several 
mechanisms are possible, ranging from cheap to expen-
sive and from simple to high-end methods. 
The most easy way is the actuator disc method: a force 
field is introduced in the computation to mimic the 
propeller. This is a good way for a quick estimation of 
for example thrust deduction, but differences in the pre-
swirl and rotation direction cannot be captured (e.g. the 
difference between leftward or rightward turning pro-
pellers).  
A more advanced method is a so-called RaNS-BEM 
coupling (Starke and Bosschers, 2012). The flow around 
the ship is modeled using the RaNS equations 
(Parnassos in our case) while the propeller induced 
forces are computed using a Boundary Element Method 
using an actual propeller. The Boundary Element code 
is PROCAL, which solves the incompressible potential 
flow around a (rotating) body. The advantage of this 
method is that more flow features are captured, although 
the limitations of a potential flow are present. 
The most advanced way is to use a full RaNS-RaNS 
computation. This is however very costly and therefore 
less useful in an optimization process as one would like 
to compute several configurations fast. 
In this paper we use the actuator disc method and the 
RaNS-BEM coupling.   

Results 

The computations throughout this paper have been done 
at full scale, without the inclusion of rudders and other 
appendages. In all viscous flow computations, a fixed 
wavy surface is used, which has been computed with the 
potential flow code RAPID.   

First, the optimization of the ship is shown based on the 
resistance of the vessel. In this case, we start with a 
twin-gondola ship (usually provided by a client, or oth-
erwise a basic lines plan is set-up) which fulfills the 
requirements for length, breadth, displacement and 
some other criteria. Figure 1 shows the frames of this 
initial hull shape: ship A. The inclination of the gondola 
(vertical orientation) is outward, as both Jonk (1985) 
and van Berlekom (1985) suggested as optimal. 

Figure 1: Aftbody frames of ship A, the initial hull. 

 
Optimization for resistance

As we are interested in the aftbody, the first part of the 
optimization (focusing on the fore body) is skipped in 
this paper. Figure 2shows a bottom view of the pressure 
on the hull of ship A.  Horizontally, the gondola is al-
most straight, but slightly converging. This orientation 
creates a pressure difference between the outside and 
inside of the gondola and therefore a swirl, as depicted 
in Figure 3. An iso-contour of the vorticity in 
streamwise direction is shown, as well as some stream-
lines having a direction outward over the top. 

Figure 2: Bottom view of the gondola of ship A. Horizon-
tally, the ship is almost straight; a slightly convergence is 
visible. 

Figure 3: Fish-eye view of ship A. An iso-contour of stream 
wise vorticity is shown, as well as a few volumetric stream-
lines. Both show the presence of a swirl aft of the gondola. 



In the optimization process the following two changes 
have been made:  

- The buttock angle has been decreased  
- The gondola horizontal orientation is adjusted 

to be more converging. 

These changes and their influence on the pressure field 
are clearly visible in Figures 5 and 6, where both the 
original ship A and ship C are shown. These changes 
result in a smaller pressure difference over the gondola 
and in a resistance decrease of about 1.5%.  

Figure 4: Aft view Ship A (right) and Ship C (left). In both 
cases, the gondola is oriented outwards. In ship C, the 
transom is more immersed and the horizontal alignment is 
also more convergent. 

Figure 5: Bottom view of the gondola of ship A (top) and 
ship C (bottom). Horizontally, ship C’s gondola is more 
converging resulting in a smoother pressure distribution. 

To indicate the change in swirl between the two vari-
ants, Figure 6 shows the total head loss for a few cross 
cuts. The total head loss is defined as 

222 ///1 sss VWVVVUCpHeadLoss , (1) 

with Vs the ship speed. The headloss therefore indicates 
viscous losses. The swirl is a viscous loss and is 
therefore visible. For clarity, also the core of the swirl is 
shown. The swirl is still present in ship C, but it is 
smaller compared to ship A. This decrease however, 
does come with an, albeit smaller, increase in resistance 
due to the larger transom immersion as a result of a 
decreased buttock angle.  
From this optimization process, we conclude that the 
last option has the least resistance (1.5% less than ship 
A). Therefore, ship C is the best option, following the 
philosophy of Jonk (1985). 

Figure 6: Head loss for ship A and C. The smaller swirl is 
visible for ship C, but also the extra viscous loss due to the 
increased transom immersion. The black line approxi-
mates the core of the swirl. 

The swirl is, of course, also present in the (nominal) 
wake field. The tangential velocities of both ship A and 
C are shown in Figure 7 where the black  solid dots 
represent ship A and the red open dots ship C. One can 
clearly see the swirl present in ship A, due to the 
asymmetry of the tangential velocites on starboard and 
port side. This difference has been diminished in ship C. 
This indicates that the flow the propulsor encounters is 
also much different for both ships. And also the 
asymmetry indicates that there may be a large difference 
in the preferred rotation direction of the propeller. All 
this shows that propulsor interaction should be taken 
into account in the optimisation procedure. 

Figure 7: Tangential velocities in the propeller plane at 
r/R=0.3 are shown. Black solid dots represents ship A and 
red open dots ship C. Notice the strong asymmetry for ship 
A, which is reduced in the optimized ship C 

Propeller computations 
 
We start the propeller computations with the inclusion 
of an actuator disc. The actuator disc mimics the thrust 
which a propeller would generate. A dimensionless 



thrust force Ct is chosen, using the nominal resistance 
adjusted to account for thrust deduction: 
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with Ft the estimated total resistance and Rprop the 
propeller radius. With the actuator disc, the hull 
efficiency can be estimated. For this, we first need the 
thrust deduction t, which is estimated using the nominal 
resistance Rnom and the total resistance Rtot, where we 
assume the total resistance to be close to the self 
propulsion point: 

t

nomtot

F
RRt ,   (3)

The results for ship A and C are given in Table 1. The 
hull efficiency is computed using the nominal wake 
field, which is also given Table 1. Ship A has a larger 
hull efficiency, which indicates that although the re-
sistance is larger, due to hull efficiency ship A might be 
better in power. The total required power can be esti-
mated using 

RH

snom
D

VRP
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   (4) 

in which Vs  is the ship speed, t the thrust deduction 
fraction, o the propeller efficiency in open water, and 

R the relative rotative efficiency. No open water effi-
ciency or relative rotative efficiencies are available in a 
computation with actuator disc, but an indication of 
difference in required power can be estimated with 

H

nom
D

RP ~        (5) 

The last column of Table 1 shows this value, relative to 
ship A. We see that the required power for C is smaller 
compared to ship A. However, the decrease is smaller 
for power compared to resistance. 
To get the open water efficiency and relative rotative 
efficiency, the actual propeller has to be used in the 
computations. Therefore, a more advanced coupling 
method should be used to investigate the effect of swirl 
on power. 

Table 1: Wake fraction, thrust deduction and hull effi-
ciency computed using an actuator disc for ship 
A and C. Also a relative indication of required 
power is given, with ship A as reference. 

 1-w 1-t H Rn/ H

Ship A 0.834 0.888 1.06 1 
Ship C 0.842 0.865 1.03 .99 

Therefore, a next step is made with RaNS-BEM cou-
pling. With this coupling, we iterate the solution 
towards self propulsion until thrust and power are 
constant. Usually around 5 iteration steps are needed, 

where one iteration step consists of a PROCAL 
computation and a RaNS computation until a certain 
convergence criterium has been reached.  
Both inward over the top and outward over the top have 
been computed for both ship variants. Note that inward 
over the top is the case where the propellor rotates 
against the swirl and outward over the top is rotating 
with the swirl. Figure 8 shows an iso-contour of the 
vorticity of ship A, for both the inward and outward 
rotating propeller. One can clearly see the different 
flows aft of the propeller due to the rotation direction. 
Less swirl is present when rotating against the swirl. We 
can do the same for ship C and this gives four different 
results to compare. First, we investigate the relative 
power, shown in  

Table 2, with ship A rotating inward as base case at 
100%. Ship A inward has least power, while A outward 
requires the most power. Ship C inward has 2% more 
power, but outward not as much as ship A, with an 
increase of approximately 6%. One can assume that if 
the gondola does not create any swirl the inward and 
outward rotating propellers have equal power. Table 3 
shows some more details of the propulsion parameters. 
Both the propeller and hull efficiency are largest for 
ship A with an inward rotating propeller. For ship C, the 
difference between inward and outward rotating are 
much smaller, but also the hull efficiency is smaller.   

Figure 8: Fish-eye view of ship A. Iso-contour of vorticity 
for both an inward (left) and outward over the top rotating 
propeller. One can clearly see the difference in the amount 
of vorticity in the wake between the propeller directions  

Table 2:  Relative power for ship A and C, for different 
propeller rotation directions. Ship A inward is 
chosen as base case. 

Relative Power Inward(left) Outward (right) 
A 100 110.7 
C 101.7 105.9 



Table 3:  Characteristics for the propeller action for ship A 
and C 

A n (s-1) 0 1-wT 1-t H

Inward 1.146 0.778 0.755 0.861 1.14 
Outward 1.242 0.715 0.876 0.855 0.98 

C n (s-1) 0 1-wT 1-t H

Inward 1.179 0.756 0.805 0.847 1.05 
Outward 1.209 0.736 0.840 0.837 1.00 

Of interest for propeller design is the force field of the 
propeller, which is given in Figure 9. Interestingly, the 
force fields are different between inward over the top 
(against the swirl) and outward. If the propeller 
direction is inward, the force is also more neatly 
distributed over the entire field and the peak value is 
lower. This may seem counterintuitive: if you move 
against the flow one expects the propeller loading 
should go up. For an explanation, the starboard side 
wakefield of Ship C is shown in Figure 10. Over the 
entire portside of the propeller plane, the flow is mostly 
tangential. On starboard side, the flow is mostly radial, 
except for the top part. For a propeller going inward 
over the top, the relative speed on portside is large. For 
a propeller moving outward over the top the relative 
speed is small. On starboard side, both rotation 
directions perform equally well; except for the top, 
where the outward rotating propeller has a larger 
relative speed. Most thrust is therefore generated in the 
top of the propeller plane for the outward rotating 
propeller and on portside for the inward rotating 
propeller; which is what the force field in Figure 9 
shows. 

The RaNS-BEM coupling seems to be a workable 
method for computing power and propeller efficiencies 
for both inward and outward rotating propellers. The 
next step is to compare to model tests. In the following 
section, we show some model test results for a model 
based on ship C.  

Figure 9: Force field of the propeller. Inward over the top 
is depicted on the right. Note the force field distribution on 
the inside of the gondola for the inward rotating propeller. 

Figure 10: Starboard side wake field for ship C as seen 
from behind. Colors represent the velocity in streamwise 
direction, while the vectors show the transverse velocities 

 Model test comparison

A propulsion test has been performed with an inward 
rotating propeller and one with an outward rotating 
propeller. The model is similar to ship C and the CFD 
computations used the same propeller. The model test 
values are extrapolated to full scale using a form factor 
and a correlation allowance. The goal of these model 
tests is to investigate whether the differences between 
the rotation directions found using Parnassos-PROCAL 
are also found in model tests. Results for the total power 
are given in Table 4 and other propulsion parameters are 
given in Table 5. The relative difference found in CFD 
is also present in the model tank tests. This would imply 
that the use of a RaNS-BEM optimization would be able 
to incorporate pre-swirl in the power computation. 
However, other propulsion parameters, such as thrust 
deduction and hull efficiency are  different. The 
inclusion of the rudder in the model test and the absence 
of the rudder in the CFD computation might be a 
contributing factor to this difference. Also, limitations 
of a potential flow solver for the propeller forces exist: 
for example, certain viscous effects are estimated in the 
propeller computation. Also, the propeller wake position 
is fixed in PROCAL, which is an assumption; especially 
when investigating differences in swirl. If we want to 
overcome these issues, a step towards RaNS-RaNS 
computations must be made. The propeller is then also 
modelled in a viscous flow solver, using for example a 
sliding interfaces methodology. However, due to the 
cost of such computations, this is not practical in daily 
ship design. 



Table 4:  Relative power for leftward and rightward turn-
ing propellers for both CFD (ship C) and extrap-
olated model test 

Relative Power Inward Outward
CFD 100 104 
Model test 100 107 

Table 5: Some propulsion parameters for the model test 
for both inward and outward rotating propeller. 

Model n 0 1-wT 1-t H

Inward 1.133 0.749 0.79 0.805 1.02 
Outward 1.183 0.758 0.849 0.797 .94 

Conclusions 
From the results we can conclude that  

1) It could be beneficial to create some swirl with 
the gondola if one can rotate the propeller in 
the correct direction to counteract the swirl and 
minimize rotational losses. 

2) With CFD, the difference in power between 
rotation direction can be indicated using the 
RaNS-BEM method.  

The first conclusion is interesting as there is a balance 
between the increased resistance and the ability of the 
propeller to use the swirl. The more non-aligned the 
gondola is, the more resistance and risk of flow 
phenomena such as flow seperation might occur. This 
will be different for each twin-gondola. The second 
means that we can use CFD to optimise a twin-gondola 
with a propeller for power. An actuator disc approach is 
too simple, but the more sophisticated RaNS-BEM 
coupling could be used. This method is still fast and 
robust and indicates the differences between inward and 
outward rotating propellers, which makes it useful in an 
optimization procedure. However, the potential flow 
code for the propeller action has its limitations. The 
results could therefore be improved by using RaNS-
RaNS computations, but due to the cost this is not 
recommended in an optimization process. 

Finally, the optimization shown in this paper does not 
take everything into account. For example, no rudder 
has been taken into account  and only one propeller 
design is used. In a full hull-propeller optimization, the 
propeller design should also be optimized for each 
variant instead.  
All in all, if one wants to take swirl coming from the 
gondola into account in the optimisation procedure, the 
RaNS-BEM method is the best option in terms of results 
and costs. 
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Abstract

Computational Fluid Dynamics (CFD) is expected to be
an effective tool for design and analysis of energy saving
devices (ESDs) for ships complementing the conventional
tank test approaches. However, in order to establish CFD
procedures for practical design of ESDs, a benchmark
data for a ship with an ESD is needed for the validation
of CFD results. To this end, a bulk carrier hull com-
bined with an energy saving circular duct (named JBC
(Japan Bulk Carrier)) is newly designed using extensive
CFD analysis. Its propulsive performance is evaluated
by resistance and self-propulsion tests. In addition, the
detailed flow measurement using the SPIV (Stereo Par-
ticle Image Velocimetry) technique is conducted. These
flow field data are particularly useful for understanding
the flow physics of the ESD effects as well as the valida-
tions of CFD analysis for a ship with an ESD. Based on
this benchmark data, the guidelines for the evaluation of
an ESD performances using CFD are also developed.
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Introduction

The IMO (International Maritime Organization) regula-

tions using the Energy Efficiency Design Index (EEDI)

have become effective and newly built ships are re-

quired to reduce CO2 emissions significantly. In order

to achieve better fuel efficiency, various energy saving

devices (ESDs) are adopted in many ships. Design of

ESDs needs extensive investigations since they are usu-

ally put in complicated flows of the turbulent boundary

layer or the wake in the stern of ships. Computational

Fluid Dynamics (CFD) is expected to be an effective tool

for design and analysis of ESD performance due to its ca-

pability to predict detailed flow fields complementing the

conventional tank test approaches. Though CFD anal-

ysis, particularly when applied to a novel configuration,

should be based on the validation of the results for similar

geometries, the available benchmark data for a ship with

an ESD for public use is few and this makes it difficult to

establish a CFD procedure for performance evaluation of

ESDs.

The purpose of the present study is to produce a bench-

mark data of a ship with an ESD for CFD validation. To

this end, a collaborative research project is organized by

the universities, the research organizations and the ship-

yards in Japan under the sponsorship of ClassNK. In this

project, a bulk carrier hull combined with an energy sav-

ing circular duct is newly designed using extensive CFD

analysis. The model ships and ESDs have been manufac-

tured and resistance tests as well as self-propulsion tests

are conducted in towing tanks and the effects of the ESD

are confirmed. In addition, the detailed flow measure-

ment using the SPIV (Stereo Particle Image Velocime-

try) technique is conducted. For the selected sections in

the stern region, flow fields are measured in the condi-

tions with and without the ESD. Taking advantages of

the non-contact flow measurement of SPIV, the flow data

in the propeller plane with an operating propeller can be

included. These detailed flow field data are particularly

useful for understanding the flow physics of the ESD ef-



fects as well as the validations of CFD analysis for a ship

with an ESD. The obtained data is opened to the public

and the present ship named JBC (Japan Bulk Carrier) is

adopted as one of the test case for the Tokyo 2015 Work-

shop on CFD in Ship Hydrodynamics (NMRI, 2015). In

addition, the guidelines for the evaluation of an ESD per-

formances using CFD are developed as the part of the

project achievements.

Hull Form and ESD Design

Hull Form and Propeller

A Cape-size bulk carrier is chosen as a ship type since

it is one of the major cargo ships operated in the world

and since its blunt hull form is suitable for the effective

adoption of energy saving devices. The principal partic-

ulars are determined as shown in Table 1. Table 1 also

shows the principal particulars of the two models used in

the tank tests. The design speed is set 14.5 knot which

corresponds to Fr = U/
√
gLPP = 0.142.

A series of hull forms are designed and their per-

formance is evaluated by CFD computations using the

Navier-Stokes solver SURF (Hino, 1997) which is devel-

oped at National Maritime Research Institute (NMRI),

Japan. Based on this comparative study, the final hull

form is determined and its body plan is shown in Fig. 1.

Table 1. Principal Particulars of Japan Bulk Carrier.

Full Scale Model 1 Model 2

LPP (m) 280.0 7.000 3.200

LWL (m) 285.0 7.125 3.257

BWL (m) 45.0 1.125 0.5143

T (m) 16.5 0.4125 0.1886

S (m2) 19556.1 12.223 2.554

CB 0.8580

LCB (%LPP ) 2.55 (Fwd)

(For full condition. S is for a bare hull.)
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Figure 1. Body Plan of JBC.

Energy Saving Device

A circular duct placed in front of a propeller is selected as

an energy saving device(ESD) since its simple geometry

makes it easy to carry out CFD analysis. The Navier-

Stokes solver NAGISA (Ohashi et al., 2014) which is un-

der development at NMRI is used since it is considered

to be an efficient design tool for the appendages due to

its overset grid capability. A series of computations are

carried out for various duct designs with diameters rang-

ing from 0.70 DP (the propeller diameter) to 1.10DP and

opening angles from 5 to 10 degrees. Comparison of the

simulation results narrows the design candidates to two.

Two final designs, Duct 1 and Duct 2, are shown in Fig.

2. The diameter of Duct 1 is 0.55 DP and the opening

angle is 20 degrees, whereas Duct2 is with the diameter

of 0.60 DP and the opening angle of 12 degrees. The

chord length of the duct is 0.30 DP and the section shape

is NACA4420 which are common between two designs.

Figure 2. Duct 1 (left) and Duct 2 (right).

Tank Tests

The resistance and self-propulsion tests are carried out

in the large towing tank at NMRI to evaluate the perfor-

mance of the bare hull condition and the conditions with

ducts. The towing tank is 400m long, 18m wide and 8m

deep. The ship model of LPP = 7.000m (Model 1 in Ta-

ble 1) is constructed from paraffin wax with the wooden

frame inside. A rudder is not installed in all the tests in or-

der to avoid the interference with velocity measurements

using an SPIV system.

The wave making resistance (Cw = Rw/0.5ρU
2S)

curves from the resistance tests are plotted in Fig. 3.

The form factors 1 + k are 1.314 for the case without

the duct, 1.305 with Duct 1 and 1.282 with Duct 2, re-

spectively, using the ITTC 1957 correlation line. There

are little differences of wave making resistance among

three configurations near the design speed (Fr = 0.142).

The form factor of the case with Duct 2 is approximately

2.5% smaller than that of the bare hull, whereas the case

with the Duct 1 shows the decrease of less than 1 %.

Self-propulsion tests for three configurations are per-

formed at the ship point with the roughness allowance

ΔCF of 0.00012. The model propeller used is MP687

which is a conventional five-bladed MAU type propeller.

The particulars of the model propeller for a model ship

of LPP =7.000m are shown in Table 2. The propeller



open water characteristics measured at NMRI are shown

in Fig.4.

The self propulsion factors of three configurations at

the design speed Fr = 0.142 are compared in Table 3.

Since Duct 1 gives better hull efficiency η
H

mainly due

to the better wake coefficient 1−w
T

than Duct 2, Duct 1

is selected for the final design.

The CAD definitions of JBC hull and Duct 1 are shown

in Fig. 5. The benchmark data for the resistance and

self-propulsion tests are listed in Table 4. Note that these

data together with the electronic data for the geometries

of JBC, Duct 1 and the propeller MP687 and the propeller

open water characteristics are available at the Tokyo 2015

CFD Workshop website (NMRI, 2015).
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Table 2. Principal Particulars of the Model Propeller

MP687.

Diameter Pitch Boss Exp. A. Blade Section

(m) Ratio Ratio Ratio Num. Type

0.203 0.75 0.18 0.50 5 AU
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Figure 4. Propeller Open Characteristics of MP 687.

Table 3. Self Propulsion Factors at Fr = 0.142.

Config. 1− t 1− w
T

η
H

η
R

without duct 0.804 0.554 1.451 1.015

with Duct 1 0.811 0.481 1.686 1.009

with Duct 2 0.813 0.526 1.546 1.009

Figure 5. CAD Definitions of JBC Hull (left) and Duct 1

(right).

Table 4. Benchmark Data for JBC.

without duct with Duct 1

Wetted surface

area S/L2
PP 0.2494 0.2504

Resistance Ct × 103 4.289 4.263

test Sinkage(%LPP ) -0.086 -0.085

Trim(%LPP ) -0.180 -0.182

ΔCF 0.00012

Self- SFC [N] 18.2 18.1

propulsion KT 0.217 0.233

test KQ 0.0279 0.0295

n [rps] 7.836 7.535

LPP =7.000[m], U=1.179[m/s], Fr=0.142, Re =7.46×106

ρ=998.2[Kg/m3], g=9.80[m/s2], ν=1.107×10−6 [m2/s]

Sinkage is positive upward and trim is positive bow-up.

Flow Fields Measurement

Velocity Distributions by SPIV

For the benchmark data for CFD validations, it is desir-

able that not only the integrated force values and the atti-

tudes of a ship but also the flow field data are provided. In

order to acquire the detailed flow data, velocity measure-

ments are carried out in several sections near the duct and

the propeller using the SPIV system for the conditions

without a duct and with Duct 1 and with and without a

propeller.

Locations of seven measuring sections ranging from

S.S. 1/2 to A.P. are shown in Fig. 6. The sections are

arranged in such a way that the effects of the duct can

be observed well. Also the propeller plane is included

taking advantages of non-contact measurement of SPIV

in the case with a rotated propeller.

The measurement is carried out at the medium towing

tank of NMRI, 150m long, 7.5m wide and 3.5m deep,



(1)(2)(3)(4)(5)(6)(7)

Figure 6. Measuring Sections for 7.0m model.

with the 7.000m model. In addition, the small model of

Lpp=3.200m, the particulars of which are shown in Ta-

ble 1, is also manufactured and the SPIV measurement is

done at the Osaka University towing tank, 100m long, 8m

wide and 4.35m deep. Flow conditions are Fr = 0.142
for both models and Re = 7.46× 106 for 7.000 m model

and Re = 2.17× 106 for 3.200 m model, respectively.

Since the measured data set are large amount, for seven

sections, more than four conditions (with and without a

duct, with and without a propeller, with three different

blade angles) and two facilities, the results only on the

section between the duct and the propeller (the section

(4) in Fig. 6) are shown in the present paper. Additional

data are also available at the Tokyo 2015 CFD Workshop

web site (NMRI, 2015). All the data will be made open

to public in the future.

Fig. 7 shows the measured velocity distributions in the

case without a duct and without a propeller. The distribu-

tion patterns of two models (7.000 m and 3.200 m long)

are similar and the so-called hook shape of a axial veloc-

ity contours due to the longitudinal vortices can be ob-

served for both models. Also noticeable is the presence

of low speed regions under the stern tube.

Fig.8 is for the case without a duct and with a propeller.

The measured data is the mean velocity of the propeller

rotation. The interference with propeller blades makes it

difficult to obtain smooth and continuous distribution in a

propeller disc. Due to the suction effects of the propeller

the hook shapes disappear in the u velocity contours.

Figs. 9 and 10 are the measured velocity in the case

with the duct. The velocity distributions in the towed

condition are shown in Fig. 9. Compared with the case

without a duct in Fig. 7, the wake of the duct is clearly

observed for both models. Fig. 10 is for the case with

the duct and with a propeller. The cross flow components

appear to be smaller than those in the case without a duct

(Fig. 8), which indicates the effect of the duct wall.

Wave Height Distributions

Wave height distributions around a ship hull are measured

at the design speed of Fr=0.142 in the towing condition

for the bare hull.

Figure 7. Velocity Distributions between a Duct and a

Propeller, without a Duct and without a Propeller: 7.0m

model (left) and 3.2m model (right).

Figure 8. Velocity Distributions between a Duct and a

Propeller, without a Duct and with a Propeller: 7.0m

model (left) and 3.2m model (right).

The wave profile on the hull surface is acquired from

the pictures taken in the resistance tests. The longitudinal

wave cuts are measured using the wave height probe of a

capacitance type set at y/Lpp=0.1043 and 0.1900, where

y is the lateral distance from the center line of the ship.

The results are shown in Fig. 11.

The bow wave and subsequent wave trough is the dom-

inant wave component in the wave profile on the hull.

The longitudinal wave cuts exhibit waves of short wave-



Figure 9. Velocity Distributions between a Duct and a

Propeller, with a Duct and without a Propeller: 7.0m

model (left) and 3.2m model (right).

Figure 10. Velocity Distributions between a Duct and a

Propeller, with a Duct and with a Propeller: 7.0m model

(left) and 3.2m model (right).

length since the Froude umber is small.

Guidelines for CFD Analysis of a Ship with ESD

Overview

This is a summary of the guidelines produced in the

present collaborative research project based on series of

trial CFD computations for JBC hull with the duct.
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Figure 11. Measured Wave Profiles at Fr=0.142.

The guidelines are intended to provide the guidance

for a generic CFD analysis method for the hydrodynamic

performance evaluation of a ship with an ESD, rather than

for a specific CFD software. Characteristics of the actual

CFD software used must be carefully taken into account

in the practical applications.

It is assumed that the CFD analysis is carried out for a

model scale. The present guidance may not be applied to

simulations in a full scale which require additional spe-

cial cares. Target ESDs are a stern duct and other devices

installed in the stern part of a ship.

Computational Conditions

Generally free surface effects can be neglected in case

that ESDs are installed underwater near a propeller for

propulsive efficiency improvement. Froude number and

Reynolds number are selected for a model scale consid-

ered. These may be set in accordance with tank tests, if

available.

Computational Grid

Computational grid generation around a ship hull is done

following the ITTC guidelines (ITTC, 2014a,b,c). They

suggest that the number of grid points is typically three

million for a domain on both sides of a hull. Grid gener-

ation around an ESD needs to consider the accurate rep-



resentation of a shape and the efficient evaluation of ESD

effects. In case of a foil section, roughly 45 points on

each side are to be smoothly distributed with the spacing

at the leading and trailing edges being 30% of the equal

spacing.

The minimum spacing normal to the wall of ESDs,

Δamin/L (L is the representative length of a ship), is

determined using the following formula:

Δamin

L
=

Δmin

L
×
√

Cf

Cfa
(1)

where Δmin/L is the minimum spacing normal to the

wall of the hull grid and Cf and Cfa are frictional re-

sistance coefficients for the Reynolds numbers based on

a ship length and an ESD length, respectively. Cf and

Cfa can be estimated using the standard formula such as

ITTC 1957 (turbulent) or the Blasius formula (laminar)

depending on the Reynolds numbers. Δmin/L depends

on turbulence models and on CFD software and must be

determined using the ITTC guidelines or a recommended

value of CFD software.

It is desirable that the surface grid of a ship hull rep-

resents an actual shape as much as possible, particularly

in the parts where ESDs are installed. For example, the

representation of a stern profile and frame lines including

a stern tube shape needs a special care in case of a stern

duct.

Turbulence Models and Propeller Effect

In general, ESDs are installed in the turbulent boundary

layers or wakes in a stern region of a ship. ESDs placed

behind a propeller are strongly affected by propeller slip-

streams. Since the flow structure in a stern region is so

complicated, it is recommended that two-equation turbu-

lence models, such as k−ω model, algebraic stress model

or models of higher degrees than these are selected as a

turbulence model. Simpler models such as zero equation

or one-equation models may not be suitable for the repro-

duction of complicated flow fields of interest.

For the evaluation of propulsive performance, self-

propulsion simulations are essential where propeller ef-

fects have to be considered in some way or other. A

wide variety of propeller models are available depend-

ing on CFD software used. The simpler model, such

as body force models based on the infinitely-bladed pro-

peller model using the lifting line theory or the blade ele-

ment theory can give reasonably good results. Other body

force models based on the lifting surface or lifting body

theories can perform in the same level.

In case that propeller slipstreams are very important for

the ESD effects, the use of actual (discretized) propeller

models is desirable. Since a propeller is rotated behind a

ship hull, special numerical techniques such as a sliding-

block method or an overset grid method must be adopted.

Further guidance can be found in the ITTC guidelines

for self-propulsion simulations (ITTC, 2014c).

Post-processing

As the first step, the computed results of total resistance,

nominal wake coefficient, self-propulsion factors are ex-

amined in terms of the ESD effects by comparisons with

available measured data. In case measured hydrodynamic

forces of each ESD are available, detailed comparisons of

the ESD effects may be possible.

Next, simulated flow fields with and without an ESD

are compared with each other and ESD effects are veri-

fied further.

When the computed results are not satisfactory, the

computational conditions and the grid quality in terms

of shape representation must be examined. Further sim-

ulations with grid density increase and/or turbulence or

propeller models changes are considered to improve the

results.

Validation and verification are particularly useful to as-

sess the accuracy of CFD results. ITTC procedure ITTC

(2002) is available for CFD validation and verification.

Further discussions on the verification procedures can be

found in (Larsson, 2014).

Sample Computations

Sample computations following the guidelines above are

carried out for the JBC hull with Duct 1.

The Navier-Stokes solver NAGISA (Ohashi et al.,

2014) is used with overset grid approach. UP GRID
(Kobayashi, 2015) system is used for grid generations

and an overset assembly process. Double model flow is

assumed since the design Froude number (Fr = 0.142)

is not large and the Reynolds number Re is set to 7.428×
106 which corresponds to the model scale of the tank

tests. The algebraic stress model (Rumsey et al., 2001) is

used as a turbulence model. For self-propulsion simula-

tions, the body force model based on the infinitely-bladed

propeller theory (Ohashi, 2004) is adopted.

Since an overset grid approach is employed, several

grid blocks are generated for a ship hull and a duct. Fig.

12 (a) shows the grid block around a ship hull which con-

sists of 100× 240× 120 (longitudinal, girth (both sides)

and normal directions) cells with O-O topology. Total

number of cells is 2.88 million. Though only the port

side domain is shown in the figure, the actual domain is

for both sides of a ship. The minimum spacing normal

to the wall is set to Δmin/L = 3.463 × 10−6 which is

suitable for no-slip boundary condition on the wall.

In order to reproduce the stern tube shape accurately,

the grid block around a stern tube is placed as shown in

Fig. 12 (b). The stern tube block covers approximately

7% of the ship length and consists of 192×208×56 (lon-

gitudinal, girth (both sides) and normal directions) cells.

The minimum spacing normal to the wall is the same as

the ship hull block.

In the case with Duct 1, the duct blocks shown in Fig.

12 (c) is overlaid. The number of cells are 224×128×56
(radial, chord (both sides) and normal directions). The

minimum spacing normal to the wall Δamin/L is set to

2.687× 10−6 following Eq. (1).



The layout of the overset grid blocks in the case with a

duct is shown in Fig. 12 (d).

(a)

(b) (c)

(d)

Figure 12. Computational Grids: (a) Ship Hull Block

(top), (b) Stern Tube Block (middle left), (c) Duct Block

(middle right), (d) Overset Grid Layout (bottom).

The computed total resistance coefficients by the sim-

ulations in the towed condition are 4.009× 10−3 without

the duct and 4.010 × 10−3 with the duct. They are al-

most the same and it is consistent with the tendency of

the measured form factors.

The computed self propulsion factors are listed in Ta-

ble 5. The major difference between the cases without

and with the duct is in the wake fraction and the duct is

effective to decrease 1 − w
t
. This tendency is similar to

the measured data shown in Table 3.

Table 5. Computed Self Propulsion Factors.

without duct with duct

1t 0.814 0812

1− wt 0.500 0.447

ηR 1.008 1.004

The pressure distributions on the hull surface and the

u distributions on the center plane are compared between

with and without the duct in Fig. 13. The difference of

the flow fields due to the duct can be observed well.

Fig.14 is the u distributions at the duct mid-chord sec-

tion. The CFD results reproduce the measured distribu-

tions well, though there are some differences in the quan-

titative comparisons. It is observed for both computed

and measured results that the duct is effective in reducing

the longitudinal vortices and the so-called hook shape of

the wake becomes weak with the adoption of the duct.

Figure 13. Pressure Distributions on a Hull and Veloc-

ity Distributions on a Center Plane without a Propeller :

without a Duct (left) and with a Duct (right).

Figure 14. u Velocity Distributions at the Duct Mid-

chord Section without a Propeller : without a Duct (top),

with a Duct (bottom) and CFD (left) and SPIV (right).

Fig. 15 is the same plots as Fig. 13 in the self-

propulsion condition. The flow acceleration due to the

propeller effects is well simulated by the present body

force propeller model. The pressure distributions on the

hull exhibit the duct effect.

In Fig. 16, the velocity distributions at the duct mid-

chord sections are compared. The velocity inside the duct

is different form that without the duct though measured

data inside the duct is not available due to the interference

with the duct.



Figure 15. Pressure Distributions on a Hull and Velocity

Distributions on a Center Plane with a Propeller : without

a Duct (left) and with a Duct (right).

Figure 16. u Velocity Distributions at the Duct Mid-

chord Section with a Propeller : without a Duct (top),

with a Duct (bottom) and CFD (left) and SPIV (right).

Conclusions

In order to establish the flow field database for the CFD

benchmark of performance evaluations of a ship with an

energy-saving device, a ship hull called Japan Bulk Car-

rier (JBC) is designed together with the energy saving

circular duct using series of CFD computations.

The tank tests are carried out using two models, 7.000

m long and 3.200 m long, for the resistance and self-

propulsion tests. Also conducted are the stern flow mea-

surements using the Stereo Particle Image Velocimetry

(SPIV) system. Several stations near the duct and the

propeller are selected and velocity distributions are mea-

sured in the conditions with and without the duct and with

and without the propeller. Thus, the benchmark data for

CFD validations for a ship with an energy-saving duct is

produced.

In addition, the guidelines of CFD usage for perfor-

mance evaluation of a ship with an energy-saving device

are provided based on the series of CFD simulations and

comparisons with the present flow field data base.
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Abstract 

Computational Fluid Dynamics (CFD) is quickly becoming a 
standard tool in the design of ships and floating structures. The 
tool is also being used for a wider range of investigations, ex-
tending beyond the more typical Virtual Towing Tank (VTT) 
and hull optimization studies. With advances in both software 
and computing technology it is now feasible for shipyards and 
design consultancies to maintain their own in-house CFD ca-
pability. By way of a number of case studies, this paper intro-
duces a range of additional applications for CFD in ship design 
inspired by simulations commonly performed in other engineer-
ing sectors, including modelling tank sloshing and circulation, 
air flow around superstructures and HVAC simulations. 
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CFD; computational fluid dynamics; optimization; tank 
sloshing; HVAC; air flow; air drag 

Introduction 

With significant advances in both software and hardware 
technology over the past few years the use of computa-
tional fluid dynamics in the early stages of ship design is 
becoming more and more common. Previously CFD ap-
plication in ship design on a commercial scale has been 
more or less limited to virtual towing tank simulations, 
but using advanced multi-disciplinary software such as 
STAR-CCM+ from CD-adapco it is possible to model a 
wide range of physical phenomena including, among oth-
ers, fluid and heat flow.  
The latest report from the ITTC Specialist Committee in 
Marine Hydrodynamics notes that there have been signif-
icant efforts in the marine industry to develop and inte-
grate CFD capabilities, particularly in the areas of re-
sistance and propulsion (ITTC, 2014), which is of course 
one of the primary areas of focus for this organization. In 
addition, it has become feasible to include propeller ge-
ometries in propulsion simulations, rather than just ap-
plying rotating disc models. They also recognize that 
with the significant improvements in computing technol-
ogy it will soon be possible to conduct real-time CFD cal-
culations with maneuvering simulators, and software and 
modelling techniques are already developed enough to 
perform accurate seakeeping simulations, albeit with 

considerable computational requirements.  
Similarly, the best practice guidelines produced by Virtue 
(Eca et al, 2009) also focus mainly on the traditional ma-
rine applications of CFD focusing on external hydrody-
namic flows; namely virtual towing tank simulations for 
resistance, propulsion, seakeeping, maneuvering and 
cavitation simulations. 
Bertram and Peric (2012) cover a wide range of applica-
tions for CFD for high performance marine vehicles in-
cluding cavitation studies, ship motions, and also touch 
briefly on the evaluation of smoke dispersion on mega 
yachts. However, across other engineering fields CFD is 
used for an even wider range of applications.  
By way of a number of case studies, this paper introduces 
a range of additional applications for CFD not typically 
applied in the marine field which are achievable on a 
commercial scale. Many of these applications have been 
applied on a research basis, but are now becoming more 
and more practical on a commercial design basis also. 

Case Study: Hull Form Optimization 

Virtual towing tanks have been used for hull form opti-
mization for many years. As both hardware and software 
technology improves, it is becoming easier and faster to 
perform these simulations even earlier in the design pro-
cess. Systems such as Optimate from STAR-CCM+ also 
allow design exploration studies to be conducted with a 
large degree of automation. 
An example of such a study which is routinely performed 
in commercial ship design is the optimization of a vessel 
which is operated at an altered design condition; for ex-
ample slow steaming. The case study presented here fo-
cuses on a pure car and truck carrier (PCTC) which the 
owners are operating at a speed lower than the design 
speed. The vessel was originally designed to operate at 
approximately 19 knots, but now typically sails at 15.5 
knots. As a result, the bulbous bow was no longer oper-
ating effectively. In order to determine the baseline for 
the vessel a basic virtual towing tank simulation was per-
formed for the as-built vessel operating at both the design 
speed, and the slow steaming speed (Fig. 2).  
A targeted hull lines optimization was then performed on 
the vessel using STAR-CCM+. The optimization focused 
on the drag results, along with an evaluation of velocity 



vectors, hull pressure, streamlines and the free surface el-
evation around the vessel. The multi-phase simulations 
were performed using the flat wave option of the Volume 
of Fluid (VOF) model, with the vessel free to move in 
pitch and heave. The domain was discretized using an 
overset mesh for the vessel using hexahedral meshing 
with prism layer meshing along the hull surface. The 
mesh included wake refinements resulting in a mesh of 
approximately 2.8 million cells (Fig. 1). Of particular fo-
cus was the flow around the bulb, however the influence 
of a stern wedge was also investigated.  

 
Fig. 1: Domain 

Using this approach a reduction in hull drag of up to 4% 
was achieved with the optimized hull form (Fig. 3). Com-
paring the two pressure coefficient and streamline plots 
below (Fig. 2 and Fig. 3) there is a clear improvement in 
the flow behavior in the bow region. 

 
Fig. 2: As-built vessel flow 

 
Fig. 3: Optimized vessel flow 

In this case the conversion was made only in the bow re-
gion, with the cut made just forward of the collision bulk-
head. This has significant advantages from a fabrication 
and conversion perspective by minimizing the impact on 
machinery installations in way of the bow thruster and 
the mooring deck above. This also resulted in a very fast 
turnaround time in dry-dock, with the bow section pre-
fabricated prior to the ship being docked. It does however 
place limitations on the optimization process due to the 

fixed geometrical points. Without such a restriction it 
may be that the hull drag could have been reduced even 
further with an improvement in the flow around the fore 
body. 

Case Study: External Air Flow 

Aerodynamic analysis is typically a very important stage 
of the design for the automotive and aviation industries, 
although lately quite a few studies have started focusing 
on different aspects relevant for the marine industry as 
well. In fact, some years ago the impact of the superstruc-
ture on the total ship drag was the only reason ship super-
structure models were ever built and actually tested in a 
wind tunnel, although this aspect was often not consid-
ered crucial data. These days the reasons for evaluating 
the flow around the superstructure of a vessel may be for 
a number of reasons, including, among others the need to 
estimate the operability of a helipad for a naval vessel or 
to predict the direction of the flow of the exhausts of a 
luxury yacht.  
In the case study presented here the scope of the work 
was to assess the options for increasing the passenger 
comfort in a bar area located on the aft part of an open 
deck. The aim was to reduce the airstream velocity which 
was severely affecting the area in the proximity of a ga-
zebo, therefore discouraging passengers from using that 
area. The task has been tackled by performing several nu-
merical simulations using the computational fluid dy-
namic (CFD) software STAR-CCM+, where a number of 
different configurations of windbreakers and wind de-
flectors where tested. 
For the purpose of validating the numerical results calcu-
lated using the CFD software a baseline run has been per-
formed where the existing and full scale operating condi-
tions have been simulated. The simulated values have 
been compared against the full scale measurements rec-
orded throughout a voyage. Due to the complex nature of 
the measurements, the agreement between the measured 
and the simulated values were considered adequate 
enough to proceed with the development of the scope of 
work. 
The discretization of the domain has been achieved using 
trimmed hexahedral cells in the far field and polyhedral 
in the near field, with several local refinements. The 
choice of mixed discretization was due to the character-
istics of the flow. In the far field the flow was in general 
unidirectional and did not require a very intense refine-
ment, whereas in the near field and especially in the bar 
area the flow was very turbulent characterized by a con-
siderable high number of vortices, therefore requiring an 
isotropic cell geometry. Moreover, due to the rather large 
number of angles of incidence of the apparent wind stud-
ied the discretization of the volume has been divided into 
two different volumes and mesh types to speed up the 
meshing process. Planar and longitudinal sections 
through the domain are shown in Fig. 4 and Fig. 5. 



 
Fig. 4: Domain discretization; Top View 

 
Fig. 5: Domain discretization; Centerline View 

For bow quartering apparent winds (AW) and especially 
for an incidence of approx. 50º off the bow, the prevalent 
wind direction affecting the bar area was from aft to for-
ward due to the formation of a low pressure which was 
dragging the flow into the recess created by the side shell 
of the superstructure. For head wind conditions the flow 
has shown a rather unstable contour of velocities. The 
analysis of the baseline full scale simulations have shown 
that the tendency of prevailing airstream velocity in the 
bar area was above 5 m/s as shown in Fig. 6. This value 
is generally considered, as rule of the thumb, as the 
threshold of the onset of human being uncomfortable 
(Wise, 1970; Pendwarden and Wise, 1975). Hence the 
main target was not only to reduce in size the areas af-
fected by a wind speed above 5 m/s - 18 km/h – 3 Beau-
fort (gentle breeze), but also to avoid flow instability phe-
nomena which usually lead to a non-homogeneous distri-
bution of wind velocities creating unpleasant airstreams. 

 
Fig. 6: Resampled Volume representation of AW speed in 

the Bar Area (as-built). - 50º 

 
Fig. 7: Resampled Volume representation of AW speed in 

the Bar Area (as-built). - 0º 

Thanks to the inclusion of several wind deflectors and 
windbreakers both upstream and downstream of the AW 
flow direction, both the average airstream velocity and 
the flow instability phenomena were significantly re-
duced as shown in Fig. 8 and Fig. 9.  
 

 
Fig. 8: Resampled Volume representation of AW speed in 

the Bar Area (with deflectors). - 50º 

 

 
Fig. 9: Resampled Volume representation of AW speed in 

the Bar Area (with deflectors). - 0º 

Case Study: Tank Sloshing 

Sloshing of liquid in tanks is a physical phenomenon 
which has long been evaluated using CFD across a wide 
range of industries. For example, it is often used to design 



efficient baffle systems for fuel tanks of everything from 
cars to space craft. From a marine perspective CFD has 
mainly been applied by specialist equipment suppliers. 
The movement of fluid in tanks can be an issue for ships 
for a number of reasons. From a stability perspective, the 
free surface effect coming from slack tanks will result in 
a virtual increase in the center of gravity of the ship, and 
in general a reduction in stability. Another important as-
pect of slack tanks is the increase in dynamic pressure 
due to sloshing on the tank bulkheads. In most cases 
standard rule calculations can be used to specify scant-
lings, but in some cases with unusual arrangements for 
example it is sometimes necessary to model the sloshing 
motion in order to determine the expected pressure.  
In some cases such as anti-roll tanks the movement of 
water is actually used to stabilize the vessel, and CFD can 
also be applied to determine the best tank sizing to suit a 
specific vessel. 
In this simple example, a simple tank sloshing simulation 
in a rectangular tank, reminiscent of a flume-type anti-
roll tank has been modelled. The fluid in the tank is mod-
elled using the multiphase Volume of Fluid (VOF) solv-
ers, with the tank discretized using a trimmed hexahedral 
mesh, with prism layers along the tank boundaries.  
The mesh density and time step was sized in order to keep 
the convective courant number at the free surface under 
1 to utilize the High Resolution Interface Capturing 
Scheme (HRIC) in STAR-CCM+. This can also be done 
by using a variable time step which adapts to keep the 
convective courant number (CCN) under 1 to ensure that 
impact events are correctly captured. Symmetry bound-
ary conditions have been applied to the two largest 
boundaries, with a narrow tank. In fact, due to the applied 
2D motions applied here, this simulation could also be 
modelled as a 2D simulation in order to reduce solver 
time. With true 3D motions however a 3D model is re-
quired, which will result in a significant mesh size. 
In general there are two approaches that can be adopted 
to apply the motions to the tank. The first is to apply the 
motions to the tank mesh directly, whilst the second is to 
apply the motions to the gravity force to allow the tank 
mesh to remain stationary. This approach allows for rapid 
acceleration and deceleration forces. In the investigations 
performed for this study only sinusoidal rolling motions 
have been applied. However, more complex motion spec-
ifications can easily be applied to the simulation includ-
ing time histories to produce more realistic results. 

 
Fig. 10: Gravity angle 

In order to illustrate the direction of the gravity force a 

simple force vector is included in the visualizations. In 
this case the rolling motion was estimated to representa-
tive of a ship rolling motion, in this case with a rolling 
period of 12 seconds, and an amplitude of 10 degrees 
(Fig. 10). 
The dynamic pressure at a number of defined point 
probes is given in Fig. 11. 

 
Fig. 11: Dynamic pressure 

In this case the gravity direction and fluid movement is 
almost synchronized with the rolling motion (Fig. 12); a 
poor result if this were an anti-roll tank. 

 
Fig. 12: Tank sloshing - free surface velocity 

As mentioned by Godderidge, Turnock and Tan (2012), 
the CFD approach using VOF has previously been con-
sidered fairly restricted due to computational costs. 
Whilst improvements are being continuously made in 
both hardware and software efficiency and computational 
power, it may still be necessary to make some simplifi-
cations in order to achieve a solution in a reasonable com-
putational time. In this case study the range of motions 
has been simplified down to just a sinusoidal roll motion.  
The presented case study is purely a simplified example 
of this application. The coupling of tank sloshing with 
ship motions is an aspect which has been demonstrated 
by a number of authors, including Peric (2009), however 
this is largely still within the research field and in many 
applications the simulations can be simplified, depending 
on the required output data. 

Case Study: Tank Circulation 

The evaluation of how effective a system is in circulating 
a fluid is a fairly common application of CFD in other 
industries in anything from process engineering through 
to the design of swimming pools. In the case of building 
services, CFD is often used to evaluate ventilation sys-
tems to ensure that the system is working correctly and 
that there are no dead spots. The same process can be ap-
plied to ship-based tanks which require water circulation. 



A very good example of this is onboard live fish carriers. 
These vessels are equipped with large tanks which are 
filled with water and fish, either for the purpose of 
transport or to bathe the fish for treatment for parasites. 
It is critical for the health of the cargo that the water is 
constantly refreshed/recirculated to control the oxygen 
and carbon dioxide content, and to filter impurities from 
the water.  
From a CFD perspective, this is primarily a case of using 
the same basic approach as for land based ventilation sys-
tems and changing the fluid properties from air to water. 
This approach is also applicable in the case of multi-
phase flow (i.e. slack tanks), though this is a more com-
plex simulation which will also require a more complex 
mesh in order to capture the free surface, particularly if 
motions are also involved. 
For live fish carriers the in/outlets to the tank typically 
consist of channels running along the sides of the tank. 
The water is then pumped in and out of the tank via per-
forated plates to redirect and distribute the flow. To actu-
ally model the perforations in the plate would require a 
very fine mesh (and hence computationally expensive 
simulations) in order to capture the localized flow effects 
through the plate and get an accurate result in the far field 
of the tank. In order to simplify the solution, the influence 
of the perforated plate can be replicated using either a po-
rous baffle or porous region. In this case a porous region 
was to be used as it was also capable of accommodating 
flows which were not normal to the plate. 
In order to determine the appropriate flow characteristics 
for the porous region a small section of the porous plate 
was modelled in detail (Fig. 13). The simulation was then 
performed for a range of flow velocities and the pressure 
drop recorded (Fig. 14) for pressure line probes posi-
tioned in three different locations, both in way of one of 
the perforations, and through the plate itself.  

 
Fig. 13: Detailed model of perforated plate - pressure 

 
Fig. 14: Pressure drop over perforated plate 

 
Fig. 15: Pressure drop over porous region 

By running the same simulation for a number of flow 
speeds it is possible to determine the correct inertial and 
viscous resistance coefficients using Eq. 1. The same 
simulation was then replicated using a porous region in 
way of the plate. Whilst the localized negative pressure 
on the low pressure side of the plate is not captured (Fig. 
15), this is not considered to be important in terms of the 
overall circulation of water inside the tank. 
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The porous region technique was then applied to a full-
scale simulation based on a generic tank geometry with 
two inlets and two outlets arranged as shown in Fig. 16. 
The main tank volume is joined to the inlet and outlet 
ducts via thin porous regions to represent the perforated 
plates. In this case the simulations have been performed 
using the unsteady solver to account for the vortices 
which are created due to the flow direction on the inlet 
regions into the tank. Due to the inherently random flow 
directions the tank is discretized using a polyhedral mesh 
with prism layers on the wall boundaries and a thin mesh 
over the porous regions. Mesh refinements are applied 
over the inlet and outlet regions in order to account for 
the higher flow velocities.  



 
Fig. 16: Tank geometry 

 
Fig. 17: Residence time and streamlines 

The results of the simulation can be visualized using a 
number of vector and scalar methods for parameters such 
as flow velocity, pressure and residence time. Residence 
time is defined as the time in which individual flow par-
ticles remain in a given flow region, and in this case is 
modelled using a passive scalar. It is a useful approach to 
evaluate dead spots in the region. For this case study the 
residence time and flow velocity (streamlines) are shown 
in Fig. 17. In this case the colored region represents the 
volume of the tank where the residence time is greater 
than 90 seconds. This clearly shows that the central area 
of the tank has a very low flow velocity, and that perhaps 
the arrangement of the inlets/outlets needs to be rede-
signed in order to give a more uniform flow throughout 
the tank. 

Case Study: HVAC Simulations 

The optimization of a complex system such a ship, is a 
goal which needs to be accomplished performing a wide 
range analyses focusing on different aspects. A higher 
level of efficiency is usually achieved in the refinement 
of the hull lines, in the propulsion system, installing 
ESDs and the production of power onboard. For passen-
ger vessels and offshore floating structures one of the 
most energy-hungry systems onboard though is the heat-
ing, ventilation and air conditioning (HVAC). Even to-
day it is not considered favorable to design the entire 
HVAC system of a vessel following a strictly numerical 
approach due to excessive computing and modeling time 
costs, however the analysis of specific areas is becoming 
more popular. The fluid dynamic analysis of a zone 

onboard of a vessel or a floating structure allows the de-
signer to dimension the HVAC system in a more accurate 
and efficient way. Moreover not only the size of the sys-
tem can be optimized in order to reduce the power con-
sumption, the quality of the ventilation and the A/C can 
be designed in order to maximize the comfort and avoid 
high speed airstreams or cold/hot dead spots. The sum-
mary of the work presented here is the study of the air 
conditioning of the dining room on an offshore floating 
hotel as shown in Fig. 18. 

 
Fig. 18: Dining room 3D visualization 

The scope of the work was an R&D study in order to vis-
ualize the current HVAC installation and its perfor-
mance. For this purpose the domain consisted of the din-
ing room only. The air inlets and outlet were modelled as 
per the original design. The dining area was considered 
fully occupied and the crew was modelled simplistically 
assuming a volume emitting a constant heat, since the fi-
nal aim was to reproduce a quasi-static solution and not 
a dynamic solution. The self service area was modelled 
as a number of blocks emitting heat on their top surface 
resembling a series of bain-maries. Since the roof of the 
dining area is made of two large skylights, the solar radi-
ation through the windows has been considered in the 
worst case scenario where the sun was exactly perpendic-
ular. 
The results have shown that the as-built design was gen-
erally efficient, although some dead spots were found. 
The dead spots are not affecting the overall operation of 
the HVAC system and its power consumption although 
they identify the zones where the comfort for the crew 
may be affected either by a cold airstream or hot air-
stream. 

 
Fig. 19: Dining room flowlines visualization 

 



 
Fig. 20: Dining room volumetric temperature distribution 

 
Fig. 21: Dining room volumetric residence time distribu-

tion 

Conclusions 

With the advancement of technology CFD is very quickly 
cementing itself as a vital tool in the design of ships on a 
commercial scale. The software can be used to solve a 
very wide range of problems, beyond standard virtual 
towing tank simulations. As discussed above, many of 
these applications have found wide-spread application in 
other fields, but are now well and truly on their way to 
the standard ship design toolbox. 
Other than the case studies presented here there are al-
most limit-less possibilities for the application of CFD in 
ship design on a commercial basis, particularly with fur-
ther developments in both software and hardware tech-
nology.  

One such example is fluid-structure interaction, allowing 
for example, dynamic forces from a ship in waves to be 
translated into slamming pressures on the hull and inter-
nal structure. In most cases this involves coupling a num-
ber of software tools together, but recent advances soft-
ware integration are making this possible within a single 
application. Another example is the modelling of ice ac-
cretion and icebreaking forces on a vessel operating in 
freezing temperatures. 
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Abstract 

In this paper, we present a new conceptual design methodology 
for increasing the resilience in complex operations involving a 
fleet of ships. The objective of the methodology is to support 
design decisions to reduce vulnerabilities facing complex oper-
ations. The steps of the methodology are; 1) Defining opera-
tional context and initial fleet system design; 2) Investigating 
failure modes, identification and criticality assessment; 3) Pro-
posing redesign and redeployment actions at the vessel level to 
increase resilience, through flexibility or redundancy; 4) Eval-
uating proposed actions, through assessment of the alterna-
tives. We illustrate this methodology using a small case from a 
maritime service operation. The results indicate the advantage 
of integrating design thinking into a methodology for more re-
silient maritime operations. 
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Introduction 

Maritime operations are often complex, and require the 
functionalities of multiple marine assets. Several vessels 
may be involved, fulfilling different tasks in order to 
complete the operation as a whole. When a vessel set to 
perform a specific task loses its functionality, it consti-
tutes a disruption from normal operation, a failure mode 
(Berle, Rice Jr., and Asbjørnslett, 2011; Rausand and 
Høyland, 2004). Disruptions from normal operation may 
cause large delays and significant economic losses to the 
stakeholders in the project, which may possibly propa-
gate further throughout the value chain.  
While ideally all unwanted events should be avoided, this 
is not practically possible. No risk analysis can capture 
all possible scenarios, and so we need to make plans for 
what to do when an unwanted event disrupts the marine 
operation. Resilience refers to the ability of a system to 
bounce back after an event disrupting the normal opera-
tion of the system (Foster, 1993). There is a need for de-
signing fleet systems that can handle disruption. By de-
signing a fleet of vessels for resilience, we install in our 
fleet and vessel systems the capabilities for restoring per-
formance in the event of a disruption.  

In the context of designing a fleet of vessels for more re-
silient marine operations, several design-related ques-
tions must be answered. First, what functionalities does 
the operation require? Designers need to understand the 
context in which the fleet of vessels will operate, and un-
derstand the operational profile in which the vessels will 
engage. Second, how many vessels will be needed to 
cover all functionalities? This is a problem that is often 
addressed in the fleet size and mix literature (Pantuso, 
Fagerholt, and Hvattum, 2014). However, on its own, it 
may lead to optimized fleet configurations that are not as 
resilient as desired. Third, we therefore ask whether there 
exists any functional overlap in the fleet assigned to per-
form the operation. Functional overlap will imply that re-
dundancies are present, making it easier to reassign ves-
sels to cover other activities in an agile and timely man-
ner. Fourth, we consider if there are any opportunities to 
use vessels for tasks other than the activities originally 
assigned to them. Thus, we consider if there is flexibility, 
and if actively changing the composition of the fleet sys-
tem would help us complete the operation.  

Designing for Resilience 

Resilience is a so-called “-ility” (de Weck, Roos, and 
Magee, 2011), a property which stakeholders in a system 
would desire from their system. When the disruption hap-
pens, the performance of a resilient system is allowed to 
diminish. However, the system should be designed in 
such a way that the system quickly can absorb the shock 
of the disruption, and regain at least some of its previous 
performance, stabilizing on a new performance level. A 
key difference from a robust system is that the robust sys-
tem will strive to keep the performance level stable 
through a disruptive event (Asbjørnslett and Rausand, 
1999). This is often only possible at a considerable cost.  
Figure 1 shows the performance level of a resilient sys-
tem, which is capable of returning to a new stable situa-
tion after the disruption from initial normal operations. 
The new stable situation needs to be better than a given 
minimum required level of performance. Figure 1 also 
provides two potential dimensions on which the resili-
ence can be evaluated; the disruption time, and the 
change in performance. Reducing the disruption time will 
be important to reduce the overall delay of the project of 
which the operation is part. Minimizing the change in 



performance is desirable, as it relates to meeting the ob-
jectives set by stakeholders in the project. However de-
sirable, stakeholders should accept that it might be im-
possible to restore the system back to the performance 
level originally observed, due to the lack of time and re-
sources available.  

 
Fig. 1: Performance before, during and after a dis-

ruption of operation (Pettersen, Asbjørnslett, and 
Erikstad, 2016; Pettersen and Asbjørnslett, 2016) 

In this paper, we will focus on the systems design aspects 
of resilience. We therefore consider mostly how equip-
ment onboard vessels in a fleet can fail, thus causing a 
disruption of the operation of the fleet. Failure modes are 
defined as loss of key functionalities (Berle, Rice Jr., et 
al., 2011), and can therefore be thought of as the enablers 
of deviation from normal operating conditions. In Figure 
2, we illustrate the failure mode as the loss of the function 
making it possible for a module to perform an activity.  

 
Fig. 2: Failure modes defined as loss of function in 

a system component. 

Designing for resilience relates strongly to existing 
frameworks for vulnerability assessments (Asbjørnslett 
and Rausand, 1999; Asbjørnslett, 2009; Berle, 
Asbjørnslett, and Rice Jr., 2011). Unlike in a risk assess-
ment, where the focus is on identifying and assessing 
risks, vulnerability assessments also focus on what de-
signers need to do when something goes wrong, and what 
capabilities are needed in such situations.  
The two main ways we can design resilience into systems 
such as maritime fleets, is by making them more flexible, 
or increase the amount of redundancy (Rice Jr. and 
Caniato, 2003; Sheffi and Rice Jr., 2005). Modular de-
sign solutions on the level of equipment added to the ves-
sel becomes relevant to consider as a way to enhance 
flexibility. We can also talk about flexibility in terms of 
adding or removing vessels from a fleet.  
On the other hand, for the fleet to have redundancy, it is 
enough to consider whether more than one system com-
ponent has the functionalities required for performing 
each activity. When this is considered, bouncing back 
from a disruption becomes a question of reassignment of 
systems to specific activities, rather than a question of re-
designing the system.  

Design methodology for resilient operations 

Synthesis of existing methods 

The design methodology presented in this paper is a syn-
thesis of systems design methods, reliability theory and 
supply chain risk management.  

The systems design methods we integrate into our overall 
methodology are design structure matrices (Eppinger and 
Browning, 2012) and tradespace exploration (Ross, 
Hastings, Warmkessel, and Diller, 2004; Wasson, 2005). 
These are techniques that correspond well to a set-based 
ship design framework (Singer, Doerry, and Buckley, 
2009). Tradespace exploration and the related epoch-era 
analysis has also been applied in the maritime domain by 
Gaspar, Erikstad, and Ross (2012). 

Design structure matrices are modelling tools used 
widely in the industry for generating knowledge about 
system architectures (Eppinger and Browning, 2012). 
Design structure matrices are also useful for understand-
ing the mapping processes between the different engi-
neering system domains, such as processes, physical sys-
tem structures, functions, social phenomena, and the sys-
tem environment (Bartolomei, Hastings, De Neufville, 
and Rhodes, 2011). In this paper, we use design structure 
matrices to delimit the design space, thus eliminating in-
feasible vessel designs. We also use design structure ma-
trices for assignment of specific system components to 
the tasks in the marine operation. This makes it easy to 
make an early assessment of functional redundancies in 
the system, which may be useful in the event of a disrup-
tion.  

A tradespace is a representation of a solution space, in 
which alternative designs are evaluated according to the 
trade-offs and compromises that must be made to find 
feasible design solutions (Spero, Bloebaum, German, 
Pyster, and Ross, 2014). Multi-attribute tradespace ex-
ploration (Ross et al., 2004) captures important perfor-
mance attributes in a common utility function, in a given, 
static system context (Fitzgerald and Ross, 2012). By 
plotting each possible design alternative in terms of the 
utility and costs associated, we can identify the Pareto 
front of designs to take further in the analysis. In relation 
to the purpose of this paper, each design in a tradespace 
will represent a possible fleet configuration, rather than 
an individual ship design. 

We connect the tradespace thinking with the failure mode 
approach of reliability theory (Rausand and Høyland, 
2004), used in failure modes, effects, and criticality anal-
ysis (FMECA). We apply this concept for understanding 
how functional failures influences the performance of the 
fleet system. Functional failures will decrease the perfor-
mance of the fleet. In relation to the tradespace explora-
tion, a functional failure thus represents a context change, 
a shift in the tradespace. Fleet configurations that initially 
performed well now perform less well due to the failure. 
Such a shift in the tradespace can also be studied as part 
of an epoch-era analysis (Ross and Rhodes, 2008), where 



“epoch” refers to the static context at one stage in time, 
while “era” refers to the longer term context. 

To study how flexibility and redundancy can play a part 
in increasing the resilience of the fleet, we can formulate 
transition paths between the point fleet designs in the 
tradespace (Ross, Rhodes, and Hastings, 2008). A transi-
tion path could go from one initially selected design, 
which no longer meets the needs and expectations of its 
stakeholders, to a design meeting needs and expectations 
in a new system context, thus representing a reconfigura-
tion of the system, or a redeployment of the equipment in 
the system.  

We assess risks from a supply chain perspective of the 
marine operation, seeing that disruptions of operation 
have similar repercussions as supply chain disruptions. 
Delays propagate and their consequences become far 
larger than what assumed by looking at the cause of the 
disruption itself. The literature on supply chain risk man-
agement holds that the disruption risk is strongly con-
nected to the design characteristics of the system, and that 
disruptions will happen (Craighead, Blackhurst, 
Rungtusanatham, and Handfield, 2007). Thus, research 
has focused on building resilience into systems 
(Christopher and Peck, 2004).  

Therefore, we are inspired by the view that disruption 
consequences due to failure modes in a supply chain sys-
tem can be dealt with using flexibility or redundancy 
(Rice Jr. and Caniato, 2003). We implicitly assume that 
some failure mode will occur eventually, and therefore it 
is important to design for capabilities that enable system 
to be restored after disruption (Berle, Asbjørnslett, et al., 
2011; Berle, Rice Jr., et al., 2011). The disruption risks 
are to be handled through design actions, and thus we can 
consider the proposed methodology an example of risk-
based design (Asbjørnslett, Norstad, and Berle, 2012; 
Papanikolaou, 2009).  

Overview of the methodology 

In this paper, our aim is to present a novel conceptual 
methodology for designing resilience into marine opera-
tions. The methodology can be viewed as an iterative pro-
cess, where we go through four modules. These modules 
are presented in the flowchart in Figure 3.  

 
Fig. 3: Flowchart for design methodology 

The first step defines the operation and the system 
through decomposition, letting designers fully enumerate 
the design space. Design structure matrices and 
tradespace exploration is used at this stage to evaluate al-
ternative fleet designs.  

The second step identifies failure modes, relating to the 
loss of key functionalities in the fleet. The criticality is 
assessed by reviewing the assignment of system compo-
nents in the vessels to corresponding activities. Criticality 
is defined as the negative impact on the utility, thus im-
pacting the tradespace.  
The third step proposes design actions to get the fleet 
functional once again after the failure. Vessel redeploy-
ment to new tasks is one opportunity based on redun-
dancy among system capabilities. On the other hand, re-
configurating the fleet is also a solution, which may im-
ply adding vessels to the fleet, or actively changing vessel 
designs. In a tradespace context, we introduce a concept 
called transition paths (Ross et al., 2008), to gain an over-
view of all possible changes from the current, failed fleet 
composition to a future, more resilient fleet composition.  
Fourth, tradespace exploration with transition paths is 
used to evaluate the possible design transitions. Based on 
this evaluation, we can determine how the fleet design 
best can be changed to account for the failure, and stabi-
lize at a new level of performance.  
Alternatively, the result of these four steps can be used to 
provide input to the next iteration on an initial fleet de-
sign. Thereby, it is possible to use the methodology to 
improve the resilience of a fleet, which may already be 
optimized according to a fleet size and mix problem 
(Pantuso et al., 2014). The optimal fleet size and mix can 
perhaps also be treated as an alternative to Step 1. 

Case from offshore operations 

Offshore operations are often complex and may require a 
wide range of vessel capabilities. Diverse tasks such as 
pipelaying, diving and lifting of subsea equipment, can-
not be performed by one single vessel. To complete an 
operation several vessels are needed, each covering a 
subset of the functionalities required to complete the op-
eration. Addressing the needs for resilience in the off-
shore operation, we here develop a small case designing 
a fleet of vessels for a resilient offshore construction mis-
sion. We thus go through the steps outlined in the previ-
ous section.  

Step 1: Operation context and system definition 

The offshore operation consists of numerous tasks that 
must be done in the correct order. There is a need for de-
composition of the offshore operation into smaller parts. 
Project management methods such as the program review 
and evaluation techniques and critical path analysis can 
be used at this stage to understand the operation, and how 
the activities relate. Each individual task must be as-
signed to system components with the functionalities 
necessary for the activity to be done. 
To make this assignment one needs to make a system de-
composition, getting an overview of how the fleet can be 
put together. A fleet consists of a set of different offshore 
service vessels, outfitted with equipment corresponding 
to the operation. Here, we will only consider the equip-
ment that actually has a role to play in doing the opera-
tion. By treating the different equipment as design varia-
bles, we can quickly enumerate the whole design space. 



There may be some dependencies between pieces of 
equipment. We choose to map these dependencies using 
a design structure matrix, as shown in Figure 4.  

 
Fig. 4: Design structure matrix mapping dependen-
cies between system components for restricting the 

design space of offshore vessels. Red means mutually 
exclusive. Green means no relationship. 

Based on the restrictions of Figure 4 we generate the 
whole design space. Further, all fleet configurations that 
can fulfill the overall operation are generated. This means 
that every activity needs to be covered by some equip-
ment existing in an offshore vessel within the fleet. We 
see an example of mapping of system equipment to ac-
tivities in the offshore operation, in Figure 5 below.  

Fig. 5: Design structure matrix mapping compo-
nents to activities. “1” means low capability, “2” 

means high capability. 

Next we need to perform a tradespace exploration based 
on the design space of the feasible fleet configurations. A 
multi-attribute utility function is applied. Objectives such 
as minimization of the number of vessels in the fleet, 
maximization of the redundancies on the equipment 
level, and maximization of capabilities, are accounted for 
in the utility function. Costs are directly tied to the invest-
ments required for every piece of equipment, as well as 
the investments in the vessel platform. The tradespace of 
all feasible fleet configurations with two or three vessels 
in the fleet are shown in Figure 6. There are two separate 
clusters of fleets. This is due to the difference in costs 
between the fleet configurations with two and three ves-
sels.  

 
Fig. 6: Tradespace exploration for initial design. 

Each point represents a possible design. The initially 
selected Fleet 77 is shown in red. 

Step 2: Failure mode investigation 

The point of the failure mode investigation is to account 
for the possibility that something goes wrong during op-
eration. Here we assess the criticality of functional failure 
in systems and equipment installed on the vessel. We de-
fine risk as the product of probability and consequence.  
Probability of failure is estimated using expert judgment, 
historical failure data using or simulation of realistic op-
erating conditions. For equipment used in the offshore in-
dustry, a lot of failure data for reliability analyses has 
been collected in handbooks (Rausand and Høyland, 
2004). The consequence of a failure is in this analysis 
connected to the negative impact on the utility of designs 
in the tradespace. Therefore, the consequence will gener-
ate a shift in the tradespace. The fleet configurations uti-
lizing the equipment that failed, will experience a nega-
tive shift in utility, indicating a fall in the level of perfor-
mance.  
In some cases, a system in the offshore fleet can fail in 
such a way that the operation still can be continued, albeit 
at a lower level of performance. This is the case when 
redundancy exists. However, if no redundancy exists to 
cover for the lost functionality, the fleet may become un-
able to fulfill the operation.  
We consider the situation where the large crane installed 
on Vessel 23 fails. The failure impacts the performance 
of all fleets that include this vessel. The tradespace of all 
fleet configurations after this failure mode occurs, is 
shown in Figure 7. 



 
Fig. 7: Tradespace exploration after failure in the 

large crane on Vessel 23. Fleet 77 shown in red. 

We see from Figure 7 that the fleet configuration we 
chose in Step 1 of the methodology actually becomes un-
able to perform the operation. Therefore, the utility drops 
to zero. The cascading effects throughout the operation 
and the larger value chain, due to the delay and complete 
disruption of the operation, fall outside the scope of this 
analysis. Nevertheless, it becomes important to find a so-
lution in an agile manner in an operational time-horizon, 
to minimize the consequences of the disruption.  

Step 3: Design action proposition 

Having generated knowledge about the numerous ways 
that a fleet may be rendered unable to perform the opera-
tion at the required performance level, we turn to design 
as the solution. In the third step, we propose design action 
based on utilizing the redundancy and flexibility (Rice Jr. 
and Caniato, 2003) embedded in the fleet configuration, 
as a way to achieve resilience.  
Redundancy based design actions are based on redeploy-
ment of equipment that already is present in the fleet sys-
tem. It relates to the functional overlap inside the fleet. 
Redundancy is thus related to making changes to the final 
mapping process described in Figure 5. The equipment 
configuration of the vessels themselves is not changed.  
Flexibility based design actions imply active reconfigu-
ration of the fleet size and mix. Vessels can be added to 
the fleet to cover the lost functionalities, for example us-
ing the spot market if such a market exists. Alternatively, 
equipment can be added to the vessels. Modularization 
has been instrumental in making the latter aspect of flex-
ibility a more readily available alternative. In the context 
of a marine operation, where the flexibility must be exer-
cised quickly, there are however limits to how much can 
be done using modularity. One does not simply have time 
for a larger retrofit of the vessel. This indicates that there 
exists a cost threshold setting a boundary on how flexi-
bility can be exercised in the design (Ross et al., 2008). 
However, some smaller, important equipment such as re-
motely operated vehicles can be added to the inventory 
of the vessel in such a time horizon.  

Both redeployment using existing redundancies and re-
design of the fleet configuration can be modelled as tran-
sitions from one fleet configuration to another in the 
tradespace. Transition paths (Ross et al., 2008) exist be-
tween the initial fleet experiencing the crane failure, and 
each fleet configuration it can possibly be transformed 
into. This will lead to a more resilient fleet configuration. 
Figure 8 shows the tradespace with the set of proposed 
new fleet configurations that we can transition to, when 
the initial fleet experiences the failure.  

 
Fig. 8: Tradespace exploration after failure in the 

large crane on Vessel 23. Fleet 77 shown in red. New 
fleet configurations to transition into are shown in 

green. 

In the case of the offshore vessel fleet we look at here, no 
other systems are able to fulfill the role of the crane that 
failed. Therefore, all the proposed transition paths to new 
fleet configurations include exercise of flexibility. As a 
crane retrofit is a quite complicated process requiring that 
the operation end, the model suggests adding a vessel to 
the fleet. Therefore, all suggested transition paths go 
from the initial fleet configurations, to fleets consisting 
of three vessels. In other words, the tradespace transition 
paths all recommend adding a vessel to the fleet, as the 
way to recover from the failure, and complete the mis-
sion. 
Interestingly, we observe that none of the proposed de-
sign actions for transitioning, brings the fleet back to Pa-
reto optimality. One reason for this result is that the re-
sources already embedded in the existing fleet put some 
bounds on what changes are possible. For example, the 
vessel experiencing the failure, may still be able to fulfill 
some other functionalities. Therefore, it is still consid-
ered part of the fleet. Still, all the proposed solutions will 
improve the situation after the failure, restoring the fleet 
to an acceptable level of performance. This is in corre-
spondence with the description of resilience through per-
formance levels, given by Figure 1.  

Step 4: Design action evaluation 

The final step of the process is to evaluate the recom-
mended design actions for restoring the fleet system after 
the failure. As we now have knowledge about the costs 
and utility increases connected with each design action, 



at this point we can select specific design actions for im-
plementation in our fleet. We can now only consider the 
legal transition paths in the tradespace, as highlighted in 
Figure 8. The decision-making at this stage again be-
comes a question of considering the Pareto front given by 
the transition paths.  

Discussion 

In the offshore industry today, designing fleets for more 
resilient marine operations should be a highly relevant 
topic. Some years ago, the Deepwater Horizon accident 
highlighted the importance of better contingency plan-
ning in the offshore oil and gas sector overall. The current 
situation with low oil prices tells us that expensive mul-
tipurpose vessels is an inappropriate response to the need 
for contingency planning. Spending the resources neces-
sary to arrive at a robust fleet design will not be a good 
solution, economically speaking. However, as offshore 
activity continues with simpler, more cost-efficient de-
signs, we still need to have resilience on a fleet level.  
Tradespace analyses are a tool we believe can put a 
greater emphasis on trade-offs in fleet design. Cost-effec-
tiveness, safety and resilience can be opposite targets, 
and still we want to meet them all. They should all enter 
into our design processes as objectives, and thus influ-
ence our decision-making.  

One possibility that should be further studied, is the in-
stance where two smaller systems can cooperate to fulfill 
a task originally fulfilled by a single larger system. For 
example, could the large crane that failed by replaced by 
two smaller cranes working together to perform the large 
lifting task? Such a solution could also have been feasible 
for the case studied in the previous section. However, we 
would have to penalize that solution for increasing the 
complexity of the overall offshore operation in the 
tradespace analysis.  

Conclusion 

In this paper, we describe a new methodology for increas-
ing the resilience of marine operations, through fleet de-
sign actions. The methodology synthesizes systems de-
sign, reliability theory, and supply chain risk manage-
ment, and brings new insights about how we can design 
resilience into marine operations. The combination of 
tradespace analysis and failure modes allows efficient as-
sessment of performance throughout disruption scenar-
ios. Further, tradespace exploration also allow us to iden-
tify and assess design actions that helps bring back the 
operation to an acceptable performance level, by facili-
tating investigation of possible transition paths. This lets 
us make robust decisions during the early stages of fleet 
design.  

Further work can include testing the conceptual design 
methodology presented here, on more detailed, data-
driven case studies of marine operations. While the cur-
rent application of the methodology is on a case from off-
shore construction operations, it may also be applicable 
in other industries.  
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Abstract 

No single processing technique developed in the modern digi-
tal-industrial era has as much potential to reshape how items 
are designed and constructed as Additive Manufacturing (AM) 
technologies.  The construct of Additive Manufacturing, or in-
dustrial-scale 3D printing, is slowly emerging from the shad-
ows of university laboratories and beginning to demonstrate 
noticeable capability.   Originally relegated to the develop-
ment of small piece parts and desk models, AM is rapidly de-
veloping a robust portfolio of ever larger items.  It would seem 
that it is only a matter of time before the marine heavy indus-
try can benefit from this advanced manufacturing technique.  
Design improvements due to the “additive” nature of manu-
facturing items layer by layer vice traditional “subtractive” 
machining processes, can be realized from reduction in waste 
products, novel geometric configurations, and the potential of 
truly integral subsystems embedded within the components.  
This new production flexibility could revolutionize the design 
experience and challenges the status quo in every major disci-
pline. 
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Introduction 
It is the intent of this paper to analyze the current state 
of the art with regards to AM and then discuss how this 
technology maybe employed in a maritime context.  
While AM is a broad moniker for several distinct types 
of applications, the American Society for Testing and 
Materials (ASTM) group “ASTM F42 – Additive Man-
ufacturing” codification will be employed.  These AM 
types are as follows:  1) Material Extrusion, 2) Powder 
Fusion, 3) Material Jetting, 4) Binder Jetting, 5) Energy 
Deposition, 6) Vat Photo-polymerization, and 7) Sheet 
Lamination.  Each of these techniques will be reviewed 
and assessed for maritime utilization. 

Mainstream AM 
The critical question to consider is if additively manu-
factured components are resilient enough for an indus-
trial, marine application.  Let’s look at the demands of 
the industrial marine environment and several recent de-
velopments before addressing this question. 
Regarding the industrial marine environment it is domi-

nated by complex and ever larger components that oper-
ate in a harsh and corrosive environment.  These com-
ponents that are ultimately assembled into offshore plat-
forms, and various ship classes.  Each system and sub-
system is comprised of potentially thousands of piece 
parts.  Ultimately each system is only as reliable as the 
“weakest” system portion.  In addition to high part 
counts and corrosive environments; marine systems are 
subjected to dynamic loading profiles in addition to the 
normal force of gravity and system generated loading.  
This means that any new marine component needs to 
exhibit the following attributes:  compatible of integra-
tion with existing components, capable of providing an 
acceptable level of environmental tolerance, and strong 
enough to allow for commensurate loading within the 
elastic material limits. 
Recently additive manufacturing development has ad-
dressed a broad spectrum of items from spare parts to 
major systems.  The construct of parts on demand is not 
new.  In fact it is the underlying tenant of Just-In-Time 
philosophies.  To this end the US Navy has deployed 
3D printers for afloat manufacturing of spare parts 
(Kenney, 2013). Other US Navy activities are underway 
to determine the effectiveness and quality of parts gen-
erated afloat in an additive construct (Freedberg, 2014).  
If these parts can obtain approval for afloat and interme-
diate maintenance use, this would dramatically alter the 
maintenance of long deployment marine assets.  With 
regards to major systems, Printed cars (Local Motors, 
2015) and Ariel Drones (Palermo, 2015) are being con-
structed with a 75% and 80% AM components respec-
tively.  While it will likely be decades before the marine 
industry obtains percentages such as these for large ma-
rine assets; smaller marine applications are achievable, 
by analogy to the preceding systems, with the current 
technology.  This begins to suggest that large marine as-
sets could begin to develop and field subsystems (pip-
ing, ventilation, habitability support) with a relatively 
high AM content.  Meanwhile small marine assets can 
begin to expect similar metrics for AM content as re-
ported for automobiles and aircraft.   
The above discussion simply takes a current process and 
assesses how AM may augment the management of the 
required maintenance and the construction process.  The 
exciting and novel aspect that AM brings to the fore-
front is the potential to change the design paradigm.  
Image the construct of embedded sensors (Li, 2001) and 
how that technology would alter the design path.  The 



potential for integral circuitry and sensors within a com-
ponent opens a myriad of new design aspects that have 
yet to be fully considered.  With one eye on the future 
let’s examine the current state of the art and the tech-
niques that currently comprise AM. 

Production and Product 
The American Society for Testing and Materials 
(ASTM) group “ASTM F42 – Additive Manufacturing” 
(ASTM International, 2016) has identified seven dis-
tinct AM processes.  Each AM process will be ad-
dressed in turn.  A brief description of the technique 
mechanics will be followed with a discussion of the 
types of materials each process is capable of producing. 

Material Extrusion 

Material Extrusion or Fused Filament Fabrica-
tion (F3) uses an articulate deposition head to 
extrude a molten filament that adheres to adja-
cent material and rapidly cools.  Thus item can 
be built layer by layer.  This technique is also 
known as Fused Deposition Modeling (FDM) 
as trademarked by Stratasys (stratasys, 2016); 
Material Extrusion is capable of constructing 
complex geometries with the assistance of 
filler or support materials.  This is required 
since gravity is the principle restraint of the fil-
ament until cooled. 
These systems use thermoplastics such as acry-
lonitrile butadiene styrene (ABS), high-impact 
polystyrene (HIPS), thermoplastic polyure-
thane (TPU), high-density polyethylene 
(HDPE) and aliphatic polyamides (nylon) to 
produce the desired end items.  These base ma-
terials are typically utilized with injection and 
vacuum molding techniques to end products.  
These traditional techniques produce a high 
quality and relatively inclusion free product 
when compared to the F3 product.  Since the 
F3 process layers circular filaments, interstitial 
voids are introduced within the material.  
These voids create porosity and reduced part 
densities when compared to traditionally manu-
factured components. 

Powder Fusion 

“The Powder Bed Fusion process includes the 
following commonly used printing techniques: 
Direct metal laser sintering (DMLS), Electron 
beam melting (EBM), Selective heat sintering 
(SHS), Selective laser melting (SLM) and Se-
lective laser sintering (SLS).” (Loughborough 
University, 2016) Regardless of the name the 
technique is similar.  A base material dust or 
powder is welded together with an electron 
beam or laser (Bello, 2015).  The laser moves 
systematically across a bed of powdered mate-
rial, welding the desired points in order to cre-
ate the desired geometry.  This technique does 
not require the use of filler materials to support 
overhangs and cantilevered sections.  Produc-
tion times are related to the work piece cooling 

rates which is a function of size and base mate-
rial. 
This technology introduces new material into 
the possible construction base.  Most notably, 
metal components can be fabricated with these 
techniques.  Copper, Steel, or Titanium can all 
be used as a base material, in addition to the 
thermoplastics highlighted in the previous sec-
tion.  In fact any material that can be powder-
ized and heated to a melting point can be em-
ployed.  These techniques are being evaluated 
by NASA (Greenemeier, 2012) and SpaceX 
(Space X, 2014) for astro-nautical applications 
particularly in rocket motor components.  
These components would be a direct replace-
ment for systems that are typically cast molded 
parts. 

Material Jetting 

Material jetting is analogous to three dimen-
sional inkjet printers, “Multiple print heads jet 
material simultaneously to create each layer 
and UV light is then used to cure the layers” 
(Virginia Tech, 2016).  This is a novel ap-
proach, when compared to the two preceding 
methodologies discussed.  However since the 
construction material is not a solid as in the 
prior examples, new limitations are introduced.  
“As material must be deposited in drops, the 
number of materials available to use is limited. 
Polymers and waxes are suitable and com-
monly used materials, due to their viscous na-
ture and ability to form drops.” (Loughborough 
University, 2016) 
Typical materials utilized in material jetting in-
clude thermoplastics, silicones, and rubber like 
material.  Wax products can be utilized to cre-
ate molds for castings.  As expected the proper-
ties for these vary widely (stratasys, 2015).  
Similar to F3, supporting material is required 
for overhangs and cantilevers within the work 
piece. 

Binder Jetting 

Binder Jetting also known as powder bed print-
ing is most analogous to the Powder Bed Fu-
sion.  “The binder jetting process uses two ma-
terials; a powder based material and a binder. 
The binder acts as an adhesive between powder 
layers.” (Loughborough University, 2016)  
This is the principle difference.  Instead of 
welding the powderized metal via localized la-
ser or electron beam, the metal particles are 
glued or laminated.  These parts can be post 
processed to improve the overall mechanical 
properties but the use of an adhesive can create 
some interesting second order effects. 
The most notable is the inherit porosity that is 
present in a binder jet created part vice a tradi-
tional cast or machined component.  Virginia 
Tech “however, is working on testing a hypoth-
esis that a nanosuspension binder can be used 



to fill these interstitial voids in the part bed in 
order to increase part density and bond neigh-
boring powder particles during the sintering 
process.” (Krassenstein, 2015)  The capability 
to use metals, polymers, and ceramics as base 
materials create a myriad on new options that 
could affect the marine industry.  Some of the 
metal base materials “are currently intended for 
applications in industries such as oil & gas, tool 
& die, and energy in applications such as drill-
ing and pump components, molds, and dies.” 
(Sher, 2015) 

Energy Deposition 

Energy deposition is often confused with elec-
troplating.  These techniques may produce sim-
ilar results but are accomplished by dramati-
cally different processes.  Energy deposition 
“DED, on the other hand, typically uses a lin-
ear heat input of tens to hundreds of J mm-1 
and a layer thickness of "0.3–1 mm, and heat 
transfer from the molten metal pool is con-
trolled both by conduction through the compo-
nent and attached baseplate as well as forced 
convection from the shielding gas and powder 
delivery nozzles.” (Carroll, Palmer, & Beese, 
2015).  This is very similar to arc welding.  
While electroplating works on the theory of 
galvanic potential the work piece is the cathode 
in the couple and the sacrificial anode in con-
junction with the electrolyte becomes the plat-
ing.  This is often referred to as electrochemi-
cal plating. 
This technique is only suitable for metals given 
its similarity to plasma arc welding.  The base 
material that is being plated or deposited upon 
will also need to be able to survive the process.  
This does not currently seem to be a main-
stream approach to additive manufacturing 
based upon the literature review completed for 
this paper. 

Vat Photo-polymerization 

“Photopolymerization processes make use of 
liquid, radiation-curable resins, or photopoly-
mers, as their primary materials. Most photo-
polymers react to radiation in the ultraviolet 
(UV) range of wavelengths, but some visible 
light systems are used as well. Upon irradia-
tion, these materials undergo a chemical reac-
tion to become solid.” (Gibson, Rosen, & 
Stucker, Vat Photopolymerization Processes, 
2014).  Obviously precision is critical when 
you’re constructing an item from a vat or tube 
of the raw material.  In this way it is synony-
mous with powder bed fusion and binder jet-
ting.  The excess material that has not been ex-
posed to the “activation” agent remains viable 
for the next project.  Stereolithography is an-
other common name for vat polymerization. 
This technique is capable of producing a wide 
variety of end products that exhibit “ABS-like 

toughness to polycarbonate-like clarity. You 
can even cast directly from printed patterns us-
ing QuickCast® technology.” (3D Systems, 
2013)  It seems the largest challenge would be 
the management of the photo reactive resin.  
An expiration date is largely assumed due to 
inadvertent exposure with the surrounding en-
vironment.  Tested material tensile strengths 
ranging from 38-52 MPa can be built these ma-
terials have 15-21% of the strength of A60 car-
bon steel (3D Systems, 2015). 

Sheet Lamination 

“The construction principle, only the outer con-
tours of the parts are cut, and the sheets can be 
either cut and then stacked or stacked and then 
cut. These processes can be further categorized 
based on the mechanism employed to achieve 
bonding between layers: (a) gluing or adhesive 
bonding, (b) thermal bonding processes, (c) 
clamping, and (d) ultrasonic welding.” 
(Gibson, Rosen, & Strucker, Sheet Lamination 
Processes, 2010)  The bonding mechanism 
preference is driven by the base material that is 
utilized and the desired end product utilization.  
For example gluing and adhesives are typical 
poor performers in high temperature applica-
tions. 
This is essentially composite construction with 
which the marine industry has adopted for the 
pleasure craft and small boat market.  Similar 
to fiberglass construction techniques, the layer-
ing of anisotropic materials in varying direc-
tions creates a stronger laminate material and 
allows for extensive customization options.  
Thermoplastics, paper, ceramics, and metal 
foils are typical feeder materials for this pro-
cess (Custom Part Net, 2009).  While this tech-
nique allows for a multitude of input materials 
in all cases these objects are subject to shear 
failures due to the stratified construction meth-
odology. 

Conclusion 
Additive Manufacturing has developed a tremendous 
amount in a relatively short period of time.  In fact the 
demonstration of astro- and aeronautical applications 
are tremendously encouraging.  However within the 
short term the use of additive manufacturing for the in-
dustrial marine environment will continue to be limited.  
Even with limited applicability to the maritime industry 
at large.  There is still a tremendous potential for dis-
crete applications of the technology with in the major 
subsystems of a vessel.  The most notable would be in 
the areas of spare parts and tooling.  However substan-
tial technological issues will still need to be addressed 
before the mass acceptance and utilization of AM afloat 
can be realized.  The most notable of these is a moving 
frame of reference; all of the aforementioned techniques 
rely on the application of gravity to assist in the con-
struction process.  While additive manufacturing can 
build a wide variety of products in a controlled and 



static environment the use of such techniques afloat cre-
ates questions about the viability of the process.  This 
should not eliminate AM from consideration for the ma-
rine industry.  However it does seem that at this time it 
will be contained to construction and repair facilities or 
platforms with little to no relative motion. 
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Abstract 

In this paper, we investigate the technical feasibility of flexible 
offshore ship design concepts with respect to retrofits. Flexibil-
ity is intended to improve performance, but there are often com-
plex system interactions that are difficult to assess at the early 
design stage related to stability, resistance, hydrodynamic be-
havior and payload capacity. These aspects need to be under-
stood and assessed at the conceptual stages. In this paper, we 
develop a tradespace network model and define transition rules 
to describe feasible retrofits. A multi-criteria utility function is 
used to assess the tradeoff between performance and cost. We 
demonstrate our approach using a case from offshore vessel 
design, where we investigate the feasibility and impact of retro-
fits. The low-fidelity quantitative analysis indicates that the 
beam is the least flexible design parameter. This knowledge can 
be important when defining a flexible marine platform “pre-
pared” for future retrofits. 
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Introduction 

Ships must be designed for the right operational context. 
Due to long vessel lifecycles, the context will change and 
largely be uncertain at the design stage. Flexibility lets us 
reconfigure the design to meet changes in market needs, 
stakeholder expectations and the operating context of the 
ship. Operational flexibility in shipping has been as-
sessed with real options analysis in the literature. Exam-
ples include analyses of entry, lay-up and scrapping 
(Dixit, 1988, 1989) and for valuation of combination car-
riers (Sødal, Koekebakker, and Aadland, 2008). How-
ever, these analyses are more related to the operational 
aspects of a ship than the design characteristics from an 
early stage design perspective.  
In contrast to such operational real “on” options, “in” op-
tions do not treat technology as a black box (Wang and 
de Neufville, 2005). Traditional “on” options analysis fo-
cuses more on valuation of a given type of managerial 
flexibility. “In” options in design are highly dependent on 
the system itself. For complex systems there are numer-
ous options that can be integrated in the design, hence 
identification of options also plays an important role. It 

can sometimes be difficult to separate between “in” and 
“on” options, as some options are on the borderline. This 
can be seen in the case of the decision on what ship to 
invest in, when selecting between alternatives, flexible or 
non-flexible. Such problems can be determined by look-
ing at technical aspects of the vessel, such as the proper-
ties of a normal tanker versus a combination carrier 
(Sødal et al., 2008). 
In this paper we focus on “in” options, assessing flexibil-
ity from a systems engineering perspective. There exist 
several approaches for representing engineering systems 
in order to assess how flexibility can improve perfor-
mance. The design structure matrix (DSM) can be used, 
and related research on flexible vessel platforms is con-
ducted with applications to floating storage, production 
and offloading units (Kalligeros, de Weck, and de 
Neufville, 2006).  
Tradespace exploration and tradespace network concepts 
represent an alternative approach, which will be in focus 
in this paper. Tradespace exploration is useful for evalu-
ating the design space in terms of cost and utility trade-
offs (Ross and Hastings, 2005). It represents an example 
of set-based design (Singer, Doerry, and Buckley, 2009), 
and thus a diversion from the design spiral (Evans, 1959). 
Further, tradespace exploration indicates an expansion of 
the role of the ship designer (Gaspar, Balland, Aspen, 
Ross, and Erikstad, 2014; Gaspar, Brett, Erikstad, and 
Ross, 2015; Keane, Brett, and Gaspar, 2015). Tradespace 
analysis represents a good platform for analysis of 
changeability and flexibility (Ross, Rhodes, and Has-
tings, 2008), particularly regarding the use of graph the-
ory to investigate flexibility. This paper applies these 
concepts to a maritime design problem. 
The oil price is one factor that is essential for the profita-
bility of most offshore projects. In the wake of the recent 
(2016) oil price collapse, it is obvious that assuming a 
deterministic oil price in the design modelling of the per-
formance of for example a platform supply vessel (PSV) 
will give misleading results. This case illustrates the im-
portance of the research presented in this paper. In the 
event of an oil price collapse, and subsequent a PSV mar-
ket rate collapse, one may assess the possibilities of ret-
rofitting the ship for new markets, for example to a wind 



farm support vessel 1 . Such a retrofit will involve in-
stalling numerous units of equipment, including a crane, 
possibly more accommodation, and a heave compensated 
gangway. Retrofitting and installing a crane will change 
the stability of the ship, and there is only a certain crane 
size that can be installed before the critical stability re-
quirement is breached. The stability of the ship depends 
several parameters that mostly are decided at the early 
stages of the design process. Taking into consideration 
the possibility of a crane retrofit at the early stages of the 
design process may affect the initial design. Stability can 
obviously also be changed after the ship is built, but at a 
higher cost. 
In this paper, we demonstrate a method that can be used 
to assess initial designs, taking into consideration the 
possibility of future changes and retrofits that may be rel-
evant, such as installing a crane. Further, we aim to re-
duce the gap between the current approaches in the in-
dustry and the state-of-the art methodologies in develop-
ment, by demonstrating the use of tradespace network 
methods for early stage flexibility assessment.  

Methods 

Tradespace exploration for evaluating designs 

Tradespace exploration is a technique for evaluating the 
whole design space in terms of costs and multi-attribute 
utility functions (Ross and Hastings, 2005). This facili-
tates a wider discussion about the design between key 
project stakeholders, allowing their value systems to be 
properly reflected in the design. The question of what 
constitutes a “better” ship design, has been discussed in 
several recent papers (Agis, Pettersen, Rehn, and 
Ebrahimi, 2016; Ebrahimi, Brett, Garcia, Gaspar, and 
Kamsvåg, 2015; Ulstein and Brett, 2015), and these per-
spectives are currently being implemented in industrial 
ship design processes.  
Figure 1 shows an example of a tradespace, with the Pa-
reto front of non-dominated designs highlighted. The Pa-
reto optimal designs refer to designs that, for each budg-
etary constraint, maximizes the utility.  

 
Figure 1: Tradespace example. 

When we consider future uncertainty in the operating 
context of a vessel, throughout its lifecycle, we have to 
account for changes in this tradespace. Epoch-Era Anal-
ysis (EEA) can be applied as a framework for this (Ross 
and Rhodes, 2008). An epoch represents a static context 
in a tradespace, with a given duration, while an era rep-
resents the long term context or a complete lifecycle. A 
                                                           
1 Retrofit from a PSV to a wind farm service vessel was seen in 

set of processes, including multi-attribute tradespace ex-
ploration and EEA comprise the Responsive System 
Comparison Method (RSC), which is used for gaining in-
sight into developing value robust systems (Ross et al., 
2009). The concept of value robustness is used to study 
how well each design performs through a set of different 
epochs. Passive value robustness refers to a design that 
performs well throughout the era without being changed. 
In this paper, we are interested in investigating the feasi-
bility of retrofit options, which relates to active value ro-
bustness. For the vessel to remain valuable throughout 
the lifecycle, always remaining at or close to the Pareto 
front, we can choose to retrofit the vessel. 

Tradespace networks for assessment of changeability 

Generating a set of physically viable designs, and creat-
ing awareness of the flexibility embedded in a design 
space, still requires a wealth of technical knowledge 
about the limitations set by factors like stability, compat-
ibility and structural integrity. If one considers each point 
in a design space as a potential start and end state for 
change, then this framework can be used to assess 
changeability between physically viable designs (Ross et 
al., 2008). A tradespace network arises when one links 
the different design states (nodes) with transition paths 
(arcs). The nodes refer to point designs, so that the tran-
sition paths indicate how a given point design may be 
transformed into a set of other point designs. The transi-
tion path concept thus shows us how flexible a design is, 
and lets us identify all possible real “in” options in the 
design space.  
The number of other alternative designs a design can 
transition into, is given by the outdegree. The outdegree 
is the number of outgoing arcs from a particular design, 
and by applying a threshold cost for the transitions, the 
filtered outdegree can be defined. The filtered outdegree 
therefore becomes a quantified measure of changeability 
(Ross, 2006). Further work in quantifying and valuing 
changeability is done by Fitzgerald (2012). The 
tradespace network provides a structured way of han-
dling the complexity of the wide range of different design 
options in the early stages of the design process. Figure 2 
illustrates a tradespace network when accounting for the 
filtered outdegree.  

 

Figure 2: Transition rules and filtered outdegree. 

  

the industry in 2015, with Vestland Cygnus.  



Case study: Offshore vessel design 

We illustrate the described tradespace network approach 
with a case from offshore ship design. The performance 
of a design is represented by a multi-objective utility 
function. Tradespace networks are used to identify feasi-
ble flexibilities in the form of retrofit opportunities.  

Performance attributes for the utility function 

The utility function in this case study is based on three 
performance indicators. First, capability is important, be-
ing enabled by mission specific equipment such as off-
shore cranes and well intervention systems. Second, the 
capacities of the vessel contribute to utility, both relating 
to the deck area available for storage and the deadweight 
indicating the overall payload, including tank capacity. 
For both capability- and capacity-related performance in-
dicators, we seek maximization as they contribute posi-
tively to utility. The third performance indicator is oper-
ability, which in our case relates to heave response, roll 
period, and resistance of the vessel. 

 
Figure 3: The performance attributes which constitute the 

utility function. 

Figure 3 illustrates the hierarchy of attributes that com-
prise the utility function for this design process. Note that 
these aspects of value are based on the value system of a 
hypothetical ship owner, and does not necessarily repre-
sent the utility function of any realistic industry actor. 
However, the utility function is to some extent inspired 
by the performance index presented by Ulstein and Brett 
(2015). 
We naturally want to maximize the ships capability and 
capacity. However, the performance attributes relating to 
operability is more ambiguous and need further specifi-
cation. Offshore ships often need to be able to operate in 
rough seas; hence, the hydrodynamic ship response in 
waves is of interest. The metric we use is the heave re-
sponse variance, which is determined from the shape of 
the ship in a given sea state described by a wave spec-
trum. For simplicity, we only model the translational ver-
tical response. Inspired by Faltinsen (1990), we model 
the ship as a damped mass-spring system, including the 
added mass effects from the water. Excitation forces arise 
from waves described by an assumed wave spectrum. We 
seek to minimize the heave variance. For roll movement, 
we want to maximize the roll period, as we assume low 
vessel accelerations are more beneficial for the opera-
tions. A more stable ship will have a smaller roll period. 

This constitutes a potentially interesting trade-off be-
tween operability, and the possibility of adding weight-
intensive systems at high locations in the vessel. Total 
ship resistance is also included in the utility function un-
der operability, which it is of interest to minimize.  

Design description 

For the design space we evaluate in this paper, we divide 
the design variables into those that relate to the main di-
mensions of the ship and those related to the systems in-
stalled on the vessel. The design variables are described 
in Table 1.  

Table 1: Design variables. 
Class Type Bounds 

[min, max, res.] 
Main 
dim. 

L [m] - Length 
B [m] - Breadth 
D [m] - Depth 

[70,120,10]   
[15,30,5] 
[5,10,5] 

Systems 
installed 

Crane [MT] 
Well int. tow. 
Moonpool 

[0, 500,100] 
Yes/no 
Yes/no 

 
We enumerate the entire design space, and delimit the de-
sign space by applying restrictions based on the 
knowledge about the physics of the ship design problem. 
We implement stability criterion by requiring that the 
metacentric height (GM) be above a minimum (GMMIN). 
A freeboard criterion is also considered to constrain the 
design space, requiring that the freeboard (F) is above a 
minimum (FMIN). These constraints are given in Table 2. 
Additionally, a well intervention tower requires a 
moonpool to be functional, i.e. lower equipment to the 
subsea wells on the seabed.  

Table 2: Constraints. 
Physical relation Value 
Stability > = 0.15  
Freeboard > = 1.5 m 

 
Basic properties of the design, such as deck area and 
lightweight, are found from regression analyses of simi-
lar offshore ships. Retrofit costs for unit change in the 
various design dimensions depend on the direction of 
change. E.g. the cost of increasing the length by one me-
ter is not the same as the cost of decreasing the length by 
one meter. A threshold cost Ct is used to define the feasi-
ble transitions between physically viable designs. Ct is 
initially assumed the value of 150 million NOK. Choos-
ing a different value for the threshold cost can give addi-
tional insight in the price sensitivity of changeability. In 
this threshold analysis we focus on the monetary value, 
while a more rigorous analysis could involve other as-
pects of perceived value from the perspective of key 
stakeholders.  
  



Identification of feasible transition paths 

We formulate transition rules representing the knowledge 
about physical constraints to delimit the space of viable 
retrofits for the later lifecycle stages. This way, we quan-
tify how flexible a design is. A tradespace network, as 
shown in Figure 2, will represent all the physically viable 
transition paths, thus identifying the real options “in” the 
vessel design. The transition rules are based on the phys-
ical aspects of each design specification. We can consider 
for example, that a retrofit is unviable if it increases the 
weight of the topside equipment, without increasing the 
buoyancy so that it becomes sufficient to carry this 
weight. Similarly, adding a well intervention tower with-
out having sufficient stability, would constitute another 
unviable transition. With this approach we can for exam-
ple explore the tradeoff between adding more equipment 
in order to increase the capability, and the reduced stabil-
ity, deck area and deadweight that follows. Further, we 
can investigate how possible future changes in the main 
dimensions can affect these complex trade-off relation-
ships in the design space. 

Results 

The case study model outlined above is implemented in 
Matlab. A sample static tradespace is provided in Figure 
4, evaluating 3962 designs. The tradespace shows that the 
well intervention tower has significant costs, essentially 
separating the tradespace into two distinct groups.  

 
Figure 4: Tradespace of possible offshore vessel designs as 

function of cost and utility – two major groups due to 
costly decision on installing well intervention tower. 

In Table 3 we present four Pareto optimal design alterna-
tives. In the table, the design variables will have the units 
presented earlier. fOD refers to filtered outdegree, C re-
fers to the crane, M refers to moonpool and W refers to 
well intervention tower.  

Table 3: Selected Pareto front designs 

ID Cost Utility fOD [L,B,D,C,M,W] 
2885 1890 0.71 13 [120,30,9,500,1,1] 
165 723 0.55 28 [114,30,5,500,0,0] 
424 444 0.45 48 [120,15,5,400,0,0] 
1406 214 0.31 32 [103,15,5,000,0,0] 

In the pursuit of a final design, we narrow the search 
space by focusing on designs close to the Pareto front. 
The designs close to the Pareto front are highlighted in 
Figure 4. After the analysis limits the search to designs 
close to the Pareto front, we evaluate further the filtered 
outdegree (fOD) to quantify the flexibility of these design 
alternatives. We find the filtered outdegree by applying 
the threshold cost (Ct = 150 million NOK), and use the 
open-source graphics software Gephi to visualize the 
transition paths in the tradespace. Gephi can be used to 
cluster groups of designs that have a high degree of inter-
connectivity, which can help us understand which design 
characteristics that are more stable than others.  

 
Figure 5: Filtered outdegree cluster plot, size of node de-
pends on the outdegree, number on nodes is design “ID”. 

The nodes in Figure 5 each illustrate a possible design 
alternative, and their sizes are adjusted according to the 
filtered outdegree. Clusters in the figure indicate that de-
signs have similar dimensions and configurations, and 
there exists a high number of transition paths between the 
designs within a cluster. For example, we see that there 
is a large group of designs mostly signified by having a 
beam of 15 meter. The clusters visualized in Figure 5 pro-
vide a guide to what vessels platforms one can consider 
when designing for flexibility. Four of the designs close 
to the Pareto front (highlighted in Figure 4) that maxim-
ize filtered outdegree are given in Table 4.  

Table 4: Designs with the highest filtered outdegree (fOD). 

ID Cost Utility fOD [L,B,D,C,M,W] 
660 367 0.40 51 [109,15,5,300,0,0] 
425 433 0.44 51 [114,15,5,400,0,0] 
377 492 0.46 51 [114,15,6,400,0,0] 
659 379 0.42 50 [114,15,5,300,0,0] 

 



From Table 4 we can see that the designs with the highest 
filtered outdegree all have a relatively low beam of 15 
meter. These results are consistent with the properties of 
the largest cluster in Figure 5. 

Discussion 

We have shown how tradespace exploration lets us study 
the trade-offs between costs and utility and acts as a tool 
for identification of flexibility. The tradespace network 
emerging when using the filtered outdegree illustrates 
how a vessel can be retrofitted into another. In other 
words, we can identify which retrofits are feasible, and 
thus describe vessel platforms on which we can build 
many alternative equipment configurations. As the entire 
feasible design space already has been generated, this ap-
proach lets us identify all possible design options. Thus 
we facilitate retrofits later in the lifecycle.  
The results indicate that beam is the most important pa-
rameter to fix at the early stage when designing a flexible 
vessel platform. But why would it be more important than 
the other design parameters, such as the draft? There may 
be multiple reasons for this. Even though we present a 
simplified model of the physics and performance of an 
offshore ship, it is rather difficult to understand the com-
plex interactions. In our model we have two constraints 
deciding if a design is physically viable or not, namely 
the initial metacentric height and the minimum freeboard 
criteria. We believe that the beam is more important to 
set than the draft because the beam to a higher degree af-
fect the operability of the ship and leaves less room for 
buffer. For example, in the event of retrofitting a larger 
crane, one would need extra stability for the increased 
center of gravity, which would compromise on the oper-
ability properties yielding high impact on the utility func-
tion. On the other hand, the draft has a larger buffer on 
the payload capacity leaving more slack on the minimum 
freeboard constraint in our model. Hence the draft is less 
important. An example of this can be seen on the 
Vestland Cygnus, which was retrofitted from a PSV to a 
wind farm service vessel in 2015. This retrofit involved 
the installation of a large crane, and the addition of spon-
sors on the side to ensure stability.  
Another interesting output from the model is that the 
ships with the highest fOD also have the smallest beam. 
One may assume that a wider ship would provide a plat-
form with higher fOD since the potential retrofits have a 
smaller relative effect on the properties of the design. 
However, a wider ship also has a higher resistance and is 
more expensive, potentially reducing the utility yielding 
a performance that is further from the Pareto front. In Fig-
ure 5 we only consider the designs highlighted in Figure 
4, representing designs close to the Pareto front. These 
results may be significantly different depending on how 
the utility function is designed. 
The threshold cost we use to specify transition feasibility 
is a parameter which is strongly dependent on stake-
holder preferences. A very high threshold cost could in-
dicate that the stakeholders chase more recently identi-
fied project needs, which may spur other risks such as 
cost slips and delays. On the other hand, low threshold 

costs could make it difficult to take advantage of emerg-
ing opportunities, making the vessel less valuable in a 
lifecycle perspective. Perhaps real options analysis could 
be used to set the “correct” threshold cost for specific ret-
rofits? 
We have mainly explored the technical side of flexibility, 
and quantified it according to the filtered outdegree. 
However, there are additional perspectives to account 
for. Agis et al. (2016) provide perspectives about com-
mercial and operational sides of uncertainty as well. 
From such perspectives, it may be reasonable to quantify 
the flexibility of a design concerning market switching 
opportunities, or the ability to successfully bid for a spe-
cific contract (Erikstad, Fagerholt, and Solem, 2011).  
The technical consequences regarding machinery and 
structural aspects were not assessed in this paper and may 
be included in a more thorough analysis in the future. 
Further, another aspect that is not included when as-
sessing retrofits is time. Whether the vessel can change 
in a day or a month should be included for better assess-
ment, which may be associated with the value of agility. 
Neither have we considered explicitly what happens 
when the context changes and thus Pareto front changes 
drastically. The case should be taken further into an 
Epoch-Era Analysis, which gives a more detailed consid-
eration of the future lifecycle, taking into account for ex-
ample future contractual requirements and different mar-
ket characteristics.  

Conclusion 

In this paper we have investigated feasible flexible de-
signs from a technical perspective with tradespace net-
work methods. We have confirmed that filtered outde-
gree represents an alternative approach for quantifying 
flexibility and identifying potential design options in a 
technically advanced system like an offshore vessel. Our 
analysis indicates that the tradespace network approach 
using filtered outdegree can be used to specify flexible 
vessel platforms. Further results indicate that beam is the 
most important parameter to fix for a vessel platform. 
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Abstract Heading 

Physics-based simulation has been widely used to predict po-
tential risks in advance at the stages of design and production 
of ships and offshore plants. However, existing simulation en-
gines or frameworks introduced up to date have limitations on 
the satisfaction of new requirements because they have been 
developed by combining two or more physical theories. There-
fore, a multi-physics simulation framework for the design and 
production of ships and offshore plants was proposed in this 
study. To evaluate the applicability and the effectiveness of the 
proposed framework, it was applied to several examples which 
haven’t been simulated before, such as lifting and turn-over 
simulation of a thin plate block which is modelled with a flexi-
ble body and riser analysis of a drilling rig during its drilling 
operation. 
 

Keywords 

Multi-physics framework; Flexible multibody system dy-
namics; Thin plate block lifting; Flexible drilling riser 
analysis; 
 

Introduction 

Mobile offshore drilling units (MODUs), such as drill-
ships and semi-submersible drilling rigs, have been oper-
ated on the sea for offshore oil and gas drilling. Therefore, 
the motion analysis should be performed at the early 
stage of design to determine whether it can be operated 
in the targeted offshore fields. Furthermore, it should 
give a guidance for the extreme conditions that the drill-
ing unit can operate. However, it is not easy to analyze 
the motion of the drilling unit because an analysis target 
is a fully connected with a BOP (Blow-Out Preventer), 
risers, and a riser tensioner system as shown in Fig. 1. 

 
Fig. 1: Drillship and its connected systems 

There are several difficulties in the motion analysis of the 
drilling unit in Figure 1. First, the force acting on the 
drilling unit can affect the others due to the connections 
by joints and wires. Second, the risers, which provide a 
temporary extension of a subsea oil well to a surface drill-
ing unit, are deformed like a thread according to the po-
sition of the drilling unit. Therefore, flexible effect of the 
risers should be considered. Third, the WRT (wireline 
riser tensioner) system, which is composed of a tension 
ring and several hydraulic and pneumatic cylinders, is 
used to compensate the heave and yaw motion of the 
drilling rig. Therefore, hydraulic and pneumatic compen-
sation system should be included in the motion analysis. 
At last, the drilling unit is exposed to the environmental 
loads such as wave, wind and current. Therefore, these 
should be considered in time domain. 
Meanwhile, some of the block thickness is very small ra-
ther than its length. The thin plate will be deformed when 
it is lifted as shown in Fig. 2. Therefore, it is very im-
portant to check is deformation during lifting operation 
considering dynamic effect. 



 
Fig. 2: Deformation of the thin plate 

 
As we mentioned above, existing dynamics engines for 
the simulation are not suitable to be applied to previous 
examples in shipyards because it should be combined by 
two or more physical theories based on dynamics. There-
fore, new simulation framework is required to conduct 
more advanced simulation for the design and production 
of ships and offshore plants. Therefore, a multi-physics 
framework for the drilling rig motion analysis is pro-
posed in this study. Detail will be described in the fol-
lowing section. 

Configuration of multi-physics framework 

Fig. 3 shows the configuration of the multi-physics 
framework developed in this study. The framework con-
sists of four layers: dynamics core layer, interface layer, 
multi-physics component layer and service layer. The ap-
plications can be developed by using these modules. 

 

(1) Dynamics Core Layer: A system in which many bod-
ies are connected physically by joints or constraint forces 
is called a multibody system. To describe the motion of a 
multibody system, the equations of motion have to be for-
mulated. Dynamics core layer provides equations of mo-
tion theoretically based on multibody system dynamics 
for rigid bodies and flexible bodies. 
 
(2) Interface Layer: An interface layer is used to ex-
change information between dynamics core and multi-
physics components. 
 
(3) Multi-physics Components Layer: Multi-physics 
Components layer contains various physics components. 
Hydraulics and pneumatics module is newly developed 
in this study to simulate compensation systems of the 
riser tensioner. Moreover, hydrostatics, hydrodynamics, 
collision, constraint-based wire rope, spring and mooring 
modules are included in this layer. The multi-physics 
components receive body information such as position, 
velocity and acceleration through the interface layer, and 
send forces, moments and constraints to dynamics core 
layer. 
 
(4) Service Layer: A service layer is composed of sce-
nario manager, report, graph, visualization and graphic 
user interface (GUI). 
 
Physical backgrounds of several modules in the proposed 
framework will be explained in the following sections. 
 

Fig. 3: Configuration of multi-physics framework 



Theoretical backgrounds 

Flexible multibody system dynamics 

We used absolute nodal coordinate formulation (ANCF) 
to derive the equations of motion of the flexible body 
(Pogorelov and Dmitrochenko, 2003; Shabana, 2005). 
The kinematic description of the beam element which 
only has bending and axial deformation is defined in Fig. 
4. 
 

 
Fig. 4: Kinematic description of the beam element 

where, r0 and rl are node vectors at the each end of the 
element. An arbitrary point vector r(p) between two node 
vectors can be defined by global shape function (S) and 
element nodal coordinates (e). 
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In ANCF method, the element nodal coordinates are de-
fined in the inertial frame. The element nodal coordinates 
of the ANCF contains the displacement and slope at each 
node. Thus, ANCF is appropriate to solve the large de-
formable multibody dynamic system. The equations of 
motion of the flexible multibody system are derived from 
Lagrange equation (Eq. 2). 
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where, T is kinetic energy, U is strain energy and W is 
virtual work of all external forces acting on the body. The 
kinetic energy is calculated as Eq. 3. 
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Strain energy U can be decomposed into 2 components. 
One is strain energy Uɛ due to the longitudinal and shear 
deformation in the mid-plane. The other is strain energy 
UK due to bending. The strain energy is defined as Eq. 4. 
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where, K is stiffness matrix. Finally, we can obtain equa-
tions of motion by put Eq. 3~4 into Eq. 2 as follows. 
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To derive ANCF of two-dimensional plate, we should 
change the global shape function (S). Fig 5 shows kine-
matic description of the plate element. 
 

 
Fig. 5: Kinematic description of the plate element 

where, iρ  is global displacement vector and iτ  is slope 
vector at the nodal point. An arbitrary point vector r(p) 
between two node vectors can be defined by global shape 
function (S) and element nodal coordinates (e) as same 
as the beam element (Eq. 6). 
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Hydrodynamics (Cummins equation) 

Hydrodynamic force can be divided by two parts such as 
radiation force from the wave generated by the motion of 
floater itself and wave exciting force which is exerted by 
the incident wave (Eq. 7). 
 

Hydrodynamic exciting radiationF F F  (7) 

 
Fexciting can be calculated by force RAO (Response Am-
plitude Operator) times sinusoidal function at a given fre-



quency. Force RAO is obtained from hydrodynamic co-
efficient solver in frequency domain. Cummins equation 
(Cummins, 1962) is used to calculate Fradiation in the time 
domain. The added mass aij(ω) and damping coefficient 
bij(ω) can be also obtained from hydrodynamic coeffi-
cient solver in frequency domain. The calculation proce-
dure is summarized in Fig. 6. 

 

 
Fig. 6: Hydrodynamic force calculation procedure 

 

Hydraulics and pneumatics compensation system 

Typical hydraulic cylinder consists of the three compo-
nents: actuator, accumulator and pressurized air vessel. 
If the force is exerted on the cylinder rod, the oil transfer 
the pressure to the gas, so that the gas is compressed or 
decompressed. This system can be converted to spring-
damper system, which coefficients are related with gas 
type, volume and pressure (Haziri, 2011). The assump-
tion that there is no heat exchange yields an adiabatic re-
lationship given by 
 

,0 ,0 .gas gas gas gasP V P V const   (8) 

 
where, Pgas and Vgas is the volume and pressure of the gas 
inside the accumulator, and index 0 means the initial vol-
ume and pressure. 
Meanwhile, if the cylinder rod is moved, the oil height 
(yd) inside the actuator is also changed. The increased 
volume inside actuator is same as the decreased volume 
inside the accumulator. Therefore, the following equation 
is derived. 
 

,0 0( )gas gas rodV V A y y  (9) 

 
The total force acting on the bottom of the cylinder rod 
yields as follows. 
 

0( )rod oil rod gas accF P A P A k y y  (10) 

 
Eq. 11 is obtained by substituting Eq. 8~9 into Eq. 10. 
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Applications 

Dynamic response analysis of a drilling rig 

The proposed framework is applied to the dynamic re-
sponse analysis of the drilling rig connected with the riser. 
As we explain before, the motion analysis of the drilling 
rig is very complicated due to connections between BOP 
and the drilling rig during normal drilling operation. It is 
depicted in Fig. 7. 
 

 
Fig. 7: Modelling of drilling rig and connections dur-

ing normal drilling operation 

 
The BOP and the bottom of the riser are connected to 
each other by a ball joint. The top of the riser called a 
telescopic joint is connected with the drill floor of the 
drilling rig by a ball joint. Between the drilling rig and 
the BOP, the riser can be modelled as several pieces of 
flexible elements which can consider the deformation of 
the riser. The WRT (wireline riser tensioner) system, 
which is composed of a tension ring and several hydrau-
lic and pneumatic cylinders. The tension ring of the WRT 
system holds the telescopic joint. 
The principal dimensions of the drilling rig and other data 
used for the simulation in this study are shown in Table 
1 (Lee, et al., 2015; Ku, 2012). 

 



Table 1: Main dimensions of the drilling rig and other 
data 

Model Specifications Value Unit 

Drilling rig 

Mass 102,528 tons 
Length 108 m 
Breadth 77.57 m 
Height 41.40 m 
Draft 23.0 m 

Environment 
Water depth 370 m 
Wave height 3 m 
Wave period 10 S 

Riser 
Material density 7,850 kg/m3 
Young’s modulus 2.1x1011 Pa 
Poisson’s ratio 0.3 - 

 
The simulation was performed based on these data. The 
results of the motion analysis are shown in Fig. 8. Due to 
the motion of the drilling rig, the shape of the riser 
changed at each time step. 
 

 
Fig. 8: Motion analysis results of the drilling rig and 

risers 

 
The shape of the risers are displayed in the graph (Fig. 9). 
Due to the motion of the drilling rig, the shape of the riser 
changes at each time step. In a given wave condition, the 
maximum displacement along x direction is less than 2 
m. 
 

 
Fig. 9: Motion graphs of the drilling rig and risers 

 

Dynamic analysis of the thin plate 

The second example is lifting the thin plate block by a 
goliath crane considering deformation. Fig. 10 shows 
model and wire rope connection points of this example. 
 

 
Fig. 10: Modeling of lifting the thin plate block by a go-

liath crane 

 
The principle dimensions of the thin plate block and other 
data for the simulation is listed in Table 2. 
 

Table 2: Main dimensions of the drilling rig and other 
data 

Model Specifications Value Unit 

Thin 
plate 
block 

Length 44 m 
Width 22 m 
Thickness 0.1 m 
Mass 770 ton 
Density 7.95 ton/m3 
Young’s modulus 210 GPa 
Modulus of rigidity 75 GPa 
Poison’s ratio 0.3 - 

 
The results of the motion analysis are shown in Fig. 11. 
The thin plate is bended at each time step due to the point 
load at a given wire rope connection points. 
 

Conclusions 

In this study, the multi-physics framework for the ad-
vanced simulation for the design and production of ships 
and offshore plants is proposed. The suggested multi-
physics framework improves the existing simulation 
frameworks and integrates several multi-physics compo-
nents such as hydraulics, pneumatics and hydrodynamics. 
It is based on the flexible multibody system dynamics for 
beam and plate elements. As a result, we can simulate the 
motions of the drilling rig with flexible risers and the thin 
plate block successfully. 
In the future, multi-physics frameworks will be applied 
to other simulation cases which have never been tried be-
fore. In addition, the simulation results will be compared 
with the real operation to validate the system. As a further 
research, contact module between the block and wire 
ropes will be developed. 
 



 
Fig. 11: Motion analysis results of the thin plate block 

lifting 
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Abstract 

In order to increase the productivity of a shipyard, the identi-
fication of areas for improvement during the actual construc-
tion process is needed. In addition, the development of appro-
priate countermeasures to mitigate encountered problems will 
enhance the shipyard construction process. The monitoring 
system has been developed using video image analysis ob-
tained from a video camera located at one of the shipyard’s 
job shop. This paper proposes a new method that can optimize 
the construction process by realizing a highly developed 
method for acquisition of construction process data through 
the introduction of new smart devices. By the combining these 
data with the bird's-eye view image for the shipyard, the com-
plementary detail data about the history of the workers’ oper-
ation can be obtained. 
Furthermore, in order to realize improvements in productivity 
using the monitoring systems, this research developed a job 
shop simulator to find specific improvement points for the 
construction process. Through the cooperation of the monitor-
ing systems and the simulator shown in this paper, it is possi-
ble to realize acquisition and process improvements in the 
analysis of information. Therefore, the achievement of efficient 
production management can be expected. 

Keywords 

Construction Management; Monitoring; Image Pro-
cessing; Welding Operation; Scheduling; Industry 4.0; 
IoT.   

Nomenclature 

CPS: Cyber Physical System 
I4.0: Industry 4.0 
ICT: Information and Communication Technology 
IoT: Internet of Things 

Introduction 

Modern society has reached the status of a full-fledged 
advanced information society where the information 
available to the manufacturing industry is accelerating 
at a fast pace. In recent years, a wide variety of infor-
mation related to manufacturing can be collected based 
on new concepts of the IoT (Internet of Things) result-
ing in improvements to productivity and quality. In 
particular, due to increased attention in response to 

Industry 4.01 (I4.0), there is a growing expectation for 
change within new factories and manufacturing systems 
to meet the expectations of the advanced information 
age (Acatech 2013). 
In order to improve productivity and quality in the ship-
yard, it is important to consider an appropriate im-
provement process plan. The improvement process plan 
requires the discovery of problems affecting the produc-
tion process by accurately determining the current state 
of the work. However, since a shipyard is a labour-
intensive factory where the fabrication of large scale 
steel structures of various welded components require 
high-quality, it is difficult to precisely understand and 
detail the current state of the construction process using 
only production management techniques that depend on 
personal skill levels. By establishing techniques for 
visualizing the state or quality of the work flow and 
production, the constant monitoring of the shipbuilding 
factory, people and products can provide information to 
properly understand the problem areas within the con-
struction process. These techniques are important for 
proper development and consideration of the corre-
sponding measures used in the improvement process 
plan.  
This research discusses the shipbuilding industry moves 
towards the direction of I4.0 that has attracted attention 
with the expectation of realizing advanced shipbuilding 
techniques. Shipyard has so bad environments for using 
the information device and technology that it has been 
difficult to obtain useful information for production 
management. This paper will discuss and report the 
construction of a monitoring system that is suitable for a 
small shipbuilding assembly shop and the possibility of 
processing and analysis technology of the acquired vast 
amounts of data. By introducing a monitoring system 
that has been developed through the resolution of the 
challenges, this paper attempts to discuss the potential 
and expectations regarding the realization of I4.0 in a 
human-based factory. 
                                                             
1  Industry 4.0 is the current trend of automation and data 
exchange in manufacturing technologies. It includes cyber-
physical systems, the Internet of things and cloud computing. 
This has four design principles; Interoperability, Information 
transparency, Technical assistance and Decentralized deci-
sions. It is called Industrie 4.0 or the fourth industrial revolu-
tion. 
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Previous Research: Shipbuilding Monitoring 
System 

The authors have already been developing a prototype 
for the shipbuilding monitoring system (Liu and Hirota 
et al. 2013) (Aoyama and Liu et al. 2016). Figure 1 
shows the overview of the monitoring system under 
development. In the shipyard, there are both large and 
small assembly processes where the ability of acquiring 
video of a small assembly process was relatively suita-
ble. A small assembly shop involved with fabrication of 
panel structures was selected as a monitoring target to 
examine the feasibility of the system. Firstly, the fol-
lowing sections show an overview of this research.  

Detecting Construction Modules, Operations, Workers 

The developing monitoring system generates image 
analysis data, such as location and time of the target (i.e., 
construction modules, operations and workers) by pro-
cessing the video images captured from multiple net-
work cameras. The cameras were installed in the small 
assembly shop, as previously described, and detected 
objects in the video image tracking and identification 
system. 
Typical operations of small assembly shop include 
welding, gouging, and grinding. The position of the 
operations can be detected by observing a sudden 
change in luminance value of the light due to the weld-
ing arc or heating by gas burner. Additionally, the type 
of operation is identified by a contour of the emitted 
light and respective RGB numbers. Figure 2(A) shows 
the operation using video image analysis for detecting 
the emission of a working light. 
The shape of a construction module was detected as the 
outline of the assembly shop to define the operation area 
using the background subtraction method. For the case 
where the video was obscured by objects such as a crane, 
a construction module can be detected by comparing the 
presence or absence of a module within several video 
frames. This detection method enables the recognition 
of carrying-in and carrying-out of a module. Figure 2(B) 
shows the detection of the construction module using 
video analysis. 
It is difficult to detect the worker using only the back-
ground subtraction method because there are numerous 
signal distractions such as a crane moving or light shad-

ows in the shop. Therefore, the worker's profile is calcu-
lated from the video that is captured in the screen. The 
worker’s profile is defined by the ratio of the vertical 
width and horizontal width. If the profile's shape is 
detected before and after the video frame, the worker 
can be detected. However, if the worker is stationary or 
if they are partially hidden in blind spots, there are diffi-
culties in the detecting the worker; hence, it is necessary 
to address these problems.  

Extraction of Process Information from the Image 
Processing Data 

The developing monitoring system aims to extract in-
formation about when, where, who, what, why and how. 
This information is defined as process information. 
Using image analysis data of the module, a method to 
estimate the workers is proposed, obtained from the 
video image of the foregoing construction process, the 
operations and processes. 
As a general approach for analysing human behaviour 
using human position information, it is effective to use 
the environmental information of the observation area. 
For example, when a worker remains in a position and 
is detected using the results of the image analysis sys-
tem, it can be assumed that the stationary position was 
the work area. The shipyard working areas move and 
change with the movement of the construction module; 
hence, it is necessary to be able to detect the construc-
tion module. Furthermore, it is important to identify and 
detect the operation in the work area of the extracted 

 
Figure 1.  Overview of Monitoring System 

(A) Detecting Operation by Image Analysis for Emission of Working Light    (B) Shape of Construction Module on the Small Assembly Shop      

Figure 2.  Detecting Construction Module and Work by an Image Analyses 
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construction modules, because various operations are 
performed in the work area.   
This study proposes a method to estimate the details of 
the operation from a combination of the generated data 
to determine a correlation between simple operations to 
all of the position and time coordinates of the detected 
object. This data is defined as activity labels. It is ex-
pected to estimate the complex information from a 
combination of a wide variety of activity labels. In a 
typical method using the concept of activity label, the 
activity label is applied only to the worker. However, 
arranging position information obtained from the image 
processing system in chronological order; the operator 
and the activity block are assigned activity labels with 
respect to the operation.  
The activity label at the same time and position of the 
block is searched and is replaced with the activity label 
of the work. By repeating this operation, the information 
for the activity labels of operations and the activity 
labels for all modules are integrated. The construction 
process information for module is then generated. Next, 
activity labels for the worker and the process infor-
mation of module are compared. The process infor-
mation of the worker is generated by estimating the 
worker’s operation based on the coincidence of the time 
and place of the worker’s activity labels. 

Process Information for the Operation, Worker and 
Construction Module 

Construction process information obtained by the pro-
posed method is visualized by several types of Gantt 
charts. Figure 3 shows the Gantt chart for the construc-
tion module used in this research. This figure displays 
the operations that each worker is performing by colour 
and outputs the implementation status of the work for 
each constructing module into the subassembly stage. 
The search result of the worker's work trends and wast-
ed movement is expected to be able to take advantage of 
the education and management of each worker. In this 
way, expectation of visualizing the progress of an op-

eration in the assembly shop is very large, in coopera-
tion with the job shop planning and management sys-
tems, and monitoring systems that are actually used in 
the shipyard. Hence, a system with the following func-
tions is developed. In this research, this system is called 
a construction monitoring browser. Figure 4 shows 
some screen snapshots of the following items:
- Confirming the scheduling gap between the pro-

posed and actual plans: The actual construction in-
formation that was planned based on the arrange-
ment planning information and monitoring system of 
the job shop of each module are compared to find 
the scheduling gaps. This comparison allows for tak-
ing advantage of the feedback measures.  
- Linkage of the operational Gantt chart and the cap-

Figure 3.  Gantt chart for Individual Workers 

Figure 4.  Example Outputs of Construction Monitoring Browser
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tured video: By clicking on an operation within the 
Gantt chart, the captured video of this operation and 
the workers who performed the work will be shown 
to assist in determining the cause of any problems.  
- Displaying the heat map for workers and operations: 

Location and frequency of operations such as weld-
ing, grinder, and gouging can be confirmed to take 
advantage of process planning. 

Monitoring using Wearable Smart Devices 

Remained Problems in Previous Research 

The monitoring system using the fixed video camera 
introduced in the previous section generates operational 
information through analysis of the acquired video im-
age. There are several problems with this type of pro-
cessing. For example, process information with the 
wrong position information for the operation and the 
wrong path for the movement of the worker can be 
generated. Further, it is difficult to determine infor-
mation on the relationship between the module and 
workers. The total work hours and the total number of 
workers who worked in the module are not calculated 
correctly. The reason the above mentioned problems 
occur is the difficulty in identifying and collecting  
worker information regarding the detail operations in 
the module by the proposed method.  
In order to analyse the construction process and improve 
productivity, it is essential to correctly identify the actu-
al conditions of operation in the job shop. To realize this, 
it is important to properly grasp the correspondence 
between the work object and the work as well as be-
tween the worker and the work. 

Research Purposes and Approaches 

A new method is proposed to estimate the state of the 
worker using a wearable device and to develop a system 
for obtaining information of the worker and the work. 
Merging the information obtained by the proposed 
method from the information obtained by image analy-
sis can generate a more detailed association for process 
analysis (Mizushima and Hiro et al. 2016). 
In order to carry out a process analysis, it is necessary to 
identify the existence of the work of the workers in each 
time. In addition, it is important to classify the operation 
into the following types of operations:  
- Main Operation: Defined as the generation of  prod-

uct value;  
- Associated Operation: Defined as the essential oper-

ation associated with main operation;  
- Incidental Operation: Defined as the operations re-

quired for the preparation and clean-up of the Main 
and Associated Operations. 

The improvement of productivity is also taken into 
account from the point of view of occupational health. 
Additionally, an understanding of the internal state of 
the worker and the work state by combining the infor-
mation acquired from the wearable terminal are consid-
ered to build a method for estimating the workers’ state 

to enable process improvement.  

Related Researches for Using Smart Devices 

Osawa et al. and Naya et al. proposed the integration of 
multiple types of data for performing an analysis of the 
behaviour of the subject (Osawa and Shima et al. 1996) 
(Naya and Omura et al. 2009). However, the subjects of 
these research efforts are only applying behaviour in a 
narrow limited extent; hence, it is difficult to apply 
these methods to the vast and complex shipbuilding 
activities.  
Fujimori and Omori et al. researched the estimation 
methods for the physical orientation, attitude and posi-
tion of the worker using sensor data from the head and 
chest (Omori and Shirayama 2014) (Fujimori 2015). 
They used smart glasses and an RFID tag (radio-
frequency identification tag) attached to a tool or to the 
ground. Utilizing the data from the sensors attached to 
the worker, the effectiveness of obtaining information 
from places that cannot be captured by a fixed camera is 
proven. However, if this method is used in the actual 
shipbuilding, the RFID tag must be installed at the ship-
yard. A terminal acquires the information from the 
RFID tags and iBeacon; however, there are problems 
within the environment because of the presence of steel 
parts, which inhibits communications.  

Acquired Information from Smart Devices 

The state of the worker is in when executing the re-
quired operations is considered to be the state where a 
worker is achieving a work target related to a piece of 
equipment. Additionally, the state in which the product 
value is given is the state that actually promotes conver-
sion work. This is a state where work light such as 
welding light and heating light is generated. Therefore, 
the operation can be divided into obtaining a state of 
achieving the work target, a state for the hand gear, and 
a state where light emission is detected. 
From the viewpoint of improving processes, the defin-
ing time for non-operational work such as moving to 
next job site will be significantly different, where addi-
tional time required for the work is caused by a break or 
accident. Even during preparation and clean up, there 
are various points for improving the adjustment of the 
equipment or relocating the equipment to perform an 
operation. This paper focuses on the time required for 
the movement by determining the state-of-the-move of 
the worker by using the information obtained from the 
acceleration sensor.  
This research takes into account the magnitude of the 
working load applied to the worker as one aspect of 
occupational health and safety. Using a worker’s heart 
rate as the index, the state of high heart rate for the 
worker is obtained to detect an unhealthy state. General-
ly, the state of higher heart rate is related to a high state 
psychological or physical load; therefore, the state of 
high load should be avoided. 

Acquisition of Work State 

The state from the side of the work object is acquired by 
reading a QR code, which contains information regard-
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ing the required work, using smart glasses. The QR 
code can be printed on the side of the weld line using 
cutting tools or attaching lines to a steel plate using a 
NC marking machine. Similarly, a QR code also may be 
installed on equipment to recognize the correct compo-
nent to be used. 
As shown in Figure 5, the information is converted into 
a QR code and then the QR code is read by the worker 
using smart glasses to extract the information. To identi-
fy the finishing operation or when leaving the module, 
the QR code is read and recognized. The location of the 
QR on the side of the machine determines the state 
where the worker is standing relative to the operational 
side of a target required to perform work.  
To identify the execution of the operation when using a 
machine and materials or leaving the machine and mate-
rials, the QR code is read to recognize of the state where 
the worker has equipment in hand. In this way, the data 
is acquired from the switching of the state from where 
the worker is standing alongside the operation target to 
where the worker has the equipment in hand. It can be 
ensured that the code is read at the initiation of the state 
and end of the state condition. It is possible to distin-
guish between the work composed by this operation 
target and operation type. 

It can be assumed that the worker’s sight includes the 
operation light because a worker is able to see his hand 
or a tool during work. Therefore, operation light is dis-
tinguished in real time by image processing and the 
switching of the state where the light is being detected 
by doing work is acquired while wearing smart glasses. 
The colour in the view is used and the luminous bound-
ary is distinguished because the light is visually recog-
nized in the black view window of a welding mask.  
It is possible to gather this information as a time series 
for every worker. This data can then be combined into a 
figure similar to Figure 6, thereby allowing for the con-
firmation of the operational details for each worker.

 Acquisition of Moving and Internal State of Worker 

A smart phone is attached to the waist of the worker for 
the purpose of acquiring three-axis acceleration data of 
the worker by using the built-in acceleration sensor 
within the phone. The acceleration data is used to esti-
mate the state of the movement of the worker to the 
original movement plan.  
It is possible to use a wristwatch-type device for acquir-
ing the heart rate in real time without obstructing work. 
The period when the heart rate increases beyond a spec-
ified threshold was recorded based on the recorded data. 
This period is considered a worker's state where the 
heart rate is high. The information can be utilized for 
process analysis such as the length of the transit time 
between the work and non-working states. When the 
load is high, the information obtained by the preceding 
section can be merged with the information obtained 
from the wristwatch device.

Context of the Existing Research 

This research interpolates the operation information 
obtained through two different methods; the method 
proposed in this study and the method proposed by the 
pre-study to determine the results regarding the mutual 
state of affairs by combining the methods. Information 
regarding the operational target and operation type is 
referred and candidate plans for the interpolation and 
correction to the results obtained from each type are 
researched. For instance, information for Worker-1 

Figure 6.  Generating Gantt Chart for Individual Construction Workers 

 
Figure 5.  Smart Devices and Analysis Biosensors Data 
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during a certain time period was obtained based on the 
work on Module-A.  
Based on the operation results from the viewpoint of 
Module-A as obtained from existing studies, it is possi-
ble to search the time operation performed in Module-A 
if the operation type was not acquired. Through this 
method, it is possible to presume the operation type 
performed by a worker. When focusing equal attention 
to the operations executed during the time in Block-A, it 
is possible to search the worker who was performing 
similar operations as part of the information obtained 
from this research.  
If the work history to be associated was available, as 
compared to the case where the interpolation and correct 
candidate cannot be found, the work history reliability 
can be regarded as high. 

 Experiment for Using Smart Devices in Shipyard 

With the cooperation of Namura Shipbuilding Co., Ltd., 
this research experimented with information acquisition 
within the environment near the actual shipbuilding 
factory. It was confirmed that information acquisition 
by QR Code, the three-axis acceleration, and a heartbeat 
sensor in the operation flow is feasible with little diffi-
culties. The actual environment was noisy, therefore, the 
merit of the operational light was recognized. However, 
the adjustment problem for detecting operation by light 
remained.  

Utilization of a Factory Monitoring System 

Current Problem Situation and Research Goals  

Generally, in order to improve productivity, it is im-
portant to find problems in the production process and 
to consider appropriate improvements of the construc-
tion process. Accurately grasping the current state of the 
process and operations is important for effectively real-
izing improvements. The Japanese shipbuilding industry 
has been using several management methods of IE (In-
dus-trial Engineering). They are employing methods 
such as work measurement, work sampling, setting 
standard times, process analysis, etc., to enable produc-
tion efficiency of the construction process. However, 

the reduction of administrative staff and the significant 
use of a collaborating construction company have dra-
matically changed the construction process.   
Analysis video and wearable smart devices enable the 
estimation of the worker’s state and active module. 
Through the use of a monitoring system, it became 
possible to define a detailed situation in a job shop. 
However, the utilization method to support productivity 
improvement was not considered. Therefore, the focus 
was on the utilization method regarding the information 
currently available. That is, the problem is solved after 
understanding the process of construction in the PDCA 
cycle of shipbuilding; construction (Do) (Check), the 
information analysis (Act) and improving the Plan 
(Plan).  

Generating Simulation Models

As the amount of information is enormous for a large 
scale shipbuilding process, it is very difficult to find the 
improvement points based on the information at the 
work site. The effectiveness of the simulation for com-
plex systems has been widely known.  Additionally, the 
information of things, such as that information pre-
served in I4.0 has been significant in recent years. How-
ever, modelling a complex job shop system is very dif-
ficult, as is the time required for simulation modelling 
since there is a need to create a large input data file. 
This research attempts to generate the simulation model 
using the monitoring information collected for the pur-
pose of process improvement support by utilizing the 
simulation results (Hiro and Mizushima et al. 2016).  

State Transitions of Factory Elements 

For building a simulator, firstly the state of the elements, 
which enables construction in the shipyard, is defined. 
The elements in shipbuilding can be roughly classified 
into the worker/equipment, which is the working re-
source, and the module, which is a large construction 
target. The state of construction module is divided into 
Hiatus State, Conversion State and Transportation State. 
The Hiatus State is defined as no activity during opera-
tions. The Conversion State is activity for changing and 
adding value to a product. The Transportation State is 

Figure 7.  Flow of Linkage of Monitoring and Simulation 
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activity for carrying a product. The condition of the 
worker/equipment can be classified into the state of 
working in such a module.   
Assembly flow of the final product has been already 
determined in advance through the corresponding pro-
cess at the manufacturing stage. As the block undergo-
ing any operation, the state transition information indi-
cations become a final product of one of the major uni-
ties. State transition has determined the worker perfor-
mance regarding the process in which the work is or-
dered in the same way. This research continues to ex-
press the state transitions of each of these elements as a 
model. 

Simulation Model for Construction in Shipyard 

A simulation model is generated using Petri net. Pro-
duction activities of a job-shop, such as the shipbuilding 
process, are characterized by a parallel and asynchro-
nous activities. Petri nets treats discrete events as a tool 
suitable for expressing parallelism and asynchronous.    

The status of each of the elements, i.e., the Hiatus State, 
Conversion State and Transportation State, represent a 
place or a break of the state that is joined together by the 
transition to indicate the start and end of the event of the 
work. The condition of the state transition is represented 
by the Petri nets. The module and the worker's model 
are integrated by having them share the transition indi-
cating identical operational starting points (Figure 8(A)). 
This enables the module’s and worker's state transition 
to be expressed at the same time, and is simulated by 
providing the necessary information to the factory mod-
el. 

Process Reproduction using Monitoring Information 

The Transportation State of the module, indicated as the 
simulation model in Figure 8(A), is the information that 
has been determined at the design stage. For this infor-
mation, it is possible to carry out the simulation to de-
termine assignment of representative operations for each 
worker as well as the time required for each operation. 
This information is expected to be able to be acquired 

Figure 8.  Sample Results from Shipyard Simulation 



 8 

from the monitoring.  
Using the information obtained by monitoring, the tran-
sition of the model and responsible work of each worker 
is connected. Furthermore, the working time can be 
obtained by monitoring the factory setting. Therefore, it 
is possible to reproduce the conditions of the site and 
monitor the site using the simulation model. In the 
simulation, it is possible to reproduce the different steps 
of the actual module by changing the job assignment 
and the total number of workers. The model specifies 
various conditions for exploring improved processes by 
running the simulation. 

Searching Improvement Process by Genetic Algorithm 

During a construction process requiring a large number 
of operations such as the shipbuilding process, the num-
ber of variable work combinations assigned to this 
simulation and the number of workers are very large. 
Therefore, it is very difficult to search for the optimal 
solution. A search for the improvement process was 
carried out by performing an approximate solution 
search using a genetic algorithm (GA). In addition, two 
evaluation indexes are introduced in the GA; the short-
est total work completion time and the margin of the 
process. The total work completion time is the end of 
the simulation time for one of the work assignments. 
The margin of the process is to calculate the amount of 
the time extension possible for each operation in the 
process, where the total amount was determined to be 
the margin. The Pareto optimality for these two indica-
tors as improvement process is shown in Figure 8(B). 
This simulation was carried out to search for an im-
provement process by considering the pattern of the 
variety of work and the number of people.  

Results of the Improvement Process and Discussion 

Plans for process improvements were explored for the 
three axes of minimizing the working time, maximiza-
tion of the margin and minimization of the number of 
working persons by performing simulations using the 
monitoring information of the actual manufacturing 
processes. Figure 8(B) shows the sample results of sim-
ulations. The total operation time was reduced by 40% 
based on a comparison of the steps for the same opera-
tions and number of actual manufacturing processes. 
Such an improvement process can be applied to similar 
steps carried out in the future. In addition, the shortest 
process for a variety of the work and number of people 

were searched in order to find the optimal number of 
people who meet the operation time commensurate with 
the delivery date. The optimum number of workers 
necessary for the amount of operations that are required 
to meet the delivery time and the entire volume of con-
struction was subsequently found. This information will 
be available for use during the upcoming process plan-
ning.  

Use for Scheduling 

In this research, a simulation of the past processes is 
executed by inputting the monitoring information into a 
working model. The simulation can be run for the future 
processes by providing the assumed value for the work 
time. By searching the suboptimal process simulations 
of such future steps, it is possible to present a better plan. 
Thus, the present simulator may be utilized to support 
planning.  
Since it is technically possible to gain process infor-
mation in the field through real time monitoring, job 
shop planning should be compared to the original plan 
by using the simulation when any deviation occurs to 
prevent reactive scheduling. Through monitoring and 
simulation, the PDCA cycle is used to carry out pro-
gress management and process improvement of the site 
where real-time reduction of cyber-physical systems has 
been achieved (Figure 9). 

Conclusions 

This paper discussed the development of a construction 
monitoring system that is expected to improve the 

 
Figure 9.  Cyber-Physical System in PDCA Cycle 

 
Figure 10.  Cyber-Physical System for Shipbuilding Process Improvement 
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productivity of the shipbuilding process. The authors 
have been developing a system that can extract process 
information using a video image processing method 
intended for small assembly process of the shipyard 
combined with a construction management browser to 
visualize the monitoring information. Based on this 
system, this paper discussed several methods and a 
process to develop a practical monitoring system that 
can be used in shipbuilding activities. 
In order to improve productivity, it is necessary to have 
highly accurate and detailed work information. Howev-
er, only the processing of the video image is difficult for 
acquiring sufficient operation information necessary to 
carry out detailed production management. Therefore, 
using the wearable device and a video camera installed 
at a factory, and then combining the information ob-
tained from the biosensor information and camera im-
age obtained from the device, a method for estimating 
the state of the operator was proposed. The detailed 
operation information extracted from the estimated 
information can be used for analysis process and to 
make improvements. 
After realizing how to extract detailed operation data, 
effectively utilizing a technique for improving produc-
tivity is desired using the working data by effectively 
utilizing a technique for improving productivity is de-
sired. To achieve improved productivity, it is required to 
develop a system for searching possible delay factors 
that reduce productivity from the work history.  
This paper proposed the use of factory simulator and the 
method for generating a simulation model using moni-
toring information. Simulations using GA make it pos-
sible to explore potentially improved process steps ra-
ther than utilizing actual process steps. The GA indicat-
ed the effectiveness of the process improvements as 
supported by the simulator. Analysing the characteris-
tics of the worker from the monitoring information, by 
introducing the results to model, achieving process 
analysis using the more accurate simulation can be ex-
pected. 
Given the challenges and potential of the proposed sys-
tem, it has been left as another problem to expand the 
method into a large-assembly. Additionally, the total set 
not only supports the small assembly process, it can be 
expected to complement the portions that cannot be 
photographed by a video camera through utilizing wear-
able technology. Further, the information to be analysed 
stores the acquired information to construct a flow of 
acquisition and feedback that can immediately instruct 
the operator. The series of information, flexible in ac-
cordance with the time scale This is expected to be a 
process improvement if possible.  
The achievement of the cyber physical systems for re-
ducing the traditional activities in gross business deal-
ings can be expected. The success based on the coopera-
tion of the monitoring and simulation indicates the 
availability of planning for this simulator. 
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Introduction

The procurement, installation and design of the physical

system architecture onboard a vessel accounts for nearly

half of total ship cost (Miroyannis, 2006). Tradition-

ally, subsystems making up a vessel’s system architec-

ture are parameterized in early-stage ship design (ESSD)

and are not directly considered until detailed design. This

can cause infeasible or expensive system architecture de-

signs (ORourke, 2011, 2015a), unnecessary outfit density

(Keane, 2011; Keane et al., 2015), and uncertain vessel

performance (ORourke, 2015b). The cost associated with

these design outcomes has been correlated to product

complexity measures (Birkler et al., 2005; Arena et al.,

2006; Dobson, 2014; Rigterink, 2014) which are driven

by the constructed vessel’s system architecture. However

in ESSD, system architecture is often considered in terms

of naval vessel survivability requirements. This creates a

slowly-developing design relationship where survivabil-

ity requirements, which are defined in ESSD, may have

significant impact on vessel complexity, whose effects are

realized in late-stage ship design. This paper presents a

method to evaluate the naval survivability-complexity re-

lationship in ESSD.

System architecture is the conceptual model that de-

fines the structure and behavior of a system or set of sub-

systems (Jaakkola and Thalheim, 2011). The physical

aspect of system architecture is the structure of subsys-

tems and connections between subsystem components.

While the physical model ignores the behavioral aspects

of system architecture, it gives a perspective of how the

subsystems within the vessel are integrated and operate.

This physical system architecture is dependent on high-

level decisions made in ESSD as well as late-stage design

decisions determined by detailed design and production

planning. The multi-level dependency makes it difficult

to create a high-fidelity model of system architecture in

ESSD that can help predict late-stage design characteris-

tics; in this case, survivability and complexity.

Survivability incorporates many, if not all subsystems

on a vessel in order to stay afloat and operational in dam-

aged conditions. Despite the considerable number of

methods available to evaluate and improve vessel surviv-

ability (Doerry, 2004, 2007; Kok, 2012; Piperakis, 2013;

van Oers et al., 2012), the relationship between surviv-

ability requirements and the physical system architecture

has not been considered. The result is that system archi-

tecture requirements are created for optimal survivability

without understanding how they may impact other ves-

sel attributes. In part, this is because conventional ap-

proaches cannot account for survivability as an input to

system architecture design. To use survivability require-

ments as a variable in system architecture generation, the

requirements must be reduced to controllable parameters

and modeling methods.

Complexity measures are frequently used to evaluate

how difficult a system is to understand (Kolmogorov,

1983; Mitchell, 2009; Ladyman et al., 2013). In a de-

sign effort, they are a prediction of how hard a product

will be to design or produce (Ameri et al., 2008; Sum-

mers and Shah, 2010). Examples of this can be found

in axiomatic design (Suh, 1990) as well as specific ap-

plications to vessel design (Arena et al., 2006; Dobson,

2014). However, it is difficult to use these measures to

improve vessel designs due the limited information about

the physical system architecture in ESSD. Traditionally,

the design detail required to evaluate vessel complexity is



not available until after the point that complexity can be

significantly reduced. This can be seen in Keane (2011)

and Keane et al. (2015) which identify outfit density, a

symptom of U.S. naval system architecture complexity,

as a major cost driver that is realized in detailed-design

or after construction (Kassel et al., 2010). Addressing

complexity earlier in the design process requires an un-

derstanding of how design decisions affect the physical

system architecture.

This paper presents a method to evaluate the effect of

ESSD survivability requirement decisions on vessel com-

plexity. The scalability of this problem will be addressed

through network-based methods (Rigterink, 2014; Dellsy

et al., 2015). Uncertainty of later stage design decisions

will be accounted for in ensemble analysis of projected

vessel attributes. Stochastic routing methods are used to

create models of feasible system architectures which are

evaluated through a functional complexity metric. The

complexity distributions within the ensembles are then

analyzed to identify how survivability requirements af-

fect vessel complexity.

Methodology

In this section, the network representation of survivable

physical system architecture and complexity analysis are

described. Then, a vessel concept design is presented to

demonstrate the methodology.

Physical System Architecture Model

The physical description of a system architecture is usu-

ally CAD-based and developed in detailed design. In

ESSD, the required detail for CAD modeling is not avail-

able (Mistree et al., 1990). Instead, the physical system

architecture can be modeled through geometric relation-

ships, represented as network routings (van Oers, 2011;

Gillespie et al., 2013; Rigterink, 2014; Shields et al.,

2015; Dellsy et al., 2015). Applying a network ves-

sel representation requires defining vessel geometry in a

network simplex V and connectivity between subsystem

components in a network multiplex S.

The vessel geometry network V represents physical

zones within the vessel arrangement as nodes and usable

adjacencies between zones as edges, illustrated in Figure

1. The component connectivity multiplex represents each

subsystem type in the vessel as a network layer. Within

each layer, all components in the vessel are represented

as nodes and the intra-subsystem connections between

components are edges. For example, in the information

exchange network layer, the nodes for the bridge and cen-

tral information center may be connected by an edge, but

they would not be connected by an edge in the chill water

network layer, an example of this is shown in Figure 2.

Modeling the physical system architecture requires

converting the subsystem multiplex S into a set of geo-

metric paths in V . The proposed method randomly se-

lects feasible routings through V to satisfy each edge in

the layers of S based on the component locations in V .

Figure 1. Demonstration of the vessel network rep-
resentation. Four adjacent, connected compartments
are outlined in blue with the network representation
overlaid in red.

Figure 2. Multiplex representation for chill water
(blue) and information exchange (green) subsystems.
All components are included as nodes while edges are
based on the represented system in each layer of the
multiplex.

Routings between components in V are generated by ran-

domly selecting a path from a set given by an all-shortest-

paths network algorithm (Dijkstra, 1959). Figure 3 shows

this process for a single connection of the chill water sys-

tem in Figure 2.

Stochastic routings are a departure from traditional

routing optimization approaches that are often applied in

ESSD (Fiedel et al., 2011; Chalfant, 2015; Chryssosto-

midis and Cooke, 2015; Trapp, 2015). Selecting rout-

ings to optimize a survivability or complexity objective

function does not reflect the survivability-complexity de-

sign relationship. The physical system architecture is

subject to uncertainties caused by detailed design deci-

sions, technology development, and other design consid-

erations. An ESSD optimal is unable to reflect these in-

fluences which will inevitably change the physical vessel

and options for the system architecture. This effect can

be mitigated by examining ensembles of stochastic archi-

tectures with the goal of understanding the statistics of

possible outcomes, not a single optimal design. Thus, in

this paper we will not to generate late-stage design so-

lutions, instead we will use this stochastic approach to

introduce a new analysis method.

Survivability Requirement Parameterization

Survivability requirements come in many forms depend-

ing on the specific vessel and its mission. However, in

ESSD they may be reduced to separation of subsystems

between watertight zones. Watertight zones are separated

by watertight bulkheads that extend from the double-



Figure 3. Demonstration of the routing selection for
physical system architecture modeling. For a compo-
nent connectivity in a layer of S, shortest paths be-
tween the component locations in V are enumerated
and a single path is randomly selected.

bottom to a damage control deck. These bulkheads have

minimal subsystem routing penetrations to ensure their

integrity as well as prevent downflooding. For the pur-

poses of modeling a distribution system, separation re-

quirements can be parameterized as the probability that

watertight bulkhead allows routing penetrations through

a specific adjacency.

The bulkhead permeability parameter ρ defines the

probability that an edge in the vessel network, represent-

ing an adjacency through a watertight bulkhead, allows

routing penetrations. Permeability is modeled in the net-

work representation of the vessel by randomly adding

edges with probability ρ between spaces with adjacen-

cies separated by a watertight bulkhead. This means that

when ρ = 0.0, the bulkheads are fully intact, no edges

of the vessel geometry network V representing a pene-

tration exist, and subsystem separation is at maximum.

Conversely, when ρ = 1.0 the bulkheads become fully

permeable, all penetrating edges in V exist, and subsys-

tem connections may route through any point in the bulk-

heads. Figure 4 shows the process for modeling perme-

ability in the vessel network.

Complexity Analysis

Measures of system complexity can be used to quantify

how hard a product is to understand and design (Ameri

et al., 2008; Summers and Shah, 2010; Ladyman et al.,

2013; Dobson, 2014). Thus the complexity measure of

a physical system architecture should reflect the design

knowledge required to completely evaluate it. Applica-

tion of the proposed routing model enables a count of

the total interactions between components and routings.

This can be used to quantify the information that would

be required to completely evaluate a physical system ar-

chitecture.

Fully enumerating the required design knowledge can

Figure 4. Flow chart for altering watertight bulkheads
in the vessel network V based on the specified perme-
ability ρ.

be accomplished through the theorem of functional com-

plexity presented in Bar-Yam (2003). The theorem states

that for a given system whose function is to be specified,

for which the environmental variables have a complexity

of C(e), and the actions of the system have complexity

C(a), then the complexity of the system function is

C(f) = C(a) · 2C(e) (1)

This is the minimum binary description length of the

function assuming there is no restriction on the actions

and all actions are possible. In terms of the difficulty

in designing a vessel, functional complexity implies that

C(f) is the number of analyses that must be considered

for complete evaluation of an action-environment pair or

in this case a component-routing pair.

Complexity of actions C(a), in this case based on sys-

tem components, and environment C(e), based on distri-

bution system routings, terms in Equation 1 can be calcu-

lated from the network representation of a vessel. Con-

sidering each element of the network V separately, each

physical zone in the vessel are nodes Vi = 1 . . . n and

adjacencies between zones i and j are represented as net-

work edges Vi,j .

Based on this representation, C(a) is the total number

of binary configurations of actions that belong to a node

(space) or edges (adjacency). As such, complexity of ac-

tion for a single element Vi,j is calculated by

C(ai,j) = 2Ai,j (2)

where Ai,j = m and m is number of components lo-

cated in the vessel at location Vi,j .

Complexity of the environment C(e) is the number of

system inputs to a node or edge. In terms of system ar-

chitecture design, the distribution system routings can be

considered environmental factors. For each routing be-

tween two components s and t, the nodes and edges in-

cluded in the routing path have their C(e) increased by

one. Thus, complexity of the environment for a network



Figure 5. Notional concept vessel configuration. Components and their systems demarcations are located in structural
zones and watertight bulkheads marked red. Every component is included in the human movement system which not
shown in the system demarcations. The vessel networkV is overlaid in gray, where adjacencies separated by bulkheads
are determined by the process in Figure 4. Abbreviations: NAME x - component number; Def x - defense system
component; Mech x - mechanical component; CIC x - combat information center; PR MVR - prime mover.

element is the count of paths between component pairs

that use it in a route. This is defined as

C(ei,j) =
∑
s �=t

δs,t(i, j) (3)

where δs,t(i, j) = 1 if the path from component s to

component t passes through network element Vi,j and is

δs,t(i, j) = 0 otherwise.

Combining the calculations of Equations 2 and 3 into

Equation 4, functional complexity of a physical sys-

tem architecture is calculated by summing the functional

complexity of all elements in the network representation

which reduces to

C(f) =
N∑
i,j

2Ai,j+
∑

s �=t δs,t(i,j) (4)

The functional complexity metric is a naive count

of the possible physical system architecture interactions

across all elements in the vessel. This represents the to-

tal number of evaluations needed to fully investigate the

overall system architecture behavior.

Equation 4 scales with modeling fidelity, if nodes rep-

resent large areas and composite groups of components,

functional complexity will decrease. Conversely, decom-

posing components and the vessel representation will in-

crease functional complexity. The scalability of this met-

ric makes it relative, not absolute. This allows it to be ap-

plied throughout the design process to predict the effort

required for system architecture design and integration at

that level of refinement. Additionally, the naive count-

ing approach enumerates possibilities, not the realities of

how they are investigated. Thus, the functional complex-

ity is not a surrogate for a construction level verification

and validation program. Instead, it indicates a magnitude

of effort for later design. In order to examine this, we

define the functional complexity order of magnitude is

C10 = log10(C(f)) (5)

which can relate the physical system architecture to large

shifts in the later stages of the design process. Compar-

ing the magnitude of the future design effort, in combina-

tion with the proposed network model, helps bridge the

gap between ESSD survivability requirements and vessel

complexity.

Survivability-Complexity Study

In this section, the proposed physical system architecture

model and complexity analysis will be applied to a no-

tional vessel concept design. The vessel, shown in Figure

5, is represented in structural zones with components al-

located to zones across the vessel. Three watertight bulk-

heads separate the structural zones into four watertight

zones. The vessel network V represents structural zones

as nodes and adjacencies between them as edges. Adja-

cencies between structural zones separated by the water-

tight bulkheads are created through the process in Figure

4 for each vessel instantiation.

Component connectivity relationships are readily iden-

tified from the vessel configuration: All components need

electrical power from the main and auxiliary generators;

Chill water and operational information are exchanged

between specific sets of component; Emergency opera-

tions require a dedicated power connection from the main

and auxiliary generators to the prime mover; Finally, per-

sonnel must be able to egress throughout the entire vessel

requiring connections from each component to all other

component. The resulting component connectivity multi-

plex S for the vessel is shown in Figure 6.

Given the vessel configuration, system definitions, and

specified bulkhead permeability, the proposed network

model and survivability parameterization were used to

stochastically generate ensembles of physical system ar-

chitectures. The functional complexity of each architec-

ture was calculated to develop a range of possible late-

stage design outcomes based on their characterizing en-

semble. Ensembles were defined by the bulkhead per-



Figure 6. System connectivities S between components in Figure 5. In order from left to right: red - power system;
black - dedicated prime mover power; blue - cooling system; green - information exchange system. Human movement
connectivity is not included, but is a fully connected network.

Figure 7. Boxplot of functional complexity order of
magnitude C10 versus bulkhead permeability ρ. Re-
sults are shown for ensembles of 50 stochastically gen-
erated physical system architectures at each value of
ρ.

meability value ρ = [0.0, 0.1, ...0.9, 1.0] and 50 physical

system architectures were created for each ensemble.

Results and Discussion

The functional complexity analysis results demonstrate

the late-stage design impact of survivability require-

ments. The boxplot of ensemble results in Figure 7 show

that high levels of system separation result in larger C10.

This is supported by the means of ρ = 0.0 and 0.1 en-

sembles shown in Table 1. A pronounced drop in the

ensemble mean is observed at ρ = 0.2. The following

reduction in separation requirements or increasing bulk-

head permeability ρ = 0.2 → 1.0, shows progressively

decreasing mean values of C10.

Variance of C10 within the ensembles shows the sim-

ilar decreasing trend as the mean, with a few excep-

tions. First, the variance at full separation ρ = 0.0 is

the smallest across all ensembles. Immediately after the

smallest variance when ρ = 0.0, it drastically increases

when ρ = 0.1. The increased variance is sustained until

ρ = 0.3 before declining as ρ → 1.0. However, there is

a slight increase in variability at ρ = 1.0 when the bulk-

heads are completely permeable.

From a routing perspective, the results of the ensem-

ble analysis are expected. The decreasing C10 ensemble

Table 1. Ensemble mean and variance of C10 for each
bulkhead permeability ρ.

ρ E[C10] V ar[C10]
0.0 25.29 0.44
0.1 23.25 5.24
0.2 19.62 5.28
0.3 19.02 5.28
0.4 18.13 3.10
0.5 17.26 2.87
0.6 16.32 1.93
0.7 16.21 1.36
0.8 15.68 1.36
0.9 15.39 0.69
1.0 15.27 0.75

mean is a result of the routing choke points above the

watertight bulkheads. When separation requirements are

high, component connections between watertight zones

are likely to route over the bulkheads. This creates dense

routing areas which lead to higher values of C(e) and

translate to significant increases in C10 through the expo-

nent in Equation 4. As the separation requirements are

relaxed, the high density regions are less likely to occur

resulting in progressively lower means.

The variance results are explained similarly to the

mean results. When the possible routes are highly con-

strained at ρ = 0.0, the high routing densities are guaran-

teed, leading to a small variance. Increasing the bulk-

head permeability does not necessarily eliminate rout-

ing density, but potentially opens alternative paths that

result in instances with low values of C10, increasing

the ensemble variance. However, as the bulkhead per-

meability increases, the constraining effects are reduced.

This allows physical system architecture to approach a

purely shortest-path state without the effect of probabilis-

tic bulkhead penetrations. As the ensembles move toward

this state, the C10 variance approaches the variance of

the ρ = 1.0 ensemble. While this is still impacted by

the stochastic routings, which is the likely cause of the

incongruity between ρ = 0.9 and 1.0, the general trend

appears in both Figure 7 and Table 1.

The interaction between survivability and functional

complexity illustrate that small changes in ESSD deci-

sions can have a significant late-stage implications. In the



regions with low permeability ρ ≤ 0.3 the project level

of design effort is not only high, but highly variable. This

indicates that late stage design and integration efforts will

be unpredictable and sensitive to small routing decisions.

Within an ensemble, the location of a penetration may al-

leviate a high density zone, or create another. Further, the

removal of a penetration - equivalent to decreasing per-

meability - may increase the design effort significantly.

Conversely, in regions with low survivability require-

ment ρ ≥ 0.6, functional complexity is relatively lower

with less variance. This indicates late-stage design ef-

forts will be less difficult and more stable with respect

to other design decisions. However, the high ranges of

bulkhead permeability may not be viable for naval vessel.

In this case, additional analysis is required to identify if

specific bulkhead penetrations reliably lead to lower en-

semble means or reduced variance.

The results of this study help explain the comparative

cost growth between naval and commercial design (Arena

et al., 2006). Commercial vessels can have large num-

bers of intricate onboard systems, but the physical sys-

tem architecture is less constrained, enabling manageable

design and construction efforts. On the other hand, the

physical system architecture in naval vessels are highly

constrained, requiring orders of magnitude more effort to

complete.

Conclusion

In this paper, we have described a new perspective for

evaluating the design relationship between survivability

requirements and vessel complexity. Various aspects of

the survivability-complexity relationship have been stud-

ied through physical system architecture optimization

and costing analysis, but the long-term design process im-

plications had not been considered. We believe the meth-

ods presented here allow this relationship to be analyzed

and leveraged.

The network methods we propose are scalable and can

be applied at the start of ESSD without requiring problem

definition or geometric fidelity. As a metric, functional

complexity implicitly scales with the fidelity of the net-

work representation meaning it can be used throughout

ESSD to predict design effort at future levels of refine-

ment. Stochastic routing generation and ensemble anal-

ysis can help account for the design uncertainties of pro-

gressing through ESSD to detailed design and construc-

tion. This perspective and methodology is not predicated

on a quantification of a ship design problem and allows

the survivability-complexity design relationship to be ex-

plored without bias of objective functions or system tem-

plates.

We have demonstrated the utility of our approach with

a concept design study. The network modeling and rout-

ing methodology was shown to generate physical system

architectures at level of detail usable for ESSD analysis.

Additionally, the functional complexity order of magni-

tude metric (C10) captured the effect of scaling surviv-

ability requirements on later design activities. Study re-

sults illustrated the difficulty in designing naval vessels.

When routings were constrained by survivability re-

quirements they frequently produced high complexity

physical system architectures. This, compounded with

high variance, indicate unpredictable and expansive late

stage design efforts. However, when survivability re-

quirements were reduced, vessel complexity and variance

dropped significantly. The difference between these re-

gions may help explain the cost growth and design diffi-

culty seen in the naval domain, especially in comparison

to commercial design.

The work presented here demonstrated how the

survivability-complexity design relationship can be eval-

uated, but is simplistic. Single shortest-path routings do

not capture the many possibilities of physical system ar-

chitectures. Considering permutations on shortest paths

as well as redundant routings may help discover other

design implications of survivability requirements. More

specific models could also identify how high levels of

survivability can be maintained while mitigating the in-

crease in vessel complexity and variance. Additionally,

probabilistic network models may be applied to handle

ill-defined or missing information in the system connec-

tivity multiplex.

The perspective of system architecture design and

methods for generating physical system architecture are

not limited to the survivability-complexity relationship.

Stochastic routings and ensemble architecture analysis

can be applied to any design decision that can be re-

flected in the vessel geometry and system connectivity.

This includes component selection, vessel arrangements,

and changes in hullform. Analysis of the resulting ar-

chitectures can offer new insights into how early-stage

design decisions can influence late-stage vessel perfor-

mance and design success. Combined with the perspec-

tive and methods described in this paper, we hope to see

many new applications in the future.
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Abstract

During the design of any ship it is normal to assess its 
seakeeping behavior. Whether numerical or experimental 
methods are used, they require accurate knowledge of the 
ship’s radii of inertia, usually only calculable in the latter 
stages of design. Various estimation methods are available to 
predict the radii of gyration earlier in the design process, but 
this paper shows that they frequently fail to predict the correct 
value. A semi-empirical estimation method, suitable for use in 
the early stages of design, has been proposed in earlier work 
by the authors and was found to give good predictions of the 
eventual radii of inertia. This paper expands the range of 
ships against which this method was validated from five to 
nine (and sixteen total conditions). The method continues to 
provide good predictions of the radii of inertia over this in-
creased range of ships, and remains suitable for use during 
the basic design stage.

Keywords

Radii of inertia; Weight distribution; Prediction method; 
Seakeeping; Ship motions

Nomenclature

Alateral [m] Projected side area of ship
axx [m] Roll added mass radius of 

gyration
B [m] Beam of ship
b [m] Breadth of item
c [-] Roll radius of inertia coefficient
ceff [-] Ratio between Ieff/Isolid

D [m] Depth of ship
DWT [tonne] Dead weight
DXF [-] file format for 3D objects
GT [-] Gross tonnage
H [m] Effective depth
h [m] Height of item
IGES [-] file format for 3D objects
IMO [-] International Maritime 

Organisation
Isolid [ton·m2] Solid inertia of item

Ieff [ton·m2] Effective inertia of fluid in tank
Ixx [ton·m2] Roll inertia
Iyy [ton·m2] Pitch inertia
Izz [ton·m2] Yaw inertia
kxx [m] Roll radius of gyration
kyy [m] Pitch radius of gyration
kzz [m] Yaw radius of gyration
LCG [m] Longitudinal centre of gravity
LNG [-] Liquefied natural gas 
LPG [-] Liquefied petroleum gas
LT [LT] Long ton (1016 kg)
Lpp [m] Length between perpendiculars
m [tonne] Mass of item
MAPE [%] Mean absolute percentage error
r [m] Radial distance from item to 

reference point
R [-] correlation coefficient
STEP [-] file format for 3D objects
T [m] Draught at midship
TEU [-] Twenty-foot equivalent unit
VCG [m] Vertical centre of gravity
x [m] x-distance from item to reference 

point
y [m] y-distance from item to reference 

point
[m2] Roll radius of inertia coefficient
[-] Roll radius of inertia coefficient

 [tonne] Displacement of ship

Introduction

A ship’s mass radii of inertia strongly influence its 
seakeeping performance. For example, the pitch radius 
of inertia (kyy) affects pitch motions and therefore also 
vertical accelerations, deck wetness and added 
propulsive resistance in waves. The roll radius (kxx) and 
yaw radius (kzz) of inertia have a similar influence on 
roll, yaw and transverse accelerations, affecting comfort 
and the loads acting on cargo.



To predict the seakeeping performance (numerically or 
experimentally) of a ship during design requires an 
understanding as well as prediction of the radii of 
inertia. These can only be calculated late in the design 
process once a detailed knowledge of the distribution of 
weight through the ship is available. Earlier in the 
process the designer must rely on estimation techniques.

A number of estimation approaches are available, 
normally based on assuming the radius of inertia is 
some fixed fraction of the length or beam. Grin and 
Fernandez (2015) demonstrated that small errors in this 
estimate can lead to large errors in predicted motions, 
and proposed an estimation method which gave more 
accurate results for a small range of example ships. 

This paper aims to provide further validation of Grin & 
Fernandez’s method by applying the method to a wider 
range of example ships and comparing the radii of 
gyration estimated by that method with those calculated 
from known mass distributions.

Ship Description

The radii of inertia are calculated for five ships. For four 
of the ships two loading conditions have been 
investigated. Together with the four ships used by Grin 
and Fernandez (2015) (results listed in the appendix for 
convenience), this brings the total number of conditions 
that have been investigated to 16. Table 1 shows the 
main dimensions of the ships and a summary of the 
loading conditions. In this table the effective depth (H) 
is defined as the projected side area of the ship divided 
by the Lpp (see Eq. 1). Fig. 1 shows the side view of the 
ships together with the rectangle based on the Lpp and H.= (1)

The 6,000 m3 LPG carrier is a double hull vessel built in 
2000. She has three equal sized self-supporting 
cylindrical cargo tanks carrying fully refrigerated liquid 
gases like LPG, ammonia and ethylene. The gas 
handling equipment is located in a deckhouse across the 
trunk deck. Two loading conditions were considered: a
ballast condition and a full load condition with all tanks 
filled with LPG.

The second ship is a Panamax bulk carrier built in the 
1980s. Two loaded conditions are considered, one with 
a cargo of iron ore with a stowage factor of 9 cubic feet 
per long tonne and one with grain (55 cu ft/LT). In the 
first case four cargo holds were filled while in the 
second case all holds were filled. Note that in the 
appendix an 183,000 DWT bulk carrier is also 
described. 

The third and fourth ships are both general cargo ships 
with a DWT of 12,500 and 8,000 tonnes respectively. 
Both series of vessels were built between 2000 and 
2010. The ships have approximately the same layout, 
except that the larger vessel has two cargo cranes on the 
side and two cargo holds. For both ships, a ballast and a 
homogeneous full load condition were evaluated. The 
stowage factor of the cargo was 1.0 m³/tonne (55 cu 
ft/LT) for the 12,500 DWT vessel and 1.7 m³/tonne (60 
cu ft/LT) for the 8,000 DWT vessel.

The fifth ship is a frigate of the Leander class. In total 
26 ships were built in the 1960s and 1970s and 
upgraded in the early 1980s The Lpp is officially 109.7 
m; however this is the length on the waterline. When the 
length is measured to the rudder stock, as it is for the 
other ships, it is 106.2 m 

6,000 m³ LPG carrier  , 77,500 DWT Bulk Carrier  , 

12,500 DWT General cargo vessel  , 8,000 DWT General cargo vessel  , 

Frigate 

Fig. 1:  Side view of example ships with rectangle Lpp·H



Table 1: Main dimensions and loading condition of example ships

    

6,000 m3  
LPG Carrier 

77,500 DWT  
Bulk Carrier 

12,500 DWT  
General Cargo 

8,000 DWT  
General Cargo Frigate 

           

    
Full load Ballast Full load  

Iron Ore 
Full load 

Grain 
Full load 
homog. Ballast Full load 

homog. Ballast Full load 

Lpp [m] 107.0 233.7 134.0 120.0 106.2 

B [m] 17.6 32.2 19.0 16.6 13.1 

D [m] 9.8 18.7 11.0 10.0 8.6 

H [m] 17.1 22.0 17.2 15.8 12.1 

T [m] 7.1 5.4 13.6 11.5 7.9 5.3 7.0 5.0 4.2 

 [tonne] 10,095 7,380 88,874 74,426 17,000 10,500 11,500 7,900 3,100 

VCG [m] 7.2 6.6 6.1 10.7 7.7 6.4 6.9 6.0 4.9 

LCG [m] 52.4 50.4 120.2 120.6 65.5 67.5 61.0 60.4 52.8 

Ship Motions

The radii of inertia have direct influence on the ship 
motions. Depending on the hull forms and the loading 
conditions, we can find interesting cases in which the 
influence of the radii of inertia is significant. In Grin 
and Fernandez (2015), a study for four different ship 
types was performed using linear strip-theory. For 
instance a 20% increase of the peak roll response was
computed per 0.01 increase of the kxx/B for the LNG 
carrier and a 7% increase of the wave added resistance 
per 0.01 increase of the kyy/Lpp for the bulk carrier. In 
that previous paper a more detailed description of the 
study and its conclusions is given. Within this paper the
effect of kxx on the parametric roll risk is shown.

Parametric Roll

Parametric roll is a dangerous phenomenon which might 
occur in head and/or following waves and could result 
in large roll angles. Parametric roll does not appear for 
all hull forms. It is most likely expected for those hull 
forms in which the GM variation per meter wave height 
is large and roll damping is low. Over the past several 
years the modelling of the parametric roll has evolved 
from a simple analysis of the Mathieu equations to 
complex 3D models. As the kxx of the ship changes the 
value of the natural roll period, a bad prediction of this 
value could lead to a misleading prediction of the 
appearance of parametric roll. Below, an example using 
the well known C11 containership (Shin et al, 2004) is 
shown.

The Mathieu equation is a second order differential 
equation which models vibrating systems, Eq 2. This 
equation has been used extensively to model the 
appearance of parametric roll over recent years. There is 
no analytical solution for the Mathieu equation, but it is 
possible to calculate for which values it is stable or 
unstable. The stability diagram for the Mathieu equation 
is formed by a set of regions of stability and instability 
(Recktenwald, 2006).

Usually, this diagram is represented as a function of two 
dimensional parameters ( and ), see Eq. 2.

( cos( )) 0x x (2)

There are different methods to calculate these values. In 
the present case a method in accordance with Shin et al 
is employed. In Fig. 2 the results for the two different 
values of the radii of inertia are shown in a so-called
Ince-Strutt diagram. In this case the ship speed is 
maintained so the encounter frequency is the same for 
both cases. As the radii of inertia are different in each 
case, the values and ) are also different because they 
depend on the natural frequency of the ship. In that way 
it is possible to see how the stability of the Mathieu 
equation varies depending on the value of kxx.

Fig. 2:  Ince-Strutt diagram for C11 containership

It can be appreciated in the figure that the differences in 
the radii of inertia could lead to a misleading estimation 
of the stability of the Mathieu equation. If kxx is 0.45B 
(green triangle) the ship’s natural frequency is lower,
which leads to a pair lower than if kxx was 0.35B
(red square).
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In the present case the estimation of the kxx through the 
rule of thumb 0.35B is conservative. However problems 
could arise if the situation is reversed, which it could be 
for different combinations of loading condition and 
wave conditions.

Detailed Weight Calculations

Computing the inertia of the rigid body of a ship   would 
appear to be straightforward. After all, detailed ship 
models are available in electronic form, and in past 
decades an immense amount of work has been dedicated 
to product model exchange standards, such as DXF, 
IGES and STEP, so a detailed weight breakdown of the 
empty ship should be readily available, and can be 
utilized to compute the inertias. However, on the 
contrary, weight breakdown data are hard to find, and 
are certainly not universally available in a standardized 
format. At best, a spreadsheet may be available 
containing weight data of variable granularity, 
sometimes fairly detailed, but more often only rough, 
e.g. with some 80% of the light ship weight divided into
four portions: aft ship, midship, fore ship and engine 
room equipment. For the benefit of the determination of 
longitudinal strength, a longitudinal weight distribution 
is more often available; however, this normally lacks
data on vertical and transverse location and the extents
of individual ship components.

The authors postulate two explanations for this 
situation. In the first place the dream of a centralized 
product model, as chased for the past decades, did not 
materialize. This paper is not the place to elaborate on 
this thesis, but backgrounds and motivations can be 
found in Koelman et al. (2015). Secondly, there is no 
incentive for the owner of these data (i.e. the shipyard, 
designer or ship owner) to share them with others. One 
of the authors saw this phenomenon in action some 
years ago when the feasibility of a Joint Industry Project 
on a method for probabilistic steel weight estimation 
was investigated. Apart from practical issues, such as 
raw data collection, the major limiting factor for this 
project was the fear of competition. Even when the data 
would only be available in an anonymous form, not 
traceable to a particular ship or project, quite a few
potential participants were reluctant to assist in creating 
a tool that would help the competition to design and 
built their type of ships. Such a project would rely on 
the foundation of a rich data base, But the commercial 
downsides were sufficient to dissuade a critical mass 
from participation.

Inertia of Fluids in Tanks

Fluids in tanks have a different inertia when compared 
to solids. Depending on tank geometry and filling height 
the ratio between the effective inertia and the solid 

inertia varies between close to 0 (fluid in a sphere) 
and 1 (fluid ‘frozen’). Widmayer (1953) showed that the 
ratio for a fully filled two dimensional elliptical tank is 
given by Eq 3:
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Where b/h is the ratio between the major and minor 
axis. When b is equal to h (sphere) the ratio is 0, which 
means that the liquid is not contributing to the inertia. 
When b is much larger (or smaller) than h, the ratio 
approaches 1 and the fluid can be regarded as ‘frozen’. 
Widmayer experimentally determined the inertia for a 
few more tank shapes: a torpedo shaped tip tank of a 
wing, a cylinder and a cuboid. For all these shapes the 
resulting inertia ratio is somewhat higher but near to the 
theoretical ratio for an ellipsoid. It was also shown that 
the inertia of fluids in partially filled tanks is similar to 
the fluid inertia of fully filled tanks with the same 
volume. 

From the above it might be concluded that Eq. 3 can 
therefore be used to estimate the inertia of tanks 
containing fluids.

Results for Example Ships

For each of the five ships a detailed weight distribution
was made (see Table 2). Depending on the ship, detailed 
information was available for between 250 and 500 
individual items. For these items, mass and centre of 
gravity in x- and z-position was available. The y-
position and the dimensions were not available for many 
of the lightweight items and estimates were made on the 
basis of the general arrangement. For all items their own 
inertia and distance to the ship’s centre of gravity 
(parallel axis theorem or Steiner’s rule) was accounted 
for. For most items their own inertia was estimated 
assuming a cuboid. Only for the heavy items (like the 
cylindrical cargo tanks of the LPG carrier) was their real 
shape accounted for. 
It must be mentioned that the information on the steel 
weight of the hull consisted of relatively large ‘blocks’. 
This required some additional subdivision and 
accompanying estimates. For the general cargo vessels 
the subdivision resulted in plate fields of around 3.5% 
of the total steel weight. For these items their own 
inertia was accounted for. For the LPG carrier and bulk 
carrier the individual plate fields were less than 0.1% of 
the steel weight and it was considered safe to neglect 
their own inertia. 



Table 2:  Radii of gyration from detailed weight distribution

    

6,000 m3  
LPG Carrier 

77,500 DWT  
Bulk Carrier 

12,500 DWT  
General Cargo 

8,000 DWT  
General Cargo Frigate 

           

    
Full load Ballast Full load  

Iron Ore 
Full load 

Grain 
Full load 
homog. Ballast Full load 

homog. Ballast Full load 

kxx/B [-] 0.335 0.435 0.351 0.364 0.374 0.448 0.357 0.434 0.350 

kyy/Lpp [-] 0.255 0.247 0.254 0.247 0.250 0.287 0.243 0.274 0.221 

kzz/Lpp [-] 0.255 0.248 0.257 0.250 0.251 0.288 0.245 0.276 0.221 

Estimation of Roll Radius of Inertia

Most estimation methods for the roll radius of inertia 
include the roll added mass (axx) as they are used to 
estimate the natural period of roll. These methods often 
relate kxx to the beam of the ship. Commonly used 
values for kxx/B range between 0.3 and 0.45 depending 
on ship type and loading condition. 

Empirical methods that include multiple parameters are 
for instance Kato (1956) and Morita (1982) (IMO, 
2005). The latter has been used within the IMO intact 
stability rules (IMO, 1993). This method predicts the 
roll inertia including the added mass (axx). In order to 
make a fair comparison possible, an estimate of the 
axx/B is subtracted (Eq. 4). Within this paper a value of 
0.05 is adopted. When compared to the results of the 
detailed weight distribution, the IMO estimate generally 
results in an underprediction of the kxx (see Table 3). 

0.373 0.023 0.043
100

xx xxk aB Lpp
B T B

(4)

Vossers (1962) assumed that to calculate kxx, a ship can 
be approximated by a rectangular beam. He assumed 
that it should range between a homogeneous beam (Eq. 
5) and a rectangular tube with a wall thickness of 
0.025B. With this limited wall thickness this is 
relatively close to a thin walled tube with open ends 
(Eq. 6). According Vossers, the c value ranges between 
0.289 ( 1/12 ) and 0.397 (tube with thickness 0.025B). 
Note that for double hull ships carrying cargo with a
low stowage factor like iron ore, the approximation of a 
homogeneous beam does not apply. These ships have a 
c-factor of less than 0.289. 

2 2 1
12( )    with   xxk c B H c (5)

1
12 ( )xxk B H (6)

Grin and Fernandez (2015) proposed to use the effective 
depth, a combination of the beam and tube 
approximation and a correction for the centre of gravity 
(Eq. 7). In this approximation the -factor was either 
BH for ships with the mass relatively far from the centre 
of gravity, or 0 in cases where the mass was more 
homogeneously distributed. It worked well for the four 
example ships used at that time (see appendix). When 
the present set of example ships is included, larger 
deviations are observed (see Table 3).

22 2

12 2xx
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Eq. 8 shows the improved formulation in which the 
-factor in the numerator has been replaced by a -

factor in the denominator. In addition a fluid cargo 
correction has been added, which is 0 for solid cargo 
(cfluid = 1). 
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The -factor depends on the cross-section. For double 
hull ships or ships with wing tanks sailing in ballast 
condition, the -factor ranges from around 7 to 11. On 
the basis of the 16 example ships a value of 9.8 is 
suggested. For ships in loaded condition with a more or 
less homogeneous mass distribution and relatively high 
stowage factors a -factor of 11 is suggested (range 
roughly 9-13). For ships carrying cargos with low 
stowage factor or a large portion of the mass close to 
centre of gravity a -factor of 14.7 is suggested 
(approximate range 12-16). In Table 3 and the appendix 
the adopted -factors are shown for the example ships.

The roll inertia of the ‘frozen’ LPG cargo is around 
68,000 tonnes·m², which is about 16% of the total 
inertia. As the three tanks have a cylindrical cross 
section, the cfluid is 0, which means that the LPG cargo 
itself does not contribute to the inertia. For this reason
the kxx goes from 0.372 to 0.342.



Table 3:  Estimation of dimensionless roll radius of gyration (kxx/B)

    

6,000 m3  
LPG Carrier 

77,500 DWT  
Bulk Carrier 

12,500 DWT  
General Cargo 

8,000 DWT  
General Cargo Frigate 

           

    
Full load Ballast Full load  

Iron Ore 
Full load 

Grain 
Full load 
homog. Ballast Full load 

homog. Ballast Full load 

Weight calc. [-] 0.335 0.435 0.351 0.364 0.374 0.448 0.357 0.434 0.350 

IMO Res. A.749 [-] 0.334 0.352 0.277 0.287 0.321 0.348 0.326 0.348 0.349 

Grin&Fernandez [-] 0.410 0.506 0.381 0.350 0.393 0.491 0.402 0.500 0.394 

Eq. 8 [-] 0.342 0.460 0.351 0.365 0.355 0.447 0.364 0.455 0.358 

[m²] 0 301 0 0 0 326 0 262 0 

[-] 14.7 9.8 14.7 11.0 14.7 9.8 14.7 9.8 14.7 

Fig. 3 shows how well the approximations correlate to 
the radii calculated from the detailed weight 
distribution. All points would be on the diagonal (solid 
line) for a perfect prediction. The dashed lines show the 
5% error bounds. The correlation is given in terms of 
the correlation coefficient (R). As the correlation 
coefficient does not show the bias, the mean absolute 
percentage error (MAPE) is also given (see 
Eq. 9). From the plot it is clearly shown that Eq. 8 fairly 
accurately predicts the roll radius of gyration, whereas 
the IMO method gives a poor prediction in general.

1

1 n
weight distr estimate

i weight distr

k k
MAPE

n k
(9)

Fig. 3:  Cross plot kxx/B for IMO method and Eq. 8

Estimation of Pitch and Yaw Radius of Inertia

The pitch and yaw radius of gyration are generally taken 
as 0.25Lpp. As this generally gives a fairly good 
prediction there has been little incentive to develop 
more complex estimation methods. The only exception 
is using the longitudinal weight distribution as a basis 
(see Eq. 10 and Fig. 4). This summation neglects the 

second integral over the height (or width) as given in 
Eq. 11, as it is assumed to be small compared to the 
integral over the length. This commonly used 
approximation can be somewhat improved by including 
the height or width components in a simplified way. In 
addition the correction for fluid cargo is added (see Eq. 
12 and 13).
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Fig. 4:  Approximation of kyy on the basis of the 
longitudinal weight distribution.

The correction for the effective pitch and yaw inertia of 
the LPG cargo (instead of solid inertia) is small and 
reduces the kyy/Lpp and kzz/Lpp by only 0.001. 

Fig. 5 and 6 show the cross plots for kyy/Lpp and kzz/Lpp.
They show that Eq. 12 and 13 have very good 
correlation and a low MAPE. The 0.25Lpp estimate 
gives a relative good prediction for many of the ships,
but not for the frigate, the cruise vessel and the vessels 
in ballast condition.
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Fig. 5:  Cross plot kyy/Lpp for 0.25Lpp and Eq. 12 Fig. 6:  Cross plot kzz/Lpp for 0.25Lpp and Eq. 13

Table 4:  Estimation of dimensionless pitch and yaw radius of gyration (kyy/ Lpp and kzz/Lpp)

    

6,000 m3  
LPG Carrier 

77,500 DWT  
Bulk Carrier 

12,500 DWT  
General Cargo 

8,000 DWT  
General Cargo Frigate 

           

    
Full load Ballast Full load  

Iron Ore 
Full load 

Grain 
Full load 
homog.     

Full load Ballast 

kyy/Lpp 

Weight calc. [-] 0.255 0.247 0.254 0.247 0.250 0.287 0.243 0.274 0.221 

0.25Lpp [-] 0.250 0.250 0.250 0.250 0.250 0.250 0.250 0.250 0.250 

Eq. 12 [-] 0.252 0.243 0.257 0.249 0.245 0.282 0.247 0.282 0.211 
kzz/Lpp 

Weight calc. [-] 0.255 0.247 0.257 0.250 0.251 0.288 0.245 0.276 0.221 

0.25Lpp [-] 0.250 0.250 0.250 0.250 0.250 0.250 0.250 0.250 0.250 

Eq. 13 [-] 0.252 0.243 0.257 0.249 0.245 0.282 0.247 0.282 0.211 

Conclusions

There is traditionally a split between 3D engineering 
tools that assist the design of the hull structure (and 
other lightweight items like piping, cabling and 
machinery) and tools that assists the calculation of the 
hydrostatics, stability and longitudinal strength. In 
contrast to properties like the centre of gravity and 
weight per metre ship length, the radii of inertia are 
typically not calculated and seldom shared between 
these tools. As a consequence the radii of inertia are 
unknown for most ship designs and rules of thumb are 
used. 

However, the radii of inertia are equally as important for 
predicting the seakeeping behaviour as for instance the 
longitudinal centre of gravity or the transverse 
metacentric height. Depending on hull shape and 
loading condition, a relatively small change in radius of 

inertia could result in a large change in the peak 
response of for instance the roll motion or wave added 
resistance. It is important to realise that not only the 
amplitude of the peak changes but that the associated 
wave period may shift as well. An incorrect prediction 
of the radii of inertia could therefore result in an
incorrect prediction of the ship performance. It might 
even result in a potential risk, in case for instance 
parametric roll occurs in different conditions than 
predicted.

Detailed weight distribution were obtained for 9 ships of 
different size and type. For most of these ships two 
loading conditions were investigated, resulting in 16 
conditions in total. 

The effect of fluid cargo like LNG or LPG was taken 
into account. As the effect on the inertia is substantial, a 
‘frozen’ fluid assumption cannot be used in the case of 
large quantities of fluid. For smaller quantities of fluid 
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like e.g. fuel and water ballast, the fluid can be assumed 
‘frozen’ as it does not substantially affect the total 
inertia.

Existing rules of thumb and (empirical) prediction 
methods fail to accurately predict the roll radius of 
inertia for most of the 16 conditions. The semi-
empirical method proposed in this paper gives a 
prediction with a mean absolute percentage error of 4%
for these conditions. The method is based on first 
principles and is independent of ship size and type. The 
only empirical factor within the method is dependent on 
loading condition and makes a fairly limited 
contribution. This makes the proposed method easy to
use, with limited risk of inconsistent predictions.

The existing rule of thumb of 0.25Lpp for the pitch and 
roll radii of inertia is a good first estimate if more 
detailed data are absent. However, it fails to provide an 
accurate prediction for the frigate, the cruise vessel and 
the vessels in ballast condition. The proposed method 
with the longitudinal weight distribution and a 
correction on height or beam gives more reliable 
estimate, with a mean absolute percentage error of 2%.
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Appendix –Results for Additional Example Ships

183,000 DWT Bulk Carrier , 

13,000 TEU Container vessel, 8t/TEU 13,000 TEU Container vessel, 12t/TEU 

173,000 m3LNG Carrier 100,000 GT Cruise vessel 

Fig. 7:  Side view of additional example ships with rectangle Lpp·H

Table 5:  Main dimensions and loading condition of additional example ships

    

183,000 DWT  
Bulk Carrier 

13,000 TEU  
Container Ship 

173,000 m3  
LNG Carrier 

100,000 
GT Cruise 

Ship 

         

    Full load Ballast 8T/TEU 12T/TEU Full load Ballast Full load 

Lpp [m] 282.9 355.3 291.7 271.2 

B [m] 45.8 48.9 46.4 36.4 

D [m] 25.1 30.3 26.3 23.8 

H [m] 28.9 52.8 44.0 35.0 46.4 

T [m] 16.5 5.4 15.1 14.0 11.6 9.8 8.0 

 [tonnes] 180,000 53,200 184,000 165,500 115,700 100,400 55,200 

VCG [m] 14.1 16.1 22.7 22.3 17.7 12.6 17.8 

LCG [m] 147.6 137.7 170.9 170.9 146.7 146.0 127.2 

Table 6:  Estimation of dimensionless roll radius of gyration (kxx/B)

           

Weight calc. [-] 0.322 0.424 0.435 0.379 0.341 0.432 0.496 

IMO Res. A.749 [-] 0.264 0.393 0.243 0.249 0.288 0.305 0.310 

Grin&Fernandez [-] 0.342 0.413 0.431 0.388 0.440 0.452 0.490 

Eq. 7 [-] 0.309 0.379 0.450 0.406 0.309 0.414 0.510 

[m²] 0 1325 0 0 1624 1624 0 

[-] 14.7 9.8 11.0 11.0 11.0 9.8 11.0 

Table 7:  Estimation of dimensionless pitch radius of gyration (kyy/ Lpp)

           

Weight calc. [-] 0.244 0.271 0.256 0.246 0.239 0.259 0.291 

0.25Lpp [-] 0.250 0.250 0.250 0.250 0.250 0.250 0.250 

Eq. 12 [-] 0.245 0.268 0.246 0.249 0.235 0.254 0.293 

Table 8:  Estimation of dimensionless yaw radius of gyration (kzz/Lpp)

           

Weight calc. [-] 0.247 0.275 0.256 0.247 0.242 0.261 0.289 

0.25Lpp [-] 0.250 0.250 0.250 0.250 0.250 0.250 0.250 

Eq. 13 [-] 0.247 0.270 0.245 0.248 0.236 0.255 0.291 
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Abstract  

This paper presents a comparative study between assumed 
stress spectra and stress spectra derived from hull monitoring 
system data, with respect to the fatigue life at three different 
welded joints of a naval high speed light craft. The Palmgren-
Miner rule, combined with Eurocode 9 construction details 
and fatigue resistance data, is applied to the stress spectra to 
calculate the fatigue life. This work has been motivated by the 
need to improve life-of-type evaluations of high speed naval 
vessels with semi-planing hullforms, which are required to 
perform demanding operations.  It is shown that stress spectra 
derived from full-scale measurements are best modelled by 
Gaussian functions. Use of the largest stress cycle corre-
sponding to design sagging and hogging load cases leads to 
conservative fatigue life estimates in comparison to analysis 
based on the derived spectra and fleet maintenance data, even 
when a 10-4 probability of sustaining the design loads is con-
sidered. The use of standardised stress spectra in fatigue 
analysis of naval high speed light craft offers benefits though 
requires further consideration of the characteristic fatigue 
loads and wave environments. 

Keywords 

Aluminium welded joints, fatigue, high speed light 
craft,  stress spectrum 

Introduction 

Fatigue loading on ships is mainly due to combined 
global wave and slamming induced stresses (Fricke and 
Paetzold, 2010). Slamming occurs when the bow of a 
ship emerges from one wave crest and then re-enters 
with significant impact into the next wave. This can 
impart significant local impact loads and cause hull 
girder whipping; high frequency hull vibrations at a 
frequency near that of the hull’s natural frequency. The 
whipping responses are superimposed on the low fre-
quency wave load responses and significantly increase 
the number and magnitude of fatigue loading cycles 
(Phelps and Morris, 2013). For high speed light craft 
(HSLC) slam induced stresses can be relatively large 
due to the light displacement, shallow draft, and rela-

tively high speed operations in varying sea environ-
ments (Magoga et al., 2014). This is particularly the 
case for small naval vessels required to maintain a high 
operational tempo (Sheinberg et al., 2011; Tuitman et 
al., 2013).  
With increasing use of semi-planing and planing hull-
forms and lightweight materials such as marine-grade 
aluminium, in addition to examples of fatigue failures in 
such craft, the need to develop rigorous lifetime load 
spectra has been recognised (Collette and Incecik, 2006; 
Engle et al., 1997; Kramer et al., 2006; Magoga et al., 
2015). Options to establish a lifetime fatigue load spec-
trum, required in fatigue life evaluation, include spectral 
analysis, time-domain analysis, and simplified analysis. 
Spectral analysis considers the operational conditions of 
a ship by dividing different operational modes by speed, 
heading, and significant wave height for a specific wave 
scatter diagram. Typically, this method assumes linear 
load effects and stress responses, and is performed in 
the frequency domain. However, its utilisation to accu-
rately estimate load distributions and actual stress rang-
es of HSLC is restricted due to the difficulty in predict-
ing the highly nonlinear relationship between applied 
loading and fatigue life (Collette and Incecik, 2006; Det 
Norske Veritas, 2011). In comparison, there are time-
domain seakeeping codes available to calculate nonline-
ar loads to be transferred to structural models. However, 
coupled hydrodynamic-structural analysis is very time 
intensive, has tended to be limited to assessment of 
details, and requires validation via full-scale trials data 
(Sheinberg et al., 2011; Tuitman et al., 2013). In view 
of the above issues, it is suggested that practical proce-
dures to generate standardised load histories for imple-
mentation in simplified fatigue life prediction of HSLC 
may be of benefit (Kramer et al., 2000). 
Simplified fatigue analysis assumes a stress history or 
spectrum at the detail, characterised by the shape, mean 
and maximum of the stress cycles. An appropriate prob-
ability level is allocated to a reference stress. Stresses 
are generally based on rule loads and may be calculated 
by an analytical approach or the Finite Element Method. 
As summarised by Horn et al. (2009), many classifica-



tion societies assume that the long term distributions of 
stress ranges at local details are described by the 
Weibull distribution. This interpretation differs from a 
study of strain measurements of commercial ships 
which, as summarised by Fricke and von Lilienfeld-
Toal (2008),  demonstrated that the long-term distribu-
tion of cyclic stresses induced by wave loads is largely 
linear. This latter approach is provided in Germanischer 
Lloyd’s (GL) Rules for Classification and Construction 
– Seagoing Ships (2013). 
Nonetheless, from a review of the literature and classifi-
cation rules by the authors, there appears to be little 
information on the applicability of standardised stress 
spectra for HSLC. Design guidance for fatigue life es-
timation of HSLC receives less support than for steel 
ships (Soliman et al., 2015). As such, there is a level of 
uncertainty associated with use of simplified fatigue 
analysis for HSLC, especially for naval vessels operat-
ing in demanding environments.  
This paper presents a comparative study between as-
sumed stress spectra and derived stress spectra from 
strain measurements, with respect to the fatigue life at 
three structural details of naval aluminium HSLC. The 
study platform is an aluminium patrol boat, for which 
the results of finite element analysis and hull monitoring 
system data are available. Using this information, the 
accuracy of Linear, Gaussian and Weibull modelling of 
the derived stress spectra is investigated in two ways; 
firstly via goodness of fit, and secondly by comparing 
the fatigue life at the three details based on the derived 
and modelled spectra. The fatigue life is estimated using 
the Palmgren-Miner rule applied to fatigue resistance 
data for welded aluminium structures. This is followed 
by an examination of the sensitivity of fatigue analysis 
to standardised stress spectra, characterised by the max-
imum and number of stress cycles. Finally, recommen-
dations for further work are proposed. The results of this 
study enable the informed selection of the service life 
stress spectrum for use in life-of-type evaluation of 
naval HSLC with demanding operational requirements. 

Analysis 

Study Platform 

The study platform is the 56 m Royal Australian Navy 
Armidale Class Patrol Boat (ACPB). The ACPBs fea-
ture a semi-planing hullform, and were constructed from 
marine-grade aluminium alloys. The vessels were de-
signed and built by Austal Ships and classed by Det 
Norske Veritas (DNV) to be compliant with High 
Speed, Light Craft and Naval Surface Craft rules (Det 
Norske Veritas, 2011). The design life of the ACPBs is 
20 years. 

Finite Element Analysis 

Finite Element Analysis (FEA) is utilised for the fatigue 
life evaluation. A global model of the ACPB structure 
has been developed, and validated, in the commercial 
FEA package MAESTRO 10.0.1 (2013). The model is 
shown in Fig. 1.  

 
Fig. 1: Finite element model of ACPB with example 

embedded fine mesh 

The overall stiffness of the structure is represented in 
the model. The mesh is relatively coarse to compute the 
global stress distribution of primary members of the 
hull, though several areas of the model have undergone 
mesh refinement (embedded fine mesh models) to allow 
geometric stress concentrations to be resolved. These 
include nominal stresses, stresses due to structural dis-
continuities, and attachments. In general, the model has 
shell elements for plating and areas of mesh refinement, 
and beam elements for stiffeners and girders. 

Analysis of Hull Monitoring System Data 

During the build of the last ACPB, HMAS GLENELG, 
the Defence Science and Technology Group collaborat-
ed with Austal Ships to commission a Hull Monitoring 
System (HMS). The aims of the project were to develop 
a structural fleet management capability, and to demon-
strate the application of a versatile network using spe-
cialised sensors on a naval platform (Gardiner et al., 
2008). The HMS operated from May 2009 to February 
2014.  
The HMS was comprised of accelerometers, strain 
gauges, torsionmeters to measure shaft power, a six 
degree of freedom rigid body motion reference unit, and 
a Global Positioning System (GPS). The sensors were 
programmed to continuously collect and return data to a 
computer for storage. Most of the strain gauge signals 
were sampled at 50 Hz.  
In this paper data from three strain gauges are consid-
ered. The locations of these gauges are displayed in Fig. 
2. Strain gauges A, B and C were installed in 2012, in 
order to better understand the stresses induced in a pillar 
and the surrounding structure in the engine room: 
- Strain gauge A was situated below the weld toe of 

the forward bracket of the pillar.  
- Strain gauge B was installed 0.55 m aft of the pil-

lar, on the underside of the main deck plating, ap-
proximately 0.45 m inboard from the deck edge.  

- Strain gauge C was attached to the centre of the 
flange of a longitudinal beam underside of the main 
deck, approximately 0.4 m aft of the pillar. 

Data processing routines were developed in MATLAB® 
R2014a to convert and filter the raw strain data to stress. 
Due to the susceptibility of strain measurements to elec-
trical interference from surrounding electrical equip-
ment and to offset changes in the signal amplification 
circuitry, spikes or single data measurements signifi-



cantly different to the preceding and subsequent meas-
urements are present in the raw data. As such, the data 
processing routines include signal conditioning to re-
move spikes and to account for large offsets. High fre-
quency noise was attenuated by applying a low-pass 
Chebyshev filter at 7.5 Hz, greater than the three-node 
bending vibration frequency of 5 Hz (Magoga et al., 
2014), to the signals. 
 

 
 

 
Fig. 2: Strain gauge locations, at pillar centreline 

A ship-based instrument to measure the encountered 
wave environment could not be installed onboard 
HMAS GLENELG. However, significant wave height 
statistics over a 2.5 year period of the ACPBs’ primary 
operational area, the North-West of Australia, indicate 
that the vessels may have been operated 86% of the time 
in seas up to the top of Sea State 4, 13% in Sea State 5, 
and 1% in Sea State 6 (Aksu et al., 2015). For perspec-
tive, the ACPBs were designed to maintain operations 
in Sea State 5 and to survive cyclonic conditions up to 
Sea State 9 (2006). 
The collection of data was not continuous due to system 
defects, and maintenance of the vessel requiring power 
to the HMS to be switched off. As such, the total meas-
urement duration between August 2012 and February 
2014 was approximately 4500 hours. HMAS 
GLENELG was at sea 75% of this time. The corre-
sponding speed profile is presented in Fig. 3.  

 
Fig. 3: HMAS GLENELG’s speed profile between Au-

gust 2012 and February 2014  

Stress Spectra Derivation 

The stress spectra for strain gauges A, B, and C, gener-

ated using rainflow counting (Matsuishi and Endo, 
1968), are shown in Fig. 4. The measured stress direc-
tion for strain gauge A is vertical, and for strain gauges 
B and C is longitudinal. To enable comparison of the 
different stress spectra, the stress shown on the y-axis is 
normalised by the allowable stress allow of the ACPB 
calculated using DNV rules (2011). 

 
Fig. 4: Stress spectra derived from strain gauge data, 

normalised by allow of ACPB 

The maximum measured stress cycle at the strain gauge 
locations considered ranges between approximately 
35% and 45% of allow of the ACPB. This outcome is 
not unexpected, as the design condition should be more 
severe than the worst intended condition by a suitable 
margin (Mansour and Liu, 2008). 
To investigate the accuracy of form fitting of each of the 
derived stress spectra, the spectra have been modelled 
using the Linear (Eq. 1), Gaussian (Eq. 2), and Weibull 
(Eq. 3) functions: 
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Where a and b are the coefficients of the Linear func-
tion, and a1, b1, and c1 are the coefficients of the Gaussi-
an function. The scale and shape parameters of the 
Weibull function are denoted by  and  respectively, 
and a2 is a scale parameter independent of the exponent 
term. The form fitting is conducted by the method of 
least squares.  
The form fitting is based on stress cycles normalised by 
the design stress range design which differs at each 
strain gauge location. The values of design are comput-
ed using FEA under the design hogging and sagging 
load cases. 
The coefficients of the Linear, Gaussian and Weibull 
models of the stress spectra for each strain gauge indi-
vidually and combined (aggregate) are given in Table 1. 
The intention of the aggregate coefficients is to provide 
rationalised stress spectra for structural details indica-
tive of those in the vicinity of the strain gauge locations 
(that is, pillars and supporting structural items). The 
goodness of fit R2 values, shown in Table 2, indicate 
that the stress spectra are best approximated by a Gauss-
ian model. Although the R2 values of the Weibull mod-
els are also relatively high, there is unphysical decay at 
small values of n. 
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Table 1: Individual and aggregate coefficients of Linear, 
Gaussian and Weibull models, for each derived 
stress spectrum, based on stress cycles normal-
ised by design 

Function 
Strain Gauge Aggre-

gate A B C 
Linear 
 

a -0.180 -0.174 -0.186 -0.180 
b 1.000 1.000 1.000 1.000 

Gaussian 
 

a1 1.000 1.000 1.000 1.000 
b1 -1.338 -0.700 -0.898 -0.979 
c1 4.401 4.138 4.055 4.198 

Weibull 
 

a2 0.366 0.360 0.367 0.364 
 1.072 1.234 1.148 1.152 
 2.800 3.011 2.791 2.867 

 

Table 2: Comparison between R2 values of Linear, 
Gaussian and Weibull fits of stress spectra at 
each strain gauge location, using individual and 
aggregate coefficients  

Function R2 
Strain Gauge 

A B C 
Linear 
 

Original 0.915 0.967 0.959 
Aggregate 0.915 0.964 0.956 
Difference 0% 0.30% 0.31% 

Gaussian 
 

Original 0.986 0.984 0.991 
Aggregate 0.979 0.956 0.990 
Difference  0.70% 2.8% 0.10% 

Weibull 
 

Original 0.983 0.977 0.975 
Aggregate 0.961 0.942 0.973 
Difference  2.2% 3.7% 0.23% 

 

The derived and assumed stress spectra, using the ag-
gregate coefficients, for strain gauges A, B, and C are 
compared in Fig. 5, 6 and 7 respectively. As the stress 
spectra follow distributions, and there is adequate cov-
erage of the speed range, the measurement period is 
considered to provide an adequate long-term distribu-
tion of stress cycles. 

 
Fig. 5: Comparison of strain gauge A derived and as-

sumed stress spectra 

 
Fig. 6: Comparison of strain gauge B derived and as-

sumed stress spectra 

 
Fig. 7: Comparison of strain gauge C derived and as-

sumed stress spectra 

Fatigue Damage Estimation 

The Palmgren-Miner rule (Miner, 1945) is used to cal-
culate the fatigue damage. The damage D caused by all 
cycles is calculated using Equation 4: 

mk k
i

i i
i 1 i 1i

n 1D n
N a

 (4) 

Where k is the number of stress ranges, a  and m are 
Δσ-N curve parameters, and ni and Ni are the number of 
actual cycles experienced and cycles to failure for the ith 

stress range increment, respectively.  
The fatigue life (FL) of a structural detail is the ratio of 
the service life, in years, to the fatigue damage. If the 
fatigue damage is less than unity, the structure has a 
fatigue life longer than the service or design life. 
To assess the fatigue life of a detail, the structural (or 
geometric) stress approach is used. This approach en-
tails determining the geometric stresses of a reference 
detail (strain gauge location) and the detail of interest 
using FEA, and then obtaining the ratio between the two 
values. In the calculation of the stress ratios between the 
locations of interest and the respective reference strain 
gauges, the maximum and minimum directional stresses 
under the design sagging and hogging load cases are 
taken. The ratio is then applied to the stress spectra. The 
construction detail with known fatigue resistance should 
be as similar as possible to the detail being assessed 
with respect to geometry and loads (Technical 
Committee CEN/TC 250, 1999).  
Three structural details of interest are analysed. These 
details and the reference strain gauges are given in Ta-
ble 3. Fatigue resistance data from Eurocode 9 (Tech-
nical Committee CEN/TC 250, 1999) is utilised, and the 
selected detail categories and corresponding constant 



amplitude fatigue limits L are also given in Table 3. 
The reference gauges are selected due to the close vicin-
ity to the location of interest, consistency of the domi-
nant load direction, and similarity of construction detail. 
When using the structural stress approach, it is essential 
that the stress type and value effectively describe the 
structural behaviour of the component (Horn et al., 
2009). To conduct the fatigue analysis at structural 
details with discontinuities and complex stress distribu-
tions, care was taken to refine the model in order to 
resolve the stress field at potential crack initiation sites 
using the recommendations given by DNV (Det Norske 
Veritas, 2010), Maddox (2003), and in Eurocode 9 
(Technical Committee CEN/TC 250, 1999).  

Table 3: Analysed details of interest 
Location Construction Detail 
ID-1 (Reference strain gauge is 
strain gauge A, stress ratio = 
2.64) 
Top of pillar, forward side 
 

 

9.1  
L = 12.3 MPa 

 
Double fillet weld 
 
 

 
ID-2 (Reference gauge is strain 
gauge B, stress ratio = 2.38) 
Vicinity of weld seam between 
insert and main deck plating 
 

 
 

 
7.2.3  

L = 18.1 MPa 

 
Butt weld of an 
open shape, welded 
from both sides 
 
 

ID-3 (Reference gauge is strain 
gauge C, stress ratio = 1.78) 
Web of longitudinal under main 
deck, adjacent to fillet weld to 
flange and butt weld to plating of 
different thickness  

   
 

11.3   
L = 18.1 MPa 

 
Cross-welded built-
up beam, using 
double sided full 
penetration welding 

 

Sensitivity of Fatigue Life to Fitted Spectra 

The spectra are based on stress cycles incurred over 
approximately 4500 hours. Thus, to calculate the fatigue 
life considering a service period of 20 years, the spectra 
are linearly extrapolated. 
Table 4 provides the estimated fatigue life for details 
ID-1, ID-2, and ID-3 based on the derived, Linear, 
Gaussian and Weibull spectra. The fatigue life values 
based on the reference derived spectra are consistent 
with fleet maintenance data, and are used to normalise 
the fatigue life values based on the assumed spectra for 
each detail. 

Table 4: Fatigue life estimates using different stress 
spectrum models at details of interest, normal-
ised by fatigue life values based on derived 
spectra 

ID Derived 
spectrum 

Linear 
spectrum 

Gaussian 
spectrum 

Weibull 
spectrum 

1 1.00 0.738 0.980 0.767 
2 1.00 0.841 1.35 1.31 
3 1.00 0.565 0.907 0.872 
 

The results given in Table 4 indicate that when a Linear 
model is used to represent the stress spectra at the strain 
gauge locations, the corresponding fatigue life estimates 
are smaller than those based on the derived spectra by 
an average of 29%. The Weibull model performs better, 
as the average difference (absolute) between the fatigue 
life estimates is 22%. In comparison, the fatigue life 
estimates based on the Gaussian spectra are most com-
parable with those based on the derived spectra, as the 
average difference is 15% (absolute).  

Sensitivity of Fatigue Life Estimation to Standardised 
Lifetime Spectra  

As discussed in the introduction, in the absence of de-
tailed long term distributions of stresses, an approach 
provided by GL’s Rules for Classification and Con-
struction – Seagoing Ships (2013) is to use standardised 
linear spectra as shown in Fig. 8. Convex spectra can 
also be used with agreement from the society. The 
stresses range between the maximum and minimum 
stresses resulting from the maximum and minimum 
relevant seaway induced load effects, that is design.  

 
Fig. 8: Standard stress range spectra given by GL (2013)   

To test the applicability of standardised lifetime spectra 
to the three details of interest, the linear and convex 
spectra with the maximum stress range considered to 
occur once (nmin equals 100) are used to estimate the 
fatigue life. It is generally assumed that the number of 
stress cycles that a ship structure will experience over 
its life is 108 stress cycles. As such, when generating the 
spectra the sum of the number of cycles considered is 
108 occurring during the design life of 20 years.  In 
addition the number of stress increments needs to be 
sufficiently large to ensure reasonable numerical accu-
racy and should not be less than 20 (Det Norske Veritas, 
2010). In this analysis 60 increments are used. 
Table 5 shows the fatigue life based on the standardised 
linear and convex spectra with nmin equal to 100 at each 
detail of interest, as a percentage of the fatigue life 
based on the derived spectra. For details ID-1, ID-2, and 
ID-3 the fatigue life estimates based on the standardised 
linear spectra are 4.1%, 2.8% and 4.9% of the fatigue 
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life based on the derived spectra, respectively. Using the 
standardised convex spectra the fatigue life estimates at 
all three details are less than 1% of those based on the 
derived spectra. The standardised convex spectrum 
features more significant stress cycles over a greater 
range of n. Thus, its use leads to more conservative 
fatigue life estimates than the standardised linear spec-
tra. However, for nmin equal to 100 both standardised 
spectra result in considerably smaller fatigue life values 
than those predicted using the measured strain data.   

Table 5: Percentage fatigue life based on standardised 
linear and convex spectra, relative to that based 
on derived spectra, for each detail of interest 

  nmin 
Detail Spectrum 100 10-2 10-4 

ID-1 
Linear 4.1% 9% 18% 

Convex 0.59% 1.2% 2.2% 

ID-2 
Linear 2.8% 6.4% 13% 

Convex 0.41% 0.8% 1.5% 

ID-3 
Linear 4.9% 11% 23% 

Convex 0.69% 1.4% 2.6% 
 

When nmin is equal to 100, it is accepted that the struc-
ture will sustain the design loads once in its lifetime. 
Thus, application of standardised spectra with nmin equal 
to 100 is unrealistic. Therefore, standardised spectra 
with probabilities of 10-2 and 10-4 of the structure sus-
taining the design loads are additionally considered as 
plotted in Fig. 9. 

 
Fig. 9: Standardised Linear and Convex stress range 

spectra, with nmin equal to 100, 10-2, and 10-4  

To check the validity of defining the standardised spec-
tra by smaller probabilities of the structure sustaining 
the design loads, the subsequent relationships between 
increments of ni/Ni (Di = ni/Ni) and / design are com-
pared to those based on the derived spectra. For exam-
ple, for detail ID-1, Fig. 10a, b, c, and d display the 
relationship between ni/Ni and / design based on the 
derived spectrum of the reference strain gauge, the line-
ar spectrum with nmin equal to 100, the linear spectrum 
with nmin equal to 10-2, and the linear spectrum with nmin 
equal to 10-4, respectively. Note that the y-axis scale of 
the derived spectrum plot (a) is smaller than the y-axis 

scale of the linear spectra plots (b, c and d) because the  
measurement period, and hence number of cycles, was 
considerably less than assumed during the design life 
used to generate the linear spectra.  

 
 

Fig. 10: / design versus ni/Ni based on a) derived stress 
spectrum, and standardised linear spectra with nmin equal 

to b) 100, c) 10-2, and d) 10-4, at detail ID-1 (note y-axis 
scale of plot a) differs from b), c) and d))   

Fig. 10a reveals that at detail ID-1 the combination of 
the fatigue resistance data for Eurocode 9 construction 
detail 9.1 (see Table 3) and the distribution of the stress 
cycles measured at reference strain gauge A results in 
the largest contribution to fatigue damage (ni/Ni) occur-
ring at approximately 7% of design. For the linear 
spectra with nmin equal to 100, 10-2, and 10-4 the fatigue 
damage peaks occur at 20%, 16%, and 13%, respective-
ly, of design (see Fig. 10b, c and d). For all spectra 
ni/Ni increases relatively steeply until the maximum, 
and then decreases gradually with increasing . Thus, 
both the shape and location of the peak of the 

/ design versus ni/Ni curve of the linear spectrum 
with nmin equal to 10-4 are the most analogous to those 
of the derived spectrum.  
The fatigue life estimates based on the standardised 
linear and convex spectra with nmin equal to 10-2 and   
10-4 at each detail of interest, as a percentage of the 
fatigue life estimates based on the derived spectra, are 
also given Table 5. For the three details of interest, the 
fatigue life values based on the standardised linear spec-
trum with nmin equal to 10-4 ranged between 18% and 
23% of those of the derived spectrum. 

Relationship between Fatigue Life and Design Loads  

In an analysis of fatigue damage incurred in a United 
States Coast Guard Cutter, Stambaugh et al. (2014) 
concluded that it is important to monitor impact loading 
because the fatigue damage accumulated is proportional 
to the third power of the stress range. In line with this 
finding, the relationship between the design stress range 

design and the fatigue life at the three details of interest 
of the ACPB is quantified. For this exercise the fatigue 
life is estimated using the standardised linear spectra 
characterised by a 100 probability of the vessel sustain-
ing between 30% and 100% of the design loads. The 

a) 

b) 

c) 

d) 



subsequent fatigue life estimates for each percentage of 
design, normalised by that based on the derived spec-

trum, are plotted in Fig. 11. Power functions are fitted to 
each detail’s set of fatigue life values, and Eq. 5 is the 
average of the three functions. In Eq. 5 the power term 
of the inverse stress range is 3.9. 

 
Fig. 12: Relationship between FL (fatigue life) based on 

standardised linear spectra and design at details ID-1, ID-
2 and ID-3. Values of FL are normalised by that based on 

the derived spectrum, for each detail  

3.9

derived design

FL 10.033
FL

 (5) 

Discussion 

Based on the above analysis, valuable further work 
includes establishment of the probability of exceedance 
of fatigue loads in the area of operations of the naval 
HSLC of concern. This would be similar to the ap-
proach employed in the Common Structural Rules 
(CSR) for Bulk Carriers and Oil Tankers (2010), in that 
dynamic sea pressures or fatigue loads are based on a 
10-4 probability level of exceedance for the North Atlan-
tic Wave Environment. However, naval HSLC operate 
in various wave environments and thus the probability 
of exceedance of fatigue loads vary. Also, in the CSR 
the characteristic load for fatigue assessment is an aver-
age value representing the expected load history re-
duced from the design load by a knock-down factor, 
rather than the maximum and minimum relevant seaway 
induced load effects. Given that the analysis presented 
is this paper indicates that the use of the stress range 
corresponding to design sagging and hogging load cases 
leads to conservative fatigue life estimates, even when a 
10-4 probability of sustaining the design loads is consid-
ered, it is concluded that more characteristic fatigue 
loads for naval HSLC are required.  
Eq. 5 illustrates that when the design loads are reduced 
by, for example, 10% the estimated fatigue life of the 
analysed details increase by approximately 50% assum-
ing a linear stress spectrum. As the fatigue life is pro-
portional to approximately the fourth power of the in-
verse stress range, it is important to predict and/or moni-
tor the accumulation of fatigue damage over the lifetime 
of the vessel. 
Clearly analysis of the fatigue life at the details of inter-
est is heavily dependent on the representation of stress 
ranges, as well as other parameters. Thus, understanding 
of uncertainties in the analysis is critical. The uncertain-
ties include: 
- Applicability of rules-based design loads to deter-

mine the design stress ranges. The loads applied to 
the HSLC can feature a high degree of nonlinearity 
due to their hullform, operation in semi-planing or 
planing modes, and susceptibility to slamming 
(Magoga et al., 2014a).  

- The dynamic behavior of the structure, that is, vari-
ation in the response frequencies and structural 
damping. 

- Use of the structural stress approach in the fatigue 
evaluation at the details of interest, which is a com-
promise between accuracy and ease of use (Horn et 
al., 2009). 

- Assumption of linear scalability of the number of 
stress cycles incurred during the strain measure-
ment period to the service life. This premise ne-
glects the random nature of ocean waves over time. 
Strain monitoring during the entire life of the ship 
would be one way to mitigate this simplification.  

- Uncertainty in the measurement of strains, due to 
uncertainty in the calibration of the strain gauges, 
induced electrical noise, and noise in the amplifica-
tion system. 

- Use of the Palmgren-Miner rule (Miner, 1945) 
which assumes that the effect of each cycle is inde-
pendent and any resultant damage is linearly cumu-
lative. Thus its weakness is that it does not account 
for load sequence effects.  

The three details analysed are part of the ACPB engine 
room structure close to a pillar. As such, further investi-
gation is required to extend the presented findings for 
reliable fatigue life evaluation at other structural areas. 

Conclusion 

Strain gauge data obtained from a hull monitoring sys-
tem installed onboard a naval HSLC has been used to 
investigate stress spectra assumptions required in sim-
plified fatigue analysis. Form fitting was performed to 
find the best model of the measured stress range data 
normalised by the design stress ranges. Then, using the 
structural stress approach, the fatigue life based on the 
derived and modelled stress spectra was calculated at 
three details of interest. It was found that, in comparison 
to the Linear and Weibull models, the fatigue life esti-
mates based on Gaussian model correlated best to those 
of the derived spectra and fleet maintenance data. In 
addition, aggregate coefficients of the models are pro-
vided in order to inform the generation of stress spectra 
at structural details indicative of the joints of pillars and 
supporting structural items. 
Driven by the experience of structural analysis of con-
ventional ships, and the time-intensive and challenging 
nature of more sophisticated procedures, the applicabil-
ity of standardised stress spectra in simplified fatigue 
analysis of naval HSLC was investigated. It was estab-
lished that use of standardised linear and convex stress 
spectra characterised by a 100 probability of the vessel 
sustaining design loads during its lifetime leads to over-
ly conservative fatigue life values. As such, strategies to 
better describe stress spectra include determination of 



characteristic fatigue loads and probabilities in the area 
of operations. 
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Abstract 

This paper focuses on large inelastic deformation of plates 
made of marine grade aluminium alloys subjected to dynamic 
pressure loads that may arise from slamming. Simple design 
equations for predicting the permanent damage of plates are 
derived based on rigorous parametric studies performed using 
non-linear finite element method. The impact pressure profile 
is idealised as a triangular pulse with linear decay. Simply 
supported and fully clamped boundary conditions are assumed 
at the edges of the plates. The aluminium alloy grade 5083-
H116 is considered. The effect of the heat affected zone at the 
plate boundaries is also assessed. The derived simple equations 
are in good agreement with finite element analysis results and 
therefore can be used for design purposes and serviceability 
limit state assessment of aluminium platings in high-speed 
vessels. 
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Introduction 

The phenomenon of slamming is defined as the impact of 
water surface on a ship structure when it is stationary or 
traveling at large amplitude motions. Slamming usually 
occurs at the bow, stern or the bottom of a ship’s hull. 
Under such circumstances, the vessel is subjected to very 
rapid hydrodynamic load that may exceed the plastic 
collapse load of the platings and induce large inelastic 
deformation. These damages may cause structural and 
non-structural components to be less durable and 
efficient, possibly affecting equipment functionality. In 
addition, significant deformation on plate between 
stiffeners (dishing) spoils ships aesthetic appearance, 
which is undesirable to ship owners. Repairing such 
structural damage can be costly. Further, in order to 
design a new vessel, it is critical to determine the severity 
of the slamming pressure the vessel may encounter in its 
lifetime. Accounting for the severity of slamming 
pressure while designing a ship is crucial because it 
prevents an underestimation of the pressure and allows 
for the structure to be built with sufficient strength to 
withstand harsh sea conditions. In contrast, an 
overestimation may lead to a conservatively designed 

ship with additional materials or weight, which may 
affect the ship’s performance and its overall cost of 
production. Therefore, it is essential to study on the 
extent of structural damage that can be caused by 
slamming pressure in order to design and improve ship 
structures against dynamic pressure loads due to 
slamming. 
Since the pioneering work of Jones (1973), the slamming 
damage problem is considered in many studies by 
employing rigid-plastic methods (Jones, 2012; Jones, 
2013; Jones, 2014). There are also elaborated numerical 
studies (Caridis and Stefanou, 1997; Paik et al., 2007); 
considering various aspects of a wide range of dynamic 
loadings, such as air blast, explosion, sloshing and green 
water. Paik and Shin (2006) give a comparison of the 
theoretical models and the numerical estimations and 
conclude that a one-fits-all approach can be followed for 
the aforementioned dynamic loadings. On the other hand, 
as indicated by DNV (2010), the structural response 
under dynamic loadings can be classified as follows: 

 Impulsive domain: td/T < 0.3 
 Dynamic domain: 0.3 < td/T < 3 
 Quasi-static domain: 3 < td/T 

where td is the duration of the loading and T is the period 
associated with the lowest natural frequency of the 
structure. It is inherent that the load characteristics should 
be taken into account when developing and applying 
theoretical models. In the past studies, the shape of 
pressure pulses was considered as rectangular, which do 
not resemble a typical slamming load time history. It is 
well known that in the impulsive domain the pressure-
time history does not affect the structural response and 
the impulse magnitude governs the response. However, 
in the dynamic domain the shape of the pressure pulses 
has considerable effect on the permanent set. In addition, 
it is worth to mention that in the current marine 
classification rules, the design criteria for dynamic or 
impact pressure load is based on the principle of quasi-
static equivalence concept, which does not account for 
the time history of the dynamic pressure load (Cho et al., 
2012). 
The particular focus of the current study is on slamming 
induced damage in high-speed vessels made of 
aluminium alloys. Apparently, as vessels get faster, the 



likelihood of slamming and slamming induced local 
damage becomes higher. With the extensive of use 
aluminium alloys in newly built high-speed vessels (in 
particular naval vessels) a considerable body of research 
work on ultimate strength of aluminium-plated structures 
has been published in recent years. The available 
literature includes the studies on the structural response 
of aluminium plates and stiffened panels subjected to 
monotonically increasing extreme in-plane loads (Paik 
and Duran, 2004; Paik et al., 2007), as well as methods 
on predicting the progressive collapse of aluminium hull 
girders (Benson et al., 2013a). However, little effort has 
been taken so far with regards to the impact response of 
marine grade aluminium alloys subjected dynamic 
pressure loads. 
The current study addresses the abovementioned 
shortcomings of the present literature based on extensive 
non-linear finite element simulations performed on 
aluminium alloy plates considering large inelastic 
deformations when subjected to pressure loads in 
dynamic domain. The transition between dynamic and 
quasi-static domains is also considered. Simple 
expressions are obtained based on the numerical results 
that can be used for practical design of lightweight 
vessels against slamming induced structural damage. The 
areas that require for further improvement and 
investigation are highlighted. 

Methodology 

Plate models 

A base model of dimensions 1200×400×10.474 mm was 
selected. The thickness of the plate was determined to 
yield a plate slenderness ratio, β value of 2, which is a 
typical value observed in practice. The following 
equation gives slenderness ratio 

Et
b o  (1) 

where b is the plate breadth, t is the thickness, E is 
Young’s modulus and σo is the yield strength. In the 
parametric studies, the plate length, a, was varied to 
obtain different plate aspect ratios, while the plate 
breadth, b, was kept constant. Hence, the slenderness 
ratio, β, of all models is same. Four different aspect ratio 
values were used to generate the new models: a/b = 2, 3, 
4 and 5. It should be noted that only rectangular plates 
were considered in this study. 
Two types of boundary conditions were considered, 
namely, simply supported and fully clamped. The first 
boundary condition is relevant to the case when a single 
plate element is subjected to localised pressure load, 
whereas the second boundary condition represents the 
case of loading on a stiffened panel. For the latter case, it 
is obvious that due the deformation of adjacent plates, the 
rotations of the plate will be fully restrained at the 
stiffeners. 

Material Properties 

Platings of high-speed vessels are usually made of 5000 

series alloys, whereas 6000 series alloys are used for 
fabrication of profiles (stiffeners). Therefore, AA5083-
H116, which is commonly used in practice, was 
considered in this study. AA5083 plates are widely used 
in ship hulls, as well as offshore topsides due to its 
excellent corrosion resistance. Further, to avoid stress 
corrosion, which may occur in corrosive media, the 
special temper H116 was developed. 

As highlighted by Storheim and Amdahl (2015), the 
structural response involving large inelastic deformations 
is highly dependent on plastic behaviour defined by strain 
hardening models. To reflect on this concern, the material 
data for AA5083-H116, reported by Gao et al. (2009), 
was utilised in the numerical modelling. The following 
power law gives the relationship between true stress, σ 
and plastic strain, εp, which was derived by curve-fitting 
to the plastic portion of the experimentally obtained true 
stress–strain curve: 

N
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p E
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Here, E = 70,000 MPa, σo = 192 MPa and N = 0.17. 

It is well known that aluminium alloys are not sensitive 
to strain rate effects that arise due to high velocity 
impacts (Jones, 2012). A recent experimental study 
conducted by Park et al. (2015) shows further evidence 
on this fact. Hence, no particular consideration was given 
on the modelling of the rate-dependent material 
behaviour of 5083 aluminium alloy. 

The act of welding on aluminium plates results in an 
important phenomenon known as heat affected zone 
(HAZ). The heat causes the area adjacent to the weld to 
be slightly annealed resulting in a considerable loss in 
strength. In this study, the adverse effect of the HAZ on 
the mechanical properties of aluminium alloys in the 
welded areas was assumed as a parameter of influence 
and included in the numerical modelling of the fully 
clamped plates subjected to dynamic pressure loads. For 
design work, the strength loss is usually assumed to be 
uniform in the HAZ and the yield strength in the HAZ 
can be approximated by a knock down factor. As 
mentioned by Benson et al. (2013b), several 
inconsistencies exist between the experimentally 
obtained material properties for the HAZ. Following 
Benson et al. (2013b), in the present study, a strength 
knockdown factor of 0.67 was applied for AA5083-
H116. The knockdown factor was not only applied to the 
yield strength but also the entire true stress–plastic strain 
curve of AA5083-H116. The assumption here is that the 
strain hardening characteristics of AA5083-H116 are 
maintained in the HAZ. The true stress–plastic strain 
curve for the HAZ is shown in Fig. 1 and compared with 
the one without the HAZ effects. 

The width of the HAZ, bp, was taken to be 25 mm for this 
study following results from the experiments conducted 
by Zha and Moan (2001) and Paik and Duran (2004), 
regardless of the plate dimensions. Fig. 2 shows  



 
Fig. 1: True stress–plastic strain curves for AA5083-

H116 base material and HAZ 

 
Fig. 2: HAZ location in fully clamped plates 

the locations for the HAZ in red and are typically areas 
where welding is carried following the standard 
procedure of construction of orthogonally stiffened 
panels (Benson et al., 2013b). 

Load characteristics 

In all simulations, the load was assumed to be uniformly 
distributed over the entire surface of the plate. The 
considered time history of dynamic pressure loading, as 
depicted in Fig. 3, is a triangular pulse with linear decay. 
This load profile is an idealisation of actual slamming 
load and can be easily defined with two parameters, 
namely, the peak pressure, Pp, and the duration of the 
loading, td. In several studies (Paik et al., 2004; Cho et 
al., 2012), the influence of rising time before reaching the 
peak pressure and the type of decay were found to be 
negligible; hence, in the idealised the pressure time 
history of slamming loads these have not been 
considered. 

It is apparent that in order to achieve severe damage, that 
is permanent set in the order of three to six times of the 
plate thickness, the peak pressure should be much greater 
than the static collapse pressure. In this study, the upper 
bound solutions for static collapse pressure of plates 
provided by Jones (2012) were utilised. For simply 
supported plates: 
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For fully clamped plates: 

 
Fig. 3: Idealised load profile 
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where α = b/a and the fully plastic bending moment per 
unit width of the plate Mp is given by 
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It can be easily noticed that the static plastic collapse 
pressure of fully clamped plates is twice the collapse 
pressure of simply supported plates. 

Secondly, the peak pressure values were determined as 
the integer multiples of the static collapse pressure, Pc, of 
the plates. In the parametric studies, the following five 
values were selected for fully clamped plates: Pp/Pc = 2, 
3, 4, 5 and 6. For simply supported end conditions, Pp/Pc 
values are twice of those for fully clamped plates. As 
mentioned earlier, the focus of this study is the large 
ductile deformations of the plates (Mode I failure). The 
selected Pp/Pc values are sufficiently large enough to 
result in normalised permanent deformations, wp/t, in the 
order of 1 to 6, but ductile fracture in the mode of tensile 
tearing at supports (Mode II failure) or transverse shear 
failure (Mode III failure) does not occur. 

The duration of the pressure loading was considered to 
be in the dynamic domain and in the transition between 
dynamic and quasi-static domains. The normalised time 
parameter td/T was selected within the range of 0.3 to 4 
and having the following ten values: td/T = 0.3, 0.5, 0.7, 
0.9, 1.2, 1.5, 1.8, 2.1, 2.4, 3 and 4. 

Finite element modelling 

The commercial FEA software package ABAQUS 
(version 6.14) was utilised in this study. The models were 
meshed with S4R element from ABAQUS library, which 
is a 4-noded shell element with reduced integration and 
default hour-glassing control. The mesh size was 
determined as 10 mm after conducting a mesh 
convergence study on the base model. All models 
considered in the parametric studies were meshed with 
the same element size regardless of the plate dimensions. 
For the models in which the HAZ is considered, the HAZ 
was meshed with three elements per bp. It is assumed that 
this mesh size sufficiently fine to capture the details of 
the collapse and large deflection process of the plates 
with HAZ. 
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Fig. 4: Typical displacement time history at the centre 

of the plate subjected to dynamic pressure load 

 
Fig. 5: Typical shape of permanently deformed plates 

The simulations were performed using the dynamic 
explicit solver of ABAQUS. A typical time history of 
maximum lateral displacement of the plate is shown in 
Fig. 4. As depicted in Fig. 5, the maximum lateral 
displacement occurs at the plate centre. In material 
modelling, ductile fracture and structural damping is not 
considered. Therefore, the permanent set can be taken as 
the average of the oscillations that occur after elastic 
spring-back. The duration of the simulations was kept 
long enough to capture the vibrating residual. 

Modal analysis 

Prior to performing the impact simulations, the lowest 
natural frequency and corresponding time period of the 
models were calculated, as this information is required 
for the parametric study. Modal analyses were conducted 
with the finite element models of the plates using the 
subspace algorithm available in ABAQUS. Further, for 
the sake of completeness of the formulae derived for 
predicting the permanent set of the plates, it is necessary 
to have simple expressions for estimation of the lowest 
natural frequency of the plates. For simply supported 
plates, the exact solution given below can be used: 

2
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For fully clamped plates, extensive analyses were carried 
out by varying the scantlings of the based model. Five 
different slenderness ratio values, β = 1, 2, 3, 4, 5, and 
four different aspect ratios, a/b = 2, 3, 4, 5 were 
considered by varying the thickness t and the plate length 
a, respectively. The following equation was obtained by 
curve-fitting to the results: 
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where 
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Note that for aluminium alloys the material density ρ is 
2660 kg/m3 and Poisson’s ratio ν is 0.33. 

Estimations using Eqs. (7-8) yields a bias (the ratio of the 
estimated value to the finite element result) with a mean 
of 0.998 and a COV (coefficient of variation) of 1.62 %. 
Thus, it can be concluded that the derived equation can 
be used with confidence to assess the lowest natural 
frequency of fully clamped plates. 

Results and discussion 

The displacement time histories shown in Fig. 6 reveal 
the characteristic features of the response of plates under 
dynamic pressure loading. As the duration of impact is 
increased, there are less oscillations in the curves. 
However, even when td/T is in quasi-static domain, the 
oscillations do not cease. In addition, it is interesting to 
note that the oscillations decrease as Pp/Pc is increased. 
This can be related to the decrease of elastic strain energy 
relative to the total absorbed energy, as load magnitude 
is increased. The increment in the permanent set 
decreases as the quasi-static domain is approached. 
Regardless of the boundary conditions, the plate aspect 
ratio and the HAZ effect, these features are present in the 
displacement time histories of all plates considered in this 
study. 

More insights can be obtained from the graphs, where the 
normalised permanent set wp/t is plotted versus the 
normalised load duration td/T. The complete set of results 
are shown in Figs. 7-9 for simply supported and full 
clamped end conditions (with and without HAZ effects), 
respectively. Firstly, it is inherent that the permanent set 
decreases as the plate aspect ratio increases. Moreover, 
there is a sharp decrease in permanent set when the 
impulsive domain is approached. In other words, when 
td/T = 0.3, the permanent damage gets much less values. 
As expected, td/T = 1 marks a transition point particularly 
in simply supported plates and when Pp/Pc is less than 8. 
In fully clamped plates, this transition is less pronounced 
especially as Pp/Pc is increased. It can be also inferred 
that the permanent set varies linearly with td/T before this 
transition. On the other hand, there is no clear transition 
from dynamic to quasi-static domain, i.e. between td/T = 
3 and td/T = 4. In particular, as Pp/Pc becomes greater, the 
convergence rate of permanent set to the quasi-static 
displacement value decreases. 

Lastly, the influence of the HAZ on the permanent set is 
assessed. The parameter η is defined as the ratio of the 
permanent set with HAZ effects to the one without 
considering these effects. The variation of η with respect 
to the plate aspect ratio, td/T and Pp/Pc was assessed. It 
was found that there is a large scattering and no clear

0

5

10

15

20

25

30

35

40

45

0 0.005 0.01 0.015 0.02

w
 (m

m
)

Time (s)



 

 
Fig. 6: Displacement time histories for various cases 

 

correlation between η and the considered three 
parameters. The range of η is from 1.044 to 1.428. The 
average increase in the permanent set due to the HAZ is 
23.73 %. Considering the plastic collapse mechanism of 
a fully clamped rectangular plate, whereby plastic hinges 
develop at the boundaries of the plate, the reduced yield 
strength in the HAZ located at these boundaries as shown 
in Fig. 2 plays an influential role in the response of the 
plates subjected to dynamic pressure loads. 
Consequently, the HAZ reduces the resistance to these 
loads and less energy can be absorbed by the plate before 
failing by tensile fracture at the boundaries. Note that the 

average is increase in permanent set due to the HAZ 
effects can be associated with the assumed strength 
knockdown factor of 0.67, however, the scattering 
observed should be considered before making a final 
conclusion on this relation. Finally, it is worth to mention 
that the HAZ may limit the ductile membrane 
deformation of the plates and result in Mode II type of 
failure earlier than it is assumed in this study. Developing 
sufficient plastic response is a major concern considering 
accidental and abnormal actions. This has not been 
addressed in the present study and requires further 
investigation, preferably through experiments. 

 
Fig. 7: Permanent set versus normalised load duration – simply supported plates 
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Fig. 8: Permanent set versus normalised load duration – fully clamped plates with HAZ effects 

 
Fig. 9: Permanent set versus normalised load duration – fully clamped plates without HAZ effects 

Derivation of design formulae 

Based on the results shown in Figs. 7-9, the form of the 
equation for prediction of permanent set can be selected. 
The following equation provides a good fit for the 
variation of the permanent with td/T: 

21 x

xy  (9) 

The other two parameters, namely Pp/Pc and a/b can be 
considered as modification factors for the above 
equation. 

Through non-linear regression, the following equations 
were derived. 

Simply supported plates: 
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with a mean of 0.999 and COV of 3.47 %. 

Fully clamped plates: 
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with a mean of 0.999 and COV of 3.81 %. 

Fully clamped plates with HAZ effects: 
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t

w
cp

d

dp   (12) 

with a mean of 0.998 and COV of 3.89 %. 

Note that for all equations, the bias is calculated as the 
ratio of the predicted wp/t using the above equations to 
the FEA results. The statistical properties of Eqs. (10-12) 
are within the acceptable limits, i.e. the mean is close to 
unity and COV is less than 5 %. It should be noted for all 
equations there is a slight discrepancy when td/T is less 
than 0.5. In addition, for wp/t greater than 6, the equations 
generally underestimate the permanent set. 

Conclusions 

In this study, the inelastic response of marine grade 
aluminium alloy plates subjected to dynamic pressure 
loads was numerically studied. It was observed that the 
permanent set is strongly dependent on the duration of 
the impact, the plate aspect ratio and the magnitude of the 
peak pressure. Using the results obtained through 
extensive numerical simulations, simple equations were 
derived for prediction of maximum permanent damage of 
simply supported and fully clamped plates based on these 
three parameters. In addition, for estimation of lowest 
natural frequencies of fully clamped rectangular plates, a 
very accurate empirical equation was obtained by curve-
fitting to numerical results. The effect of the HAZ on the 
boundaries of fully clamped plates was found to be 
significant; however, the attempt to correlate the increase 
in the permanent set to the other parameters involved in 
this impact problem and the mechanical properties of the 
material was inconclusive. 
In lieu of experimental data, the current study relies on 
numerical analysis. It is highly desirable to have 
experimental test results for impact response marine 
grade aluminium alloy plates, in particular, considering 
the load durations observed in typical slamming 
incidents. More testing is required to obtain mechanical 
properties of the HAZ affected material and its effect on 
the quasi-static and dynamic impact response of 
aluminium platings, including ductile fracture behaviour. 
Furthermore, the scope of the present study can be 
extended to cover different HAZ distributions that may 
occur in fabrication of aluminium panels by extrusion. 
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Abstract  

Fatigue failure sometimes occurs in welded joints due to stress 
concentration and tensile residual stress at the weld toe. 
Therefore, some type of treatment to delay fatigue crack 
initiation and propagation is necessary in order to enhance the 
fatigue life of welded steel structures. The hammer peening 
process is well known as one method for improving the fatigue 
life of welded joints by generating a compressive residual stress 
field near the weld toe, which is recognized as the fatigue crack 
initiation site. When considering fatigue life improvement of 
large welded structures in which a compressive residual stress 
field is applied near the weld toe, not only improvement of 
fatigue crack initiation life but also extension of fatigue crack 
propagation life must be discussed. To date, however, there 
have been little research which deals with fatigue crack 
estimation in a compressive residual stress field. In this study, 
the mechanism of fatigue crack propagation in a compressive 
residual stress field was clarified by experimental observation 
of crack propagation from a surface crack after hammer 
peening. The morphology of propagating surface cracks was 
measured in plate and gusset welded joint specimens by the 
beach mark method. The results clarified the fact that the 
morphology of a surface crack which propagated in the 
compressive residual stress field was different from that in a 
neutral stress field. This phenomenon was clearly observed, 
especially under a low stress intensity factor condition.  

Keywords

Welded joint; fatigue; surface crack; peening; residual 
stress.  

Introduction

The fatigue property of welded joints is much lower than 
that of the base metal due to stress concentration and 
tensile residual stress around the weld toe. Especially in 
the shipbuilding and bridge industries, improvement of 
the fatigue strength of welded joints is an important issue. 
Several methods have been proposed to suppress stress 
concentration and tensile residual stress around the weld 
toe by (K. Anami, et al., 2000). 
The hammer peening process is well known as one 
method for improving the fatigue life of weld joints by 
inducing a compressive residual stress field near the weld 

toe as the fatigue crack initiation site. Figure 1 shows the 
fatigue life of out-of-plane gusset welded joints to which 
hammer peening was applied in comparison with welded 
joints after grinding processing by (Y. Morikage, et al., 
2013). When compressive stress was introduced by 
peening, the fatigue life of the gusset welded joints was 
much longer than not only the as-welded joint but also 
welds given grinding processing, especially in the lower 
stress region. When considering fatigue life improvement 
of large welded structure in which a compressive residual 
stress field is introduced near the weld toe, not only 
improvement of fatigue crack initiation life but also 
improvement of fatigue crack propagation life must be 
discussed.  
When a fatigue crack propagates in a compressive stress 
field, crack propagation is usually suppressed. It is 
generally understood that crack retardation is the result 
of the crack closure effect of the compressive stress field. 
Fatigue cracks in welded joints usually initiate at a point 
of the weld toe and propagate as a semi-elliptical surface 
crack. Since the compressive stress field introduced by 
hammer peening is limited to the vicinity of the plate 
surface, the crack front near the plate surface is always 
subjected to compressive stress, but at the bottom, the 
crack front propagates out of the compressive stress field. 
When discussing improvement of crack propagation life 
in welded joints by peening treatment, the surface crack 
propagation behavior, especially in the plate thickness 
direction, should be examined. 
 
 
 
 
 
 
 
 
 
 
 
 Fig. 1:   Fatigue property of out-of-plane gusset 

welded joint after hammer peening (HP) 



The aim of the present study is to clarify the surface 
behavior with peening treatment, in which compressive 
residual stress exists at the surface of a steel plate. In an 
experiment using base metal and welded joint specimens 
which had been peened on one side, fatigue tests were 
conducted with specimens with a mechanical notch, and 
the fatigue crack growth rate was quantified by the beach 
mark method. The effect of introducing compressive 
residual stress on extension of fatigue crack propagation 
life was then investigated experimentally and 
numerically.  
 

Experimental Procedure 

In order to quantify the effect of compressive stress on 
surface crack propagation, a fatigue test was carried out 
by the beach mark method using welded joint specimens. 
The test pieces were prepared using a mild steel plate 
with the thickness of 14mm. The chemical composition 
and mechanical properties of the base plate are shown in 
Table 1 and Table 2, respectively. 
Figure 2 shows two types of test pieces, “As-welded” and 
“Peening.” The welded joint type is an out-of-plane 
gusset welded joint. Out-of-plane gusset welded joints 
were prepared by 1 pass, 1 side welding under conditions 
of 240A, 32V and 30cpm. The welding wire was a flux 
cored wire (FCW), AWS A5.20E70T-1. 
Figure 2 shows the geometry of the specimens. In these 
welded joint specimens, hammer peening was applied to 
the surface of the base metal near the weld metal. A flat 
square-shaped pin was used for hammer peening. 
Hammer peening was applied to the surfaces of the base 
metal of the test pieces with the air tool shown in Fig. 3 
to introduce compressive stress. The hammer peening 
conditions were 90Hz by compressed air (0.63MPa) with 
the peening time of 160sec. Figure 4 shows the overall 
appearance of a test piece after hammer peening. The 
depression caused by peening was formed mainly on the 
base metal around the weld toe through the whole width 
of the test piece to estimate the surface crack growth after 
peening. The peening area was about 10mm in the 
longitudinal direction, which is sufficient to include the 
crack path.  
After hammer peening, residual stress was measured at 
the center of the peening area with an X-ray measuring 
instrument. X-rays measured in the range of Cr-K  
(wavelength=2.29Å) and a measurement area with the 
diameter of 1.0mm were used. The profiles of the weld 
toe and the depression formed by hammer peening were 
measured after peening by using a laser displacement 
sensor.  
An initial notch was introduced in each test piece by 
electrical discharge machining at the weld toe. In the 
“Peening” specimens, the notch was introduced after 
peening. The dimensions of all notches were 5mm in 
surface length and 0.4mm in depth. 
A fatigue test was carried out by the beach mark method. 
Figure 5 shows a schematic diagram of the loading 
pattern in the beach mark method. The main condition is 

a stress ratio of under 0.1. When introducing a beach 
mark as shown in the photograph, a 0.5 stress ratio 
condition is inserted in a fixed period in order to calculate 
the surface crack propagation speed. Table 3 shows the 
fatigue test conditions applied with each test piece in the 
beach mark test. The stress range was varied in order to 
prevent fatigue crack initiation from the weld toe at 
points other than the initial notch. With one piece, the test 
conditions were changed during the test because fatigue 
crack propagation was not observed on the test piece 
surface. 
 

 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

C Si Mn P S 
0.12 0.30 1.34 0.010 0.004 

YS (MPa) TS (MPa) El (%) 
321 463 28 

Fig. 2: Geometry of specimens 

a) As-welded specimen 

b) Peening specimen 

Table 2:  Tensile properties of base plate 

Table 1:   Chemical composition of base plate (mass%) 



 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
  
 
 
 
 
 
 
 
 
 
 
 
 

Experimental Results 

Figure 6 shows some of the surface profiles of the weld 
toe and traces of hammer peening. The depth of the 
depression after peening was 0.2mm-0.4mm. The 
residual stress on the surface of the peened areas in Fig. 
6 was -407MPa to -450MPa. 
Figure 7 shows the S-N curve of the gusset welded joints 
with peening in comparison with “As-welded.” The 
number of cycles to failure after peening is longer than 
that in the as-welded condition. If fatigue crack initiation 
life is excluded, fatigue crack growth life was improved 
by the hammer peening process. 
Figure 8 shows the fracture appearance of the test pieces 
after the fatigue test by the beach mark method. Clear 
beach marks could not be observed in the immediate 
vicinity of the mechanical notch in any of the test pieces, 
presumably because the interval between the beach 
marks was too short  to be observed. Several beach marks 
were observed on the fracture surface. The length and 
depth of each beach mark was measured, and the fatigue 
crack propagation rate was calculated in both the length 
direction and the depth direction. In the initial stage just 
after the start of the fatigue test, beach marks were 
difficult to observe in almost all specimens due to the 
large number of marks near the notch. Therefore, the 
average fatigue crack propagation rate was calculated by 
measuring the distance from the edge of the notch to the 
first observed beach mark. The morphologies of the 
beach marks in case of peening seem extremely different 
from those in the as-welded condition. Regarding the 
length of the surface cracks, the beach mark with peening 
is much shorter than that of the as-welded specimens. 
Figures 9a), b), c) show the relationships between the 
number of cycles and the fatigue crack length in the 
length (2c) and depth (a) directions. All test pieces 
displayed the same relationship between the number of 
cycles and the fatigue crack propagation rate; namely, the 
fatigue crack propagation rate was relatively slow in the 
early cycles, and then increased as the number of cycles 
increased. Compared under the condition of “ R0.1= 
200MPa” in Fig. 9a), the crack length of the peening 
specimens propagated more slowly than that in the as-
welded specimen in the same stress range. The surface 
crack propagation rate was calculated by using the data 
in Fig. 9. 
Figure 10 shows the relationship between the aspect ratio 
(a/c) of the surface crack and the crack depth ratio (a/t). 
In the hammer-peened specimens, the aspect ratio 
increased more rapidly than in the as-welded specimens 
in the lower range of the crack depth ratio (a/t). This is 
attributed to a delay in extreme crack growth in the length 
direction.  
Figure 11 shows the surface crack propagation rate in the 
depth direction, comparing the peening and as-welded 
conditions. When the crack depth is 1.5mm, the crack 
propagation rate with peening is about 1nm/cycle, and 
that of the as-welded condition is about 15nm/cycle. 
Although the crack tip is out of the compressive residual 
stress field, the crack propagation rate with peening is 
less than 0.1 times the propagation rate in the as-welded 
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Fig. 5:   Fatigue crack growth test conditions including 
beach mark method 

Fig. 3: Air tool used for peening 

Fig. 4: Appearance of test piece (Peening) 

a) Overall 

b) Peening area 

Table 3 Fatigue test conditions including beach mark 
method



condition. The crack depth of peening joints propagates 
more slowly than that of as-welded joints, even though 
the surface crack front is out of the compressive residual 
stress field. 
In summary, when compressive stress is introduced in the 
surface of the base metal by hammer peening, the fatigue 
crack propagation rate in the length direction is much 
slower than that under the as-weld condition. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

5mm

a) A3, As-welded, R0.1=130MPa

b) A2, As-welded, R0.1=200MPa

c) P1, Peening, R0.1=200-220MPa 

d) P2, Peening, R0.1=220MPa 

Fig. 8:   Fracture surfaces after fatigue test using 
beach mark method 
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Fig. 6:  Profiles of weld toes in test pieces

Fig. 7:  S-N curve of gusset welded joints with 
and without peening 



 
 
 
 
 
 
 
 
 
 
 
 
 
  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Discussion 
The factor which suppresses surface crack propagation in 
the depth direction was considered from the experimental 
results. When a surface crack is small enough to be inside 
the compressive residual stress field, crack propagation 
is suppressed in both the length and depth directions due 
to the compressive residual stress. However, if a surface 
crack continues to propagate and the crack front extends 
out of the compressive stress field, the crack depth of the 
peening specimens propagates more slowly than that of  
the as-welded specimens, and the crack predominantly 
propagates in the depth direction.  
We focused on the aspect ratio change of surface cracks 
in the comparison the “Peening” specimens and “As-
welded” specimens shown in Fig. 10. In the as-welded 
specimens, the aspect ratio increases gradually until 
fracture, whereas in the peening specimens, the aspect 
ratio increases greatly at the beginning of crack 
propagation but subsequently decreases until fracture.  
In the peening specimens, surface cracks tend to 
propagate predominantly in the depth direction at the 
beginning of crack propagation. Therefore, we studied 
the effect of the aspect ratio on surface crack propagation.  
To clarify the phenomenon of delayed surface crack 
propagation shown in Fig. 11, we investigated the 
relationship between the stress intensity factor range 
( K) and the surface crack propagation rate, focusing on 
the beach mark aspect ratio. The stress intensity factor 

Fig. 9:  Crack length and crack depth growth against 
applied load cycles 
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Fig. 10:   Relation between crack depth ratio and 
aspect ratio of surface crack 

Fig. 11:   Relationship between crack depth and crack 
propagation rate in depth direction of surface 
crack

a) P1 (Peening) and A2 (As-welded), R0.1=200MPa 



range ( K) was calculated by the numerical calculation 
formula for the stress intensity factor proposed by 
(Newman and Raju, 1984). In this study, the formula 
proposed by (Maddox and Andrews, 1990) at the right 
side is used for consideration of the stress concentration 
due to the weld toe. In this analysis, the calculations only 
considered applied stress.  
Figure 12 shows the relationship between the crack depth 
and the stress intensity factor at the deepest point of the 
surface crack. The Ka value of the “As-welded” 
specimen continues to increase from the start of 
propagation until fracture. In contrast, in the “Peening” 
specimen, Ka is suppressed to about 40 N/mm1.5 when 
the crack depth is less than about 5mm. Ka is suppressed 
when a surface crack propagates predominantly in the 
depth direction, even though the surface crack front is out 
of the compressive residual stress field. 
Figure 13 shows the relationship between the crack depth 
and K values in comparison with the aspect ratio in case 
of peening. The Ka value means the stress intensity factor 
at the deepest point of the surface crack, and the Kc value 
is that of at the tip of the length direction.  Until the aspect 
ratio reaches its peak, Kc continues to increase but Ka 
is suppressed. Ka is suppressed when a surface crack 
propagates more predominantly in the depth direction 
than in the length direction. 
The fatigue crack propagation behavior of welded joints 
treated by hammer peening is summarized below.  
Crack propagation in the length direction is suppressed 
due to the compressive residual stress introduced by 
peening. Propagation in the depth direction becomes 
dominant, and the depth of the crack front becomes 
longer than the length of the crack front. Focusing on the 
depth direction, the crack propagates slowly due to 
suppression of the Ka value. When compressive stress 
is introduced by hammer peening, crack propagation is 
suppressed not only in the length direction but also in the 
depth direction, even when the surface crack front is out 
of the compressive residual stress field. The surface crack 
morphology suppresses the stress intensity factor at the 
deepest point, and as a result, fatigue crack growth life is 
improved by hammer peening processing. 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Conclusions

The effect of compressive residual stress at the surface of 
welded joints on surface crack propagation was clarified.  
1) When hammer peening was applied around the weld 
toe, compressive residual stress at the surface of the 
specimen controlled surface crack propagation not only 
in the length direction on the specimen surface but also 
in the depth direction.  
2) The surface crack morphology delays surface crack 
propagation in the depth direction. Even though the crack 
propagates predominantly in the depth direction, the 
stress intensity factor (K value) at the deepest point is 
suppressed. 
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Abstract  

This paper presents experimental and numerical investigation 
results on plastic response of steel plates subjected to repeated 
impulsive pressure loadings. Drop tests were performed on 
unstiffened plates repeatedly using a drop testing machine 
changing the plate thickness and drop height. The pressure, 
strain and acceleration histories were recorded during the 
tests and the permanent deflections were measured after every 
drop. The material properties of the models were obtained 
from static tensile tests. From the pressure histories obtained 
from the tests the characteristics of the impulses were identi-
fied. Numerical analyses were conducted using a commercial 
package software ABAQUS/Explicit. Numerical simulations of 
the tests were performed using the measured pressure histo-
ries and the permanent deflection predictions were compared 
with those of experiments.  

Keywords 

Steel plate; Impulsive pressure; Drop test; Repetition; 
Permanent deflection; Numerical analysis.  

Introduction 

Marine structures are prone to be subjected to various 
kinds of impulsive pressure loadings including slam-
ming, sloshing and green water. Among those, only the 
impulsive pressure loadings due to slamming will be 
considered in this paper. Even in a single storm ships or 
offshore structures can be impacted due to slamming 
several times leaving permanent deflections over the 
impacted region. At the moment no design guidance on 
the allowable permanent set due to slamming can be 
found. However, it is necessary to be able to estimate 
the permanent set for more deliberate design of marine 
structures against slamming.  
Since Weinig (1936) extended the Wagner’s theory to 
consider the effects of elasticity of the impacted struc-
ture on the impulsive pressure due to slamming, many 
researchers have investigated the elasticity effects. Re-
cently Luo et al. (2010) performed numerical simula-
tions of hydro-elastic responses of rigid and flexible flat 
stiffened panels under slamming loads using a commer-
cial computer code.  
In most of classification societies’ rules, the slamming 
impulsive pressure is assumed to be quasi-static neglect-

ing its dynamic nature. The basis of this assumption is 
the short duration of the impulse comparing with the 
fundamental natural period of the impacted structure 
(Greenspon, 1956). At this juncture, a question can be 
raised whether the dynamic nature of the impulsive 
pressures can be neglected and treated in quasi-static 
manner.   
As mentioned earlier the repetition is a distinctive char-
acteristic of marine impulsive pressure loadings. How-
ever, only few researchers have investigated the effects 
of repetition on the damage extents of impacted struc-
tures. Chuang (1969) performed consecutive drop tests 
using an 1/4 scale ship bottom structural model with 10-
degree dead-rise angle. He also measured the central 
permanent deflection after every impact. After the 4th 
drop the permanent deflection was increased by 54%. 
Caridis and Stefanou (1997) numerically studied the 
effects of several load impacts on an unstiffened plate. 
The amplitude of the applied impulsive pressure was 1.5 
times of the static collapse value of the plate. The per-
manent deflection was increased by about 40% after the 
4th impact.  
Greenspon (1956) compared the structural responses 
obtained from the sea tests of the USCGC Unimak with 
analytical predictions. Pegg et al. (1988) obtained the 
bow flare slamming pressure recordings from the sea 
trial of the research vessel CFAV QUEST. They per-
formed FE analysis using the measured pressure histo-
ries and compared the predicted strains with measured 
values.   
In this study, various drop tests were repeatedly per-
formed with flat and 10o dead-rise angle models of 
wood and steel changing the drop height 1.0 m and 2.0 
m. The objectives of these experimental works are to 
investigate the effects of flexural rigidity of test models 
and effects of repetitions on the damage extents. Nu-
merical analyses were also conducted to estimate the 
permanent deflections of tested models for the compari-
sons with experimental results. 
 

Wet drop tests  

Wet drop tests were performed on three flat models and 
another three models having 10o dead-rise angle.  



Test models 

The length of models was 2000 mm and the cross-
sectional dimensions of test models are provided in Fig. 
1. The material of the models was SS41 steel, a general 
purpose structural steel. The tensile tests were per-
formed in the universal testing machines according to 
the requirements of the Korean Standard (2007). Three 
tensile coupons were tested for each thickness. The 
averages of material properties are summarized in Table 
1. In this study, Young’s modulus of the materials was 
assumed to be 206,000 MPa.  
 

 
Fig. 1: Cross-sectional dimensions of test models 

 
Table 1: Mechanical properties of steel models 

 
thickness yield  

strength 

(MPa) 

ultimate  

strength 

(MPa) 

ultimate 

strain 

(mm/mm) 

nominal 

(mm) 

actual 

(mm) 

3.00 2.86 299.5 448.7 0.1894 
5.00 4.84 312.4 455.0 0.1959 
8.00 7.84 280.8 433.2 0.2151 

 

Drop testing machine  

The drop tests were conducted using the drop testing 
machine shown in Fig. 2. The frame size of the machine 
is 4.0 m (width) x 3.5 m (length) x 5.0 m (height) and 
the water tank size is 3.0 m (width) x 4.0 m (length) x 
1.0 m (water depth). The model was lifted by a crane up 
to the predetermined height and held by an electro mag-
net in the frame.   
 

Measuring and data acquisition equipment  

Pressures, accelerations and strains were measured 
during the test and the measurements of deformations 
were conducted after each drop test. Pressures sensors 
were ICP probe type and their measuring range was 
3.35 MPa. Accelerometers were ceramic shear ICP type 
and the measuring and frequency ranges were  5000g 
and 0.4 to 10000 Hz, respectively. The deformations 
were measured using a 7-axis ROMMER absolute arm.  
The measurement locations can be found in Fig. 3. The 
accelerations were measured at the four corners of the 
model and the pressures and strains were obtained at 
eight points. The deformations were measured at 209 
points over the model indicated with red dots in Fig. 3. 
The histories of pressures, accelerations and strains 
were acquired using an NI PXI system. 

 
 

Fig. 2: Drop testing machine 
 

 
Fig. 3: Measurement locations of accelerations,  

pressures, strains and deformations  
 

Table 2: Drop height and number of repetition 
 

model Drop Height No. of Repetition 

S-00-3.0-A 1.0 m 2 

S-00-3.0-B 2.0 m 1 

S-00-5.0-A 1.0 m 5 

S-00-5.0-B 2.0 m 5 

S-00-8.0-A 1.0 m 5 

S-00-8.0-B 2.0 m 5 

S-10-3.0-A 1.0 m 2 

S-10-3.0-B 2.0 m 1 

S-10-5.0-A 1.0 m 5 

S-10-5.0-B 2.0 m 5 

S-10-8.0-A 1.0 m 5 

S-10-8.0-B 2.0 m 5 

W-00-20-A/B 1.0 m, 2.0 m 2 

W-10-20-A/B 1.0 m, 2.0 m 2 

 



Test conditions 

The drop height and number of repetition of each model 
are provided in Table 2. The model name in the table 
designates (S/W: steel/wood) – (dead-rise angle) – 
(nominal thickness) – (A: 1.0 m drop height /B: 2.0 m 
drop height). The number of repetition of each model 
was decided by the occurrence of fracture at the bound-
aries of the model.  
 

Test results 

Non-dimensionalization: Jones (1973) recommended to 
simplifying the impulsive pressure history with a trian-
gular pressure pulse shown in Fig. 4. In the figure, the 
time and pressure are non-dimensionalized with the 
natural period, Tn, and static collapse pressure, pc, re-
spectively.  Following the recommendation of Jones the 
representative triangular pressure pulses were obtained 
from the impulsive pressure histories records. In Fig. 4, 
 is the duration and  is the peak pressure of the 

pulse. 
 

 
Fig. 4: Simplified triangular pressure pulse 

 
The natural period of an unstiffened plate can be esti-
mated using Eqns. (1) and (2) after Sinha et al. (2008). 
 

                                                                          (1)
 
where  

            (2) 

 
The static collapse pressure of an unstiffened plate can 
be predicted using Eqn. (3) proposed by Jones (1971). 
 

                                                    (3) 

 

where 

Pressure history: The pressure histories of models S-10-
3.0-B and S-10-8.0-A are illustrated in Figs 5(a) and 
5(b), respectively.  Those are the records obtained from 
pressure sensors P3, P5 and P6. 

Fig. 5 (a): Pressure histories of model S-10-3.0-B 

Fig. 5 (b): Pressure histories of model S-10-8.0-A 

Peak pressure and duration: For all the models the peak 
pressures ( ) and durations ( ) obtained from the 
wet drop tests are summarized in Table 3. The values in 
the table are those of the first drop test of each model. In 
the table the pulses are also provided for reference. The 
figures in the parentheses are those of non-dimensional. 
 

Table 7: Peak pressure and duration obtained from wet 
drop tests 

 
(a) flat model, 1.0 m drop height 
 

Model 
Peak Pressure 

(MPa) 
Duration 

(s) 
Pulse 

(MPa - s) 

S-00-3.0-A 0.070 (7.563) 0.0330 (0.419) 0.00116 

S-00-5.0-A 0.136 (4.919) 0.0333 (0.716) 0.00226 

S-00-8.0-A 0.186 (2.852) 0.0287 (1.000 ) 0.00267 

W-00-20-A 0.220 (   -   ) 0.0108 (   -    ) 0.00119 
 
(b) flat model, 2.0 m drop height 
 

Model 
Peak Pressure 

(MPa) 
Duration 

(s) 
Pulse 

(MPa - s) 



S-00-3.0-B 0.088 (9.507) 0.0400 (0.508) 0.00176 

S-00-5.0-B 0.153 (5.534) 0.0265 (0.569) 0.00203 

S-00-8.0-B 0.261 (4.002) 0.0270 (0.941) 0.00352 

W-00-20-B 0.340 (   -   ) 0.0130 (   -   ) 0.00221 

 
(c) 10o dead-rise angle model, 1.0 m drop height 
 

Model 
Peak Pressure 

(MPa) 
Duration 

(s) 
Pulse 

(MPa - s) 

S-10-3.0-A 0.176 (6.090) 0.0013 (0.057) 0.00011 

S-10-5.0-A 0.255 (2.958) 0.0011 (0.081) 0.00014 

S-10-8.0-A 0.258 (1.269) 0.0010 (0.122) 0.00013 

W-10-20-A 0.214 (   -   ) 0.0023 (   -   ) 0.00025 
 
(d) 10o dead-rise angle model, 2.0 m drop height 
 

Model 
Peak Pressure 

(MPa) 
Duration 

(s) 
Pulse 

(MPa - s) 

S-10-3.0-B 0.231 (7.993) 0.0021 (0.092) 0.00024 

S-10-5.0-B 0.760 (8.817) 0.0006 (0.044) 0.00023 

S-10-8.0-B 0.401 (1.972) 0.0008 (0.098) 0.00016 

W-10-20-B 0.470 (   -   ) 0.0043 (   -   ) 0.00101 
 
 
Effects of repetition: The effects of repetition on the 
peak pressure and duration and permanent deflection 
were also investigated in the wet drop tests.  The results 
of models S-00-5.0-A and S-10-8.0-A are summarized 
in Table 8. 
 
Table 8: Effects of repetition on peak pressure and dura-

tion and permanent deflection 
 

(a) model S-00-5.0-A 

Repetition 
No.    

1st 4.919 0.716 -0.552 
2nd 4.412 0.640 1.026 
3rd 3.617 0.752 2.027 
4th 4.087 0.705 1.920 
5th 4.268 0.681 2.357 

 

(b) model S-10-8.0-A 

Repetition 
No.    

1st 1.269 0.122 0.040 
2nd 1.318 0.317 0.013 
3rd 1.299 0.256 0.105 
4th 1.377 0.378 0.106 
5th 1.663 0.268 0165 

 
Deformed shape of models: After every drop test the 
deformed shape was measured using a 7-axis ROM-
MER absolute arm. Some of the measurement results 

are depicted in Figs. 6(a) and 6(b). In the figures the 
deformed shapes are compared with the initial shapes.  

 
(a) model S-10-3.0-A 

 

 
(b) model S-10-3.0-B 

Fig. 6 Deformed shapes of tested models 

 

Numerical predictions of permanent deflections 

The numerical computations were performed using the 
nonlinear finite element package ABAQUS software 
(Abaqus, 2010). The impulsive pressure loadings ob-
tained from the wet drop tests were used as input data 
for the computations. For the computation efficiency the 
loading interval of 0.15 s was adopted and the damping 
coefficient was assumed to be 1% of the critical value. 
The element size was five times of the plate thickness.  

Definition of material properties  

For the impact analysis, the material properties were 
defined using the equations proposed by Cho et al. 
(2015). The yield strength, ultimate strength, hardening 
start strain and ultimate strain obtained from the static 
tensile tests were used for the derivation of the static 
constitutive equations. The true stress and strain were 
obtained using the relationships given as Eqns. (4) and 
(4).  

1tr e e  (4) 

ln 1tr e  (5) 

By substituting the obtained true stresses and strains 
into Eqns. (3) ~ (5), the constitutive equation can be 
obtained considering the yield plateau and the strain 
hardening. 

tr trE when ,0 tr Y tr  (6) 



,
, , ,

, ,

tr Y tr
tr Y tr HS tr Y tr

HS tr Y tr
 

when , ,Y tr tr HS tr  (7) 

, ,
n

tr HS tr tr HS trK    when ,HS tr tr          (8) 

where 
,

, ,
, ,

T tr
T tr HS tr

T tr HS tr

n  (9) 

, ,

, ,

T tr HS tr
n

T tr HS tr

K  (10) 

where  

σtr, εtr: true stress and true strain, respectively, 
σY,tr, σHS,tr, σT,tr: true yield strength, true hardening start 
stress, true ultimate tensile strength, respectively, 
εY,tr, εHS,tr, εT,tr: true yield strain, true hardening start 
strain,  true  ultimate  tensile  strain,  respectively. 
 
In order to consider the strain-rate hardening effects on 
the constitutive relationships the Cowper and Symonds 
equation (1957), Eqn (11), was used. The material con-
stants in the equation were assumed to be 40.4 and 5 for 
D and q, respectively.  
 

                                                          (11) 
 
where YD is the dynamic yield strength. 
 

Numerical prediction results 

Numerically predicted permanent deflections for models 
S-10-3.0-A and model S-10-8.0-A are summarized in 
Table 9.  
 

Table 9: Comparison of predicted permanent deflections 
with test results 

 
(a) model S-10-3.0-A 

Repetition 

No. 

Experiment 

(mm) 

Prediction 

(mm) 
Pred./Exp. 

1st 1.150 1.391 0.83 

2nd 7.043 7.393 0.95 

 
(b) model S-10-8.0-A 

Repetition  

No.  

Experiment 

(mm) 

Prediction 

(mm) 
Pred./Exp. 

1st 0.317 0.060 0.189 

2nd 0.104 0.360 3.462 

3rd 0.826 0.371 0.449 

4th 0.831 0.977 1.176 

5th 1.296 1.269 0.979 

 
Deflection histories of models S-10-3.0-A and S-10-8.0-
B are depicted in Fig. 7 which showing the impact in-
terval of 0.15 s. 
 

 
(a) model S-10-3.0-A 

 
(b) model S-10-8.0-B 

 
Fig. 7: Predicted deflection histories  
 

Discussion 

Effects of flexibility of plates 

In this study four different models were fabricated with 
3.0 mm, 5.0 mm and 8.0 mm steel plates and wood. 
Therefore, the flexibilities of the four models were dif-
ferent. In Table 7, the peak pressures and corresponding 
durations are presented for all the models tested in this 
study. As can be seen in the table the peak pressure is 
increasing and the duration is decreasing when the mod-
el becomes stiffer. However, quite interestingly, the 
tendency of the non-dimensional peak pressure and 
duration is the opposite and the tendency is more appar-
ent. It might be premature to draw any concrete conclu-
sion, but these results invoke the further research on the 
effects of the flexibility of the impacted structures on 
the impulsive pressure loadings due to slamming.  
 

Effects of repetition  

Repeated wet drop tests were performed in this study to 
investigate the effects of the repetition on the permanent 
set of plates. As several researchers advocated, the dam-
ages can be accumulated due to the repetition. The 
amount of the increments cannot be neglected in struc-
tural design against slamming. When the same quasi-
static load is applied several times, the permanent set 
cannot be increased. Therefore, for taking into account 
the damage accumulations in structural design dynamic 
approaches need to be employed. The test results pro-



vided in Table 8 indicated that the peak pressure and 
duration cannot be changed so much due to the repeti-
tion.  
 

Conclusions 

In this study, wet drop tests were conducted on two 
wood models and twelve steel ones. A half of them 
were flat and the others had 10o dead-rise angle. The 
thicknesses of steel plate were 3.0 mm, 5.0 mm and 8.0 
mmm which allowed investigating the effects of the 
flexural rigidity on the impulsive pressure loadings. The 
test results indicate that the flexural rigidity is another 
parameter affecting the impulsive pressure loading due 
to slamming. 
Repeated wet drop tests were performed in this study. 
The increment of the permanent set cannot be neglected 
and any dynamic approach need to be employed to 
consider this phenomenon.  
Dynamic nonlinear analyses were also conducted using 
ABAQUS software.  In the analyses the loadings ob-
tained from the drop tests were input. The accuracy of 
the numerical predictions was acceptable, but further 
study is necessary to improve its accuracy and reliability. 
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Abstract 

The influence of the side shell intermittent wetting on the 
fatigue life of ships longitudinal stiffeners is well known, and it 
has been the subject of many studies. Different models have 
been developed in order to take this nonlinear effect into 
account in the ships and offshore units fatigue strength eval-
uation procedures. However, these models have been built 
considering the sea pressure as the only source of stress cy-
cles in the fatigue details, while in most cases the stress in-
duced by the intermittent pressure is combined with other 
contributions, such as hull girder bending. The accuracy of 
the intermittent wetting effect models is somehow questionable 
in this context of combined fatigue loads. 
This paper presents the validation of current fatigue evalua-
tion methods accounting for the intermittent wetting effect. 
Spectral analysis using a stochastic linearization is compared 
with the nonlinear time domain simulation, considered as the 
reference model. 
In order to compare the different intermittent wetting models 
and assess their accuracy versus the reference model, numeri-
cal applications are done for 18 transverse sections of six 
container carriers, taking into account the actual relative 
influence of the different types of loads. The fatigue damages 
predicted by the current models are compared with the fatigue 
damage provided by the reference model. 

Keywords 

Fatigue damage; intermittent wetting; ship structures; 
side shell; time domain analysis; spectral analysis.  

Introduction 

Side shell longitudinal stiffeners in the area affected by 
the intermittent wetting at the mean waterline of ships 
are known to be prone to fatigue problems. The load 
causing this type of fatigue damage is mainly the local 
wave pressure which is, in this case, a non-linear load 
due to the alternately dry and wet surface. Measured sea 
pressure time history, as shown in Fig. 1 from (Van der 
Cammen, 2004), is a truncated signal in the area of 
intermittent wetting (Pressure P1) whereas in the per-
manently wetted area, the pressure (Pressure P2) is a 
non-truncated signal. 
The intermittent wetting effect has been studied for a 
long time. Cramer, E.H. & al (1993) proposed a closed 
form fatigue damage expression for longitudinal stiffen-

ers connections considering exclusively the wave pres-
sure load, assumed to be a function of the relative wave 
elevation. Friis Hansen, P. & al (1995) studied the fa-
tigue damage in the side shells of ships under the com-
bined effect of hull girder loads and non-linear local 
wave pressure loads at mean water line. As the stress 
response is a non-linear function of the wave height, 
they didn’t use the spectral procedure and solved the 
load combination problem by the application of a regu-
lar wave model. 

 
Fig. 1: Sea Pressure Time History Inside and Outside the 

Intermittent Wetting Area. 

For practical reasons spectral fatigue analysis (SFA) is 
the preferred procedure for fatigue direct calculation in 
the industry, so methods for taking intermittent wetting 
effect into account in SFA have been developed (eg. Det 
Norske Veritas / Bureau Veritas (2004) ). In this paper, 
advanced intermittent wetting models dedicated to spec-
tral fatigue analysis are presented. They consist in a 
corrective pressure term added to the hydrodynamic 
linear pressure. This pressure correction is determined 
in such a way that the fatigue damages induced by the 
linearized pressure and by the non-linear pressure are 
identical. 
These intermittent wetting models are then compared 
with the non-linear time domain simulation considered 
as the reference model, in order to verify and compare 
their accuracy. These models have been built consider-
ing the sea pressure as the only source of stress cycles in 
the fatigue details while in most cases the stress induced 
by the intermittent pressure is combined with other 
contributions such as hull girder bending. Therefore, 
their accuracy is also to be checked in case of combined 
fatigue loads. The intermittent wetting models are vali-
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dated on the basis of a large set of fatigue results for a 
large number of structural details (i.e. longitudinal stiff-
ener connections with primary supporting members) on 
a large number of container ships. The fatigue damages 
predicted by the current models are compared for each 
detail with the fatigue damage provided by the reference 
model. 

Wave Intermittent Wetting Phenomenon 

Linear Pressure Model 

According to the linear first order diffraction-radiation 
theory used in SFA the pressure, at any point on the 
vessel hull below the mean waterline, is composed of 
the linear hydrodynamic pressure and the hydrostatic 
pressure (Eq. 1). 

 for  (1) 

 is the seawater density,  is the elevation of the con-
sidered point measured from the mean free surface, 
positive upwards,  is the gravity acceleration. 
However, this linear model is not physical in the inter-
mittent wetting area: the linear pressure brutally drops 
to zero above the mean waterline, and the pressure can 
be negative in the wave trough. The linear model fails at 
reproducing the actual P1 pressure signal shown in 
Fig. 1. 

Non Linear Pressure Model  

A nonlinear pressure model can be derived from the 
linear model in order to overcome the issues of the lat-
ter. Below the mean free surface, the non-linear pressure 
is obtained by replacing the negative linear pressure 
with zero (Eq. 2). 

 for  (2) 

The non-linear pressure above the mean free surface is 
obtained from the linear pressure calculated at the wa-
terline ( ). Several “stretching” procedures exist, 
the most commonly used one considers a hydrostatic 
water column above the mean waterline (Eq. 3). 

 for  (3) 

 is the hydrodynamic pressure at the mean free 
surface ( ). The spatial distribution of pressure 
that is obtained with this non-linear model is plotted 
below in Fig. 2, for a wave in crest and in trough. 

 
Fig. 2: Pressure Distribution in Wave Crest and Trough 

The above non-linear pressure model can be used for a 
time domain post-processing of the hydrodynamic re-
sults: the non-linear pressure is computed at each time 
step, and then used to produce time series of stress from 
which the fatigue damage is obtained by rainflow count-
ing. 

Principle of Pressure Linearization 

For spectral analysis, the pressure has to remain a linear 
function of the wave amplitude so that linear transfer 
functions, i.e. “RAOs”, can be defined. The non-linear 
pressure model cannot be used, but a linearized pressure 
model can be designed in such a way that its pressure 
remains linear and creates the same fatigue damage as 
the non-linear pressure. For each wave frequency  and 
wave direction , a corrective pressure RAO  is 
added to the hydrodynamic pressure RAO  to ob-
tain the linearized pressure RAO  (Eq. 4): 

 (4) 

The corrective pressure RAO is defined by a spatial 
distribution scalar function  applied to a reference 
pressure RAO (Eq. 5). 

) (5) 

The choice of  and the determination of the spatial 
distribution function, or “footprint”, then depends on the 
linearization technique. 

Corrective Pressure in Regular Waves 

Firstly, linearized corrective pressures have been devel-
oped considering the non-linear pressure range in a 
regular wave , defined as the pressure in the wave 
crest minus the pressure in wave trough. In a regular 
wave, the pressure range at different z elevations 
(Fig. 3) is written as follows (Eq. 6): 

 ∙g∙z      for 0 ≤z≤ 
∙g∙z for    ≤z≤ 0

for   z≤ 
 (6) 

 and  define the extent of the area that is af-
fected by the intermittent wetting , they are obtained by 
Eq. 7. 

 ∙g∙
∙g∙  (7) 

The equality between the linearized pressure range 
 and the non-linear pressure range  

leads to the corrective pressure given in Table 1: 

Table 1: Regular Wave Corrective Pressure 
 0≤z≤  ≤z≤ 0 
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Fig. 3: Pressure Range Distribution on a Regular Wave 

Including Intermittent Wetting Effect 

As a further simplification of the regular wave pressure 
correction, Det Norske Veritas and Bureau Veritas 
(2004) proposed the pressure correction defined in Ta-
ble 2 which is exclusively based on the pressure at wa-
terline. The corresponding  footprint is shown as 
the “RW” solid line in Fig. 4. 

Table 2: Simplified Regular Wave Corrective Pressure 
 0 ≤ z ≤  ≤ z ≤ 0 

   

   
 is the height of the intermittent wetting corrective 

pressure footprint. 
In the academic case of a regular wave, the extent of the 
intermittent wetting area is constant, and  is obviously 
taken as the amplitude of the relative wave elevation 
(Eq. 8). 

 (8) 

In irregular waves this extent varies from one cycle to 
the other. Still, in the linearization process, the height of 
the pressure footprint has to be kept constant for the 
entire RAO. Different approaches are possible to deter-
mine the regular wave (RW) footprint height when 
using it for irregular waves. 

Footprint Height in Regular Wave for Short Term 
Condition (RW_ ST) 

In this approach, a pressure footprint height  is defined 
for each sea state. This value is identical for all wave 
frequencies and directions, and is based on short term 
statistics of the relative wave elevation. Derbanne 
(2010) showed that using the significant amplitude 
gives good results (Eq. 9, where  is the root 
mean square of the pressure at waterline process). 

 (9)

This method is a rather straightforward transposition of 
the regular wave correction to an irregular wave. But its 
usage is rather complex since it requires a different 
RAO for each sea-state. 

Footprint Height in Regular Waves for Long Term 
Condition (RW_LT) 

As a further simplification, a single corrective pressure 
footprint height value  may be considered for a long 
term analysis based on numerous sea states. In this case, 

 should be based on the long term value of pressure at 
waterline, associated with a probability level  
(Eq. 10). 

 (10) 

The probability level  is selected because 
Derbanne & al (2011) showed that this probability level 
has the most important contribution to the long term 
fatigue damage. 
When such a simplified procedure is used, it is recom-
mended to verify at the end of the analysis the validity 
of the initial hypothesis on the footprint height, by com-
paring the chosen with the significant value of the 
relative wave elevation for the short term conditions that 
have the highest contribution to the long term fatigue 
damage. 

Irregular Wave Pressure Linearization Principles 

The corrective pressure footprint  is now de-
fined in such a way that the expected fatigue damage 
due to the linearized pressure is equal to the expected 
fatigue damage due to the non-linear pressure  , 
taking into account the statistical distributions of the 
loads and induced stress in irregular waves. This linear-
ization technique is explained in the report by Derbanne 
(2010) and in IACS Common Structural Rules Tech-
nical Background (2014). Under the assumption that the 
stress range is directly proportional to the wave pressure 
range, the equality of the fatigue damages means that 
the mth moment of the linearized pressure range  is 
equal to the mth moment of the non-linear pressure 
range  (Eq. 11) where m is the inverse slope of the 
fatigue S-N curve. 

 (11)

For a point located below the mean free surface (z<0), 
we use the local hydrodynamic pressure as the reference 
pressure, the mth moment of the equivalent pressure 
range is given by Eq. 12: 

 (12)

For a point located above the mean free surface (z>0), 
we use the hydrodynamic pressure at waterline as the 
reference pressure, the mth moment of the equivalent 
pressure range is given by Eq. 13: 

 (13)

The mth moment of , , and  can be cal-
culated analytically, assuming that the first two follow a 
Rayleigh or a Weibull probability density function, and 
using the non-linear pressure definition in Eqs. 2~3. 
Then  can be deduced from Eqs. 11~13. 
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Corrective Pressure Footprint in Irregular Wave for 
Short Term Condition (IRW_ST) 

For a short term sea state, the pressure ranges  and 
 follow a Rayleigh distribution, under the usual 

assumption of narrow banded gaussian processes. 
The corrective pressure footprint , for a short 
term condition and considering  is given by 
Eq. 14 with the coefficients defined in Table 3. 

 (14)

Table 3: IRW ST Corrective Pressure Parameters 
   

  

   
   
   
   
   
 0 1 

   
 

 is the upper incomplete gamma function defined 
by  

 is the lower incomplete gamma function defined 
by  

Corrective Pressure Footprint in Irregular Wave for 
Long Term Condition (IRW_LT) 

For a long term condition, in irregular waves, the pres-
sure ranges  and  follow Weibull distribu-
tions, characterized by their shape parameter  and their 
scale parameter . 
The corrective pressure footprint , for a long 
term condition and considering  is defined by 
Eq. 14 above and Eq. 15 below, with the coefficients 
given in Table 4. 

 (15) 

Table 4: IRW LT Corrective Pressure Parameters
   

   

  
 

   
   
   
   
 0 1 

   
 

 and  are respectively the pressure 
range at waterline and the local hydrodynamic pressure 
range, at  probability level. For the analysis, 

 and  are selected, since previous work (Der-
banne et al (2011)) has shown that the influence of the 
shape factor  on the total damage is minimized when 
the reference stress is taken at  level. 
Fig. 4 below shows the intermittent correction pressure 
footprints  for the regular wave (RW), for the 
irregular wave in “short term” condition (IRW_ST) and 
in “long term” condition (IRW_LT). On this figure, the 
stiffeners position on the side shell is made non dimen-
sional using the value of the footprint parameter .  is 
obtained from Eq. 8 for the RW footprint, from Eq. 9 
for the IRW_ST footprint and from Eq. 10 for the 
IRW_LT footprint. 

 
Fig. 4: Pressure Footprints for Intermittent Wetting Cor-

rections RW, IRW_ST and IRW_LT. 

The three pressure distributions are very similar close to 
the waterline, but are clearly different apart from the 
waterline. 

Fatigue of Longitudinal Stiffener Connection 
Details 

Bureau Veritas has developed tools for spectral fatigue 
analysis of longitudinal stiffener connections with pri-
mary supporting members, combining state of the art 
linear hydrodynamic simulation with an analytical beam 
theory structural model. 
In this paper, the same hydro-structure model is used to 
compute side shell stiffeners fatigue damage in time 
domain and in frequency domain, with the different 
pressure models presented above. Only the main princi-
ples of the hydro-structure model are presented, details 
can be found in (Bureau Veritas, 2014). 

Hydrodynamic Model 

The wave induced loads are computed using 3D linear 
potential flow hydrodynamic software HydroSTAR 
which is presented in Chen (2004). Sea pressure, verti-
cal and horizontal bending moment RAOs are obtained 
for each fatigue detail. 

Structural Model 

Stresses at the flange of longitudinal stiffeners in way of 
the attachment on the primary supporting members are 
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calculated analytically using beam theory. The hot spot 
stress is the combination of the nominal axial stress due 
to hull girder bending  with the nominal local stiffen-
er bending stress , each one multiplied by its geomet-
ric stress concentration factor  and  (Eq. 16). 

 (16)

 is a factor accounting for the stress magnification 
induced by flange eccentricity and by the deflection of 
the primary supporting members when relevant. 
The hull girder nominal stress is given by Eq. 17, where 

 are the coordinates of the considered stiffener 
and  are those of the section center,  and 

 are the vertical and horizontal bending moments at 
the considered section,  and  are the section mo-
ments of inertia about its horizontal and vertical neutral 
axes respectively. 

 (17) 

The local bending nominal stress at longitudinal stiffen-
er connections with primary supporting members is 
determined using Eq. 18 where  is the sea pressure 
acting on the considered stiffener’s associated plate, 

is the stiffener’s effective bending span,  is the 
section modulus of the considered stiffener calculated 
considering an effective breadth of the attached plating, 
 is the spacing of the considered stiffener. 

 (18) 

Fatigue Damage 

The fatigue damage is computed using the linear cumu-
lative damage proposed by Miner. A hot spot stress 
approach is used (Bureau Veritas, NR467, 2009), the S-
N curve is the DEn “D” design curve taking into ac-
count a thickness effect correction. 
The long term fatigue damage  is obtained as the 
sum of the short term damages  multiplied by the 
probability of occurrence  of the corresponding 
short term sea states in the long term wave statistics 
(Eq. 19). 

 (19) 

In this paper, the short term fatigue damage is obtained 
by means of either a time domain analysis or a spectral 
analysis in frequency domain. 

Time Domain Analysis 

For each sea-state, the hydrodynamic model’s load 
RAOs are applied to the wave energy spectrum, and 
wave load time series are generated by inverse Fourier 
transform. The non-linear sea pressure model (Eq. 2~3) 
is applied at each time step, before Eqs. 16~18 are used 
to produce hot spot stress time series. The stress cycles 
are extracted by the rainflow counting method. The 
short term damage  is the sum of the contribution of 
each stress cycle  as per Eq. 20, where  and  are 
the S-N curve parameters. 

= ∆σ m

Kp
 (20)

Spectral Analysis 

A corrected pressure RAO is built using Eq. 4 where 
 is obtained by one of the linearization methods 

described above (RW or IRW, ST or LT). If a short 
term approach is used, a different RAO has to be creat-
ed for each sea-state. Then Eq. 18 is used to obtain the 
local bending stress RAO. Finally, Eq. 16 is used to 
build a hot spot stress RAO from the linear hull girder 
stress (Eq. 17) and the linearized local bending stress 
(Eq. 18). 
The stress response spectrum is computed by applying 
the stress RAO to the wave energy spectrum, and then 
integrated in order to determine its moments. Finally, 
the expected short term fatigue damage is obtained by 
closed form expressions, assuming a Rayleigh distribu-
tion for the stress range. 

Numerical Application 

Six different container ships are considered for the nu-
merical application, their main characteristics are given 
in Table 5 below. 

Table 5: Ship Particulars 
Ship Length [m] Breadth [m] Depth [m] 
S1 260.0 40.0 24.3 
S2 157.7 25.0 14.9 
S3 320.9 42.8 24.6 
S4 217.3 37.3 19.3 
S5 349.5 51.2 29.9 
S6 349.5 51.2 29.9 

 
For each ship, a hydrodynamic model is built for the 
fully loaded condition, and coupled with 2D transverse 
sections data to produce transfer functions from wave to 
hot spot stress in the stiffeners end connections. Three 
sections are considered for each ship, close to 25%, 
50% and 75% of the ship length. The side shell longitu-
dinal stiffeners from the bilge up to the deck are consid-
ered, making a total of about 360 fatigue details on 18 
sections. 
The wave statistics from IACS recommendation are 
used. The wave main direction has been discretized with 
10° steps (i.e. 36 directions), thus defining almost 8000 
different short term conditions. 

Time Domain Analyses 

The reference fatigue result is given by the time domain 
analyses, using 10hour time series for each short term 
condition defined by its Hs, Tp and wave main direc-
tion. The wave energy spectrum is discretized using 740 
wave components in 37 directions. The variability of the 
short term damage per hour has been verified for one 
ship and one sea-state, using six different 10h simula-
tions. The coefficient of variation of the damage was 
found lower than 2% for all stiffeners. 
In total, about 30 millions of hours of stress time signals 
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have been processed in order to obtain the reference 
fatigue damage results. 

Spectral Analyses 

The same hydro-dynamic and structural models are used 
to produce stress RAOs for all stiffeners details, includ-
ing the corrective pressure described above, and the 
fatigue damage is determined by spectral analysis for 
the different intermittent wetting models. 
When the corrective pressure depends on the short term 
pressure statistics, the following procedure is used. The 
stress RAOs are built using the hydro-structure model 
for a discrete number of pre-selected pressure signifi-
cant value. Then, during the spectral analysis, for each 
short term condition the actual pressure statistics are 
computed, and the stress RAO to be used for that sea-
state is obtained by interpolation between the pre-
computed stress RAOs. This procedure introduces some 
discrepancy because of the interpolation, but avoids the 
imbrication of RAO construction and spectral analysis 
tools. This discrepancy has been evaluated for one ship 
and for the RW footprint, by comparing the fatigue 
damage obtained using 10 or 20 predefined values. The 
difference in damage was found lower than 2%. 

Models Comparison on Short Term Damage 

In a first step, and for the sake of clarity, we compare 
the fatigue damage of stiffeners for a single ship (S1), 
midship section, and a single sea-state. This sea-state is 
chosen among those with the highest contribution to the 
long term fatigue damage for the details subject to the 
intermittent wetting effect. The selected sea-state is: 
Hs=4.5m, Tp=11.96s, heading=270 (beam seas). 

Short Term Damage due to Local Pressure 

To begin with, we consider the theoretical case where 
only local pressure loads would be applied, since the 
correction models are based on these local loads only. 

 
Fig. 5: Short Term Damage, Local Pressure Only 

Fig. 5 shows the short term (ST) fatigue damage per 
hour obtained with the different models. Fig. 6 shows 
the discrepancy between the damage obtained by the 
different spectral analysis methods and the reference 
fatigue damage obtained by the time domain method. 
The stiffeners position on the side shell is made non-
dimensional using the significant amplitude of the pres-
sure at waterline for the considered sea-state (Eq. 21) 

 (21) 

 
Fig. 6: Discrepancy on ST Damage, Local Pressure Only 

The effect of intermittent wetting can be observed for 
stiffeners located above  . When no correction 
is applied, the error on fatigue damage is very large, 
typically equal or above 100%. The RW footprint re-
duces this error below 20% for stiffeners close to the 
mean free surface, up to . The IRW footprint 
allows to obtain very good damage results on the entire 
side shell, considering the fact that the damage due to 
local pressure for  is small as shown on Fig. 5. 

Short Term Damage due to Combined Loads 

Fig. 7 shows the damage induced by the combined ef-
fect of local pressure and hull girder load, for the same 
details and short term conditions as above. 

 
Fig. 7: Discrepancy on ST Damage, Combined Loads 

For , the results are very similar to those on Fig. 6. 
For , the influence of the hull girder stress in-
creases and tends to reduce the discrepancy, except for 
the IRW footprint. For this last model the combination 
of the local and hull girder stresses is not correctly cap-
tured and the fatigue damage is substantially over-
estimated. 

Models Comparison on Long Term Damage 

Long Term Damage due to Local Pressure 

For the same section, we compare the long term fatigue 
damage obtained with the different models. The correc-
tive pressure footprints based on long term statistics are 
added in the comparison. 
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The stiffeners position on the side shell is made non-
dimensional using the amplitude of the pressure at wa-
terline with a long term probability of  (Eq. 22). 

 (22) 

Fig. 8 shows the discrepancy on the long term fatigue 
damage. The IRW_ST model gives very accurate results 
on the entire side shell, while the RW_ST model’s error 
increases regularly for stiffeners located above the wa-
terline. 

 
Fig. 8: Discrepancy on LT Damage, Local Pressure Only 

The IRW_LT model is accurate for . In compari-
son, the RW_LT model is disappointing, particularly 
under the waterline where the damage is very underes-
timated. 

Long Term Damage due to Combined Loads 

Fig. 9 below shows the long term damage discrepancy 
considering the combined stresses. The trends are very 
similar to those observed on the local pressure induced 
damage (Fig. 8), except that for  the discrepancy 
tends to reduce. This effect is similar to what was ob-
served on the short term results (Fig. 7). 

 
Fig. 9: Discrepancy on LT Damage, Combined Loads 

Both methods based on irregular wave correction appear 
to be very efficient, with less than 20% discrepancy on 
the entire side shell. 

Comparison on Several Ships 

The long term fatigue damage induced by the combined 
stresses is calculated for the 18 ship sections in order to 
check if the above observations made on one section 
can be generalized. 

Fig. 10 and Fig. 11 show the damage discrepancy for
the correction models based on short term approaches, 
regular wave and irregular wave footprint respectively, 
for the 18 ship sections. Both models provide accurate 
fatigue damage prediction for stiffeners located below 
the mean free surface and slightly above. 

 
Fig. 10: Long Term Damage for RW_ST Model 

Above the mean free surface, the results for the regular 
wave footprint are more scattered and less accurate 
(Fig. 10), while the results for the irregular wave foot-
print remain excellent for the entire side shell (Fig. 11). 

 
Fig. 11: Long Term Damage for IRW_ST Model 

Fig. 12 shows the damage discrepancy for the correction 
model based on long term approach with a regular wave 
footprint. The results are very similar for all sections, 
but the typical discrepancy fluctuates in the peculiar 
way that was observed on Fig. 9. 

 
Fig. 12: Long Term Damage for RW_LT Model 

Fig. 13 shows the damage discrepancy for the correction 
model based on long term approach with the irregular 
wave footprint. Although the results are slightly scat-
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tered above the mean free surface, the results for this 
correction method are much better than those obtained 
with the RW_LT footprint. 

 
Fig. 13: Long Term Damage for IRW_LT Model 

In particular, the results obtained at the midship sections 
of all ships (Fig. 14) are excellent. 

 
Fig. 14: Irregular Wave - Long Term at Midship sections 

Conclusion 

Intermittent Wetting Correction Models Assessment 

Several intermittent wetting models aiming at correcting 
the spectral fatigue damage of side shell longitudinal 
stiffeners are analyzed, and applied numerically to 18 
transverse sections of container ships. Their results are 
compared with the reference value of fatigue damage 
obtained by time domain simulations. 
The short term approach with the regular wave footprint 
correction, which is the current practice for spectral 
fatigue analysis at Bureau Veritas, is proved to be satis-
factory for stiffeners below and immediately above the 
mean free surface. Changing it for the irregular wave 
short term footprint increases the accuracy, mainly for 
the stiffeners above the mean free surface. The combi-
nation of the local pressure induced stress with the hull 
girder stress does not undermine the benefit of the ad-
vanced correction model. 
Long term approaches are appealing, for they are easier 
to implement and less computationally demanding, with 
a single stress RAO for all sea-states. For these meth-
ods, the irregular wave footprint is much more accurate 
than the regular wave one, and is clearly preferable. 

Further Work 

In this work the intermittent wetting correction models 
are applied to several container ships. A more extensive 
validation could be done considering other types of 
ships or floating offshore units, since the combination of 
local pressure stress and hull girder stress might be 
different on these other structures and might degrade the 
accuracy of the correction methods. 
Intermittent wetting is not only an issue for spectral 
fatigue direct calculation methods but also for the class 
societies’ rule fatigue methods, which are based on long 
term approaches. The long term irregular wave footprint 
has already been taken into account for the definition of 
the side shell pressure profiles in recent classification 
rules, such as IACS Common Structural Rules and Bu-
reau Veritas Rules for the Classification of Container 
Ships. The benefit of using either a regular wave or an 
irregular wave pressure distribution in rules could be 
verified in a similar way as what has been done here for 
the spectral analysis. 
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Abstract 

This paper investigates the effect of weld geometry on the fa-
tigue strength of butt joints. The influence of weld notch shape 
and weld flank angle is studied with finite element analysis and 
three different local approaches. The applied approaches are 
notch stress approach, linear elastic-fracture mechanics 
(LEFM), and recently published strain-based crack growth ap-
proach. In this strain-based approach, the fatigue damage pro-
cess is modelled as a sequence of repeated crack initiation pro-
cesses. This enables to consider the influence of short crack in-
itiation and growth. The numerical simulations are compared 
to fatigue test results. The study reveals that for high-perfor-
mance welds with favorable notch geometry, the macro crack 
initiation period becomes significant causing inaccuracies with 
notch stress approach and LEFM. For a normal-quality weld 
with the undercut depth of 0.1 mm, the macro crack propaga-
tion dominates the total fatigue life. In this case, all approaches 
show somewhat similar estimation on the fatigue strength. 

Keywords 

Fatigue strength; weld shape; flank angle; undercut; 
notch stress approach; linear elastic fracture mechanics; 
strain-based crack growth approach 

Introduction 

To improve the energy efficiency and load carrying ca-
pacity of ships, new light-weight solutions are required. 
The weight reduction is possible using thinner plates and 
high strength steel. However, the utilization of these ad-
vanced solutions is limited due to the lack of knowledge 
about the fatigue behavior of these materials. For exam-
ple, in thin plates, the main challenge is distortions 
caused by the fabrication process (Lillemäe et al. 2012, 
Eggert et al. 2012, Fricke et al. 2015). In addition, espe-
cially with use of high strength steel, the structures be-
come sensitive to welding-induced flaws such as under-
cuts (Remes et al. 2010, 2014, 2015; Lillemäe et al. 
2016). Meanwhile, previous investigations show that by 
using low heat-input welding and well-defined welding 
parameters, these challenges can be overcome and an ex-
cellent fatigue strength is obtained (Remes et al. 2015; 
Lillemäe et al. 2016). However, the existing fatigue 
strength assessment methods are limited in applicability 

for high-performance welds in marine structures. 

Traditionally, a welded joint is assumed to incorporate 
crack-like defects, and thus it is assumed that the crack 
propagation Np dominates the total fatigue life Nf (Nf= 
Ni+Np). Therefore, the initiation life Ni are often assumed 
to be negligible. This assumption is not correct for a high-
performance joint with smooth weld geometry, for which 
the macro crack initiation becomes more important. A 
longer initiation time can lead to a significant difference 
in the fatigue strength and the slope of S-N curve in com-
parison to the existing ones; see e.g. (Remes 2013, Lil-
lemäe et al. 2016, Liinalampi et al. 2016). The modelling 
of this difference is a challenge for the existing stress-
based approaches, such as notch stress approach, since 
the S–N curve presents the total fatigue life and crack 
growth is not modeled explicitly. Linear-elastic fracture 
mechanics (LEFM) approach considers the macro crack 
growth. However, the LEFM requires the initial crack, 
and thus it neglects the macro crack initiation period. The 
consideration of macro crack initiation period, i.e. short 
crack growth, requires the elastic-plastic response. To 
consider this a strain-based approach is needed, com-
monly limited to initiation (Radaj et al. 2009). Recently, 
the strain-based approach is extended also for crack 
growth modelling using microstructure-based continuum 
modelling (Remes 2013; Remes et al. 2012).  

The direct utilization of local approaches in large welded 
structures is a challenge since a ship can have hundreds 
of kilometers of weld seam. Therefore, the fatigue 
strength assessment of large welded structures is com-
monly carried out using the structural stress approach 
(DNV 2014, Radaj et al. 2009) and an idealized finite el-
ement model. In this approach, the specific reference 
stress i.e. the structural stress is defined and fatigue life 
is estimated using S-N curve. Since the structural stress 
neglects the peak stress due to the weld notch, the influ-
ence of weld geometry on fatigue strength has been in-
cluded into the reference S-N curve. This approach is suf-
ficient if the geometry variation of the welded joint is in 
a good agreement with the reference database used for 
the determination of the S-N curve. However, in the case 
of a joint welded using advanced methods, such as laser 
hybrid welding, weld geometry can differ significantly 
from that of traditionally welded joints (Caccese 2006, 



Remes et al. 2008, 2010; Lillemäe et al. 2016;). This 
causes special challenges and uncertainties in fatigue 
strength assessment (Remes 2013) and thus, new S-N 
curves are needed for high-performance welds and struc-
tures. This requires systematic experimental work, which 
is supported by the numerical analysis with local ap-
proaches. However, there is limited knowledge about the 
suitability of different local approaches on fatigue 
strength assessment of high-performance welds. 

In this paper, the effect of weld geometry on the fatigue 
strength modelling of butt joints is investigated. Particu-
larly, the influence of weld notch shape and weld flank 
angle on fatigue life and fatigue strength is studied using 
different local approaches. The applied approaches are 
notch stress approach, linear elastic-fracture mechanics 
(LEFM), and recently developed strain-based crack 
growth approach (Remes 2013). In this approach, the in-
fluence of short crack initiation and growth are consid-
ered. This allows the explicit study of the macro crack 
initiation and fatigue strength of high-performance 
welds. 

Numerical simulations 

Weld and joint geometry 

A simplified butt joint geometry is considered. Plate 
thickness t is kept as a constant 12 mm, i.e. typical for 
marine structures. To avoid additional bending stress, 
misalignments are kept at zero and similar weld shape is 
used both weld toe and root side. Based on the weld ge-
ometry measurements for laser and laser hybrid welds 
(Remes 2013), three different weld shapes are consid-
ered: a high-performance weld (Case 1), a high-perfor-
mance weld with moderate weld bead (Case 2), current 
standard weld (Case 3). The weld geometry is defined 
with weld height, width, flank angle and undercut depth; 
see Fig. 1.  

 

  

Fig. 1: The geometrical dimensions of a butt joint. 

The numerical values of weld geometry are defined based 
on the measured values for laser and laser welded joints 
(Remes 2013). As shown in Table 1, Case 1 is the smooth 
weld geometry with the flange angle of 5 degree. Case 2 
represents normal weld geometry with the flange angle 
of 20 degree, but without an undercut. Case 3 has the 
flank angle of 60 degree and 0.1 mm undercut, which is 

typically allowed in the fatigue design recommendations; 
see e.g. (Hobbacher 2016). The studied detail is under ax-
ial load with nominal stress σnom = F/A, where A is the 
cross-section area and F applied force. The nominal 
stress σnom equals to the structural stress σhs in this study 
as the secondary bending stress is neglected. Load ratio 
of R=0 is used in analysis. 

Material properties for the studied joints are given in Ta-
ble 2. These values corresponds the measured material 
properties of laser-hybrid welded normal strength steels 
(Remes et al. 2013, 2014). The elastic-plastic properties 
are used only strain-based analysis. In this case both 
monotonic and cyclic stress-strain curve is given.  

Table 1: Weld geometry cases considered in the analysis 
(Units in mm and degree). 

Dimensions Case 1 Case 2 Case 3 
Plate thickness t 12 12 12 

Height h 0.26 1.09 5.2 

Width w 6 6 6 

Flank angle θ 5 20 60 

Undercut depth d 0 0 0.1 

Notch angle β - - 60 

Notch tip radius ρ - - 0.02 

Table 2: Mechanical properties (Unit in MPa and mm) 
for parent material (PM) and heat-affected zone 
(HAZ). 

Property PM HAZ 
Young's modulus E  210 000 

Poisson's ratio ν  0.3 
Monotonic loading   

Yield strength σy 287 346 

Tangent modulus ET 1650 1631 
Cyclic loading   

strain-hardening coefficient K 794 906 

strain-hardening exponent n 0.143 0.144 

Microstructure characters   

Hardness (HV5) 131 207 

Average grain size  0.009 0.002 

Grain size at P=99% 0.031 0.010 

Notch stress analysis 

Finite element (FE) method and 2D plane strain element 
model is used to analyze the notch stresses. The analysis 
is performed according to IIW guidelines (Fricke 2008; 
Hobbacher 2016). In notch stress approach, a sharp weld 
corner (Case 1 and 2) or a sharp weld notch (Case 3) is 
modelled using fictitious radius to consider material sup-
port effect (Neuber, 1968) as shown in Fig. 2. The ficti-
tious radius of 1 mm is assumed according to Radaj et al. 
(2009). Based on the maximum principal stress at notch 
tip, the fatigue life is calculated using S-N curve with 
FAT225 and the slope value m of 3 (Hobbacher 2016). 
This FAT value is aimed for load ratio R=0.5, and the 
FAT value is multiplied with the mean stress correction 
factor of 1.1 (Sonsino 2009) to consider load ratio R=0 
instead of R=0.5.  



 

Fig. 2: Example of 2D plane strain FE-model applied in 
notch stress analysis; Case 3.  

Linear elastic fracture mechanics 

Stress intensity factor KI is calculated using FRANC 2D 
software. The original geometry of the FE models is 
modified including an initial crack at sharp weld corner 
or undercut tip. The model is loaded with nodal forces 
equally distributed through the thickness and the other 
side is constrained from moving into that direction. Node 
in the middle of the plate thickness, on both sides, is pre-
vented from displacing in thickness direction. The model 
consists of parabolic plane-strain elements and the mesh 
is very fine i.e. element size is 0.005mm in the vicinity of 
crack propagation path; see Fig. 3. The software automat-
ically refines the mesh around the crack tip as the crack 
is growing. Crack increment is 0.01 mm until crack 
length of 2 mm and afterwards 0.1 mm until critical crack 
length is reached. Initial crack length ai was varied form 
0.01 mm to 0.2 mm. The calculated stress intensity fac-
tors KI as a function of crack length for the nominal stress 
of 100 MPa are presented in Fig. 4. The weld geometry 
has significant influence on the KI, when crack length is 
less than 0.5 mm. The difference in KI vanishes for longer 
cracks. 
 

 

Fig. 3: Example of FE-model applied in the linear-elas-
tic fracture mechanics approach; Case 3.  

Based on the stress intensity factors, fatigue crack prop-
agation time NP until critical crack length acri is calcu-
lated utilizing Paris rule:  

Δ⋅
=

cri

i

a

a
np da

KC
N

1
, (1) 

where C is crack growth coefficient and n the slope of the 
growth rate curve. C=1.65-11 [1 / (MPa3 ] and 
n=3 is applied according to IIW recommendations (Hob-
bacher, 2016). In addition, it is considered that if the 
range of stress intensity value K is less than threshold 

value Kth i.e. 5.4 or 2 MPa  the crack growth rate is 
zero and fatigue life is infinite. The value 5.4 MPa  is 
generally recommended, while the lower value of 2 
MPa  is recommended for surface crack with depth 
less than 1mm (Hobbacher 2016).  

 
Fig. 4: Stress intensity factors KI as a function crack 

length a for the nominal stress of 100 MPa. 

Strain-based approach 

In the strain-based crack growth approach (Remes et al. 
2012, 2013, 2014) the fatigue crack initiation and growth 
are modelled as a repeated crack initiation process within 
the volume related to the material microstructure as 
shown in Fig 5. The selected volume is called the damage 
zone, where the micro cracks nucleate and coalesce, and 
finally causing macro crack growth. In the first crack 
growth step (n=0), the initial geometry is described by 
joint, weld and weld notch dimensions, without an artifi-
cial initial crack to include the short crack growth period. 
After the failure of the initial damage zone, the crack is 
propagated with similar steps until the final fracture is 
reached.  

The size of the damage zone is defined from the grain 
size statistics (Lehto et al. 2016, 2014; Remes at al. 
2013). This size parameter is called the material charac-
teristic length ao since it defines the unit for material ho-
mogenization. The length ao defines the length of the 
crack growth step and the same length is applied to cal-
culate the fatigue-effective stress and strain (averaged 
over ao length); see Fig 6. It is assumed that the damage 
process follows the weakest link scenario, and therefore, 
the characteristic length ao is chosen to represent weak 
material i.e. the lowest strength. According to the Hall-
Petch relation (Hall 1951, Petch 1953) the low strength is 
related to large grain size and thus, the material charac-
teristic length ao, is assumed to correlate with the grain 
size at a probability level of 99%, d99%, according to 
(Remes et al. 2012).  

Based on the fatigue-effective stress and strain, the fa-
tigue damage parameter PSWT (Smith et al. 1970) and the 
corresponding number of load cycles Nin for the growth 
step n is calculated. The load cycles Nin are obtained us-
ing the Coffin-Manson formula (Coffin 1954; Manson 
1954) and the hardness-based estimation for fatigue 
strength coefficients (Roessle and Fatemi 2000). The to-
tal fatigue life for the final fracture Nf is the sum of the 
load cycles covering all the growth steps. Based on the 
number of load cycles Nin at the growth step n, the crack 
growth rate CGR can be calculated at a certain crack 



length from: 

)(
)(

aN

a
aCGR

in

o= . (2) 

The crack growth rate CGR is always related to a certain 
crack length a, and thus it enables a comparison to be 
made between the present results and the results based on 
the fracture mechanical approach using stress intensity 
factors KI. 

 
Fig. 5: Flow chart of the strain-based approach to fa-

tigue crack growth modelling. 

 
Fig. 6: Principle of stress averaging to calculate the ef-

fective notch stress (Remes 2013).  

In the fatigue crack growth simulations, the FEM pack-
age Abaqus version 6.8-1 was used. The large displace-
ment and large strain are included. The non-linear mate-
rial behavior was described using the isotropic hardening 
rule, von Mises yield criterion, and separate stress-strain 
curves for monotonic and cyclic loading. Consequently, 
the FE analysis included two steps in which the mono-
tonic stress-strain curve was applied to calculate the max-

imum stress. Then the strain amplitude was calculated us-
ing the cyclic stress-strain curves. This analysis proce-
dure was applied for each discrete crack growth step. The 
four-node plane strain elements are used with element 
size changing gradually from the area of the notch to the 
rest of the model. The minimum element size was of the 
order of 1 μm and the maximum element size was 0.5 
mm. In the simulations, the specimens were clamped by 
setting the axial displacement to be equal at all nodes at 
the loaded end. After the initial crack growth step, the 
geometry of the FE model was updated according to the 
crack growth and the FE analysis was repeated. As shown 
in Figure 7, the fatigue simulation was started from the 
actual weld geometry without initial crack and continued 
until the critical crack length. A fatigue crack is assumed 
to grow in the direction perpendicular to the maximum 
principal stress. Since the direction of the maximum prin-
cipal stress can vary according to the weld geometry, the 
crack growth direction is calculated for each growth step 
n. The direction of the maximum principal stress is de-
fined as the mean value of all values within the highly 
stressed volume. This volume is defined as an area where 
the stress is up to 80% of the maximum stress. The use of 
the highly stressed volume was supported by the previous 
investigation (Radaj et al. 2006). 

 

 
Fig. 7: Example of FE-model applied in notch stress 

analysis; Case 3.  



Results 

Fatigue strength comparison 

The estimated fatigue strength at 2 million load cycles is 
summarized in Fig 8 and Table 3. All results are pre-
sented in terms of structural stress to focus on the weld 
shape effect. For the comparison, the fatigue strength 
from the structural stress approach, is also included with 
the mean stress correction factor 1.1. The structural stress 
approach yields a fatigue strength of 110 MPa. It is same 
for all cases since structural stress does not consider the 
weld shape effect. For Case 3 (normal weld with under-
cut), the fatigue strength for notch stress approach is 120 
MPa being similar to that of structural stress approach. 
For Case 2 and 1 fatigue strength is increased up to 176 
MPa. The LEFM gives lower or higher fatigue strength 
than that of notch stress approach depending the thresh-
old value Kth. There fatigue strength varies from 65 
MPa up to 240 MPa. The strain-based crack growth ap-
proach gives a similar or slightly higher fatigue strength 
value compared to LEFM with Kth = 5.4 MPa m.  

 

 
Fig. 8: Fatigue strength at 2 million load cycles for the 

different local approaches: Case 1) a smooth 
weld, Case 2) normal weld without undercut, 
Case 3) a weld with 0.1 mm undercut. 

 

Table 3: Comparison of fatigue strength (MPa) at 2 mil-
lion load cycles for load ratio R=0. 

Method Case 1 Case 2 Case 3 
Structural stress 
approach 

110 110 110 

Notch stress 
approach 

176 150 120 

LEFM approach,  
Kth=2 MPa m 

90 70 65 

LEFM approach,  
Kth=5.4 MPa m 

240 190 130 

Strain-based 
approach 

270 200 130 
 

Comparison of estimated S-N curves 

Fatigue life estimations for the total fatigue life i.e. S-N 
curves are compared in Figs. 9-12. The estimated curves 
are compared to the S-N curve of the structural stress ap-
proach (Hobbacher, 2016) and fatigue test data for the 
high-performance welded joints (Remes 2013). Fatigue 
test data was obtained for axial loaded (R=0) butt joint 

with plate thickness of 12 mm. For this test series, the 
mean fatigue strength at two million load cycles is meas-
ured to be 265 MPa and the slope m is about 10.  

Fig. 9 shows S-N curves for structural and notch stress 
approaches. In Case 3 (weld with 0.1 mm undercut) the 
structural stress S-N curve is close to the estimated S-N 
curve based on notch stress approach. The S-N curves 
based on notch stress approach are higher for Cases 1 and 
2 due to smoother weld geometry. The cut-off limit 
shown in Fig. 9 represent the upper bound value, in where 
the fatigue strength of parent material defines the fatigue 
strength of the joint. Based on the comparison of S-N 
curves and test data, notch stress approach seems to give 
a conservative estimation. In addition, the slope of S-N 
curve (m=3) does not fit very well to the experimental 
one (m 10).  

Estimated S-N curves for linear elastic fracture mechan-
ics (LEFM) are presented in Fig 10 and 11. The initial 
crack size of 0.1 mm is same in both analysis, but thresh-
old value Kth is varied. As seen in Fig. 10 the estimated 
S-N curves with the threshold value Kth = 2 MPa   
are overly conservative in comparison to the structural 
stress and notch stress results shown in Fig. 9. If the 
threshold value Kth = 5.4 MPa  is used, it slightly 
improves the estimations by increasing the fatigue limit; 
see Fig 11. However, in the medium high-cycle fatigue 
range (104 < Nf < 106), the estimated fatigue life is clearly 
conservative. A possible reason for this is the fact that the 
macro crack initiation period is neglected since the 
LEFM used initial crack as a starting point for the crack 
growth simulations.  

The results from the strain-based crack growth approach 
are given in Fig 12. These results include the short crack 
growth i.e. macro crack initiation period. The estimated 
S-N curve for the weld with 0.1 mm undercut (Case 3) is 
similar to that of structural and notch stress approach 
with slope value m=3. However, for a smoother weld ge-
ometries the estimated S-N curves are significantly 
higher being more similar to the test data with higher 
slope values. For the smoothest welds (Case 1), the fail-
ure is estimated to occur in parent material since weld 
metal and heat-affected-zone have higher strength than 
the parent material as shown in Table 2.  

 

 
Fig. 9: Estimated S-N curves using structural and notch 

stress approach. 

 



 
Fig. 10: Estimated S-N curves using LEFM; ai = 0.1mm  

 
Fig. 11: Estimated S-N curves using LEFM; ai = 0.1mm 

Kth = 5.4 MPa . 

 
Fig. 12: Estimated S-N curves strain-based crack growth 

approach. 

The influence of weld shape on crack growth 

In order to understand the importance and influence of 
macro crack initiation on fatigue strength of high-perfor-
mance welds, the crack growth rate and fatigue life accu-
mulation is studied further based on the results of the 
strain-based approach.  

Fig. 13 shows the portion of fatigue cycles accumulated 
in different crack length ranges. The portion of the crack 
growth life of the total fatigue life Nf is calculated for the 
selected crack length ranges such as 0-0.1mm and 

0.1mm-0.2mm, etc. Fig. 13a shows the proportions for 
the nominal stress range Snom of 130 MPa. The results 
clearly show that in Case 1 (a smooth weld) and Case 2 
(normal weld without undercut) the most of fatigue life 
is spent to the crack growth until a crack size of 0.1 mm. 
In the Case 3 (weld with 0.1 mm undercut), the propor-
tions of total fatigue life Nf is more constant between dif-
ferent crack length ranges illustrating the bigger im-
portance of macro crack propagation. The results for the 
higher nominal stress range Snom of 280 MPa shows sim-
ilar trend, but the importance of crack propagation is in-
creased in all cases; see Fig. 13b. This is clearly visible 
for Case 2 (normal weld without undercut), in where the 
proportion of total fatigue life Nf for crack length 0-0.1 
mm is decreased form 94% to 50%.  

The reason for these differences in crack initiation and 
propagation is studied by plotting the fatigue crack 
growth rate CGR (Eq. 1) as a function of stress intensity 
factor KI (Fig 4). In this study, effective crack length 
(aef=d+a+ao) is also used to cover crack length of 0 mm. 
As shown in Fig. 14 the crack growth rate curve is similar 
for all different cases and load level, but weld notch shape 
and nominal stress range Snom defines the starting point 
in the CGR curve. For high nominal stress range and weld 
with undercut (Case 3), the crack growth started in the 
Paris regime (B) and continues as tearing related crack 
growth (C) as shown in Fig. 14. In the case of smooth 
weld geometry (Case 1 and 2) and low nominal stress 
range, the short crack growth period (A) is getting more 
important. In this case, the LEFM with selected threshold 
value e.g. Kth = 5.4 MPa m or Kth = 2 MPa m (IIW) 
seems to make significant simplification since it does not 
cover CGR curve in short crack growth period; see Pe-
riod (A) in Fig 14.  

 
Fig. 13: Crack growth time between different crack 

length in comparison to the fatigue life Nf: a) 
Snom= 130 MPa, b) Snom= 280 MPa.

m

m
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Fig. 14: Fatigue crack growth rate CGR as a function of stress intensity factor for different nominal stress range ΔΔSnom. 

The simulated CGR curve is compared to the design curve recommended by IIW (Hobbacher, 2016): Case 1) a 
smooth weld, Case 2) a normal weld, Case 3) a weld with 0.1 mm undercut.

Discussion and conclusions 

In this paper, the effect of weld and weld notch geometry 
on the fatigue strength of butt joints is studied using the 
notch stress approach, linear elastic-fracture mechanics 
(LEFM), and the strain-based crack growth approach. In 
the strain-based crack growth approach, fatigue damage 
process is modelled as a repeated crack initiation process. 
This allows considering the changes in the crack tip plas-
ticity and thus, also the crack initiation and growth of 
short crack. The results of the numerical simulations are 
compared to the fatigue tests results for high-perfor-
mance weld. 

The study reveals that for high-performance welds with 
smooth or favorable notch geometry (Case 1 and 2), the 
macro crack initiation period becomes significant caus-
ing inaccuracies with notch stress and commonly applied 
LEFM approaches. For these cases the slope value m=3 
is not reasonable. Based on the strain based simulation 
the slope value is significantly higher. This observation 
is in line with the experimental observations reported by 
Kawagoishi et al. (2000). 

For a normal quality weld with 0.1 mm undercut (Case 
3), the structural stress, notch stress approach, LEFM 
with Kth = 5.4 MPa m, and strain-based approach give 
similar estimation. In addition, the commonly used slope 
value of S-N curve, m=3, shows good correspondence. 
The exception was LEFM with Kth = 2 MPa m, which 
gives overly conservative estimation for fatigue strength.  

The results revealed also that LEFM and strain-based 
crack growth approach give similar results for a weld 
with undercut, but the results are significantly different 
for the high-performance welds; see Fig. 9-12. This is 

due to fact that the crack tip plasticity was fully devel-
oped in Paris’ crack growth regime discussed earlier in 
(Remes 2013, 2014). In the macro crack initiation period, 
i.e. short crack growth period, the crack tip plasticity was 
smaller than the material damage zone defined based on 
grain size statistics.  

The conclusion of present study is that the simplified 
modelling of weld notch effect can cause significant un-
certainties in fatigue strength assessment of high-perfor-
mance welds. Thus, the use of advanced local approach 
such as the strain-based approach is required to develop 
a solid basis on fatigue strength assessment of high-per-
formance welds. In addition, the experimental data is lim-
ited. The future studies should cover different joint types 
and steel materials to get more comprehensive under-
standing of fatigue behavior of high-performance welds. 
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Abstract 

This study evaluated the fatigue life of a 5-fin Pre-Swirl Stator 
(PSS) fitted ahead of the propeller of an 80,000 DWT bulk 
carrier. Specifically, this study considered the fatigue loads 
exerted on the fins by the stern wake and the ship motion 
induced velocity fields, neglecting the effect of the propeller 
induced inflow. A Boundary Element Method (BEM) based on 
the potential flow theory was employed to evaluate the loads 
on the fins. As input for this method, the viscous wake flow 
was produced by computational fluid dynamic simulations in 
calm water, and the motion-induced velocity was derived from 
potential flow based seakeeping analyses. Finally, finite ele-
ment analyses were carried out using the BEM pressure dis-
tribution to extract the hot spot stress at the fin connection, 
and to thereby assess the fatigue life of the PSS, which was 
found to be significantly greater than 25 years. 

Keywords 

Pre-Swirl Stator; Fatigue; BEM; CFD.  

Introduction 

Since the adoption of the Energy Efficiency Design 
Index (EEDI) resolution by the IMO (2011), energy 
efficiency has become a general concern in ship design. 
Jong (2011) reviewed various existing solutions devel-
oped over the past for ship powering improvement. A 
popular strategy consists of improving the flow into the 
propeller through the utilization of Energy Saving De-
vices (ESD) such as Pre-Swirl Stators (PSS). A PSS 
consists of several stator fins fitted on the stern boss 
ahead of the propeller. The PSS generates a swirling 
flow opposite to the propeller rotation that equalizes the 
propeller inflow and optimizes the propeller efficiency. 
Although failure of the PSS fins is not critical to the 
ship’s structural integrity, they might impact the propel-
ler after detaching. Therefore, their strength must be 
carefully considered, especially regarding their fatigue 
life since cracks were reported as the cause of actual 
PSS fin failures by Lee and Kim (2015). 
Guidelines regarding the direct evaluations of loads for 
the structural design of PSS are lacking. Yet the PSS 
fins are subjected to various sources of cyclic loads 
resulting from ship motions, viscous wake in waves and 
possibly from Vortex Induced Vibrations (VIV) that 

jointly contribute to the fatigue. Numerical tools such as 
Computational Fluid Dynamic (CFD) have been vali-
dated by researchers and towing tank facilities to eva-
luate the benefits of PSS in terms of powering perfor-
mance. Amongst others, Jong (2011) presented a 
framework to validate and optimize the Energy Saving 
Devices (ESD) efficiency using CFD simulations cali-
brated against model tests. However, CFD analyses are 
very time consuming and more practical methods are 
needed to evaluate the loads for structural design. 
Therefore, researchers have proposed various approach-
es to address this problem. Paboeuf (2013) proposed a 
numerical approach to evaluate the structural strength of 
an ESD for which the design waves producing the max-
imum bending of the fins would be determined through 
potential flow based seakeeping analyses, and the cor-
responding loads exerted on the ESD would be directly 
analyzed through CFD simulations. Lee and Kim (2015) 
adopted a similar hybrid potential-viscous flow hydro-
dynamic computational approach, but a neural network 
was employed to approximate the CFD-produced hy-
drodynamic forces as a function of the ship motions 
thereby enabling rapid long term fatigue predictions. 
This study aimed to evaluate the contribution of ship 
motions to the fatigue life of the PSS fins. Specifically, 
this study adopted a hybrid potential-viscous flow ap-
proach which, compared with CFD, provides a more 
practical engineering solution for this problem. A 
Boundary Element Method (BEM) developed by Hsin 
(1990 & 2003), that is based on the potential flow 
theory, was used to evaluate rapidly the hydrodynamic 
loads on the fins for a given regular design wave. 
This paper consists of six sections. The first section 
presents the methodology adopted in this study to assess 
the PSS fatigue life. The second and third sections de-
scribe, respectively, the potential flow based seakeeping 
analyses and calm water CFD simulations conducted to 
evaluate the velocity flow field at the PSS. The fourth 
section presents the BEM fin load predictions. The fifth 
section compares BEM load predictions to direct CFD 
simulations in waves. Finally, the sixth section eva-
luates the fatigue life of the PSS. 
 



 

 

Fatigue L

This study 
fatigue life 
80,000 DW
dimensions
arrangemen
fin. 

Table 1: S
Length betw
Breadth 
Draft 
Service spee

Fig

Figure 2 p
adopted in 
PSS fins. A
lyses were 
the ship m
given Equi
approach is
design that 
cases to the
life assessm
that generat
gue damag
corresponds
tational Flu
carried out 
wake in cal
This study 
(BEM) dev
on the pot
loads resul
induced by 
as produce
calm water
this study p
and in wav
predictions
Afterwards
BEM meth
model of t
correspondi
distribution
two-parame
range prod
which the s
the IACS (2
life for this
ducted by u

Life Evaluati

investigated 
of a 5-fin PS

WT bulk carri
s of the ship. 
nt for which a

Ship Principal 
ween perpendicu

d (Vs) 

g. 1: Pre-Swirl 

presents the f
this study to 

At first, potent
conducted u

otion-induced
ivalent Desig
s a very pract

enables limit
e most critica

ment, it entails
te the loads c
e that, as esta
s to a probabi
uid Dynamic 
to predict the

lm water. 
then employe

veloped by Hs
ential flow th
lting from the
 the ship mot

ed by potenti
r CFD analy
performed CF
ves for comp
. 
, the pressure

hod was trans
the fins to ex
ing to the co

n of stress ran
eter Weibull d
duced for a 
shape factor w
2015a). Final

s long term str
using the appro

ion Methodo

the ship mot
SS fitted on th
ier. Table 1 
Figure 1 illus
a number was

Dimensions 
ulars 

 

Stator Fin Arr

flowchart of 
evaluate the 

tial flow base
using Hydrost
d velocity at t
gn Waves (E
tical procedur
ting the numb
al for the stru
s determining 
ontributing th
ablished by th
ility level clos

(CFD) simu
e viscous flow

ed a Boundary
sin (1990 & 2
heory to eva
e unsteady fl
tion and the v
al flow base

yses respectiv
FD simulation

parison with t

e distribution
sferred onto t
xtract the hot 
onsidered ED
nge was then
distribution sc
10-2 probabil

was set equal to
ly, the evalua
ress range dis
opriate S-N cu

ology 

tions effect on
he stern boss o
lists the prin

strates the PS
s assigned to

223 
36.5 
13.9 

14 kn

 
rangement 

the methodo
fatigue life o

ed seakeeping 
tar (BV) to a
the PSS plan

EDW). The E
re in ship stru
ber of design 
ucture. For fa

the regular w
he most to the
he IACS (20
se to 10-2. Com
ulations were 
w field of the 

y Element Me
2003) that is b
luate the PSS
low field vel
viscous stern w
d seakeeping

vely. Addition
ns for calm w
the BEM fin 

n produced by
the finite ele
spot stress r

DW. A long 
n represented 
caled on the s
lity level and
o 1.0, accordi

ation of the fa
stribution was 
urve. 

n the 
of an 

ncipal 
S fin 
each 

m 
m 
m 

nots 

ology 
of the 

ana-
assess 
ne for 
EDW 
ucture 

load 
atigue 
waves 
e fati-
15b), 
mpu-
then 
stern 

ethod 
based 
S fin 
locity 
wake 

g and 
nally, 
water 

load 

y the 
ement 
range 
term 
by a 

stress 
d for 
ng to 

atigue 
con-

Fig. 2

Equ

For 
ship
of th
anal
expr
How
not v
to th
class
foil 
the 
targe
valu
whic
whic
This
(201
ship

 N
 P
 A
f
 3
 E

The 
serv
sum
The 
cond
Hyd
RAO
resp
This
long
corr
the l
for 7
term
trans
have
erted
No.1
to th
have
antic
fatig

Ev

De
velo

b

: Flowchart of

uivalent Des

loads varying
 hull girder b
he load can be
lysis conducte
ressed as a R
wever, the ben
vary linearly 
he square of 
sical drag and
sections. Ther
EDW maxim
et probability 

ue of the ship
ch varies line
ch a RAO can
s study adopte
15b) for deter
s classed for u

North Atlantic
Pierson-Mosk
Angular sprea
function cos²,
30 deg step of
Equal heading

IACS also p
vice speed Vs,

med an average
seakeeping a

dition were p
drostar for the 
Os of vertical
ectively, obta

s study condu
g term values
esponding to 
long term valu
75%Vs and 10

m vertical ve
sverse veloci
e a more sign
d on the PSS
1 (see Fig. 1)
he vertical vel
e an identica
cipated as be
gue life. 

BEM comput
valuate PSS fins lo

water and in 

Finite Element A
Evaluate PSS fa

Seakeeping an
etermine ship mot
ocity (VPSS,Y , VPSS

based on Long Te

f the Fatigue L

sign Waves f

g linearly wi
bending mom
e directly com
ed on the lin
Response Amp
nding momen
with the wave
the inflow v

d lift force for
refore, this stu

mizing the be
level (P = 10

p motion-indu
early with th

n thus be produ
ed the assump
rmining the R
unrestricted se
c wave scatter

kowitz wave sp
ading of the w

f ship/wave he
g probability. 
provides an av
, in addition 
e speed of 100
analyses of the
performed in 

two speeds. F
l and transver
ained for var

ucted a spectra
s of vertical 
a probability 
ues of vertical
00%Vs. It can 
elocity was a
ty. The verti
nificant effect
 fins; especia
which has the
locity action. 

al scantling. T
eing the most

ations
oads in calm 
wave

Analysis
atigue life

nalysis
tion-induced
S,Z ) for EDWs 
erm VPSS,Z

Life Evaluation

for Fatigue 

ith the wave 
ent), the long

mputed throug
near response 

mplitude Opera
nt on the PSS
e height, but w
velocity accor
rmulation for 
udy determine
nding of the 
-2) based on th

uced velocity 
he wave heig
uced.  
ptions made b
Rules loads o
ervice: 
r diagram (IAC
pectrum, 
wave energy g

eading, and 

verage speed 
to which thi

0% the service
e bulk carrier
frequency do
Figures 3 and
rse velocities

rious headings
al analysis to 
and transvers
level of 10-2. 
l and transver
be observed t

approximately
ical velocity 
t on the cycli
ally for the ho
e largest proje
Additionally,

Therefore, fin
t critical in v

CFD analysis 
Determine wa

( VPSS,X , V PS

in calm

CFD analysi
Compare PS

in calm water

n Methodology

Loads 

height (e.g. 
g term value 
gh a spectral 

of the load 
ator (RAO). 

S fins would 
would relate 
rding to the 
streamlined 

ed indirectly 
fin for the 

he long term 
at the PSS, 

ght, and for 

by the IACS 
on seagoing 

CS, 2010), 

given by the 

of 75% the 
is study as-
e speed. 
r in full load 
omain using 
d 4 show the 
 at the PSS 
s at 75%Vs. 
produce the 

se velocities 
Table 2 lists 
se velocities 
that the long 
y twice the 
would thus 

ic loads ex-
orizontal fin 
ected surface 
, all the fins 
n No.1 was 
view of the 

 (without PSS)
ake flow field
SS,Y , VPSS,Z )

m water

is  (with PSS)
SS fins loads 
r and in wave

y 



 

 

Fig. 3

Fig

Table 2: L

Ship spe

75% V
100% V

 
To ensure 
four EDWs
the largest v
deg (i.e. he
seas), and 2
only consid
ed by the h
ing and be
yaw induce
PSS. 
The four E
were then d
velocity tha
Equation 1 

EDWA
Lo

where RAO
dered headi
For the qua
transverse v
velocity Vz 
siders the d
Vz and Vy at

EDWy RAV

where Vz(
associated w
al and trans
Tables 3 an
ters for the 
tively. It c

3: Transverse 

g. 4: Vertical V

Long Term Mo

eed 

Vs
 

Vs 

that the bend
s were determi
vertical veloci
ad sea), 210 d
270 deg (i.e. 
dered the verti
heave and pitc
am seas EDW

ed transverse c

EDWs for he
derived from 
at would max
can compute 

Vzmax,

PSS

RAO
VTermong

Omax,Vz is the p
ing obtained a
artering and b
velocity Vy re
can then be c

difference in p
t max. 

maxVyRAO c

( max) and 
with the EDW
sverse velociti
nd 4 list the eq

two ship spe
an be observ

Velocity RAO

Velocity RAOs f

otion-Induced 

Vy 

(m/s) 
1.21 
1.24 

ding of fin N
ined for the w
ity RAO peak
deg and 240 d
beam sea). Th
ical velocity a
h motions, wh

Ws also inclu
component of 

ead, quarterin
the long term

ximize the ben
the EDW amp

Z,S  

peak of the R
at the wave fre
beam seas EDW
elated to the 
calculated by 

phase between

maxVzcos

Vy( max) are 
W wave freque
ies at the PSS 
quivalent desi
eds 75%Vs an

ved that for a

 
s for 75%Vs

 
for 75%Vs 

PSS Velocities

Vz 

(m/s)
2.64
2.88

o.1 is maxim
wave headings
ks (see Fig. 4)
deg (i.e. quart
he head sea E

at the PSS gen
hereas the qua

uded the sway
f the velocity a

ng and beam 
m value of ver
nding of fin N
plitude.  

RAO for the c
equency max.
Ws, the addit
long term ver
Eq. 2 which

n the two veloc

maxVy  

the phase an
ency for the ve
respectively.

ign waves par
nd 100%Vs res
a given speed

s 

mized, 
 with 
: 180 
ering 
EDW 
nerat-
arter-
y and 
at the 

seas 
rtical 
No.1. 

(1)

consi-

tional 
rtical 
con-

cities 

(2)

ngles 
ertic-

rame-
spec-

d, the 

verti
all h
the 
quar
bend

Tabl

Head
(de
18
21
24
27

Tabl

Head
(de
18
21
24
27

Wa

This
calm
How
the P
wak
the C
of th
then
was 
rate
dom
Meth
dom
Stok
mod
the V

Fig

This
ing 
two 
2,35
loca
PSS
the P
field
tions
eval
serv
com
geom
and 
vort

ical compone
headings sinc
largest transv
rtering sea at 2
ding of the fin

le 3: Equivalen

ding
eg) 

Long-te
(m/s

80 2.64
0 2.64

40 2.64
70 2.64

le 4: Equivalen

ding
eg) 

Long-te
(m/s

80 2.8
0 2.8

40 2.8
70 2.8

ke Velocity 

s study perfor
m water usin
wever, the CFD
PSS geometry

ke velocity flo
CFD simulati
he hull using t
n provided for

added near t
wave pattern

main extent an
hod was ado

main and to cal
kes (RANS) e
del. Finally, th
Volume-of-Fl

g. 5: CFD Com

s study condu
two degrees 
speeds (i.e. 

50,000 cells. F
ations from th
 fins (left) an
PSS region at 
d (Vx , Vy , Vz)
s. Figure 7 p
luations obtain
ved from the v
mponent Vx at t

metry, while 
transverse co
icity present a

nt Vz of the v
e it is the lon

verse velocity 
240 deg headi

n could be pro

nt Design Wav

rm Vz

s) 
RAOm

(m/s/
4 1.0
4 1.2
4 1.6
4 0.9

nt Design Wav

rm Vz

s) 
RAOm

(m/s/
8 1.4
8 1.4
8 1.7
8 0.9

Field by Ca

rmed CFD com
ng Star-CCM
D simulations
y in order to 
ow field in th
ion represente
the ship symm
the entire dom

the free surfac
ns. Figure 5 
d meshing str

opted to disc
lculate the Re
equations with
he free surfa
uid (VOF) ap

mputational Dom

ucted calm wa
of freedom (i
75%Vs and 1
Figure 6 show

he leading to 
nd the radial p

which the no
) was extracte
presents the w
ned by CFD 

velocity conto
the PSS was m
the vector pl
mponents of t

at the PSS plan

velocity was i
ng term value
Vy was obta

ing. Therefore
duced for qua

ves for 75%Vs 

max.Vz 
/m) 

max 
(rad/s) 

06 0.50 
29 0.55 
62 0.60 
96 0.70 

ves for 100%V

max,Vz 
/m) 

max 
(rad/s) 

48 0.50 
49 0.50 
74 0.60 
99 0.70 

alm Water C

mputations of
M+ (CD-Adap
s were conduc
extract the no

he PSS region
ed only the sta
metry. Trimme
main and refin
ce region for 
shows the co
rategies. A Fin
cretize the co
eynolds-Avera
h the suitable
ce was mode
proach.  

main Extent an

ater CFD ana
i.e. sinkage an
100%Vs) and 
ws the three 
the trailing e

positions (righ
ominal wake v
ed from the C
wake velocity
for 75%Vs. It
urs that the ax

much reduced 
lot, showing 
the velocity, i
ne. 

identical for 
e. However, 
ined for the 
e, the largest 
artering sea. 

AEDW

(m)
Vy

(m/s)
2.48 0 
2.05 0.53
1.62 0.72
2.74 0.69

Vs 

AEDW

(m)
Vy

(m/s)
1.94 0 
1.94 0.37
1.66 0.82
2.91 0.75

CFD 

f the ship in 
pco, 2015). 

cted omitting 
ominal stern 
n. Therefore, 
arboard side 
er mesh was 
ned meshing 
more accu-

omputational 
nite Volume 

omputational 
aged Navier-
e turbulence 
eled through 

 
nd Meshing 

lyses allow-
nd trim) for 
comprising 

longitudinal 
edges of the 
ht) covering 

velocity flow 
CFD calcula-
y flow field 
t can be ob-
xial velocity 
by the stern 
the vertical 

illustrate the 



 

 

 

Fig. 6

Fig. 7: Ste

PSS Fin L

This study 
PSS fins b
(BEM) dev
turbation po
for which t
with the coo

2 ( )p St

where SP d
the PSS fin
is the norm
explained a
source, and
induced by 
perturbation

/ n  is th
by the boun

Ut
n in

where (inU x

blades, and
the dipole 
condition, i
at upper a
strength in
thickness. 
The discret

( )
( )

1 1

N kN pB
ai k

k j

(( ) 1, Pi k N

( ) 1

NNBn
i k k

RHS

: Region of the

ern Wake Velo

Load Evalua

evaluated th
by employing
veloped by Hs
otential based
the governing
ordinate syste

[ ( )
PS

Gt G
n

denotes the PS
n wake surface
mal vector. Th

as the potent
d /G n  can 
a unit strengt

n potentials, e
he source stre
ndary conditio

n.t,x  

, )x t  is the inflo
d is a function
strength in th
is the differen
and lower tra
n the wake is

tized form of E
( )

), ( ) ( )
1

M kn Wj k j k
m

( ); 1, Bk k N  
( )

( ), ( ) ( )
1

N kp nbi k j k j k
j

e Nominal Wak

ocity Field at th

ations by BE

he fatigue loa
g a Boundary
sin (1990 & 2
d boundary ele
g equation is p
em fixed on th

( )]
WSt dS

n
SS fin surfac
e. G is the Gre
e Green funct

tial induced b
be explained

th dipole. (t)
equivalent to t
ngth, and it c

on given in Eq

ow velocity r
n of position an
he wake, whic
nce between th
ailing edge p
 zero since t

Eq. 3 is formu

( ), ( ), ( ) (
nWi k m k l k m k

( )( )
( ), (

1 2

N kM k w
Wi k m

m l

ke Flow Field

 
he PSS for 75%

EM  

ads exerted on
y Element Me
2003) that is a
ement method
provided in E

he PSS. 

( , ) ]Gx t dS
n

e, and SW den
een function a
tion G can als
by a unit stre
d as the pote
) is the streng
he dipole stre
can be determ
q. 4. 

elative to the
nd time, and 
ch, from the K
he dipole stren
panels.The so
he wake has 

ulated in Eq. 5

), ( ) ( )
n

k l k i kRHS

( ), ( ) ( ), ( )
n

k l k m k l k

 

%Vs 

n the 
ethod 
a per-
d, and 
Eq. 3, 

(3)

notes 
and n 
so be 
ength 
ential 
gth of 
ngth. 

mined 

(4)
 PSS 

 is 
Kutta 
ngths 
ource 
zero 

5. 

(5)

 
whe
N(k)
pane
NP(k
in th
and 
integ
dista
p. ai
the 
collo
the i
scrip
wav
num
inflo
The 
sists
moti
ticle
wav
to th
mum
whic
the s
velo
that 
wak
The
cycl
inpu
PSS
ploy

Figu
direc
the t

 C
 H

It ca
nent
of lo
the l
forc
fatig
term
verti
pitch
(Fx) 
bend

ere NB is the n
) is number of
els span-wise,
k)=N(k)*M(k)
he wake. j an

/ n , ai,j, b
grations of G
ance between 
i,j and bi,j are d
dipoles and 
ocation point 
integration of
pt n denotes t

ve), and time t
merical scheme
ow velocity is 
velocity flow

s of three com
ion-induced v

e velocity. Th
ve particle velo
he sea surface
m waterhead a
ch is conside
stern wake an

ocity flow fie
their effects 

ke flow field re
viscous stern

lic motion-ind
ut into the BE
 fins. Figure 

yed for the BE

Fig. 8. Fin

ures 9 to 11 s
ctions of forc
two following
Calm water at
Head sea (see 
an be observe
ts, the vertical
oads, especial
largest range 
e prediction c

gue of fin No
mining the EDW

ical velocity a
h angle of fin 
might also h

ding. 

number of PS
f panels chord
, and NP(k) is
. NW(k) is num
nd j represen
bi,j represent t

/G n  and 1/ r  
the panel po

defined as the
sources respe
i. W represen

f /G n  over a
the time step 
t is defined as
e is adopted 
updated at ea

w field around
mponents: the 
velocity at the
his study neg
ocity that is va
e. For the con
above the PSS
ered deeply s
nd the ship mo
eld were linea

were indepe
emained unch
n wake flow 
duced velocity
M to compute
8 shows a typ

EM calculation

n Model for BE

how the BEM
e (Fx, Fy, Fz) 

g cases: 
t 75%Vs (dash
Table 3, 180d

ed that amon
l force (Fz) pr
ly on fin No.1
of vertical for

confirmed the
.1, as previou
Ws based on t
at the PSS. Ad
No.1, the axia

have a signifi

S fins, and fo
d-wise, M(k) i
s total numbe

mber of panels
nt the discrete
the discrete f
over a panel, 
int and the in
e “influence fu
ectively from
nts the discre
a wake panel
(relative to th
 t n t . A tim
for the soluti

ach time step. 
d the PSS (Vx, 

ship stern wa
e PSS and th
glected the e
anishing with 

nsidered EDW
S was approx
submerged. A
otions contribu
arly combined
endent and th
hanged in wav
field (Vx, Vy, 

y flow field (
e the loads ex
pical fin panel
ns. 

EM Computati

M predictions 
exerted over 

h line), and 
deg) at 75%Vs

ngst all the fo
roduced the l
1, which was 
rces. Therefor

e criticality in 
usly anticipate
the long term 
dditionally, be
al component
cant influence

or PSS fin k, 
is number of 
er of panels, 
s chord-wise 
e forms of  
forms of the 

and r is the 
nduced point 
functions” of 
m panel j to 
ete forms of 
. The super-
he incoming 
me marching 
ion, and the 

Vy, Vz) con-
ake, the ship 
e wave par-
ffect of the 
the distance 

Ws, the mini-
imately 8 m 

Additionally, 
utions to the 
d, assuming 

hat the stern 
es.  
Vz) and the 

Vy, Vz) were 
xerted on the 
l model em-

 
ions 

of the three 
each fin for 

Vs (full line). 
orce compo-
argest range 
subjected to 
re, the BEM 
view of the 

ed when de-
value of the 

ecause of the 
t of the force 
e on the fin 



 

 

 
Fig. 9: PSS Fx Prediction by BEM for 75%Vs 

 
Fig. 10: PSS Fy Prediction by BEM for 75%Vs 

 
Fig. 11: PSS Fz Prediction by BEM for 75%Vs 

Figure 12 shows the BEM prediction of bending mo-
ment about fin No.1's chord axis for the four EDWs (i.e. 
Headings = 180 deg, 210 deg, 240 deg and 270 deg) and 
two speeds (i.e. 75%Vs and 100%Vs). 
It can be observed that for each speed, the BEM predic-
tions were similar for the four EDWs. Table 5 lists the 
range of bending moments exerted at fin No.1 produced 
by each EDW. It appeared that for the two speeds, the 
quartering sea EDW with a heading of 240 deg resulted 
in a bending moment range approximately 23% larger 
than that obtained for the head sea EDW. Finally, for 
the quartering sea EDW with a heading of 240 deg, the 
100%Vs speed generated a bending moment approx-
imately 40% larger than that obtained for the 75%Vs 

speed. Therefore, it was anticipated that the highest hot 
spot stress range and thus the lowest fatigue life would 
be produced for the quartering sea EDW with a heading 
of 240 deg at 100%Vs speed. 
 

 
Fig. 12: Fin No. 1 Bending Moment Prediction by BEM 

Table 5: Fin No.1 Bending Moment Range (kN.m) by BEM 
Heading 

(deg) 
Ship speed 

75%Vs 100%Vs 
180 12.32 17.53 
210 14.44 19.33 
240 15.26 21.42 
270 15.10 21.28 

Comparison of the BEM and CFD Evaluations 

This study conducted three CFD analyses for compari-
son with the BEM predictions: 

 Calm water for 75%Vs, 
 Calm water for 100%Vs, and 
 EDW head sea for 75%Vs (see Table 3, 180 deg). 

 
The CFD settings were the same as presented previously 
to determine the wake flow field in calm water condi-
tion, except that, because of the asymmetric arrange-
ment of the PSS fins (see Fig. 1), the two sides of the 
ship were represented, resulting in a mesh of 5,620,000 
cells. 

Fin Loads Prediction in Calm Water 

Figures 13 to 15 show each component of the hydrody-
namic force exerted on each fin determined by BEM 
and CFD computations in calm water for the two speeds. 
Some deviations can be observed between the BEM and 
CFD results for each speed assumption. However, the 
trends obtained by BEM and CFD analyses were similar, 
especially, for fin No.1, where the Fx CFD prediction 
was approximately 25% larger than the BEM results, 
and the Fy and Fz evaluations by both approaches were 
very similar. Therefore, for fin No.1, the BEM results 
were in good agreement with the CFD predictions in 
calm water.  



 

 

 
Fig. 13: PSS Fx Prediction by BEM and CFD in Calm Water 

 
Fig. 14: PSS Fy Prediction by BEM and Calm Water CFD 

 
Fig. 15: PSS Fz Prediction by BEM and Calm Water CFD 

Figure 16 shows the velocity field around fin No.1 ob-
tained by CFD analyses at three section planes taken 
along the length of fin No.1. In the r1-plane, it can be 
observed that the fluid separated from the leeward sur-
face probably due to a large attack angle. However, the 
BEM methods based on potential theory cannot consid-
er this effect of separation. Although the separation 
tended to disappear for the planes r2 and r3, the separa-
tion close to the root can explain the load deviations 
between the BEM and CFD analyses. Furthermore, fins 
No. 2, 3 and 4, are in low inflow velocity areas (see 
Fig.7) which might increase the angles of attack and 
generate more flow separation that cannot be properly 
handled by the BEM and could thus explain the larger 
deviations observed between BEM and CFD results. 

  
Fig. 16: Velocity Flow Field at fin No.1 by CFD 

Fin Loads Prediction in Regular Waves 

This study performed CFD simulations including the 
pitch and heave motions of the ship in head sea at 
75%Vs considering a regular equivalent design wave of 
4.96 m height and 12.6 s period (see Table 3, 180 deg). 
Figure 17 presents the wave pattern obtained by CFD. 
Table 6 lists the heave and pitch motions obtained 
through CFD analyses and those produced by the poten-
tial flow (PF) based seakeeping analyses. A slight wave 
dissipation appeared during the CFD simulations with a 
wave height at the bow of 4.85 m. Additionally, in Ta-
ble 6, it can be observed that the CFD heave motion 
amplitude was approximately 13% lower than that ob-
tained by potential flow (PF) based seakeeping analyses, 
whereas the pitch response produced by both analyses 
were similar. The ship motions obtained by CFD were 
thus in good agreement with the potential flow (PF) 
based seakeeping predictions. 

 
Fig. 17: Wave Pattern and Ship Motions by CFD Analyses  

Table 6: Heave and Pitch Motions Amplitude Prediction 
by CFD and PF Seakeeping Analyses 

Analysis Types Heave 
(m) 

Pitch 
(deg) 

CFD 2.13 2.36 
PF Seakeeping 2.44 2.40 

 
Figure 18 shows the vertical forces exerted on fin No.1 
obtained by BEM and CFD calculations in waves. It can 
be observed that as the ship was pitching bow up (t = 
158 s and 168 s), the CFD prediction was slightly 
smaller than the BEM results, whereas as the ship was 
pitching bow down (t = 164 s), the deviation was much 
larger. Fluid separation induced by an extensive attack 
angle may explain this load overestimation by the BEM 
which cannot reproduce the viscous flow effect. 



 

 

 
Fig. 18: Fin No.1 Fz Predictions in Wave by BEM and CFD  

Figure 19 shows the bending moment about the chord 
axis of the fin No. 1, obtained by BEM and CFD calcu-
lation in waves. It appeared that the results obtained by 
both approaches had a very similar cyclic trend, but also 
a significant shift of the mean value. However, bending 
moment ranges of 12 kN.m and 10 kN.m can be ob-
served for the BEM and CFD computations respectively, 
leading to a 20% BEM overestimation compared to the 
CFD results. Therefore, the cyclic range of bending 
moment was in good agreement between both ap-
proaches. The BEM approach would thus produce a 
slightly conservative load prediction for fatigue assess-
ment, since the fatigue life would mostly be related to 
the range of bending moment. 

 
Fig. 19: Fin No.1 Bending Moment Prediction in Wave by 

BEM and CFD  

Structural Fatigue Life Evaluation 

This study carried out static Finite Element Analyses to 
evaluate the PSS fin No.1 structure response, especially 
to extract the maximum hot spot stress range at the fin 
connection to the stern boss structure. Figure 20 shows 
the FE model of the PSS including fin No.1 and the 
stern boss structure. The FE model was made of 'Shell' 
elements with a very fine mesh size corresponding to 
the element thickness at the fin connection where the 
hot spot stress was extracted.  
The fore end of the stern boss FE model was set as fixed. 
The pressure distribution over fin No.1 produced by the 
BEM computations was transferred onto the fin FE 
model. Additionally, the cyclic hydrostatic pressure was 
applied onto the fin as it related to the ship motion-
induced waterhead at the PSS that varied approximately 
between 8 m and 12.5 m for all the examined EDWs. 
Finally, gravity was included as a vertical downward 
acceleration of 9.81 m/s2.  

 
Fig. 20: Principal stress contour on the PSS FE model 

 
The largest hot spot stress range was then extracted 
from the highly stressed element in Fig.20, and the 
corresponding two-parameter Weibull long term stress 
range distribution was scaled on this reference stress 
range obtained for a probability level of 10-2, as de-
scribed in the methodology. The fatigue life was then 
assessed using the S-N curve provided by the IACS 
(2015a) for a total number of cycles of approximately 
7.1×107

 over the 25 years of the ship life calculated by 
Eq. 6, provided by the IACS (2015a).  

L4Tf10557.31N D0
6

D log  (6)

where f0 is the percentage of life time in operation set as 
85%, TD is the design life taken as 25 years and L is the 
ship length. 
Table 7 presents the results of the fatigue life evalua-
tions. It can be observed that for 75%Vs and 100%Vs, 
the lowest fatigue life was obtained for a wave heading 
of 240 deg with the associated predicted fatigue lives 
(TF) of 2575 years and 518 years respectively. Therefore, 
the fatigue strength of the pre-swirl stator examined in 
this study was found satisfactory, although the fin hy-
drodynamic bending moment range produced by BEM 
was slightly more conservative than that of the CFD 
calculations (see Fig. 19). Additionally, the average 
speed assumption had a significant effect on the fatigue 
life prediction, since a speed increase of 33% resulted in 
an 80% reduction in predicted fatigue life. 

Table 7: Fatigue Life Evaluations Detailed Results 

Heading
(deg) 

Ship speed 
75%Vs 100%Vs 

HS 
(N/mm2)

D 
(-) 

TF 
(year) 

HS 
(N/mm2) 

D 
(-) 

TF 
(year)

180 22 0.005 4848 30 0.021 1180
210 25 0.009 2637 32 0.031 808
240 25 0.010 2575 36 0.048 518
270 24 0.007 3465 33 0.037 679

Conclusions 

This study evaluated the fatigue life of a pre-swirl stator 
fitted on the stern boss ahead of the propeller. Specifi-
cally, this study evaluated the ship motions contribution 
to the fatigue life of the PSS fins. This study adopted a 
hybrid potential-viscous flow approach which, com-
pared with CFD, provides a more practical engineering 
solution for this problem. A Boundary Element Method 



 

 

(BEM) developed by Hsin (1990 & 2003), that is based 
on the potential flow theory, was used to evaluate rapid-
ly the hydrodynamic loads on the fins for a given regu-
lar design wave. Calm water CFD simulations were 
conducted to evaluate the viscous stern wake's nominal 
velocity field. Potential flow based seakeeping analyses 
were carried out to produce the motion-induced velocity 
at the PSS for various Equivalent Design Waves (EDW). 
The EDWs were defined based on the long term predic-
tions of vertical velocity at the PSS for head, quartering 
and beam sea headings, and for two ship speeds set as 
75% and 100% the service speed. The BEM predicted 
that the horizontal fin No.1 was subjected to the largest 
bending loads. 
The advantage of the BEM was that it did not require 
conducting very time consuming CFD simulations in 
waves. However, this method relied on several assump-
tions that need to be further validated. Therefore, CFD 
simulations in waves were conducted for comparison 
with the BEM results. First, it appeared that the load 
predictions in calm water were in good agreement for 
both approaches, especially for fin No.1. On the other 
hand, the observation of the fin No.1 bending moment 
in waves shows that the BEM predictions were signifi-
cantly shifted down compare to the CFD results, but the 
range value was only 20% higher than that produced by 
CFD which would thus lead to a reasonably conserva-
tive fatigue life estimate. The BEM approach is thus a 
convenient approach allowing for rapid fin load evalua-
tion with reasonable accuracy. However, the compari-
son with CFD enabled the authors to also identify the 
local flow separation on the leeward side of the fin. In 
the future, the consideration of the propeller inflow 
velocity in calm water by CFD would reduce the attack 
angle and thus limit the influence of separation on the 
fin load predictions. A limiting pressure to the potential 
flow prediction for attack angle exceeding the stall an-
gle would also enable reducing the BEM overestima-
tions. Finally, the BEM calculations were conducted 
assuming that the stern wake flow field produced by 
CFD in calm water remained unchanged in waves. This 
enabled the authors to avoid carrying out time expensive 
CFD simulations in waves. However, additional CFD 
simulations in waves omitting the PSS geometry would 
be necessary to observe variations of the nominal wake 
flow field in order to validate this assumption. 
Finally, this study carried out finite element analyses of 
the PSS structure using the BEM pressure distribution 
combined with the cyclic hydrostatic waterhead pres-
sure and gravity. The maximum hot spot stress range 
extracted at the fin No.1 connection to the stern boss 
was produced for the EDW of 240 deg wave heading 
(i.e. quartering sea) and the evaluated fatigue lives were 
of 2575 years and 518 years for 75% and 100% service 
speed respectively. Therefore, the PSS fatigue strength 
was found satisfactory even though the BEM loads were 
found to be conservative compared to the CFD predic-
tion. The average speed assumption had also a signifi-
cant effect on the fatigue life evaluation. 
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Abstract 

The presented work aims to investigate and establish a pre-
cise, thorough and detailed database from series of experi-
mental testing of submerged arc welded (SAW) specimens of 
various thicknesses typically applied in ships and offshore 
structures and foundations. Welded structures of all sizes and 
shapes exhibit fatigue failure primarily in the welded region, 
rather than in the base material, due to imperfections and 
flaws relating to the welding procedure. The welded region 
has therefore received much attention from universities, re-
search institutions along with industry as it is of significant 
practical importance for all fatigue loaded structures, such as 
e.g. marine structures.  
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Introduction 

As-welded SAW specimens of three different thickness-
es, produced by leading industrial manufacturers, were 
subjected to uni-axial tension loading at relatively high 
stress-ratios, R, in order to simulate tensile residual 
stresses of yield magnitude. The main goal was to con-
firm the thickness effect for the specific case of large 
transverse butt joints in the as-welded condition as well 
as to validate whether the thickness correction factor 
according to recommendations, codes and guidelines is 
too conservative when it comes to butt-welded joints. A 
conservative thickness effect factor results in larger, 
heavier and more expensive structures. The thickness 
effect considers the influence of the plate thickness on 
the fatigue resistance of welded joints and is generally 
included in design rules by scaling the fatigue strength 
with a recommended factor. The existing database of 
experiments that relate to the thickness effect is com-
prehensive and the effect is well proven experimentally 
and theoretically for various types of welded joints. 
However, in the case of large butt-welded joints there is 
room for improvement as details, quality and precise 
data which can influence the fatigue life of the welded 
joint is often lacking and severely lacking when consid-

ering truly thick joints.  

Motivation for the investigation 

Focus was directed towards a known and proven aspect 
which arises when dealing with very thick structures, 
namely the thickness effect. In short, it states that as 
structures become larger their fatigue strength is re-
duced. Since the investigation considers the idea of 
manufacturing, assembling and erecting very large wind 
turbines offshore, the focus area becomes very relevant. 
The body of guidelines, codes and recommendations has 
become of age and simultaneously manufacturing pro-
cesses, material and mechanical properties and design 
solution have improved. These reasons make the thick-
ness effect a very promising field to investigate.  
An investigation of the thickness effect, or size effect, 
of axially loaded butt welded joints of various thick-
nesses was performed. A large number of available and 
relevant experimental fatigue data from literature was 
assembled into a large database and subjected to a sta-
tistical analysis. A total of 1258 experimental data 
points were collected from over a hundred individual 
test series, performed at various research institutions 
and laboratories (Pedersen, et al.; Olafsson, et al., 
(2016)). The main body of the fatigue test results comes 
from small scale test specimens. The fatigue tests were 
all performed at room temperature on fully penetrated 
butt welded joints in the as-welded condition subjected 
to tensile loading at a positive stress ratio, R ≥ 0. The 
steel material grades ranged from structural S235 up till 
high strength 960 MPa steel with thicknesses ranging 
from 8 mm to 100 mm.  
In general, the theoretical arguments for the thickness 
effect are well established and the effect is also proven 
experimentally for plain steel and many types of welded 
joints, primarily fillet welded joints. Nonetheless, data 
for butt welded joints is lacking and severely for thicker 
joints (Ohta, A et al., (1990))  
Fig. 1 below illustrates the collected fatigue test data-
base, plotted along with the recommended fatigue de-
sign curve for the respected welded detail, FAT90 (IIW) 
which corresponds to design S-N curve D (DNVGL). 
The plot includes scatter bands for the mean ± 2 stand-
ard deviation (PS = 2.8 - 97.7%) calculated using a fixed 



slope coefficient of m = 3.0 and only using the results 
from specimens less than or equal to 25 mm thickness, 
i.e. those which are not subjected to thickness correction 
and excluding the excessive scatter contribution of the 
run-out tests.  

 
Fig. 1: Fatigue data for butt welded joints of all thick-
nesses (Pedersen, et al. (2012); Olafsson, et al. (2016)) 

By excluding of the run-outs, the mean fatigue strength 
and characteristic fatigue strength are Δσm = 135.3 MPa 
and Δσc = 90.3 MPa respectively at 2 million cycles. 
The FAT90 curve coincides almost completely with the 
lower bound of the fatigue data points, indicating a good 
agreement and that a FAT90 slope of 3 is appropriate. 
Additionally, the figure indicates little difference be-
tween thinner specimens (light dots) and thicker speci-
mens (dark dots) and the thicker specimens appear to 
blend quite well within the scatter band of the thinner 
specimens (Pedersen, et al., (2012); Olafsson, et al., 
(2016)).  

 
Fig. 2: Fatigue data points for thick welded joints 
(Pedersen, et al. (2012); Olafsson, et al. (2016)) 

Figure 2 emphasizes on the test results from the thicker 
butt welded specimens, i.e. the specimens ranging from 
40 mm to 100 mm thicknesses. The data points were 
grouped into three categories and color coded, green, 
blue and red for 40 mm, 60-66 mm, and 75-100 mm 
respectively.  

All specimens with thicknesses above 25 mm should be 
subjected to a thickness correction according to stand-

ards and recommendations. This is applied in design by 
multiplying the welded joint’s designated class and the 
corresponding fatigue resistance with the following 
factor: 
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The reference thickness, tref, is usually 25 mm and the 
suggested exponent, k, varies between design recom-
mendations and has values ranging from 0.1 up to 0.3. 
The exponent, k, is also dependent on the considered 
weld detail category, and in the case of butt welded 
joints in the as-welded condition a value of k = 0.2 is 
recommended (Hobbacher, A.F. (2016); DNVGL, 
(2014)). 

Fig. 2 illustrates a re-calculated mean fatigue strength 
curve and the corresponding ± 2 standard deviation 
scatter bands which are calculated from the specimens 
which are not subjected to thickness correction, i.e. t ≤ 
25 mm. Specimens which ran out along with those 
which were above the upper scatter band were removed 
in order to homogenize the population and reduce scat-
ter according to (Hobbacher, A.F. (2016)). From the 
figure it is evident that there is a tendency of the thicker 
welded specimens to lie in the lower half of the scatter 
band. However, there are only 2 specimens lying under-
neath the lower scatter band and the FAT90 / DNVGL 
D curve. Moreover, there does not appear to be any 
obvious variation in fatigue resistance of these larger 
welded joints. They appear to perform in a relatively 
equivalent manner, with many occasions where the 75-
100 mm thicknesses are outperforming the 40 mm thick 
specimens, and vice versa.  

Taking into account the effects of the thickness correc-
tion; a butt welded joint of e.g. 80 mm thickness is sub-
jected to a reduction in fatigue strength from 90 MPa to 
71 MPa at 2 million cycles which might be considered 
on the conservative side based on the collected results 
from fatigue tests presented in this research. 

Motivation for the experimental testing 

The results from the literature investigation demonstrat-
ed that most of the collected fatigue data results were in 
good agreement with the recommended design curve. 
Furthermore, a thickness dependency was observed 
when comparing the thinner specimens to the thicker 
ones. However, it can be questioned whether thickness 
effect and the corresponding thickness correction is as 
severe as the recommendations suggest for large butt 
welded joints. Thus, the severity of the thickness effect 
was called into question and a great incentive was estab-
lished to continue with the research and commence 
further experimental study on the matter. 

Test preparation 
Leading industrial manufactures in Denmark were as-
signed to produce the specimens which were to be sub-
jected to fatigue testing. Three SAW butt steel plates of 



20 mm, 30 mm and 40 mm were ordered in two separate 
batches.  

Material Composition 

The applied steel for experimental batches was S355 J2 
+ N. The material and mechanical properties supplied 
by the manufactures are listed in Fig. 3-6. 

 
Fig. 3: Batch 1. Material composition (Olafsson, et al. 
(2016)) 

 
Fig. 4: Batch 1. Mechanical properties (Olafsson, et al. 
(2016)) 

 
Fig. 5: Batch 2. Material composition (Olafsson, et al. 
(2016)) 

 
Fig. 6: Batch 2. Mechanical properties (Olafsson, et al. 
(2016)) 

Welding procedure 

The welding method applied was semi-automatic sub-
merged arc welding (SAW), as it is accountable for 
most welds relating to offshore structures. Instructions 
were given to the operators that the welding process 
should focus with great emphasis on restraining the 
axial and angular misalignment. Additionally, the opera-
tor should make sure that there is no stopping and re-
starting during the welding process and the same opera-
tor was hired to perform the entire welding procedure 
for all the requested steel plates.  

The butt welded plates were manufactured according to 
the details in Fig. 7 and Fig. 8. The SAW butt plates 
from batch 1 had 4, 7 and 9 passes for the 20 mm, 30 
mm and 40 mm thick plates respectively. The SAW butt 
plates from batch 2 had 4, 8 and 10 passes for the 20 
mm, 30 mm and 40 mm thick plates respectively. Weld-
ing repairs had to be made on the 30 mm and 40 mm 
plates from batch 2. However, the specimens cut from 
the repaired regions were primarily used for static test-
ing or not at all for the 40 mm thicknesses (Olafsson, et 
al., (2016)). 

 
Fig. 7: Batch 1. Welding procedure (Olafsson, et al. 
(2016)) 

 
Fig. 8: Batch 2. Welding procedure (Olafsson, et al. 
(2016)) 

Non destructive testing 

All SAW butt joints were subjected to non destructive 
testing in order to verify that the weld quality demands 
are accepted to specifications. Fig. 9, lists all performed 
NDT’s for batch 1 and batch 2 respectively. 

Defects were detected by ultrasonic testing of the 20 
mm thick welded plate from batch 1 and the 30 mm and 
40 mm thick plates from batch 2. All defected welds 
were repaired and the plates were re-subjected to NDT 
and passed examination without any remarks (Olafsson, 
et al., (2016)). 

 

Fig. 9: Non destructive testing of all welded joints 
(Olafsson, et al. (2016)) 

 



Cutting procedure 

The cutting procedure was performed with a water-jet 
cutting machine. The cutting technique results in a 
good, smooth and accurate cute with no heat distortion 
which can have a significant effect on the specimens, 
according to ESAB (Olafsson, et al., (2016)). 

The first batch was cut down into straight test speci-
mens while the second batch was cut down into tensile 
dog-bone shaped test specimens, illustrated in Fig.10. 

Following the cutting procedure, the specimens were 
cleaned and coated with media to prevent corrosion of 
the steel material. All specimens were labelled in order 
to keep track of their original location within the welded 
plate. Lastly, all specimens were covered for storage.  

 
Fig. 10: SAW butt specimen dimensions (Olafsson, et al. 
(2016)) 

Equipment 

The static testing was performed in a 2MN MLF static 
testing machine and a 500 kN MTS servo hydraulic 
testing machine. 

The fatigue test series were performed in several servo 
hydraulic testing machines, i.e. a 500 kN MTS, 500 kN 
Instron and a 1 MN Instron. 

All servo hydraulic testing machines were calibrated 
before initiating the test series. The load cells and the 
applied measurement equipment were verified before 
starting (Olafsson, et al., (2016)). 

Experimental testing 

Static testing 

The butt welded joints were subjected to axial static 
testing in order to obtain their mechanical properties, 
verify the manufacturers yield strengths and most im-
portantly estimate a reference load level for the subse-
quent fatigue testing. The static tensile testing was per-
formed in accordance to ASTM E8, ASTM E111 and 
DS/EN ISO 6892.  

The static testing was mainly performed in order to 
retrieve adequate load levels for the subsequent fatigue 
testing of butt welded joints cut from the same welded 
plate. Additionally, verifying and validating that the 
material was of the desired strength and that the weld 
was made according to specifications and able to with-
stand these high tensile loads. The static testing rate 
varied from 1-4 mm per minute (Olafsson, et al., 

(2016)). 

Fatigue testing 

The fatigue test series was performed on as-welded 
SAW butt joints of three different thicknesses, i.e. 20 
mm, 30 mm and 40 mm. The specimens were subjected 
to constant amplitude sinusoidal waveform at frequen-
cies ranging from 6-10 Hz. Testing was based on the 
estimated yield strength of the SAW butt welded joints 
from the static test results. The cyclic loading was per-
formed at a stress ratio of R = 0.5, with stress levels 
calculated as a percentage of the specimens average 
yield strength, σy. Additionally, in order to generate a 
reliable S-N curve, the welded joints were tested at a 
minimum of five different stress levels and with a min-
imum of five specimens tested at each stress level. The 
fatigue threshold limit was 5 million cycles. All tests 
were carried out in laboratory air conditions at room 
temperature, +20°C. The definition of failure in all 
fatigue tests was complete rupture, which is commonly 
very near the through thickness cracking (Olafsson, et 
al., (2016)). 

The testing at stress levels calculated as a percentage of 
the average yield strength of the respective thickness 
was performed in order to minimize the potential differ-
ences of residual stresses, which can vary quite signifi-
cantly between thicknesses. 

The choice of R = 0.5 was decided after considering the 
affects of residual stresses, in order to better simulate 
the high tensile residual stresses experienced by welded 
joints in real large structures (Ohta, A. et al., (1990)). In 
this way, it would be possible to mimic as close as pos-
sible the actual loading conditions experienced by a 
monopile structure and maximizing the possibility for a 
comparison to existing structural results. Taking into 
account the recommendations from IIW, for generating 
a proper S-N fatigue curves, close attention has to be 
brought on to the fact that internal stresses are usually 
lower in small scale specimens. IIW states that results 
from these small scale testing should be rectified in 
order to take into account the greater effects of residual 
stresses in structures, therefore representing the real 
situation at hand. In order to achieve these more realized 
values, IIW recommends testing at high stress ratios, R, 
e.g. R = 0.5, or by applying a stress ratio of R = 0 fol-
lowed by a 20% reduction of fatigue strength at 2 mil-
lion cycles (Hobbacher, A.F. (2016)).  

Additionally, there is a notable lack of experimental test 
results in literature of butt welded joints tested at R = 
0.5. 

Test results 

Static testing 

All statically loaded specimens fractured in the base 
material, as the welded region was over-matched, i.e. 
made of a material of higher strength. Furthermore, all 
specimens broke far from the weld region and the heat 
affected zone. The mechanical properties are listed in 
Fig. 11 and Fig. 12. The yield levels were estimated by 



applying a 0.2% offset curve. 

 
Fig. 11: Mechanical properties from batch 1 (Olafsson, et 
al. (2016)) 

 
Fig. 12: Mechanical properties from batch 2 (Olafsson, et 
al. (2016)) 

Fatigue testing 

The test series started with the fatigue testing of the 20 
mm thick specimens. The results from these initial tests 
will serve as a reference for the subsequent testing as 
butt welded components with less than 25 mm wall 
thicknesses are not subjected to a thickness correction 
according to recommendations.  

The fatigue test sequence started with testing the speci-
mens with stress ranging from σmax = σy at R = 0.5. 
Thereafter the stress level was calculated as a percent-
age of the average yield strength until a fatigue thresh-
old limit was reached. The results from the 20 mm thick 
specimens are illustrated in Fig. 13. 

Fig. 13, illustrates the fatigue test results from the 20 
mm specimens with the stress range, Δσ, on the ordinate 

and cycles to failure, N, on the abscissa. Additionally, a 
mean curve is shown along with ± 2 standard deviation 
scatter bands from the mean, which corresponds to a 
survival probability of 97.7%. 

The figure illustrates the five different stress levels, 
where specimens are running out, i.e. reaching 5 million 
cycles, at the two lowermost stress ranges. All fatigue 
test results lie within the ± 2 standard deviation scatter 
bands from the mean. 

 
Fig. 13: Fatigue test results for the 20 mm thick speci-
mens from batch 1. (Olafsson, et al. (2016)) 

Fig. 14, illustrates a combined plot after inserting the 
fatigue test results from the 30 mm and 40 mm thick 
specimens from batch 1, excluding those who fractured 
in the grip region. The mean curve and ± 2 standard 
deviation scatter bands are solely calculated from the 
specimens not subjected to thickness correction, i.e. the 
20 mm thick specimens. Additionally, all specimens 
that reached the threshold limit were excluded from the 
mean curve calculation as they show superior fatigue 
resistance and contribute extensively to the scatter of the 
data.  

Fig. 14: Fatigue test results for all three thicknesses from 
batch 1, excluding specimens that fractured in the grip 
region (Olafsson, et al. (2016)) 

Fig. 15, illustrates the fatigue test results plotted with 
the recommended design S-N curve on a log-log graph 
for the respective structural detail, i.e. butt welded joints 
in the as-welded condition. That corresponds to FAT90 
according to IIW and to design curve D in the DNVGL 
recommendations, which is interpreted as the allowable 
design stress equaling 90 MPa at 2 million cycles.  

 



Fig. 15, illustrates that all fatigue specimens tested lie 
above the recommended design curve, FAT90. The 
design curve itself also appears to be a good and valid 
recommendation as all specimens are scattered above 
the curve. There is a single test specimen of the 30 mm 
thick joints which comes close to the design curve, 
while all the 40 mm thick test results are located safely 
above the design curve. 

 
Fig. 15: Fatigue results for all three thicknesses from 
batch 1, including the recommended fatigue design S-N 
curve, FAT90. (Olafsson, et al. (2016)) 

However, the 30 mm and 40 mm thick specimens are to 
be subjected to thickness correction, which means that 
the design stress range should be lowered for the same 
number of cycles endured, i.e. their fatigue resistance is 
reduced. The recommended thickness correction design 
curves for the 30 mm and 40 mm thick specimens are 
illustrated in Fig. 16. 

 
Fig. 16: Fatigue test results for all three thicknesses from 
batch 1, including the original and thickness corrected 
recommended fatigue design curves, FAT90. (Olafsson, et 
al. (2016)) 

Fig. 16, illustrates that the thickness correction recom-
mendation for the 30 mm thick specimens appears to be 
a decent recommendation as there was a specimen 
which fractured close to the FAT90 curve and the cor-
rection corresponds to a stress range reduction of 6 
MPa. However, more interestingly the corrected curve 
for the 40 mm thick specimens appears to be an overly 
conservative measure, reducing the recommended de-
sign fatigue strength by 13 MPa or approximately 
9.29%. Furthermore, the resulting fracture from the 40 
mm thick specimens which was closest to the original 
FAT90 curve is 26.1 MPa above the curve, or approxi-
mately 18.64%. Comparing the same 40 mm thick spec-

imen to the corrected FAT90 design curve for the 40 
mm thick welded joints, it lies 39.1 MPa above the 
curve, or approximately  30.79%. 

By inserting the fatigue test results from batch 2 the 
experimental investigation was given increased weight 
and more validity.  

Fig. 17, illustrates the total test population after adding 
the additional fatigue test results from batch 2 into the 
previous log-log plot from batch 1 along with the origi-
nal and corrected design S-N curves. The mean curve 
was adjusted to the additional population of 20 mm 
thick specimens.  

 
Fig. 17: Fatigue test results for all three thicknesses from 
batch 1 and batch 2, including the original and thickness 
corrected recommended fatigue design curve, FAT90 
(Olafsson, et al. (2016)) 

Fig. 17, illustrates that the SAW butt specimens from 
batch 2 have an overall lower fatigue resistance com-
pared to batch 1, even though the previous welding 
procedure was replicated. This demonstrates to a high 
degree the variability of the welding procedure and the 
difficulty of manufacturing a welded joint with high 
quality and repeatability. Therefore, another angle con-
cerning weld quality effect was added to the investiga-
tion. 

Fig. 17, illustrates however a similar trend as observed 
from batch 1. All but a single specimen for the 20 mm 
thickness lie above the recommended design S-N curve. 
The 30 mm thick specimens demonstrate less fatigue 
resistance and a total of nine specimens lie on or below 
the recommended curve, as well as the corrected S-N 
curve for the 30 mm thickness. However, when consid-
ering the 40 mm thick specimens, they exhibit higher 
fatigue strength than both the 20 mm and the 30 mm 
thick specimens and lie comfortably above the original 
recommended design S-N curve for specimens not sub-
jected to thickness correction. The 40 mm thick speci-
men which is closest to the original curve is 12.4 MPa 
above, or approximately 7.47%. Additionally, this same 
specimen is 27.4 MPa above the thickness corrected 
design curve for the 40 mm thick specimens, or approx-
imately 18.15% (Olafsson, et al., (2016)). 

Summary 
The results from the performed literature review gave a 
basis for further investigation of the thickness effect of 



SAW butt joints. From the acquired collection of data, 
the larger welded joints, ≥ 25 mm, were located primari-
ly within the ± 2 standard deviations of the scatter bands 
from the mean results calculated for the under 25 mm 
thick specimens, which are not subjected to a thickness 
correction. However, the thicker specimens did collect 
in the lower half of the scatter band, which coincidental-
ly coincided with the recommended design S-N curve 
for this specific welded detail, i.e. butt welded joints. 
Another particularly interesting observation was that the 
extremely thick welded joints had similar fatigue 
strengths compared to the lower thicknesses.  

Thus, an indication of the thickness effect was observed, 
however the magnitude of the fatigue strength reduction 
due to thickness was not as severe as the standards and 
guidelines recommend.  

Subsequently the performed experimental fatigue test-
ing of SAW butt joints demonstrated a similar tendency. 
The 20 mm thick specimens demonstrated the highest 
fatigue resistance when compared directly to the 30 mm 
and 40 mm thick joints. However, almost the entire 
population of the larger joints tested until fracture were 
located within the lower scatter band of the ± 2 standard 
deviations calculated from the mean results from the 20 
mm thick specimens. Furthermore, the 40 mm thick 
specimens demonstrated improved fatigue resistance 
when compared to the 30 mm thick specimens 
(Olafsson, et al., (2016)). 

Conclusions 
The fatigue test series investigated the effect of thick-
ness on the fatigue resistance of SAW butt joints. The 
results demonstrated the presence of a thickness effect 
as the thicker SAW butt joints had reduced fatigue re-
sistance. However, the significance of the observed 
thickness effect was not as detrimental as the current 
standards and guidelines recommend for the design of 
welded structures. Therefore, the results indicate a pos-
sibility of revising the current recommendations con-
cerning the thickness effect correction factor (Olafsson, 
et al., (2016)). 
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Abstract  

Anti-roll tanks are tanks fitted onto ships in order to improve 
their response to roll motion, which has typically the largest 
amplitude among all the degrees of freedom. This paper pre-
sents a comparative study of a Volume of Fluid (VOF) based 
Eulerian method and a Lagrangian Smoothed Particle Hydro-
dynamics (SPH) method in the simulation of sloshing flow in-
side a free surface tank (FST). The numerical schemes of the 
VOF and SPH methods are outlined and the simulation results 
are compared as well as the computational efficiency. Both 
slight and violent sloshing cases are considered. All the numer-
ical results are validated by corresponding experimental data. 
Through the comparison, suggestions regarding to numerical 
calculations in terms of accuracy and efficiency have been 
given. Besides, a FST sloshing regime based on frequency do-
main study has been proposed. The performance of the FST is 
fully discussed based on this regime.  

Keywords 

Volume of Fluid; Smoothed Particle Hydrodynamics; 
Free surface tank; Model test; Sloshing regime. 

Introduction 

The stability of a ship has always been an important topic 
for ensuring the safety of transportation and offshore op-
eration. The excessive motion of a ship can seriously de-
grade the performance of machinery and personnel. Of 
all degrees of freedom, roll is the most critical one, be-
cause it is often lightly damped, in particular in the reso-
nance range. Ship roll stabilization has therefore drew 
considerable attention from Naval Architects and design-
ers.  
A wide variety of roll stabilization devices have been de-
veloped over the past hundreds of years (Moaleji and 
Greig 2007). Anti–roll tank is considered as a simple, low 
cost but effective device. The basic principal of a free 
surface anti-roll tank is moving fluid inside the tank from 
starboard to port side and vice versa, with a certain phase 
lag with respect to the ship’s roll motion. Thus, a coun-
teracting moment is created. In some cases, additional 
baffles are placed inside the tank to optimize the design. 
Performance of a FST mainly depends on a combination 
effect of counteracting moment and phase lag. 

A good design can greatly reduce the vessel roll motion 
while an improper design can be useless or even work in 
a negative way. Therefore, designing effective anti-roll 
tanks in an accurate and efficient way will definitely ben-
efit Naval Architects and designers.  
With the increase of computer resources and develop-
ment of numerical algorithms, numerical simulations are 
playing an increasing important role in the design and op-
timization phase by engineers. Experiments are accom-
panied with simulations providing validation and a better 
physical understanding of fluid behavior. 
In this paper, we discuss and compare two popular nu-
merical methods: VOF based Eulerian method and SPH 
method in the study of free surface tanks. The kernel 
functions and boundary treatment of SPH is studied by 
X.Y.Cao and F.R. Ming (2014). They adopted dummy 
particles boundary and suggested that Gaussian kernel 
function was suitable for the sloshing study. Extensive 
VOF method comparative studies on sloshing loads has 
been made by Cariou and Casella (1999). Here we intend 
to compare the two methods in a more straightforward 
way and provide numerical suggestions based on this 
study. All of the numerical calculations have been vali-
dated by model tests. Besides, a FST sloshing regime 
based on frequency domain study has been proposed. The 
performance of the FST is fully discussed based on this 
regime. 

Mathematical Formulation 

The motion of fluid flow can be described in two ways. 
In Lagrangian description, a fluid flow field can be 
thought of as being comprised of a large number of finite 
sized fluid particles which have mass, momentum, inter-
nal energy, and other properties.  

 
Fig. 1: Fluid description Lagrangian (left) and Eu-

lerian (right) 

Another view of fluid motion is the Eulerian description. 
In the Eulerian description of fluid motion, we consider 
how flow properties change at a fluid element that is 
fixed in space and time (x, y, z, t), rather than following 



individual fluid particles.    
The motion of a fluid can be described by a set of partial 
differential equations expressing conservation of mass, 
momentum and energy per unit volume of the fluid. The 
Navier Stokes equations for three dimensional compress-
ible fluid flow can be written in conservation form as fol-
lows: 

                                                    (1)  

Where  is particle density;  is local particle velocity;  
is pressure;  is diffusion terms; is external forces and 

 is the internal energy. 
Finite Volume Method (FVM) is widely used in an Eu-
lerian description. The interface between the phases of 
the mixture is resolved by using a simple multiphase 
model - Volume of Fluid (VOF) model.  
VOF, introduced by Hirt and Nichols (1981), is suited to 
simulate flows of several immiscible fluids on numerical 
grids capable of resolving the interface between the 
phases of the mixture. The VOF model description as-
sumes that all immiscible fluid phases present in a control 
volume share velocity, pressure, and temperature fields. 
Therefore, the same set of basic governing equations de-
scribing momentum, mass, and energy transport in a sin-
gle-phase flow is solved.  
The main equations are: 

                                                                      (2) 
                                                                     (3) 

                                                            (4) 

Where, 
 is the volume fraction and  .   

and    are the density, molecular viscosity and spe-
cific heat of the i th phase. 
The conservation equation that describes the transport of 
volume fractions  is: 

   

                                                                                      (5) 
Where  is the source or sink of the i th phase, and 

  is the material or Lagrangian derivative of the 
phase densities . 
Refer CD-adapco (2016) for further details. 
 
SPH method based on a Lagrangian description is con-
sidered as an efficient numerical method, which is widely 
studied recently. By assuming the fluid is weakly com-
pressible (i.e. density variations  1%), barotropic (i.e. 

) and polytropic(i.e. ), the direct rela-
tion between pressure and density can be established 
which is suitable for bulk flow (Batchelor 1974) 

                                                    (6) 

 is the sound speed in water;  and the reference 
density . 
The diffusion terms can be constructed by different ap-
proaches in SPH. In this paper, we used the artificial vis-
cosity proposed in Monaghan (1992). The equations can 
be written in SPH form as 

                (7)

                                                                               (8) 
                                                        (9) 

                               (10) 

                                                                                 (11) 

                                                                                 (12) 

                                                                                 (13) 

                                                                                 (14) 
 is a free parameter that can be tuned dependent on the 

problem. 
In practice, particles are moved using XSPH variant 

                                          (15) 

                                                                                 (16) 
This correction makes particle move with a velocity that 
is close to the average velocity in its neighborhood. 

Tank Description 

The free surface tank discussed in this paper is designed 
and to be installed on an offshore supply vessel (OSV) 
which is described in Table 1. Tank dimensions are ini-
tially determined based on the vessel data.  

Table 1: Main dimensions of the OSV 
Parameters Value [m] 
Lpp 75.5 
Breadth 20 
Draught 6.8 
Vertical center of gravity  7.6 

 
A very heavy tank may take a considerable amount of 
hull space and lower the metacentric height of the vessel 
and reduce its stability. Generally, the tank mass accounts 
for approximately 2-4% of the total ship displacement. 
The tank width is designed as large as possible to provide 
maximum damping moment.  It is recommended that the 
designed tank length should follow:  

                                                     (17)      
Therefore, the main dimensions are determined as shown 
in Table 2. Three filling levels have been considered: 
33.3%, 50.0% and 66.7% respectively. The full size tank 
is scaled to a model size tank by a factor of 20. The model 



size tank will be used in both numerical calculations and 
model tests. The tank motion is defined as a 1-DOF si-
nusoidal motion with the rotation center in the middle of 
the tank bottom (s=0):  

                                                                    (18)  
where x is the rotating angle; A is the motion amplitude; 
w is rotation frequency; t is time. 

Table 2: Tank dimensions 
Parameters  Full-scale[m] Model-scale[mm] 
Tank width B 20 1000 
Tank length L 5 250 
Tank height H 3 150 
Filling level h 1/1.5/2 50/75/100 
Rotation point 
above bottom 

s 0 0 

 
Fig. 2: Definition of geometry and tank dimensions  

The following discussions including simulations and 
model tests are all using model scale tank.  
Natural frequencies describe the modes in which a body 
or fluid can oscillate when excited. The relationship of 
any period T and frequency ω is 

                                                                           (19) 

The natural sloshing periods for a 2D rectangular tank 
with arbitrary water depth are given by Faltinsen and 
Timokha (2009). 

                  (20) 

Where 
 i is mode number; 
 b is tank breadth; 
 g is gravity constant; 
 h is water depth; 
 T1 represents the highest natural period since 

increasing i in the denominator of the fraction 
gives lower period values. 

Table 3 gives a comparison between a theoretical period 
and calculated period from VOF simulation. The latter 
will be discussed in sloshing regime part. 

Table 3: Natural Frequency comparison 
Filling Highest period [s] Period from simulation [s] 
33.3% 2.86 3.03 
50% 2.33 2.44 
66.6% 2.02 2.04 

Model Test Set Up 

Anti-roll tank model tests have been performed at NTNU 
in Ålesund. A detailed model set up is shown in Fig. 3. 

An angle sensor deployed at the bottom of the platform 
to monitor the motion of the tank. The force sensor 
welded on the shaft beam is to measure the force of tank 
and liquid, which will be converted to moment by multi-
plying the arm. A mirror and camera is used to capture 
the side view of the liquid motion. All the following nu-
merical calculations are verified by model tests. 

 
Fig. 3: Model test set up  

Convergence Study 

One should always ascertain that any CFD result is inde-
pendent of the grid used (Roache 1997). It is necessary to 
find an appropriate combination of grid and time step for 
the following massive simulations balancing accuracy 
and efficiency.  
Grid and time step convergence studies are done by using 
2D VOF simulations. Two cases: 33% filling level, 6deg 
rotating amplitude, 3s and 5s excitation periods have 
been chosen for the study. The tank is meshed using a 
structured Trimmer model. Each cell inside the domain 
is equally treated. The boundaries around the tank are set 
to be no-slip smooth wall. A standard K-Epsilon turbu-
lence model is applied to simulate the flow. The liquid is 
adapting a constant water density while the air inside is 
treated as ideal gas. The compressibility of the liquid and 
gas in a sloshing study has been discussed by 
Godderidge, et al. (2006).  
In order to get the steady results, all the simulations are 
supposed to run for at least 20 rotating periods. However, 
it takes less time to enter the steady state when excited by 
a low frequency (e.g. excitation period is 4s or more). So 
we set up a global stopping criteria for 60s simulation 
time. 
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For a transient CFD calculation, it is important to main-
tain a low Courant number to meet the convergence re-
quirement. The Courant number, which is the rate of flow 
speed with numerical disturbances propagate, should be 
kept below 1 in the whole computational domain while 
lower than 0.5 at free surface. 
All the cases are calculated in the Linux CFD cluster at 
NTNU Ålesund, which has an Intel® Xeon® processor 
E5-2600 CPU. Each simulation uses 5 CPU cores. The 
estimated computational time for each case are listed in 
Table 4. 

Table 4: Grid schemes for convergence study 

Case 
Grid Size [m] 

Cells 
Computational time 
for 10s simulation x y 

1 0.0100 0.0100 1600 0.83 h 
2 0.0100 0.0050 3000 0.92 h 
3 0.0050 0.0050 6000 1.27 h 
4 0.0050 0.0025 12000 1.81 h 

 

 
Fig. 4: Mesh with 1600 cells, 3000 cells, 6000 cells and 

120000 cells for 2D simulations (from top to 
bottom)  

Four different mesh sizes have been considered in this 
study. As a base case, Case1 uses a 100*16 cells domain. 
In top and bottom boundary layer, it uses 0.005m mesh 
size instead of 0.01m. Case 2 doubles the vertical cells 
number in Case 1 while keeping the same cells number 
in x direction. Case 3 uses 50% cell size than Case 1, giv-
ing a 200*30 cells domain. Similarly, Case 4 doubles the 
vertical cells number in Case 3. Fig. 3 gives an overview 
of these four mesh. 
The variations of counteracting moment in time domain 
have been considered as the main parameter in the con-
vergence study. Here the moment is calculated by inte-
grating the pressure (including hydrostatic and hydrody-
namic pressure) along the tank boundary.  

Table 5: Grid error study - 5s excitation period 
 EXP Case 1 Case 2 Case 3 Case 4 
EXP 0.00 % 5.98 % 5.18 % 5.43 % 5.04 % 
Case 1  0.00 % 6.61 % 7.38 % 7.10 % 
Case 2   0.00 % 1.08 % 1.21 % 
Case 3    0.00 % 1.24 % 
Case 4     0.00 % 

 

 
Fig. 5: Time domain moment comparison between dif-

ferent cells number - 5s excitation period  

Fig. 5 illustrates time-domain moment curve of each case 
within one period. Table 5 gives a more precise variation 
study. We compare the relative error between each nu-
merical calculation. From Case 1 to Case 3, the numerical 
difference between each case has dropped from 6.61% to 
1.08% as shown in Table 5. To some extent, using finer 
mesh can get more stable solution. However, Case 4 has 
most cells of all, while it does not give much closer result 
to the experiments than Case 3 and Case 2. Considering 
its computational efficiency, Case 4 or even more cells 
are not recommended. 
 

 
Fig. 6: Error Study – violent slosh case (3s) and slight 

slosh case (5s)  

In Fig.6, we give the numerical error compared to exper-
iment with respect to cells number. Both slight slosh and 
violent slosh cases are considered. Case 1 using the least 
cells can provide good results in a slight sloshing case 
(5s). Its performance under a more violent sloshing case 
(3s) however becomes worse giving more than 10% error 
to experiment. Although Case 1 is less time-consuming, 
it is less accurate than the other cases and in some situa-
tions it is even unstable.  
Besides, large free surface needs a very fine grid to cap-
ture. Case 2, 3 and 4 all provide good resolution for vis-
ualization comparing to Case 1. 
Overall, there is approximately 5% difference between 
VOF method and experiments on tank moment. From a 
numerical point of view, Case 2 with 100 cells in width 
and 30 cells in height, gives a sufficient accurate solution 
using relatively less time. It is the best combination of 
grid and computational time. However, the particles in 
SPH method can only accept an isotropic distance in dif-
ferent directions. To compare the two numerical meth-
ods, we therefore use the square mesh size (0.005m) in 
Case 3 for both of the numerical calculations. 
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Results and Discussion 

Time-domain flow 

Here we present a steady state flow comparison between 
VOF and SPH calculations. Case with 33.3% filling, 
6deg amplitude, 5s excitation period is selected. Fig. 7 
gives the screen shots at each second within one excita-
tion period.  

 
Fig. 7: Sloshing flow comparison: VOF (left) vs SPH 

(right)   

 

Sloshing regime 

Tank response moment and phase, the key parameters to 
an anti-roll tank, are obtained from the time-domain mo-
ment curve. The time-domain moment curve varies with 
different excitation frequencies/periods. By using Fast 
Fourier transform, the tank eigenfrequency and response 
excitation frequency can be separated.  
Here we choose 7.5cm (50% filling), 3deg excitation as 
an example. The target time domain is from 20s to 50s 
avoiding the initial oscillation. Table 7 gives the peak fre-
quency value. Small peak, which have a value less than 
10% of the first peak, has been ignored. Fig. 8 shows the 
contribution of these two frequencies based on the fre-
quency spectrum.  
The eigenfrequency of the tank varies with the wave 
mode inside the tank. Based on the frequency domain 
study, it can be found between 0.41 and 0.45 in this case.  
The dominated frequency switch from eigenfrequency to 
excitation frequency at the period of 1.4s.  

Table 6: Frequency domain study 
Excitation 
Period 

Excitation 
frequency 

Response Frequency  
First peak Secondary peak 

1.0 1.00 1.00* 0.41 
1.1 0.91 0.41 0.90 
1.2 0.83 0.45 0.83 
1.3 0.77 0.45 0.76 
1.4 0.71 0.72 0.45 
1.5 0.67 0.65 0.45 
1.6 0.63 0.62 0.45 
1.7 0.59 0.59 - 
1.8 0.56 0.55 - 
1.9 0.53 0.52 - 
2.0 0.50 0.48 - 
2.2 0.45 0.45 - 
2.4 0.42 0.41 - 
2.6 0.38 0.38 - 
2.8 0.36 0.34 - 
3.0 0.33 0.34 - 
3.5 0.29 0.28 - 
4.0 0.25 0.24 - 
4.5 0.22 0.21 0.38 
5.0 0.20 0.21 0.41 
5.5 0.18 0.17 0.41 
6.0 0.17 0.17 0.41 

*value marked bold is response frequency with respect to the excitation 
frequency  

 

 
Fig. 8: Response frequency contribution   

From period 1.7s to period 4.0s, only one dominated fre-
quency (excitation frequency) can be found in the fre-
quency domain. It indicates that the system is dominated 
by external excitation and enters into the damping domi-
nate region. By using Eq. 20, the highest natural period 
of the tank is 2.33s (or 0.43Hz in frequency). It can be 
seen from the moment plot in Fig. 9 that the peak value 
appears between 2.2s and 2.4s. This is where the reso-
nance occurs. 
After 4.0s period, the excitation frequency starts to show 
up again when exceeding the damping dominated region, 
which indicates the system entered into an inertia domi-
nated range. Fig. 9 illustrate a detailed division of slosh. 
In the stiffness-dominated range, the tank provides very 
little counteracting moment to the external excitation. 
Flow inside has high modes. One should notice that at 
1.2s, there is almost no counteracting moment. This is 
where the standing wave occurs. 
In the inertia dominated range, liquid inside does not give 
a phase lag at all. This is a dangerous design range for an 
antiroll tank because it introduces additional negative 
moment to the vessel thus it may deteriorate the roll mo-
tion further.  

0 %

20 %

40 %

60 %

80 %

100 %

1 1,1 1,2 1,3 1,4 1,5 1,6 1,7 1,8 1,9 2 2,2 2,4 2,6 2,8 3 3,5 4 4,5 5 5,5 6

Excitation Period [s]

excitation frequency eigenfrequency



 
Fig. 9: Sloshing regime   

For an effective anti-roll tank, one should always make 
sure that the tank is working in the damping range where 
the combination of moment and phase has positive con-
tribution. Furthermore, the designate tank is supposed to 
have a -90 degree phase lag with the excitation motion to 
get a maximum contribution. In this case, the amplitude 
of the moment is approximately 30 Nm at -90deg phase. 

Numerical method comparison 

Strictly speaking, turbulence is a three-dimensional time-
dependent phenomenon. Therefore, CFD simulations in 
most sloshing cases should be in three dimensions. How-
ever, a 2D simulation is computationally cheap when 
having same grid size. It is of interest to investigate the 
difference between 2D and 3D model and make proper 
decision for a sloshing simulation. The cell number and 
computational time of 2D and 3D model are compared in 
Table 7.  

Table 7: Comparison between 2D and 3D calculations 
 Cells Computational time 

for 10s simulation 
2D 6000 1.27 h 
3D 300000 42.13 h 
Ratio 1:50 1:33 

 
2D simulation neglect the vortex in tank length direction. 
Besides, it does not include the effect of the tank sidewall 
corners. However, these two aspects may affect the result 
only when intense turbulent flow occurs. From the time-
domain calculations shown in Fig. 10, we see that 2D 
case remains good consistency with 3D case at excitation 
period 3.0s which is considered as a violent sloshing sit-
uation. However, the difference cannot be ignored in the 
resonance range e.g. 2.4s excitation period.  

 

 
Fig. 10: Time-domain comparison between 2D and 3D 

at excitation period 3.0s (top) and 2.4s (bottom) 

Overall, the moment differences between 2D and 3D 
simulations are rather small in most sloshing cases. We 
have confidence to argue that 2D simulations provide 
sufficient good result in the FST study. 3D simulations 
can be a validation of 2D especially when it comes to res-
onance range. Besides, 2D simulations are widely used in 
initial screening of alternative designs, and parametric 
studies because it is easy to implement and computation-
ally cheap.  
SPH simulations in three dimensions are calculated using 
CPU Intel Xeon CPU E5-2623 v3 3.00 Ghz (2 proces-
sors), GPU Nvidia GTX TITAN X GDDR5 12GB, 3072 
CUDA Cores. Table 8 gives an estimated computational 
time for different fillings. 

Table 8: Computational Time of SPH  
Filling 
height 

Particle 
number 

Computational time 
for 10s simulation 

5cm 132514 0.79 h 
7.5cm 181269 1.08 h 
10cm 230024 1.46 h 

 
Due to the difference of computational environment, it is 
impossible to compare the efficiency of the two methods 
directly. But an impression is that SPH is able to handle 
a large amount of particles in a rather short time. Besides, 
SPH uses much less cells compared to a 3D VOF simu-
lation as it only solve the fluid domain. 
Fig 11 give a wide range of comparisons among VOF, 
SPH, and model tests data. The VOF simulation has 
shown excellent consistency with the model test in most 
cases. However, it over predicts the moment amplitude at 
resonance range. This phenomenon becomes more nota-
ble at higher filling and excitation amplitude. An expla-
nation could be that severe tank motion results in violent 
slosh on free surface, which creates difficulties for the 
simulation.  
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Fig. 11: Comparison among 2D CFD, SPH and Experi-

ment  

SPH method using relative less time gives excellent pre-
diction in stiffness dominated range. It has problem to 
predict the resonance range. The phase angle of SPH 
gives insufficient accuracy, especially in higher filling 
levels. Further study should focus on tuning the SPH sim-
ulations. 
Overall, both of the numerical simulations have shown 
good consistency with the model test. VOF based CFD, 
considered as a robust method, provides excellent result 
using relative long time. While SPH is a rather fast but 
less accurate numerical method in this slosh study. When 
choosing the numerical methods, one should balance 
both the computational time and simulation accuracy to 
achieve the final goal.  

Excitation amplitude 

In the following figures (results from model tests), the 
moment is expressed as moment per unit roll to make the 
values comparable with other amplitudes of roll. The  

 

 
Fig. 12: Moment amplitude and phase at different exci-

tation amplitudes  

total moment can be found by multiplying with the am-
plitude of roll motion. When multiplying each curve by 
its roll amplitude, it is clear that the moment at higher 
excitation amplitude gives higher values than those at 
lower excitation amplitude.  
In stiffness-dominated range, the moment amplitude has 
a liner increase with the excitation amplitude. However, 
we see a clear nonlinearity in the damping range. This 
trend is gradually fading when entering into the inertia-
dominated range. 
The bottom plot shows that the flow phase has no strong 
relation with the excitation amplitudes.  

Filling levels 

During regular operation and transportation, a ship is 
subjected to changes in its natural frequency. For insur-
ing the ART effective working, one should tune the tank 
natural frequency to get as close as the vessel’s natural 
frequency.  
Once the main dimensions of the ART defined, changing 
the filling level becomes the only way to adjust the natu-
ral frequency of the tank. Here we present a study of three 
filling levels: 5cm, 7.5cm and 10cm, corresponding to 
33.3%, 50.0% and 66.7% filling percentage. 
Higher filling level has more liquid inside the tank, which 
gives more static force increasing the global moment. 
This can be found in the stiffness-dominated range.  
In damping range, the flow behavior is mainly deter-
mined by the tank motion. Especially in the resonance 
range, the moment shows an extremely high value. Be-
sides, the natural period of the tank reduces as the filling 
level increases which can also calculated by Eq. (20).  



 

 

Fig. 13: Moment amplitude and phase at different fill-
ing levels 

When the system enters into the inertial dominated re-
gion, the tank with more liquid however generates less 
moment. More liquid inside the tank gives more mass, 
which adds more inertial impact on the system. As it be-
comes more difficult to excite the liquid inside, the liquid 
flow moves relatively slow. Besides, the tank with more 
mass enters into the inertial dominated region much ear-
lier than the tank with less mass. This can also be read 
from the phase curve. When the phase approaches 0 deg 
(after 3.0s), the system enters into the inertial dominated 
region.  
As we know from previous analysis, ART works well 
only in the damping range. By comparing the phase 
curves, it can be found that small filling level can provide 
a broader damping range. Though giving less moment, a 
small filling tank can work in more excitation conditions. 
While a high filling tank can provide a high counteracting 
moment but in a short excitation range. 

Conclusions 

This paper present a comparative study of two numerical 
methods: a VOF based Eulerian FVM method and a La-
grangian SPH method. Both of the two methods have 
their own pros and cons. SPH method is efficient but lack 

of accuracy in some cases. While VOF provides suffi-
cient good results but takes more time. Both of the nu-
merical methods shows good consistency with experi-
ments except the resonance range. One should balance 
the efficiency and accuracy when using these methods. 
The ART sloshing regime is studied by using FFT anal-
ysis. Sloshing cases are separated by three frequency re-
gions: stiffness, damping and inertia dominated ranges. 
For an effective ART, it is crucial to make sure it works 
in the damping dominated range. The optimized perfor-
mance can be achieved at resonance range.  
Besides, we study the performance of the FST at different 
fillings and excitation amplitudes. It has been found that 
moment has a clear nonlinear relation with the roll am-
plitude in damping region. Different excitations barely 
influence the flow phase. But changing the tank fre-
quency by varying filling level has great effect on phase. 
Higher filling provides higher damping but in a short ex-
citation range. 
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Abstract 

As a cleaner alternative to other fossil fuels, the demand for 
liquefied natural gas (LNG) is steadily increasing. This has 
resulted in technical innovations in the LNG supply chain. 
Examples of such innovations include the following: an in-
crease in the capacity of LNG tank systems such as by using 
vertically stretched spherical tanks, the development of float-
ing regasification units, floating LNG production, storage and 
offloading units (FLNGs), etc. Among the various LNG tank 
systems, the spherical LNG tank is considered to have good 
structural integrity and also good sloshing resistance. Howev-
er, increases in the size of the tank and the emergence of new 
operation modes of LNG carriers such as their usage as shut-
tle tankers for FLNG can lead to a partially filled condition 
which was not common in the past. In this context, the predic-
tion of the dynamic behaviors of liquid cargo inside the par-
tially filled spherical tanks and their effects on the motions of 
the LNG carriers have become essential topics. In this study, 
numerical and experimental investigations into a partially 
filled spherical model tank were performed. The sloshing and 
swirling motion of the liquid and the forces exerted on the tank 
walls were studied. Fundamental information was obtained 
regarding the sloshing motion, such as the criteria for the 
generation of sloshing and swirling as a function of the excita-
tion frequency and excitation amplitude, the coupling effect 
between the ship motion and the liquid motion, etc. 

Keywords 

LNG; sloshing; swirling; LNG carrier; FLNG; spherical 
tank.  

Introduction 

Because of the need for global environmental protection, 
the demand for natural gas, which is the cleanest of all 
the fossil fuels, has been steadily increasing. This has 
led to the long-term growth of the maritime transporta-
tion of liquefied natural gas (LNG) by ships.  
Several other developments related to natural gas may 
have a major influence on the maritime industries, i.e., 
the production of natural gas from offshore gas fields 
using floating LNG facilities (FLNGs); the planning for 
large-capacity LNG carriers for transporting North 

American shale gas through the newly expanding Pan-
ama Canal; the use of LNG as a ship fuel, and others. 
As for the cargo containment systems of LNG carriers, 
there are three main options: membrane tanks, spherical 
tanks and SPB tanks. Among these three types, the 
spherical tank system has been widely used on the basis 
of its long history of structural safety and also a sense of 
security regarding sloshing due to its geometrical char-
acteristics. However, even in LNG carriers with spheri-
cal tank systems, a partial filling condition is practically 
avoided, and full or empty loadings are adopted for 
actual long-range voyages.  
Increases in the capacity of future LNG carriers with 
spherical tanks, however, may result in a partial filling 
condition being used in the tanks. Also, for LNG carri-
ers that are used as a shuttle service to an FLNG, a par-
tial filling condition is inevitable during the LNG trans-
fer from the FLNG to the LNG carrier.  
Considering this, we believe it is important to study the 
sloshing features of the spherical tanks and also to de-
velop an accurate and efficient numerical tool with 
which to analyze the sloshing behavior in partially filled 
tanks. 
In this study, we first carried out a model experiment 
using a small spherical tank and examined the funda-
mental characteristics of sloshing phenomena in spheri-
cal tanks. We also modified the sloshing numerical tool 
based on a finite difference method using a Cartesian 
mesh system for prismatic tank analysis (Arai, Cheng, et 
al., 2002, Cheng and Arai, 2003, 2005) to create a new 
tool utilizing a body-fitted mesh system that can resolve 
the sloshing phenomenon in spherical tanks. The effec-
tiveness of the developed method was confirmed in this 
study. We also examined the sloshing behaviors in the 
tank of an LNG carrier in waves by conducting a ship-
tank coupling simulation. 

Numerical methods 

Sloshing simulation in a spherical tank  

In order to provide fast, reliable computation while 
considering the flexible modeling of a wide range of 



LNG tank geometries, a numerical method based on the 
finite difference technique with a body-fitted mesh 
system was utilized in this study.  

Governing equations 

Assuming an incompressible and inviscid fluid, the 
equations governing the liquid cargo motion inside the 
tank are the continuity equation: 
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where 
 u, v, w: velocity components with respect to the coordi-
nates fixed to the tank; 
fx, fy, and fz: x, y and z components, respectively, of 
external forces; 
p is pressure; 

: density of the liquid. 
The motion of the tank that induces liquid motion is 
taken into account by means of the external forces fx, fy 
and fz in the motion equations. 

Modeling using Cartesian mesh system 

In our previous study, in order to reduce the computa-
tional time and to simplify the numerical method, Carte-
sian mesh systems with constant grid spacing x, y 
and z in the x, y and z directions, respectively, were 
used (Arai et al., 2002, Cheng and Arai, 2003 and 2005).  
In such systems, the variables are allocated in a stag-
gered way, i.e., u, v and w are evaluated at the cell faces, 
while p is evaluated at the center of the grid cells. 
Free surface 
The position of the free surface is evaluated using a 
height function h, whose value is updated at every time 
step by applying the kinematic condition: 
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where h= h(x,y,t) is the height of the free surface. 
The atmospheric pressure is set at the free surface loca-
tion. 
Rigid wall 
A zero normal flow condition and a free-slip condition 
are imposed to model the rigid walls of the tank. For 
modeling the rigid curved walls that are not coincident 
with the faces of the rectangular grids, the zero normal 
condition is applied with consideration of the slope of 
the boundary. However, this approach is not effective to 
model arbitrary shaped boundary such as the walls of 
spherical tanks. 

Impact on tank ceiling 
To achieve a stable assessment of the impact pressure at 
the tank ceiling, a transition of the boundary condition 
from a free surface to a rigid wall proposed by Arai, 
Cheng, Kumano & Miyamoto (2002) and Cheng & Arai 
(2003) is considered. A detailed explanation of this 
condition can also be found in Cheng & Arai (2005). 

Modeling using body-fitted mesh system 

To overcome the limitation of modeling a curved 
boundary such as the wall of a spherical tank, an ap-
proach based on the use of a body-fitted mesh system is 
considered in this study. The basic idea behind this 
approach is the mapping of a body-fitted mesh in the 
physical space to a rectangular mesh in computational 
space through the transformation of the Cartesian coor-
dinates x, y and z to the body-fitted coordinates ,  and 
, respectively. Fig. 1 shows an example of a body-

fitted mesh for a spherical tank.  
 

 
Fig. 1: Example of body-fitted mesh 

 
The governing equations in the ,  and coordinates 
are rewritten, and the continuity equation becomes: 

          (4) 

and Euler's equations of motion are given by: 
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where 
u=(u, v, w): the velocity; 



f=(fx, fy, fz): the external forces; 
U , U , and U : the volume fluxes through the cell faces 
in the ,  and  directions, respectively. The fluxes are 
given by: 
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where S , S , and S are the cell face vectors 
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and Jacobian J is 

 .       (8) 

Free surface 
Considering a height function of the free surface H 
defined in ( , , ), the kinematic condition (Eq. 3) used 
to track the free surface is rewritten as: 

.                                 (9) 

Rigid wall 
Using the volume fluxes, the zero normal flow condi-
tion are given by: 

    on the  constant plane; 
    on the  constant plane; 
    on the  constant plane.    (10) 

By considering the relation represented by Eq. 10, the 
expression for the pressure gradient normal to the walls 
can be derived from Eq. 5: 

 
on the  constant plane; 

 
on the  constant plane; and 

 

on the  constant plane.    (11) 
Impact on tank ceiling 
The impact boundary conditions proposed by Arai, 
Cheng, Kumano & Miyamoto (2002) and Cheng & Arai 
(2003) that were applied to the computation in the Car-

tesian coordinate system are also adopted for the body-
fitted mesh system.  

Finite difference modeling and solution algorithm 

In the modeling using the body-fitted mesh system, 
central difference approximation is applied to the conti-
nuity equation.  In Euler's equations of motion, forward 
difference is used as an approximation of the time de-
rivatives, while the upstream difference is adopted to 
approximate the advective terms. 
Once the initial conditions of the problem are given, the 
estimation of the fluxes U , U , and U  are computed for 
the next time step using Euler’s equations of motion. 
Together with p, the fluxes are iteratively adjusted in 
order to satisfy the continuity equation and the boundary 
conditions, following the algorithm proposed by Hirt et 
al. (1975). 
 

Ship motion coupling simulation  

The sloshing simulation explained above is coupled 
with ship motion simulation in the time-domain to take 
into account the coupling effect. 
To calculate the ship motion with the sloshing coupling 
effect, the following motion equation is employed: 
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where 
i, j = 1 ~ 6, 

ijM : components of the generalized mass matrix, 

iX : body motion in the ith mode, 

R
iF : radiation force for the ith mode of motion, 

D
iF : diffraction force for the ith mode of motion, 

S
iF : hydrostatic force for the ith mode of motion, and 

Slosh
iF : sloshing-induced force for the ith mode of 

motion. 
In this study, the hydrodynamic and hydrostatic forces 
are calculated using the linear strip theory method of 
Salvesen, Tuck and Faltinsen (1970). The sloshing-
induced forces are obtained by pressure integration on 
the tank walls in the sloshing simulation.  
Eq. 12 is solved in the time-domain by using the New-
mark-beta method (Eq. 13) with the value of  selected 
to be 0.25.  
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The sloshing and ship motion simulations are coupled 
by using an explicit algorithm at every time step. The 
flowchart of this coupled simulation is shown in Fig. 2. 
The details of this method and its experimental valida-



tion can be found in Wang and Arai (2011a, 2011b and 
2015). 

 
Fig. 2: Ship-tank coupling simulation flowchart 

 

Model experiment and observed liquid motion 
in a spherical tank 

Model tank and experimental system 

A spherical tank model with a diameter of 180 mm was 
used in this study (see Fig. 3). The experiments were 
carried out for the cases of a partially filled tank with 
different filling ratios of 30%, 50% and 70% under roll 
excitation. The amplitude of roll excitation was changed 
from 1.0 degree to 3.0 degrees with increments of 1.0 
degree. The frequencies were changed from 1.50 Hz to 
2.50 Hz with increments of 0.05 Hz. The center of the 
rotation was fixed at the height of 63 mm on the vertical 
axis from the bottom of the tank.  

 
Fig. 3: Model tank and setup 

 

Sloshing modes 

The behavior of the liquid motion inside the tank varied 
based on the excitation frequency. Typical liquid mo-
tions observed in our model experiments are shown in 
Fig. 4. In this study we categorized those motions into 
four types, namely; planar wave, sloshing, steady-state 
swirling, and non-steady-state swirling. Under planar 
wave motion, the liquid surface remains almost flat, and 

the amplitude of the liquid motion is small. Under slosh-
ing, the liquid surface motion is large, whereas the liq-
uid surface deformation is almost two-dimensional. In 
this study, a large amplitude of the liquid was defined as 
a liquid surface inclination of more than 30 degrees, and 
a planar wave was defined as liquid motion with a sur-
face inclination of less than 30 degrees. When steady-
state swirling occurred, the frequency, amplitude of free 
surface deformation, rotating velocity of the liquid mo-
tion, and direction of the rotating motion were almost 
constant. When non-steady-state swirling occurred, the 
swirling motion started and continued for a certain peri-
od but suddenly changed its direction to the opposite 
direction or the motion stopped and restarted in the 
same direction. The rotating velocities and amplitudes 
of the liquid motion varied in time. This non-steady-
state swirling is considered to be a hybrid of sloshing 
and steady-state swirling. In Fig. 5, the excitation fre-
quencies and amplitudes at which these four motions 
occur are shown for the spherical-tank experiments 
carried out with a filling ratio of 70%. The natural fre-
quencies for the spherical tank were estimated based on 
the experimental results shown in Abramson (1966). 
                

 
Fig. 4: Observed liquid motions  

 

 
Fig. 5: Behavior of the liquid motion in the spherical 
tank (filling ratio: 70%)   
 
Fig. 5 shows that the violent liquid motion zone increas-
es in frequency as the excitation amplitude becomes 
larger. This means that the violent liquid motion is gen-
erated not only when the tank oscillates at the natural 
frequency but also when it oscillates with a large excita-
tion amplitude. The dotted line in Fig. 5 shows the 
boundary between mild and violent liquid motions. 
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Sloshing simulation in a spherical tank 

Examples of the numerical results are shown in Fig. 6 to 
Fig. 10. In Fig. 6, the computed maximum liquid force 
in parallel to the exciting direction is compared with the 
theoretical value (Budiansky, 1960) and experimental 
value (Abramson et al., 1963, 1966).  Lateral excitation 
with a translating amplitude of X0 was applied. Here, Fx 
is the total liquid force in parallel to the excitation direc-
tion, d is the tank diameter, is the density of the liquid 
and  is the circular frequency of excitation motion. 
The results of the present simulation agree reasonably 
well with the theoretical and experimental values.  

 
Fig. 6: Liquid total force response in a 50% filled spheri-
cal tank 

 
 

Example 1: Sloshing 

Fig. 7 shows the computed liquid surface motion in the 
spherical tank with a diameter of 40 m for an excitation 
frequency of 0.126 Hz and excitation amplitude of 1 m.  
Sloshing is observed, and the liquid surface moves par-
allel to the applied excitation direction. The forces on 
the tank wall caused by the liquid motion are presented 
in Fig. 8. In the figure, the solid line indicates the force 
time history in parallel to the applied excitation (Fx), 
and the dotted line shows the force in the direction or-
thogonal to the applied excitation (Fy). The density of 
the liquid is assumed to be 0.425 ton/m3. 
 

 
Fig. 7: Computed sloshing motion                               
(excitation amplitude: 1 m, excitation frequency: 0.126 Hz, 
liquid level: 50%)  

 

 
Fig. 8: Computed histories of force on the tank wall   
(excitation amplitude: 1 m, excitation frequency: 0.126 Hz, 
liquid level: 50%) 

 

Example 2: Swirling 

Fig. 9 shows the computed liquid surface motion for an 
excitation frequency of 0.141 Hz and excitation ampli-
tude of 1 m.  Steady-state swirling is observed for this 
excitation frequency, and the wave inside the tank ro-
tates continuously in an anti-clockwise direction. The 
forces on the tank wall caused by the liquid motion are 
presented in Fig. 10. The amplitude of the force in the 
y-direction (Fy) has almost the same magnitude as the 
force in the x-direction (Fx), which indicates the occur-
rence of liquid swirling motion. 
 

 
Fig. 9: Computed swirling motion                                 
(excitation amplitude: 1 m., excitation frequency: 0.141 Hz, 
liquid level: 50%) 

 

 
Fig. 10: Computed histories of force on the tank wall   
(excitation amplitude: 1 m., excitation frequency: 0.141 Hz, 
liquid level: 50%) 

 

Ship-tank coupling simulation 

In this paper, we considered an LNG carrier as shown in 
Table 1 and Fig. 11. The hull form of the LNG carrier 
was designed by Wang and Arai (2011a) based on the 
Series 60 standard hull form.  Although the ship was 
originally designed as a membrane ship, in this study 
one of the tanks, i.e., Tank No. 5, was designed as a 
spherical tank in order to examine the sloshing phenom-
ena in a spherical tank. This spherical tank may be con-



sidered an adjusting tank to mitigate the sloshing load, 
i.e., all of the membrane tanks are used in a full or emp-
ty condition, and if fragmentary loading is required this 
spherical tank is used as the partially filled tank. The 
spherical tank was set behind the other tanks to give a 
good visibility from the bridge to the navigation officers. 
A ship-tank coupling simulation was carried out, and we 
obtained the response amplitude operators (RAO) of the 
internal liquid wave at Point A and Point B as shown in 
Fig. 11. Fig. 12 indicates the RAO of the internal liquid 
wave at Point A and Fig. 13 shows that at Point B. The 
results for the sea wave encounter angles  of 90 (beam 
sea), 120 , 150  and 180  (head sea) are shown in these 
figures.  In the simulation, liquid cargo in membrane 
tanks No. 1 to No. 4 was treated as solid cargo.  
As indicated in Fig. 12, the RAO of the internal wave 
has three peaks. The peak at around 16 seconds occurs 
at around the natural frequency of the ship's roll motion, 
and a large inclination of the free surface was observed 
due to the ship’s motion. At around 12 to 13 seconds we 
observed up and down motion of the central part of the 
free surface in the tank. The peak at around the encoun-
ter period of 6 to 7 seconds was a result of the tank 
liquid's sloshing and swirling motion. The occurrence of 
swirling motion can be confirmed if we examine the 
RAO at Point B shown in Fig. 13 that has almost the 
same amplitude as that at Point A. 

Table 1: Principal dimensions of LNG carrier and tank 
Particulars Left Column Unit 
Lpp 300.0 m 
Beam 50.0 m 
Draft 12.5 m 
Displacement 143,600 ton 
Cb 0.747  
LCB 0.374 % 
KB 6.5 m 
KG 14.0 m 
GMt 8.2 m 
Ship speed 19.5 knot 
Density of tank liquid  0.425 ton/m3 

Total tank capacity 200,000 m3 

Internal diameter of 
spherical tank 

36.0 m 

 

 
Fig. 11: Analyzed ship 

 
Fig. 12: Internal wave response in the spherical tank 

(Point A, tank filling level: 19.8 m) 

 

 
Fig. 13: Internal wave response in the spherical tank 

(Point B, tank filling level: 19.8 m) 

 

 

Conclusions 

In this study, we developed a numerical tool to simulate 
the liquid sloshing that occurs in spherical tanks and 
examined the behavior of the liquid sloshing in the 
tanks. We also carried out a simple model experiment 
using a small spherical tank to study the fundamental 
characteristics of sloshing inside spherical tanks. We 
obtained the following conclusions from this study and 
identified our future research tasks as described below. 
 
1. We studied the fundamental features of sloshing 

phenomena in a spherical tank using model experi-
ments and classified the liquid motion into four 
types. Large liquid motion was observed around the 
estimated first mode natural frequency of the liquid 
motion. Sloshing occurred at the lower-frequency 
side of the natural frequency, while swirling oc-
curred at the higher-frequency side. 

2. We developed a numerical simulation tool to study 
the liquid motion inside spherical tanks by using a 
finite difference method with a body-fitted mesh 
system. From the numerical simulation carried out 
in this study, we showed that, in the steady-state 
swirling, not only the liquid force on the tank wall 
parallel to the excitation but also the force in the or-
thogonal direction became considerably large, and 
these two forces had almost the same magnitude. 

3. We carried out a numerical simulation to consider 
the coupling effect between the ship motion and the 
liquid motion in the tank. Since we assumed that 
the analyzed LNG carrier had only one partially 
filled tank, the effect of coupling between the ship 
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motion and the liquid motion was small. As for the 
liquid motion inside the tank, it became significant 
at the natural period of the ship’s roll motion and 
also at the natural period of the liquid motion inside 
the tank. 
 

Our future research tasks are:  
1. To confirm our numerical tool’s applicability espe-

cially to the free surface motion and liquid force on 
the tank wall by carrying out a series of model ex-
periments; 

2. To examine the applicability of our numerical tool 
to the new types of spherical tanks such as the so-
called stretched sphere tank; 

3. To study the possibility of the occurrence of slosh-
ing and swirling in spherical tanks in irregular sea-
ways. 

 

References 

Abramson, H. N., Chu, W. H. and Garza, L. R. (1963) 
"Liquid Sloshing In Spherical Tanks," AIAA J., 
Vol.1, No.2, pp. 384-389.  

Abramson, H. N. (1966) "The Dynamic Behavior of 
Liquid In Moving Containers," NASA SP-106, Na-
tional Aeronautics and Space Administration.  

Arai, M, Bogaert, H., Graczyk, M., Ha, M.K., Kim, 
W.S., Lindgren, M., Martin, E., Noble, P., Tao, L., 
Valle, O., Xiong, Y. (2012) "Natural Gas Storage 
and Transportation," Report of Committee V.2, Pro-
ceedings of the 18th International Ship and Offshore 
Structures Congress, Vol. 2, pp. 67-112. 

Arai, M., Cheng, L. Y., Kumano, A., Miyamoto, T., A. 
(2002) "Technique for Stable Numerical Computa-
tion of Hydrodynamic Impact Pressure in Sloshing 
Simulation," Journal of the Society of Naval Archi-
tects, Japan, Vol. 191, pp. 299-307. 

Budiansky, B. (1960). "Sloshing of Liquids in Circular 
Canals and Spherical Tanks," J. Aerospace Sci., Vol. 
27, No. 3, pp. 161-173. 

Cheng, L. Y., Arai, M. (2003). "A Technique for Stable 
Numerical Assessment of Hydrodynamic Impact 
Pressure Due to Sloshing in Chamfered Tanks", 
Conference Proceedings, The Society of Naval Ar-
chitects of Japan, Vol. 1, pp. 105-106. 

Cheng, L. Y., Arai, M. (2005) “A 3D Numerical Meth-
od for Assessment of Impact Loads Due to Sloshing 
in Liquid Cargo Tanks,” Proceedings of the Fif-
teenth International Offshore and Polar Engineering 
Conference, pp. 214-221 

Hata, R., Arai, M., and Furth, M. (2015) "Sloshing and 
Swirling inside a Spherical Tank," TEAM 2015, Oct. 
12 - 15, Vladivostok, Russia, pp. 346-350. 

Hirt, C. W., Nichols, B. D., Romero, N. C. (1975) "SO-
LA – A Numerical Solution Algorithm for Transient 
Fluid Flows," Los Alamos Scientific Laboratory, 
Report LA-5852. 

Salvesen, N., Tuck, E.O. and Faltinsen, O. (1970) “Ship 
Motions and Sea Loads,”  Trans SNAME, Vol. 78, 

pp. 250-287. 
Wang, X. and Arai, M. (2011a) "A Study on Coupling 

Effect between Seakeeping and Sloshing for Mem-
brane-type LNG Carrier," International Journal of 
Offshore and Polar Engineering, Vol. 21, No.4, pp. 
256-263. 

Wang, X. and Arai, M. (2011b)  "Research on Compu-
tational Method of Coupled Ship Motions and Slosh-
ing," Journal of the Japan Society of Naval Architects 
and ocean Engineers, Vol. 14, pp. 97-104. 

Wang, X. and Arai, M. (2015) "A Numerical Study on 
Coupled Sloshing and Ship Motions of a LNG Car-
rier in Regular and Irregular Waves," Journal of En-
gineering for the Maritime Environment, Vol. 
229(1), pp. 3-13. 

 
 





Proceedings of PRADS2016 
4th – 8th September, 2016 

Copenhagen, Denmark 

Experimental and Numerical Study                                            
on Vortical Flow behind 3D Hydrofoils 

J.-H. Kim1), S.-W. Jeong 1), B.-K. Ahn 1), G.-D. Kim 2) and C.-S. Lee2) 
1) Department of Naval Architecture and Ocean Engineering, Chungnam National University, Daejon, Korea 

2) Korea Research Institute of Ships and Ocean, KRISO, Daejon, Korea 

Abstract Heading 

We fundamentally study on vortical flow behind the three-di-
mensional circular wing. For more improved hydrodynamic 
analysis, we employ a B-Spline-based higher-order panel 
method including a nonlinear wake roll-up mechanism. Using 
the present numerical method, we can well-predict the contrac-
tion and position of vortex cores just with the longitudinal trail-
ing wake shapes. Numerical results are compared with the ex-
periments from a cavitation tunnel in Chungnam National Uni-
versity (CNUCT). Observations of the vortical flow behind the 
circular wing and inception dynamics of tip vortex cavitation 
are obtained using high speed cameras and SIV(Shadow Image 
Velocimetry). In addition, we measure pressure fluctuations 
above the circular wing which are closely related with vortical 
flow noise. 

Keywords 

Vortical Flow; B-Spline; Higher-order panel method; 
Cavitation Tunnel; wake roll-up; Tip Vortex Cavita-
tion(TVC) 

Introduction  

Along the growing vortex core in the wake field behind 
propeller, tip vortex cavitation is usually observed and it 
is well known as one of the main sources of propeller 
noise, which is directly connected with the pressure fluc-
tuation from it. The problem of inception of tip vortex 
cavitation is especially important for navy propellers 
[Kuiper 2001], but progress in this field has been very 
limited; classical knowledge on the scale of TVC incep-
tion and the scaling laws considering vortex characteris-
tics of inviscid flow are usually available [McCormick 
1962; Fruman et al. 1992]. Vortical flow behind propeller 
blade or three-dimensional hydrofoils were observed 
through experimental studies [Souders and Platzer 1981; 
Arndt et al. 1991; Maines and Arndt 1997; Astolfi et al. 
1999] and there have been also continuous efforts to pre-
dict those phenomena by using the boundary element 
method [Kinnas et al. 1998; Lee and Kinnas 2001]. Re-
cently, a B-Spline-based higher-order panel method has 
been developed as an alternative way instead of the low-
order one [Hsin et al. 1993; Lee and Kerwin 2003; Lee et 
al. 2004]. The order of the B-Spline representing body 

geometries and potentials can be increased without limit, 
and solution of any order can be obtained with a smaller 
number of panels. For a more improved hydrodynamic 
analysis, our research team employed the B-Spline-based 
higher-order panel method including the nonlinear wake 
roll-up mechanism. The present method can overcome 
the threshold of the low-order panel method, that is, there 
are inevitable numerical errors near the trailing edge and 
the tip of the lift-generating surface because of the drastic 
change of geometry and complicated flow characteristics. 
With adoption of a conventional method for the numeri-
cal integration such as Gauss-Legendre quadrature, it can 
also make it possible to obtain more accurate information 
on propeller tip flow. In addition, we can obtain an im-
proved pressure distribution at the trailing edge by apply-
ing a nonlinear wake roll-up model. It makes the wake to 
be aligned when the force-free condition is satisfied on 
each wake panel. 
Before applying the present method to marine propeller 
on conventional ship which has complex geometry, we 
fundamentally studied on vortical flow behind three-di-
mensional circular wing. Using our numerical method, 
we predicted contraction and position of vortex cores just 
with the longitudinal trailing wake shapes. We compared 
the numerical results with our experiments on the cavita-
tion tunnel in Chungnam National University (CNUCT). 
Observations of the vortical flow behind the circular 
wing and inception dynamics of the tip vortex cavitation 
were obtained using the high speed movie camera and 
SIV. In addition, we measured pressure fluctuations 
above the circular wing which is closely related with 
noise characteristic features of vortical flow. 

Numerical Method 

The existing lower-order panel method assumes that po-
tential on each panel has constant value and the value is 
discontinuous at boundary of panel. More improved 
higher-order panel method usually uses the flat or poly-
nomial surface for geometry and the potential on each 
panel also follows the polynomial distribution. However, 
the potential can be discontinuous at boundary of panel 
and it results in numerical errors. Low-order panel 
method requires numbers of panels for enough accuracy 
and it needs finite differential scheme to calculate the ve-
locity along the surface. In the case of B-Spline higher-



order panel method, potential on the exact surface fol-
lows the polynomial distribution. In addition, potential 
and their derivatives are continuous at panel boundary. 
Consequently, employing B-Spine higher-order panel 
methods gives continuous solution without numerical er-
ror caused by discontinuous distribution of potential at 
panel boundary. And it does not need lots of panels and 
differential scheme. An extremely wide variety of geom-
etries can be represented by an elegantly unified class of 
function and the shape of B-spline curves and surfaces 
can be controlled in a very intuitive way in a computer 
graphical environment [Piegl and Tiler 1996]. 

Geometry and potential representation 

Geometry can be expressed in a particular parametric form 
with weighted sums of a set of basis functions, ( )p
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where u is a parameter, which is monotonically increas-
ing function of arc length and N  is number of geometric 
control vertices (Fig.1). 
 

 
 

Fig. 1: Geometry Representation 

 
Fig. 2: Surface generated by B-Spline 

And we can easily extend the idea of a control polygon 
to a control net (Fig.2). 
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where ,N M  are number of geometric control vertices  

and ( ), ( )p p
i jN u M v  are B-spline basis functions of the  

parameter u and v . And potential can be expressed in a 
similar form as for the geometry. 

1 1

, ,
0 0

( , ) ( ) ( )
v vN M

v
i j i j i j

i j
u v N u M v                                    (3) 

where ,
v
i j  is potential control vertices, ,v vN M  are 

number of potential control vertices in ,u v , and 
( ), ( )i jN u M v  are B-Spline basis function of the parame-

ter u and v for representing potential. 

Formulation 

Governing equation and boundary conditions for the pre-
sent numerical method are shown below. 
 

Governing equation: 
2 0                                                                                                  (4) 

where  is the perturbation potential. 
 

Boundary conditions: 
1. Quiescence condition at infinity 

0                                                                                                 (5) 

2. No-penetration condition on the surface of a body 

n̂ V
n

                                                                                         (6) 

where n  is the unit vector normal to the body and wake 
surfaces and V  is the total velocity. 
 

3. Kutta condition at the trailing edge 

. .T EV                                                                                               (7) 

where . .T EV  is the velocity at the trailing edge. The veloc-
ity potential on the body is represented by influences nor-
mal dipoles and sources distributed on the body surface, 

BS  and wake surface, WS  as shown in below. 
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where G is the Green’s function defined as 
1

4
G

r
                                                                                           (9) 

Substitution of Eq. 3 into Eq. 8 gives the discretized in-
tegral equation as shown below. 
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Desingularization of induction integral 

We employed Gauss-Legendre quadrature to approxi-
mate an integral over any interval [a,b] by 

1
( )

2 2 2

nb

i ia
i

b a b a a bf x dx w f x                       (11) 

Depending on the position of the control point relative to 
the singularity, the induction integrals are divided into 
self-induction, near-field induction, and far-field induc-
tion integrals. 
Especially when the control point falls within the panel 
boundary, special care is necessary to avoid the singular 
behavior in computing in influence integral. So when the 
control point falls on the panel surface, induced poten-
tials by normal dipole and source, ,D S

self selfI I  are shown 
below. 
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And the control point falls within far-field criterion, ap-
proximation of the induced potential by normal dipole 
and source, ,D S

far farI I are shown below. 
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Kim et al. (2007) derived and described numerical forms 
of the integrals in more detail, and present work em-
ployed it. 

Algebraic Equation including Kutta Condition 

Relation for the determination of potential vertices is 
shown below. 

vA B                                                                                               (14) 

where A  is NCP NV  non-square matrix, NCP  is to-
tal number of collocation points, NV  is the number of 
unknown potential vertices, v  is the unknown potential 
vertex strength vector, and B  is the forcing vector with 
NCP  elements. As a constraints equation, dynamic 
Kutta condition is the zero pressure jump condition in the 
wake sheet and it can be expressed as shown below. 

0p                                                                                                  (15) 

And this is equivalent to the statement that the magnitudes 
of the total velocity on both side of the trialing edge should 
be identical in the steady flow. 

ˆ ( ) 0n V V                                                                              (16) 

where the superscripts + and – denote the suction and pres-
sure sides of the trailing edge, respectively.  
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Then the dynamic Kutta condition with all terms expressed 
in terms of the strength of the potential vertices can be ex-
pressed in matrix form as 

vS T                                                                                               (18) 

Where S  is 2M NV  non-square matrix and M  is 
the number of panels in v directions in the usable para-
metric spaces for the potential. Then, the final solution 
for potential vertices can be expressed, 

1v T T TA A A B S L                                                        (19) 

where 
11 1T T T TL S A A S S A A A B T  

Wake Alignment and Roll-Up Modeling 

The induced velocity on wake surface can be calculated 
with iterative procedure as shown below. 

 
Fig. 3: Wake Alignment and Roll-Up Modeling 

After solving BVP with conventional wake geometry, we 
compute the induced potential on the body surface. And 
we compute gamma strength at trailing vortex and calcu-
late the induced velocity at wake panel along x-axis. By 
using velocity vector in wake surface, we move the posi-
tion of point at wake field and we solve BVP with modi-
fied wake geometry. Then this iterative procedure is re-
peated until the solutions converge [Kim et al. 2015].  

Experimental Methods 

Experimental Setup 

All of the experiments are carried out on cavitation tunnel 
at Chungnam National University (CNU-CT, Fig.4). 

 
Fig. 4: CNU-CT Specification 



FASTCAM-UX100 800K4G high speed cameras are 
equipped for observing cavitation phenomena from the 
top and side of test section as shown in Fig. 5. We also 
set the pressure sensors on the top of the test section right 
above the circular wing (PF1) and slightly back to the 
first one (PF2) to find the acoustic inception of vortical 
flow using pressure fluctuations measurement. 
 

 
Fig. 5: Experimental Setup (Focused on Test Section) 

Test Models 

Test model for this work is three-dimensional circular 
wing which has NACA0012 section. It is a little far from 
the propeller blade, but it is necessary for establishing ex-
perimental method to implement fundamental study with 
wing section which has well-known hydrodynamic char-
acteristics. 

 
Fig. 6: Test Model 

Results and Discussion 

Numerical Results 

Using our numerical method, we studied flow around 
three-dimensional circular wing which has NACA 0012 
section. Fig.7 shows the domain (side and top view) for 
our numerical analysis. The length of wake behind the 
circular wing (green) is the five times the chord length of 
the wing(red). 

 
Fig. 7: Geometry Representation 

Fig. 8 and Fig. 9 show pressure distribution on the circu-
lar wing at 5 degree angle of attack without wake align-
ment procedure along the y-axis. Pressure distribution 
near the wing tip is difficult to calculate by using low-
order panel method. However, using present B-spline 
higher-order panel method, pressure distribution near the 
leading edge and wing tip are well predicted with fewer 
panels compared with the lower one. 

 
 

Fig. 8: Pressure Distribution on Circular Wing (1) 

 
Fig. 9: Pressure Distribution on Circular Wing (2) 

Fig. 10 shows x, y, z-components of the velocity contour. 
We can easily find out the stagnation point on the right 
side of the figures and the whole velocity contour is well 
predicted including leading edge and wing tip region 
which are a little difficult to calculate. 
 

 
Fig. 10: Velocity Contour of Circular Wing 



For a more improved hydrodynamic analysis, we 
employed the wake alignment and roll up modeling. Fig. 
11 shows the wake distribution along the x-axis at each 
iteration. As the procedure is repeated, the height of wake 
surface goes down and wake from the wing tip rolls up. 

 
Fig. 11: Wake Roll-Up at each iteration 

Fig. 12 shows pressure distribution on circular wing with 
wake alignment along the y-axis. Compared with the re-
sults without wake alignment (Fig. 9), the pressure on the 
pressure side of the wing decrease near the trailing edge. 

 
Fig. 12: Pressure Distribution on Circular Wing        

with Wake Alignment 

It can be found out that Fig. 12 shows pressure distribu-
tion on circular wing with wake alignment along the y-
axis.  

 
Fig. 13: Velocity Contour on Circular Wing               

with Wake Alignment 

Fig. 13 shows the x, y, z- components of velocity contour 
with wake alignment and it is shown that the y-compo-
nents of velocity near the leading edge to the wing tip 
area are a little lower than the results without wake align-
ment (Fig.9). It seems that wake roll-up behind the circu-
lar wing have an effect on the pressure field near the wing 
tip as shown in Fig. 14. 

 
Fig. 14: Velocity Vector on Circular Wing 

Fig. 15 shows contour of pressure coefficient on wake 
surface near the wing tip at different angle of attack ( ).  

 
Fig. 15: Pressure Coefficient Contour                               

(Left :  = 5 , Right :  = 15 ) 

Compared with the results at  = 5 , it is shown that the 
pressure coefficient decreases and the wake contraction 
increases at  = 15 . 
 

Experimental Results 

First, we estimate visual TVC inception using high-speed 
camera record.  
 

 
Fig. 16: TVC Inception (1) : NACA0012 Circular Wing 

(V=8.3m/s, =4.8) 



When the velocity is 8.3 m/s and cavitation number is 4.8, 
detached cavity from the circular wing tip occurs and it 
stretches out downstream of flow as shown in Fig. 16. 
And we also measure the pressure fluctuation using pres-
sure sensors equipped on the top side of the test section 
for estimating acoustic TVC inception. The pressure fluc-
tuations generated by the TVC show broadband behavior 
as shown in Fig. 17. 

 
Fig. 17: TVC Inception (2) : NACA0012 Circular Wing 

(V=8.3m/s, =4.8) 

After TVC inception, SPL(Sound Pressure Level) contin-
uously grows up as cavitation number decrease. The dif-
ference of SPL between before inception and after fully 
development of TVC is about 20dB. We also find that 
SPL drastically increase at =3.4. In this stage, detached 
TVC moves very close to the tip of the circular wing and 
it taps the surface of the circular wing with the period of 
rotation of TVC. 

 
Fig. 18: Noise Characteristics 

After TVC inception, the detached TVC moves closer to 
the tip of the circular wing as the cavitation number de-
crease. Finally it attaches to the tip of the circular wing 
and it is highly stable both spatially and temporally at this 
stage. And it stretches up to the downstream of the flow 
(Fig. 19).  At the certain cavitation number condition, the 
partial cavity from the leading edge simultaneously 
grows on the circular wing surface and there is an inter-
action between TVC and partial cavity on the surface. Pe-
riodic motion of the sheet and cloud cavity interacted 

with TVC is observed and more detailed motion can be 
seen in Fig.20. 

 
Fig. 19: Growth of TVC 

 
Fig. 20: Interaction between TVC and Partial Cavity 

(V=11.3m/s, =2.1) 

Comparative Study 

Using Shadow Image Technique (SIT), we can well-ex-
tract cavity trajectory quantitatively according to the dif-
ferent cavitation number condition as shown in Fig. 21. 

 
Fig. 21: Cavity Observation using SIT 

Due to the fact that tip vortex cavitation is associated with 
the low pressures in the vortex core region, we can com-
pare the tip vortex cavity trajectory with the predicted lo-
cation of the rolled-up vortex from our numerical studies 
of this problem.  

 
Fig. 22: Cavity Trajectory (V=9.1m/s, =3.4) 

We compared the cavity trajectory using SIT with the 
predicted shapes using our numerical method. Until now, 
it is difficult for our numerical method to well-predict the 
vortex core radius and the extent of contraction. However, 
it seems that the predicted trajectory from our numerical 
method look similar with the one from experiments. To 
more improve our numerical method, it is necessary to 



compare the velocity field on wake surface using PIV or 
commercial code and find the way to compensate present 
analysis code for obtaining the better results. 

Conclusions 

In this work, we employed B-Spline-based higher-order 
panel method to predict the vortical flow and wake behav-
ior behind three-dimensional circular wing which has 
NACA 0012 section for the fundamental study of tip vor-
tex cavitation of marine propeller. To validate the present 
method, we observed the growth of vortical flow behind 
the test model and extracted the trajectory of it to. Mini-
mum pressure regions on the vortex path from the numer-
ical method is well matched with the trajectories of vortical 
flow observed at our cavitation tunnel. And we could also 
find the inception and noise characteristics of vortical flow 
behind three-dimensional hydrofoil. We plan to measure 
the velocity along the vortical flow using PIV or commer-
cial code and compare it with the results from our numeri-
cal method. 
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Abstract Heading 

To assess the maneuverability of ships in shallow water at the 
early design stage, reliable simulation models which present 
shallow water effect are required. However, studies on the 
maneuverability of ship at low speeds in shallow water have 
been performed less than maneuverability in deep water. Also, 
the limitation of model that the effects of the keel clearance on 
maneuverability are applied to has been validated through 
previous studies. In this study, the maneuverability character-
istics of the ship sailing in shallow water at low speed are 
evaluated by applying the mathematical model considering the 
shallow water effect. And the sensitivity analysis on shallow 
water maneuvering simulation is performed in order to deter-
mine hydrodynamic derivatives which are necessary to be 
derived exactly due to the limitation of the shallow water 
model used in previous studies. Through this study, it could be 
confirmed that great importance of estimation of maneuvera-
bility could be found through the sensitivity index factor of 
hydrodynamic derivatives changing in the situation operating 
the shallow water at low speed.  
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Sensitivity Analysis; Hydrodynamic Derivatives; Ma-
neuverability; Mathematical Model; Shallow Water; 
Low Speeds; KVLCC2 (KRISO Very Large Crude-oil 
Carrier); 

Introduction 

The maneuverability of a vessel is an essential factor in 
its design stage. Accurate assessment of maneuverabil-
ity is required according to maneuverability standards 
and the needs of the ship owner. In particular, because 
the maneuverability of a ship sailing in shallow water at 
low speeds is directly related to the safety, its assess-
ment is important and must be considered seriously. 
However, fewer studies have been conducted on the 
maneuverability of ships at low speeds in shallow water 
than for ships in deep water. And also, the limitation of 
the model applied to study the effects of the keel clear-
ance on maneuverability has been validated from previ-
ous studies. For this reason, the maneuvering simulation 

model must be verified for shallow water. Furthermore, 
one of the objectives of the 27th ITTC Manoeuvring 
Committee was to study possible criteria for maneuver-
ing in shallow water at low speeds. Additionally, in the 
SIMMAN 2014 workshop, free sailing model tests in 
shallow water were specified. Accordingly, there is a 
growing need to study the maneuverability of ships at 
low speeds in shallow water. 
Sensitivity analyses are generally performed to specify 
the effects of hydrodynamic derivatives on maneuvera-
bility. The first study on the sensitivity analysis of a 
ship’s maneuverability was conducted by Hwang (1980). 
Hwang defined the sensitivity index as the maximum 
difference of the state variable changes by changing the 
value of the hydrodynamic derivatives, and investigated 
their importance on maneuvering based on the sensitivi-
ty analysis. Rhee and Kim (1999) indicated a problem 
with sensitivity as originally defined by Hwang. The 
same authors also revised the original definition of sen-
sitivity as proposed in Hwang’s study as the total num-
ber of parameter variations in the entire process, and 
changed it to the analysis sensitivity of the hydrodynam-
ic derivatives regarding various trial methods. Subse-
quently, a sensitivity analysis was conducted by Sen 
(2000) on the hydrodynamic derivatives of underwater 
vehicles, and additional studies have been completed 
since on the sensitivity analysis. 
In this study, the maneuverability characteristics of the 
ship sailing in shallow water at low speeds are evaluated 
by applying the maneuvering and motion model, con-
sidering the shallow water impact. Additionally, a sensi-
tivity analysis on the simulation of shallow water ma-
neuvering is performed in order to determine the hydro-
dynamic derivatives that are necessary to be derived 
exactly due to the limitation of the shallow-water model 
used in previous studies. An Abkowitz-type mathemati-
cal model is used to simulate maneuvering and ship 
motion in deep water, and the maneuverability predic-
tion results in deep water are compared with the study 
of Otzen et al. (2003) in order to verify the maneuvering 
simulation. A shallow-water model is selected to in-
clude the effect of shallow waters in the hydrodynamic 



derivatives, thereby affecting significantly the maneu-
vering by using the sensitivity analyses results. Through 
this study, the maneuvering motion characteristics of a 
ship sailing at low speeds in shallow-water areas are 
confirmed by configuring a low-speed maneuvering 
mathematical model in shallow-water areas. Moreover, 
performing a sensitivity analysis for deep-water and 
shallow-water areas, the influence of the hydrodynamic 
derivatives can be determined depending on the opera-
tion conditions. 

Principal particulars of KVLCC2 

KVLCC2 is used as one of the case vessels in the 
SIMMAN 2008 and the SIMMAN 2014 workshops for 
comparing the estimation of maneuverability with other 
research institutes. The main particulars of KVLCC2 are 
presented on Table 1 The model test results are derived 
from the PMM test, which was performed using a 1:58 
scale model ship at MOERI in 1999, and which consid-
ered only deep-water conditions. The values of the hy-
drodynamic derivatives presented in the Abkowitz-type 
mathematical model (Abkowitz, 1964) are obtained by 
analyzing the model test results. 
 

Table 1:  Principal dimensions of KVLCC2 (SIMMAN 
2008) 

ppL  320.0 m 

B 58.0 m 
D 30.0 m 
T 20.8 m 

 312622 3m  
BC  0.8098 

0U  15.5 knots (7.973m/s) 

ppzz L/k  0.25 
'x G  0.0348 

Equation of maneuvering motion 

Coordinate system 

 
Fig. 1: Coordinate systems 

The mathematical model describing ship maneuverabil-
ity is based on three equations of motion and on an 
equation of ship propulsion equilibrium. The motion 

variables and the coordinate system for the vessel are 
presented in Fig. 1 Two right-handed coordinate sys-
tems are used, namely, an earth-fixed coordinate system, 
and a body-fixed coordinate system. The body-fixed 
axis is moving with the body, and the standard notation 
for position, forces, and velocities, are referred to 
SNAME and ITTC. 

Motion equation 

Maneuverability of surface ships only considers the 
horizontal motions (surge, sway, and yaw). Basic dy-
namics of the maneuvering are described using the Eu-
ler–Lagrange equations of motion as listed in Eq. 1, and 
whole ship mathematical model is used. 
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Mathematical model 

The Abkowitz-type polynomial model, which was uti-
lized in the study of Otzen et al. (2003), is used for 
maneuvering motion, and is described in accordance 
with Eq. 2 The equations of motion express the outcome 
of external forces and moments acting on the ship by 
using expansion terms up to the third order. 
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Validation of maneuvering simulation in deep 
water 

Turning maneuver in deep water 

In order to verify the turning ability of KVLCC2, nu-
merical simulations on 35° starboard, and port turning 
test are conducted. Simulation results on the advance 
and tactical diameters of KVLCC2 are compared with 
the study of Otzen et al. (2003). These are presented in 
Table 2. The simulation model of the maneuvering 
motion was implemented using MATLAB, which is a 
simulation development environment program. The 
Euler method was used as the integral method. The 
Helm rate and the initial speed were set to 2.32 deg/s 
and 15.5 knots. Fig. 2 shows the trajectories about the 
starboard and port turns of the KVLCC2, and it is veri-
fied that the simulation results are similar to the study of 
Otzen et al.(2003). 
 

Table 2: Summary of turning test simulation results 
comparison with FORCE Technology values 

Maneuvers  FORCE 
Technology 

Present 
method 

Turning 
Circle 35  
to Port 

Advance 1162 m 
(3.63 L) 

1163 m 
(3.63 L) 

Tactical 1251 m 
(3.91 L) 

1226 m 
(3.83 L) 

Turning 
Circle 35  
to Stbd 

Advance 1264 m 
(3.95 L) 

1245 m 
(3.89 L) 

Tactical 1294 m 
(4.04 L) 

1244 m 
(3.88 L) 

 

 
Fig. 2: 35  port & starboard turning trajectories of 

KVLCC2 

Zig-zag maneuver in deep water 

In order to verify the course changing ability of 
KVLCC2, numerical simulations on 10°/10° and 20°/20° 
zig-zag tests were conducted, and the simulation results 
are presented in Table 3. These results are compared to 
the results from the study of Otzen et al. (2003). Figs. 
3~4 depict the heading angle variations of KVLCC2 
according to time in the 10°/10° and 20°/20° zig-zag 
tests. 
 

Table 3:  Summary of zig-zag test simulation results 
comparison with FORCE Technology values 

Maneuvers  FORCE 
Technology 

Present 
method 

10°/10° 
Zig-Zag 

1st  O.S. 
angle 7.0° 6.58° 

2nd  O.S. 
angle 10.5° 8.71° 

20°/20° 
Zig-Zag 

1st O.S. 
angle 10.1° 10.04° 

 

 
Fig. 3: 10°/10° zig-zag test heading angle of KVLCC2 

 

 
Fig. 4: 20°/20° zig-zag test heading angle of KVLCC2 

 

Sensitivity analysis method and characteristic 
value 

The sensitivity represents the output variations accord-
ing to the input data variations. Correspondingly, the 
sensitivity analysis is necessary to grasp the contribu-
tion of each input parameter on the entire system. The 
method of Sen (2000) is adopted in this study to verify 
the variation of the output caused by changes in the each 
of the input variables. 
The values of the hydrodynamic derivatives are used as 
input parameters, and the advance, tactical diameters, 
and the overshoot angle, which are derived from the 
numerical simulations of turning and zig-zag tests, are 
used as the output data. A Sensitivity index S  is defined 
in accordance with Eq. 3. 
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where *H  represents the basic set of coefficient values 
that have been determined from theory or experiment, 
and *R are the corresponding maneuvering response 
parameters. Therefore, S provides a measure of the 
changes in the response R  resulting from corresponding 
changes in the input coefficients H . 
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i  and j  are the number of coefficients in the mathemat-
ical model and the different maneuvering response pa-
rameters, respectively. For a particular type of definitive 
maneuvering with a given combination of initial condi-
tions and control parameters, S is a matrix with ele-
ments ijS  denoting the sensitivity of the i th response 

parameter to the j th coefficient. The different values of 
the response parameters ir  can be estimated from simu-
lating the maneuvering motion. To determine ijS  for a 

k % change in the j th coefficient, a maneuvering simu-
lation is performed by changing the coefficient by the 
required amount so that all the output parameters are 
determined. 
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The value of k , which determined the variation of hy-
drodynamic derivatives, is taken to be equal to 20% for 
the sensitivity analysis of the present study, according to 
Sen (2000). 

Sensitivity analysis results of simulation in deep 
water 

The original value of the coefficient is increased and 
decreased by 20%, and was used into simulate same 
maneuvers. Each coefficient is changed separately while 
the evaluation of its sensitivity is measured from the 
simulator maneuver. The simulated maneuvers per-
formed in the sensitivity analysis are turning circles and 
zig-zag maneuvers. 

Sensitivity analysis results of turning maneuver in 
deep water 

The following table presents only a part of the large 
sensitivity index values that are derived from the sensi-
tivity analysis results of the advance and tactical diame-
ters of the turning maneuver in deep water. From Figs. 
5~ 6, it is confirmed that the values of 'N,'N,'N dvr  
wield a significant influence upon execution of the turn-

ing maneuver, Also 'Y,'N,'Y rudv  have a relatively 
major influence. These indicate that damping terms 
have a more significant effect on the turning maneuver 
than added mass terms. Additionally, the tactical diame-
ter is more affected by the variation of the hydrodynam-
ic derivatives than advance in the case of the turning test. 
 

Table 4: Maximum sensitivity indices in turning 
Advance Tactical Diameter 
Derivative Max. S. Derivative Max. S. 

'N r  0.45 'N v  0.57 
'N v  0.44 'N r  0.49 
'Nd  0.31 'Nud  0.21 
'Nud  0.08 'Nd  0.21 

'Yv  0.08 'Yv  0.16 
'X 0  0.08 'N vr  0.14 
'Yv  0.07 'Yr  0.13 
'Yr  0.07 'X vr  0.10 

'N vr  0.07 'Yd  0.10 

'Yd  0.067 'X 0  0.09 
 

 
Fig. 5: Maximum sensitivity indices in advance 

 

 
Fig. 6: Maximum sensitivity indices in tactical diame-

ter 

 

Sensitivity analysis results of zig-zag maneuvers in 
deep water 

The following table presents only part of the large sensi-
tivity index values that are derived from the sensitivity 
analysis results of the 1st and 2nd overshoot angles of 
the 10°/10° zig-zag maneuver, and the 1st overshoot 
angle of the 20°/20° zig-zag maneuver in deep water. 



Figs. 7~8 confirm that not only the values of 
'Y,'Y,'N,'N rvrv  but also 'N,'Y dd  have a significant 

effect on the zig-zag maneuver. Based on these results, 
the values of the linear hydrodynamic derivatives have a 
significant impact on the zig-zag maneuvers. Further-
more, the added mass and the added moment of inertia 
terms have more effect on the zig-zag maneuvers than 
the turning maneuver. Thus, it is verified that the zig-
zag maneuvers are more sensitive to changes in the 
hydrodynamic derivatives than the turning maneuver. 
Through the results that were derived from the sensitivi-
ty analysis of each maneuvering motion, the 35° turning 
maneuver and the 20°/20° zig-zag maneuver have lower 
sensitivity index values than the 10°/10° zig-zag ma-
neuver. Consequently, it is verified that the effect of the 
nonlinear hydrodynamic derivatives on the maneuvering 
motion is smaller in the case of the large rudder angle 
maneuvering motion. 
 

Table 5:  Maximum sensitivity analysis indices in zig-zag 

10°/10° zig-zag 20°/20° zig-zag 
1st Overshoot 2nd Overshoot 1st Overshoot 
Deriva-
tive Max. S. Deriva-

tive Max. S. Deriva-
tive Max. S. 

'N v  2.65 'N v  3.27 'N v  1.65 
'N r  2.25 'N r  2.58 'N r  1.48 
'Yv  1.32 'Yv  1.61 'Yv  0.63 
'Yr  0.80 'Yr  0.91 'Yr  0.40 
'Nd  0.29 'N r  0.23 'Yd  0.17 
'Yv  0.20 'N vr  0.21 'N vr  0.16 

'N r  0.20 'Y vv  0.19 'N r  0.16 

'Yd  0.19 'Yd  0.19 'Yv  0.10 
'N vr  0.13 'X 0  0.16 'Y vv  0.10 

'N0  0.11 'Nd  0.15 'Y vr  0.07 

'Y vv  0.11 'Y vr  0.12 'Ndd  0.06 

'Y vr  0.08 'Nuv  0.11 'Yvrr  0.05 
 

 
Fig. 7:  Maximum sensitivity indices in 1st overshoot 

angle 

 

 
Fig. 8:  Maximum sensitivity indices in 2st overshoot 

angle 

 
Fig. 9:  Maximum sensitivity indices in 1st overshoot 

angle 

 

Maneuvering simulation in shallow water 

Shallow water mathematical model 

Maneuvering descriptions of shallow water are more 
complicated due to the depth/draft (h/T) ratio, and the 
parameters have a more extended range. An arbitrary 
distinction is made in regard to water depths, as water is 
considered shallow when h/T is less than 1.5, and deep 
water when h/T is larger than 3. The ship senses the 
effect of the depth at shallow water. The reason for this 
is that the water depth changes the pressure distribution 
around the vessel and causes a decrease in the maneu-
verability. 
A previous study on the effect of shallow water ac-
counted for the effect of the water depth by incorporat-
ing equations in the mathematical models depending on 
the parameter. In the present study, the shallow-water 
mathematical models that can be applied to the Abko-
witz-type polynomial model are adapted. These models 
reflect the particular nonlinear hydrodynamic deriva-
tives, which have great effect on maneuverability, ac-
cording to the sensitivity analysis results of deep-water 
maneuvering simulations. Accordingly, the expressions 
derived in the study of Ankudinov et al. (1990) are 
applied to the sway-yaw terms, surge terms, resistance, 
and propulsion terms. The added inertia coefficients 
proposed by Li and Wu are applied to the added mass 
and the added moment inertia terms. The validation of 
these expressions was investigated in the studies of 
Pertersen (1999) and Vantorre (2001) about the verifica-
tion of shallow water models on Esso Osaka. 
Ankudinov et al. proposed a water-depth correction 
matrix based on the ratios reported in Clarke’s expres-



sions (1983), but was extended to a greater range of 
water depths and ship parameters. The expressions are 
valid for 1.085<h/T<5 and BC 0.85. The shallow-
water effects on the hull coefficients are given in ac-
cordance with Eqs. 6~8. The values of 210 K,K,K  are 
predetermined constants that account for shallow water. 
(Ankudinov et al., 1983) 
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Li and Wu (1990) formulated the shallow-water effect 
on added inertia coefficients, as indicated by Eq. 10. 
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The standard SNAME expression for the resistance and 
propulsion contributions to the longitudinal force is 
shown in Eq. 11, and Ankudinov et al. (1990) published 
expressions that are summarized in accordance with Eq. 
12 for the water depth dependency of the coefficients. 
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Turning maneuvers in shallow water 

In the SIMMAN 2014 workshop, free sailing model 
tests for shallow water depths were specified. Zig-zag 
tests (10°/2.5° and 20°/5°), as well as a 35° turning test 
were performed. The approach speed was 7 knots, 
which corresponds to a Froude number of 0.064. The 
shallow water tests have been conducted at h/T=1.2, 1.5, 
and 1.8. For that reason, 35° turning test simulations are 
conducted at shallow water with h/T ratios of 1.2, 1.5, 
and 1.8, and with an approach speed of 7 knots. In a 
similar manner to the previous study on the maneuvera-
bility in shallow water, the simulation result indicates 
that increased shoal depths of sailing areas lead to larger 
turning circles. 
 

Table 6:  Summary of turning test simulation results 
depending on the water depth 

Turning circle 35° to port simulation 

h/T 1.2 1.5 1.8 Deep 
water 

Advance 2243 m 
(7.63 L) 

1477 m 
(4.62 L) 

1298 m 
(4.06 L) 

1163 m 
(3.63 L) 

Tactical 3439 m 
(10.75 L) 

1838 m 
(5.74 L) 

1487 m 
(4.65 L) 

1226 m 
(3.83 L) 

 



 
Fig. 10:  35  Port turning trajectory depending on the 

water depth 

 

Zig-zag maneuvers in shallow water 

10°/2.5° and 20°/5° zig-zag tests were conducted at 
shallow water with an approach speed of 7.0 knots and 
h/T ratios of 1.2, 1.4, 1.8. The results are given in Figs. 
11~12. The overshoot angles decrease and the initial 
turning time increases at shallower waters. 
 

Table 7:  Summary of zig-zag test simulation results 
depending on the water depth 

Zig-zag simulation 

h/T 1.2 1.5 1.8 Deep 
water 

1st Over-
shoot  angle 
(10°/2.5°) 

0.44  1.22  1.57  1.87  

2nd Over-
shoot  angle 
(10°/2.5°) 

0.37  1.48  2.22  2.96  

1st Over-
shoot  angle 
(20°/5°) 

0.91  2.35  2.80  3.52  

2nd Over-
shoot  angle 
(20°/5°) 

1.01  3.42  4.89  6.26  

 

 
Fig. 11:  10°/2.5° Zig-zag test heading angle depending 

on the water depth 

 
Fig. 12:  20°/5° Zig-zag test heading angle depending on 

the water depth 

 

Variation of hydrodynamic derivatives in shallow 
water 

The shallow water ratios are calculated for the linear 
hydrodynamic derivatives that have the greatest effect 
on the maneuvers. The methods presented in the studies 
of Falch (1982), Clark (1997), and Kijima (1990) are 
used to obtain these. Clarke’s formulae are not valid for 
h/T<1.2. Kijima’s ratio for rY  is not given explicitly, 
but includes non-dimensional mass and surge accelera-
tion derivatives. Therefore, these are not incorporated in 
the ratios. The value of the formula of the present study 
increases considerably at shallow water because of the 
overestimation in the value of h/T=1.2. The conclusion 
also included that Kijima’s formulae generally tends to 
underestimate the linear hydrodynamic coefficients, 
while the nonlinear coefficient ratios are overestimated. 
 

 
Fig. 13:  Shallow water ratio of vY  

 

 
Fig. 14:  Shallow water ratio of rY  

 



 
Fig. 15:  Shallow water ratio of vN  

 

 
Fig. 16:  Shallow water ratio of rN  

 

Sensitivity analysis results of simulation in shal-
low water 

The same sensitivity analysis method is applied as that 
used in the sensitivity analysis of the deep water ma-
neuvering simulation. The simulated maneuvers per-
formed in the sensitivity analysis are 35° turning circles, 
10°/2.5°, and 10°/5°, zig-zag maneuvers with an h/T 
ratio of 1.5 since the maneuvers with an h/T ratio of 1.2 
are overestimated. 

Sensitivity analysis results of turning maneuver in 
shallow water 

The following table presents only a part of the large 
sensitivity index values that is derived from the sensitiv-
ity analysis results of the advance and tactical diameters 
of the turning maneuver in shallow water. Figs. 17~18 
confirm that the values of 'N,'N,'N drv  have a signifi-
cant effect on the shallow water turning maneuver in the 
same manner the deep-water turning maneuver does. 
Based on the results, all of the sensitivity index values 
are increased in comparison to the deep water turning 
maneuver. Particularly, the values of 'Y,'Y,'Y drv  are 
significantly increased but the hydrodynamic deriva-
tives of the added inertia terms are decreased exception-
ally. 
 
 
 
 
 

Table 8:  Maximum sensitivity indices in turning 

Advance Tactical Diameter 
Derivative Max. S. Derivative Max. S. 

'N r  0.63 'N r  0.71 
'N v  0.48 'N v  0.53 
'Nd  0.43 'Yv  0.31 
'Yv  0.20 'Nd  0.28 
'Yr  0.17 'Yr  0.25 
'Yd  0.16 'Nud  0.20 
'X 0  0.11 'X 0  0.17 
'Nud  0.10 'Yd  0.16 
'Ndd  0.07 'X vr  0.11 

'Yv  0.06 'X u  0.08 
 

 
Fig. 17:  Maximum sensitivity indices in advance 

 
Fig. 18:  Maximum sensitivity indices in tactical diame-

ter 

 

Sensitivity analysis results of zig-zag maneuvers in 
shallow water 

The following table presents only a part of the maxi-
mum sensitivity index values that are derived from the 
sensitivity analysis results of the 1st and 2nd overshoot 
angles of the 10°/2.5° and 20°/5° zig-zag maneuvers in 
shallow water. The results of Figs. 19~22 confirm that 
the values of 'Y,'Y,'N,'N rvrv  have a significant effect 
on the zig-zag maneuver in a manner similar to the 
turning maneuver in shallow water. Through the results, 
all of the sensitivity index values are decreased com-
pared to the deep water zig-zag maneuver. Specifically, 
the hydrodynamic derivatives of the rudder force and 
inertia terms, such as 'N,'Y rd , are maintained at similar 
or slightly increased values. 
 



Table 9:  Maximum sensitivity analysis indices in zig-zag 

10°/2.5° zig-zag 20°/5° zig-zag 
1st Overshoot 2nd Overshoot 1st Overshoot 2nd Overshoot 
Deriva-
tive Max. S. Deriva-

tive Max. S. Deriva-
tive Max. S. Deriva-

tive Max. S. 

'N r  1.68 'N r  2.46 'N r  1.55 'N r  2.11 
'N v  1.07 'N v  1.53 'N v  0.98 'N v  1.30 
'Yv  0.65 'Yv  1.06 'Yv  0.56 'Yv  0.82 
'Yr  0.48 'Yr  0.77 'Yr  0.41 'Yr  0.62 
'N r  0.33 'N r  0.45 'Yd  0.33 'N r  0.40 
'Yd  0.31 'Yd  0.45 'N r  0.29 'Yd  0.32 
'Yv  0.17 'Yv  0.14 'Nd  0.16 'Nd  0.13 
'N0  0.12 'Nd  0.12 'Yv  0.13 'Ndd  0.08 
'Ndd  0.07 'N0  0.10 'Ndd  0.10 'Yv  0.07 

'Yr  0.06 'Y0  0.07 'N0  0.06 'N v  0.07 

'Y0  0.06 'N v  0.07 'N vr  0.05 'N vr  0.03 

'N v  0.05 'Yud  0.06 'Yr  0.04 'Y vr  0.03 
 

 
Fig. 19 Maximum sensitivity indices in 1st overshoot 

angle 

 

 
Fig. 20 Maximum sensitivity indices in 2nd overshoot 

angle 

 

 
Fig. 21 Maximum sensitivity indices in 1st overshoot 

angle 

 

 
Fig. 22 Maximum sensitivity indices in 2nd overshoot 

angle 

Conclusions 

This study performed a sensitivity analysis for deep 
water and shallow water, and the influence of the hy-
drodynamic derivatives on the maneuverability of 
KVLCC2 is determined. An Abkowitz-type mathemati-
cal model was used to simulate maneuvers and maneu-
verability prediction, and elicited results in deep water 
were compared to the study of Otzen et al.(2003) in 
order to verify the maneuvering simulation model. A 
shallow water model was selected to include the shal-
low-water effect in the hydrodynamic derivatives, and 
was shown to significantly affect maneuvering based on 
the sensitivity analysis results. In order to conduct the 
sensitivity analysis, the maneuvering simulation was 
performed by changing the input parameters, and the 
characteristic values of the maneuvers were compared at 
each case. 
The maneuverability of the ship in shallow water was 
investigated by formulating the mathematical model for 
shallow water and low-forward speeds. The simulation 
results showed that it is necessary to revise the shallow-
water model since the hydrodynamic derivatives are 
overestimated for h/T=1.2. The sensitivity analysis 
showed that zig-zag maneuvers are more sensitive to 
variations of the hydrodynamic derivatives than the 
turning maneuver. In the turning maneuver, advance 
reacts sensitively to the tactical diameter. In the zig-zag 
maneuvers, the 2nd overshoot angle was more affected 
by the variation of the hydrodynamic derivatives than 
the 1st overshoot angle. Accordingly, it was shown that 
the zig-zag maneuver with a small rudder angle was 
sensitive to the variation of the hydrodynamic deriva-



tives. Furthermore, the sensitivity index values of 
'Y,'Y,'N,'N rvvr  on the turning maneuver in shallow 

waters were larger compared to deep waters. Particular-
ly, the sensitivity index values of 'Y,'Y,'Y dvr  were 
found to be significantly increased. The sensitivity in-
dex values of 'Y,'Y,'N,'N rvvr  on the zig-zag maneu-
ver in shallow water were smaller than in deep water but 
the sensitivity index values of 'N,'Y rd  were maintained 
at similar or slightly increased values. The sensitivity 
analyses results show that the high importance of the 
estimation of the maneuverability could be found 
through the sensitivity index of the hydrodynamic de-
rivatives at various low-forward speeds in shallow water. 
In future studies, it is necessary to establish a mathemat-
ical model that accurately accounts for the shallow-
water effect. Therefore, a study based on the additional 
consideration of hydrodynamic derivatives is required. 
Furthermore, if the study on the shallow-water effect of 
the various ship types would be conducted, it is consid-
ered that the accuracy of the mathematical model for 
shallow water and low-forward speeds will be improved. 
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Abstract Heading 

Worldwide annual 3-5billion tons of seawater through ballast 
tank of the ship has been used in ballast water. Destruction and 
ecological disturbance of the marine ecosystem due to the in-
flow of foreign marine life through this. And occurrence of toxic 
algae, such as extinction and reduction of fish species has be-
come the global marine environment issues. This study is initial 
research to overcome these problems. In this study, a Non-bal-
last system that can substitute the existing ballast tank is sug-
gested according to specified loading conditions. Non-ballast 
system consists of ballast channel with the shape of a giant pas-
sage leading from the bow to the stern to the role of the draft 
secure and trimming tank compartment inside of ballast chan-
nel to the role of trim adjustment. In addition, by using a CFD, 
the inner seawater circulation of the Non-ballast system and 
flow characteristics around the hull are considered by execut-
ing the flow analysis. Target vessel has designed by research 
team based on shape of KVLCC2. Via the sectional arrange-
ment of Non-ballast system inside of hull, trim adjustment can 
be performed equal to the existing ballast tank. 

Keywords 

Ballast water; Ballast tank; Ballast free ship; Ship with-
out ballast tank; Internal flow system. 

Introduction 

World shipping consumes 3 to 5 billion tons of ballast 
water annually. Ballast water discharged into the water 
contains non-native marine species which cause various 
ecological problems. Thus, IMO BWM (International 
Maritime Organization Ballast Water Management) con-
vention and the USCG (United States Coast Guard) had 
strengthened the regulations for discharge and treatment 
of ship ballast water and installation of the ballast water 
treatment system is now mandatory for many commercial 
ships. However, the ballast water treatment system re-
quires considerable costs to install and maintain for both 
ship owners and builders. One of the noted methods in 
ballast water treatment is ballast water exchange. Ac-
cording to the ballast water exchange provisions, 95% of 
total volume of ballast tank has to be replaced. For that 

purpose, ballast water must be exchanged up to three 
times the volume of the respective ballast tank to satisfy 
the provisions. In the case of ballast-free ship, the instal-
lation and maintenance cost of existing ship ballast water 
treatment system can be reduced because there is no nec-
essary to verify a ballast water treatment system. It was 
studied and verified by many researches (following in 
next part) that ballast free ship is a feasible alternative to 
the treatment system. In the present study, the traditional 
ballast tanks are replaced by longitudinal structural chan-
nels inside the double bottom which is extended from 
bow to stern and flooded with sea water to reduce the 
ship’s buoyancy.  
A pair of water tanks are also installed near the fore and 
aft of the ship to control trim of the ship and they are con-
nected to the channels. The main scope of this study is to 
design an efficient configuration of this internal flow sys-
tem consists of channels and tanks which allow smooth 
intake and discharge of the sea water without accumula-
tion during the voyage. For this study, a KVLCC2 is se-
lected and flow characteristics around her is carefully in-
vestigated both numerically and experimentally to design 
proper positions and shapes of the inlet and outlet of the 
system. Then several internal flow systems consist of 
channels, tanks and auxiliaries such as valves are de-
signed. Flow characteristics inside the systems are stud-
ied through numerical simulation to find the best config-
uration. Finally the selected internal flow system is 
mounted onto the model ship to examine the changes in 
the ship’s hydrodynamic performance as well as visuali-
zation of internal flow system and the circulation period 
etc. 

Review of previous ballast-free ship technology 

In connection with ballast-free ship technology develop-
ment, four typical cases of them are introduced below. 

Moving balancing object method 

Moving balancing object method proposed by Hyundai 
Heavy Industries (2008) is a way to adjust the ship lon-
gitudinal direction inclination (trim) by installing a bal-
ancing tunnel to the hull double bottom and moving 



heavy objects in the balance tunnel. The method is seen 
to be very easy to trim adjustment, but it has disadvantage 
that heavy truck is always loaded on the ship even bal-
lasting is not necessary. 

 
Fig. 1: Concept drawing of moving balancing object 

method 

  

Buoyancy-control tank method 

Ship Buoyancy Control System studied by Makoto Arai 
et al. (2011) is a system contains inlet and outlet in a bal-
last tank under the bottom of ship. Inflow and outflow of 
the system are occurred by the pressure difference be-
tween inlet and outlet. However, this system has limita-
tion to control trim and draft conditions delicately. 
 

 
Fig. 2: Concept drawing of buoyancy-control tank method  

 

Side air tank method 

The method suggested by Mr. Van Kluijven et al. (2014) 
installs additional buoyancy tanks to the side of the ship 
and moves buoyancy tanks up and down. It is a good way 
to control both trim and draft conditions. But because air 
tanks are located on the side of the ship, additional in-
crease of resistance is expected due to the flow separation 
and larger wetted surface area. 
 

 

Fig. 3: Concept drawing of Side air tank method 

 

Ballast trunk method 

This research report of Michael G. Parsons et al. (2008) 
proposed a ballast trunk which is located in double bot-
tom of a ship. Ballast trunk has a role to secure ship draft. 
Target vessel was a Seaway-sized bulk carrier. In order 
to secure a volume of ballast water tank, structure of the 
mid-ship was changed as shown Fig. 4. 
 

 
Fig. 4: Concept of ballast trunk method 

 
Left side of Fig. 4 shows the original design of Seaway-
sized bulk carrier and right side shows a modified section 
design. Double bottom height and depth of ship are in-
creased to procure enough height of ballast trunk.  
 

Comparison of previous concepts for ballast-free ship 

The advantages and weaknesses of previous concept are 
compared in Table 1. 
 

Table 1: Summary of previous researches 
Item Analysis result 

Ballast trunk 
method 

Advantage Possibility to increase 
propulsion efficiency 

Weakness Trim control 
Buoyancy-
control tank 
method 

Advantage Trim control 

Weakness No possibility about 
propulsion 

Moving bal-
ancing object 
method 

Advantage Trim control when 
cargo loading 

Weakness 
Operation efficiency 
decrease cause of 
heavy weight 

Side air tank 
method 

Advantage Stability 

Weakness Resistance increase 
by additional shape  

 



New concept of the ship without ballast tank 

This study aims to the development of the continuous cir-
culation system of ballast water in order to resolve the 
problem by ballast water treatment. For this reason, bal-
last channel and trimming tank are introduced. Ballast 
channel from the bow to the stern is a sea water circula-
tion system to let sea water enter the inlet of system from 
out of ship and discharge through the outlet of system. 
The sea water used for ballasting is exchanged consist-
ently by this circulation system. The idea of this concept 
is from research of Michael G. Parsons et al. (2008). But 
the research does not show how to control the trim. 
Therefore, to overcome this drawback, trim control 
method with trimming tank is proposed in this study. 
 

Ballast channel 

To avoid interference of wave, ballast channel has to be 
located below the free surface. To generate inflow of the 
system without additional power requirement, the total 
pressure in inlet is larger than that in outlet. Dynamic 
pressure distribution is examined by using CFD as shown 
in Fig. 5. The inlet of a system is located at the highest 
dynamic pressure point on the ship bow. The outlet of the 
system is located at the lowest dynamic pressure point.  
 

 
Fig. 5: Dynamic pressure contour 

 

 Trimming tank 

Trimming tank, is located both fore and aft body inside 
ballast channel, they can be filled or emptied for trim ad-
justment in accordance with the operating conditions. Be-
cause trimming tank block needs to be filled or emptied 
depending on the operating conditions, on-off valve type 
of bulkhead are applied to State flow direction to be 
opened and closed easily. Red lines in Fig. 6 are the on-
off valve type bulkhead of trimming tank. 
 

 
Fig. 6: Concept design of the separated trimming tank (top 

view) 

 

Decision of trimming tank section according to loading 
condition 

There are many possible arrangement according to the 
type of the ship and operating conditions. In the present 
study, an oil tanker which has relatively small number of 
loading condition is chosen to check the feasibility of 
trimming tank.  

Loading condition was determined as two detail condi-
tions can experience during the voyage in the ballast con-
dition. For two detail ballast condition, volume of ballast 
channel and location of trimming tank are decided to sat-
isfy original ballast tank capability. Trimming tank is di-
vided into 8 with equal space. 
 

 
Fig. 7: Concept design of ballast tank divided by 8 sections 

 
The first loading condition is a departure condition. In 
this state, the fuel tanks of a ship located on the stern side 
are full loaded with fuel and trimming tank compartment 
in the stern side needs to be emptied. The second of load-
ing condition is an arrival condition. In this state that has 
consumed all the fuel, because all the fuel are consumed, 
the bow side trim occurs and trimming tank of the bow 
side needs to be emptied. 
 

Research model ship 

The model ship used in the study is designed based on 
KVLCC2. Since the ballast conditions of KVLCC2 are 
not published, draft and trim condition are determined 
based on the design materials of Aframax crude oil tanker. 
In the determination of the trim condition, the propeller 
is fully submerged under the water. 
 

Draft decision of model ship 

When the profiles of Aframax COT and KVLCC2 were 
compared as shown on Fig. 8, they are very similar. 
Therefore Aframax COT is chosen to a reference ship for 
the design of model ship. Displacement of the Aframax 
COT in ballast condition is about 56,225 ton, ballast wa-
ter capacity is about 32,565 ton, and displacement of full 
loading condition is about 122,398 ton. The displacement 
rate between the full loading condition and ballast condi-
tion is about 45%. Displacement of KVLCC2 in full load-
ing condition is 320,243 ton. Using the ratio of displace-
ment between the ballast & full loading condition of 
Aframax COT, displacement of ballast condition of 
KVLCC2 is estimated about 144,110 ton, and required 
ballast water capacity is estimated to be about 81,920 ton. 
 

 
Fig. 8: Comparison of profiles between Aframax COT and 

KVLCC2



At this time, the draft can be estimated to be about 12m. 
The shape of the initial ballast channel is modeled a sim-
ple wedge shape that satisfies the estimated ballast water 
capacity of KVLCC2. Shape of the inner trimming tank 
is also designed through the CFD analysis. Flow structure 
inside ballast channel with the wedge shape is changed to 
a shape capable of smoothly flowing due to airfoil-type 
leading edge. 
 

 
Fig. 9: Concept design of ballast channel (front view) 

 

3D model of research ship and ballast channels 

The model ship in this study as shown in Fig. 10 was de-
signed based on KVLCC2. Inlet & outlet position was 
chosen by distribution of dynamic pressure from CFD 
analysis of bare-hull model. 
 

 
Fig. 10: 3D model of research ship 

 

3D model of internal flow system CASE 1 

The shape of trimming tank is wedge type at the first time. 
But large vortex structure was appeared, then wedge 
shape was changed to airfoil shape as shown in Fig. 11. 
Decision of trimming tank section of case 1 is based on 
departure loading condition. So stern side trimming tank 
section needs to be emptied.  
 

 
Fig. 11: 3D shape of ballast channel for Case 1 

3D model of internal flow system CASE 2 

Decision of trimming tank section of case 2 is based on 
arrival loading condition. So bow side trimming tank sec-
tion needs to be emptied as shown in Fig. 12. 
 

 
Fig. 12: 3D shape of ballast channel for Case 2 

 

Flow characteristic by CFD analysis 

Outflow and internal flow of the ship with internal flow 
system 

Flow characteristics of circulating water are analyzed by 
CFD using model ship of KVLCC2 with the scale of 
1/160. A resistance comparison between bare-hull condi-
tion and ship with internal flow system is performed too. 
In numerical analysis, commercial code Fluent is used. A 
2.5 million number of grid are used, and realizable k-e 
model is applied for the turbulent model. Ship speed is 
0.63 m/s which is corresponding to the KVLCC2 design 
speed. Boundary conditions and grid system are shown 
in Fig. 13. Because the flooded surface area of the inter-
nal flow is increased, the rise of frictional resistance can 
be expected. But the increase of frictional resistance is 
only 1.9%. Very slow flow rate inside ballast channel 
might be the reason of this.  
 

 
Fig. 13: Grid system for CFD simulation 

 
Table  2:  Pressure resistance comparison 

Item Pressure  resistance [N] 

KVLCC2 bare-hull 6.156 N 

KVLCC2 ballast channel 6.337 N 

variation + 2.9 % 
 



Table  3:  Frictional resistance comparison 
Item Frictional  resistance [N] 

KVLCC2 bare-hull 1.989 N 

KVLCC2 ballast channel 2.027 N 

variation + 1.9 % 
 
Table 4 :  Total resistance comparison 

Item Total  resistance [N] 

KVLCC2 bare-hull 8.142 N 

KVLCC2 ballast channel 8.364 N 

variation + 2.7 % 
 
The flow velocity of the bow inlet is distributed with a 
range of 0.4 ~ 0.45 m/s, flow velocity distribution is in a 
range at 25 ~ 32% of ship speed. These values are used 
at numerical analysis for internal flow visualization of 
ballast channel. 
 

 
Fig. 14: Dynamic pressure distribution at hull (up), x-ve-

locity distribution of section around bow inlet (down) 

 

CFD analysis for internal flow system 

Independent numerical analysis of ballast channel inter-
nal flow is performed to estimate circulation of internal 
flow characteristic from trimming tank partition place-
ment. In numerical analysis, commercial code STAR-
CCM+ is used. A million number of grid are used and 
realizable k-e model is applied for the turbulent model. 
The measured value in the height direction at the center 
of tank is used to express velocity distribution. 
Case 1 in Fig. 15 shows the first loading condition with 
full loading of the fuel tank in the ballast condition. Case 
2 in Fig. 16 shows the second of loading condition fin-
ished for a long time voyage. Even though airfoil shape 
is applied to trimming tank, strong vortex structure is ob-
served in both cases. 
 

 
Fig. 15: X-velocity distribution inside a ballast channel 

(up), streamlines (down) for Case1 

 

.  

Fig. 16: X-velocity distribution inside a ballast channel 
(up), streamlines (down) for Case 2 

 

Flow characteristic estimation by Model test 

Towing test of the model ship with internal flow system 

A model ship with internal flow system to perform tow-
ing test was fabricated in Inha Hydrodynamic Laboratory. 
Tufts were installed in ballast channel to perform flow 
visualization test. The flow visualization experiments 
were in reference to the thesis of Chung (1993). Re-
sistance test will be conducted in a further research. 
 

 
Fig. 17: Model ship used in research 

 

Fig. 18: Tuft located at front side of ballast channel 

 
 
 

Reference vector (0.63 m/s)



Model test of independent ballast channel 

Ballast channel model to perform flow visualization test 
is manufactured in Inha Hydrodynamic Laboratory. Flow 
in the ballast channel is forced by using the difference 
between bow highest dynamic pressure point and stern 
lowest dynamic pressure point. In accordance with the 
CFD results, pressure difference between the bow and 
stern is about 200 Pa (gauge pressure). Tufts were in-
stalled in ballast channel to perform flow visualization 
test.  
 

 
Fig. 20: Model test of ballast channel 

 

Comparison flow visualization result between numeri-
cal analysis and model experiment 

Case 1 in Fig. 21 shows the first loading condition with 
full loading of the fuel tank in the ballast condition. A 
vortex structure is appeared at bow side of ballast channel 
in both result of numerical analysis and model experi-
ment. Case 2 in Fig. 22 shows the second of loading con-
dition finished for a long time voyage. In this case a vor-
tex structure is appeared at middle of ballast channel in 
both result of numerical analysis and model experiment. 
In further research, this vortex section will be the key 
point of the research. 
 

 
Fig. 21: comparison between CFD and model test for 

Case 1 

 

 
Fig. 22: comparison between CFD and model test for 

Case 2 

Conclusions 

In order to solve the ecological problems due to the bal-
last water operation, a new ballast channel concept with 
trimming tanks was introduced. As an initial study for the 
development of internal flow system, the feasibility is 
verified through experiments and numerical analysis 
method for simultaneously consider studies external flow 
and an internal flow of the ship. As the result of numeri-
cal analysis with research vessel which contains ballast 
channel inside hull, small increase of resistance was as-
sured. The trimming tank shape inside of ballast channel 
changed from the wedge to the airfoil shape to reduce the 
vortex, and it showed the improvement of the circulation. 
Vortex structures observed in the numerical analysis are 
verified through the model experiment. However, the 
ballast channel concept proposed in this study shows ex-
cellent internal sea water circulation. 
In this paper, 2 cases of internal flow system are sug-
gested with no consideration about structural strength as 
an initial research. But structural strength study is essen-
tial part of ship building. In further research of this inter-
nal flow system, structural strength analysis will be con-
sidered. 
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Abstract  

In the present study, the Reynolds number effects (or scale ef-
fects) and propeller flow effects on a wedge-tailed rudder are 
numerically investigated by using CFD. The results demon-
strate that as Reynolds number increases the maximum lift force 
of the wedge-tailed rudder increases and its drag forces at a 
low angle of attack decreases. These mean that experiments us-
ing a small scale model of a wedge-tailed rudder may underes-
timate the lift and overestimate the drag acting on it. The cal-
culated results of hydrodynamic forces acting on the rudders 
behind a propeller confirm that the wedge-tailed rudder also 
gives as the same high lift performance as that in free-stream 
condition. The effect of propeller loads increases the lift acting 
on the rudders at a moderate and high angle of attacks while 
decreases the drag at zero and smaller angle of attacks than 
five degrees. In heavy propeller load, the drag force becomes 
negative. The reasons for these phenomena are also revealed to 
be the rotating flow created by the propeller.  

Keywords 

Reynolds number effects; propeller effects; high lift rud-
der, wedge tail.   
 

Introduction 

As well known, marine rudders play an important role in 
ship maneuvering and navigating. High lift performance 
rudders such as fishtail rudders and flap rudders have 
been widely used for small ships in order to improve their 
maneuvering and navigating in ports and docking (Mol-
land and Turnock, 2007). Recently, as environmental 
standards have become harder like EEDI, securing of ma-
neuverability of a larger ship in low-speed operation be-
came to be an important issue. Therefore, development 
of a high lift performance rudder for larger ships must be 
paid attention by naval architects.  
The hydrodynamic characteristics of the rudder section 
with a wedge tail were discussed (Hoerner and Borst, 
1975).    
The authors theoretically and experimentally studied on 
a high lift rudder with wedge tail and designed appropri-
ate wedges to increase the lift forces acting on it by 20-
30% in a condition of keeping smaller drag (Nguyen and 

Ikeda, 2015). In these studies, it was confirmed that 
Reynolds number effects on such a wedge-tailed rudder 
are important to predict their performances. 
In the present study, the Reynolds number effects (or 
scale effects) and propeller flow effects on a wedge-tailed 
rudder are numerically investigated by using CFD. 

Rudder and Propeller Particulars  

Rudder Form 

The wedge-tailed rudder model with 10% reduction of 
the chord length, a wedge tail of 2.5% of averaged chord 
length has been designed to keep the same lift perfor-
mance. The rudder forms and their particular dimensions 
are presented in Figs. 1 ~ 3 and Table 1. 

 
Fig. 1:  Rudder form 

 
Fig. 2:  Rudder cross-sections 

 
Fig. 3:  Definitions of rudder dimensions (2D) 



Table 1: Rudder particulars  

Model Height  
h (cm) 

Medium 
Chord 
length  

2
bt ccc

(cm) 

Maximum 
breadth  
tmax (cm) 

Original 29.04 19.34 3.02 
0.9c-wedge2.5 29.04 17.40 3.02 

 
Breadth of 
wedge: bw 
(cm) 

Side project 
area including 

supporting 
part: S (m2) 

Original 0 0.0550 
0.9c-wedge2.5 0.44 0.0495 

Propeller Geometry 

Four blades propeller is selected for the present study. 
The geometric parameters of the propeller model are 
shown in Table 2. 
The 3D geometry of propeller model is generated in a 
CAD software and can be seen in Fig. 4.  

 
Fig. 4: Propeller geometry   

Table 2: Propeller particulars  
Parameters Values Unit 
Diameter (Dp) 0.229  m 
Number of blades (Z) 4 - 
Expanded aspect ratio (EAR) 0.7 - 
Pitch/Diameter (P/Dp) 0.95 - 

Rudder-Propeller System 

The rudder – propeller geometry can be seen in Fig. 5.  

 

Fig. 5:  Propeller-rudder system   

Numerical Method 

The hydrodynamic performances of the rudders in free-
stream and in propeller rotating flow are numerically in-
vestigated in the following sections.  

Hydrodynamic Coefficients  

The lift force, drag force and moment coefficients are de-
fined as Eqs. 1 ~ 3.   

    (1) 

    (2) 

 ̅    (3) 

where,   - fluid density (kg/m3) 
  v - velocity (m/s) 
  ̅ - medium chord length (m) 

  L, D - Lift and Drag forces (N) 
 M - Torque about rudder axis (N·m)) 

S - Projected rudder area (m2) 

Rudder in Free-Stream 

The lift and drag forces acting on the rudders in free-
stream are calculated at the Reynolds numbers as listed 
in Table 3.  

Table 3: Calculated condition for rudders in free-stream 
Models Velocity 

(m/s) 
Reynolds  
number 

Rudder angle 
(deg.) 

Original 
 
0.9c-
wedge2.5 

v=0.553 95,783 0~35 
v=0.8 138,564 0~35 
v=1.5 218,325 0~35 
v=2.0 346,409 0~35 

Rudder Behinds Propeller 

The lift and drag forces acting on rudders behind propel-
ler are calculated at the propeller thrust loading condi-
tions as listed in Table 4.  
A k-ω SST turbulence model is used. The rotation of pro-
peller is modeled by using reference frame motion. The 
rotational velocity is relative to advance coefficient J.  
The boundary conditions are applied as shown in Table 
8. The propeller blades are simulated as a moving wall 
that relative to adjacent cell zone with the rotational 
speed equal to zero (rev/s).  
The pressure-velocity coupling is selected, the second or-
der upwind is chosen for momentum, turbulent kinetic 
energy and specific dissipation rate as shown Table 7.  
The computational domain is selected as shown in Table 
9, and Figs. 6 and 7. The computational domain is divided 
into a stationary zone and a rotating zone. The propeller 
is located in the rotating domain and the rudder is located 
in the stationary domain.   
 
 
 
 



Table 4: Calculated condition for rudder - propeller  

n (rad/s) (*) n (rev/s) (*) v (m/s) J 
54.98 8.75 2.00 1.00 
61.09 9.72 2.00 0.90 
68.72 10.94 2.00 0.80 
78.54 12.50 2.00 0.70 
91.58 14.58 2.00 0.60 
109.96 17.50 2.00 0.50 
137.38 21.86 2.00 0.40 
183.20 29.16 2.00 0.30 
274.23 43.64 2.00 0.20 
548.61 87.31 2.00 0.10 

Table 5: Solution setting   
Turbulent model k-  SST 
Fluid  Water 
Frame motion Reference Frame 
Relative Specification  Relative To Cell Zone: Ab-

solute  
Rotation-Axis Direc-
tion 

[0,0,-1] 

Rotational Velocity Relative to advance coeffi-
cient J 

Table 6: Boundary condition    
Boundary conditions 
Inlet Velocity inlet 

Reference frame: Absolute 
Outlet  Pressure outlet 
Propeller blades, hub Moving wall 

Relative to Adjacent Cell 
Zone 
Rotational speed: 0 (rev/s) 

Shaft, rudder Stationary wall, no-slip 
Cylinder surfaces Symmetry 

Table 7: Solution    
Pressure-velocity coupling 
Scheme Coupled  
Spatial Discretization 
Gradient  Least Squares Cell 

Based 
Pressure Standard 
Momentum Second Order Upwind  
Turbulent Kinetic Energy  Second Order Upwind 
Specific Dissipation Rate  Second Order Upwind 

Table 9: Domain dimensions  
Dimensions Values (m) 
Dp 0.229 
D1 1.2Dp 
D2 4Dp 
L1 Dp 
L2 0.42Dp 
L3 0.135Dp 
L4 6.42Dp  

In Table 9, Dp is propeller diameter.  

 
Fig. 6:  Boundary conditions    

The unstructured mesh is used for generating the global 
mesh. Then the local refinement near the rudder and pro-
peller surfaces is applied. The developed meshing results 
can be seen in Fig. 8. 

 
Fig. 7: Computational domain    

 
Fig. 8: Generated meshing for calculations    

Numerical Results 

Reynolds Number Effects on Lift and Drag  

The Reynolds number effects on the lift, drag and mo-
ment coefficients of 0.9c-wedge2.5 rudder are presented 
in Figs. 9 ~ 11.   
The Reynolds number effect on the lift coefficient of the 
wedge tail rudder can be seen even at a small angle of 
attack as well as at a large angle of attack as can be seen 
in Fig. 9. The lift coefficient increases with increasing 
Reynolds number. 
In Fig. 10, the Reynolds number effect on the drag coef-
ficient can be seen only at a small angle of attack below 
15 degrees. The drag coefficient decreases with increas-
ing Reynolds number at the angle. This may because the 
Reynolds number effects on the boundary layer and the 



flow separation on the rudder surface in an upper stream 
of the wedge may change the flow past the wedge and 
change the pressure drag acting on the rudder. It should 
be noted that a smaller rudder like a scale model has a 
smaller lift and larger drag than the full-scale rudder.  
In Fig. 11, the effect of Reynolds number on the moment 
of the wedge tail rudder decreases the negative moment 
at an angle of attack below 25deg. and increases positive 
moment at an angle of attack above 25deg.  

 
Fig. 9: Effect of Reynolds number on lift coefficients of 

0.9c-wedge2.5 rudder  

 
Fig. 10: Effect of Reynolds number on drag coefficients 

of 0.9c-wedge2.5 rudder  

 
Fig. 11: Effect of Reynolds number on moment coeffi-

cients of 0.9c-wedge2.5 rudder  

Sectional Pressure Coefficients (Cp) and Frictional 

Coefficients (Cf) 

In this section, the effects of Reynolds number on the 
maximum lift and the drag at zero angles of attack are 
clarified by using the pressure coefficient distribution.  
The selected cross-sections for showing pressure distri-
butions on rudder surface as shown in Fig. 14.  

 
Fig. 14: Selected cross-sections for showing pressure distri-

butions on rudder surfaces 

The effects of Reynolds number on Cp and Cf acting on 
the wedge-tailed rudder at the z=0.08 cross-section are 
shown in Figs. 15 ~ 18.  

 
Fig. 15: Pressure coefficient at 0deg of AoA and z=0.08 

cross-section 

 
Fig. 16: Friction coefficients acting on the wedge at 0deg 

of AoA and z=0.08 cross-section 
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Fig. 17: Pressure coefficient at 25 degrees of AoA and 

z=0.08 cross-section 

 
Fig. 18: Friction coefficients acting on the wedge at 

25deg of AoA and z=0.08 cross-section 

As shown in Figs. 15 and 16, at zero rudder angle the 
pressure coefficients acting on the rudder at the selected 
cross-section, are similar while the frictional coefficients 
significantly decrease at high Reynolds number. This is 
the reason why the drag acting on the rudder at a small 
angle of attack is decreased as Reynolds number in-
creases. 
At a high angle of attack (25deg.), the negative pressure 
coefficients on back face increase as Reynolds number 
increases as shown in Fig. 17. While frictional drag coef-
ficients decrease as Reynolds number increases as shown 
in Fig. 18.   

Propeller Effects on Lift and Drag  

Calculated lift and drag acting on the original and wedge-
tailed rudders in generated flow by the propeller are 
shown in Figs. 19 and 20.  
In the figures, the calculated coefficients in the free 
stream are also shown to compare them with those in pro-
peller flow. As the wedge tail rudder which has 10% 
shorter chord length than the original one was designed 
as having the same lift force as mentioned by Nguyen & 
Ikeda (2015), the calculated lift coefficients of the wedge 
tail rudder are slightly larger than those of the original 
rudder as shown in Fig. 10-5. This means that the wedge 

tail works well even in propeller flow. In propeller flow, 
the lift coefficients of the two rudders increase with in-
creasing J because incident flow to the rudder increases. 
At any J values, the lift coefficients of the wedge tail rud-
der are larger than those of the original rudder.  
The results of the drag coefficients shown in Fig. 20 
demonstrate that the wedge increases the drag coeffi-
cients at a relatively large angle of attack. It should be 
noted, however, that the calculated values of the drag act-
ing on the rudders at a small angle of attack decreased as 
increasing propeller load as shown in Tables 10 and 11, 
and becomes to be negative at J=0.3. Detailed discussions 
on the matter will be done in next section.   

 
Fig. 19: Calculated lift coefficients of wedge-tailed and 

original rudders in propeller flow and in free 
stream  

 
Fig. 20: Calculated drag coefficients of wedge tail and 

original rudders in propeller flow and in free 
stream 

In order to clarify the effect of propeller load on wedge 
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tail effects in detail, the differences in the lift and drag 
coefficients between the wedge-tailed and original rud-
ders are shown in Figs. 21 and 22. The results of the lift 
coefficients shown in Fig. 21 suggest that the wedge tail 
can increase the lift coefficient by 10 to 20% in free 
stream and also in propeller flow. The results of the drag 
coefficient shown in Fig. 22, however, suggest that pro-
peller flow also increases the drag of the wedge tail rud-
der. At J=0.5, the increasing of drag is pretty higher than 
that at other advance coefficients at the angles of attack 
from -5deg to 25deg.  

 
Fig. 21: Difference of lift coefficients between wedge-

tailed and original rudders due to the influence 
of propeller load. 

 
Fig. 22: Difference of drag coefficients between wedge-

tailed and original rudders due to the influence 
of propeller load.  

In Figs. 23 and 24, the calculated drag coefficients of the 
wedge-tailed rudder and differences of the drag in pro-
peller flow from those in the free stream at zero angles of 
attack are shown. It can be seen that at J=0.3 the drag 
coefficient becomes to be a negative value. This means 
the rudder generates a thrust. Pressure and friction com-
ponents of the calculated drag coefficients of the wedge-
tailed and original rudders are shown in Fig. 25.  The re-
sults clearly show that negative pressure drag created by 
propeller flow (J=0.3) causes the negative drag acting on 
the both rudders at zero angles of attack (AoA).   

 
Fig. 23: Effects of propeller load on drag coefficient act-

ing on the wedge-tailed rudder at zero AoA. 

 
Fig. 24: Effects of propeller load on differences of drag co-

efficients of the wedge-tailed rudder from those 
of it in the free stream at zero AoA.  

 
Fig. 25: Drag components acting on original and wedge-

tailed rudders at zero AoA and J=0.3 

Table 10: Calculated lift and drag of original rudder at 
J=0.3  

alpha Lift (N) CL Drag (N) CD  
-35 -451.83 -4.1172 259.31 2.3629 
-25 -380.30 -3.4655 135.81 1.2376 
-15 -248.24 -2.2620 39.64 0.3613 
-10 -169.95 -1.5486 15.27 0.1392 
-5 -85.45 -0.7786 0.27 0.0024 
0 -3.88 -0.0354 -5.37 -0.0489 
5 77.82 0.7091 -3.99 -0.0364 
10 157.20 1.4325 10.48 0.0955 
15 244.35 2.2266 38.91 0.3546 
25 338.07 3.0806 103.58 0.9439 
35 485.34 4.4226 209.38 1.9079 

0
5

10
15
20
25
30
35
40

-35 -25 -15 -5 5 15 25 35

%

AoA [deg]

CL

J=0.3

J=0.5

J=0.7

Free-stream

0
10
20
30
40
50
60
70
80

-35 -25 -15 -5 5 15 25 35

%

AoA [deg]

CD

J=0.3

J=0.5

J=0.7

Free-stream rudder

0.0321

-0.0068

0.0393
0.0471

-0.01

0.00

0.01

0.02

0.03

0.04

0.05

Free stream J=0.3 J=0.5 J=0.7

C D

J

CD

-121.06

22.53
46.66

-150

-100

-50

0

50

100

J=0.3 J=0.5 J=0.7%
J

CD

-0.2000

-0.1500

-0.1000

-0.0500

0.0000

0.0500

0.1000

0.1500

0.3C D

J

CD

Pressure [original]

Pressure [wedge
tail]

Friction [original]

Friction [wedge tail]

Total [original]



Table 11: Calculated lift and drag of wedge-tailed rudder at 
J=0.3  

alpha Lift (N) CL Drag (N) CD 
-35 -469.44 -4.7467 290.83 2.9407 
-25 -377.63 -3.8184 158.77 1.6054 
-15 -268.68 -2.7168 49.76 0.5031 
-5 -92.56 -0.9370 7.19 0.0728 
0 -4.43 -0.0448 -0.67 -0.0068 
5 83.87 0.8480 2.52 0.0254 
15 240.45 2.4313 50.03 0.5059 
25 362.02 3.6606 122.51 1.2387 
35 499.05 5.0462 228.07 2.3061 

Propeller Effects on Pressure distribution 

Is this section, in order to clarify the negative drag acting 
on the rudders created by propeller flow the calculated 
pressure distribution on rudder surface will be discussed. 
In the calculations, the angle of attack is fixed to zero and 
J is 0.3. Two cross sections are selected as shown in Fig. 
26 (z=0 and z=-0.05). The cross section of z=0 is in the 
line of the propeller rotating axis, and at cross section z=-
0.05, rotating flow created by a propeller attacks to the 
rudder surface from different directions.    

 
Fig. 26: Selected cross-sections for showing pressure 

distributions on rudder surfaces 

The pressure distributions on the original and wedge-
tailed rudders are shown in Figs. 27 to 28 and 29 to 30 
respectively. For comparison, the calculated pressure dis-
tributions of the rudder in the free stream are also shown 
in the figures.  
As can be seen from the results shown in Fig. 27, the 
pressure coefficient at the head of the original rudder is 
almost unity, and those of right and left sides of the rud-
der rapidly decrease to be negative, reach the peaks near 
at x=-0.05 and gradually increase. Some disturbances 
near at x=0 may be caused by the gap of the rudder sup-
porting part and the rudder. The qualitative tendency of 
the pressure distributions is similar to that of the same 
rudder in free stream shown in the same figure. At z=-
0.05, however, the pressure distributions have com-
pletely different characteristics as shown in Fig. 28. The 
pressure distributions are different from right and left 
sides of the rudder, and on the one side the pressure has 
a big plus peak and on the another side it has big negative 
peaks at the forebody, and they reach the same lines at aft 
body. The difference of pressure distribution may be 

caused by the rotating propeller flow. The rotating flow 
changes the attack angle at the forebody and shifts the 
stagnation line at the head of the rudder. Larger negative 
pressure acting on the head of the rudder may generate 
the negative drag mentioned in the previous section. 

 
Fig. 27: Pressure coefficient acting original rudder at zero 

angles of attack, z=0, and J=0.3   

 
Fig. 28: Pressure coefficient acting Original rudder at zero 

angles of attack, z=-0.05, and J=0.3   

 
Fig. 29: Pressure coefficient acting wedge tail rudder at 

zero angles of attack, z=0, and J=0.3   



 
Fig. 30: Pressure coefficient acting wedge-tailed rudder at 

zero angles of attack, z=-0.05, and J=0.3   

 
Fig. 31: Comparison of pressure coefficient acting on origi-

nal rudder and wedge-tailed rudder at zero 
angles of attack, z=0, and J=0.3   

 
Fig. 32: Comparison of pressure coefficient acting on origi-

nal rudder and wedge-tailed rudder at zero 
angles of attack, z=-0.05, and J=0.3  

In Figs. 29 to 30, the calculated pressure distributions of 
the wedge tail rudder are shown. The similar tendencies 
to the results of the original rudder are seen in these fig-
ures at the forebody. At the aft ends of the rudder larger 
positive pressure acts on the rudder surface. The pressure 

is created by the wedge and creates larger drag force act-
ing on the wedge-tailed rudder.  It should be noted that 
the positive pressure acting on the front surface of the 
wedge acts as a positive drag but that acting on the rudder 
surface reduces the drag of the rudder. 
Comparisons of pressure distributions between the 
wedge-tailed and original rudders are shown in Figs. 31 
to 32. As shown in these figures the wedge-tailed rudder 
is 10% shorter length than the original rudder. The distri-
butions at the fore body of the two rudders are similar but 
different at aft body. 

Conclusions 

Reynold number effects on such a wedge-tailed rudder 
are important to predict their performances in real scale.  

As Reynolds number increases the maximum lift force 
of the wedge-tailed rudder increases and its drag forces 
at a low angle of attack decreases. Experiments using a 
small scale model of a wedge-tailed rudder may underes-
timate the lift and overestimate the drag acting on it. 

As a propeller load increases, the lift coefficients act-
ing on both rudders increase because of increase of inci-
dent flow to the rudders. The effects of the wedge tail on 
the lift force in propeller flow are almost same as in a free 
stream. 

Propeller flow generally increases the drag as well as 
the lift force, but at a small angle of attack below 5degees 
and at heavy propeller load the drag force suddenly de-
creases to be a negative drag.   

The negative drag of the wedge-tailed rudder, as well 
as the original rudder, is caused by the reduction of pres-
sure component of the drag. 

The rotating flow generated by a propeller change the 
incident flow to the rudder and shit the stagnation lines at 
the head of the rudder. As large negative pressure created 
at the head of the rudder cause the negative drag at a 
small angle of attack. 

It is confirmed that larger drag of the wedge-tailed 
rudder induced by the wedge at a small angle of attack 
can disappear.  
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Abstract

This paper introduces a means of performing a ship
egress analysis by applying eigenvalue analysis to the
ship-centric Markov decision process (SC-MDP) frame-
work. This method focuses on how people egress, the
decisions they make under uncertainty, and the interac-
tion between the individuals and the layout of the vessel.
The objective is to understand the implications of uncer-
tain decision making of people on general arrangement
design. One metric is introduced defined as the ratio be-
tween the largest eigenvalue and the second largest. This
decision metric is used to identify and quantify changes
in decisions, as well as to help identify system attributes
driving those changes in decisions. A case study is pre-
sented showing the utility of this method on a ship egress
problem. Sensitivity studies are performed examining the
affect of uncertainty and rewards on individuals’ decision
making behavior.
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Introduction

Understanding evacuation patterns and egress routes is

arguably one of the most important aspects of ship design

affecting safety of those on board (Guarin et al., 2014).

Emergency situations such as fires, flooding, damage due

to collisions, or even ballistic damage, happen on vessels.

Understanding how individuals on the vessel react and

move about to safety zones, muster points, or life boats

during these situations is important to save lives and min-

imize injuries. The IMO has recognized evacuation and

egress analysis as an important aspect that needs to be

regulated for the safety of mariners (IMO, 2007).

Two types of methods have been developed to ap-

proach this problem: those focused on analyzing the

physical layout of the vessel (Andrews et al., 2012; Rig-

terink et al., 2014; van Bruinessen et al., 2011), and

those focused on evacuation patterns of the individuals

on board (Guarin et al., 2014; Qiao et al., 2014; Vanem

and Skjong, 2006). Methods focused on the layout are de-

fined as solution-centric by this paper, meaning they are

focused on the physical layout of the rooms themselves.

Methods focused on evacuation routes, however, are typ-

ically computationally expensive, and can involve multi-

agent simulations (Guarin et al., 2014), or optimization

methods (Qiao et al., 2014).

Both type of analyses require the full vessel layout as

well as the physical distribution of the crew throughout

the vessel in order to run detailed discrete event simula-

tions to study evacuation routes (Rigterink et al., 2014).

Two major problems arise with this. First, during early

stages of design, little information is known about the

details of the vessel layout, and second, a new discrete

event simulation is required for each simulation involv-

ing a different distribution of individuals. This makes the

problem nearly intractable.

The complexity of this problem grows with vessel size

and complexity. The problem is made difficult by various

passenger populations (such as able bodied seamen, chil-

dren, or handicapped individuals), the number of decks

and passageways, and the multitude of ways emergency

situations may start or percolate through the vessel. Also,

paid crew who know the layout well will likely react dif-

ferently compared to passengers on a cruise ship who are

new to the vessel. For example, in 1915, the passenger

vessel, the S.S. Eastland, capsized in the Great Lakes

when the passengers all rushed to one side, causing the

deaths of nearly 850 individuals (Eastland Memorial So-

ciety, 2015). Thus, for a full detailed analysis, advanced

methods are necessary.

While some propose using more advanced, computa-

tionally expensive evacuation models in earlier stages of

design (Vanem and Skjong, 2006), the IMO (2007) has

recognized the importance of using simplified methods

in the concept stage. This has led to the increased promi-

nence of analyses aimed at evacuation routes and egress

patterns in preliminary stages of design (Casarosa, 2011;

Guarin et al., 2014). However, finding the proper bal-

ance between computational expense, analysis time, and

model fidelity remains difficult.

This paper proposes a method that is focused on under-

standing the decision making of individuals on the vessel

as they evacuate. In early stage design this method will

prove to be more tractable than having to fully enumer-



ate all layouts and all crew combinations to understand

egress patterns. This method is focused on understand-

ing the impact that uncertainty and pain (possibly from

the inhalation of smoke) may have on the decisions in-

dividuals make. To do this, eigenvalue analysis applied

to the ship-centric Markov decision process (SC-MDP)

framework is proposed to understand the implications of

evacuation decision making as it pertains to general ar-

rangements design.

The Ship-Centric Markov Decision Process

The SC-MDP framework is defined as applying Markov

decision processes (MDPs) to ship design and decision

making. MDPs were first applied to ship design by

Niese and Singer (2013) as a means to generate and an-

alyze predictive time domain design data. MDPs are a

mathematical model developed in the 1950’s to solve dy-

namic decision-making problems under uncertainty (Put-

erman, 2005). They are a state-based model that rep-

resent uncertain systems, can differentiate various deci-

sion making scenarios, and can handle temporal system

variations. MDPs have been used across a wide variety

of other disciplines, including: robot navigation (Rus-

sell and Norvig, 2003), financial, economic, or portfo-

lio management (Sheskin, 2011), inventory management,

scheduling of industrial system maintenance and replace-

ment, and even behavioral ecology (Puterman, 2005).

From a ship design perspective, MDPs allow for analy-

sis of the physical product, the sequential life-cycle deci-

sions associated with that product, and the projected life-

cycle expected utility of the products and decisions. From

a decision space perspective, the advantages include an

explicit model of the system uncertainties and environ-

mental risks present throughout the system’s life-cycle,

the ability to analyze dynamic operating profiles and ex-

ternal environments, and the ability to enable active man-

agement and decision making. Previous research using

the SC-MDP framework include analysis of ballast wa-

ter treatment methods (Niese and Singer, 2013, 2014),

designing for the Energy Efficiency Design Index (Niese

et al., 2015), and design for evolving Emission Control

Area regulations (Kana et al., 2015).

Despite these advantages, the current SC-MDP frame-

work has several limitations. First, the size and scope of

the results can be large, and in some cases can become

overwhelming for the decision maker. Second, MDPs

can only be used to identify changes in decision behav-

ior through the use of simulations and extensive sensitiv-

ity studies (Niese et al., 2015; Tan and Hartman, 2011).

The decision maker must manually backtrack through the

model to find where these decisions change. There is also

no way to quantify how much a single change in the de-

cisions has on the process as a whole. This research pro-

poses to address these limitations by introducing eigen-

value analysis techniques to the framework itself.

Eigenvalue Spectral Analysis

Spectral analysis applied to the SC-MDP framework is

introduced as a means to elicit decision making insight by

quantifying the impact of changes in decisions. The ap-

plicability of spectral methods to analyze ship design and

decision making in the SC-MDP framework is vast. It can

be used to help identify the magnitude of the relationships

and inter-dependencies between the various attributes of

the system. It can also be used to help identify those

secondary, tertiary, and and weaker inter-dependencies in

the system that may not be noticeable by other methods.

Similar eigenvalue techniques have been used in autore-

gressive models to study principal oscillation patters, ex-

citation, and damping times (Neumaier and Schneider,

2001). This type of analysis is beneficial to designers by

allowing them to focus their efforts systematically on the

important factors on the design. While no single frame-

work can capture all aspects of design decision making

(Reich, 1995; Seram, 2013), the objective here is to pro-

vide a unique perspective on engineering decision mak-

ing to help improve understanding and design.

Methods

The Markov Decision Process

The classic MDP has four parts:

1. a set of states, S, where an agent can exist

2. a set of actions, A, available to the agent

3. a set of probabilities, T , of transitioning from one

state to another after following a given action

4. a set of rewards, R, received after performing a

given action, a, and transitioning to a new state

The objective is to identify the sequence of actions that

maximizes the cumulative, long term expected utility of

the system. This sequence of actions identifies the set

of decisions the agent should take during each decision

epoch (Puterman, 2005). An example three state, two

action MDP is given in Table 1 and Table 2. Table 1

displays the transition matrices for the various possible

actions, where the probability of transitioning from state

si to state s′j is given. Note the transition probabilities

and rewards may vary between different actions.

Table 1. Sample transition matrices for a 3 state, 2
action MDP. Each action is represented by its own
transition matrix.

Action 1

s′1 s′2 s′3
s1 0 0.7 0.3

s2 0.2 0.8 0

s3 1 0 0

Action 2

s′1 s′2 s′3
s1 0 0 1

s2 0 1 0

s3 0.1 0.1 0.8

Table 2 is the associated reward matrix, which outlines

the reward obtained after taking a given action, ai, and



landing in a new state, s′j . Essentially, MDPs can be

thought of as a series of action dependent Markov chains

with rewards (Sheskin, 2011), where each action can be

represented by its own transition matrix.

Table 2. Sample reward matrix for a 3 state, 2 action
MDP. The entries indicate the reward received for
taking action, ai, and landing in state, s′j .

a1 a2
s′1 5 -1

s′2 1 3

s′3 0 6

The expected utility of the MDP can be obtained via

Equation 1, known as the Bellman equation, where U is

the expected utility, γ is the discount factor, and the other

variables are defined previously. The set of decisions, π,

is found by Equation 2 (Russell and Norvig, 2003).

U(s) = R(s) + γmax
a

∑
s′

T (s, a, s′)U(s′) (1)

π(s) = argmax
a

∑
s′

T (s, a, s′)U(s′) (2)

The common output for displaying the decisions is

with a decision matrix which provides the preferred ac-

tion for each state for each decision epoch. An epoch is

defined as an instance when the agent must make a de-

cision. Epochs can represent any such decision making

period, such as a time step, or physical movement by an

individual. The decision matrix for the sample system

above is given in Table 3. To read the decision matrix, the

decision maker identifies the preferred action in the table

that corresponds to the system state and epoch. For in-

stance, Action 2 is preferred if the system were in State 2

during Epoch 2. Note the decisions may change through

time, as is the case between Epoch 4 and Epoch 5 for

State 1.

Table 3. The decision matrix for the system above. For
example, Action 2 is best for State 2 and Epoch 2.

State 1 State 2 State 3

Epoch 1 Action 1 Action 2 Action 2

Epoch 2 Action 1 Action 2 Action 2

Epoch 3 Action 1 Action 2 Action 2

Epoch 4 Action 1 Action 2 Action 2

Epoch 5 Action 2 Action 2 Action 2

The decision matrix can be a beneficial way of dis-

playing information. First, it provides a road-map for

the decision maker by displaying the optimal decision for

each state throughout the process lifecycle. Second, it

can be used to simulate different decision scenarios to

discern differences in seemingly similar situations (Niese

and Singer, 2013).

In order to overcome the limitations outlined in the

Introduction, this research proposes eigenvalue spectral

analysis. To perform this, a different formulation of the

output is necessary; one that involves using the decision

matrix to develop a series of transition matrices to rep-

resent the dynamics of the system. Eigenvalue spectral

analysis is then performed in these transition matrices.

The representative transition matrix

Instead of displaying the decisions using the decision ma-

trix, this methodology uses a series of transition matrices,

M, to represent each decision epoch. Using this method

has several advantages. First, it preserves state transition

probabilities, as opposed to simply stating the optimal ac-

tion. Second, and more importantly, formation of a se-

ries of transition matrices enables the ability to perform

eigenvalue spectral analysis.

These transition matrices are developed from the deci-

sion matrix (Sheskin, 2011). This is done by selecting the

state transitions for each state from its respective optimal

action and placing it in its respective row in the repre-

sentative transition matrix. For example, if Action 1 is

optimal for State 1 according to the decision matrix, then

the first row for the representative transition matrix, M, is

identical to the first row of the Action 1 transition matrix.

Likewise for State 2, if Action 2 is optimal, then the sec-

ond row of M will be identical to the second row of the

Action 2 transition matrix. This logic is followed for all

states. This new representative transition matrix is square

stochastic. This matrix is able to represent the various

optimal actions for all states. It is essentially an amalga-

mation of the set of action transition matrices displaying

only the optimal action for each state. The result is a dif-

ferent representative transition matrix for each decision

epoch.

An example of the formation of the representative tran-

sition matrix is given in Tables 4 through 6. The action

transition matrices from the sample system above are pre-

sented again. The shading denotes the specific transi-

tion probabilities that are transferred to the representative

transition matrix according to the decision matrix. The

decision matrix for the first decision epoch is presented

in Table 5, and the resulting representative transition ma-

trix is developed in Table 6. Eigenvalue analysis is then

performed on this transition matrix given in Table 6.

Table 4. Sample transition matrices for 3 state, 2 ac-
tion MDP. The colors denote the specific transition
probabilities that are transferred to the representa-
tive transition matrix, M, according to the decision
matrix.

Action 1

s′1 s′2 s′3
s1 0 0.7 0.3

s2 0.2 0.8 0

s3 1 0 0

Action 2

s′1 s′2 s′3
s1 0 0 1

s2 0 1 0

s3 0.1 0.1 0.8



Table 5. Sample one epoch decision matrix. The pre-
ferred actions have been selected via Equation 2.

State 1 State 2 State 3

Epoch 1 Action 1 Action 2 Action 2

Table 6. Representative transition matrix, M, devel-
oped from the action transition matrices (Table 4) and
the decision matrix (Table 5).

s′1 s′2 s′3
s1 0 0.7 0.3 (from Action 1)

s2 0 1 0 (from Action 2)

s3 0.1 0.1 0.8 (from Action 2)

Eigenvalue spectral analysis

Once the transition matrices are formed for each decision

epoch, eigenvalue spectral analysis can be performed.

The eigenvalues, λi, and eigenvectors, wi, are defined

according to Equation 3. The set of eigenvalues define

the spectrum of the Markov process (Cressie and Wikle,

2011). For this research, Equation 3 was solved numeri-

cally using a built-in MATLAB function.

wiM = λiwi (3)

The eigenvalues are key to understanding the under-

lying dynamics of the system (Salzman, 2007). They

represent the analytic solution to the linear system, and

can be used to examine the system attributes driving the

behavior through time. Identification of oscillatory pat-

terns, system stability, and bifurcation regions (Cressie

and Wikle, 2011) in the decision pathways is possible

with eigenvalue analysis. Applying eigenvalue spectral

analysis on transition matrices developed from a Markov

decision process to analyze design decision making be-

havior is unique to this research. Presented below is one

derived metric, designed to identify and quantify changes

in decision making behavior.

The decision metric

The decision metric is defined in Equation 4. λ1 is the

largest eigenvalue, and |λ2| is the magnitude of the sec-

ond largest. For Markov matrices, such as M, λ1, is al-

ways one. This equation has previously been used as a

damping ratio metric for linear models to study the tran-

sient behavior of a system (Caswell, 2001).

ρ =
λ1

|λ2| (4)

For this paper, the decision metric will be used in

two unique ways. First, it will identify and quantify

changes in decisions. Changes in this metric are coinci-

dent with changes in the transition matrix, and thus rep-

resent changes in the decisions. When the decision of an

individual state changes, that state’s row in the represen-

tative transition matrix changes as well. The row consist-

ing of the transition probabilities from the action transi-

tion matrix from the previous set of decisions is replaced

by the row of the transition probabilities of the new action

transition matrix associated with the new decisions. This

process is shown in Figure 1.

Figure 1. Visualization of how a change in decisions
affects the representative transition matrix, M.

Since eigenvalue analysis is performed on these tran-

sition matrices, any changes will result in changes in the

eigenvalue spectrum. When λ2 is affected, it is concluded

that a major change in the system has occurred because

the primary spectral mode has changed. When the deci-

sion metric is unaffected by changes in decisions, there

is no significant change to the system. This is similar to

only affecting the minor spectral modes of the system.

The second new application for the decision metric is

that it can help identify the significant state/action combi-

nations that affect the process as a whole. By associating

the changes in the sets of decisions with the changes in

the decision metric, the decision maker can identify im-

portant state/action combinations. A case study is pre-

sented showing the utility of this method and metric on a

ship egress problem.

Case Study: Ship Egress Analysis and General

Arrangements Design

This case study is designed as one application of how this

technique can be applied in the ship design context. The

case involves studying personnel movement inside a ship.

The assumption is that a fire has broken out in one of the

rooms, and that individuals need to find the exit. Their

movement is probabilistic to simulate the confusion of an

individual’s location due to smoke that may be percolat-



ing throughout the ship or uncertainty with blocked pas-

sageways. A utility function is used to simulate the pain

experienced while in the ship looking for the exit. The

rooms have not been designated for a specific use for this

analysis, as it is the attempt of this study to understand

their interaction prior to designating their use. That is,

these rooms have not yet been classed as galley, engine

room, etc.

To set up the problem, individuals are located some-

where in the eleven state environment shown in Table 7,

where the entries show the labeling convention of the ac-

cessible rooms. The solid black state (state (2,2)) repre-

sents an inaccessible area, such as a column or unusable

elevator shaft. The top right room (state (3,4)) represents

the exit, while the room adjacent below (state (2,4)) is the

room with the fire. The objective is to minimize the pain

from smoke inhalation while heading towards the exit.

Table 7. Diagram of the eleven room arrangement.
Entries show the labeling convention of the states.

(3,1) (3,2) (3,3) (3,4)

(2,1) (2,3) (2,4)

(1,1) (1,2) (1,3) (1,4)

The SC-MDP framework is used to determine the best

sequence of decisions and the expected utility. The states

are defined as the individual rooms in the ship. The indi-

viduals may move one step at each decision epoch; either

up, down, left, or right. There is uncertainty in the indi-

vidual’s movement, and the probability of moving in the

desired direction is only 0.8. There is a 0.1 probability of

moving in either direction laterally. The transition proba-

bility in this case is defined as p = 0.8. If the decision is

made to step directly into a wall, the individual remains

in the same location. A reward is received for landing

in a given room (Table 8). The fire is modeled with a

r = −1 reward, while the exit has a r = +1 reward. The

r = −0.04 rewards are varied in the following analyses,

while the r = +1 and r = −1 rewards remain fixed.

Table 8. The rewards received for landing in a given
state. The following analyses vary the−0.04 rewards,
while the +1 and −1 rewards remain fixed.

-0.04 -0.04 -0.04 +1

-0.04 -0.04 -1

-0.04 -0.04 -0.04 -0.04

For this study, the transition probabilities and rewards

do not change with time. The MDP is run for 30 decision

epochs, allowing individuals to take up to 30 steps. The

expected utility and best decision paths are given in Table

9. The decision paths display the best action a person

should take while in each state. These results are unique

only to the given rewards and uncertainty, as changes in

either will affect both the expected utility and decisions

(Russell and Norvig, 2003).

Table 9. Expected utility and decision paths for p =
0.8 and r = −0.04.

Expected utility

0.81 0.87 0.92 +1

0.76 0.66 -1

0.71 0.66 0.61 0.39

Decision Paths
→ → → +1

↑ ↑ -1

↑ ← ← ←

Eigenvalue spectral methods are used to gain a deeper

understanding into these variations in the policy, and the

driving system characteristics that may be causing them.

The decision metric as defined previously is examined to

elicit this information.

Results

The representative transition matrix was formed after the

MDP was run for 30 decision epochs. This process

is shown in Figure 2. The eigenvalues were generated

from this representative transition matrix, and the deci-

sion metric was calculated. As such, these results rep-

resent one single time step. The objective is to obtain

the relationship between the decision metric and the sys-

tem for a single time step before examining its behavior

through time.

Figure 2. Building the representative transition ma-
trix, M, for p = 0.8 and r = −0.04. Shading
represents specific actions. Note the action “down" is
never optimal for any of the states.

A sweep of the uncertainty and rewards was performed

to examine the behavior of the decision metric across

a broad environment. The uncertainty was varied from

complete uncertainty of p = 0 to complete certainty of

p = 1, while the rewards were varied between −2.0 <
r < 0.5 (Figure 3).

Two major trends are apparent. First, there is a signif-

icant drop around where the reward transitions from neg-
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Figure 3. Decision metric, ρ, for a range of rewards
and uncertainties. Note the drop in ρ near r = 0,
and the rapidly increasing ρ for 0.5 < p.

ative to positive. As the rewards move close to and into

the positive region, the set of decisions changes drasti-

cally, and may even become non-unique for areas where

the rewards are fully positive. Second, as p increases, the

decision metric grows rapidly for p > 0.5. For the re-

gion p < 0.5 where the uncertainty is so great that the

individuals take a misstep more than 50% of the time, the

decision metric is roughly consistent across all rewards.

Figure 3 shows only the high level trends. A more de-

tailed analysis of the underlying shape and behavior fol-

lows.

To examine the underlying shape of Figure 3, a closer

examination of the data was performed with the uncer-

tainty fixed at p = 0.8, while the rewards were varied

from −2.0 < r < 0.5. The results are shown in Figure 4.

Five step changes are apparent, located at points b, e, f , h,

and i, which are associated with r = −1.65, r = −0.45,

r = −0.09, r = −0.03, and r = −0.02 respectively,

with the major drop occurring at r = −0.03.
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Figure 4. Decision metric, ρ, over a range of rewards
for p = 0.8. Points indicate transition regions in the
decision paths. Note the step function behavior and
the drop at r = −0.03 (between h and i).

The step changes in Figure 4 occur when there are

changes in the decisions. However, not all transitions

in the decisions are identified as changes in the decision

metric. There are ten different decision paths for an un-

certainty of p = 0.8. These are given in Table 10, and are

arranged moving from left to right in the decision metric

plot. The change in the decisions is identified by a double

arrow in the state that was affected. Those changes in the

decisions that occurred simultaneously with changes in

the decision metric are denoted with both double arrows

as well as highlighted in gray.

Table 10. Variations in the decision paths for p = 0.8.
Moving from lowest rewards to highest, the state that
changed actions is identified by a double arrow. States
that changed actions with a change in the decision
metric have a double arrow and a gray background.

r ≤ −1.65
(a-b)

→ → → +1

↑ → -1

→ → → ↑

−1.65 < r ≤ −1.57
(b-c)

→ → → +1

↑ ⇑ -1

→ → → ↑

−1.57 < r ≤ −0.73
(c-d)

→ → → +1

↑ ↑ -1

→ → ⇑ ↑

−0.73 < r ≤ −0.45
(d-e)

→ → → +1

↑ ↑ -1

⇑ → ↑ ↑

−0.45 < r ≤ −0.09
(e-f)

→ → → +1

↑ ↑ -1

↑ → ↑ ⇐

−0.09 < r ≤ −0.05
(f-g)

→ → → +1

↑ ↑ -1

↑ ⇐ ↑ ←

−0.05 < r ≤ −0.03
(g-h)

→ → → +1

↑ ↑ -1

↑ ← ⇐ ←

−0.03 < r ≤ −0.02
(h-i)

→ → → +1

↑ ⇐ -1

↑ ← ← ←

−0.02 < r ≤ 0.00
(i-j)

→ → → +1

↑ ← -1

↑ ← ← ⇓

0.00 < r
(j-k)

↔ � ↔ � ⇐ +1

↔ � ← -1

↔ � ↔ � ↔ � ↓

Starting from the most negative rewards, the first

change in decisions occurs at r = −1.65 (point b), where

state (2,3) changes from action “right” to “up”. At the

same time the decision metric increases through a small

step change. Due to the highly negative rewards in the en-

vironment for r ≤ −1.65 the best decision is to take the

shortest path to the -1 state. This is a situation where it is

less painful to be in the room with the fire than outside of

it. However, when the penalty is changed to −1.65 < r,

the best path is no longer to step directly at the -1 state

from the (2,3) state. This change in the decisions is con-

sidered a major change to the system because of the effect

it has on the decision metric.

This is in contrast to the change that occurs at r =
−1.57 (point c). Here, state (1,3) changes from “right” to

“up”; however, there is no change in the decision metric.



This change is considered minor because the individuals

are still two steps away from the -1 state. The new deci-

sion recognizes the +1 state is preferable, but due to the

high painful incremental rewards, may only be slightly

more preferable than stepping into the -1 state. A simi-

lar trend is apparent at r = −0.73 (point d), where state

(1,1) changes from “right” to “up” with no change in the

decision metric. This change in decisions is minor as the

individuals are still 5 steps away from the safe exit state

no matter the decision path.

For the other transitions this relationship is consistent,

both qualitatively and quantitatively. When the decisions

change for a given state, the change is considered signif-

icant if there is an associated change in the decision met-

ric. These changes typically affect states adjacent to the

room with the fire (r = −1 state). State (1,2), while not

directly adjacent to the -1 state does have a significant

change because the best decision is now to go the long

way around state (2,2) as opposed to taking the shorter

route. On the other hand, states that are farther away, in

general, have less of an effect on the system as changes

in their decisions do not change the decision metric.

Of particular note is the significant drop in the decision

metric that occurs when state (2,3) changes from “up” to

“left”, located at r = −0.03 (point h). Two changes oc-

cur here. First, by deciding to go “left”, individuals will

never take an uncertain misstep into the room with the

fire (r = −1 state) from the (2,3) state. Second, this de-

cision effectively blocks the passage between state (1,3)

and (3,3). They must now travel clockwise around the

inaccessible area (state (2,2)). This result is consistent

for all 0.6 < p ≤ 1. The significant drop in the deci-

sion metric identified in Figure 3 always occurs when the

decision for state (2,3) changes from “up” to “left”. This

drop happens at various rewards for various uncertainties.

For p = 0.6 this change happens at r = −0.07, while it

occurs at r = −0.003 for p = 0.9. Accordingly, as more

uncertainty is added into the system, this change in the

decision metric occurs further from 0. For p ≤ 0.5 there

is no change in the decision metric when the decisions

changes for this state.

Discussion

The method presented is significant for understanding

decision making regarding egress routes and general ar-

rangements design. This paper focused exclusively on

the egress problem, defined as how people egress, un-

derstanding the decisions they make under uncertainty,

and the interaction between the individuals themselves

and the layout of the vessel. This is juxtaposed to tra-

ditional analyses that focus on the solution, namely the

physical layout of the vessel and the distribution of the

crew throughout the ship.

The decision metric highlights important transition re-

gions in the decisions, and which state/action combina-

tions are significant. Without the use of the spectral meth-

ods, the designer would have to examine all nine transi-

tion regions in the decisions; however, the decision met-

ric reduces that number to five areas, with one of signif-

icant importance. The room next to the fire (state (2,3))

showed to be an important area, especially when the de-

cision transitions from “up” to “left”. Designers need to

be careful when allocating this space as a particular room

so not as to block this egress route, or they need to en-

sure that proper smoke ventilation is installed so as not

to affect the pain of the individuals, thus impacting their

decision making. By highlighting the importance of this

room, and the relative insignificance of other rooms (such

as state (1,1)), this metric has been able to show which ar-

eas of the vessel deserve greater focus and which rewards

are likely to cause changes in decision making behavior

for those on board.

Conclusion

A method for enabling decision making insight has been

presented involving applying eigenvalue spectral analy-

sis to the SC-MDP framework. A decision metric for

Markov decision processes was introduced, defined as the

ratio between the largest eigenvalue and the magnitude of

the second largest eigenvalue. This metric was applied in

two new ways: first to identify and quantify changes in

the sets of decisions, and second, to identify the specific

system attributes causing the major changes in decisions.

Use of eigenvalue spectral methods will be beneficial for

ship design and decision making by eliciting new insight

into the design and decision space that may not be pos-

sible using traditional methods. Future work will include

using these results to help guide the design of the vessel.
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Abstract  

Improving passenger safety through implementing human 
cognitive process knowledge into passenger safety regulations 
is a focus of current discussion in passenger ship safety.  
Perception plays important role in human cognitive process 
and ultimately guides people behaviour.  This study investi-
gates how passengers’ perceive safety on board cruise ship 
and traces the connections between passengers’ safety percep-
tion and ship safety regulations. Article takes a novel ap-
proach to safety research and employs network analysis to 
illustrate the connectivity of the two parties and investigates 
sociotechnical environment of passenger ship safety. The 
research reveals that sound and handrails can play a central 
role in passengers’ safety perception, and although many 
regulations are applied to these typical features of passenger 
ships, passengers understand them from a different perspec-
tive. It is therefore suggested that passenger ship safety design 
must begin to consider passenger perceptions to avoid their 
fault interpretations of the environmental elements.  

Keywords 

Safety perception; human-environment interaction; 
passenger ship; ethnography; network analysis 

Introduction 

The cruise ship business has an excellent safety record, 
yet there is room for improvement in understanding 
passenger responses to emergency situations (Lois et al., 
2004). Several attempts at including human behavior in 
passenger safety regulations exist, but the current per-
spective of ship safety scholars is focused on physical 
capacities to ensure efficient evacuation (Kristiansen, 
2013; Vassalos, 2006 and 2009).  This misses the fact 
that such capacity may not be utilized in the emergency 
situation due to the passenger stressed condition. In 
currently passenger safety regulations, the passenger 
safety perception is unnoticed and unincorporated, this 
creates a one-way flow for communication, preparation, 
and accident response. Consequently, improving pas-
senger safety through implementing human cognitive 
process knowledge into passenger safety regulations is a 
focus of current discussion (Akyuz & Celik, 2014; Le 
Coze, 2013; Papanikolau, 2009; Zarboutis & Marmaras, 
2007) and there’s a demand for more multi-disciplinary 
and passenger-oriented approach (IMO, 2003). Accord-

ing to Haavik (2014), passenger safety research should 
provide an understanding of the relational phenomena 
of functions, factors, and causes from a passenger’s 
perspective, rather than define the sociotechnical sys-
tems pragmatically as is done today. The pragmatic 
approach has prevailed because passenger safety has 
traditionally fallen under the umbrella of ships’ tech-
nical compliance with safety standards in construction, 
equipment, and operation. These have little to do with 
how passengers make use of such capacities in emer-
gency situations and technical capacities of a ship to 
ensure passengers safety are something that passengers 
rarely consider whilst on board (Ahola et al., 2014). 
Instead people rely on their perceptions of environ-
ment’s safety.  
 
This study considers positive safety perception so that 
people perceive environmental characteristics of certain 
environment assuring or improving their safe, whereas 
from negative perspective this means that people per-
ceives some environmental characteristics inconven-
ience or reminding about the risk itself. Negative safety 
perception requires an object that produces risk; hence 
safety studies often analyze the causes by observing the 
surrounding environment (Mairal, 2008). According to 
Koskela & Pain (2000), fear influences our experience 
of the environment, as much as the environment influ-
ences our experiences of fear. On that account, human 
safety is often studied in relation to the environment, 
especially in built environments (Koskela & Pain, 2000) 
because, according to the psychophysical research do-
main, the physical design is one of the first initiators of 
the spatial relationship (Mambretti, 2011). Investigation 
safety in certain environment requires a comprehensive 
approach and consideration of the environmental char-
acteristics as a whole. This is because risk is a context 
that brings together objects, facts, events, or any other 
entities that can produce harm, which in turn guides 
human interpretation (Mairal, 2008). In other words, 
people can perceive safety in different ways, including 
through interpreting the other actors in the environment, 
through their own capabilities, or through the risk itself. 
In general terms, safety studies from the human per-
spective aim to identify what causes fear, and if reduc-
ing or eliminating the recognized actors results in peo-
ple perceiving the environment as being safer. 



 
Considering all that has been discussed, it can be con-
cluded that investigating and forecasting safety is diffi-
cult and almost impossible to study in real time. A 
strong research base on forecasting the objective human 
behavior during ship emergency situations does exist, 
but according to our knowledge, little is known how 
safety is considered subjectively in the passenger ship 
environment. Therefore, more refined methodologies 
are needed, which reflect how individual persons might 
interact with the environment in possible accident situa-
tions as human behavior is probably more ‘chaotic’ and 
irregular, in relation to the complexity of the situation 
(Helbing & Molnar, 1995). Indeed, Qiao et al. (2014) 
notes that psychological reactions resulting from stress-
ful situations make people behave irrationally. This may 
cause, for example, the selection of an incorrect escape 
route that deviates from the efficient evacuation process.  
Furthermore, in technical and passenger perspectives on 
safety research, the great numbers of human and non-
human actors involved in the process are identified (see 
e.g. Ahola et al., 2014; Mairal, 2008; Vassalos et al., 
2002). These actors should be investigated with each 
other’s, because the various actors do not work inde-
pendently of each other, but instead work in relation to 
each other and are therefore interdependent. Hence, 
investigating safety as a sociotechnical network seems 
justified: 
 

When we are chasing the cause of a phenomenon, this 
may be done by establishing an understanding of the 
different functions, factors, relations and causes that 

constitute the phenomenon (Haavik, 2014: 39). 
 

Thus to extend understanding of the human perception 
of safety, one possible method could be to illustrate the 
social aspect as a network to analyze the interconnec-
tions of different actors. This kind of approach is seen 
as necessary when aiming to challenge our understand-
ing of the social influence in the safety domain. Fur-
thermore, it is believed that in order to develop passen-
gers’ safety, it should be better understood how their 
perception of the environment influences their decision-
making, and it should be investigated how design can 
have an impact on this. One aspect for investigation 
could be passenger perception, as passengers perceive 
safety through their environment, and behave according 
their expectations (Mischel, 1973). 

Research instrument and analysis 

The ethnographical approach requires the researcher to 
participate directly in the relevant setting, in order to 
collect data systematically and without imposing exter-
nal connotations or influences (Brewer, 2000). The 
researchers’ learning process and engagement with 
everyday activities on board passenger ships was con-
ducted in an authentic environment during two typical 
cruises on board two cruise ships: a two-week cross-
Atlantic cruise with the Vision of the Seas in November 
2011, and a one-week cruise in the Mediterranean with 

MSC Sinfonia in August 2012. Two of the authors par-
ticipated in both cruises, and one participated on the 
first cruise. This allowed all authors to gain a good 
understanding of the events, surroundings, interactions, 
conversations, and use of objects in everyday situations 
on board, which are the requirements for observational 
ethnographic research (Jorgensen, 1989).  
Altogether 17 unstructured interviews and three weeks 
of extensive observations were collected. Relatively 
small sample size is sufficient for qualitative studies 
concerned with meaning and not making generalized 
hypotheses (Mason, 2010). It is even suggested that 
fifteen is the smallest acceptable sample (Guest et al., 
2006) and in interview studies all the new meanings 
emerges after interviewing around 20 people (Green & 
Thorogood, 2004). Furthermore, as the use of multiple 
data collecting methods require fewer participant’s 
(Lee, Woo & Mackenzie, 2002) it is considered that 
sample of the study provides a solid starting point for 
the purpose of mapping previously unknown qualitative 
information, in which one occurrence of the data is 
potentially as useful as many in understanding the pro-
cess behind the topic (Mason, 2010). Consequently, 
instead of having satisfactory sample size for statistical 
generalizations, the qualitative sample must be large 
enough to assure that most or all of the important per-
ceptions are uncovered, whereas too large data may 
become repetitive and superfluous (Mason, 2010). The 
sufficient sample is defined with concept of saturation: 
the point where the collection of new data doesn’t shed 
any further light on the investigated issue (Glaser & 
Strauss, 1967). In our study the data was first collected 
on a two-week cruise, and after transcription of the data 
the collection was complemented in a one-week cruise 
in the following year to reach the saturation. 
 
Unstructured interview method was chosen as it allows 
the interviewee to provide reliable information, as de-
scribed from personal experiences (Bowling, 2014). It is 
argued that an unstructured interview provides more 
valid information than a structured interview when it 
comes to analyzing human experiences (Gorden, 1969). 
The interviews were recorded and transcribed. Partici-
pants of the study with age distribution between 21 – 55 
years are introduced in Table 1. 

Table 1: Participant selected demographics. 
 Gender Nationality 
Cruise 1 F 4 / M 6 FIN 10 
Cruise 2 F 5 / M 2  GER 3 

FIN 2 
AUS 1 
CHI 1 
  

Total F 9 / M 8 4 Nationalities 
   

Also participant observations were conducted during 
various activities that the passengers participated in 
during the cruise. Insights collected from these partici-
pant observations were then used in addition to those 



from the interviews. Participant observation sessions 
varied from guided programs to unstructured activities. 
Researchers joined different activities at various times 
to observe if insights gained from the interviews were 
taking place, and to see if these occurred generally for 
the passenger ship community. As the safety perception 
of the passengers was difficult to obtain through pure 
observation, researchers concentrated on features that 
emerged during the interviews, and sought opportunities 
to converse with the observed person or small group 
about safety matters in the various situations. The ob-
servations were recorded with notes, voice recordings, 
and photographs. 

Data analysis 

Actor-network theory (ANT) was roughly followed to 
trace what is social and how it emerges as an interaction 
between actors, which is in line with the core focus of 
the theory (Latour, 2005). Latour continues that alt-
hough the word theory appears in the name Actor-
network theory, what is actually at hand is a method.  
According to Mol (2010) ANT is about gaining a sense 
of what is going on, what deserves concern, or simply 
attention. Furthermore, the assumption that human and 
non-human actors will emerge and have impact on pas-
senger safety perception supports the use of ANT, as it 
is a tool used to make sense of the relationships and 
materiality of the world including nonhumans in socio-
logical analysis (Law, 2009). According to ANT, social 
relationships and interactions cannot be separated from 
each other because actors or interactions that are purely 
social do not exist, and networks are built from diverse 
actors including humans, money, and machines (Latour, 
2005).  

ANT is not used to investigate the reasoning on which 
networks are formed, but rather to explain how net-
works emerge, stay together, and break apart, over time 
and space (Latour, 1993). In line with the methodologi-
cal prescriptions of ANT, analysis remained open for 
emerging connections and networks to be identified 
over the process of the transcript data and observation 
note analysis, until the most active and most often men-
tioned actors became crystallized. After actor networks 
from the passenger perspective were identified, similar 
approach was applied to find equivalent actors from 
SOLAS.  

Next a novel approach was used to compare the per-
ceived actors from the passengers’ perspectives, and the 
equivalent or connected actors identified from the Inter-
national Convention for the Safety of Life at Sea (SO-
LAS) safety regulations. Emerging actors were visual-
ized as merged network illustrations, to analyze the 
interconnectivity between different actors and perspec-
tives: simply drawing lines in between the identified 
actors as their interconnections emerged from the data 
collection. Visualizing networks in this way provides 
clear explanation of how things are related (Tufte & 
Weise Moeller, 1997). This enabled to highlight the 
actors that are active nodes in a network from the visu-
alizations. It is considered that visual illustrations com-
plement verbal descriptions and provide further depth to 

the hierarchical significance of the network, as it is 
difficult to explain the composition of a network simply 
using words. Furthermore, the visualizations support the 
descriptive rather than explanatory nature of ANT 
(Latour, 2005). 

Results 

We present two examples of safety networks that 
emerged in the passenger ship setting and how to ana-
lyze the emerging actor-networks. Using ANT as a 
background framework enables to go beyond traditional 
thematic coding and identification of individual actors, 
and instead visualize how actor-networks emerge, how 
individual actors are connected, and therefore trace the 
social constitution of the networks. Customary to ANT 
is that networks are always changing (Latour, 2005), 
therefore the following visualizations capture one aspect 
(passenger safety) of the network and show how this is 
achieved, through two different organizations and com-
positions of networks. The examples help the reader 
understand how safety is a result of different assem-
blages of actors from the passengers’ perspective, and 
what the relationship of these identified actors is with 
ship safety regulations. Thus, interpretation of the net-
work can begin from any actor in the network, and net-
works even enable a multi-directional ‘back and forth’ 
interpretation of network structure and relationships. 
Thus the location or distance between individual actors 
in the following illustrations doesn’t have any specific 
meaning and the basis of the positioning of the illustra-
tions is that of clear visualization. 

Sound network 

Figure 1 illustrates our first example of a passenger ship 
safety actor-network, based on the recognized actor of 
‘sound’. Sound or sound related actors were one of the 
most frequently mentioned actors (92 citations in total) 
when participants’ described their perception of safety: 
‘being able to sense [hearing, eyesight, and smell]’. 
Sound is therefore present in the actor-networks as an 
active node that connects many other actors. In general 
the sound actor plays a pivotal role in informing pas-
sengers of different matters and is therefore critical in 
communication between activities on ship, the ship 
itself, and other passengers. For example it was said that 
‘announcements assist my safety feeling and I prefer 
having a lot of information [sic]’. Also, just constantly 
hearing and feeling the ships engines operating provides 
passengers a sense that all technical matters with the 
ship are acceptable, and conversely when the engines 
are no longer felt then a sense of emergency initiates.  
Sounds are an important safety perception to passen-
gers. As one interviewee concluded with ‘information 
should be given in away, so you absolutely know what 
to do in case of emergency [sic]’. 

The relationship and sequence of events involving ac-
tors engaged in the ‘sound’ network from the perspec-
tive of safety regulations is that SOLAS provide policy 
is simply specifying how crew should act in the event of 
a hazardous situation, and by what means the alarm 
should be given (see IMO, 2003; 2004). The hazard 



itself plays the role of a ‘black box’ in the network: 
when closed it is included as a potential actor (risk); in 
the event of an incident, the box is ‘opened’, the actors 
connected to it become active, and the network alters to 
account for these newly emerged actors (i.e. a hazardous 
incident is required for the alarm to be sounded). When 
the alarm sounds passengers become aware of it via 
their senses, mainly sound. It is via the alarm network 
that a signal (originating from safety regulations) is 
conveyed from the crew, capturing passengers’ attention 
for further instructions. The crew gives these instruc-
tions via announcements. However, there is no discus-
sion of offering advice for example when engine or 
propulsion systems change conditions, whereas that is 
critical to passengers.   

When sound is considered from the perspective of the 
passenger, the actor-network reveals that sound com-
municates more than just alarms and announcements. 
The ‘announcement’ actor emerged as interviewees 
reported how language and tone of voice used in the 
announcement affects their perception. Announcements 
given in multiple languages confused passengers and 
they could rarely focus until the information was given 
in their own language. This was most relevant when a 
passenger’s native language was not the main language 
of the population, as the order of announcements made 
in different languages is relative to the population size 
speaking each language. Passengers thus often missed 
information, which had a negative affect on safety per-
ception. On the other hand, the use of multiple lan-
guages positively affected safety perception because it 
gave the sensation of being able to communicate in their 
native language on board. For example, ‘the trained and 
friendly crew has also a excellent language skills [sic]’. 
The tone of voice of the announcer revealed to the pas-
senger if the announcement was, for example, an adver-
tisement, general information, or something more seri-
ous, like guidance. It was inferred that if an announce-
ment were made in an emergency situation, passengers 
would attempt to recognize the seriousness of the situa-
tion through the tone of voice of the announcer. For 
example, one interviewee described the feeling as a 
‘general sense of calm – no one is panicking’ when 
listening to a non-emergency announcement.  

It was revealed that sound also conveyed information to 
the passengers about the ship itself. The sound of the 
engine running calmed passengers by indicating that the 
engine or elevator was working correctly. Sounds made 
by shoes, heard throughout the ship, communicate the 
kind of movement being made (e.g. nervous or calm), as 
well as the location of other passengers. Interviewees 
also expressed that hearing the hum of voices made 
them feel safer than total silence. Sound provided in-
formation about the outside world, and safety was per-
ceived via sounds that indicated the state of the weather. 
Sounds that indicated a storm, for example, could alert 
passengers to dangers associated with the weather, and 
weather was the only actor that caused clear fear among 
participants. Participants displayed a desire for more 
information about weather conditions, perhaps to in-
crease their perception of safety. One interviewee de-

clared ‘they should inform people if it will be very 
windy and the sea will be rough’. Additionally, ‘weath-
er’ is linked to the ‘ship’ and ‘hazard’ actors; since 
weather can be the origin of sounds heard on the ship 
(e.g. ship moving through large waves and rain hitting 
windows), and weather may cause a hazard. 

 

 
Fig. 1: Illustration shows how the ‘sound’ network 

emerges from the safety regulation perspective 
when read from left to right, and how it emerg-
es from the participants’ perspective from right 

to left. Black circles represent actors that ap-
pear in the safety regulations, dark grey circles 
represent actors covered in both perspectives, 
and light grey circles emerged only in the par-
ticipants’ safety perspective. The red circle in-

dicates a hazard (black box) that alters the 
network if activated. 

Handrail network 

Figure 2 illustrates our passenger ship safety actor-
network based on the second actor identified in this 
study, the ‘handrail’. From SOLAS safety regulations it 
was found that the regulative perspective is fairly tech-
nical, and outlines rules for the placement, type, materi-
al, and attachment of handrails on passenger ships 
(IMO, 2004). When the handrails conform to these 
regulations, the belief is that passengers have a safe 
capacity to get around. Participants of the study also 
perceived the handrail actor to be crucial for passenger 
safety.  Since SOLAS also provides regulations for 
handrails, the handrail actor was found to be an active 
node of many networks from both perspectives, and the 
actor-network was composed around this actor. 

Handrail was the most cited single safety actor among 
the interviewees and it was mentioned 25 times in total, 
whereas it was revealed that handrail related actors were 
mentioned 51 times in total (see detailed coding frame-
work from Ahola et al., 2014). As an actor in the safety 
perception network, the handrail emerged mainly in 
terms of support and barriers. For example one inter-
viewee noted ‘you are able to hold yourself by rails 
[sic]’ when describing their perceived safety on board. 
Passengers perceived safety through the placement and 
appearance of the handrails: if their placement is per-
ceived to prevent people from falling, or if the construc-
tion or attachment of the handrail is perceived reliable, 
it has a positive impact on safety perception. Many 



times participants indicated that some handrails, espe-
cially on outside decks, looked too low to prevent fall-
ing, and the attachment too weak to really support them.  
Given these perceptions, the passengers will not make 
use of the capacity designed into handrails when meet-
ing the SOLAS regulations.  Thus the regulation is es-
sentially defected by passengers not using them.   

Handrail material was considered an essential actor of 
the network, and it was interesting to find that the hand-
rail is essential from emotional and decorative perspec-
tives also. Interviewees indicated that the use of wood in 
handrails affects positively on safety perception because 
they were able to identify the material, and were famil-
iar with its strong characteristics, which aroused feel-
ings of trust. The passengers felt that ‘real material, like 
wood, is easier to trust’. Incombustible materials are 
mainly used inside passenger ships due to the flamma-
ble nature of wood (IMO, 2004), and handrails are often 
made from materials that only imitate wood. This con-
fused participants and they felt that ‘the colors of the 
surfaces should not be misleading’. As incombustible 
materials are often synthetic, participants were confused 
when the appearance of the handrails conflicted with 
how they felt to the touch, and this aroused mistrust. 
Natural materials were perceived to be of a higher quali-
ty, and therefore increased positive safety perception. 
Furthermore, the large-scale use of fragile materials 
concerned passengers. For example, decorative glass 
constructions on the promenade were not perceived to 
have proper support and distressed participants; one 
interviewee noted that ‘huge glass constructions on the 
promenade are scary’. 

The handrail is a customary decorative element of the 
passenger ship environment, which passengers recog-
nized as distinguishable from other environments. Study 
revealed that passengers are familiar with handrails 
being present in safety critical environments, thus their 
presence on passenger ships has a positive impact on 
safety perception. In addition, the use of familiar deco-
rative elements from the home environment such as 
materials (wood) and colour schemes (natural) increased 
the perception of safety when applied to handrails and 
also to ship environment in general.  

 
Fig. 2: Illustration shows how the ‘handrail’ network 

emerging from the safety regulation perspective 
when read from left to right, and from the par-
ticipants’ perspective from right to left. Black 

circles represent actors that appear in the safe-
ty regulations, dark grey circles represent ac-

tors that are covered in both perspectives, and 
light grey circles emerged only in the partici-

pants’ safety perspective. 

Discussion 

Analysis of the actor-networks shows that similar actors 
exist in the regulative and passengers’ perception of 
passenger ship safety, and a clear linkage can be traced 
between the two perspectives. However, our analysis 
also reveals that these two points of view differ. First, 
safety regulations proactively ensure that passengers are 
informed about possible danger, the crew operates ac-
cording to situational requirements, and the ship is de-
signed to handle a flow of people towards designated 
places (e.g. evacuation points, muster stations). Howev-
er at the same time, people regard their safety as situa-
tional and don’t pay much attention to it beforehand. 
This may be caused by the motivation towards safety, as 
passengers are on board mainly to enjoy their holidays, 
and possible accidents seem distant (Ahola et al., 2014). 
This differs to regulations, which are established with 
possible accidents in mind. Second, passenger and safe-
ty regulation perspectives differ because passengers 
perceive their environment mainly through actors cus-
tomary to the shipscape (e.g. decoration, community, 
and background noise) (Kwortnik, 2008), but which are 
not discussed in safety regulations due to the functional 
focus of regulations. Third, people rely heavily on in-
stinct and what they have learned previously when in-
terpreting their environment (Kyttä et al., 2011; Still & 
Dark, 2013), a process in which emotions and senses 
play an important role. Indeed, according to Picard 
(2003), it is impossible for a person to have a thought or 
perform an action without engaging, at least uncon-
sciously, his or her emotional systems. Whereas passen-
gers are many times unfamiliar with safety appliances 
and procedures, which may cause uncertainty. 

Although the passenger and safety regulation perspec-
tives do differ, it must be noted that the identified actors 
appear in the network because they share a common aim 
– passenger safety. This makes us believe that subjec-
tive safety could have an impact also on objective safe-
ty, i.e. passengers perceive and interpret their environ-
ment designated way. For example, state that any inter-
face that ignores a user’s emotional state, or fails to 
elicit the appropriate emotional response, can dramati-
cally hinder performance, and risks being perceived as 
untrustworthy and ineffective (Brave & Nass, 2002). 
Thus, evacuees might avoid the shortest way to the 
muster station if emergency exits fail to arouse their 
trust of the right direction.  

This research reveals that sound, handrail, and the 
promenade can play a central role in passenger safety 
perception, and many safety regulations are applied to 
these typical features of passenger ships. For example, 
sound is noted to be a significant form of communica-
tion in both perspectives: sound enables the crew to 
communicate with passengers through alarms and an-
nouncements, which are regulated in SOLAS. On the 
other hand, our research revealed that although passen-



gers consider sound important for their safety percep-
tion, sound communication via announcements and 
alarms doesn’t have a focal point in their safety percep-
tion during normal situations. Instead, safety perception 
perceived through sound is mostly via sounds carried by 
the weather, passenger community, and the ship itself. 
Consequently, people interpret the current situation 
through different sounds and tones: e.g. the announcer’s 
tone affects people’s perception and people perceive the 
situation as more safe if they are able to hear the pres-
ence of the other passengers. Therefore, sounds from the 
passenger community may also play an instructive role 
in emergency situation. This corresponds to findings 
that different situations are experienced through the 
joint effect of many senses (Hirschman & Holbrook, 
1982). Furthermore, our result adds to Vanem & 
Skjong’s (2006) discussion about on board safety pro-
cedures, in terms of human responses to alarms and 
many other proposed evacuation models (e.g. Caldeira-
Saraiva et al., 2004). 

SOLAS regulations concerning handrails refer to the 
positioning and placement of them on board, in order to 
support people and prevent them from falling. The prac-
tical importance of handrails has also been noted by 
safety scholars (e.g. Ahola et al. 2014, Lee et al., 2003), 
yet our participants perceived handrails emotionally; in 
terms of whether they aroused feelings of trust or mis-
trust. This was mainly because they felt the handrail’s 
appearance was misleading; construction of the hand-
rails was perceived as inadequate, and the material per-
ceived to be wood was actually a wood imitation film. 
These perceptions affected the passenger’s overall trust 
with safety and they questioned if things were actually 
as they seemed. Therefore it is important to consider 
how handrail material and appearance affect human 
perception and further behavior. In general people readi-
ly trusted familiar things; they felt they were able to 
trust materials or construction that they recognized as 
familiar. Furthermore, the familiar objects in the envi-
ronment increased a feeling of coziness, which respec-
tively increased their positive safety perception.  

Thus it can be concluded in line with Mairal (2008) that 
negative safety perception is a result of uncertainty of 
upcoming happenings (i.e. their interpretation of actors, 
for example upset tone in announcement, unfamiliarity 
of actors or blocked view), and positive safety percep-
tion results from the ability to trust their surveillance of 
the causes of possible risk, either by themselves or with 
a help of other actors.   

Conclusion 

The first aim of the paper was to study how passengers 
perceive safety on board passenger ship, as research 
interest on the topic is scant although perception directly 
guides human decision-making and behavior. In addi-
tion, it is shown in Ahola et al. (2014) that passengers 
‘perceive safety on board through actors that are 
acknowledged both in passengers’ safety perception and 
in passenger ship safety regulations.  Thus, the second 
aim was to visualize the relation of passenger safety 

perceptions to current safety regulations. Indeed with a 
novel approach of employing Actor-network theory as a 
background framework in safety research enabled to 
visualize and communicate the connections of different 
actors in the network involving the safety of passenger 
ships. By reassembling the social aspect (Latour, 2005), 
our findings provide a valuable guidance for future 
passenger ship safety research and show intermediate 
results how non-human actors (e.g. handrail) can affect 
such a social phenomenon as safety perception. To our 
knowledge the approach of this study creates basis for a 
new research direction where safety is investigated as a 
constantly moving and emerging social construction of 
networks. 

Building on the research of Ahola et al (2014) the cur-
rent research reveals that although these viewpoints are 
different, they share the same actors and can therefore 
be connected. The results indicate that the difference in 
viewpoints is that the technical viewpoint is more antic-
ipatory and functional in nature, while passengers estab-
lish their perceptions in an instance, and are strongly 
based on feeling.  

The use of ANT proves the existence of the connection 
and provides better understanding of the connection 
between these actors. Following the principles of ANT, 
a connection between two actors means that both of 
these actors belong to the same network, and belonging 
to the same network means that both actors support the 
same overall network aim (Latour, 2005); in this case, 
passenger safety. Consequently, in this research it is 
revealed what people are connecting to their perception 
of safety, and what is the relationship between the 
emerged actors. In addition, results and current safety 
regulations are reflected upon to see if those actors 
recognized from the passenger perspective should gain 
more attention or be approached from different point of 
view. Because between technically oriented regulations 
and social influences, possible misunderstandings can 
arise that should be considered in the ship safety design. 
Therefore, if a designer wants to deeply understand 
what kind of influence design decisions have, he or she 
should understand all the characteristics of the handrail 
(actor) in order to understand how these characteristics 
are first, perceived by the user, and second, how the 
characteristics should be communicated through design.  
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Abstract  

This paper describes an application of the Sandwich Plate 
System (SPS) technology to the design of the impact protection 
deck for the well bay deck area for a Tension Leg Platform 
(TLP) structure. The main features, which give superior punc-
ture resistance over stiffened steel plates, are presented. It 
also includes a description of design parameters, deck panel 
geometry, impact protection deck design philosophy, ductile 
deformable structural features for impact, finite element mod-
eling and verification using two commercially available ex-
plicit finite element codes (LS-DYNA, ABAQUS). Only the 
structural response to accidental loads is described. Impacts 
with rigid and deformable objects were simulated to capture 
the behavior of the deck panels and interrelationship of the 
energy-dissipating components of the deck system.  
 
The SPS impact protection deck panels satisfy all the defined 
operational, structural and safety demands for this critical 
well bay deck area. The work advances the state-of-the-art 
understanding of the design and behavior of impact resistant 
deck systems.  

Keywords 

Impact; Protection; Deck; Offshore; Structure; Sand-
wich; Plate. 

Introduction 

The main deck well bay region, shown in Fig. 1, is a 
safety critical area of the Malikai TLP. It was originally 
designed to absorb 324 kJ of impact energy from a 
dropped object in addition to resisting the operational 
loads. The main deck consists of 10 mm thick steel deck 
plate and supporting beams and has 24 hatch covers to 
provide access to the well heads below. 
 
Following a detailed dropped object risk assessment, the 
maximum specified energy absorption capability was 
increased to 765 kJ which is associated with a 3 Metric 
Tons (MT) deformable basket dropped during the high-
line transfer operation from drilling support vessel at a 
height of 26 m above the deck. 
 

 
Fig. 1: Plan View of Existing Supporting Structure 

Other critical cases include two types of rigid drill risers 
weighing 2.7 MT and 2.3 MT, dropped from a height of 
17 m above the deck, with impact with energies of 
450 kJ and 384 kJ. This paper describes the design and 
performance of a prefabricated intermediate deck sys-
tem that works in tandem with the existing deck to pro-
vide the impact protection for redefined dropped object 
loads. The design challenges related to the deck protec-
tion were: 
 

 to provide the strength and stiffness for the large 
concentrated loads associated with the 55 MT 
Guideline Winch Skid (GWS) and 100 MT Blow-
out Preventer (BOP) operational loads while 
providing a ductile and deformable system that can 
withstand the impact loads without penetration;  



 

 

 to provide a structural system that can accommo-
date the required accessibility to well heads and 
other drilling equipment (jumper cables, pumps, 
cooling systems) below deck; 

 to provide a structural system that would remain 
functional for operation conditions under moderate 
accidental impacts and is readily replaceable for 
the design of accidental impact event so that it has 
the least impact on continued operations. 

SPS Impact Protection Deck 

An SPS Impact Protection deck has been installed above 
the main deck to protect the well bay region from falling 
objects. The protection deck consists of three types of 
interchangeable prefabricated modular panels: 
SPS 6-25-6 hatch covers (SPSHC), SPS 8-19-8 trans-
verse deck panels (SPSTR) and SPS 6-25-6 edge deck 
panels (SPSED), as illustrated in Fig. 2 and identified in 
Fig.4. SPSHC are located directly above the well bay 
hatch covers in the main deck. These provide access to 
the hatch covers and well heads below. SPSTR and 
SPSED are fixed to the deck and box in the SPSHC 
deck panels to provide restraint from lateral movement. 
 

 
Fig. 2: Plan View of SPS Impact Protection Deck 

 
The designation SPS 6-25-6 identifies the component 
thicknesses of the sandwich plate; two 6 mm thick steel 
faceplates which are bonded to a 25 mm thick polyure-
thane elastomer core. A similar interpretation of the 

numbers can be made for a SPS 8-19-8 designation. The 
structural polyurethane core stabilizes the plates, pro-
vides full shear connection between the faceplates and 
enhances the local puncture resistance. The SPS plates 
are structurally connected by welds to a perforated cold 
formed channel steel frame. The frame has been de-
signed to collapse in a prescribed manner to maximize 
energy absorption and limit force transfer to the main 
deck. The tapered ends of the channels at the corners 
eliminated hard spots associated with the intersections 
of two or more panels and provided a ductile plastically 
deforming cantilever plate corner. The SPS Impact 
Protection deck is designed to operate in concert with 
the main deck to convert the kinetic energy of the 
dropped object into elastic and plastic strain energy 
without rupture. 

Design Criteria 

The SPS Impact Protection deck, existing main deck 
and supporting framing are to remain elastic when sub-
ject to these operational loads. The limiting performance 
criteria for accidental impact loads from dropped ob-
jects are no rupture of the main deck and no interference 
with services below. The structural performance was 
determined using industry standard methodologies and 
numerical simulation programs (ANSYS and LS-
DYNA). The results of the analysis were used to con-
firm that the design criterion was satisfied.  

Load Cases 

The dropped objects are shown in Fig. 3. Multiple load 
cases (LC) for each dropped object were considered to 
account for the impact target location and orientation of 
the object. 
 

   
Fig. 3: Drop Objects: Basket and Riser Joint 

Five impact locations (I1 to I5), described in Table 1 
and illustrated in Fig. 4 were considered. The following 
object impact orientations were considered: full contact 
of the basket along its base (basket flat, BF), basket 
edge (BE) or on the basket corner (BC). The riser joint 
may impact the deck with a vertical orientation (RV) or 
an incline orientation (RI) at 45°. Based on the probable 
combinations of location and orientation, a total of 24 
impact design load cases were evaluated. 
  



 

 

Table 1: Dropped Object Impact Locations 

Location Description 
I1 centre of SPSHC 
I2 between two SPSHC 
I3 junction of two SPSHC and SPSTR 
I4 junction of two SPSHC and two SPSTR 
I5 centre of SPSTR 

 
 

 
Fig. 4: SPS Impact Protection Deck / Impact Locations 

Finite Element Model and Material Properties 

The LS-DYNA FE model used for the dynamic re-
sponse assessments of the SPS impact resistance panels 
and the main deck supporting structure is shown in 
Fig. 5. Translational boundary conditions, ux = uy = uz = 
0 were applied at the supports underneath both PG01 
supporting beams (in red). The main deck model in the 
well bay area between gridlines GL 3 and GL 4, and 
gridlines GL B and GL D consists 10 mm thick steel 
main deck, supporting frames, removable well bay 
hatch covers and supporting hatch cover frame as shown 
in Fig. 6. The subsection of the SPS protection deck 
required for this analysis is shown in Fig. 4 and extends 
the entire width between GL 3 and GL 4 and the north-
south direction has 3 rows of transverse panels.  
 
A generic true stress-strain curve for the component 
made of steel (plates, beams, cold formed channels) is 
based on the recommendations described in the DNV-
RP-C208 (2013) document subject to some minor modi-
fications. There is a unique stress strain curve for each 
steel grade.  
 
Tensile failure is simulated in an FE analysis by delet-
ing elements in the mesh when the equivalent plastic 
strain for all four integration points within the element 
reach a predefined failure strain. The failure strain is 
based on a study conducted by Lehmann et al. (2001) 
for Germanischer Lloyd as a function of element size 
and thickness. There is a unique failure strain for each 
combination of plate thickness and element length. 
 
The true stress-strain curve for the polyurethane core is 
given in Fig. 7. The modulus of elasticity and Poisson 
ratio were taken as 790 MPa and 0.36. 
 
 

 
Fig. 5: LS-DYNA FE Model 

 
Fig. 6: Main Deck and Supporting Structure 

 
Fig. 7: True Stress-Strain Curve for Elastomer 

Impact Analyses 

A total of 24 different impact loads cases were analysed 
using LS-DYNA for the specified impact loads to con-
firm that the SPS impact resistant deck meets the prime 
design objectives.  
 
The data generated from the analysis is presented in the 
form of energy, displacements, velocity, deflections and 
plastic strains versus time or at a particular time interval 
after the initial point of impact, where t = 0 s. The initial 
input condition given to the dropped object is the calcu-
lated velocity at the point of impact with the dropped 
object located 5 mm above the impact surface. The 
maximum total internal energy (elastic and plastic strain 
energy) is reached when the impact objects initial verti-
cal velocity goes to zero which generally occurs within 
0.040 seconds, after which the impact object rebounds 
(bounces). At this time the SPS panels and main deck 
are also in motion, either rebounding moving up or 
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continuing to displace downward as a result of transfer 
of momentum from the impact. The total time analyzed 
for each impact event is 0.1 seconds which corresponds 
to the time when most elements have rebounded. The 
impacting object is still in motion but with a small frac-
tion of the original potential energy (less than 10%) and 
is of no consequence. 
 
A detailed discussion of three impact load cases I1-BE, 
I2-BC and I3-RV is presented as these characterize the 
behaviour of the SPS protection deck system and 
demonstrates compliance with the design criterion. 

Load Case: I1 – BE (centre hatch cover, basket edge) 

The following four key points in the dynamic response 
of the combined system will be used for the interpreta-
tion and understanding of the interdependency between 
impact object displacement/velocity, deformation of the 
impacted structure, reaction of the main deck, momen-
tum and the energy dissipation of the system with re-
spect to time. Each of these points is identified on the 
figure where applicable. 
 
a. maximum velocity of the impacted SPS deck 

structure, t = 0.010 s 
b. contact of the SPS plate with the main deck, 

t = 0.016 s 
c. zero velocity of the dropped object, t = 0.028 s 
d. maximum internal energy of the main deck, 

t = 0.044 s 
 

The impact object’s (basket) position with respect to the 
impact point and velocity with respect to time for dif-
ferent positions of the basket are shown in Figs. 8~9. 
 
The initial position and velocity are 0.0 mm and 
22.6 m/s. Negative values indicated a downward direc-
tion. The basket displaces linearly with the impacted 
SPS plate with a constant deceleration of ~650 m/s2 
(66 g, where g = 9.806 m/s2) up to the point where the 
bottom SPS faceplate makes contact (collides) with the 
main deck at t = 0.016 s, point b. At this point there is 
momentum transfer to the main deck, an increase in 
stiffness of the entire system and an increase in deceler-
ation of the basket to a maximum ~1040 m/s2 (106 g). 
The maximum downward position of the basket of 311 
mm occurs when its velocity is zero, point c. This coin-
cides with the maximum internal energy for both the 
SPS plate and basket, Fig. 11; and the maximum kinetic 
energy of the main deck as shown in Fig. 12. The basket 
and SPS deck system are rebounding and at 
t = ~0.044 s, point d, the basket separates from the SPS 
plate. This corresponds with the maximum displacement 
and internal energy of the main deck. 
 
The total energy curve is illustrated in Fig. 10. Each 
curve gives the total energy for the specified structure 
and is the sum of the kinetic energy (KE) and the inter-
nal energy. The maximum energy dissipated by friction 
between contacting parts is 20 kJ. The total energy for 
the entire system is also given to demonstrate that the 

conservation of energy was maintained throughout the 
impact event. As stated previously values greater than 
the original energy of 765 kJ are associated with mass 
scaling factor of ~1% (non-physical mass used to 
achieve a larger explicit time step, reduced run time). 
Any other variations are related to errors in the applica-
tion LS-DYNA which utilizes explicit predictive algo-
rithms (extrapolations). Errors within the range of ± 5% 
are considered acceptable. 
 
A summary of the maximum kinetic and internal ener-
gies are illustrated in Figs. 11~12. The corresponding 
times of occurrence for the basket and for each compo-
nent structure are given in Table 3. SPS plate and frame 
are the subparts for the impacted panel. SPS blocks are 
all the other non-impacted SPS panels. The maximum 
internal energy is the sum of the elastic and plastic 
strain energy. The elastic strain energy is equal to the 
difference between the total internal energy and the 
residual steady state total (plastic strain energy captured 
in the structure). The elastic recovery can be expressed 
as a percentage which is equal to the ratio of the elastic 
strain energy to the total multiplied by 100. These val-
ues give an appreciation of the plastic work done by 
each structure and the amount of plastic deformation. 
The elastic recovery for the basket is, 5%, the SPS plate 
and frame are similar at ~20%, and the main deck is 
~70%. Fig. 13 shows close up views of the impact for a 
series of key points.  
 

 
Fig. 8: Basket Velocity vs. Time, LC I1-BE 

 
Fig. 9: Basket Position vs. Time, LC I1-BE 

  



 

 

Table 3: Kinetic / Internal Energy Summary, LC I1-BE 

Structure KEMax, 
kJ 

Internal Energy, kJ Elastic 
Recovery Max. Plastic  

SPS plate 149 404 323 20% 
SPS frame 18 51 38 26% 
SPS blocks 78 46   
Main Deck 86 193 55 71% 
Basket  114 108 5% 
 

 
Fig. 10: Total Energy, LC I1-BE 

 
 Fig. 11: Kinetic Energy, LC I1-BE 

 
Fig. 12: Internal Energy, LC I1-BE 

  
Fig. 13: Close Up View of Impact, LC I1-BE 

 

Load Case: I2 – BC (between two hatch covers, basket 
corner) 

The following six key points in the dynamic response of 
the combined system provide an understanding of the 
interdependency between impact object displace-
ment/velocity, deformation of the impacted structure, 
reaction of the main deck, momentum and the energy 
dissipation of the system with respect to time: 
 
a. initial rupture of the bottom steel faceplate of the 

SPS plate directly under the corner of the basket, 
t ≈ 0.01s 

b. rupture of the top steel faceplate of the SPS plate 
directly under the corner of the basket, t ≈ 0.012s  

c. maximum kinetic energy (velocity) of the impacted 
SPS structure; contact of the deformed basket cor-
ner with the main deck, t ≈ 0.020s 

d. maximum internal energy of the impacted SPS 
structure, t ≈ 0.030s 

e. zero velocity of the dropped object; maximum 
kinetic energy of the main deck, t ≈ 0.037s 

f. maximum internal energy of the main deck, 
t ≈ 0.056s 

g. basket no longer in contact with the structure 
(bounced free), t ≈ 0.078s 

 
All points are identified on the total, kinetic and internal 
energy graphs in Figs. 14~16. A summary of the kinetic 
and internal energy is given in Table 4. Fig. 17 shows 
close up views of the impact for two of the key points. 
 
Although the SPS deck plate was penetrated locally by 
the corner of the basket, it was instrumental in plastical-
ly deforming the corner of the basket and to decreasing 
its velocity from 22.6 m/s to 11.5 m/s and its kinetic 
energy from 765 kJ to ~265 kJ at the point which it 
makes contact with the main deck. With further dis-
placement of the basket the SPS structure absorbed a 
further 60 kJ of energy. At the point of impact, there is 
momentum transfer to the main deck. It should be noted 
that the main deck was designed for a 324 kJ impact 
load. This load case also demonstrates the built in col-
lapse mechanism for the channel frame (soft link) work 
effectively in reducing the possibility of a hard spot and 
in absorbing a 115 kJ of energy. 
 
This analysis demonstrated that the main deck, although 
plastically deformed, did not rupture. The design crite-
rion has been met. The SPS protection deck is consid-
ered satisfactory.  
 
Table 4: Kinetic / Internal Energy Summary, LC I2-BC 

Structure KEMax, 
kJ 

Internal Energy, kJ Elastic 
Recovery Max. Plastic  

SPS plate 50 300 260 13% 
SPS frame 10 117 115 1.7% 
SPS blocks 30 70   
Main Deck 45 125 60 52% 
Basket  155 153 1.3% 
 

t = 0.010 s t = 0.028 s 



 

 

 
Fig. 14: Total Energy, LC I2-BC 

 
Fig. 15: Kinetic Energy, LC I2-BC 

 
Fig. 16: Internal Energy, LC I2-BC 

Fig. 17: Close Up View of Impact, LC I2-BC 

Load Case: I3 – RV (junction of two hatch covers and 
transverse panel; riser vertical orientation) 

This impact analysis example is included as it clearly 
demonstrates the need and effectiveness of incorporat-
ing soft links into the impacted SPS structure to absorb 
as much energy as possible through plastic deformation 

for rigid object impact loads and / or for impacts over 
hard spots in the main deck. 
 
The following five key points in the dynamic response 
of the combined system provide an understanding of the 
interdependency between impact object displace-
ment/velocity, deformation of the impacted structure, 
reaction of the main deck, momentum and the energy 
absorption of the system with respect to time: 
 
a. buckling / shear rupture of the two web elements in 

the channel frame of the transverse panel directly 
under the impact load, t = ~0.006s 

b. buckling of the next two adjacent web elements; 
maximum kinetic energy and maximum internal 
energy of the impacted SPS structure, t = 0.012s 

c. zero velocity of the dropped object; maximum 
kinetic energy of the main deck, t = ~0.017s 

d. maximum internal energy of the main deck, 
t = ~0.02s 

e. riser joint no longer in contact with the structure 
(bounced free), t = 0.048s 

 
These points are identified on the total, kinetic and in-
ternal energy in Figs. 18~20. Figs. 21~22 illustrate the 
functionality of the soft link design features under im-
pact load which include (i) tapered channels at the cor-
ners of the hatch cover and transverse panels and (ii) the 
channels with web openings and web elements with 
known buckling capacity. A summary of the kinetic and 
internal energy is given in Table 5.  
 

 
Fig. 18: Total Energy, LC I3-RV 

 
Fig. 19: Kinetic Energy, LC I3-RV 

t = 0.012 s t = 0.037 s 



 

 

 
Fig. 20: Internal Energy, LC I3-RV 

Table 5: Kinetic / Internal Energy Summary, LC I3-RV 

Structure KEMax, 
kJ 

Internal Energy, kJ Elastic 
Recovery Max. Plastic  

SPS plate 21 90 70 22% 
SPS frame 7 145 145 0% 
SPS blocks 37 28   
Main Deck 50 135 80 41% 
Riser Joint  16 1 94% 
 
The combined structural system (SPS and main deck) 
moves and dissipates energy in unison from the point of 
impact until the impact object comes to rest as illustrat-
ed by kinetic and internal energy curves. The channel 
web elements directly under the impact load permit 
progressive collapse of the channel web along its length 
to slow the riser joint and limit the momentum transfer 
into the main deck. This is clearly illustrated by the 
relatively flat kinetic energy curve of the SPS deck and 
the relatively small maximum kinetic energy values for 
the SPS deck (25 kJ) and main deck (50 kJ). During the 
first 0.012s the riser joint velocity decreased from 
17.2 m/s to ~6m/s. The collapse of the channel web 
causes the SPS plate spanning across the crumpled 
channel web along the length of the channel to develop 
membrane action. As the channel progressively collaps-
es the field of membrane action expands and the amount 
of plastic strain energy absorbed by the plate is maxim-
ized. This is coupled with the deformation of the soft 
tapered end of the channels for two adjacent hatch cover 
panels. As these deflect in cantilever action the SPS 
acting as an extensive wide flange to the channels de-
velops its full yield capacity in flexure. The total inter-
nal energy for the SPS plate and channels reach a max-
imum at this point and are equal to 90 kJ and 145 kJ, 
respectively. 
 
The maximum internal energy for the main deck of 
~135 kJ is reached at 0.02s shortly after the impact 
object has reached its maximum downward position 
(now rebounding). This value is less than design impact 
resistance of 324 kJ. The main deck structure was not 
ruptured and has relatively small residual deformations 
or permanent set after this impact event. The design 
criterion has been met and the SPS protection deck is 
considered satisfactory. 
 

 
Fig. 21: Close Up View of Impact, LC I3-RV 

 

 
 
(a) buckled and 
sheared web ele-
ments, t = 0.006 s 

 

 
(b) progressive col-
lapse of web ele-
ments, t = 0.012 s 

Fig. 22: Progressive Collapse, LC I3-RV 

Independent Analyses 

Independent analyses were conducted by DNV-GL 
using ABAQUS FE software for two load cases. 
DNV-GL selected direct impacts with a vertically ori-
ented riser joint at the center of the hatch cover (I1-RV) 
and at junction of two hatch covers and transverse panel 
(I3-RV). The riser joint was selected as it was relatively 
rigid, eliminating any variations in the result due to 
modeling a deformable impact object and simplifying 
the comparison. DNV-GL used the same geometry (re-
modeled panels), material characteristic data, boundary 
conditions and load definition. There are differences in 
material modeling, finite element mesh and in the 
adopted steel tensile failure criteria (ABAQUS steel 
damage model). A detailed comparison was conducted 
on the performance of the combined system including: 
reaction forces, energy distributions amongst the vari-
ous structural components, deflections, velocities, ac-
celerations as a function of time and overall behaviour 
(buckling mechanisms, rupture). These are summarized 
here for LC I3-RV by the figures illustrating the total 
reaction force between the riser joint and the impacted 
SPS deck panels (Fig. 23), total energy (Fig. 24), kinetic 
energy (Fig. 25) and internal energy (Fig. 26) and by the 
maximum energy summary given in Table 6 for both 
the DNV-GL and IE analytical results. 
 
The reaction time curves are in excellent agreement up 
to the post buckling stage of the channel under the im-
pact load, point b, as previous described at t = 0.012 s. 
Small variations after that are of no consequence. Alt-
hough there are some minor variations, the maximum 
values and the energy time curves for all the structural 
components are very similar and in good agreement. 
There was no discernible difference in behaviour.  
 

t = 0.007 s 



 

 

 
Fig. 23: Reaction Force of Both FE Models, LC I3-RV 

 
Fig. 24: Total Energy of Both FE Models, LC I3-RV 

 
Fig. 25: Kinetic Energy of Both FE Models, LC I3-RV 

 
Fig. 26: Internal Energy of Both FE Models, LC I3-RV 

Table 6: Comparison of Maximum Energy, LC I3-RV 

Structure Kinetic Energy, kJ Internal Energy, kJ 
IE DNV-GL IE DNV-GL 

Total 454 454 373 384 
SPS plate 21 24 90 101 
SPS frame 7 7 145 145 
SPS blocks 37 8 28 21 
Main Deck 50 54 135 125 
Riser 438 454 16 23 

Summary and Conclusions 

The SPS impact protection deck was designed for the 
specified loads associated with both the static operation 
loads and for accidental (extreme) loads from dropped 
objects. The primary design objective was to prevent 
rupture of the main deck in way of the well bay area 
between gridlines GL 3 and GL 4, GL B and GL D from 
a series of specified critical dropped objects and heights. 
 
Three different panel types (hatch cover, transverse and 
edge) were configured to fit well bay area and to pro-
vide interchangeable panels that can be replaced with 
another panel within the deck (non-critical area) if re-
quired to maintain operations until a replacement panel 
can be fabricated. The hatch cover panels are removable 
and provide full access to well bay hatch covers in main 
deck. The edge and transverse panels are fixed to the 
deck to restrict the movement of hatch covers for sea 
and operational loads.  
 
The impact resistant panels incorporate key design fea-
tures including; (i) a puncture impact resistant plating 
with excellent membrane capacity, and (ii) channel 
support frame were designed to provide: (1) a controlled 
progressive collapse mechanism for impact loads, and 
(2) soft support and at the corners of the panels / panel 
junctions while maintaining the structural capacity for 
operational loads. 
 
The combined structural system was analyzed using 
ANSYS and LS-DYNA for the specified operational 
loads from the GWS, BOP, UDL and point load; and for 
the specified dropped objects 3.0 MT basket from 26 m 
and 2.7 MT / 2.3 MT riser joints from 17 m. A total of 
24 different impact load cases were analyzed to encom-
pass the critical combinations of different impact loca-
tions and dropped object orientations. The performance 
of the main deck with SPS panels was investigated for 
the GWS and BOP operational load cases and was de-
termined to be satisfactory.  
 
In summary the SPS impact protection deck structure; 
(i) meets the specified design constraints of maximum 
depth and weight, and functionality (re moveable hatch 
covers that provide access, replaceable modular sys-
tem); (ii) meets all operations design load requirements; 
and (iii) provides an impact resistant system that pre-
vents rupture of the main deck and minimizes the de-
formation of the main deck plating and members under 
impact such that the members do not make contact with 
the piping suspended from these members. 
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Abstract  

The design rules for FPSO mooring chain are empirical, 
derived mainly from experience in North Sea operations. This 
paper reports on aspects of a major industry-sponsored inves-
tigation to ascertain the adequacy of these rules for moorings 
in the Tropics and what new rules might be needed. The de-
tailed outcomes of the project and the proposals for new de-
sign rules are still under discussion and embargo. However, 
an overview is given of the research program underpinning 
the results and specifically of the corrosion testing program 
and the full-scale wear-testing program. Also, in an associ-
ated but separately funded test program laboratory wear tests 
were conducted on scale-model chains. Some results from the 
model tests are described also.  

Keywords 

Mooring chains; FPSO; tropics; corrosion; wear; long-
term; water pollution.  

Introduction 

Floating production storage and off-loading (FPSO) 
vessels are now widely used in oil and gas exploration 
and production in deep waters (currently up to 3 km 
depth). These units are kept on-station using mooring 
lines, typically 8-12 in number. Typically also, each line 
consists of a series system commencing at the top with a 
chain fastened to the vessel, often, but not always at a 
specially designed turret on the bow, then changing to a 
wire or polyester or nylon rope for most of its length 
and ending in a long length of chain on the sea floor. 
Sometimes floats or buoys are used to help provide 
buoyancy for the mooring line (Fig. 1). Obviously, the 
reliability of a mooring system is of high importance.   
Root causes for mooring system failure have been in-
vestigated (Fontaine et al. 2014). Fatigue and corrosion 
accounted for some 39%, followed by mechani-
cal/manufacturing failures (21%) and installation (18%). 
However, current Class rules for the design of FPSO 
mooring chain are empirical and do not differentiate 
between corrosion and fatigue and it is unclear to what 
extent wear is involved in the loss of cross-section of 
chain links. Wear also was not separately identified in 
the field survey results.  
 

 
Fig. 1:   Schematic mooring arrangement for FPSOs 

(Melchers 2012). 
 
Current Class Rules for chain design are derived largely 
from operational experience in the North Sea. Increas-
ingly, however, oil and gas exploration and production 
is being carried out in tropical waters. It thus became of 
interest to investigate the adequacy of existing design 
rules for operations in Tropical waters. Specifically, 
anecdotal evidence of corrosion rates of mooring chain 
and wire rope under tropical service conditions exceed-
ing those under temperate and cold-water service led to 
the establishment of the SCORCH (Seawater Corrosion 
Of Rope and CHain) JIP. Most of its investigations were 
conducted during 2010-14 (Potts et al. 2012, Fontaine et 
al. 2012, 2014, Lee et al. 2015). The detailed outcomes 
of the project are still embargoed as are proposals for 
new design rules. Nevertheless, an overview of this 
work is given below as well as some results from a 
parallel, separately funded investigation of chain wear 
(Lotfollahi Yaghin and Melchers 2015).  

Corrosion  

Many mooring systems are constructed from high 
strength steel chains and wire ropes. Typically they are 
not cathodically protected. Corrosion most commonly 
has been found to be roughly uniform over the exposed 
surfaces of chains and to allow for this a sacrificial steel 
allowance is common practice. The wire ropes seldom 
corrode in their normal lifetime, in part because of the 
protective effects of galvanizing and the grease inside 
their cores. There are trends also to use synthetics in-
stead of wire rope. However, these still need steel 
chains at their upper and lower ends. Typically the 
chains in the upper region are in the splash and tidal 



zones and these usually are the critical areas for corro-
sion of the chains in mooring systems. In some regions 
of the world corrosion in these zones has been found, 
from field experience, to be much greater than the levels 
expected during design as based on conventional design 
rules. Often the severe corrosion is found in the form of 
localized corrosion, with localized material loss (Fig. 2). 
This has obvious severe implications for mooring line 
safety and reliability (Melchers 2012).  
 

Fig. 2:    Example of severe localised corrosion in 76 mm 
diameter mooring chain after 8 years in Tropical seawat-

ers (Potts et al. 2012). 
 
In the industry it is a common view that corrosion such 
as in Fig. 2 is the result of microbiological activity and 
hence is called microbiologically influenced corrosion 
(MIC). However, not all pitting, including severe pit-
ting, is the result of MIC (Melchers 2014a) and it is also 
known that for longer-term corrosion elevated seawater 
temperatures lead to more severe corrosion (Melchers 
and Jeffrey 2008). Moreover, MIC requires conditions 
suitable for it to occur (Little and Lee 2007). Specifi-
cally, there must be a suitable habitat for microbiolog-
ical species within the corroding regime, there must be a 
source of energy (such as the electrons from the corro-
sion process) and there must be suitable nutrients to 
support microbiological metabolism. The latter include 
organic carbon, phosphorous, sulphates, nitrates and 
various micro-nutrients including iron. In seawaters the 
critical nutrient usually is iron (Little and Lee 2007) but 
for steel corrosion that particular nutrient is supplied 
already by the corrosion process. The next critical nutri-
ent has long been known to be nitrates or related inor-
ganic forms (usually represented by dissolved inorganic 
nitrogen - DIN) and these can be thought of in simple 
terms as ‘fertilizers’ for microbiological metabolism. 
Only recently, however, has it been shown that in sea-
waters there is a strong correlation between severe cor-
rosion and the DIN in the adjacent seawater. This has 
been demonstrated for corrosion just below the tidal 
zone (so-called accelerated low water corrosion) and for 
immersion corrosion conditions in the upper water col-
umn (Melchers and Jeffrey 2013, Melchers 2014b). 
These effects are increased by higher average seawater 
temperature.  
Mostly the mooring chains for which severe localized 
corrosion has been observed are for FPSOs operating 

offshore West Africa and South-East Asia (Potts et al. 
2012). In the West Africa region it is known that the 
large rivers entering the sea from inland Africa are high-
ly polluted. It is possible that there is diversity in the 
range of microbes responsible for MIC world-wide, but 
at this time there is insufficient evidence and also un-
derstanding of such potential diversity. Typically DNA 
results for bacterial and related species in rusts or on 
rusting surfaces shown a large range of species, many 
often not yet completely identified and categorized. For 
similar reasons, it is currently not possible to determine 
precisely the role of any individual species in the corro-
sion process. Only broad groupings such as sulphate 
reducing bacteria, iron oxidizing bacteria, iron reducing 
bacteria, etc. have been linked to corrosion, and these 
groups usually are detected by incubation methods (bac-
terial culturing techniques). For this reason the correla-
tion with DIN is, so far, the most promising approach 
for predicting MIC in seawater (Melchers 2014a,b).    

The morphology of severe corrosion cannot be used as a 
clear indication of MIC, as sometimes claimed. The 
reason is quite clear - MIC complements but does not 
displace the conventional purely abiotic, electrochemi-
cal corrosion process. For example, the most well-
known bacterial grouping - the sulphate reducing bacte-
ria - contribute to corrosion as a result of their metabo-
lites, mainly hydrogen sulphide, causing localized very 
low pH conditions that increase the local dissolution of 
steel (iron) and thus add to the normal corrosion process 
(Melchers 2014c). Nevertheless, cases of severe pitting 
such as shown in Fig. 3 are not known to occur abioti-
cally since the mechanisms involved in such pitting do 
not have sufficient corrosion potential to drive such 
deep pits (Sharland and Tasker 1988). Fig. 3 also shows 
that pitting is not necessarily a smooth process with, as 
often assumed, a gradually declining rate of increase in 
pit depth (and area). Instead it is a more complex proc-
ess that involves pit development, gradual amalgama-
tion of some pits and the development of new pitting 
within the plateaus so created (Fig. 4) (Jeffrey and 
Melchers 2007). Interestingly, the field observations 
showed that severe pitting such as in Figs. 2 and 3 does 
not occur in the inter-link wear zones.  
 

 
 

Fig. 3:    Close-up view of severe localized pitting corrosion 



showing stepped characteristic (bar diam. = 76 mm). 

 

 
Fig. 4:    Schematic view of development of pit depth on 
mild steel plates in seawater (after Jeffrey and Melchers 

2007).   
 

Overall, these various results currently are being worked 
into draft design rules for consideration for eventual 
adoption by Classification Societies. Also being consid-
ered is whether cathodic protection is feasible for moor-
ing chains and whether it is a cost-effective solution.   

Inter-link Chain Wear   

Background   

In the splash and tidal zones where corrosion of the 
chain link surfaces tends to be high the effect of mate-
rial loss due to wear between the links also might be 
important. As noted, the current rules for design for chin 
links do not separate the effect of wear from that of 
corrosion. Until recently, the total metal loss allowance 
typically was around 0.4-0.8mm/y based mainly on 
North Sea experience. This has been increased by some 
Classification Societies but it still covers both corrosion 
and wear.    
Wear of metal surfaces usually can be divided into ad-
hesive wear such as occurs between two metals surfaces 
sliding over each other, perhaps causing local welding 
of asperities as part of the surface roughness, and possi-
bly plastic flow, and abrasive wear in which the surface 
is gouged or cut by objects such as seabed sand (Shoup 
and Mueller 1984, Ludema 1992). The former is the 
most likely for the interlink wear of chain links in the 
splash and tidal zone. The latter is relevant for wear of 
chain on the seabed (Van Steenkiste et al. 2011).  
There is a small but intensive literature for predicting 
wear, mostly with some fundamental ideas and cali-
brated to empirical data (Meng and Ludema 1995). For 
chain links it is based around the application of Ar-
chard’s (1953) classical equation for wear (Shoup and 
Mueller 1984). In essence it estimates the volume of 
material worn away (wear volume V) as a function of 
the external work done, measured by relative movement 
(sliding distance) D, inter-surface contact load L and the 
rate at which the sliding occurs:  
 
V = (k/H) L . D    (1)  
 
where k/H is the constant of proportionality consisting 
of a dimensionless ‘wear coefficient’ k and the metal 

surface hardness H. For chains, each of the factors in 
Eqn. (1) has a degree of uncertainty. Thus, the contact 
pressure (L/A) is unlikely to be directly represented by 
the applied axial load L and the nominal cross-sectional 
area A of the chain link, the wear coefficient (k) will be 
affected by the conditions of the surface (wet, dry, in-
termittent dry/wet, etc.) and by the surface roughness in 
the inter-link area, which may be different from that 
elsewhere on a link. Other influences include ambient 
temperature and the rate of wear dissipation and the 
elastic properties of the links (Lewis and Olofsson 
2004). Uncertainty in the wear coefficient has been 
assessed at between a factor of 2-4. This is reflected 
also in the wide range of estimates for the wear coeffi-
cient (Rabinowicz 1977).    
Most of the fundamental test results for wear have been 
obtained from ‘pin-on-disk’ experiments, although there 
are some test results closer to practice. For example, 
Schoup and Mueller (1984) conducted wear tests using 
two steel cylinders at right angles to simulate inter link 
friction and wear, under 3 different axial loads (490, 
1471 and 2943kN) and under wet, dry and intermittently 
wet and dry conditions. Their test results are interesting 
and logical and as expected. However, it has been diffi-
cult to reconcile these with their derivation of wear 
coefficients and also with the results of others using 
more fundamental testing protocols (AMOG 2014).   

Full scale tests  

To obtain better estimates of the wear of actual mooring 
chain links (rather than from artificial wear experi-
ments), a small series of tests was conducted as part of 
the SCORCH JIP to obtain greater insight regarding the 
rate of wear for realistic chains under realistic axial 
loads and with nominal inter-link angular displacements 
(Fig. 5). Cycling at 5-6 seconds was used to avoid ex-
cessive test durations but sufficiently slowly to avoid 
high increases in temperature. Even so, each test took 
many days to complete with allowances for dismantling 
and measuring the wear at regular intervals.  
 

 
 
Fig. 5:    Orientation, loading and movement of chain link 

test samples.    
 
To achieve, maintain and accurately re-establish the 



high axial loads required under test conditions a purely 
mechanical lever arm system was used for the axial 
load, with a 1:10 lever arm and dead weights (concrete 
blocks) up to 40T applied (Fig. 6). The angular dis-
placements were induced by a hydraulic jacking system 
with 50T max. capacity in tension and compression. The 
test rig was monitored continuously by remote video 
cameras and run mainly after hours because of the noise 
generated by the wearing process. Owing to the costs 
involved, the tests were limited in scope and conducted 
only on 76mm diameter chain links (class R4), in some 
cases under freshwater spray conditions. Details of these 
results, and in particular the wear coefficients, are still 
embargoed (as part of the JIP) but the following general 
comments can be made:    
1. Long-term wear is less important in cases where the 

mooring lines are under high axial tension as then the 
inter-link motion is restrained or much reduced,  

2. Wear is about an order of magnitude higher in the dry 
or intermittently dry exposure zones compared to sim-
ulated fully immersed zones,  

3. Corrosion is likely to be dominant in Tropical regions 
provided the inter-link movement is restrained, and,  

4. For the tests conducted, wear appears as expected 
with limited evidence of plastic flow (Fig. 7).     
 

 
 
Fig. 6:   (a) Wear rig for full-scale test samples (centre left 

- see Fig. 6b). Lever arm to sample = 1m, to concrete 
blocks (at far end) = 10m.  

 

 
 

Fig. 6:   (b) Chain test sample in full-scale wear rig.    

 

 
 

Fig. 7:    Example of chain link wear at interface region 
after 30,000 cycles (bar diam. = 76 mm). 

Model tests on chain link sets  

For the scale model tests, 16mm diam. mild steel chain 
was selected, for which the minimum specified break 
load was 150kN. This permitted the construction of a 
test rig with maximum required axial load of 1 tonne, 
achieved by steel dead load. A vertically oriented 5 link 
chain set, similar to Fig. 2 was used for all tests, with 
the upper and lower link clamped to prevent rotation 
and lateral movement, and in the case of the top link 
also vertical movement. The central link (Fig. 2) was 
subjected to sideways movement using a mechanical 
oscillatory system (Lotfollahi Yaghin and Melchers 
2015). This caused 4 contact surfaces for wear. Consid-
erable care was taken to ensure the wear angles were 
similar for all link intersections. As for the prototype 
tests, a cycle duration of 5 seconds was used. This was 
sufficiently slow to avoid rapid destruction of the test 
rig under the very high loads and forces involved.  
The mass loss of the 5 link chain samples and the aver-
age loss of diameter at the wearing surfaces was meas-
ured at pre-determined numbers of cycles, typically 
3000 but more frequently for the earlier tests and less 
frequently later. At these time points the testing was 
stopped and the chin test sample removed to allow 
measurements to be made. The size of the links and the 
confined space within the test rig precluded measure-
ments in-situ. After the measurements were made the 
sample was placed back in the test rig in a position and 
with alignment as close to the ideal as possible.  
The test program is shown in Table 1. Mostly the sam-
ples were tested dry in the ‘as received’ condition, even 
though dry operation is not the normal operational con-
dition for a significant part of each mooring line. How-
ever, it was considered the most severe environment. 
For these tests, three different, but constant, axial loads 
(5, 7.5 and 10kN) were used. The test program included 
two tests (4 and 5) on chain link sets that had been pre-
corroded in the seawater tidal zone for 6 and for 12 
months at the Taylors Beach corrosion testing facility 
(Jeffrey and Melchers 2007). These, too, were tested 
dry. The effect of immersion in seawater can be ex-
pected to reduce the rate of wear. This effect was exam-
ined in tests 6 and 10. Because of laboratory operational 
limitations seawater was not a permitted medium and 
freshwater was used instead, applied by irrigating the 
four inter-link contact surfaces. The run-off water 
caught in a large open tank situated below the test area 
(Lotfollahi Yaghin and Melchers 2015). The water flow 



was sufficient to wash away any wear products and 
keep the interlink surfaces wet at all times. Tests 7-9 
were conducted to allow testing of the axial capacity of 
the chains after different amounts of wear had occurred 
at their interfacial areas. Finally, test program included 
tests (11, 12) with smaller amplitude of movement of 
the central link, in part to emulate more closely, but at 
scale, the limited movement expected in actual mooring 
chins under field operational conditions.   

Table 1:   Summary of tests conditions    
 

Test  
No.  

 

Pre- 
corr.  

 

Dry 
Test  

 

Wet 
Test  

 

Amp. 
(mm)  

 

Axial  
load  
(kN) 

Max.  
cycles 
(000) 

1 - x  30 10 200 
2 - x  30 5 200 
3 - x  30 7.5 200 
4 6 m x  30 10 125 
5 12 m x  30 10 150 
6 -  x 30 10 200 
7 - x  30 10 150 
8 - x  30 10 100 
9 - x  30 10 50 
10 -  x 30 10 16 
11 - x  10 10 200 
12 - x  10 5 200 

 

 
Fig. 8:   Typical progression of wear with number of cy-
cles, under 10kN axial load. Note evidence of plastic flow 

at edges of worn areas. (Images shown are for test 1). 
Close examination of the worn areas shows evidence of 
plastic flow at the edges (Fig. 9), indicating that in this 
case even after considerable wear has taken place and 
thus increasing the contact area, the axial load was still 
sufficiently high to cause contact pressures in excess of 
the material yield strength. Such plastic flow was not 
observed for the lowest axial load (5kN) and for the 

small amplitude cases.  

 
      (a)        (b)    

Fig. 9:   (a) Close-up view of typical central chain link 
showing plastic flow due to high inter-metallic friction in 

the initial stages of dry tests. (b) Schematic cross-sectional 
view showing lips of plastic flow.  

The tests results show a generally similar pattern al-
though with considerable variations in severity of wear. 
Fig. 8 shows typical progression of wear with increased 
number of cycles under a high axial load (10kN).  
In all cases the mass loss of the 5 link chain sets in-
creased with the number of applied cycles, but at a de-
creasing rate. Fig. 10 shows a typical example. It also 
shows the much-reduced loss of mass for testing under 
wet conditions. It is likely that the relatively smooth 
nature of the curves in Fig. 10 is due in part to the aver-
aging effect of using mass loss as an indicator of wear. 
If remaining bar ‘diameter’ (i.e. the remaining metal in 
the wear zones) is used, the corresponding curves are 
much less smooth (Fig. 11). While the difference in 
mass loss between dry and wet conditions (Fig. 10) is 
large, for remaining bar diameter the difference is much 
less, with the wet samples decreasing in diameter about 
25% of the bar reduction for the dry samples. This is the 
case for all cycles. Also, the variability in loss of bar 
diameter between the 8 wear zones of the 4 inter-link 
wear surfaces - the standard deviation increased from 
about 0.1mm initially to 0.3mm at 200,000 cycles.   
The effect of amplitude (relative angular movement) is 
shown in Fig. 12. It shows that amplitude, and thus 
small inter-link angular rotation, has a dramatic effect 
on chain wear, with wear being much lower for small 
amplitudes. As noted, the smaller amplitude is closer in 
the angular relative rotation it achieves to what is likely 
to occur in practice. This means that the high degrees of 
wear seen in most of the experimental results are not 
typical of practice. Nevertheless, these results are im-
portant for overall calibration of the wear coefficient in 
Eqn. (1), and will be important when the results for the 
full-sized chain links are released from the current em-
bargo. At that time it will be appropriate to deploy the 
present results for model calibration. Fig. 13 shows the 
wear coefficients derived from the present test results.  
Evidently, in most cases the wear coefficient drops 
significantly during the first 50,000 cycles and has an 
approximately linear decrease as wear continues. Also, 
the wear coefficient is lower for tests under higher axial 
loads. This is independent of the amplitude of move-
ment. There is a significant difference in wear coeffi-



cient for dry and wet tests, even when other factors (such as axial load and amplitude) are kept constant.   

 
Fig. 10:    Cumulative mass loss of 5 link chain sets showing effect of dry and under wet conditions (10kN axial force). 

 
Fig. 11:    Remaining bar ‘diameter’ as a function of number of cycles for dry and wet exposure conditions. 

 
Fig. 12:    Mass reduction for tests 1 and 11 under 10kN axial load and different amplitudes. 

 



Fig. 13:    Wear coefficient comparison of tests in dry and wet conditions and with various amplitudes of movement.   
Finally, the tensile tests showed similar results for the 
samples tested. Typically the links showed a ductile 
failure mode, located to one side of the worn region at 
the end of a link (Fig. 14).  
 

 
 

Fig. 14:    Typical ductile tensile failure mode at edge of the 
worn region (Test 1 with 200,000 cycles). 

Discussion   

The test results reported here (and earlier by Yaghin and 
Melchers 2015) for wear of chain links essentially are 
novel. All earlier results were obtained for simplified 
geometries such as round straight bars (Shoup and 
Mueller (1985) and pin-on-disk. Details of the results of 
the full-scale tests are not yet available in the open lit-
erature. However, the results for the model scale tests 
show that uniform corrosion has negligible effect on 
wear, particularly after the first 100 or so cycles. How-
ever in applied situations it is likely that wear will con-
tribute more to the corrosion rate as the relative motion 
in the contact zone of links is unlikely to allow signifi-
cant build up of corrosion products. This will cause 
fresh steel to be exposed, known to corrode at a greater 
rate than rust-covered steels provided there is no MIC. 
The interaction between the effect of wear on corrosion 
has had some initial attention (Melchers et al. 2007) but 
remains a topic for further research.  
The gradually reducing rate of wear (wear volume, mass 
loss, diameter reduction) for the earlier cycles (to 
around 12,000) largely is due to the gradual develop-
ment of greater inter-link contact area reducing the 
effective contact stress, and thus reducing wear volume, 
consistent with Archard’s formula. Similarly, the lower 
wear volume for smaller angular movement between 
chain links is consistent with reduced sliding distance D 
in Archard’s formula. Overall the results, properly in-
terpreted, are consistent with well-established theory for 
wear of metals. However, because of the geometry in-
volved the effective contact area A cannot easily be 
determined, with the result that calibration of Archard’s 
formula to field data (or suitable scale data) is required. 
It is expected that this will start to become possible 
when the currently embargoed JIP results become avail-
able. However, additional testing is considered to be 
required to validate the scale model test results relative 
to the full scale results. Although it would appear from 
the results so far available that interaction with corro-
sion may be slight, it is considered prudent to further 

investigate this with additional testing.   
The corrosion observations indicate that very severe 
pitting can occur on chains in polluted waters, consis-
tent with findings elsewhere. However, observations on 
chains recovered from field exposures shows that such 
pitting does not occur in the inter-link zone where wear 
occurs. This suggests that these zones do not permit the 
formation of conditions necessary for formation of bio-
film and subsequent MIC (Little and Lee 2007). This 
aspect is also a matter for further investigation.   
Regarding the possibilities for reduction, prevention and 
amelioration of corrosion and of wear of mooring chain 
systems, industry experience indicates at present there 
are few known options. Of these, cathodic protection for 
reduction of corrosion is likely to be possible, using 
either impressed current systems or sacrificial anodes. 
These are effective only for constantly wet locations 
(Jones 1996). It is understood there have been limited 
industry trials but results are not available in the open 
literature. Coating systems including thermally sprayed 
metallic coatings also are being investigated particularly 
for intermittently wet locations, even though coatings 
tend to be damaged by erosion and wear. Other options, 
such as chemical or microbiological solutions, applied 
as coatings or by dosing the surrounding waters face 
environmental control issues. It is apparent that there is 
considerable scope for novel, economically competitive 
solutions for corrosion protection. On the other hand, 
the present results indicate that chain link wear is rela-
tively modest in well-designed mooring systems under 
high tension and low angular inter-link rotation. Under 
these conditions it is likely to be a lesser issue for moor-
ing line safety compared to corrosion away from the 
inter-link region, particularly in the Tropics and even 
more so in polluted waters. Nevertheless, possibilities 
for economical methods for reduction in wear such as 
by environmentally-friendly lubrication or coating sys-
tems present interesting challenges.    

Conclusions 

Corrosion of mooring line chain links in the splash and 
tidal and upper immersion zones is increased in Tropical 
waters compared to corrosion in more temperate waters 
but may be increased significantly by severe localized 
corrosion in nutrient polluted waters. This has been 
observed recently in practice and is consistent with 
microbiologically influenced corrosion also seen in 
some other applications such as sheet piling in harbours. 
Wear of the inter-link region of mooring chains is in-
creased by axial tension but more so by inter-link angu-
lar movement. Wear is much greater when the inter-link 
rotations occur under dry conditions compared to con-
tinually wet conditions. However the interaction be-
tween wear and corrosion still requires further investi-
gation, noting that earlier results have shown that con-
stant removal of rusts by wear can cause a high rate of 
general corrosion.  Importantly, field experience shows 
that severe localized corrosion and pitting have not yet 
been observed for the inter-link zone where wear oc-
curs. This is consistent with microbiologically influ-



enced corrosion requiring establishment of surface bio-
films and access of nutrients to be active.   
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Abstract  

As sustainability and climate change have come on the politi-
cal agenda, the shipping industry will have to be operating 
energy efficient ships. An appealing way to achieve this is by 
designing superstructures made out of Fiber Reinforced Plas-
tics (FRP) aiming at the reduction of the ship’s lightship 
weight. The benefits of a light superstructure become more 
prominent in large passenger ships, as the superstructures 
constitute a significant percentage of the lightship weight; 
additionally, depending on the size of the ship, the superstruc-
ture may tower several decks above the weather deck, affect-
ing the stability of the ship. In this work, the superstructure of 
a RoPax ferry has been redesigned using composite materials 
emphasizing on the effects on the ship from an operational 
perspective. To this end, the weight reduction has been calcu-
lated for a realistic average operating condition has been 
considered to quantify the effects on the stability and the fuel 
consumption of the retrofitted ship compared to the original 
design. 
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Introduction 

Composites exhibit several appealing characteristics 
being lightweight, corrosion resistant and exhibiting 
good performance under fatigue loading. These charac-
teristics constitute them an excellent choice for marine 
applications. Until now composites have been predomi-
nantly used in the maritime applications in small craft 
and military vessels given that their implementation 
onboard SOLAS vessels was restricted. In 2002 the 
Regulation 17 (SOLAS 2002) was introduced in the 
SOLAS convention enabling the use of combustible 
materials provided that the achieved level of safety is 
equivalent of a steel structure. This regulation has al-
lowed for alternative designs allow to surpass several 
limitations that were imposed by the use of traditional 
metallic materials. Despite the potential benefits from 
the implementation of lightweight materials, to this day 
this regulation has been rarely used in practice as both 
the technical aspects and the appropriate regulatory 
approval related to the implementation of composites 

have proven to be complex, time-consuming and there-
fore not appealing to the ship stakeholders. The work 
presented in this paper has been performed within the 
context of the COMPASS project. In the project, an 
existing RoPax ferry selected as a case study part of its 
superstructure has been redesigned using composite 
materials. While, previous works from the same authors 
(Karatzas et al 2015a, 2015b) on this topic were focused 
on the structural response of the superstructure, this 
work presents the effects the conversion has on the 
overall performance of the vessel. In detail the effects 
on the lightship weight, the stability, resistance and 
propulsion power requirements have been estimated. 
Finally a simplified estimation of the fuel oil consump-
tion reduction is performed.  

Case study description 

The vessel which comprised the study case is named 
PRINSESSE BENEDIKTE and is operated by 
Scandlines between Rødby and Puttgarden.  The upper 
part of the ship’s superstructure has been redesigned out 
of composites materials according to the DNV Rules for 
Classification of Ships (2014) and DNV’s Rules for 
Classification of High Speed, Light Craft and Naval 
Surface Craft (2014) [M. D. Jacobsen, personal com-
munication]. In detail, the upper passenger deck, the 
wheelhouse deck along with the masts, funnels and the 
wheelhouses have been considered for conversion (Fig. 
1).  
 

 
Fig. 1: PRINSESSE BENEDIKTE and the part of the 
superstructure considered for conversion 
 



Since the original design requirements and constraints 
were unknown, it was decided to keep the exact same 
general arrangement for the new design. Bearing this in 
mind, it is evident that the resulted design is not op-
timsed with respect to the ships’ life cycle. Glass fibers 
impregnated in epoxy resin were selected for the sand-
wich panels faces along with a PET core (P100) provid-
ed by DIAB. The core was selected based on its desira-
ble performance in terms of fire, smoke and toxicity. 
The ply sequence for the structural elements for the 
conversion are presented in figure 2  
 

 
Fig. 2: Ply sequence of the structural elements of the 
superstructure 

Weight reduction 

Following the design of the new superstructure, weight 
calculations have been performed for the aforemen-
tioned cases and compared to the calculated existing 
steel weight. The calculation of the steel weight has 
been performed based on available data from the 
ROPAX ferry PRINS RICHARD which is the sister 
ship of PRINSESSE BENEDIKTE. At this point it is 
underlined that the calculated weight corresponds to the 
steel weight of the original superstructure excluding 
outfitting weights. Similarly the presented calculations 
for the composite cases solely consider the weight of the 
composite parts. Special considerations have been given 
to address structural and manufacturing details in the 
composite such as pillar support areas, local reinforce-
ment at openings/edges and the resin intake based on 
available date for the selected core type. Comparing the 
composite superstructure to the original steel one, it can 
be seen that the structural weight reduction is drastic 
being approximately 70%. Based on the weight calcula-
tions the new lightship weight for each case was calcu-
lated (Table 1). Results indicate that replacing part of 
the superstructure with sandwich materials leads to a 
reduction of the lightship weight of circa 5% which is 
considerable. 
 

Table 1: Weight Calculations 
Super-
structure 

Weight of 
converted part 

Lightship weight 

Steel 475.4 t  6346 t 
Composite 142.5 t 6013 t 

Loading condition 

To investigate how this weight reduction affects the 
performance of the ship the average loading condition 
the vessel sails has been considered. This loading case 
was provided by Scandlines [C. Nicolajsen, personal 
communication]. Details about the deadweight in that 
loading condition are provided in figure 3. The duration 
of each trip is equal to 45 minutes out of which 17 
minutes are needed for the acceleration and deceleration 
to (and from) a service speed of 15 kn. Approximately 
15 minutes are needed for the embarkation and disem-
barkation of passengers and vehicles. The ship makes 
8300 trips per year. 
 

 
Fig. 3: Deadweight detail for the selected loading condi-
tion 

Stability calculations 

To calculate the stability for the retrofitted cases the 
calculation of the new center of gravity of the lightship 
weight was necessary. This was achieved by consider-
ing that the outfitting weight (WOT), the machinery 
weight (WM) and the position of their center of gravity 
are unaffected by the conversion. This allows the de-
composition of the lightship weight in two groups 
namely the structural weight WST and the sum of WM + 
WOT (Eq. 1). 
 

 (1) 

 
Knowing from the existing data for PRINS RICHARD 
the center of gravity of the structural weight, the weight 
and center of gravity for the sum WM + WOT was calcu-
lated (Fig. 4). Additionally from the structural weight 
data for PRINS RICHARD the position and weight of 
the retrofitted parts were known. Replacing these 
weights with the ones estimated for the composite case 
allowed the calculation of the new lightship weight and 
the new center of gravity. In all cases the center of grav-



ity was measured from the Baseline of the vessel. 
 

 
Fig. 4: Weight groups and center of gravity 

 
The new value of the displacement was calculated by 
adding the deadweight of the loading condition to the 
new lightship weight. The draught and the other rele-
vant hydrostatic data were taken from the ship’s hydro-
static tables which enabled the calculation of the meta-
centric height (GM) and of the righting arm (GZ) (Fig. 
5). The dashed lines correspond to the existing steel 
case while the solid ones to the converted one. 
 

 
Fig. 5: GZ and GM values for the original and converted 
cases 

 
Results indicate that by replacing part of the superstruc-
ture with composite materials leads to an increase of the 
GM values of about 12.9%. Additionally, the GZ values 
are increased as expected. The maximum value of GZ is 
increased by 24%. In general the new design results in a 
bigger range of stability and in increased static and 
dynamic stability. Additionally, knowing the GM values 
for each case a simplified comparison between the peri-
ods of roll can be performed. The period of roll is given 
by equation (2) 
 

     (2) 

 
where k is the radius of gyration, g is the acceleration of 
gravity and GM is the metacentric height. Assuming 
that the radius of gyration is kept constant, as the water-
line area is not significantly affected in the studied cas-
es, the change between in the period of roll can be given 
by equation (3) 
 

   (3) 

 
For the examined case the period of roll is reduced 
around 6% meaning that if the original period of roll 
was 12 seconds, which is a typical value for passenger 

ships, the new one is decreased to 11.3 seconds. The 
fact that the decrease of the roll period is not that pro-
nounced is desirable as shorter periods of roll are un-
comfortable for passengers. 

Resistance and propulsion power calculations 

The resistance estimation for PRINSESSE BEN-
EDIKTE at a mean draught of 5.30 m was available. 
Before calculating the resistance for the steel and the 
retrofitted case at the average loading condition it was 
decided to recreate the available resistance data using 
Harvald’s method (Guldhammer and Harvald, 1974). As 
expected some deviation was noted between the meth-
od’s prediction and the available results for the ship. To 
minimize this it was decided to calibrate to match exact-
ly the measured resistance from the model tests. The 
calibration was performed by changing the value of the 
appendages resistance coefficient at each speed. In reali-
ty this coefficient is to be kept constant as it is related to 
the vessel’s appendages which are independent of the 
vessel’s speed. The calibrated resistance estimation 
method was subsequently used to calculate the re-
sistance of the vessel at the examined loading case. The 
draught for the original steel case is equal to 5.035m 
while for the converted case the draught is reduced to 
4.87m. In addition, corrections for the added wind re-
sistance and the effect of shallow water were taken into 
account considering a headwind speed of 6m/s and 
water depth of 18m. These values correspond to the 
average values for the area of operations of the vessel. 
As the draught decreases, the friction resistance is re-
duced. At the same time the area above the waterline 
increases which lead to an increase on the added re-
sistance due to the wind. Typically for commercial ships 
air resistance represents about 2% of the total resistance 
(MAN). Nevertheless in ship types such as container-
ships, RORO and ferries the added wind resistance can 
be significant. The propulsion power at shallow waters 
as a function of the vessel’s speed is illustrated in figure 
6 for the original case and after the conversion. Addi-
tionally the effect of the wind resistance to the propul-
sion power is illustrated by performing the calculations 
for both when the wind resistance is added and when it 
is ignored. Once again, the dashed lines correspond to 
the existing steel case while the solid ones to the con-
verted one. For the derivation of the propulsion power, 
apart from the total propulsion coefficient an additional 
electrical/mechanical transmission efficiency factor was 
implemented to account for the efficiency of the electric 
motors. This factor’s value was taken equal to 0.9. 
Evaluating the results it appears that the reduction in 
resistance is practically negligible, ranging from 1.2% 
for low speeds to 0.8% for high speeds. This is caused 
by the fact that the draught change is not significant, 
resulting in a reduction of the wetted area by merely 67 
m2 (2.5%) and an increase of 5m2 (<1%) of the project-
ed area above the waterline needed for the calculation of 
the wind resistance. 
 
 



 
Fig. 5: GZ and GM values for the original and converted 
cases 

Fuel Consumption 

Having calculated the propulsion power, the fuel con-
sumption can be estimated based on the ship’s route. 
The specific fuel consumption is considered equal to 
220 gr/kWh (Papanikolaou, 2014). At the port, power is 
not needed for the propulsion. Instead, the power con-
sumption corresponds to other purposes such as ligh-
ting, communication, refrigiration, climate control and 
others. The estimated hotel load for PRINSESSE BEN-
EDIKTE is 1000kWh. The estimated consumption can 
be calculated by multiplying the power consumption by 
the time and the specific fuel consumption for both the 
sailing time and port time. The estimated fuel consump-
tion per trip and per year are listed in table 2. It should 
be emphasized that the followed approach does not 
account for the fuel consumption of the acceleration and 
deceleration times which make up for a significant part 
of the vessels service time (17 minutes per trip). In 
addition, in the areas close to the ports the water depth 
is less than 10m which further increases the ship re-
sistance during acceleration. Nonetheless, the followed 
approach can provide a simple estimation of how the 
fuel consumption can be affected.  

Table 2: Estimated fuel oil consumption 
Case Per trip Annual 
Steel 667.4 kg  5540.0 t 
Composite 657.4kg 5456.4 t 

Comparing the fuel consumption for the original and 
retrofitted case the fuel savings are about 1.5 % (84 
tons) of the initial annual estimation which reflects the 
reduction of the ship’s resistance due to the reduced 
draught. In reality this percentage would be higher as 
higher fuel savings are expected during the acceleration 
and deceleration of the vessel. 

Conclusions 

Evaluating the effects that the implementation of com-
posite materials has had on the ship the following con-
clusions can be drawn. The design procedure can be 
performed by combining existing rules and regulations. 
The partial conversion of the vessel’s superstructure 

results to a reduction of the lightship weight of about 
5% for the selected materials. The lightship weight 
reduction in combination with the decrease of the height 
of the center of gravity from the conversion led to a 
significant increase of the vessel’s overall stability, 
improving static, dynamic and the range of stability. 
This is of significant importance for large passenger 
ships where stability limitations might impose con-
straints to the number of decks these vessels are allowed 
to have. Regarding the resistance and propulsion power 
requirements, the draught change in the average loading 
condition does not significantly affect the resistance of 
the ship as the propulsion power reduction was around 
1% for the service speed of 15 knots. This in turn led to 
a small fuel consumption decrease of about 1.5% per 
year which does not signify a potential source of cost 
saving for the ship-owner. This observation does not 
come as a surprise given that it was decided to keep the 
same general arrangement of the superstructure. Overall 
it is the authors’ view that it would be more profitable to 
increase the payload to displacement ratio by decreasing 
the lightship mass than to try to save on fuel by reduc-
ing the draught. In addition, the ship that was selected as 
the demonstration case does not encounter any chal-
lenges in reality that would necessitate such a conver-
sion. Last but not least, it should be emphasized that the 
material acquisition and fuel consumption costs do not 
account for the total of the vessel’s life cycle cost and 
should not be regarded as the sole criteria for such op-
tions. On the contrary these tend to be misleading if all 
the associated costs are not well estimated and taken 
into consideration. 
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Abstract

All-metal uni-directional orthotropic panels with a low
weight-to-stiffness ratio provide the means to develop
cost and energy efficient ships. However, modelling and
computational effort required, especially in the concep-
tual design stage, poses a significant drawback. There-
fore, effective direct strength analysis approaches based
on homogenization, but embedded into Finite Element
codes are needed. To this end, we determine the load-
displacement curves for stiffened orthotropic panels un-
der plane strain tension until tensile instability. The an-
alytical curves are given in the format, which allows
a direct implementation into commercial non-linear FE
packages via user subroutines to describe the non-linear
mechanical shell section behavior in the framework of
Equivalent Single Layer (ESL) theory. Possible exten-
sions of the approach are discussed.

Keywords

Tensile instability, orthotropic panel, equivalent single

layer theory, load-displacement.

Introduction

Stiffened orthotropic panels are widely used in struc-

tural design, mainly in applications where the stiffness-

to-weight ratio is critical. In this study, focus is on two

types of panels: traditional stiffened panels and all steel

webcore sandwich panels. Commonly sandwich panels

are composed of two face sheets separated by the core

(Allen, 1969). In ship hulls, sandwich plates are used in

decks and double-bottoms, see Kujala and Klanac (2005),

as well as in side structures for increased collision resis-

tance (Naar, 2002; Graaf, Broekhuijsen, Vredeveldt, &

Ven, 2004; Hogström and Ringsberg, 2013). FE analysis

of such structures however becomes prohibitive consider-

ing the modelling effort, i.e. the faces and core both have

to be represented with sufficiently fine mesh, and analysis

time that in explicit computations scales with the mesh

size. Fine mesh is needed to reliably simulate different

failure mechanisms such as folding and crushing (Paik,

2007) and potential ductile failure in these constituents.

Using homogenization methods, originally periodic

structure can be represented by equivalent single layer

plate with the effective bending and stretching stiffness;

in case of significant out-of-plane shear deformation also

the shear stiffness has central role in response predic-

tion. Therefore, instead of direct computational model

the analysis is often performed in terms of linear elastic

effective mechanical properties (Hohe and Becker, 2002;

Noor et al., 1996). However, assumption of linear elas-

ticity does not suffice in design against highly non-linear

events such as buckling and ultimate strength. While re-

cent investigations have developed ESL approach to this

direction (Jelovica et al., 2012; Jelovica and Romanoff,

2013; Jelovica et al., 2014; Goncalves et al., 2016), ex-

tensions that would be tailored for crash analysis of large

structures are still missing.

Thus, there is a clear need to investigate how to em-

bed material non-linearity, crushing and ductile fracture

into ESL approach so that large plastic deformations and

consequent plastic instability, which is considered pre-

cursor to ductile fracture, could be simulated without the

detailed FE mesh. This could lead to considerable re-

duction in computational cost and bring large crashwor-

thiness analysis to the realm of conceptual design prac-

tice, see Fig. (1). Such an approach could be considered

as an alternative to Paik and Pedersen (1994) simplified

method for collision analysis, but with some added bene-

fits: it would provide a more detailed structural response

and direct integration into commerical FE packages, that

in turn would allow easier adoption of different structural

alternatives.

Therefore, the objective of this work it to show

the main principles on how the non-linearity could

be included into ESL approach until tensile instability

in a way, which allows efficient implementiation into

ABAQUS/Standard through UGENS subroutine (user

subroutine to define the mechanical behavior of a shell

section). As a case study, we selected a relatively sim-

ple tensile loading and ignored the bending and shear

coupling. The paper concludes with discussion on ap-



Fine mesh (crash simulations)

Coarse mesh (conceptual design)

ESL representation

Figure 1. Future is promising: ESL representation could

considerably reduce the model size and save valuable set-

up as well as analysis time while retaining (most of) the

kinematics provided by the detailed FE mesh.

proaches for fast collision and grounding assessment of

ship structures.

Panel geometry and boundary conditions

The periodic nature of the orthotropic panels makes it

possible to focus the analysis on a single repetitive unit

cell as shown in Fig. 2 (a). Geometry of the web-core

unit cell is defined by the lengths in two principal direc-

tions L1 and L2, panel height of h, face sheets of equal

thickness tf and web thickness of tw. Geometry of the

stiffened unit cell has the same principal dimensions, ex-

cept that the faceplate has double the thickness to attain

the same cross-sectional area with the web-core unit cell.

Hence, both unit cells have equal axial stiffness. The unit

cells are deformed under global boundary constraint of

plane strain tension (PST), see Fig. 2 (b). Term global

constraint is used to distinguish them from local con-

straints (stress states) arising in the constituents: face(s)

and web, of the unit cells. Because of the orthotropic

nature of the panels, deformations are applied in both

in-plane, principal directions, denoted respectively as 1-

direction and 2-direction.

Analytical prediction of the stiffness

This section provides the analytical estimates for the re-

sponse of the unit cells. The response is given in terms of

generalized force (stress resultants per unit length) and

engineering strain. This format allows straightforward

implementation to commercial FEM packages through

user subroutines. Once the response of the panels is

known, we estimate the tensile instability using analytical

forming limit strains. Forming limit strains provide the

strain (or stress) levels of thin sheets in plane stress un-

der multi-axial tension beyond which localized thinning

and fracture takes place. Thus, the forming limit strains

provide an excellent measure for engineering purposes of

the maximum overall strains (or stresses) the sheet can

sustain prior to fracture (Woelke et al., 2013).

L1 = 360

PST 1 PST 2

2
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h=45

2.5
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b)

Figure 2. a) Unit cells and b) global boundary con-

straints.

Equivalent Single Layer Theory

The macroscale shell behaviour follows a first-order

shear deformation theory for plates, e.g. (Romanoff et

al., 2011); see Fig. 3. The assembly is reduced in the

average sense to an equivalent single layer. The displace-

ment field associated with the shell continuum is defined:

u = u0 + x3φ1

v = v0 + x3φ2

w = w0

(1)

where the superscript 0 refers to the shell mid-plane and

φ is the total rotation, i.e. sum of slope −dw/dx of the

deflection and shear angle γ, φ = −dw/dx + γ. The

strain field, following the von Karman assumptions, is

divided into extensional (0) and bending (1) components,

for details see Kõrgesaar et al., (2016).

The shell constitutive behaviour is defined in terms of

extensional ([A]), bending ([D]) and extensional-bending

coupling ([B],[C]) nonlinear, deformation-dependent

stiffness matrices. Coupling between shell section forces

(N, M) and shear strains (γ12) is neglected here as it is

assumed that stiffeners are parallel to main axes of the

actual structure; in other case the terms 13 and 23 would

be non-zero. Thus, in-plane shear (12-plane) and exten-

sion (in directions 1 and 2) are uncoupled. As the paper

focuses on in-plane deformations, also the membrane-

bending coupling and bending is ignored, i.e. B- and D-

matrixes are not needed. The assembled shell stiffness

matrix in the general case is given as:

⎡⎢⎢⎢⎢⎢⎢⎣
N11

N22

N12

M11

M22

M12

⎤⎥⎥⎥⎥⎥⎥⎦ =

⎡⎢⎢⎢⎢⎢⎢⎣
A11 A12 0 C11 C12 0
A22 A22 0 C22 C22 0
0 0 A33 0 0 C33

B11 B12 0 D11 D12 0
B21 B22 0 D21 D22 0
0 0 B33 0 0 D33

⎤⎥⎥⎥⎥⎥⎥⎦

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎣

ε
(0)
11

ε
(0)
22

γ
(0)
12

ε
(1)
11

ε
(1)
12

γ
(1)
12

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎦
(2)

In this case study, out-of-plane shear strains are zero.
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Figure 3. a) Shell kinematics. b) Section forces and sec-

tion moments acting on a plate section cut.

The transition between scales relies on defining the

macroscale shell stiffness matrix. The stiffness param-

eters are obtained simply by integration of the stresses

over panel thickness, i.e. using the relation

[Nαβ ] =

h/2∫
−h/2

[σαβ ]dz

[Mαβ ] =

h/2∫
−h/2

[σαβ ]zdz

α, β = x, y

(3)

together with Eq. (3) and solving for stiffnesses, A, B,

C and D. It should be noted here that the stress is a non-

linear function of strain, thus the non-linear material be-

haviour is needed before integration is carried out.

Non-linear load-displacement curves

Load-displacement curves (generalized force vs engi-

neering strains curves) are determined for both principal

directions 1 and 2. Generalized normal force in direction

1 is defined using rule of mixtures:

ΔN̄ii = Δ

∑
Fii

Lj
= Δ

F
face(s)
ii + Fweb

ii

Lj
(4)

where
∑

Fii is the total in normal force in direction i and

Lj is the length in other principal direction. In a displace-

ment controlled approach forces for faces and web can

be determined by converting principal stress to nominal

stress and knowing the cross-sectional area of the con-

stituents

Fii =
σi

1 + εi,eng
·Ai (5)

where Ai is the cross-sectional area with normal in i-

direction.

Stress determination

To determine the force, stress has to be known. Since

the faces and web are thin, through-thickness stress is

assumed negligible and plane stress becomes a valid as-

sumption. Furthermore, we assume that material follows

standard J2 flow theory. Therefore, there is one-to-one

mapping from the strain to the stress space; the principal

strain rate ratio α = dε2/dε1 is related to principal stress

ratio β = σ2/σ1 through the expression

β = σ2/σ1 = (2α+ 1)/(α+ 2) (6)

Note that this relation is only valid for plastic strains.

Supplementing this with the constitutive law describing

material hardening (we use Hollomon-type power-law

hardening rule) σf = K(ε̄p+ ε0)
n; where K = 740 MPa,

n = 0.24 and ε0 = 0.019 are material parameters, σf is

the flow stress and ε̄p is the equivalent plastic strain) and

assuming proportional loading, stress state in the mate-

rial can be fully determined from the strain state. Hence,

the approach presented is strain driven and generalized

forces in the unit cells are evaluated based on the known

value of the applied displacement. Total strain ε and ε̄p

are given as

ε = ln(1 + εeng)

εp = ε− σ0/E
(7)

where σ0 is the yield stress. For an incompressible solid,

the principal components of strain increments are related

as dε1 : dε2 : dε3 = 1 : α : −(1+α) , thus the equivalent

plastic strain can be expressed as a function of strain rate

ratio (Stoughton and Zhu, 2004):

dε̄P =

√
2

3
(dε21 + dε22 + dε23)

=

√
4

3
(1 + α+ α2)dε1

(8)

The first principal plastic strain can be found by assuming

proportional loading path α = dε2/dε1 = ε2/ε1 and

integration of the Eq. (8)

ε1 =
ε̄P

√
3

2
√
1 + α+ α2

(9)

The equivalent stress can be determined from the power-

hardening rule presented above. Principal stresses are

then determined from the known form of equivalent von

Mises stress and stress ratio β

σf = σ1

√
1− β + β2 ⇒ σ1 =

σf√
1− β + β2

σ2 = σ1/β

(10)

These principal stress components can be used to deter-

mine the generalized normal forces in respective direc-

tions.



Stress state in the unit cells

Clearly, the stress and thus the generalized force in the

unit cell depend on the stress state during loading. Fur-

thermore, since the generalized force in Eq. (4) is defined

through the rule of mixture, the stress state in each of the

constituent has to be defined. This however, is relatively

straightforward by knowing the global boundary condi-

tions of the unit cell. For the case study presented in

Fig. 2, the stress state arising in the constituents is de-

fined in Fig. 4 based on engineering judgment. Note that

deformations are not constrained in direction 3. When

the unit cells are loaded in 1st direction face(s) are under

plane strain, but the webs are in uniaxial tension because

there is no constraint in direction 3. When the unit cells

are loaded in 2nd direction, face(s) are again under plane

strain, but webs do not contribute to stiffness.

Knowing the stress state and material stress-strain

curve we can define stresses, strains and consequently

forces in the principle directions. The results are shown

for both stiffened and web-core unit cells in Fig. 5. Since

the axial stiffness is equal for both cases, the analytically

obtained response is also equal with unit cells having

higher stiffness in stiffening direction.

Face(s): PST (  = 0.5) Face(s): PST ( = 0.5)

Web: UAT (  = 0) Web: No contribution

2

1

PST 2PST 1

Figure 4. Stress state in the constituents under global

plane strain tension in 1st and 2nd loading direction.

Response of the unit cells

FE analyses

The analytical curves are validated with FE simulations.

The unit cells under prescribed boundary conditions (Fig.

1) were numerically analyzed with the commercial code

ABAQUS/Explicit v6.11-2. The simulations were dis-

placement controlled and the models were discretized

with plane stress reduced integrated shell elements (S4R).

Element length in the simulations was 10 mm. Numerical

results are presented together with analytical estimates in

Fig. 5.

The response of stiffened and web-core unit cells are

overlapping in respective directions due to the displace-

ment controlled approach and equal axial stiffness. Only

after neck development, the response in direction 1 de-

viates slightly between the two cases. This is due to the

extra constraint in web-core panel provided by the one

additional face plate that restrains the neck development

in thickness or third direction through the web, see Fig.

(6). When displacements are applied in 2nd direction this

discrepancy between unit cells is missing since the neck

develops along the longer edge of the unit cells (direction

1) and web does not contribute to the response.

Stiffened
Webcore

Analytical

Ductile fractureDDDDuucttiileee ffrrraacctttturreeee

N
ec

ki
ng

 in
st

ab
ili

ty

Direction 1

Direction 2

2

1

0 0.05 0.1 0.15 0.2 0.25 0.3 0.35
Engineering strain [-]

0

500

1000

1500

2000

2500

3000

3500

F
/L

 [k
N

/m
]

Fig. 6

Figure 5. Generalized force engineering strain curves

for stiffened and web-core unit cells.
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bcore unit cells under PST1 loading. a) Displacement in

direction 3 plotted along L1 (red line in fig (b), lower

edge of the web). b) FE simulation results (Colour con-

tours show the equivalent plastic strain)



Point of instability

For the simple case of purely tensile loading the analyti-

cal formulation exactly approximates the behavior of unit

cells. However, assessing the range of validity of the ana-

lytical approximations is equally important. This is done

by using analytical necking criteria often used in form-

ing applications of thin metal sheets. According to Hill's

analysis (1952), major strain for localized necking in the

range between uniaxial and plane strain tension is given

by

ε1n =
n

1 + α
for − 0.5 ≤ α ≤ 0 (11)

where n is the strain hardening exponent and α is the

strain ratio, both defined above. It was found that in

both loading directions the face plates are more suscep-

tible for necking because of the plane strain stress state

(α = 0), for details see Kõrgesaar et al. (2016). This

necking instability is converted to engineering strain by

εeng = exp(ε1n)− 1 and plotted in Fig. 5. For both pan-

els, it provides reasonable safety margin against necking

instability observed in FE simulations that lead to local-

ization of strains into narrow band and subsequent load

drop as shown in Fig. 5.

Discussion

The presented curves can be implemented to

ABAQUS/Standard through UGENS subroutine to

describe the non-linear mechanical shell section behavior

in the framework of Equivalent Single Layer (ESL)

theory. The implementation was performed in Kõrgesaar

et al. (2016) where idealized steel web-core sandwich

accommodation deck of a passenger ship was modelled

using both, detailed 3D finite element mesh and ESL

approach. Excellent agreement was found even for

very coarse mesh. However, several drawbacks in

the presented approach need to be addressed in future

investigations to render the approach as computation-

ally efficient alternative to present 3D finite element

simulations.

First, besides tensile loading, the approach should be

generalized for other loading scenarios prevailing in the

crash analysis of orthotropic (stiffened or sandwich) pan-

els. Commonly in these analysis the most important char-

acteristic prior to ductile fracture is the energy dissipated

through plastic deformation, such as bending, folding and

stretching of the constituents (Johnson and Reid, 1978).

Currently, the work in this direction is ongoing.

Second, the UGENS subroutine is only available in

ABAQUS/Standard and not in ABAQUS/Explicit. This

is a serious limitations considering that explicit codes

are commonly used in crash analysis to overcome non-

linearities due to contact, material fracture and collapse.

In contrast, implementation through constitutive formu-

lation (user defined materials) would allow exploiting

both implicit and explicit integration schemes by differ-

ent software packages such as LS-DYNA and ABAQUS.

While such constitutive models have been developed

for sandwich/lattice panels (Xue and Hutchinson, 2003;

Hanssen et al., 2002; Hundley et al., 2015), extensions for

stiffened panels are currently missing as well as applica-

tion studies probing the effectiveness of these methods in

the crash analysis of large structures.

In general, the characteristics of such constitutive

model like accuracy and cost (model set up and analysis

time) would place it somewhere between fully meshed

3D models and programs based on first-principles (plas-

tic analysis methods) such as SIMCOL and ALSP/SCOL.

These tools decompose struck ship into simple substruc-

tures, analyse each of the substructures using first princi-

ples, and thereby provide the estimate for damage extent

and oil outflow in ship collision, for more detailed de-

scription see Brown et al. (2002). While these tools can

be indespensible in probabilistic analysis of thousands of

collision scenarios, they are difficult to adopt for novel

structural arrangements due to lack of customizable fea-

tures. Therefore, in between those two solution methods,

continuum constitutive homogenization models could po-

tentially provide the designer with the fast tool to opti-

mize the design for accidental loads. The study presented

here is the first step towards this ambitious goal.

Concluding remarks

The load-displacement curves for stiffened and web-core

sandwich panel unit cells under plane strain tension un-

til tensile instability were defined. Developed analyti-

cal curves were validated with detailed FE simulations

and are given in the format, which allows a direct imple-

mentation into ABAQUS UGENS subroutine to describe

the non-linear mechanical shell section behavior in the

framework of Equivalent Single Layer (ESL) theory. For

the simple case of tension the analytical formulation ex-

actly approximates the behavior of unit cells. The range

of validity of presented curves is approximated by devel-

opment of localized neck that provides a suitable margin

of error against necking observed in 3D simulations of

unit cells.

While the applications where tensile loads dominate

and bending component is missing are scarce, the pre-

sented investigation provides the step towards more ratio-

nal and fast computational approach to assess the perfor-

mance of ship structures during collison and grounding

events.
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Abstract 

A simulation method to examine under-film corrosion 
of epoxy coated steel panels and free edges in ship’s 
Water Ballast Tanks (WBT) has been developed. The 
coating failure simulation used two-dimensional cellu-
lar automaton, and the steel diminution simulation used 
a modified IACS CSR-H’s 3-phases probabilistic 
model. For edge corrosion simulations, a ’spattering’ 
point coating defect model was developed. The simu-
lations examined corrosion behaviors within WBT of 
epoxy coated scribed steel panels and longitudinal 
member’s free edges made of conventional steel and 
Corrosion Resistant Steel (CRS). To demonstrate the 
effectiveness of these simulation models, comparisons 
were made of laboratory experiments that simulated 
and measured corrosion behaviors in a WBT. Further-
more, a discussion on the improvement mechanisms re-
quired for CRS’s corrosion resistance is included.  

Keywords 

Under-film corrosion; Water ballast tank; Cellular au-
tomaton; Corrosion resistant steel; Onboard exposure 
test; Cyclic corrosion test; Free edge. 

Introduction 

It is well known that WBTs that use seawater have 
highly corrosive areas, and the corrosion wastage in 
these tanks deteriorates the asset integrity.  Shiotani et 
al. (2012) developed CRS for WBT recently. They 
showed that CRS inhibited coating degradation and un-
der-film corrosion. This was accomplished by measur-
ing the coating's blistering and corrosion surface 
shapes of the coated panels made of conventional steel 
and CRS that were exposed in WBTs of a Very Large 
Ore Carrier (VLOC) (Shiotani and Nakamura, 2015).  
 

In order to utilize CRS as a material for WBT for prac-
tical use, there is a need to develop a quantitative eval-
uation method for CRS's capability of coating life ex-
tension and corrosion weight reduction. This requires 
the development of a simulation method, which can 
elucidate the difference in under-film corrosion behav-
iors of conventional steel and CRS. 
There are few reports on the simulation technique for 
under-film corrosion. Yamamoto and Nakai (2006) 
proposed a probabilistic corrosion model for bulk car-
riers' coated inner bottom plates. They assumed that 
corrosion pits were cone-shaped, and coating degrada-
tion was expressed by the spreading of the area inside 
of the cone. In their model, it is difficult to examine the 
influence of steel type to under-film corrosion behavior 
because the interaction between coating degradation 
and metal corrosion is not considered. There is a need 
to understand coating degradation-metal corrosion cou-
pling analysis to clarify the CRS’s improved resistance 
mechanisms. 
In a previous report (Osawa et al., 2016), the authors 
developed a coating degradation-metal corrosion cou-
pling simulation method for epoxy coated steel panels 
in ship’s WBT. The incubation and extension of coat-
ing failure was simulated by using two-dimensional 
cellular automaton, and the steel diminution was simu-
lated by modifying IACS CSR-H’s 3-phases probabil-
istic model. The effectiveness of the developed simula-
tion method was demonstrated by comparing simulated 
and measured coating deterioration (blister) area and 
the corroded surface profile of scribed coated steel pan-
els exposed in VLOC’s WBT for 4.8 years.  
WBTs coating degradation starts from thin film thick-
ness regions (e.g. free edges and weld beads). There is 
a need to determine the coating life’s probability distri-
bution for these regions. This problem was not dis-
cussed in the previous report (Osawa et al., 2016), be-
cause it was assumed that the corrosion started from the 
scratch (bare metal substrate).  
For this paper, a ‘spattering model’ has been developed 



that can emulate sporadic coating failure during incu-
bation. From this work, a probabilistic model for coat-
ing life of spatters (point coating defects) is proposed. 
Simulations of Shiotani and Tachibana (2016) meas-
ured data of free edge corrosion behaviors were con-
ducted. For epoxy coated deck longitudinal members 
of conventional steel and CRS in WBTs of a VLOC. 
The effectiveness of the proposed model was examined 
by comparing simulated and measured stochastic char-
acteristics of corroded spot length on free edges. Based 
upon simulation results, CRS’s resistance improve-
ment mechanisms are discussed. 

Onboard Measurement of Free Edge Corro-
sion in WBTs (Shiotani and Tachibana, 2016) 

Measurement Conditions 

Shiotani and Tachibana (2016) measured the coating 
degradation behavior in WBTs of a VLOC. CRS were 
adopted to the upper deck longitudinal members in No. 
5 WBT, while conventional steel were adopted in No. 
3 WBT as shown in Fig. 1. The coating specification 
for both WBTs was tar epoxy 150 m ×2 coats.  
Let ‘corroded spot’ denote the coating deterioration 
spot on the free edges of deck longitudinal members. 
Let t be the ship’s age, lS the corroded spot length (lon-
gitudinal dimension), lS(x) the cumulative sum of lS 
up to x (sum of length of corroded spots with lS x), and 
Ltotal the total lengths of the evaluated edges in each 
WBT. At t=4.8 and 7.3 years, free edges of longitudinal 
members in No. 3 and No. 5 WBTs were photographed 
continuously, and lS (discretized every 5mm) data was 
recorded. The Ltotal for both No. 3 and No. 5 WBTs was 
172m. 

 
Fig. 1: Locations of WBTs that contained CRS and 

conventional steel panels. 

Onboard exposure tests of scribed coated steel panels 
(conventional steel and CRS) were also performed in 
the mentioned WBTs. In the previous report (Osawa et 
al., 2016), the under-film corrosion simulation param-
eters were determined so that the simulated coating de-
terioration (blister) area and corroded surface profile of 
those panels agreed with those measured. 

Measurement Results 

Let flS(x) denote the relative frequency of discretized 
(every 5mm) lS; Pr 5mmlS Sf x x l x . Figs. 2 
and 3 show changes of flS(x) and lS on lS. The follow-
ing findings were obtained from these figures:  
a) lS of CRS edges is about 60~70% of that of con-
ventional steel edges for both t=4.8 and 7.3 years;  

b) for conventional steel, flS(x) decreases with lS mon-
otonically at t=4.8 years while flS(x) shows its maxi-
mum at lS=20mm for t=7.3 years.  
c) for CRS, flS(x) decreases with lS monotonically for 
both t=4.8 and 7.3 years, and flS(x) at lS=10mm (the 
shortest lS) at t=7.3 years is about 65% of that at t=4.8 
years. 

 
Fig. 2: Relative frequencies of corroded spot length 

measured at t=4.8 and 7.3 years Shiotani and 
Tachibana, 2016). 

 
Fig. 3 Cumulative sum of corroded spot length 

measured at t=4.8 and 7.3 years (Shiotani and 
Tachibana, 2016). 

Coating Degradation-Metal Corrosion Cou-
pling Simulation Method (Osawa et al., 2016) 

Cellular Automaton for Coating Degradation 

A coated surface is divided into a regular grid of cells. 
IACS CSR-H’s 3-phases model is adopted to each cell. 
Let ‘stat’ be the cell’s state variable which shows its 
phase, and is one of COATED (phase I), STANDBY 
(phase II) or ACTIVATED (phase III). ‘Rust shield ca-
pacity’, which decrease the occurrence probability of 
Phase II->III transition and the diminution rate in Phase 
III, are both considered. Let ‘shield’ be the state varia-
ble, which shows the existence of rust shield effect, and 
is either TRUE or FALSE. Consequently, the cell’s 
corrosion conditions are grouped into five states, and 
are represented by different colors in the cell state dia-
gram: 
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State I (White): cell is in phase I; the coating film’s 
barrier capacity has not been lost; 
stat=COATED. 

State IIa (Gray): cell is in phase II and the rust shield 
capacity has not vanished; under-film corrosion 
occurs; the substrate is under a blister; a 
corrosion pit has not been activated; 
stat=STANDBY, shield=TRUE. 

State IIb (Black): cell is in phase II and the rust shield 
capacity is lost; small amount of under-film 
corrosion occurs; a corrosion pit has not been 
activated; stat=STANDBY, shield=FALSE. 

State IIIa (Purple): cell is in phase III and the rust shield 
capacity has not vanished; a pit is activated and 
continues to grow slowly; stat=ACTIVATED, 
shield=TRUE. 

State IIIb (Red): cell is in phase III and the rust shield 
capacity is lost; a pit is activated and continues 
to grow rapidly; stat=ACTIVATED, 
shield=FALSE. 

Coating Degradation Process 

Let t be the testing time and t be the time increment. 
State I cell which has adjoining corroded (phase II/III) 
cells is called ‘outer edge cell’, and is located in the 
interior of an intact coating film called ‘normal cell’. 
Let r be the distance between centers of outer edge cell 
and nearby corroded cells. 
At the beginning of a simulation, a coating life T0 of a 
cell is set by a random number whose p.d.f. is given by 
lognormal distribution. Let 0 be a normalized remain-
ing coating life. 0=1.0 at t=0, and it decreases by 

0t T  in t. Coating degradation (Phase I->II transi-
tion) is modeled by considering the ‘coating’s barrier 
capacity’ F0. For normal cells, F0 is 1.0 at t=0 ( 0=1.0) 
and it becomes zero at t=T0 ( 0=0). It is assumed that 
F0’s changing rate is negligibly small up to the coating 
life. The decrease of F0 for a normal cell, F0n, is given 
by the formula below: 

1
0 0 0

m
nF m  (1) 

where, 0 is the decrease of the normalized remaining 
coating life, and m is a constant. 
The coating film adjoining corroded part (blister or cor-
roded bare metal substrate) deteriorates much faster 
than the interior part of an intact film. This can be em-
ulated by considering that F0 of an outer edge cell re-
duces drastically when there are corroded cells in the 
vicinity. Let R0 be the radius of influence range of cor-
roded cells in the neighborhood. In this study, the fol-
lowing quantity is added to F0n for outer edge cells: 

0 0
0 0 0 01
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where, n0 is the number of corroded (phase II/III) cells 
in the influence range, i the index of corroded cells, A0 

the degradation acceleration factor, fbare the 
magnification factor for bare metal substrate, and p0 the 
exponent which controls the distance attenuation of 
corroded cell’s acceleration effect. ir  in Eq. (2) is the 
normalized distance between the outer edge and i-th 
corroded cells defined by the equation below:  

0 0

01.0
i i

i
i

r l r l
r

r l , (3) 

where, l0 is the reference cell size (edge length), and ri 
the distance between cells. (see Fig. 4): 

 
Fig. 4 Adjacent and neighbor cells in the influence 

radius R0 of an outer edge cell. 

When F0 becomes zero, ‘stat’ changes from COATED 
to STANBY, and State IIa begins. The duration of State 
I, TI, is given as t at this transition. 

Pitting Activation 

The phase I->II transition time Tr is given by exponen-
tial distribution, and the cell’s probability of activation 
occurring in the time increment t, ppit, is given by the 
equation below: 

pit

exp
exp

p t , (4) 

where,  is the inverse of mean transition time. 
In State II (t>TI), a roulette selection with ppit is 
performed at each time step in order to decide the pit 
activated time Tp. Phase III (State IIIa/IIIb) starts at Tp. 
The duration of State II, TII, is given as TII = Tp – TI. 

Corrosion Pit Growth 

After the cell transfers into phase III (State IIIa/IIIb), 
the pit depth d increases with t following the power law. 
The increment of d in t is given by the equation be-
low: 

1
I II; ,

t b
p pd ab d t T T T T ,  (5) 

where a and b are the coefficient and exponent of the 
power law. 

Rust’s Shielding Effect 

Let FS be State IIa/IIIa cell’s ‘rust shield capacity’, and 
TS be the cell’s lifetime of rust shielding. FS=1.0 when 
t=TI, and ‘shield’ changes from TRUE to FALSE when 
FS becomes zero.  
Let fS be the decreasing rate of pit activation probability 
and corrosion growth. In this study, it is assumed that 
fS is a function of FS, and is given by the formula below: 



ln 2 ln
,0 ,01 1 hT

S S S S Sf F f f F , (6) 

where, fS,0 is the fS’s initial value (<1.0) and Th the nor-
malized half-life of rust’s shield effect. fS is small 
(=fS,0) at the beginning of State IIa/IIIa, it then in-
creases with the decline of FS, reaching to 1.0 when 
FS=0. Let S be the normalized remaining shield life. 

S=1.0 at t=TI, decreasing it by St T  in t. In this 
study, the decrease of FS in S is given by the formula 
below when there is no bare metal substrate in the vi-
cinity: 

Sn SF  (7) 

It is assumed that the decrement of FS is accelerated 
when there are bare metal (State IIb/IIIb) cells in the 
vicinity. Let RS be the radius of influence range of bare 
metal cells in the neighborhood. In this study, the fol-
lowing quantity is added to FSn: 

1
; 1S Sn p

Si S i S S ii
F F A r , (8) 

where, nS is the number of bare metal cells within the 
influence range, i is the index of bare metal cells, AS is 
the acceleration factor of shield effect’s decline, pS is 
the exponent which controls the distance attenuation, 
and ir  is given in Eq. (3). When FS becomes zero, 
‘shield’ changes from TRUE to FALSE, and State 
IIb/IIIb begins. 

Corrosion Pit 

In the same manner as Kawamura et al. (2015), corro-
sion pits are assumed to be cone shaped as shown in 
Fig. 5. Let (xpj, ypj) be the xy coordinates of j-th pit cell 
center, dj the pit depth, j the bevel angle (see Fig. 5). 
Giving j a random number, and updating cell’s varia-
bles (‘stat’ and ‘shield’, F0, FS and d), a list of pit in-
formation (xpj,ypj,dj, j) (j=1,…,M) is calculated at each 
time step, where M is the number of pits. 
A corroded surface is approximated by an envelope of 
all pit cones. The surface elevation difference from the 
non-corroded surface at the i-th cell, di, is calculated by 
the formula below: 

,

2 2

,

max 1,...,

; tan ,
2

j i j
i pj

j

j
j pj i j ci pj ci pj

R r
d d j M

R

R d r x x y y

 (9) 

where, Rj is the diameter of the intersection between j-
th pit cone and the non-corroded surface. ri,j is the dis-
tance between the j-th pit’s bottom and the i-th cell’s 
center (see Fig. 5). 

 
Fig. 5 Cross sectional shape of a corrosion pit. 

Cellular Automaton Simulation of Scribed 
Coated Steel Panels (Osawa et al., 2016) 

Cellular Automaton Parameters 

Parameters T0, TS, A0, AS, and a are given as random 
numbers that follow lognormal distribution, whose 
p.d.f. is given by the equation below: 

2

2

ln1 exp
22
x

f x
x

 (10) 

, where  and  are the population parameters. Let 
S S) A0 A0 AS AS a a  be 

population parameters of T0, TS, A0, AS, and a. 
In following discussions, ( 0, 0) are called ‘coating 
life parameters’, (R0, m A0 p0 fbare) of Eqs. (1) and 
(2) ‘coating degradation parameters’, ( S, S, RS, AS, pS, 
fS,0, Th) of Eqs. (6), (7) and (8) ‘rust shielding parame-
ters’, and ( a, a, b,  of Eqs. (4) and (5) ‘metallic 
corrosion parameters.’ 

Under-film Corrosion Behavior of Scribed Coated 
Steel Panels in WBT 

Let lcell denote the cell’s edge length, and WB be the 
averaged blister’s breadth. Cellular automaton is used 
to simulate under-film corrosion behaviors of coated 
steel panels with a scribe, which where, conducted 
onboard exposure test performed by (Shiotani et al., 
2012; Shiotani and Nakamura, 2015).  
Fig. 6 shows the test panel’s cellular model. The size 
of analysis area is 200mm  200mm (in x and y direc-
tions), and it is divided into 80  80 cells; i.e., 
lcell=2.5mm. A line shaped scribe along the y -axis with 
the length of 1  40 cells (2.5mm  100mm) is located 
at the center of the analysis area. Both T0 and TS are set 
to zero for this scribe so that those cells shift to State 
IIb at the beginning of a simulation. 

 
Fig. 6 Cellular automaton model of an scribed 

panel. 

The coating life parameters ( 0, 0) for intact-coated 
cells were determined so that T0’s mean is 28 years and 
its standard deviation (SD) is 2.5 years, based on the 
analysis of Matoba (1998). The exponent b of Eq. (5) 
was determined by performing cyclic corrosion tests 
(CCT) of uncoated conventional steel and CRS panels 



(Osawa et al., 2016). Pit’s bevel angle  (Fig. 5) was 
assumed to follow the two-parameters of Weibull dis-
tribution with a mean of 0.808  (rad.) and a SD of 
0.0595  (rad.) based on Kawamura et al. (2015). Eq. 
(5)  was set to 0.36 based on Yamamoto and Nakai 
(2006). l0 in Eq. (3) was lcell=2.5mm, and m of Eq. (1) 
was 0.01. 
Coating degradation parameters were determined so 
calculated t WB relations would agree well with those 
measured. The rust shielding and metallic corrosion pa-
rameters were also determined so that the calculated 
corroded surface profiles would agree well with those 
measured. Details of the parameters determination pro-
cedure is presented in Osawa et al. (2016). The deter-
mined parameters for conventional steel and CRS are 
listed in Table 1.  

Table 1: Cellular automaton parameters for intact-
coated cells. 

 
Fig. 7 (a) and (b) show examples of cell status maps of 
conventional steel panel at t=0.6 and 4.8 years. The 
black line in Fig. 7 (a) is the scribe. Gray regions are 
blisters. Purple and red spots are activated pit under the 
blister and that on the bare metal substrate. These fig-
ures show that the developed cellular automaton can 
emulate the under-film corrosion process around a 
scribe. 
Fig. 8 shows comparisons of calculated and measured 
WB. The calculated WB agrees very well with those 
measured, not only in the steady state (the period with 
almost constant dWB/dt) but also in the initial acute pe-
riod. Fig. 9 shows comparisons of mean cross sections 
of the calculated and measured corroded surfaces of 
scribed CRS panels. This figure shows that the aver-
aged calculated chart agrees very well with that of the 
measured profile. The results presented demonstrate 
the validity of the developed cellular automaton pro-
gram. For under-film corrosion simulation of coated 

steel panels with mechanical coating defects in WBT’s 
corrosive environment. 
The probability distribution of T0 adopted for this chap-
ter are fictitious, but the measured coating degradation 
process can be reproduced by adjusting the acceleration 
factor A0 in accordance with T0. 
 

Corrosion Resistance Improvement Mechanisms of 
CRS

Table 1 shows that CRS’s R0 and fbare are 80% and 
43.5% of those for conventional steel, and CRS’s RS is 
28.8% of that of conventional steel. These indicate that 
the radius of influence range of corroded cell’s harmful 
effect on the remaining coating life at the blister’s 
frontline becomes smaller in CRS and the radius of in-
fluence range of bare-metal surface’s harmful effect on 
the rust shielding capacity becomes smaller in CRS. 

  
(a) t=0.6 years            (b) t=4.8 years 

Fig. 7  Examples of calculated cell status of the 
scribe panel model (conventional steel, t=0.6
and 4.8 years). 

 
Fig. 8  Comparisons of calculated and measured (in 

CCT and onboard exposure tests) averaged 
blister’s width WB for conventional steel and 
CRS.

Spattering Model for Corrosion Started from 
Sporadic Coating Defects 

Spattering Region 

In this study, it is assumed that coating failures start 
from clustered sporadic point coating defects were the 
failures grow and combined to form edge degradations. 
In order to simulate this phenomena, ’spattering model’ 
was developed. 
Let ’spatter’ denote a point defect cell, and ’spattering’ 
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region  a point defect cluster region, Perr is the prob-
ability that the cell becomes a center of a spattering re-
gion. A circular spattering region is considered for two-
dimensional clusters, while a linear region is consid-
ered for one-dimensional clusters (such as free edges). 
Let L be ’s radius (for a two-dimensional case) or half 
length (for a one-dimensional case) as shown in Fig. 10. 
A roulette selection with Perr decides whether the cell 
becomes a spattering region’s center. It is assumed that 
L’s p.d.f. is given by Eq. (11), where Pr[L<4 ] 
=98.17% 

1 exp Lf L . (11) 

 
Fig. 9 Comparisons of mean cross sections of the 

calculated and measured corroded surfaces of 
scribed panels (CRS, t=4.8 years) 

 
Fig. 10 Two-dimensional ‘spattering’ region and 

‘spatters’. 

Arrangement and Properties of Spatters 

For the spattering region , let psptr be the spatter’s oc-
currence probability, nsptr the number of spatters, and 
ncell the number of cells in . It is assumed that psptr 
follows a lognormal distribution with population pa-
rameters ( p,sptr, p,sptr). 
 
 
Let O  be ’s center and Si be the i-th spatter. (xC, yC) 
and (IC, JC) are the coordinates and cell address of O , 
and (xi, yi) and (Ii, Ji) are the coordinates and address 
of Si. ri is the length of the segment O Si, i is the angle 
(in rad.) formed from O Si and x-axis,  the spatter ad-
dress list. 

(xi, yi) and (Ii, Ji) (i=1, ..., nsptr) are calculated by Eq. 
(12) (for a two-dimensional case) or Eq. (13) (for a one-
dimensional case), and (Ii, Ji) is appended to . 

cell cell

cos , sin

Int , Int
i C i i i C i i

i C i C i C i C

x x r y y r

I I x x l J J y y l
 (12) 

cell

, sgn

, Int
i C i C i i

i C i C i C

x x y y r r

I I J J y y l
, (13) 

where, i is a random number between 0 and 2 . 
For each ’s member, the coating life T0,sptr is given by 
using ( 0,sptr, 0,sptr). Hereafter, (Perr, , 0,sptr, 0,sptr, 

p,sptr, p,sptr) are called ’spattering parameters’. 

Cellular Automaton Simulation of Free Edge 
Corrosion of Longitudinal Members in WBT 

Analysis Target and Simulation Procedure 

Free edge corrosion behaviors shown in Figs. 2 and 3 
are simulated by using developed cellular automaton 
and spattering model. lcell is the same as that used for 
scribed panel simulations (=2.5mm). The analysis area 
consists of 79 column (197.5mm in x-dir.)  800 rows 
(2,000mm in y-dir.). A linear free edge along y-axis 
with a length of 1  800 cells (2,000mm) is located at 
the center of the analysis area. The model length Lmodel 
is 2,000mm. For each cell on ’edge’, a roulette selec-
tion with Perr is performed.  
When the roulette hits a cell, a one-dimensional spat-
tering region  is generated. Simulation of the coating 
degradations starts from spatters. Table 1 provides a 
list of parameters for normal (other than edge) cells. As 
for edge cell’s coating degradation, the acceleration 
factor A0,edge is larger than that of normal cells. Spat-
ter’s coating life parameters are different from those of 
normal cells. All other parameters are the same as for 
normal cells. 
Simulations are repeated Ltotal/Lmodel = 172m/2,000mm 
= 86 times. Let i be a set of calculated corroded spot 
length in the i-th simulation. Let  be the union set of 

i (i=1,...,86). Hereafter, this union set is called a ’trial’. 
’s stochastic characteristics, flS(x) and lS, of a sin-

gle trial correspond to those of onboard measurements. 
In this study, five trials are performed for each conven-
tional steel and CRS. 

Corrosion of Conventional Steel Edges 

Spattering parameters for conventional steel edges are 
correlated with measured data to determine flS(x) and 

lS.. These correlated parameters are listed in Table 2. 
Figs. 11 and 12 show comparisons of measured and cal-
culated flS(x) and lS for conventional steel edges. The 
measured flS(x) and lS are within the variation range 
of calculated results. This demonstrates that the edge 
corrosion of longitudinal members made of conven-
tional steel in WBT can be simulated by using the de-
veloped spattering model, and the chosen simulation 
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parameters are effective under conditions chosen. 
For spatter’s coating life parameters in Table 2, the ex-
ceedance probability of T0,sptr at t=5 years is smaller 
than 1%. This means that conventional steel edge’s 
point failure incubation has completed by t=4.8 years, 
and subsequent edge degradation is mainly caused by 
extension and combining of existing failures. 

Table 2 Spattering parameters for conventional steel 
edges. 

 

 
(a) Relative frequency flS(x).

 
(b) Cumulative corroded area length lS.

Fig. 11 Comparison of measured and calculated 
probabilistic distributions of the corroded 
spot length (t=4.8 years, conventional steel).  

Corrosion of CRS Edges 

The coating specification of No. 5 WBT (CRS) was 
equivalent to that of No. 3 WBT (conventional steel). 
Thus, (Perr, , psptr) of Table 2 (for conventional steel) 
can be adopted into CRS edge simulations. Figs. 2 and 
3 show that lS for CRS is smaller than that for conven-
tional steel, and CRS’s flS(x) at t=7.3 years decreases 
with lS monotonically. Results like these can be 
achieved when spatter’s failure starts later than con-
ventional steel cases and point defect’s combining pro-
cess has not been completed at t=7.3 years. 
Therefore, it is assumed that CRS edge corrosion can 
be simulated by shifting T0,sptr’s p.d.f. to long-life side. 

For simplicity in this study, CRS’s T0,sptr are given by 
uniformly shifting. The shift of T0,sptr is determined so 
that the calculated flS(x) and lS at t=7.3 years agrees 
with those measured, and it was found that T0,sptr=1.5 
years gives acceptable agreement. In these simulations, 
CRS’s parameters in Table 1 and spattering parameters 
in Table 2 are adopted, and then T0,sptr (=1.5 years) is 
added to T0,sptr. 

 
(a) Relative frequency flS(x).

 
(b) Cumulative corroded area length lS.

Fig. 12 Comparison of measured and calculated 
probabilistic distributions of the corroded 
spot length (t=7.3 years, conventional steel).  

Fig. 13 (a) and (b) shows comparisons of measured and 
calculated flS(x) and lS for CRS edges. In the same 
manner as conventional steel cases, the measured flS(x) 
and lS are within the variation range of calculation re-
sults. This shows that the assumption on the CRS’s 
spattering parameters is effective under conditions cho-
sen. It can be considered that CRS’s edge corrosion re-
sistance improving effect is provided by the delay in 
point defect’s coating failure incubation. 

Conclusions 

In this study, a simulation method was developed to ex-
amine under-film corrosion of epoxy coated steel pan-
els and edges in WBT environment. The coating failure 
simulation used two-dimensional cellular automaton, 
and the steel diminution simulation used a modified 
IACS CSR-H’s 3-phases probabilistic model. For edge 
corrosion simulations, a ’spattering’ point coating de-
fect model was developed. The corrosion behaviors of 
epoxy coated scribed steel panels and longitudinal 

A0,edge =1.68, =0.38 (mean=5.767, stdev=2.273)
Perr 0.0023

(mm) 30
T0,sptr (year)  =0.65 (mean=0.372, stdev=0.270)
psptr  =0.38 (mean=0.973, stdev=0.383)
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member’s free edges, made of conventional steel and 
CRS were exposed to a simulated WBT environment.  
This study found the following results: 
(1) The simulated coating deterioration (blister) area 

and the corroded surface profile of coated scribed 
panels agree very well with those measured. This 
demonstrates the effectiveness of the developed 
cellular automaton and the determined parameters. 

(2) The differences in analysis parameters between 
conventional steel and CRS suggest that CRS can 
reduce the harmful effect of the active corrosion 
region on the remaining coating life at the blister’s 
frontline and the corrosion under the blister. 

(3) The simulated probability distributions of free 
edge’s corroded spot lengths almost agree with 
those measured. This shows effectiveness of the 
developed spattering model in edge corrosion sim-
ulation. It is found that CRS’s edge corrosion re-
sistance improving effect is provided by the delay 
in point defect’s coating failure incubation. 

 
(a) Relative frequency flS(x).

 
(b) Cumulative corroded area length lS.

Fig. 13 Comparison of measured and calculated 
probabilistic distributions of the corroded 
spot length (t=7.3 years, CRS, T0,sptr=1.5 
years).  
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Abstract Heading 

This paper discusses a procedure to optimize ship hull forms 
for minimum required power and best wake field quality, 
based on viscous flow computations. This research elaborates 
on an earlier optimization at MARIN (Van der Ploeg and 
Raven, 2010 and Van der Ploeg, Starke and Veldhuis, 2013). 
That optimization lead to a clear Pareto front and trends for a 
systematic variation study for the afterbody of a chemical 
tanker. In 2016, new steps are taken to ease and generalize the 
method of hull shape generation. In the previous study the 
design space was set up by means of ‘manually’ designed 
basis hull shapes. In the new approach we test the use of 
generic basis hull shapes which are automatically generated 
from one initial hull shape. If effective, this approach can 
speed up the design process significantly. Finally, we want to 
improve the process even further  by using a Design of Exper-
iments approach in which the systematic variations are re-
placed by a more clever distribution of calculations over the 
design space. 
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Optimization; CFD; power; wake field; optimization; 
Design of Experiments. 

Introduction 

Today, optimization procedures based on CFD-
computations are used more and more in practical ship 
design projects. Potential-flow solvers are used routine-
ly nowadays to optimize the front part of ships, for 
example, in order to minimize wave resistance. For the 
aft part of ships, however, where the flow is often dom-
inated by viscous effects, viscous flow solvers have to 
be used. Until now it is not unusual in ship design to 
analyze the results of a limited number of computations, 
and derive recommendations on hull form changes from 
that; based on an understanding of the flow physics and 
its relation with the hull form. Better quantified im-
provements can be obtained by automatic optimization 
procedures based on a series of CFD computations (Van 
der Ploeg and Raven, 2010 and Van de Ploeg, Starke 
and Veldhuis, 2013). These studies focused on system-
atic hull-form variations based on specifically designed 
basis hull forms. The calculations accounted for the 

influence of ship’s generated waves, viscous effects on 
these waves and the influence of dynamic trim and 
sinkage on the computed trends, all at full-scale. 
The optimization procedure consists of several sets of 
systematic variations after which analysis of the trends 
gives insight in setting up new and better designed basis 
hull forms. Finding the effective basis hull-forms can be 
time consuming, especially if the design knowledge is 
not mature. Furthermore, the definition of basis hull 
forms based on current design knowledge can lead to 
‘tunnel vision’ and might not bring new insights. 
The first goal of this research is to ease and generalize 
the method of generating the first set of basis hull 
forms. This is especially profitable when not much 
design clues are available. By basing the initial basis 
hull forms on generic shape modifications in depth 
design knowledge is of less importance in that stage of 
the process. A first variation set based on the generic 
basis hull shapes can lead to new basis hull shapes in 
which again design knowledge can be incorporated. 
Hence the generic shapes should enable the Naval Ar-
chitect to scan the design space in a faster and more 
effective way. Note, it is not the intention to fully base 
the optimization on generic shapes only. It will give fast 
and first insights and guides the design process in the 
first phase. 
The second goal of the current research is to further 
speed up the calculation process. Especially when a 
large number of basis hull forms has been constructed 
systematic variations can easily result in large numbers 
of calculations. One way to speed up this process is the 
use of a Design of Experiments (DoE) approach. With 
the DoE a clever way of sampling in the design space 
can result in much less calculations compared to sys-
tematic variations, but still result in correct trends and 
optima. 
These two methods can make the hull line optimization 
process even more efficient and effective. 

Ships 

Two ships are used in this study. 
For the application of generic hull shapes a tanker is 
taken from the 7th-Framework EU project “STREAM-
LINE”. The ship’s speed is 14 knots, Lpp=94m, 



B=15.4m, the design draft is 6m and the block coeffi-
cient is 0.786. The Froude number is 0.237 and the 
Reynolds number is 6x108. More on the optimization of 
this ship can be found in Van der Ploeg, Starke and 
Veldhuis (2013). 
For the application of the Design of Experiments ap-
proach a chemical tanker is taken. The ship’s speed is 
16.2 knots, Lpp=166m, B=31m, the design draft is 
10.8m and the block coefficient is 0.783. The Froude 
number is 0.207 and the Reynolds number is 1.4x109.  

Methods 

RANS/FS Method 

The RANS code used is PARNASSOS (Hoekstra, 1999), a 
code developed by MARIN and Instituto Superior 
Técnico (IST), Lisbon. It computes the steady, turbulent 
flow around ship hulls by solving the discretised Reyn-
olds-averaged Navier-Stokes equations for steady, in-
compressible flow. We used Menter’s one-equation 
turbulence model (Menter, 1997) with the Dacles-
Mariani correction (Dacles-Mariani, 1995). Wall func-
tions are not necessary, not even at full scale. 
A finite-difference discretization was used with second 
and third-order schemes for the various terms. The way 
in which the resulting system of non-linear equations is 
solved is very efficient with respect to both CPU-time 
and memory usage (Van der Ploeg, Hoekstra and Eça, 
2000), which makes it very well suited for doing sys-
tematic variations or in combination with an optimiza-
tion strategy.  
The inflow boundary is located 0.5 Lpp in front of the 
bow, and the outflow boundary at 1.5 Lpp behind the 
transom. Due to symmetry considerations, only the 
starboard side is taken into account. The lateral outer 
boundary is a quarter of a cylinder with axis y=z=0 and 
radius 1.0 Lpp. At this boundary tangential velocities and 
pressure found from a potential-flow computation are 
imposed. Since that computation gives good results 
already for much of the wave pattern, these boundary 
conditions (although of Dirichlet type) hardly cause any 
wave reflection. 
The method is of a free-surface fitting type; the upper 
boundary of the computational domain coincides with 
(an approximation of) the wave surface all the time, and 
therefore needs to be updated repeatedly. Free-surface 
boundary conditions (FSBC's) are imposed here. More 
details can be found in Van der Ploeg, Starke and 
Veldhuis (2013). 
Dynamic trim and sinkage can easily be taken into ac-
count: each time after the RANS equations have been 
solved, corrections of trim and sinkage can be computed 
from the imbalance in forces and moments, and these 
corrections can be taken into account in the next grid 
update. Upon convergence the pressure deviation, nor-
mal velocity and shear stress vanish at the wave surface 
and the solution of the steady RANS/FS problem has 
been obtained. This iterative method usually converges 
very fast (Raven, Van der Ploeg, Starke, 2004). In our 
computations, in which we started from a wave pattern 
computed by a panel code, only nine updates are re-

quired to get a converged solution. 
We use a special block topology (Starke, Raven, Van de 
Ploeg, 2007 and Van der Ploeg and Starke, 2011) that 
can handle both wetted and dry transoms, and even 
transoms that are partly dry and partly wetted. This 
topology consists of four blocks (Fig. 5). One block 
upstream of the transom contains an HO-type grid with 
a mild stretching towards the bow and the stern in longi-
tudinal direction, and the usual strong contraction in 
wall-normal direction towards the hull in order to have 
y+-values below 1 near the wall. It has a non-conformal 
matching with three blocks downstream of the transom, 
containing HH-type grids. The grid nodes in the block 
immediately behind the transom are both contracted 
towards the symmetry plane and the free surface to get 
sufficient resolution near the transom, also in vertical 
direction at a possibly wetted part of the transom. In 
(Van der Ploeg and Starke, 2011) it is shown that with 
this grid density the grid dependence in the computed 
flow and free surface is small, and that good agreement 
with available measurements can be obtained. In the 
variation studies grids are generated around each variant 
via a fully automatic grid generation procedure. To 
minimize the effect of discretization errors on the com-
puted trends, these grids are as similar as possible (same 
size and grid settings). 
 

 
Figure 1 Detail of the block-structured grid near the stern. 

Object function for the required power 

Minimizing the resistance only is not the best way to 
reduce fuel consumption, since a decrease of the re-
sistance is often accompanied by a relatively strong 
decrease of the nominal wake fraction (Van der Ploeg 
and Hoekstra, 2009), changing the point of operation of 
the propeller. Instead, we use the power delivered to the 
propulsor. Various methods can be used to estimate the 
required efficiency of the propeller. It could be comput-
ed by including a propeller directly in the RANS com-
putation or by coupling the RANS code with a 
(inviscid) BEM-code. However, this would mean that 
one optimizes the hull form for the particular propeller 
chosen, instead of optimizing both in combination. 
Therefore, we will follow a different approach: the 
achievable performance of the propeller is obtained 
from the B-series of propellers (Kuiper, 1992). In this 
way, we also obtain information about the properties of 
an optimized propeller for the optimized hull form. The 
estimate of the required power is given by 



                        (1) 

in which RT is the towing resistance, w  the estimated 
effective wake fraction, U the ship speed, t the thrust 
deduction fraction, ηo the propeller efficiency in open 
water, and ηR the relative rotative efficiency, approxi-
mated by 1. We obtain ηo from the above-mentioned 
analysis of the B-series. The thrust, wake fraction, num-
ber of blades, propeller diameter and revolution rate 
were fixed, while the blade area ratio and pitch ratio for 
each hull form were found from the B-series. The effec-
tive wake was determined from an initial RANS-BEM 
calculation from the original ship. The nominal wake 
fields of all variations in the design space are then made 
effective based on this initial RANS-BEM calculation. 
The assumption is that the step from nominal to effec-
tive is small in case similar ships are used, which is the 
case for the approach in our hull design studies. 
To compute the thrust deduction fraction t we perform a 
second RANS computation including a force distribu-
tion representing the propeller with an imposed thrust 
T0. The force distribution over the propeller plane comes 
from the initial RANS-BEM calculation. This thrust is 
an estimate of the thrust T  required for self propulsion, 
assuming a linear behavior between the force on the hull 
and T0. The thrust deduction fraction can then be com-
puted from t=(R0-RT)/T0 with R0 the resistance force 
from the second RANS computation.  

Object function for the wake 

The second object function is one that represents the 
quality of the inflow to the propeller. Strong variations 
in the angle of attack, especially in the top half of the 
propeller plane, can cause vibration hindrance or in 
some cases increase the risk of erosive cavitation. 
Therefore, as a second object function we use a norm of 
the variation of the angle of attack. More precisely, we 
use the L1-norm of the variation of                                      

                1tan r
x RV V      (2)                                                                                       

with Vx and Vθ the axial and tangential velocity compo-
nents respectively, θ the angular position in rad. and ω 
the propeller rotation rate in rad/s. β is the undisturbed 
propeller inflow angle and its variation in circumferen-
tial direction as the propeller rotates is ∂β/∂θ. The L1-
norm is determined from integration in circumferential 
direction and over a range of radii from the hub to the 
tip and the propeller radius:  
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Herein f is a weighting function that can be used to 
make the outer region and/or the top region of the pro-
peller more important, here defined as  

.

Hull form deformation method

We used a B-spline-Merge method (Hoekstra and Ra-
ven, 2003) for the parametric deformations of the ge-
ometry. This method is implemented in the CAD-tool 
Rhinoceros and is referred to as Rhino-Merge. Rhino-
Merge interpolates between some basis hull forms. 
These basis hull forms ‘span’ the design space. Fig. 1 
illustrates how Rhino-Merge can make combinations of 
the basis hull forms by making linear combinations. 
Here an example of two basis hull forms is shown of 
which the average is taken as final shape.  

 
Figure 2 Linear combinations of hull shapes (P1 and P2). 

In the previous studies the basis hull forms were de-
signed by a Naval Architect and the variants were spe-
cific and effective variations of the hull form, for exam-
ple based on an analysis of the results from a first CFD 
computation for the original vessel. Design experience 
could be used in the choice of the basis hull forms, or 
otherwise successive cycles could help to display the 
dependence of the flow on the hull form and provide 
possibilities for further improvement. If the basis hull 
forms satisfy the geometric constraints and are well 
chosen all variations in the design space do so, although 
this is not guaranteed. We now explore the usage of 
generic shape variations to see whether this can speed 
up the process but still deliver high quality and useful 
design input. 
 
Fig. 2 illustrates the set up of the generic hull shapes. 
The generic hulls shapes are set up in two ways: In 
order to shift displacement the more widely used 
Lackenby shift method is used (Lackenby, 1950), simp-
ly by moving the sections with a predefined function. 
In order to change the local shape of the hull the sec-
tions are modified. These modifications can be done in 
several ways aiming at independent (hence an orthogo-
nal design space) and realistic shape variations; current-
ly we choose Fourier mode variations. A mode zero 
would increase or decrease the entire section. A mode 



one would decrease the frame close to the waterline and 
increase close to C.L. (and vice versa); it actually is a 
sinusoidal variation of the section where the length of 
the section corresponds to one ‘period” of the sinus. A 
mode two would correspond to a sinusoidal variation 
which fits twice in the length of the section. Higher 
modes can be used but are shown to result in insignifi-
cant hull changes and performance gains. All Fourier 
modes and Lackenby shifts can be used in positive or 
negative mode. 
 
Note, Fourier modes can be convenient to use for single 
screw vessels. Other ship types (e.g. prame type ferries, 
yachts) need different generic functions to result in 
proper shape variations. 
 

 
Figure 3 Generic hull shape variations by means of Fouri-
er mode changes of the section shapes and Lackenby shifts 
for LCB shifts. Frame views on the right (top to bottom): 
negative Fourier mode 0, positive Fourier mode 1,  nega-
tive Fourier mode 1. 
 
A disadvantage of using generic hull shapes is the num-
ber of basis hull shapes can quickly become too large to 
handle with a systematic variation approach. Therefore 
an initial sensitivity study can be practical to detect the 
most promising generic basis hull shapes. After that the 
systematic variations can be started using those generic 
basis hull shapes. Another way of lowering the number 
of calculations is to use a Design or Experiments ap-
proach. 

Design of Experiments method 

A choice should be made for the distribution of numeri-
cal experiments in the design space.  Design of Experi-
ments methodology guides this choice.  An efficient 
design ensures economic use of computational resources 
which is nowadays – given the cost of CFD calculations 
-  of utmost importance.     
Classical design of experiments are shown in Figure 4. 
On top the “grid” like designs that use a structured way 
to distribute the experiments. On bottom combinations 
of 2 and 3 level fractional designs (Taguchi) and com-
binations of 2 level fractional designs with incomplete 
block designs (Box Behnken). The optimal design series 
are optimal with respect to some statistical criterion. 
This results in the so called “optimal” design series. 
These methods have in common that they maximize 
“information” criteria using statistical theory. This can 
be done by choosing the response surface type a-priori 

followed by an optimization to find the “best” coordi-
nates in the design space. The response surfaces result-
ing from our variation studies are typically smooth, 
without local optima and can be described well by se-
cond order approximations. This design experience is 
used to determine which response surface type is most 
appropriate. From the optimal series, the D-optimal 
design is the most popular. The D-optimal design is 
found by maximizing the determinant of the information 
matrix.   Note that this optimization can be done before 
any numerical experiment is performed. A discussion 
about the advantages of the D-optimal design approach 
in practical design problems over the factorial design 
approach  is provided in (Box and Draper, 1971) 
The result is a more economic use of expensive numeri-
cal experiments. This is especially useful if a large 
number of design variables is present, e.g. resulting 
from systematic variations. In that case full factorial 
designs become intractable due to the exponential scal-
ing of the total number of experiments with dimensions, 
also called the curse of dimensionality.  

 
Figure 4: Classical design of experiments 

 
Figure 5: Scaling of experiments with dimensions 

As an example, consider the difference between the 
number of required experiments  of a 3 level full facto-
rial design in 6 dimensions (  ) and a D-
optimal design in 6 dimensions, see Fig. 5. T The num-
ber of experiments is reduced with a factor 7.  However, 
the computational gain depends on the DoE efficiency:  

    .   



The response surface accuracy is difficult to compute. It 
depends on the error of the response surface approxima-
tion integrated  over the entire design space. Practical 
methods to assess the response surface accuracy are 
statistical methods and cross-validation techniques. The 
response surface accuracy should be in general suffi-
cient for the goal of optimization.  
Recently, more attention is paid to modern DoE tech-
niques. These DoE techniques exploit the fact that there 
is no random error component in deterministic computer 
simulations, only deterministic variations  with the de-
sign parameters that can be perceived as noise. In addi-
tion it is assumed that the  functional form of the trend 
is unknown. This leads to “space-filling” design of 
experiments which are more suited for reducing bias 
errors rather than random errors, see (Giunta, 
Wojtkiewicz and Eldred, 2003). Examples are Latin 
hypercube designs, Quasi-Monte Carlo sampling and 
orthogonal array sampling. 

Results 

Results using generic shape variations 

The variations study with the generic shapes was con-
ducted in two phases. Firstly, a sensitivity study showed 
that the Lackenby mode 1 and 2 and the Fourier mode 2 
were hull shapes showing the largest influence on the 
ship performance. Secondly, a systematic variation was 
done using these basis hull shapes on a denser grid us-
ing a wide parameter space covering positive and nega-
tive Lackenby and Fourier modes. The results of the 
latter variation is shown in Fig. 6 together with the pre-
vious results of the method using designed basis hull 
shapes. The method using generic hull shapes shows 
significant scatter, and some of the resulting hull forms 
are passing the Pareto front. The hull shapes in red re-
semble hull shapes with a displacement loss of more 
than 0.5%. Because the exploration using generic basis 
hull shapes covered a wide parameter space also a lot of 
hull shapes showed a significant decrease in perfor-
mance.  

 
Figure 6: Pareto plot: Power versus wake objection 
function. Open symbols: datasets using design basis 
hull shapes. Closed symbols: datasets using generic 
basis hull shapes. Red closed symbols are ships with 
a displacement loss of more than 0.4%. The red line 
is an indication of the pareto front. 
 

The initial scan of the design space using generic basis 
hull shapes seems to progress to the pareto front. But, 
are the hull shapes resulting from the generic approach 
realistic hull shapes? Is it in line with the result of the 
designed basis hull shapes approach? This will be now 
investigated by means of a comparison of the results of 
some hull shapes coming from the two methods. 
First the optimum (candidate 2) of the designed basis 
hull form approach is compared to the original ship (see 
figure 7). The optimal ship resulted in a less pronounced 
gondola and more prame type sections and a less steep 
buttocks. 

 
Figure 7: Comparison of the frames of candidate 2 
(red) and the original (blue) 

 

 
Figure 8: Comparison of the frames and waterlines 
of candidate 1 (blue) and 2(red) 
 
Fig. 8 shows the comparison of candidate 1 and 2; can-
didate 1 being the shape coming from the method using 
generic basis shapes with the most power reduction still 
obeying the displacement constraint. Candidate 1 shows 
some reduction in the gondola width, but not as pro-
nounced as candidate 2. Analyzing the results from the 



generic basis shape method the gondola width is de-
creasing when going to lower powers in the bottom left 
of the pareto plot (see Fig. 9). Hence the trend is similar 
to the method using designed basis hull shapes. 

 
Figure 9: Frame 1.5 for hulls based on generic basis 
shapes in the top right (black), centre (green), and 
bottom left (red) of the pareto plot 
 
Fig. 8 also shows a clear difference between candidate 1 
and 2. The buttocks of candidate 1 are more raised and 
steeper than candidate 2. Displacement is compensated 
towards midship. The steeper buttocks will have an 
influence on the flow and stern wave pattern. Fig. 10 
shows the comparison of the wave patterns of the two 
candidates. The stern wave pattern is more pronounced 
for candidate 1 due to the steeper buttocks. Also note 
the small difference in bow wave system due to a small 
change in trim. Fig. 11 shows the transom flow in more 
detail. The steeper buttocks of candidate 1 results in less 
transom immersion but because of the positive pressure 
acting on the transom this is less beneficial. 

 
Figure 10: Comparison of the wave pattern of candi-
date 1  (bottom) and 2 (top) 

 
Figure 11: Comparison of the stern wave pattern of 
candidate 1  (right) and 2 (left) 
 
Table 1 gives the overview of the differences in re-
sistance, power, wake objection function, thrust deduc-

tion ,effective wake, hull efficiency and open water 
efficiency. It is clear candidate 2 shows the most profit, 
but candidate 1 already shows quite some improve-
ments. The hull and open water efficiency both show 
improvements of a similar level as candidate 2. Most of 
the gain lays probably in the resistance. The ‘choice’ of 
going to steeper buttocks and less transom immersion is 
not optimal. This becomes also clear when analyzing 
the trends in hull shapes in more detail. Fig. 12 shows 
the buttocks of three hull shape taken along the scat-
tered dataset for the generic basis hull shapes. It clearly 
shows the buttocks angle goes down for shapes in the 
bottom left of the pareto plot. This is in line with the 
optimum found from the designed basis hull shapes. 

 
Figure 12: Buttocks at 4m from C.L. for hulls based 
on generic basis shapes in the top right (black), cen-
tre (green), and bottom left (red) of the pareto plot 
 
We saw generic basis hull shapes can be used to have a 
quick scan of the design space and to come to some 
quick wins. Also some trends in hull lines (gondola 
shape and buttocks angle) were extracted. Overall, this 
is a nice achievement keeping in mind that setting up 
and drawing the designed basis hull shapes takes a cou-
ple of days, whereas setting up the generic basis hull 
shapes is fully automated. The trends show in which 
way the optimization should proceed. However, to come 
to a pareto front and finally optimal hull shapes more 
variations sets should be made. These sets should con-
sist of basis hull shapes including design knowledge to 
guide and focus the optimization more towards a pareto 
front. A different approach would be to set up the de-
sign space using different and more generic basis hull 
forms. Especially the latter approach would result in 
large numbers of basis hull shapes and therefore the 
need of reducing the number of calculations as much as 
possible. A Design of Experiment approach can help in 
such cases. 
 

Table 1: Relative difference with respect to the original 
ship for Candidate 1 (from generic shape varia-
tions) and Candidate 2 (from design shape var-
iations) 

 Candidate 1 Candidate 2 
%R -1.8 -5.2 
%P -2.2 -5.6 
%WOF -6.74 -1.0 
%t -7.6 -8.4 
%weff -9.9 -13.6 
%ηh -1.4 -2.0 
%ηo 1.9 2.0 



Results using Design of Experiments
 
To optimize a chemical tanker, a number of 
hydrodynamically relevant hull shapes are selected: 
straightening waterlines, straightening buttocks, widen-
ing transom, gondola pronouncing, changing buttock 
angle and changing transom immersion, see (Scholcz, 
Gornicz and Veldhuis, 2015).  This results in a 6 dimen-
sional design space with two object functions of inter-
est: the required power and the wake object function. 
Since the required power is observed to be more nonlin-
ear than the wake object function for this particular 
case, we focus in the following on the results of the 
required power only. 
Fig. 13 and Fig. 14 show the one-leave-out cross-
validation results of the relative change in required 
power as a percentage of the starting point of the opti-
mization process for the D-optimal design and the 3-
level full factorial design respectively. The closer the 
points are to identity, the higher the quality of the re-
sponse surface. It can be seen that  the density of points 
in Fig. 13 is much lower than the density of points in 
Fig. 14. Yet, the D-optimal points are more or less even-
ly distributed across the range of the object function 
while there is lots of repetition in the full factorial case. 
 

 
Figure 13: Cross-validation results, D-optimal 

 
Figure 14: Cross-validation results, full factorial 

In order to compare the response surface trends we limit 
ourselves to the comparison of  the object function in a 
center plane in the 6-dimensional design space, see Fig. 
15. We see that the trend obtained with the D-optimal 
design   compares well to the trend obtained with the 
full-factorial design. The D-optimal design is therefore 
more much more efficient than the factorial design for 
this particular optimization study. In future work we 
plan to use this DoE approach to obtain designs for 
generic shape variations.   

 

 
Figure 15: Trends obtained with a D-optimal design 
(top) and a full factorial design (bottom) 
 
 

Conclusions 

In this paper we have shown how generically made 
basis hull shapes and a Design of Experiment approach 
can significantly speed up a ship design process. 
A ship design space is typically spanned by a set of 
basis hull shapes. These hull shapes can be designed by 
a Naval Architect. This ensures the basis hull shapes are 
relevant and a minimal number of basis hull shapes is 
used. However, designing such basis hull shapes takes 
experience and time. This papers introduced a more 
generic approach: basis hull shapes which are a result of 
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an automated shape generator which makes use of 
Lackenby shifts and frame Fourier modes changes. For 
other ship types than the single screw tankers studied 
here (e.g. prame type ferries, yachts) different generic 
functions should be used to result in proper shape varia-
tions. 
Because the number of basis hull shapes and therefore 
number of calculations using a systematic variation 
approach can easily become very large an initial sensi-
tivity study is performed to detect the most promising 
generic basis hull shape. Hereafter the systematic varia-
tion is done. 
Comparison of the results of the systematic variation 
study based on the generic basis hull shapes with those 
based on the designed basis hull shapes shows that ge-
neric basis hull shapes provide a good initial exploration 
of the design space. Although clear pareto fronts are not 
detected in the first set, trends can be extracted and the 
design space can be further improved with newly con-
structed basis hull shapes to be used  in the further steps 
in the optimization process. 
We have also shown a Design of Experiments approach 
can be used to limit the number of calculations in the 
design space without losing accuracy of the resulting 
response surfaces. A typical example showed the total 
number of calculations can easily drop by a factor of 7. 
The generic basis hull shapes coupled to a DoE are a 
strong combination in ship optimization. However they 
do not replace the use of designed basis hull shapes. 
Designed basis hull shapes can be helpful in incorporat-
ing certain design features and restrictions. And, once 
the first variation sets are done, and global trends are 
known, the designed basis hull shapes can be effective 
and efficient in finding the pareto front. Steps to other 
generic basis hull shapes, covering more of the design 
space, will most probably result in more basis hull 
shapes in the variation study. With increasing numbers 
of basis hull shapes and a more complete span of the 
design space the use of optimizers becomes important. 
This is subject of further research. 
 

References 

Box, MJ, Draper, NR (1971), “Factorial designs, the 
|X’X| Criterion and Some Related Matters”, Tech-
nometrics, Vol. pp. 13, 731-742.  

Dacles-Mariani,  J, Zilliac, GG, Chow, JS and  
     Bradshaw, P (1995). “Numerical/experimental study  
     of a wingtip vortex in the near field”, AIAA Jnl, Vol.  
     33-9, pp. 1561-1568. 
Giunta, AA, Wojtkiewicz Jr, SF, Eldred, MS, “Over-

view of modern design of experiments methods for 
computational simulations”, AIAA 2003-0649, 41st 
AIAA Aerospace Sciences Meeting and Exhibit, 
Reno, NV, January 6-9. 

Hoekstra, M (1999). “Numerical simulation of ship 
stern flows with a space-marching Navier Stokes 
method”, Thesis, Technical University of Delft. 

Hoekstra, M and Raven, HC (2003). “A practical sys-
tem for hydrodynamic optimization of ship hull 

forms”, NAV 2003 Conference, Palermo, Italy. 
Kuiper, G (1992). “The Wageningen Propeller Series” 

MARIN publication 92-001. Published on the occa-
sion of its 60th anniversary. 

Lackenby, H, “On the systematic geometrical variation 
of ship forms”, 1950, RINA Transactions, Vol.92, 
1950. 

Menter, FR (1997). "Eddy-viscosity transport equations         
     and their relation to the k-  model", Journal of Fluids  
     Engineering,Vol. 119, pp. 876-884. 
Raven, HC, Van der Ploeg, A and Starke, AR (2004). 
      "Computation of free-surface viscous flows           
      at model and full scale by a steady iterative ap- 
      proach", 25th Symp. Naval Hydrodynamics,  
      St.John’s, Canada. 
Scholcz, P, Gornicz, T., and Veldhuis, C. (2015). 

“Multi-objective Hull-form Optimization Using 
Kriging on Noisy Computer Experiments”, Proceed-
ings of the 6th International Conference on Compu-
tational Methods in Marine Engineering (MARINE 
2015), Italy. 

Starke, AR, Raven, HC and Van der Ploeg, A (2007). 
“Computation of transom-stern flows using a steady 
free surface fitting RANS method”, Proceedings 9th 
International Conference on Numerical Ship Hydro-
dynamics. 

Van der Ploeg, A and Hoekstra, M (2009). “Multi-
objective optimization of a tanker after body using 
PARNASSOS”, Proceedings 12th NuTTs-
symposium, Cortona.  

Van der Ploeg, A, Hoekstra, M and Eça, L (2000). 
“Combining accuracy and efficiency with robustness 
in ship stern flow computation”, Proc. 23rd Symp. 
Naval Hydrodynamics, Val de Reuil, France. 

Van der Ploeg, A and Raven, HC (2010). “CFD-based 
Optimization for Minimal Power and Wake Field 
Quality”, Proceedings 11th International Symposium 
on Practical Design of Ships and other Floating 
Structures, Rio de Janeiro, pp. 92-101. 

Van der Ploeg, A and Starke, AR (2011) . “Prediction of 
the transom flow regime with viscous free surface 
computations”, International Conference on Compu-
tational  Methods in Marine Engineering” Barce-
lona. 

Van der Ploeg, A, Starke AR, and Veldhuis, CHJ 
(2013). “Optimization of a Chemical Tanker with 
Free-surface Viscous Flow Computations”, Proceed-
ings 12th International Symposium on Practical De-
sign of Ships and other Floating Structures, Korea, 
paper no. 096. 

 



Proceedings of PRADS2016 
4th – 8th September, 2016 

Copenhagen, Denmark 

Optimization of ships in shallow water with viscous flow computa-
tions and surrogate modeling 

Erik Rotteveel1), Auke van der Ploeg 2) and Robert Hekkenberg 3)  
1)Delft University, Netherlands 

2) Maritime Research Institute Netherlands (MARIN), Netherlands 
3) Delft University, Netherlands

Abstract 

Shallow water effects change the flow around a ship signifi-
cantly which can affect the optimum design of the hull. This 
paper describes a study into the optimization of the aft ship 
region for various water depths. The research focuses on 
variations of the following parameters of a hull form: The 
athwart ship’s propeller location, the tunnel top curvature, the 
flat-of-bottom shape in the stern region and the stern bilge 
radius. All hull form variants are evaluated in 3 different 
water depths using a viscous flow solver, and a surrogate 
model is created for each water depth. Pareto plots are used 
to present the trade-off between the optimization for one or 
another water depth. Finally, specific hull forms are chosen 
and the differences in flow behavior among hull forms and 
water depths are  explained. 
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Introduction 

Due to shallow water effects, optimization of inland 
ships is more complex than that of sea-going ships. In 
shallow water, the ship’s nominal resistance, the thrust 
deduction and the wake fraction will in general increase. 
The close relation between the hull form design and the 
exact amount of increase in each of these parameters in 
shallow water makes the optimization of inland ships 
extra challenging. A ship that is optimal for deep water 
may not be optimal in shallow water. Moreover, the 
water depth an inland ship encounters can change nu-
merous times along the route. For each change of water 
depth, the ship’s speed also changes because of  regula-
tions, or because critical speeds or large squat effects 
have to be avoided. Therefore, a range of water depths 
and ship speeds, rather than a single depth and speed, 
should be considered during inland ship optimization. 

In this paper, we focus on the optimization of the aft 
part of an inland ship. While model tests play an im-

portant role in ship optimization, they are costly in 
terms of budget and time, especially if multiple hull 
forms are to be investigated. Computational Fluid Dy-
namics (CFD) allows for cheaper analysis of a ship for 
multiple parametric variations and operating points. 
Therefore, CFD is chosen as analysis tool for this study. 
Reynolds-Averaged Navier-Stokes (RANS) solvers are 
used, since potential flow solvers omit viscous effects 
which are important in the aft ship region. Furthermore, 
all hull form evaluations will be done at full-scale 
Reynolds numbers. 

We will investigate the effects of the parameters consid-
ered on the ship’s resistance, wake fraction and power, 
as well as the effect that water depth has on the optimal 
choice of these parameters. 

Hull forms are generated from a parametric model with 
input generated from a Latin Hypercube Design. We 
will discuss some computed trends and differences in 
those trends depending on the water depth. A surrogate 
model is built from the computational results (Scholcz 
et al, 2015). The quality of the surrogate model is tested 
by cross-validation. The model is used to approximate 
the optimal ship for typical water depths encountered 
during the operation of an inland ship. For the optimal 
ships, flow visualizations are used to explain why these 
ships are optimal. 

Hull Form Parameterization 

The first step is to define hull form parameters and to 
generate hull forms. To do this, Rhinoceros 3D is used. 
A parametric hull form model is set up that allows for 
the variation of the following four parameters: the 
athwart ship’s propeller position, the shape of the flat of 
bottom in the stern region, the bilge radius in the stern 
region and the shape of the tunnel top. A tunnel geome-
try is a typical shallow-water ship feature to prevent 
ventilation in case of limited draft. The following four 
images provide an example of a variation of each pa-
rameter: 



 

 

Figure 1. Demonstration of the parameters. From left to 
right and top to bottom: Athwart ships propeller position 

(Yprop), Flat-of-bottom shape (Vbottom), Tunnel Top 
Curve (Aroof) and bilge radius (Rbilge) 

The choice of parameters is based on prior knowledge 
from earlier publications (Rotteveel, 2015; vd Meij, 
2013; Heuser, 1986) and on earlier results from the Top 
Ships project. This project aims to improve design 
knowledge regarding inland ships. The chosen parame-
ters turned out to have a significant influence on ship 
resistance, the propeller wake field and propulsion pow-
er. The parameter range is chosen such that the hull 
form changes significantly, yet remains realistic.  

Design Of Experiments 

A set of 50 different ships was generated from a Latin 
Hypercube Design (LHD). This type of design was 
chosen because it limits the number of required compu-
tations (denoted by N) while it is still space-filling. 
Suppose that the number of parameters is denoted by n. 
According to (Wang, 2003) the saturation level for a 
LHD would be , whereas a full factorial 
approach would require 3n samples. Given the current 
set of parameters, these formulas yield 15 and 81 exper-
iments respectively, showing that the LHD is much 
more efficient.  

Evaluation Approach 

Each of the involved hull form variants is analyzed 
using the viscous flow solver PARNASSOS (Hoekstra, 
1999). This solver has a solution technique that is very 
efficient with respect to both CPU-time and memory 
usage (van der Ploeg et al, 2000), which makes it very 
well suited for doing systematic variations or combina-
tion with an optimization strategy (van der Ploeg et al, 
2010). It computes the steady, turbulent flow around 
ship hulls by solving the discretized Reynolds-averaged 
Navier-Stokes equations for steady, incompressible 
flow. It is a finite-difference method and around the ship 
block-structured, HO-type body-fitted grids are used 
with a very strong contraction in wall-normal direction 
towards the hull in order to have y+-values below 1 near 
the wall, even for full-scale computations. Double-body 

computations are used, since we assume that the influ-
ence of free-surface in the area where the chosen varia-
tions are most effective is small. 

The inflow boundary is located 0.65Lpp in front of the 
bow, and the outflow boundary at 1.8Lpp behind the 
transom. Due to symmetry considerations, only the 
starboard side is taken into account. In an (x,y,z)-co-
ordinate system fixed to the ship, with symmetry at y=0,  
x positive aft and z upward, the outer boundary is de-
fined by y=1.3Lpp. At this boundary, tangential veloci-
ties and pressure found from a potential-flow computa-
tion are imposed. Since that computation gives good 
results already for much of the wave pattern, these 
boundary conditions (although of Dirichlet type for the 
pressure) hardly cause any wave reflection. 

We will use two object functions: (Eq. 1) an estimate of 
required propulsion power and (Eq. 2) a function that 
describes the uniformity of the water flow towards the 
propeller. The first object function is an estimate of the 
power delivered to the propulsor: 

 (1) 

in which RT  is the towing resistance, w the estimated 
effective wake fraction, Vs the ship’s speed, t the thrust 
deduction coefficient, o the propeller efficiency in open 
water, and R the relative rotative efficiency. The latter 
is approximated by 1, while o is obtained from the Ka-
series of ducted propellers (Oosterveld, 1974). For each 
hull form, RT, and H=(1-t)/(1-w) are required to per-
form this evaluation. To compute t, we also perform a 
second RANS computation including a force distribu-
tion representing the propeller with an imposed thrust T0 
which is in the neighborhood of the thrust T required for 
self-propulsion, such that we can assume a linear behav-
ior of the force on the hull as a function of the imposed 
thrust. The thrust deduction coefficient can then be 
computed from t=(R0-RT)/T0, in which R0 is the re-
sistance force resulting from the second RANS compu-
tation. 

As a second object function, we propose a norm of the 
variation of the full-scale wake. In case of danger of 
erosive cavitation, one would like to prevent strong 
variations of the wake in circumferential direction, es-
pecially in the top half of the propeller plane. We will 
use the L1-norm of the variation of the undisturbed 
propeller inflow angle 

 (2) 

with Vx and V  the axial and tangential velocity compo-
nents respectively,  the angular position in rad. and  
the propeller rotation rate in rad/s. The variation of  in 
circumferential direction as the propeller rotates is 

/ . The L1-norm is determined from integration over 
the propeller plane..  

The evaluation of the objective functions must be nu-
merically accurate, as otherwise the predicted trends are 



polluted or spoilt by numerical errors. In (van der Ploeg, 
2013) it is shown that with the grid density we use, the 
grid dependence in the computed trends is only limited. 

Results Analysis 

Figures 2 and 3 show the comparison for computed 
propulsion power (Eq. 1) for two different water depths. 
From Figure 2, it is clear that the correlation between 
power in deep water (h/T = 3.0) and medium water 
depth (h/T = 2.0) is strong, and that an optimal ship in 
deep water probably is an optimal ship for a h/T value 
of 2.0 as well. 

 
Figure 2. Propulsion power [W] in deep water (h/T = 3.0) 

against that in medium (h/T = 2.0) water depth 

 
Figure 3. Propulsion power [W] in deep water (h/T = 3.0) 

against that in shallow (h/T = 1.5) water 

Although it is weaker, this correlation is also present in 
Figure 3. The increased scatter is due to shallow water 
effects. The scatter would have been even larger in case 
a smaller water depth would have been investigated. 
The change of flow behavior causes that a ship that is 
optimal for deep water, can be less optimal for shallow 
water. This can be seen in the center of the graph; a ship 
with a higher power requirement in deeper water, actu-
ally has a lower (relative to the other ship) power re-
quirement in shallower water. The increased scatter can 
be shown using the data variance as well. Table 1 shows 
the variance for propulsion power in all three water 
depths. 

Table 1. Variance for power for three water depths 

Water depth Variance in PD ( 2) 
h/T = 3.0 2.988 · 108 
h/T = 2.0 3.909 · 108 
h/T = 1.5 6.350 · 108 

Table 2. Variance for resistance for several water depths 

Water depth Variance in RT ( 2) 
h/T = 3.0 2.93 · 105 
h/T = 2.0 2.59 · 105 
h/T = 1.5 2.02 · 105 

The increasing dependence of propulsion power on the 
parameters is opposite to what happens to resistance. 
For resistance, the data variance decreases with decreas-
ing water depth, as shown in Table 2. This effect can 
also be seen in Figure 4. There, the increase factor for 
resistance in shallow water is plotted against deep water 
resistance. A trend can be observed that a ship with low 
deep water resistance has a larger increase of resistance 
for shallow water, thereby flattening the variance in the 
dataset and thus reducing parameter effects on re-
sistance. This is contrary to what has been observed in 
(Raven, 2016). This apparent contradiction may be 
explained by the fact that the present study focuses on 
hull form details for a single ship type whereas in (Ra-
ven, 2016), entirely different ship types were analyzed 
in shallower water than considered in this paper. 

Despite the fact that in shallower water the resistance 
becomes less dependent on the chosen parameters , the 
variance for both the wake fraction and thrust deduction 
increase in shallower water, as shown in Table 3. 
Meanwhile, variance for propeller efficiency is reduced. 
Despite that, the increase of variance for wake and 
thrust deduction is sufficiently large to lead to the ob-
served increase of variance for required propulsion 
power. 

Table 3. Variance in w, t and 0 for varying depths 

Water depth Var(w) Var(t) Var( 0) 
h/T = 3.0 2.96E-03 2.27E-04 2.35E-04 
h/T = 2.0 3.99E-03 2.80E-04 2.11E-04 
h/T = 1.5 7.16E-03 5.09E-04 1.33E-04 

From Figures 2 and 3, an additional observation can be 
made: in the lower-left region, some cases show a 
smaller power requirement in shallow water than in 
deep water. This seems unrealistic, and can probably be 
explained by the fact that omitting the free surface leads 
to part of the increased resistance being ignored, while 
the increase of wake fraction and thrust deduction are 
not significantly affected by the absence of the free 
surface. Then, from (Eq. 1) it follows that the hull effi-
ciency increases, leading to a lower power requirement 
in shallow water. However, it is reasonable to assume 
that the analysis of trends is not affected by this phe-
nomenon, since the parameters do not affect the water-
line geometry and therefore the interaction between 
wave resistance and the chosen parameters is small. 



 
Figure 4. Increase factor for nominal (no propeller effect) 

resistance from deep (h/T = 3.0) to shallow (h/T = 1.5) 
water. 

Response Surface Generation 

Based on the results, response surfaces are generated in 
three ways: Kriging, quadratic and universal Kriging. 
The quality of these surfaces is analyzed using cross-
validation, where a surface is constructed based on 

  results, while the value of the N-th result that has 
been left out is compared to the prediction at the same 
location. This same approach has been used by (Kim et 
al, 2011) and gives a quick view of the response surface 
quality. Furthermore, the Root Mean Squared Error can 
be estimated. Based on these evaluations, we will make 
a choice for a response surface that will be used for 
further steps in the present study. 

Table 4. Relative error values for response methods 

Response surface type RMSE Value 
Quadratic 0.0881 
Kriging 0.1194 
Universal Kriging 0.0891 

RMSE values are shown in Table 4, and cross-
validations are presented in Figure 5. The quadratic 
response surface shows the best behavior, although the 
universal Kriging method is close. Therefore, the quad-
ratic response surface is used for further analysis. Both 
methods involving Kriging are relatively sensitive to 
small distortions in the data, resulting in locally large 
deviations between observations and predictions. In 
addition to Figure 5, Figure 6 shows the quadratic re-
sponse surface cross-validation for h/T = 2.0 and 1.5, 
providing a similar pattern as that for h/T = 3.0. Since 
the general trends are linear, it is concluded that the 
response surface approximates the real response suffi-
ciently accurate. 

Response Surface Analysis And Application 

Which parameters contribute the most to the variance in 
power requirement can be determined from an Analysis 
of Variance (ANOVA). ANOVA determines the change 
of variance in the model if one of the parameters is 
removed from the model. Figure 7 shows ANOVA 

results for different water depths. From the graph, it is 
clear that the parameter Yprop is the most important 
parameter in all cases; while Vbottom is second. Com-
pared to these two parameters, the remaining parameters 
(Rbilge and Aroof) are less relevant. 

 
Figure 5. Cross-validation between observations and re-

sponse surface predictions for h/T = 3.0 

 
Figure 6. Cross-validation for h/T = 2.0 and 1.5 

 
Figure 7. ANOVA graph, showing the relative importance 

of parameters on power requirement.



According to Figure 7, the Yprop parameter becomes 
increasingly important with decreasing water depth. The 
same applies to Vbottom. An opposite effect can be 
observed for Aroof; its importance decreases in shallow 
water. This may be due to the parameter range for Aroof 
being set around the optimum for a small water depth, 
since that would lead to relative small variance due to 
that parameter.  

Figure 7 provides useful information on which parame-
ter is important to vary to improve an inland ship for its 
power requirement. However, it does not necessarily 
show how each of the parameters influences the power 
requirement. 

This can be investigated using the response surfaces. 
Comparing two ships in our dataset would not be suffi-
cient, since multiple variables change between any two 
ships due to the use of a LHD. Figures 8 to 11 show the 
behavior of the two most important parameters (Yprop 
and Vbottom) in the dataset. In Figure 8 and 9, the pow-
er requirement is plotted against the parameter value of 
one of the two parameters, for multiple values of the 
other parameter. The values for power requirement are 
determined from the response surface. The remaining 
two parameters were set at their medium value.  

 
Figure 8. Power prediction versus Yprop and Vbottom 

(isolines), for h/T = 3.0 

 
Figure 9. Power prediction versus Yprop and Vbottom 

(isolines), for h/T = 1.5 

 
Figure 10. Power prediction versus Vbottom (x-axis) and 

Yprop (isolines), for h/T = 3.0 

 
Figure 11. Power prediction versus Vbottom (x-axis) and 

Yprop (isolines), for h/T = 1.5 

Figures 8 to 11 show that a smaller value for Yprop 
(hence a propeller closer to the centerplane) leads to a 
lower power requirement. This can be attributed to the 
stronger wake field present near the centerplane, leading 
to higher propeller efficiency. For low values of Vbot-
tom (which means a single-curved flat-of-bottom) the 
gradient of power versus Yprop decreases, but a propel-
ler closer to the centerline remains better in terms of 
efficiency. Figures 10 and 11 show that the value of 
Vbottom can be chosen optimal. Furthermore, a strong-
ly S-shaped flat-of-bottom seems not favorable, as the 
optimum is on the low side of Vbottom. 

Figures 10 and 11 also show that the optimal choice for 
Vbottom shifts at shallow water. The optimum moves 
towards a fully V-shaped hull. An explanation for this is 
that at shallow water, more inflow into the propeller 
comes from aside the ship. If the flat-of-bottom is S-
shaped, strong curvature of streamlines in the horizontal 
plane can occur, leading to higher resistance.  

At this point, it is clear which parameters most signifi-
cantly affect the power requirement of the ship, and also 
how the influence of these parameters behaves in differ-
ent water depths. In order to investigate how the optimal 
design differs for shallow water, the generated response 
surfaces are used to determine the power requirement if 
the displacement is constrained at 3890 tons. For each 



hull form evaluated, Figure 12 presents the shallow 
water requirement against that for deep water. The fig-
ure shows that the trade-off between these water depths 
is practically absent. Probably, shallow water effects are 
that strong yet at h/T =1.5. It thus appears that, given the 
parameters and their variation as studied in this paper, 
an optimal ship for relatively shallow water can be ob-
tained through optimization at deep water. 

 
Figure 12. Data points from response surface evaluations 
for h/T = 3.0 and h/T = 1.5, limited to a displacement of 

3890 tonnes. 

Another trade-off usually made is that between propel-
ler efficiency and the wake object function. The trade-
off here is that a stronger wake field leads to a better 
propeller efficiency but usually comes at the cost of 
increased variations in the propeller blade angle of at-
tack. The trade-off between ship power requirement and 
the wake object function (WOF) is presented for all 
three water depths in Figure 13. The trade-off between 
power requirement and the WOF is clear: a lower power 
requirement leads to a stronger variation of propeller 
inflow. This trade-off does not significantly change with 
water depth, leading to a similar conclusion as obtained 
from Figure 12: a hull form that is optimal in deep water 
(for the parameters investigated), is optimal in shallow 
water as well. 

 
Figure 13. Pareto plot for power requirement and wake 

object function 

 

For the parameters considered, it thus appears that one 
may achieve an optimal hull form using optimization in 
deep water already. Figure 14 illustrates this. The pic-
tures show the longitudinal flow in the propeller plane 
for three different water depths. Although there are 
differences between h/T = 3.0 and h/T = 1.5, these 
mainly relate to the magnitude of velocities. The change 
of flow behavior is not yet sufficient to shift the optimal 
design to another point in the design space. 

Together with Figure 15, Figure 14 also provides an 
explanation for the importance of the athwart ships 
position of the propeller (Yprop). Both Figures show a 
strong wake near the ship center. For the ship in Figure 
14, the propellers are operating partly inside this wake, 
yielding a better hull efficiency due to a larger wake 
fraction and a lower power requirement. Meanwhile, the 
vortices being shed from the tunnel skirt are smaller for 
the ship in Figure 15. Due to this, the resistance of the 
ship in Figure 15 is approximately 3.5 percent lower 
compared to that in Figure 14. This indicates that it is 
important to always taken into account effects on pro-
pulsion if one is optimizing a ship. Also, it indicates that 
a separate treatment of the tunnel skirt and athwart ships 
position of the propeller is interesting. 

 

 

 
Figure 14. Velocity profile at the propeller plane for three 
different water depths. Top to bottom: h/T = 3.0, h/T = 2.0 

and h/T = 1.5. 

Another observation from Figure 14 is that the vortex 
shed from the tunnel skirt becomes smaller with de-
creasing water depth. We could reason that in very shal-
low water, a tunnel geometry converging towards the aft 
of the ship can be profitable in terms of resistance. For 
the water depths presently investigated, this effect does 
not yet occur. 

 



 

 
Figure 15. Velocity profile at the propeller plane, for a ship 
with the propellers located far away from center, for h/T = 

3.0 (top) and h/T = 1.5 (bottom). 

From Figure 7 it follows that the shape of the flat-of-
bottom in the stern is important as well. Figure 16 
shows the velocity distribution at the propeller plane for 
a ship with similar characteristics to the ship in Figure 
14, but with an S-curved flat-of-bottom. Due to this hull 
form modification, the wake fraction decreases, as does 
the thrust deduction since the distance between the pro-
peller and the skeg geometry increases. Resistance in-
creases as well, in total leading to a power increase of 5 
percent in deep water, and 7 percent in shallow water. 
However, the WOF decreases by 14 and 15 percent 
respectively. 

 

 
Figure 16. Velocity profile at the propeller plane for the 

ship with smallest athwart ships propeller position, for h/T 
= 3.0 and h/T = 1.5. 

Figure 17 shows the limiting streamlines, comparing the 
ships from Figures 16 and 14. The explanation for the 
improved wake field is seen in the limiting streamlines, 
which converge at the skeg for the top image. This indi-
cates the separation of vortices. These vortices are con-
vected into propeller disk, increasing the wake object 
function. For the other ship, the streamlines follow the 
bilge towards the end of the skeg, without converging 
into a vortex separation point. Therefore, despite the 
ship from Figure 14 being optimal in terms of power, 
the wake quality may be improved by a modification to 
the curvature of the flat-of-bottom. 

 

 
Figure 17. Pressure distribution for ships from Figures 14 
(top) and 16 (bottom). Limiting streamlines are also pre-

sented. h/T = 1.5 for both cases. 

For the remaining two parameters, the effects on power 
requirement are smaller. The curvature of the tunnel top 
affects thrust deduction and resistance in opposite direc-
tion, therefore having no significant effect on power. 

For the bilge radius, the effect is notable for resistance, 
but it also reduces the wake fraction and therefore its 
effect on powering is limited again. The wake object 
function is also mostly affected by the propeller position 
and the flat-of-bottom curvature. The first parameter 
moves the propeller in or out of the region where the 
wake is strongest, while the second affects the point of 
vortex separation. 

Conclusions 

Double-body computations have been performed for 50 
different inland ships, for which the stern region was 
varied using four parameters. Various types of response 
surfaces were created, of which a quadratic response 
surface shows the best agreement with the results from 
the computations. Using this response surface, it was 
found that two of four parameters show a much larger 
influence on the power requirement than the others. 
Furthermore, the response surfaces were used to inves-
tigate whether the optimal design point for the hull form 
would change in shallow water.  

This change was not observed for the parameters and 
water depth investigated in the present study. For h/T = 
1.5, the shallow water effects are not severe enough to 
significantly affect the flow behavior. Therefore, the 
ship that is, in terms of power, optimal in deep (h/T = 
3.0) water is also optimal for shallow water. For the 
wake object function (WOF), we observed similar re-
sults: the trade-off between the WOF or required power 
does not change significantly for h/T = 1.5. This is in-
teresting, since h/T ratios lower than 1.5 might not oc-
cur that often, hence might not be worth optimizing a 
ship for. Given the presented results, it appears that 
optimization for deep water can be sufficient. Still, it 



would be interesting to investigate a smaller water depth 
as well, for example h/T = 1.2. 

We have shown the effect of the propeller position on 
required power and the WOF. The tunnel skirt, moving 
along with the propeller, sheds a smaller vortex when 
moved away from the center plane, leading to lower 
resistance. However, the propeller is then also moved to 
an area where the ship’s wake is weaker. Therefore, the 
effect on the required power can be opposite to that on 
resistance. On the other hand, a propeller operating 
(partly) inside the ship’s wake leads to an increase of 
the WOF, leading to a higher risk of cavitation or nui-
sance. A treatment where the propeller position is sepa-
rated from the tunnel skirt position would be interesting. 

Furthermore, in Figure 14, we have shown that the op-
timal choice for this parameter could be affected by 
water depth if a lower h/T ratio would be considered: 
smaller vortices are shed in shallow water. 

The shape of the flat-of-bottom affects thrust deduction 
since the ship’s geometry is further away from the pro-
peller for an S-shaped bilge line. At the same time, 
resistance increases, and the wake fraction slightly de-
creases. Overall, the effect of this parameter on the 
required power is smaller than for the effect of the pro-
peller position. Meanwhile, the flat-of-bottom shape 
affects vortex shedding from the bilge, thereby having a 
significant effect on the wake object function. A slightly 
S-shaped bilge line reduces the WOF significantly. 

The other parameters involved had a negligible effect on 
the power requirement. The curvature of the tunnel top 
shows an effect on nominal resistance, which is partly 
compensated by an increase of thrust deduction. 
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Abstract

A procedure for automatic optimization of a ship hull and
trim wedge is described, that is based on an evaluation
of a series of hull form/trim wedge combinations. These
evaluations are done with a RANS method that can ac-
curately and efficiently compute the viscous flow for sev-
eral transom flow regimes, ranging from completely dry
to (partly) wetted. The object function is an approxima-
tion of the required power to maintain a given speed. Re-
sults obtained from several trim wedge optimizations are
shown, computed and measured trends are compared and
computed scale effects in those trends are discussed. For
two examples, a considerable improvement of the object
function can be obtained. At full scale, the improvement
of the object function is stronger than at model scale.
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Introduction

Today, varying fuel prices and high competition in the

maritime transport sector cause that shipyards continu-

ously have to improve the design of their ships. Stern

wedges are nowadays frequently used to improve the fuel

efficiency.

In this paper, we use an (x, y, z)-co-ordinate system

fixed to the ship, with x positive aft and z upwards, as

is shown in Figure 1. The resistance is obtained by in-

tegrating the x-component of the force distribution over

the hull. The forces consist of the sum of the friction

forces and the pressure times a local area. As described

in ([1]) and illustrated in Figure 2, a trim wedge leads

to an increased pressure at the aft part of the hull. As a

result, the velocity will decrease, resulting in a reduced

friction force at the aft part. Both the increased pressure

and the reduced friction force contribute to a decrease of

the resistance. The increased pressure will also affect the

dynamic trim of the ship.

Model testing can be used to design a hull/trim wedge

combination but it suffers from several drawbacks. First,

building and testing a model is a time-consuming and

Figure 1. Coordinate system

Figure 2. Forces working on the aft part of the ship in-

fluenced by a trim wedge

costly process. Second, because the model is usually a

factor 20 to 50 smaller than the full-scale ship, it is dif-

ficult to make a reliable prediction based on model test

results only.

Therefore, Computational Fluid Dynamics (CFD) be-

comes increasingly important, as it permits automatic

optimization procedures that evaluate a series of hull

forms directly at full scale prior to any model testing.

Since frictional forces are important in the design of a

hull/trim wedge combination, potential-flow solvers can-

not be used as evaluation tool as they discard those

forces. To model frictional forces correctly, we will use

Reynolds-Averaged Navier Stokes (RANS) solvers.

The design of a trim wedge can affect both the dynamic

trim of the ship and the stern wave system. It can even af-

fect the type of transom flow: whether a transom is wet-

ted or not can depend on the design of the trim wedge.

We will use the RANS free surface (RANS/FS) method

described in ([2]) that can accurately and efficiently com-

pute the viscous flow for several transom flow regimes,

ranging from completely dry to (partly) wetted.

We will first describe the parametric model used

to vary the hull forms, describe briefly the RANS/FS



method and then present the results. We will discuss com-

puted and measured trends, and computed scale effects in

the trends.

Geometry variation

In this paper, we describe the results obtained for two

different cases. The first case concerns the optimization

of a trim wedge for a ship with length Lpp = 93m.

The Froude number is 0.46, and the model-scale and

full-scale Reynods number are, respectively, 2.065e7 and

1.1e9. For this case only one parameter is varied - the

angle of the trim wedge denoted by α.

The second test case is a two parameter study for a

trim wedge optimization. Both the height of the trim

wedge and the trim wedge angle are varied. Figure 3

presents a schematic view of the independent parameters

and also an idea of the hull form changes performed in

the optimization process. In this case the ship’s length

Lpp = 200m, the Froude number is 0.256 and the full-

scale Reynolds number is 2.26e9.

Figure 3. independent variables

RANS/FS Computations

We use the viscous flow solver PARNASSOS ([3]). It

computes the steady, turbulent flow around ships by

solving the discretised Reynolds-averaged Navier-Stokes

equations for steady, incompressible flow. It has a solu-

tion technique that is very efficient with respect to both

CPU-time and memory usage ([4]), which makes it very

well suited for doing systematic variations or combina-

tion with an optimization strategy ([5]).

It is a finite-difference method that uses block-

structured, HO-type body-fitted grids with a very strong

contraction in wall-normal direction towards the hull in

order to have y+-values below 1 near the wall, even for

full-scale computations.

The inflow boundary is located 0.5Lpp in front of the

bow, and the outflow boundary at 1.5Lpp behind the tran-

som - see Figure 4. Due to symmetry considerations,

only the starboard side is taken into account. The lat-

eral outer boundary is a quarter of a cylinder with axis

y = z = 0 and radius 1.0Lpp. At this boundary tangen-

tial velocities and pressure found from a potential-flow

computation are imposed. Since that computation gives

good results already for much of the wave pattern, these

boundary conditions (although of Dirichlet type for the

pressure) hardly cause any wave reflection.

Figure 4. Size of the computational domain. Numbers

indicate lengths scaled with Lpp

Free surface treatment

We compute single-phase flow (only water). In order

to model the effects of a trim wedge, an accurate pre-

diction of viscous free-surface flows near the transom is

important. We use a surface fitting approach: the up-

per boundary of the grid always matches the estimate

of the free surface. If we denote the velocity compo-

nents by u, v, w, the wave height by ζ(x, y) and non-

dimensionalise all quantities using the gravity accelera-

tion g, the ship’s speed U , the ship’s length Lpp the free-

surface boundary conditions are:

• a kinematic condition

ζt + uζx + vζy − w = 0 at z = ζ (1)

• a normal component of the dynamic condition, re-

quiring that at the surface the pressure is atmo-

spheric (p = 0); neglecting surface tension and vis-

cous contributions this takes the form

Fn2ψ − ζ = 0 at z = ζ (2)

in which ψ = (p + ρgz)/(ρU2) is the non-

dimensional hydrodynamic pressure. Two tangen-

tial components of the dynamic condition, requiring

that no shear stress is exerted on the water surface.

• Two tangential components of the dynamic condi-

tion, requiring that no shear stress is exerted on the

water surface.

By substituting the wave elevation from the dynamic

condition into the kinematic condition one obtains

Fn2(uψx + vψy + wψz)− w = 0 at z = ζ (3)

Together with the dynamic condition it describes ex-

actly the same problem as the original set of conditions;

but it has the advantage of permitting an iterative pro-

cedure solving directly the steady wave pattern without



having to take into account any time dependent terms. We

start with a grid of which the upper boundary matches a

first estimate of the wavy surface, for example, estimated

from a panel code, or simply an undisturbed water sur-

face. Next, the following iterative method is used: Solve

the RANS equations in which the combined condition (3)

and the tangential dynamic conditions are imposed at the

current estimate for the wave surface; this gives a new es-

timate for the wave surface. The new wave surface and

grid are updated using the normal dynamic condition (2).

Each time after the RANS equations have been solved,

corrections of trim and sinkage can be computed from the

imbalance in forces and moments, and these corrections

can be taken into account in the next grid update. Upon

convergence the pressure deviation, normal velocity and

shear stress vanish at the wave surface and the solution of

the steady RANS/FS problem has been obtained. In the

present applications, the ‘balanced discretization’ as de-

scribed in ([6]) has been used, which reduces the numer-

ical damping of the waves to 5th order in the longitudinal

step size Δx, and the numerical dispersion to 3rd order

in the vertical spacing Δz. This contributes to a good

accuracy of the wave pattern even at a distance from the

hull.

The surface fitting approach described above makes

corrections of the height of the free surface which are ob-

tained from the normal component of the dynamic free

surface boundary condition. Of course, with this ap-

proach we can only compute a reasonable smooth free

surface. An overturning or breaking wave cannot be com-

puted, and the method should not be used in applica-

tions in which wave breaking is very important for the

resistance, for example, caused by a pronounced break-

ing bow wave. In the applications shown in this paper

breaking waves do not occur, or only have a minor ef-

fect on the resistance. However, it is possible to get an

indication whether or not a wave is close to breaking by

looking at the axial velocity component in the top of that

wave. When this component gets small, the wave is close

to breaking. This is shown in [2], in which it is demon-

strated that significant scale effects in the stern wave sys-

tem can be computed.

Grid topology

As mentioned before, the RANS solver uses block-

structured grids. To compute the flow off a transom, we

use a special block topology that can handle both wet-

ted and dry transoms, and even transoms that are partly

dry and partly wetted. This topology consists of four

blocks ([2]). The block upstream of the transom con-

tains an HO-type body-fitted grid with the usual strong

contraction in wall-normal direction towards the hull. It

has a non-conformal matching with three blocks down-

stream of the transom, containing HH-type grids. The

grid nodes in the block immediately behind the transom

are contracted towards both the symmetry plane and the

free surface to get sufficient resolution near the transom.

The typical grid density we need depends on the wave

length, and therefore on the Froude number. In ([2]) it is

shown for several hull forms that with at least 50 cells per

linear wave length the grid dependence in the computed

flow and free surface is small, and that good agreement

with available measurements can be obtained.

Object function for the required power

In general, an estimate of the required power to maintain

a given ship’s speed U is given by

PD =
RT × (1− w)

1− t
× U

ηR × ηo
(4)

in which RT is the towing resistance, w the estimated

effective wake fraction, t the thrust deduction coefficient,

ηo the propeller efficiency in open water, and ηR the rel-

ative rotative efficiency. The latter is approximated by 1.

For this particular twin screw ship without a gondola up-

stream of the propeller, we assume that the wake fraction

w and the open water efficiency ηo are only slightly in-

fluenced by the parameter variation. Therefore, we focus

on the nominal resistance RT and the thrust deduction

coefficient t.

Parnassos Free Surface (FS) Explorer

Parnassos FS Explorer is a computational system which

allows to explore design spaces in order to find local op-

tima and/or trends in responses. It is fully based on the

RANS code Parnassos.

To minimize the effect of discretization errors on the

computed trends, the grids around separate variants have

to be as similar as possible. As a first step in the construc-

tion of the grid for a hull form variant, the wall grid for

the original hull form is projected on the variant. Next,

the 3D-grid is obtained using the usual grid-generation

techniques: for this we use in-house developed elliptic

grid generation software, which solves a Poisson equa-

tion to have maximal orthogonality of the gridlines in the

interior of the computational domain. Near the bound-

aries, orthogonality can be controlled by the user. These

settings are chosen the same for all hull forms.

Using this approach it is possible to capture the trend

in resistance and shaft power accurately. Another strong

point of Parnassos FS Explorer are the relatively low

computational costs. It is possible to perform a full-scale

simulation including free-surface effects for hundreds of

ship variants in one day on a group of standard office PCs.

Classic Design of Experiments are used like the central

composite design of the factorial design. However, mod-

ern design of experiments can also be used such as space-

filling designs, see ([7]).

Results

One parameter study

Trim wedge effects

This section contains the results from a one parameter

trim wedge optimization project, the CFD results are



computed at full-scale Reynoldsnumber. A series of hull

form variants with different trim wedges were generated.

Each variant has a trim wedge with a different angle α -

see Figure 3.

The results are shown in Table 1 and in Figure 5. All

results are relative with respect to those obtained for the

case with α = 14 degrees. One can see a very good

agreement between CFD and experiments. Both experi-

ments and numerical results point to α = 9 degrees as the

optimal value to minimize the required power.

Table 1. Trim wedge optimization results; decrease
of the required resistance compared to the resistance
required for α = 14 degrees

Angle Parnassos Experiments

0 ◦ - + 0.48 %

6 ◦ -1.83 % -1.83 %

9 ◦ -1.66 % -1.62 %

12 ◦ -0.90 % -0.52 %

14 ◦ 0.00 % 0.00 %

Figure 5. Trim wedge optimization results; decrease of

the required power compared to the power required for

α = 14 degrees (model scale).

The observed decrease in shaft power is a consequence

of:

• altering the pressure distribution on the aft part of

the ship (Figure 7),

• changes in the stern wave system (Figure 11).

The effect of a change of α on the pressure distribution

of the aft part of the hull is presented in Figure 7. An

increase of α leads to an increase of the pressure on the

trim wedge itself but also on a relatively large part of the

aft body.

An important aspect in trim wedge optimization is the

effect of a propeller. Therefore, a series of computations

with and without actuator disc have been performed.The

Figure 6. Trim wedge optimization results; decrease of

resistance compared to the resistance required for α =
14 degrees

Figure 7. Influence of the choice of α on the pressure

distribution on the aft part of the hull. Full-scale compu-

tations, no propeller action. Top: α = 7 degrees, bottom:

α = 11 degrees.

Figure 8. Comparison of the pressure distribution on the

hull between cases with (total) and without propeller ef-

fects (nominal), α = 7 degrees.



propeller causes an increase of the pressure at a relatively

large part of the hull, as is demonstrated in Figure 8.

The difference in distribution of the resistance compo-

nents along the hull caused by the propeller is presented

in Figure 9. For the computations with propeller effects,

the trim was fixed to the value computed without pro-

peller action. A significant change in the dynamic pres-

sure resistance has been found (7.2 %). The impact of the

friction resistance component is barely visible. In reality,

Figure 9. Comparison of the resistance components dis-

tribution along the hull between cases with and without

propeller effects, α = 7 degrees.

the dynamic trim will change due to the propeller action.

The effect of change of the dynamic trim due to the pro-

peller action is shown in Figure 10. Both the red and the

black line indicate computed results including the pro-

peller action. Red lines indicate the results obtained when

the trim is fixed to the computed value without propeller

action, black lines show the result including the effect of

the propeller action on the dynamic trim and sinkage. It

can be seen that at both the fore body and aft body, con-

tributions to the pressure resistances are affected.

Changes in dynamic trim and sinkage and the pressure

distribution caused by the presence of trim wedges have

a significant impact on the stern wave system. Two main

effects are observed:

• an impact on the amplitude of the first wave aft of

the transom - (Figure 11). This effect can be either

positive (the waves are damped) if the trim wedge is

well designed; or negative if the immersion of tran-

som edge is too high (more pronounced transverse

wave system).

• difference in the longitudinal velocity component on

the free surface aft of the transom (Figure 12). Low

velocities in the top of the first wave are an indica-

tion that the wave is close to breaking, which can

lead to an additional loss of energy.

Figure 10. Influence of free dynamic trim and sinkage on

the ship resistance components (friction, dynamic pres-

sure (Cpdyn) and hydrostatic pressure (CPh)), α = 7
degrees.

Figure 11. Comparison of the wave elevation for two

different trim wedge angles.

Figure 12. Influence of the trim wedge angle on the dis-

tribution of the longitudinal velocity component on the

free surface.



Scale effects

In the previous section, CFD results computed at full-

scale Reynolds number were presented. For a number of

variants, we computed the flow at model scale as well in

order to study scale effects. The required power at model

and full scale is presented in Figure 13. Two main scale

effects are observed:

• The decrease of required power at full scale is about

1% higher than at model scale.

• a change of optimal trim wedge angle from 9 to

about 6 degrees.

Both of these effects are in line with general knowl-

edge about scale effects in ship hydrodynamics ([8])

Figure 13. Trim wedge optimization results; model and

full scale shaft power at Vs = 27 knots. Values are

relative to the resistance corresponding to wedge angle

α = 14.

The most important factor that causes scale effects is

the difference in boundary layers. Figure 14 shows a

comparison in the total head loss in a transverse slice lo-

cated near the transom edge. The total head loss is the de-

fiation from Bernoulli’law: in a potential flow total head

loss is completely absent. Therefore, the total head loss

is a good indication for the thickness of the boundary

layer. In Figure 14 the thickness of the boundary layer

is clearly visible. The scale effects in velocity and pres-

sure are mainly located in areas where the viscosity has a

significant impact on the flow.

Scale effects in the pressure distribution on the aft ship

are shown in Figure 15 and Figure 16. These scale effects

are much stronger for α = 11 than for α = 7 degrees. A

probable explanation of this phenomenon could be that

for α = 7 degrees the extension in upstream direction of

the transom edge is in the boundary layer both for model

and full scale. For α = 11 degrees, this is only true for

model scale, but not for full scale. Therefore, the average

dimensionless velocity of the flow near the trim wedge is

significantly larger at full scale than at model scale.

Figure 14. Scale effect on the total head loss in a trans-

verse plane near the transom

Figure 15. Scale effect in the pressure distribution on the

aft part of the hull, α = 7 degrees

The model-scale viscosity effects are stronger than the

full-scale viscosity effects. This has an impact especially

on the stern wave system. Figure 17 shows the compar-

ison of this wave system between full scale and model

scale. Due to viscous effects the model waves are slightly

shorter.

The longutidinal velocity component of the water rela-

tive to the ship is presented in Figure 18. At model scale

these velocity components are significantly smaller than

at full scale. The RANS computation predicts a fully dry

transom for both model and full scale. However the lower

velocities at model scale in the top of the first wave aft

of the transom indicates that at model scale, the wave is

closer to breaking.

Two parameter study

As mentioned before, in the second test case both the

height of the trim wedge and the trim wedge angle are

varied as shown in Figure 3. With the full factorial ap-

proach that we used in this research, the number of hull



Figure 16. Scale effect in pressure distribution on aft part

of the hull, α = 11 degrees

Figure 17. Scale effect on the aft wave system

form/trim wedge combinations that has to be evaluated

with the RANS/FS computation strongly increases com-

pared to the previous test case in which only one param-

eter was varied. The total number of evaluations was 31.

To study the computed trends, we used a 4th order re-

sponse surface based on a fitting algorithm.

When varying the trim wedge angle, we observe sim-

ilar trends as those that can be observed for the previous

test case: a considerable decrease of the required power

can be achieved, which can partly be explained from a

decrease in the nominal resistance, and partly from a de-

crease of the thrust deduction coefficient. Also similar

scale effects are found: the decrease of the resistance

that can be obtained by varying the trim wedge angle is

stronger for the ship than for the model. For the sake of

brevity we will not in detail repeat those findings. In-

stead, we focus on the decrease of the resistance that can

be obtained with a combined variation of the two param-

eters and on the scale effects in the computed trends.

The computed results for model scale are summarized

in Figure 19. This figure shows the decrease of the resis-

tance compared to the hull form without trim wedge as a

Figure 18. Scale effect on the longitudinal velocity com-

ponent on free surface aft of the transom

function of the trim wedge angle α. The various lines in

the plot each indicate the height of the trim wedge h (trim

wedge height scaled with Lpp), as indicated in Figure 3.

Figure 20 shows the computed results in a similar plot

for full scale. From these figures it appears that a signif-

icant decrease of the resistance can be obtained, ranging

from 1.5% at model scale to 3.0% at full scale. For both

model and full scale, an increase of h decreases the re-

quired power. In addition to the stronger decrease of the

resistance computed at full scale, we see an additional

scale effect: for the larger values of h, there is an optimal

value of α around 17 degrees at model scale, where at full

scale this optimal value is around 12 degrees.

Although the optimum combination of a higher value

of h and α is clearly visible (both in model and full scale),

a similar decrease in the resistance can be achieved by

using a small trim wedge height combined with a larger

angle (e.g. h = 6e-04 and α = 40 degrees).

Figure 19. Change in resistance in 2 parameter study-

model scale



Figure 20. Change in resistance in 2 parameter study-

full scale

Conclusions

In this paper we have described a method for automatic

optimization of a ship’s trim wedge. This method min-

imizes an estimate of the required power to maintain a

given ship’s speed. The RANS free-surface flow solver

can take into account dynamic trim and sinkage, can ac-

curately compute the transow flow and does not require

that a transow flow regime has to be assumed a-priori:

it can compute whether a transom is dry or wetted. The

solution strategy is very efficient which makes it suitable

as evaluation tool for the trim wedge/hull form combina-

tions.

We have applied this method to two cases: for the first

case the only parameter was the trim wedge angle and for

the second case we had as additional parameter the length

of the trim wedge. For the latter case, a stronger decrease

of the required power could be achieved.

The propeller action increases the pressure over a rel-

atively large area of the aft part of the hull, thereby sig-

nificantly influencing the trim of the ship. It is therefore

important that the dynamic trim of the ship is taken into

account, as otherwise the computed thrust deduction co-

efficient may not be computed correctly.

From the computed trends we have seen that a consid-

erable decrease of the required power can be achieved.

Only part of this decrease comes from a decrease in the

nominal resistance, the other part comes from a decrease

of the thrust deduction coefficient. In the cases consid-

ered in this paper, in which a gondola in front of the

propeller was absent, it was assumed that the wake frac-

tion and the propeller’s open water efficiency is not sig-

nificantly affected by changes in the design of the hull

form/trim wedge combination.

For several cases, we computed the propulsion param-

eters and the flow around the hull at both model and full

scale. The scale effects in computed resistances and in

pressure distributions on the hull can be quite significant

and are stronger when the trim wedge angle increases. As

a result, the optimal hull form/trim wedge combination at

model scale can differ from that at full scale. The de-

crease of required power is larger for the ship than for the

model. Hence an optimization method based on model-

scale experiments only would give conservative estimates

for the gain in required power.
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Abstract  

The paper presents review of the development of an effective 
direct strength analysis approach utilizing homogenization, 
the finite element method, and optimization. Homogenization 
is used to transform the originally periodic, stiffened plate or 
web-frame structure to an equivalent single layer (ESL) plate 
or beam structure, respectively. This makes the finite element 
analysis (FEA) very fast and allows modeling of the stiffness 
and mass of the complex structure accurately in an average 
sense. In most of the cases, classical first-order shear defor-
mation theory (FSDT) is adequate, but new structural solu-
tions require enhancement of the theory to account the influ-
ence of strain gradients. The averaged response produced by 
FEA is transformed to periodic response to allow prediction of 
spatially fluctuating stresses and first fiber estimate of the 
strength. The paper summarizes recent developments on the 
approach with respect to quasi-static and vibratory response, 
but also non-linear response such as post-buckling and tensile 
failure under multi-axial loading. The use of the method as 
part of optimization process of a full ship is presented. Final-
ly, an outlook for future development is given. 
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Introduction 

The size and structural complexity of ships has been 
increased significantly during the last decades. Because 
there is a lack of reference database, the rational meth-
ods (e.g. Hughes et al. 1980, 1988) must be applied 
already in the concept design stage. The aim then is to 
assess the structural performance in terms serviability, 
ultimate, fatigue and accidental limit states in adequate 
level so that the changes in basic and detail design re-
main moderate. This means that the finite element (FE)-
based techniques are needed in ships with high geomet-
rical complexity (ISSC, 1997). For decades, finite ele-
ment analysis has been the industry standard, with now-
adays capabilities for example assessing geometrical 

and material non-linearities for extremely complex 
problems such as buckling or localization of fracture in 
ship collision and grounding. However, for practical 
work of these very complex ship geometries, there is 
still need for improvement on computational efficiency 
and accuracy. When beams and plates are modeled 
effectively, the modeling, computation and post-
processing times are considerably decreased. This ena-
bles assessment of several load cases or optimization in 
in very short time. In order to explore the design space 
effectively, the traditional method in marine structures 
has been the use of equivalent beams and plates, i.e. 
Equivalent Single Layer Theory (ESL); see Figure 1 
(e.g. Hughes; 1988; Reddy, 2000). Alternative method 
is the Idealized Structural Unit Method (ISUM) pro-
posed by Ueda and Rashed (1984) in which the plates 
between the stiffeners are dealt with idealized defor-
mation shapes and connected to beam elements model-
ing the stiffeners. As ESL is available in most of the 
commercial FE-codes and it can handle large panels 
(e.g. size of element equal to deck spacing x web-frame 
spacing), it is extremely interesting alternative in practi-
cal design work performed in network of designers 
which have different software packages in their use – 
yet all of these have the ESL elements in their libraries.    

 
Fig. 1: Global finite element model of a cruise ship and 

modeling a stiffened panel using equivalent single 
layer theory (ESL) and ABD-matrix. 



Traditionally, the equivalency is dealt separately at the 
primary (i.e. hull girder), secondary (e.g. web-frames) 
and tertiary (i.e. stiffeners and plates) and the equiva-
lency is defined by stiffness only. For example the 
MAESTRO code (Hughes, 1980, 1988) is based on the 
use of orthotropic plates to model the stiffened panels 
on primary response analysis. Thus, the membrane 
forces and in-plane strain relations are only considered, 
i.e. {N}=[A]{εε};  {N}={Nx, Ny, Nxy} and 
{ε}={εx,εy,γxy}. This has been also adopted in DNV 
Guidelines for Direct Strength Analysis of Passenger 
Ship (DNV, 2007) where it is recommended that for the 
primary level only the membrane elements would be 
used. However, as Fig. 1 shows that if properly formu-
lated ESL contains also bending moment, 
{M}={Mx,My,Mxy} and out-of-plane shear forces, 
{Q}={Qx, Qy} with corresponding curvatures, 
{κ}={κx,κy,κxy}, and shear strains, {γ}={γxz,γyz}. This 
means that there is potential to use the method also in 
secondary and tertiary levels (σ2- and σ3-levels) with 
finer mesh than presented in Fig. 1. The Classical Lam-
inate or First order Shear Deformation Theory (FSDT) 
can be used to assess the stiffness. However, as this is 
not enough in structural design, the ways to recover 
periodic stresses from homogenized solution are needed 
(Romanoff and Varsta, 2007; Romanoff et al., 2007). 
The same problem occurs when panel vibrations need to 
be assessed. The plate between the stiffeners will affect 
the vibration characteristics of the stiffeners, and thus 
these two structural members are coupled; see Avi et al. 
(2015, 2016). In non-linear problems of buckling and 
tensile failure the coupling between the scales is even 
more challenging as the ABD-matrix is not always 
symmetric due to load-sequence effects; see Reinaldo 
Goncalves et al. (2016).  
The remedy for this lies in multi-scale modeling of 
materials that have obtained significant attention over 
recent years in solid mechanics and materials science 
community (see, e.g. Coenen et al. 2010; Geers et al., 
2010). In ship structural analysis multi-scale modeling 
is seldom needed in full, but the ideas developed can 
benefit conceptual design stage to great extent. Byklum 
et al. (2002, 2004) and Brubak et al. (2007) and Brubak 
and Hellesand (2007a, 2007b) have used the ideas to 
model geometrically non-linear problems in buckling 
and post-buckling, but also in vibrations analysis (Bru-
bak et al, 2013). However, they use analytical models 
suitable for stiffened plates only. This means that the 
approach is limited to simple rectangular geometries 
with simple boundary and loading conditions. Thus, 
extension to finite elements is needed. The paper de-
scribes the recent developments on the topic and also 
some future directions. 

Kinematics 

Stiffened plates have typically high shear stiffness and 
are therefore adequately modeled using the classical 
Euler-Bernoulli beam or Kirchhoff plate theories. How-
ever, as the alternative materials such composite or 
sandwich structures are considered in main structural 
elements, the theory needs to be extended to First order 

Shear Deformation Theory (FSDT) where the total 
rotation of the cross-section is φ=γ − dw/dx, i.e., combi-
nation of shear, γ, and slope of total deflection, dw/dx; 
see Figure 2. With these two modeling strategies most 
of the beams and plates are adequately modeled at early 
design stages. However, when new structures with peri-
odicity of the topology being similar order of magnitude 
as the characteristic length of the deformation one more 
extension in the theory is needed. Such case occurs in 
steel sandwich panels or in web-frames of passenger 
ships that are full of holes which can be sometimes 
located near the hard points e.g. pillars; see Figure 2. In 
such cases high gradients of strain occur.  
 

Fig. 2: Kinematics (top) and discontinuities is passenger 
ships causing high strain gradients 

Therefore, instead of using conventional local continu-
um models, so-called extended, non-local, continuum 
models are needed (see, e.g., Mindlin, 1960; Askes & 
Aifantis, 1990, Bazant and Jirasek, 2002; Kumar and 
McDowell, 2004). There, the strain-gradient infor-
mation is maintained when deriving the continuum 
models and a point in space is allowed to be affected by 
all points in space, not only by its’ neighbors. The bene-
fit of these theories is that they converge to classical and 
FSDT theories when the decay function of strain gradi-
ents become singular, while in other cases it smoothens 
the solution and typically stiffens the structure. Finite 
elements exist and are constantly developed for the 
theory (Reddy at al., 2014; 2016). The determination of 
the decay function is strongly associated with the ho-
mogenization of the equivalent stiffness properties as, in 
addition to the conventional point value of strain, also 
the gradient of strain, dφ/dx, at the point is needed. This 
issue is not new in ship structural design, as it has been 
discussed for example in Hughes (1988) using analyti-
cal methods. However, it should be recognized that the 
field develops extremely fast presently in composite 
structures and mechanics communities.  



Homogenization 

The main idea of homogenization is that the beam or 
plate behavior is described fully by the equivalent stiff-
ness properties, e.g., in-plane (A), membrane-bending 
coupling (B), bending (D), and shear (S) stiffness and 
the reference plane (e.g., mid-plane, neutral axis); see 
Figs. 1 and 3. This means that as the reference plane is 
known, the stiffness properties are integrated based on 
the kinematics and constitutive law. Typically this inte-
gration is carried out over the thickness of the beam or 
plate and considering stiffness. In stiffened panels, with 
heterogeneities at the scale of panel the homogenization 
at the reference plane needs special care. The problem 
lies on the fact that homogenization averages the re-
sponse, which means that any function (deflection, 
stress) that is odd over unit cell length, cancels in the 
homogenization process. This is a shortcoming of a 
homogenization process that needs to be corrected. The 
reason is that if a displacement field with even and odd 
terms is averaged, then the character of higher order 
derivatives will change, which is causing inaccuracies in 
stress assessment.  
 

            

 
Fig. 3: Representation of stiffened panel (top) with lami-

nate element and in combination with offset beams 
for girders (bottom). (Avi et al., 2015) 

Romanoff et al. (2007) gave the measures for correction 
The idea is that homogenization is performed to dis-
placements as usual, but in addition to this the higher 
order differentiation are performed prior homogeniza-
tion. This enables recovery of the periodic response 
from homogenized solution. This is done by using the 
macro-displacements as loads for the unit cell sub-
models and by considering the equilibrium equations 
(continuous vs. periodic; see Romanoff et al, 2007). 
This makes the approach feasible for closed structures, 
such as steel sandwich panels, web-frames, double bot-
tom etc. Another crucial issue in the early design stages 
is that the actual positioning of the stiffeners is not 
known with respect to hard points such as web-frames 
or bulkheads. Therefore, envelope surface approach has 
been developed (Romanoff, 2010) that automatically 

defines the envelope of maximum possible stress for 
different position schemes from homogenized solution. 
When the kinematics are correct and the homogeniza-
tion process is carried out with knowledge about the 
vanishing odd terms, the periodic response can be re-
covered from the homogenized solution; see for exam-
ple Avi et al. (2015) and Romanoff et al. (2007, 2016). 
Few examples are below given that highlight these is-
sues in static cases.  

Static Response of Stiffened Panel 

Figure 4 shows the static response of a stiffened plate 
supported by pillars, girders and web-frames under 
uniform pressure (see Avi et al., 2015). It can be seen 
that the deflection is smooth along the web-frame, while 
it oscillates strongly at the mid-span between the web-
frames due to tertiary, pressure-induced response. As 
the recovery of periodic response from homogenized 
solution is done properly the laminate (ESL) model 
produces exactly the same response as the 3D-FEA.  
 

 
Fig. 4: The deflection of grillage deck structure under 

uniform pressure loading of q = 10 kPa and web-
frame spacing, S=2.4m. Avi et al., (2015) 

Extension to Geometrically Non-Linear Panel Re-
sponse and Use of Envelope Surface 

Figure 5 shows the case when the initially distorted 
web-core sandwich panel is exposed to compressive 
loads parallel to the web-plate direction. The post-
buckling response (point C) at the load-deflection curve 
is considered (Romanoff et al., 2016); we assume that 
the microstructure of the plate remains in the linear 
range. In this case we have two different stiffener set-
tings, i.e. one with full stiffener span next to edge and 
the other where this have been halved. The homoge-
nized solution does not distinguish between these two 
cases and produces the same load-end-shortening and 
load-deflection curves. In a conceptual design stage it is 
beneficial to use the envelope surface approach that 
produces the estimates for the maximum stresses in the 
plate domain. Figure 5 shows that the ESL approach can 
be used to assess the stress levels in the sandwich panels 
very accurately even when the envelope surface ap-
proach is used. However, in many cases the geometrical 
non-linearity is present also at the microstructural level, 
i.e. between the stiffeners. The issue will be discussed in 
following sections of the paper.   



 

 
Fig. 5: The load deflection curve (top) and surface normal 

stress (bottom) of a 3m x 3m sandwich panel un-
der axial loading. Romanoff et al. (2016) 

Influence of Strain Gradients 

There are many challenges in formulating kinematics of 
beams and plates with very low shear stiffness. In es-
sence the FSDT predicts infinite deflections in the case 
of zero shear stiffness in beams where the load-carrying 
mechanism is uniaxial. In plates it is possible to obtain 
finite deflection values even in this case, but the strain 
gradients become infinite. This is physically incorrect 
behavior and associated with the periodic boundary 
condition of the unit cells, e.g., web-frame with repeat-
ing holes (see Fig. 2). In reality, the periodic boundary 
condition may be unjustified assumption and therefore 
the beam kinematics needs to be reconsidered. In con-
tinuum mechanics community extending the kinematics 
of beams and plates to include the influence of strain 
gradients has been done. Fig. 6 shows an example 
where the beam theories formulated this way show their 
accuracy. In this example periodic beam in 3-point 
bending is considered that has only 4 unit cells along 
its’ length. The beam is made flexible by changing the 
rotation stiffness of the T-joint between the face and 
web plates. It is obvious that the problem is a challenge 
for continuum based beam theories, but as can be seen 
from Figure 6 the incorporation of the strain gradient 
information to beam formulation brings considerable 
improvements to deflection and stress predictions. 

 
 

 
 

 
Fig. 6: The deflection: along the span (top) and as a func-

tion of T-joint rotation stiffness (middle) of a 4-
unit cell beam in 3-point-bending. The stress cal-
culated and compared with 3D-FEM (bottom). 
Romanoff et al. (2016) 

Vibratory Response 

As shown in Avi et al (2015) there is fundamental prob-
lem in using homogenization and ESL theories when 
vibrations must be assessed. The problem is that during 
homogenization process, it is assumed that the stiffener 
spacing and deformation inside this become infinitely 
small in comparison to the characteristic length of the 
panel deformation. When the ratio between natural 
frequencies of ESL model and the local plate between 
stiffeners is more than 0.4, the global and local vibration 
modes start to interact and this assumption done in ho-
mogenization is violated. This interaction lowers the 
entire stiffened panel eigenfrequency. A simple spring 
model to consider the interaction between plate between 
the stiffeners and panel level vibration modes have been 
presented in Avi et al. (2016). As Figure 7 shows the 
accuracy of the lowest eigenmodes of the panels are 
considerably improved using this approach.  



 

 
Fig. 7: Natural frequency for different plate thicknesses of 

stiffened panel with correction to interacting 
modes. Avi et al. (2016) 

Buckling and Post-Buckling Response 

Buckling is a limit state where analogous to vibrations 
eigenvalues can be obtained for both local and panel 
levels. Therefore, Reinaldo Goncalves et al. (2016) have 
been developing a two-scale, non-linear homogenization 
scheme where both local and panel level initial imper-
fections are taken into account and the post-buckling 
behavior is computed incrementally modifying the 
ABD-matrix. The basic assumption is that the initial 
imperfection magnitude is high enough to guarantee 
unique equilibrium path and snap-through effects do not 
occur. Another assumption is that the averaging length 
must be adapted according to periodicity of the local 
buckling wavelengths. For this, a n envelope curve 
approach has been developed that traces the path of 
minimum strain energy. The method is validated with 
3D-FEA and the agreement is excellent as shown in 
Figure 8. The approach is very similar to the work done 
analytically by Byklum et al. (2002), the main differ-
ence being that present work can be performed in Finite 
Element framework. Naturally, the methodology needs 
to be extended to include material non-linearity and 
mode shifting, but also the tensile failure.  

 

 
Fig. 8: The compressive load-end-shortening and load-

deflection curves of web-core sandwich panel. 
Reinaldo Goncalves et al. (2016). 

Failure under Multi-axial Loading  

When hull girder is heavily loaded, the plates may expe-
rience multi-axial tensile stresses. Körgesaar et al. 
(2015a, 2015b, 2016) have investigated the ductile fac-
ture of plain steel plates under variety of stress states.
As shell elements are often used in ship structural de-
sign, but the plates experience diffuse necking, the ma-
terial curve used to model the steel plate behavior must 
be modified based on the element size and stress state. 
This happens on the scale of constituents of the stiff-
ened panel, e.g. plate or stiffener. As we move to larger 
structures, e.g. several stiffeners in a panel, the ques-
tions raise what is the failure strain to be used. Körge-
saar et al. (2016) presented an approach for up-scaling 
of failure strain to periodic hollow plates; see Figure 9. 
The main outcome is that although the extension matrix 
is heavily dependent on stiffener direction, the failure 
strain is basically unaffected due to constraint effect of 
the stiffeners that occurs only in one direction. It is clear 
that the approach needs to be extended to include also 
the bending gradients, i.e. extend the work by Storheim 
et al (2015) and Woelke (200x) to ESL framework.  



 
Fig. 9: The tensile load-end-shortening and load-

deflection curves of web-core sandwich panel. 
Körgesaar et al. (2016) 

Optimization  

The benefit of the homogenization is that the prepro-
cessing of large complex structure in terms of time-
consuming mesh generation must be done only once. 
The change of scantlings affects only the equivalent 
stiffness properties and therefore the mesh itself remains 
unaffected. As the stiffness matrix and localization 
scheme can be computed using only the geometry and 
material properties of the structure, allowing ease to 
perform structural optimization. Raikunen (2016) per-
formed optimization of a passenger ferry using the ship 
global 3D FE-model and ESL approach (see Figure 10). 
This structural analysis approach was coupled with 
particle swarm optimization (PSO) code capable of 
searching effectively global optimums. The ship was 
meshed for primary (σ1) level structural analysis using 
coarser mesh, while the tertiary responses where ana-
lyzed by using at certain regions with submodels. Opti-
mization of the ferry shown in Figure 10 was performed 
with only 291 structural analyses with weight reduction 
from 16560 tons to 16050 tons (Raikunen, 2016), that is  
3% weight reduction.  

 

 
Fig. 10: Optimization of a main frame of a passenger ferry. 

(Raikunen, 2016) 

Conclusions 

In the present paper a reviews of the developments on 
applying an equivalent single layer theory for early 
structural design stages of ships is presented. The con-
clusions and recommendations for future work are 
summarized in Table 1. The main benefit of using ESL 
in ship structural design is that is allows meshing of the 
structures with different (optimal) mesh densities need-
ed for different types of analyses. It allows using the 
commercial tools that are widely used (e.g. Abaqus, 
Ansys, Nastran) by naval architects at shipyards and 
design sub-contractors. The elements can be used at the 
primary hull girder level at very coarse level, but also in 
the detailed level where the bending response of panels 
under pressure loads is of interest. As the periodic 
stresses can be accurately assessed, this allows predic-
tion of first-estimates for the strength based on first-
fibre-yield. As the approach uses generic element types, 
any new developments on finite element formulations 
become (e.g. strain gradients) available easily. As mem-
brane, membrane-bending coupling, bending and shear 
stiffnesses are used, the formulation is not topology 
dependent, but can be used for traditional stiffened 
plates as well as new type of structures such as steel 
sandwich panels, metal matrix composites, etc. The 
vibratory response is crucial with ships having a com-
fort class. The methods to assess eigenfrequencies have 
been developed, but the extension to forced vibrations is 



needed. The strength assessment has been initiated for 
the compressive, buckling, loads with geometrical non-
linearity as well as tensile failure under membrane 
stretching including material non-linearity. However, as 

Table 1 summarizes, still a considerable amount of 
work needs to be done, before the method is fully vali-
dated and all challenges are solved.  

Table 1: Review of the completed and future work on development of ESL for ship structural design.  
Design Aspect Work Completed Work to be done 
Modeling Free definition of the reference plane 

validated (Avi et al., 2016).  
Distorted elements. Validation on web-
frames in case of high strain gradients.  

Kinematics Influence of strain gradients in 
beams in terms of deflections and 
stresses (Romanoff et al., 2016). 
Numerical convergence of beam 
elements with strain gradients (Red-
dy et al., 2015).  

Influence of strain-gradients in ortho-
tropic plates. Numerical stability of 
plate elements with strain gradients.  

Static Response Finite-element models for beams and 
circular plates (Reddy et al., 2014, 
2016) with periodic stress recovery 
(Romanoff et al., 2007, 2010, 2016).  

Periodic stress recovery when micro-
structure is non-linear.  

Vibratory response Eigenfrequency analysis for stiffened 
panels including tertiary and second-
ary level coupling (Avi et al., 2016). 
Interaction between girders and web-
frames (Romanoff, 2010).  

Forced vibrations.  

Buckling and post-
buckling 

Interaction between panel and ter-
tiary level geometrical non-linearity 
(Reinaldo Goncalves et al., 2016).   

Transverse buckling. Non-linear materi-
al behavior.  

Tensile failure under mul-
tiaxial stress 

Symmetric plates with in-plane loads 
(Korgesaar et al., 2016) 

Non-symmetric plate 

Optimization Scantling optimization with ESL and 
offset beams 

Geometry optimization 
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Bilge shell is often composed of unstiffened radiused plating. 
In recent years, larger radius is sought expecting reduction of 
steel weight and welding lengths. In the previous study, the 
authors pointed out that when the bilge radius is larger than 
usual, it is necessary to precisely control the location of the 
first longitudinal stiffener adjacent to the bilge radius, so that 
the distance from the turn of bilge is between 0.3 and 0.5 times 
stiffener spacing. However, such arrangement is not always 
possible. The authors then developed formulae to express 
structural behavior of curved shell plating connected to con-
tinuous stiffened flat plating with irregular stiffener spacings. 
Through parametric studies, it was found that when the spac-
ing between the first and the second longitudinal stiffeners is 
made narrower, the distance between the turn of bilge and the 
first longitudinal is allowed to be much smaller. Finally, this 
paper proposes a practical method to control stresses on the 
bilge shell plating through appropriate arrangement of longi-
tudinal stiffeners. 
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Abstract

A new proof of plate capacity under combined in-plane
loads has been developed based on an improved under-
standing of collapse gleaned from an extensive series
of non-linear buckling analyses using the finite element
method and covering the full range of plating configura-
tions and load combinations relevant for the shipbuild-
ing industry. Compared to existing proofs, the new proof
incorporates a more physically-based approach towards
tensile stress effects on plate capacity and better captures
the influences of both plate slenderness and aspect ratio
under compressive biaxial stresses. Moreover, the new
proof can be solved without the need for iterations and
may be used directly with stresses obtained from finite
element analyses, thereby eliminating the need for a cor-
rection of stresses due to Poisson effects. However, this
new proof is based on a number of simplifications per-
taining to boundary conditions, applied loads and initial
imperfections. Because any or all of these assumptions
may be violated in practice, the purpose of this paper is
to demonstrate that the new proof remains valid in case of
other boundary conditions, additional load components
and initial imperfections which are more realistic.
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Introduction

In April 2006 the Common Structural Rules for Bulk Car-
riers (CSR-BC) and the Common Structural Rules for
Double Hull Oil Tankers (CSR-OT) were implemented

by the International Association of Classification Soci-

eties (IACS). Because these rule sets were independently

developed by two different groups of classification soci-

eties, there existed some inconsistencies in requirements

common to both ship types. In order to remove such in-

consistencies, the newly harmonised Common Structural
Rules for Bulk Carriers and Oil Tankers (CSR BC & OT)

were implemented in July 2015 with Part One providing

requirements common to both ship types and Part Two

providing additional requirements unique to each. One

area in need of harmonisation was the proof of buckling

strength which in the new CSR BC & OT is based largely

on CSR-BC criteria. However, one significant difference

is the capacity formulation for plates under combined in-

plane loads.

The CSR BC & OT capacity formulation is a slight

variant of a new proof based on an improved understand-

ing of plate collapse gleaned from an extensive series

of non-linear buckling analyses using the finite element

method and covering the full range of plating configura-

tions and load combinations relevant for the shipbuild-

ing industry. Compared to existing proofs, the new proof

incorporates a more physically-based approach towards

tensile stress effects on plate capacity and better captures

the influences of both plate slenderness and aspect ratio

under compressive biaxial stresses. Moreover, the new

proof can be solved without the need for iterations and

may be used directly with stresses obtained from finite

element analyses, thereby eliminating the need for a cor-

rection of stresses due to Poisson effects.

However, the new proof is based on a number of sim-

plifications which are reflected in the non-linear buckling

analyses used in its development

1. all edges of plates are simply-supported and forced

to remain straight,

2. plates are subjected to uniform in-plane loads only,

and

3. plates are free of residual (welding) stresses and

have initial deflections based on their eigenmodes.

Of course, in shipbuilding practice any or all of the fore-

going assumptions may be violated. Accordingly, the

purpose of this paper is to demonstrate that the new proof

of plate capacity remains valid in case of other boundary

conditions, additional load components and initial imper-

fections which are more realistic.



Description of the new proof

Modern day ship structures are essentially assemblages

of stiffened panels. In this paper the focus is on the

ultimate strength of stiffened panels. Today most ship-

building rules define a proof based on ultimate strength

rather than allowable stress, whereby proof of sufficient

capacity is typically separated into distinct proofs for sin-

gle plate fields and for stiffeners with the capacity of the

panel defined by the smaller of the two. This decou-

pling is based on the assumption that plating and attached

framing have similar in-plane, post-buckled stiffness (any

differences in pre-buckled stiffness will be accounted for

during direct strength analyses), otherwise the stiffer of

the two would take a disproportionate share of the load.

Nevertheless, the capacities of plating and stiffeners re-

main interdependent whereby stiffeners provide bound-

ary conditions for plating which in turn constitutes (in

most cases) the larger of stiffener flanges.

As noted above, a new proof of plate capacity has re-

cently been developed and is presented in Box 1. The de-

velopment of this new proof is fully documented in (Hay-

ward, 2016) and summarised in (Hayward and Lehmann,

2016). The proof is based on a generalised form of the

von Mises equation where the ratios of characteristic
load and characteristic strength under single stress com-

ponents are critical elements in the proof of plate capac-

ity. These characteristic values are calculated from ideali-

sations of loads and plates where their ratios comprise the

base components of the exponential terms, i.e. μ ·Rx/κx,

μ · Ry/κy and μ · Rτ/κτ , where Rx = σx/σY is the

applied stress in the x-direction normalised by the yield

stress (analogously for Ry and Rτ ), κx = σx,ult/σY is

the ultimate stress in the x-direction normalised by the

yield stress (analogously for κy and κτ ) and μ is the stress
multiplier at factor at failure which is included to limit

utilisation of ultimate plate strength. As shown in Figure

1 (for Rτ = 0), the resulting capacity curve in the Rx-Ry

plane is delineated by four intersecting curves; the von

Mises ellipse, two stress limits and a curve of inelastic

buckling capacity in the quadrant of biaxial compression.

The use of plate reduction factors κx, κy and κτ is

a particularly convenient aspect of the proof since it per-

mits a single proof of plate capacity to be used for several

combinations of boundary conditions and applied loads.

This is made possible by assuming that in each case the

shape of the capacity (or interaction) curve is maintained

with changes in boundary conditions and applied loads

reflected in the plate reduction factors κx, κy and κτ . Un-

der biaxial compression the shape of the capacity curve

is governed by the exponent e0 and interaction coeffi-

cient B which are defined as functions of the plate as-

pect ratio α = a/b (where a and b are the plate length

and breadth, respectively) and the plate slenderness pa-

rameter β = b/t ·√σY /E (where t is the nominal plate

thickness and E is Young’s modulus).

The capacity of plates under combined in-plane loads is defined by the following equation(
μ ·Rx

κx

)e0

+

(
μ ·Ry

κy

)e0

−B ·
(
μ ·Rx

κx

)e0/2

·
(
μ ·Ry

κy

)e0/2

+

(
μ · |Rτ |

κτ

)e0

= 1.0

where e0 = 2 / β0.25 ≤ 2 B = 2 / (2 · β)0.7/
√
α − 1 ≤ 1 for Rx ≥ 0 and Ry ≥ 0

e0 = 2 B = κx = κy = κτ = 1 for Rx < 0 or Ry < 0

and where the following stress limits are to be observed(
μ ·Rx

κx

)2/β0.25

+

(
μ · |Rτ |

κτ

)2/β0.25

≤ 1.0 for Rx ≥ 0 (i)

(
μ ·Ry

κy

)2/β0.25

+

(
μ · |Rτ |

κτ

)2/β0.25

≤ 1.0 for Ry ≥ 0 (ii)

(
μ · |Rτ |

κτ

)
≤ 1.0 (iii)

Box 1.: New proof of plate capacity under combined in-plane loads

For this reason, shipbuilding rules normally provide

plate reduction factors for several combinations of ide-

alised boundary conditions (i.e. free, simply-supported or

clamped edges) and applied stresses (including in-plane

bending). Moreover, for each of these cases, plate reduc-

tion factors implicitly capture the effects of lateral pres-

sure and initial imperfections (i.e. residual stresses and

deflections) even though, in case of the former, out-of-

plane loads are assumed to have a negligible effect on

the in-plane capacity of the plate. In CSR BC & OT, 25

such cases are provided for plane plates alone (including

the variations due to in-plane bending). It is then the re-

sponsibility of designers and plan approval engineers to

determine which idealised case is most appropriate for a
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Figure 1. Plate capacity curve

given plate and load.

As noted above, the proof of plate capacity used in

CSR BC & OT is a slight variant of the newly devel-

oped proof. The single difference in the CSR BC & OT

plate capacity formulation compared to the proof shown

in Box 1 is the definition of the interaction coefficient B
under biaxial compression, i.e. Rx ≥ 0 and Ry ≥ 0.

One of the great strengths of classification societies is

their reservoir of successful (and unsuccessful) in-service

experience. However, this experience has two insepara-

ble components; capacity and demand. When the newly

harmonised load definitions were used together with the

new proof of capacity, consequence studies showed that

the required thickness for plates under biaxial compres-

sion were too conservative compared to that of successful

in-service experience. Accordingly, instead of recalibrat-

ing the load formulations, it was decided that the easi-

est solution to this problem was to increase the value of

the interaction coefficient B, thereby relaxing the required

thickness of plates in Quadrant 1

B = 0.7− 0.3 · β/α2 (1)

It is to be expected that this is a short-term solution. In

addition to its implementation in CSR BC & OT, the new

proof in its revised form has also been implemented in the

new IACS Longitudinal Strength Standard for Container

Ships (UR S11A) as well as the new DNVGL rules for the

classification and construction of all ship types. The new

proof is especially relevant in case of UR S11A which

was primarily developed in response to the loss of MOL

Comfort, the collapse of which reportedly initiated in the

bottom shell plating under biaxial compression. In future,

more extensive use of the proof can be reasonably ex-

pected as classification societies seek to harmonise their

own buckling strength rules with those included in the

aforementioned IACS rules and requirements.

Other boundary conditions

Upon first glance of the buckling cases in CSR BC &

OT, one of the more obvious variations in boundary con-

ditions for investigation would seem to be plates with all

four edges clamped against rotation. Indeed, such bound-

ary conditions do result in an interaction curve which is

more rectangular in shape (i.e. less interaction between

the axial stress components) such that the proof shown

in Box 1 would be relatively conservative. However, in

practice such boundary conditions are quite difficult to

achieve. Under in-plane axial stresses, the internal en-

ergy of continuous plating is minimised when it buckles

out-of-plane in opposite directions on each side of its sup-

ports (in both the x- and y-directions), a deflection pattern

which closely resembles simply-supported plates. Any

effect of the rotational restraint provided by stiffeners is

taken into account by increasing the elastic buckling fac-

tor K which in turn increases the value of the plate re-

duction factor κ, but essentially the edge conditions of

the plating remain simply-supported.

Even when a plate is preloaded by an extreme lateral

pressure, it has been shown in finite element analyses (see

below) and observed in tests conducted by (Egge, 1995)

that the plating snaps out of the deflection pattern due to

the lateral load and into a deflection pattern which min-

imises the internal energy under in-plane axial loads (i.e.

its eigenmode). However, in a very few cases, it may be

appropriate to consider some edges of the plate clamped

against rotation. For instance, in CSR BC & OT the short

edges of the shell plating of single side skin bulk car-

riers may be considered clamped against rotation due to

the substantial restraint provided by the surrounding wing

and hopper tank structures, although the strengthening ef-

fects of these boundary conditions are quite local.

One of the more common variations in boundary con-

ditions found in shipbuilding is three edges simply-

supported with the fourth edge free from any support. As

shown in Figure 2, this is the case for plating adjacent to

lightening holes and access openings (without edge rein-

forcements) in the floors and girders of the double bot-

tom structure. Here the plate is subject to axial stresses in

the local x-direction (e.g. due to longitudinal bending or

transverse compression of the hull girder) combined with

shear stresses (e.g. near the ends of floors/girders due to

lateral loading of the double bottom). In Figure 3 the ca-

pacity curve of the plate with a free edge (α = 1, β = 2)

is compared to that with all four edges simply-supported.

As can be seen, the capacity curve for the plate with

the free edge takes on the same shape as that for the

plate simply-supported on all edges (i.e. a function of

the exponent e0, as defined by the plate slenderness pa-

rameter β, since here Ry = 0). Here a standard access

opening of 600 x 800 mm has been centred vertically in a

2400 x 800 mm plate field in the double bottom. In prac-

tice, the vertical extension of such openings should not

exceed one half the height of the floor/girder. Accord-

ingly, for the standard access opening 600 x 800 mm in a

plate field of 800 mm spacing, it is possible that the re-

maining plating above/below the opening has an aspect
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Figure 2. Idealisation of plating adjacent to access
opening

ratio α = 2 (i.e. a double bottom height of 1600 mm

and vertically-centred opening). This of course increases

the effect of the free edge on the capacity of plate leading

to an error which may approach 10%. However, this is

something of an upper bound on the error and is at the

boundary of practical ship design. Moreover, for plat-

ing adjacent to lightening holes and access openings, the

ends of the ”free” edge are not truly free, i.e. they are

supported by the plating and sniped stiffeners in line with

the longitudinal axis of the opening.

Yet another common variation in boundary conditions

found in shipbuilding is when one edge is allowed to

pull in, i.e. no edge restraint. In fact, preventing the in-

plane deflection of plating at the edges of stiffened pan-

els is rarely possible in ship structures since the restraint

would need to come from perpendicular supporting struc-

ture which in general is only able to prevent deflections in

its own plane. Conversely, within the extent of stiffened

panels, perfect in-plane restraint occurs naturally due to

the reciprocal action of neighbouring plates, i.e. in-plane

force balance.

Accordingly, within CSR BC & OT there are two dif-

ferent methods for assessing the capacity of plating de-

pending on whether or not the plating has in-plane re-

straint. For structures with in-plane restraint, such as con-

tinuous shell and deck plating, capacity is calculated us-

ing Method A. For structures without in-plane restraint,

such as side and bottom girders that are not in line with

decks and bulkheads, respectively, capacity is calculated

using Method B. In fact, Method A and Method B are

identical except for the value of a factor c1 = 1 − 1/α
used in the calculation of the plate reduction factor κy

which defines the transverse strength of the plate (pull-

in on the short edges of the plate is assumed to have a

negligible effect on its capacity). In case of Method B, a

plate aspect ratio of α = ∞ is taken such that c1 = 1,
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Figure 3. Capacity curve of plate with free edge (α =
1, β = 2)

resulting in a smaller ultimate (transverse) strength of the

plating compared to those plates with in-plane restraint

(to an extent dependent on α).

Strain-based Stress-based 

Figure 4. Strain-based and stress-based loads

The mechanics underlying the foregoing treatment of

edge restraint within CSR BC & OT is actually based

on the buckling strength rules of (Germanischer Lloyd

GmbH, 1997). In these rules transverse loads are dif-

ferentiated between strain-based loads and stress-based
loads. As illustrated in Figure 4, the former refers to

stresses arising from uniformly-applied strains (e.g. hull

girder bending) and the latter to strains arising from

uniformly-applied stresses (e.g. side girders under ice

loads). Of course, due to the reciprocal action of neigh-

bouring plates, only one edge of the plate is normally free

to pull in. The resulting change in plate capacity when

one (long) edge of a plate has no edge restraint is shown



in Figure 5 (α = 3, β = 3). As can be seen, in such

cases the proof of plate capacity performs as well as for

the case where all edges are restrained against pull-in.
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Figure 5. Capacity curve of plate with no edge re-
straint (α = 3, β = 3)

Additional load components

As noted above, plate reduction factors also capture the

effect of other load components such as in-plane bend-

ing. Because individual plate fields are relatively small

compared to the ship as a whole, the in-plane bending

due to global bending of the hull girder (vertical and hor-

izontal) is normally assumed to result in uniform stress

distribution over the length and breadth of plates (one no-

table exception here is the in-plane bending of vertically-

stiffened side shell plating of single side skin bulk carriers

which generally have rather large aspect ratios).

Accordingly, it is usually local loads such as double

bottom bending which subject plates (i.e. floors and gird-

ers) to in-plane bending. In such cases, the effects of in-

plane bending are reflected in the elastic buckling factor

K which in turn are reflected in the plate reduction factor

κ that is used in the proof of capacity. As an example, the

capacity curve shown in Figure 6 is for a plate (α = 3,

β = 3) subjected simultaneously to shear stresses and

transverse in-plane bending described by the edge stress

ratio ψ = σ2/σ1 = 0, where σ1 is the maximum stress

along the side and σ2 is the minimum. Such a stress state

occurs, for instance, in case of a vertically stiffened plate

field at the end of a bottom longitudinal girder, i.e. un-

der lateral loads the girder is clamped against rotation by

the supporting structure of the transverse bulkhead such

that pure in-plane bending (ψ = σ2/σ1 = −1) is super-

imposed on compressive stresses due to hull girder bend-

ing (here of comparable magnitude). As can be seen, the

shape of the capacity curve for in-plane bending (ψ = 0)

is similar to the shape of the capacity curve for the (stan-

dard) case of no in-plane bending (ψ = 1), upon which

the proof of plate capacity is based.
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Figure 6. Capacity curve of plate under in-plane bend-
ing (α = 3, β = 3)

Another load component not considered in the devel-

opment of the plate capacity proof is lateral pressure. As

noted above, out-of-plane loads are assumed to have a

negligible effect on the in-plane capacity of the plate.

Through thickness plasticity (along the plate edges) is

a precursor to collapse under in-plane axial loads. This

means that plate collapse occurs once the equivalent

stresses in all fibres of the plate reach yield, i.e. in the

top, bottom and middle fibres of the plate. However, be-

cause lateral loads are primarily resisted by pure bending

(in the absence of significant membrane action) yielding

in the middle fibres of the plate depends almost exclu-

sively on the magnitude of applied in-plane loads.

In this regard, Figure 7 compares the capacity curves

under biaxial compression for typical bottom shell plat-

ing with and without lateral pressure (α = 3, β = 2).

Here the plate is pre-loaded with the pressure p required

to initiate yield (p = 271.0 kN/m2). In this case the aver-

age loss of capacities (i.e. reduction in magnitude of the

load vectors) due to the lateral pressure is about 4.8%.

Moreover, as shown in Figure 7, the shapes of capac-

ity curves with and without lateral pressure are similar.

Accordingly, the proof of capacity remains valid where

any loss in capacity due to the presence of lateral pres-

sure need only be reflected in the plate reduction fac-

tors κx and κy . As noted above, the presence of lateral

pressure does not prevent deflection of the plate into a

shape which minimises internal energy under compres-

sive loads as shown in Figure 8. The same is true when

transverse loads are applied.
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sure (α = 3, β = 2)
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Figure 8. Deflection patterns under pressure (p =
271.0 kN/m2)

Initial imperfections

Within modern day shipbuilding, most steel structures are

subjected to time-dependent temperature gradients dur-

ing welding and to a lesser extent thermal cutting. As

noted by (Paik and Thayamballi, 2003), when steel is

heated during welding, the molten portion expands and is

compressed by the surrounding steel which remains rela-

tively cool. Once the temperature drops in the heated por-

tion, it is subjected to locked in tensile stresses and distor-

tions which may be minimised by proper welding proce-

dures and fabrication methods, but never eliminated. Ac-

cordingly, in addition to boundary conditions and other

load components, plate reduction factors need also to ac-

count for the effects of these initial imperfections.

In terms of distortions due to welding, a Fourier se-

ries imperfection shape is commonly used to characterise

residual deflections in plating

δ

δ0
=

m∑
i=1

n∑
j=1

A0ij · siniπx
a

· sinjπy
b

(2)

where δ0 is the magnitude of out-of-plane deflection.

However, initial imperfection shapes are normally such

that they predominantly have one half wave in the shorter

direction, allowing them to be adequately described by

out-of-plane deflection along the centreline y = b/2 of

the plate

δ

δ0
=

m∑
i=1

A0i · siniπx
a

(3)

The magnitude of initial deflection δ0 is of particular im-

portance since the capacity of plating is inversely related

to this quantity. Accordingly, several empirical formula-

tions are available in the literature for calculating design

magnitudes, with one of the more well known formula-

tions provided by (Smith et al., 1988) for three different

levels of imperfections

δ0
t

=

⎧⎪⎨⎪⎩
0.025 · β2 slight

0.100 · β2 average

0.300 · β2 severe

(4)

However, in shipbuilding the magnitudes of initial deflec-

tion are unknown beforehand and so are not an explicit

design parameter in plating design. For instance, the plate

reduction factors used in CSR BC & OT are empirically

derived on the basis of experimental and numerical re-

sults. Accordingly, post-construction surveys are carried

out to ensure that plating complies with deflection toler-

ances. For instance, ships built according to the rules of

IACS member societies need to comply with tolerances

delineated in the IACS Shipbuilding and Repair Qual-
ity Standard for the hull structure during the newbuilding

stage and repair standard where the quality standard is

not satisfied (International Association of Classification

Societies, 2013).

With respect to the shape of imperfections, the proof of

plate capacity shown in Box 1 is based on results using

the critical eigenmodes of plates for the initial deflection

shapes. In order to investigate whether the resulting proof

is valid for other types of imperfection shapes, capacities

for a plate (α = 3, β = 2) under biaxial compression

have been numerically calculated for four typical initial

deflection patterns as suggested by (Paik and Thayam-

balli, 2003). For a plate aspect ratio of α = 3, these

imperfection shapes are shown in Figure 9 together with

the critical eigenmodes under longitudinal and transverse

compression. A deflection magnitude of δ0 = b/200 was

used for all deflection shapes. Nevertheless, these mag-

nitudes of imperfection are enough to prevent the plate

from snapping into any of its eigenmodes (i.e. in case

of imperfection shapes #1 to #4). Capacities of the plate

based on all imperfection shapes are compared in Figure

10. As can be seen, the shape of the capacity curves delin-

eated by numerical results may not be the same, but those

based on eigenmode deflections provide a good represen-

tation of the critical imperfections.

In addition to initial deflections, plate reduction factors

need also to account for residual stresses due primarily

to welding. Similar to initial deflections, some authors

have developed formulations for plate reduction factors

which explicitly account for the level of residual weld-

ing stresses. For instance, (Frieze et al., 1977) have de-

veloped plate reduction curves for ”unwelded”, ”lightly
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Figure 9. Initial deflection shapes
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Figure 10. Capacity curve of plates with various initial
deflection shapes (α = 3, β = 2)
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Figure 11. Capacity curve of plate with residual
stresses (α = 3, β = 2)

welded” and ”heavily welded” plates. However, within

the shipbuilding industry, plate reduction factors implic-

itly account for residual stresses whereby the quality of

welds are controlled through classification society rules,

welding procedure qualification, welder certification as

well as weld monitoring and control (Moore, 2009).

With respect to residual stresses, the proof of plate ca-

pacity shown in Box 1 is based on results for unwelded

plates (i.e. without residual stresses) such that some

additional numerical calculations are needed to validate

the proof for welded plates (i.e. with residual stresses).

As noted above, residual tensile stresses develop due

to welding in the so-called heat-affected zone (HAZ)

along the edges of the plate, between which compres-

sive stresses develop in order to maintain force equilib-

rium. Accordingly, the internal stresses in the body of the

plate reach yield under the application of a smaller com-

pressive in-plane stress compared to stress-free plates, i.e.

residual stresses generally reduce the capacity of plates.

In general, residual stresses due to welding develop in

both the x- and y-directions of the plate and are normally

idealised as tensile and compressive blocks as shown in

the inset of Figure 11. Based on equilibrium considera-

tions, the breadth of the tensile block bt is equal to

bt =
σrcx

2 · (σrcx − σrtx)
· b (5)

where σrcx and σrtx are the residual compression and

tension stresses, respectively. As noted by (Hughes,

1988), the compressive residual stresses in welded plates

rarely exceeds 0.1 · σY . Furthermore, although tensile

residual stresses may well reach yield, stress-relief nor-

mally occurs due to the alternating tension and compres-

sion of the plate under hull girder bending (referred to

as ”shakedown”) which results locally in small plastic

strains (Hughes, 1988). Accordingly, based on measure-

ments reported by (Chen et al., 1997), a reasonable value



of tensile residual stresses due to welding is −0.7 · σY .

For residual stresses of σrcx = 0.1 · σY and σrtx =
−0.7 ·σY , the resulting breadth of the tensile zones in the

x-direction according to Equation (5) is equal to

bt =
σrcx

2 · (σrcx − σrtx)
· b

=
0.1 · σY

2 · (0.1 · σY + 0.7 · σY )
· b

=
b

16

(6)

Accordingly, for a finite element model of a plate with

16 square elements of equal size across its breadth, ten-

sile zones in the x-direction have the breadth of a sin-

gle element. Using the same breadth at = bt = b/16
and magnitude σrty = σrtx = 0.7 · σY of tensile zones

along the short edges of a plate, the magnitude of com-

pressive residual stress in the y-direction is calculated as

σrcy = 0.03 · σY (for this reason residual stresses in the

transverse direction are often times neglected). Accord-

ingly, with reference to the inset in Figure 11, the follow-

ing residual stresses are used in the numerical analyses of

a welded plate

σrx =

⎧⎪⎨⎪⎩
σrtx for 0 ≤ y ≤ bt

σrcx for bt ≤ y ≤ b− bt

σrtx for b− bt ≤ y ≤ b

(7)

in the x-direction, and

σry =

⎧⎪⎨⎪⎩
σrty for 0 ≤ x ≤ at

σrcy for at ≤ x ≤ a− at

σrty for a− at ≤ x ≤ a

(8)

in the y-direction. Using this residual stress state, the

capacities of a welded plate under biaxial compression

is compared in Figure 11 to that for an unwelded plate

(α = 3, β = 2). As can be seen, the loss of capacity due

to residual stresses is about 7.0%. However, the shapes

of both capacity curves are similar such that the results

obtained with the proof of capacity compare well with

both sets of numerical results.

Conclusions

A new proof of plate capacity under combined in-plane

loads has been developed based on an improved under-

standing of collapse gleaned from an extensive series

of non-linear buckling analyses using the finite element

method and covering the full range of plating configura-

tions and load combinations relevant for the shipbuild-

ing industry. Although this new proof has been based

on a number of simplifications pertaining to boundary

conditions, applied loads and initial imperfections, it has

been demonstrated that the new proof of plate capacity

remains valid in case of free edges, edge pull-in, in-plane

bending, lateral loads, measured shapes of initial imper-

fections and residual stresses. This greatly simplifies the

design/classification process since a single proof of plate

capacity can be used regardless of the boundary condi-

tions, applied loads and initial imperfections.
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Abstract  

This paper discuss time-domain simulation models for propel-
ler forces. The presented propeller simulation model is appli-
cable for various "off-design" conditions, like strongly oblique 
inflow and propeller coming partly out of the water. It covers 
both low frequency (constant operating conditions and wave 
encounter frequency) and medium frequency (propeller blade 
passing), while high frequency (noise) is not covered. The 
simulation model is designed for very low computational cost, 
so that it might be coupled to a drive-train dynamics simula-
tion. The results of simulations are compared with model tests 
with good results. 

Keywords 

Propeller; time-domain simulation; oblique inflow, 
ventilation, thruster.  

Introduction 

Increasingly, ship performance is modelled in various 
types of simulators and time-domain calculations. In 
such cases, there is often a need for modelling also of 
propeller forces. Another context where propeller forces 
need to be modelled is analysis of the dynamics of the 
drive-train. The motivation for the work behind this 
paper was the modelling of the dynamic loads and re-
sponses, including local strain, of the drive-train of 
azimuthing thrusters. Similarly, the modelling of the 
dynamics of the system of propeller, shaft and main 
engine of large merchant vessels needs a model of the 
dynamic loads and responses of the propeller. However, 
in this case it is common to involve only the response in 
terms of the propeller added mass and damping coeffi-
cients.  Dynamic propeller forces can be modelled for 
different types of operational conditions, at different 
fidelity levels and for different frequency ranges. The 
current paper gives initially an overview of different 
modelling levels, and discusses possible modelling 
approaches, before a medium fidelity simulation model 
is presented in detail. 

Overview of propeller modelling methods 

Propeller performance models might cover different 
frequency ranges. Frequency ranges might be divided 

in: 
 Low frequency: quasi-static and up to wave 

encounter frequency. 
 Medium frequency: Propeller shaft and blade 

frequency, including the first few harmonics 
 High frequency: noise, mainly caused by cavi-

tation. 
The response of the propeller to variations in inflow 
velocity or rotational velocity with frequencies up to 
typical wave encounter frequencies can be well predict-
ed with a quasi-static approach, as is well-known and 
documented for instance by Amini (2011). The medium 
frequency range covers the propeller frequency, blade 
frequency and first few harmonics of blade frequency. 
The response on these frequencies are typically caused 
by an inhomogeneous wake field, and enhanced by 
partial cavitation. They can be studied experimentally in 
a cavitation tunnel or numerically using various types of 
propeller software or CFD. The high frequency range is 
noise, and here cavitation is typically the most im-
portant contribution.  
Furthermore, propeller models might cover different 
types of operation:  

 Design condition 
 Off-design conditions. 

The following off-design conditions have significant 
influence on the propeller performance characteristics 
and should therefore be considered for inclusion in a 
model: 

 Low advance-numbers – high propeller load-
ings 

 “Four quadrants” of operation, meaning all 
combinations of negative and positive velocity 
and rate of rotation 

 Strongly oblique inflow – steering of azimuth-
ing thrusters at cruising speeds 

 Waves and ship motions 
 Propeller ventilation and propeller out-of-water 

effects 
Table 1 gives an overview of how the propeller perfor-
mance might be computed depending on frequency 
range and operating condition. Note that possibly except 



for noise, CFD is increasingly feasible for all combina-
tions in Table 1, and is therefore for sake of brevity not 
mentioned in the table. The same of course goes for 
physical tests – meaning primarily model tests, which 
are only mentioned for the two cases where there are 
hardly other options. 

Table 1  Calculation method options for propeller per-
formance. CFD excluded. 

 
Previously, the propeller performance was “modelled” 
at the design stage – where the focus were on the pro-
peller performance in terms of thrust and torque, cavita-
tion extent, pressure pulses and possibly noise, in the 
design conditions, and in some rare cases in some par-
ticular off-design condition. In such cases, model tests, 
elaborate boundary element method or CFD calculations 
are good options, and there is an extensive scientific 
literature on methods and results of various studies, for 
an overview see for instance Kerwin and Hadler (2010). 
In these cases, operating conditions are steady, so re-
sults are typically presented as time-averaged values 
(thrust and torque), or as functions of frequency (pres-
sure pulses and noise). 

Time-domain simulation models 

Increasingly, ship performance is considering the ship 
as a system, taking the interplay between the numerous 
ship systems into account, and looking at the perfor-
mance in various operational conditions rather than just 
in some steady design condition. In these cases, it is 
often necessary to model the performance of the ship in 
the time-domain, typically using a modular approach, so 
that each system can be modelled with a clearly defined 
interface to other models. The modular approach ena-
bles development of relatively separate models, for 
instance so that the propeller supplier can supply a 
model for their thruster propeller system, while the 
engine supplier supplies a model of the engine, which 
then the system integrator (ship design company or 
yard) can join using a ship simulator. Since a number of 
operational scenarios of significant length need to be 
simulated, the ship simulator in total should, but not 
necessarily, need to run faster than real time. Another 
example is ship simulators for training or for planning 
of complex ship operations, which in both cases need to 
simulate the ship performance in the time-domain in 
real-time (or faster). A third example is when linked 
dynamic response of the propeller-drive-train-engine 
system need to be studied. Depending on the non-
linearities of the system, the problem might be studied 
in the time-domain or frequency domain.  

A time-domain propeller model to be used in studies as 
those mentioned above will need operational variables 
such as RPM and pitch (for controllable pitch propel-
lers), as well as the inflow velocity field. The simulation 
model would then output thrust and torque, and possibly 
also side forces and horizontal and vertical bending 
moments, as illustrated in Figure 1. The simulation 
model might also be made to output other magnitudes of 
interest, such as pressure pulses or noise, but we will not 
consider such effects here. 

 
Figure 1 Schematic representation of time-domain propel-

ler model 

We will now proceed to present two different propeller 
simulation models of the type outlined in Figure 1, with 
different levels of complexity and detail, and then com-
pare their performance with experimental data. 

A simple time-domain simulation model for 
thruster propeller performance 

This model determines the average thrust and torque in 
axial inflow using the Wageningen B-series, or user-
specified open water diagrams. Correction of thrust and 
torque, and calculation of horizontal and vertical side 
force and bending moments are found from curve-fits to 
the Blade Element Momentum Theory calculations and 
model test data in Amini (2011). Effects of the propeller 
coming partly out of water are computed from the part 
of the propeller disk that is submerged, following the 
ideas in Faltinsen et. al. (1981). In short, the thrust coef-
cient KT can be computed as: 

04T T

T
K K

nD
  (1) 

Where  is density of water, T is the thrust of the partly 
submerged propeller, n is the propeller revolution speed 
and D is the diameter. KT0 is the thrust coefficient for 
the deeply submerged propeller.  is a thrust loss fac-
tor, which is decomposed in three individual contribu-
tions: 

0 W V  (2) 

Where 0 is due to loss of propeller disk area, W is 
corrects for dynamic lift effects – so-called Wagner 
effect, and V is thrust loss due to ventilation of the 
submerged part of the propeller. We will proceed to 
discuss these three factors, but first we note that loss of 
thrust closely follows loss of torque, but with an accom-
panied loss of efficiency, so that the torque coefficient is 
computed as: 

Propeller series. Propeller 
calculation codes of 
various fidelity

Propeller series. Empirical 
corrections for ventilation 
and wave effects. 

Propeller lifting surface 
and panel methods. 

Specially adapted 
propeller theories. 

Physical tests. Propeller 
codes in combination with 
semi-empirical methods.

Physical tests

Design condition Off-design conditions
Low frequency
Wave encounter 
frequency or below

Medium frequency
Propeller shaft and 
blade frequency

High frequency
Cavitation noise

RPM

Pitch (if CPP)

Inflow velocity field

Thrust, torque

Side-forces

Bending moments

Input variables Output variables



0
k

Q QK K  (3) 

Where k is a constant between 0.8 and 0.85 – see Ko-
zlowska et. al. (2009) for details about this relation. The 
thrust loss factor due to loss of propeller disk, 0, is 
computed from purely geometric considerations as: 
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Where xh is the propeller hub ratio and sr is the sub-
mergence ratio considered as vertical distance to center 
of propeller relative to propeller radius. When a foil is 
suddenly increasing its lift, for instance due to a sudden 
attack angle, it will not obtain the full value immediate-
ly. It will rather obtain half of the full lift immediately, 
and the remainder will be obtained gradually. This is 
called the Wagner effect after the author that described 
and gave an analytical solution to this problem. Nowa-
days, it is common to simplify the calculation by use of 
a curve-fit formula. In the propeller models presented 
here, we use the following formula: 

0
155

0.5 0.5 1
155

V t c
 (5) 

Where  is the circulation and 0 is the circulation for 
stationary conditions, V is the velocity, t is time and c 
is the foil chord length. The thrust loss factor W is 
calculated from the average value of 0  during the 
submerged part of the blade rotation. Thus, it will in 
general be dependent on the actual radius as well as the 
propeller submergence. For the simplified propeller 
model, the characteristic section r/R=0.7 is used, as was 
done by Faltinsen et. al. (1981). Details can be found in 
Dalheim (2014).  
In the simplified propeller model, the effect of ventila-
tion of the submerged part of the propeller disk is not 
included, meaning that V = 1.0 in equation (2).  
To enable representation of dynamic propeller forces, 
the user of the simplified propeller model can specify 
amplitude and phase of forces varying with propeller 
frequency, and 1st, 2nd and 3rd harmonic of the blade 
pass frequency. An overview of the applied calculation 
methods is given in Table 2. 
Validation results for this simple model are shown later, 
together with results from the medium-fidelity propeller 
model PropSim. 
 

The medium-fidelity time-domain simulation 
PropSim 

This model was developed by Dalheim (2015). It uses a 
lifting line method to find the propeller forces, using 
Wrench (1957) approximation for wake alignment. This 
approximation assumes that the inflow velocity field is 
uniform in the rotation direction, meaning that it can’t 
formally account for inhomogeneous wake, including 
skewed inflow. It has been shown previously, for in-
stance by van Oossanen (1974), that propeller perfor-
mance in inhomogeneous wake can be computed with 
good accuracy using a quasi-static approach (where the 
forces on the key blade is computed at various angular 
positions as if the wake at that position was homogene-

Table 2 Overview of calculation methods implemented in the two propeller time-domain simulation models. 



ous in the rotational direction). Dalheim (2015) verified 
this finding, using a velocity-based panel method AKPA 
Achkinadze and Krasilnikov (2003) comparing results 
of dynamic and quasi-static calculations. However, 
when the same quasi-static approach was applied to the 
case of skewed inflow (corresponding to a pulling 
thruster with azimuth angle), it was found that for low 
propeller loadings (high J) and large azimuth angles (up 
to 35), deviations up to 30% was found for thrust and 
25% for torque, even when the theory of Coleman et. al. 
(1945) was applied to account for the skewed wake. 
Also side forces and bending moments showed signifi-
cant deviations for the quasi-static calculations. For low 
advance numbers, the deviations are small, because the 
induced velocities dominate, so the effective wake skew 
angle is small. Still, the quasi-static approximation is 
used in PropSim since we anticipated that a method that 
don’t use this approximation would run too slowly. 
With respect to thrust and torque loss due to limited 
propeller submergence, PropSim is computing the actu-
al submergence of each blade, is using lifting line calcu-
lation to determine the circulation, and uses the Wagner 
effect in equation (5) to account for dynamic lift effect. 
While the simplified method disregarded ventilation of 
the submerged part of the propeller disk, meaning 
v=1, PropSim uses a formula based on an idea in 
Kozlowska and Steen (2010), where the change in lift 
coefficient due to ventilation is used to compute the 
change in KT, resulting in the following formula for the 
thrust loss fraction due to ventilation (Dalheim, 2015); 

0

2

0 0 0

1.5 2

2
v v

V

T

EAR gh A A A

K V A A
 (6) 

Where A0 is the propeller area and Av is the ventilated 
part of the propeller area. EAR is the propeller Expand-
ed blade Area Ratio, V is the inflow velocity to the 
propeller blade at 70% radius and h is the submergence 
of the propeller shaft. The main problem with equation 
(6) is to determine the amount of ventilation on the 
blades. Typically, this has to be done by experiments, 
which is time-consuming and complicated, and then one 
can also measure the thrust loss directly. For the devel-
opment of PropSim, Dalheim (2015) used model test 
data from Kozlowska and Steen (2010) to construct 
polynomials relating the value of the ratio 0vA A  to 
the submergence ratio sr, as shown in Figure 2. Note 
that there are different curves in Figure 2 for increasing 
and decreasing submergence, indicating the hysteretic 
behavior of propeller ventilation. Although the relation 
in Figure 2 can hardly be viewed as generally valid, 
since other factors, like forward speed, propeller loading 
and propeller geometry must be expected to matter, the 
validation of PropSim suggests that this simplified ap-
proach might work, in lack of more advanced propeller 
ventilation models.  

 
Figure 2 Ratio of ventilated propeller disk area to nominal 

disk area as function of propeller submergence 
ratio sr (Dalheim 2015). 

PropSim implementation 

PropSim was implemented in Matlab Simulink, in order 
to link it to complete drive-train time-domain simula-
tions, as illustrated in Figure 3.  

 
Figure 3 Schematic view of Matlab Simulink implementa-

tion of PropSim (Dalheim, 2015) 

A key part of the performance of simulation models of 
this type is the computation time. It is primarily compu-
tation time that is the reason for not using very high 
fidelity models, like time-accurate CFD. The computa-
tional time depends on the hardware and software on 
which the simulation model runs, so general answers 
can’t be given, but as an indication, we timed the simu-
lation of the following case: Propeller of diameter 0.25 
m, running at 150 RPM with an average inflow velocity 
of 0.375 m/s, and a wake field with a 15 resolution, 
corresponding to a time step of t=0.0167 s. The simu-
lation was run on a new iMac workstation. The results 
are shown in Table 3. It is seen that the simulation is 
faster than real time for all checked cases, except for the 
half-submerged propeller with 16 vortex panels.  

Table 3 Ratio of simulation time to physical 
(simulated) time. 

Number of 
vortex panels 

Fully sub-
merged 

Half submerged 

16 0.803 2.555 
8 0.343 0.831 

 



Validation of the propeller simulation models 

Both the simplified propeller model and the medium 
fidelity model PropSim was validated against model 
tests and other calculation methods for the following 
conditions: 

1. Steady, straight-ahead, first quadrant operation 
2. Steady, oblique inflow, first quadrant operation 
3. Operation in forced heave motion at different 

submergence 
For the sake of brevity, we focus on the PropSim results 
for conditions 1 and 2, where similar agreement is found 
also for the simplified model. For the validation in lim-
ited submergence also the simplified method is includ-
ed, in order to highlight the effect of including propeller 
ventilation in the simulation.  
All the validation cases shown here are performed for 
the propeller P-1374, which is a four-bladed propeller of 
generic design, designed and tested by MARINTEK. It 
has a pitch ratio of P/D=1.1 and a blade area ratio 
EAR=0.6. Details of the propeller geometry can be 
found in Koushan (2006a) 

Validation for steady, straight ahead operation 

Figure 4 and Figure 5 show comparison between exper-
imental and simulated thrust coefficient and torque 
coefficients respectively. The figures show satisfactory 
agreement, seen in light of the relatively simple propel-
ler calculation methods implemented in PropSim. 

 
Figure 4 Comparison of thrust coefficient from PropSim 

and experimental data for an open propeller  

 
Figure 5 Comparison of torque coefficient from PropSim 

and experimental data for an open propeller  

Validation for oblique inflow conditions 

The simulation in oblique inflow is compared to exper-
imental results with a pulling thruster with propeller P-
1374 taken from Amini (2011).  

 
Figure 6 Thrust coefficient KT as function of inflow angle 

for different advance numbers.  

 
Figure 7 Torque coefficient KQ as function of inflow angle 

for different advance numbers.  

Figure 6 and Figure 7 shows comparison between ex-
perimental and simulated thrust and torque coefficients 
respectively. It is seen that the agreement is quite good 
– roughly the same level of agreement as in straight 
ahead condition shown in Figure 4 and Figure 5.  
For other force components, the agreement is unfortu-
nately much less good, as seen in Figure 8 to Figure 11. 
The side force coefficients Kfy and Kfz are defined in the 
same way as the thrust coefficient KT, but using side 
force instead of thrust. The moment coefficients Kmy and 
Kmz are then defined in the same way as the torque coef-
ficient KQ. It can be observed that for horizontal force 
Kfy and horizontal moment Kmy the agreement is fair, 
while for the vertical force and moment coefficients, the 
agreement is not satisfactory. In general, agreement is 
better for high propeller loadings, since then the effect 
of the inflow direction is less significant. 
 



 
Figure 8 Horizontal side force coefficient a function of 

inflow angle. 

 
Figure 9 Vertical side force coefficient as function of inflow 

angle.  

 
Figure 10 Horizontal bending moment coefficient as func-

tion of inflow angle.  

 
Figure 11 Vertical bending moment as function of inflow 

angle.  

Validation of thrust in limited submergence 

To investigate the performance of the propeller models 
in limited submergence operation, we chose to use 
model test data from Koushan (2006b). A thruster with 
the pulling propeller P1374 was tested with forced 
heave motions in open water at low advance ratios, 
varying the submergence mean value and amplitude, as 
well as period. From the test matrix we chose the four 
conditions listed in Table 4.  

Table 4 Validation cases for operation in forced heave 
Case h/R at high-

est pos. 
h/R ampli-
tude 

Period [s] 

1 2.2 0.55 1.87 
2 1.1 1.075 2.0 
3 -0.15 1.075 2.0 
4 -1.0 1.075 2.0 

 
All four validation cases show the ratio of actual thrust 
coefficient to the coefficient for deeply submerged pro-
peller as function of time during one complete propeller 
revolution. Figure 12 shows the deepest submergence, 
where the propeller is sufficiently deeply submerged to 
avoid any ventilation or out-of-water effect. As ex-
pected the two simulation models are in almost perfect 
agreement, and the agreement with the experimental 
data (Koushan 2006b) is good. Figure 13 shows an 
intermediate submergence, which is such that the pro-
peller disk never emerges from the water, but enough 
for ventilation to occur. Thus, the simplified propeller 
model shows no thrust loss, while PropSim shows good 
agreement with the experimental data. Figure 14 shows 
a condition where the propeller disk emerges when the 
thruster is in its top position, so now also the simplified 
model shows a thrust loss. In Figure 15, the submerg-
ence is even less. For all four validation cases, the 
agreement between PropSim and experiments is very 
good, while it is clear that for the tested condition, it is 
necessary to include not only out-of-water effect but 
also ventilation in the thrust loss calculation. The im-
portance of ventilation is expected to be much less for 
larger forward speeds and lower propeller loadings. 



 
Figure 12 Thrust loss for validation case 1: Forced heave 

with h/Rmin=2.2, h/Ramp=0.55, period 1.87 s. 

 
Figure 13 Thrust loss for validation case 2: Forced heave 

with h/Rmin=1.1, h/Ramp=1.075, period 2.0 s 

 
Figure 14 Thrust loss for validation case 3: Forced heave 

with h/Rmin=-0.15, h/Ramp=1.075, period 2.0 s 

 
Figure 15 Thrust loss for validation case 4; Forced heave 

with with h/Rmin=-1.0, h/Ramp=1.075, period 2.0 
s 

Conclusions 

There is increasing need for good time-domain simula-
tion models for propeller forces due to the rapidly in-
creasing use of time-domain simulation models of com-
plex ship systems in relation to design of ships, planning 
of complex operations, and search for the root-causes of 
various problems. Making time-domain simulation 
models for propellers (and many other ship compo-

nents) will be a trade-off between generality, accuracy 
and computational time and stability. A simple model 
will be quicker and usually more stable than a complex 
one, but might be less general and typically less accu-
rate.  
We have presented two different time-domain simula-
tion models, where emphasis has been on the features 
and performance of the medium-fidelity model Prop-
Sim. It is shown that this model, based on quasi-steady 
lifting line theory using Colemans method to account 
for skewed wake in oblique inflow, gives good results 
for thrust and torque for an open propeller in both 
straight ahead and oblique inflow, and that the inclusion 
of a novel model to account for ventilation of the suc-
tion side of the propeller blades gives remarkably good 
prediction of the time-varying thrust loss in forces heave 
operation. 
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Abstract  

In this study, optimization of propeller geometry for a mer-
chant ship is mainly studied. Self-propulsion computation with 
detailed 3D geometry of hull, rudder and propeller is fully 
performed by CFD based on RANS-equations in order to 
account for the hull-rudder-propeller interaction. The com-
mercial optimization software CAESES is integrated with 
STAR-CCM+ to achieve an automatic optimization process. In 
addition, cavitation volume and pressure fluctuation are esti-
mated by vortex lattice method code, MPUF-3A. The relation-
ship between propeller geometry and performance is investi-
gated systematically through design of experiment, which 
would be informative for establishing the direction for propel-
ler design. Finally, self-propulsion test and cavitation test 
were conducted for the validation.  
  

Keywords 

CAE; Cavitation; CFD; Interaction between propeller 
and hull; Optimization; Pressure fluctuation; Propeller; 
Sobol; VLM 
 

Introduction 

When it comes to propeller design, Betz (1919) intro-
duced lifting-line method and then Goldstein (1929) and 
Lerbs (1952) improved it. Later on, computer program 
based on lifting surface vortex lattice method began to 
be utilized (Greely and Kerwin, 1982). In last decades, 
propeller design has been conducted primarily with 
numerical tools based on potential flow theory or by 
designer's experience in a trial and error manner. These 
solvers are very useful to predict perceptive approxima-
tion of hydrodynamic performance in a short time. 
However, they are not so suitable to consider hull and 
rudder geometry or interaction between hull and propel-
ler accurately.  

Nowadays Computational Fluid Dynamics (CFD) is 
allowing propeller designers to develop an efficient 
propeller to improve the propulsion performance by 
considering hull-propeller-rudder interaction. With the 
advance in computing power, several propeller optimi-
zation studies that account for the interaction between 

hull and propeller were recently published. Vesting and 
Bensow (2011) treated the flow near hull with a viscous 
RANS methodology, using SHIPFLOW, coupled to an 
inviscid potential program MPUF-3A which replaces 
propeller effect. Park (2015) presented a propeller de-
sign process by Design of Experiment (DOE) with fully 
applying CFD. 

The ultimate goal of the present work is to perform an 
initial propeller design through understanding correla-
tion of performance and propeller geometry from a 
global point of view. For this purpose, self-propulsion 
computation with detailed 3D geometry of hull, rudder 
and propeller is fully performed by CFD on the basis of 
RANS-equations, in order to account for the hull-
rudder-propeller interaction as accurately as possible. In 
addition, cavitation and pressure fluctuation is estimated 
using potential method program, MPUF-3A. For the 
validation, model tests including self-propulsion test 
and cavitation test were conducted at HMRI (Hyundai 
Maritime Research Institute)  
  

CAE Process and Description of Numerical 
Calculation  

The overall Computer Aided Engineering (CAE) pro-
cess of this study is comprised of two steps. First step is 
to predict the propulsion performance with CFD. This is 
based on auto-meshing and JAVA macro of STAR-
CCM+. Efficient, robust and automated workflow is 
demonstrated with STAR-CCM+ and commercial opti-
mization software CAESES. Details of numerical de-
scription about CFD build on the Park’s work (2015).  

Second step is to predict the cavitation volume and 
pressure fluctuation by the propeller which is generated 
in the first step. For this purpose, Vortex Lattice Method 
(VLM) code MPUF-3A and HULLFPP are integrated 
with CAESES. HULLFPP estimates the hydrodynamic 
pressure pulses due to the blade passing beneath the hull 
and dynamic cavitation on the blade due to non-uniform 
inflow using field point potential due to a cavitating 
propeller. It computes the 1st, 2nd and 3rd harmonics of 
pressure fluctuation amplitude from the propeller dy-
namics. The influence of the hull surface is introduced 
with the concept of solid boundary factors (SBF). In the 



present work, SBF value is applied as 1.9 like Vesting’s 
work (2011) which is based on Han (2006). Pressure 
fluctuation is estimated for the directly overhead hull 
location. 

After total steps are finished, estimation and selection 
for optimized propeller shape are performed with all the 
calculation results. General workflow is as described in 
the following manner (Figs. 1~2).  
 

  
Fig. 1: Automated workflow for step 1 

 

 
Fig. 2: Automated workflow for step 2 

 
Tables 1~2 shows the general information for the nu-

merical calculation. Main concern in estimating propel-
ler in the view point of propulsion performance is power, 
2π·n·Q. The smaller power means the propulsion per-
formance is better because ship can go forward at same 
speed with less power.  

 

Table 1: Description of the computational method and 
output for propulsion performance prediction 
(step 1) 

Governing 
equations 

Reynolds-averaged Navier-Stokes 
(RANS) 

Propeller rotation Sliding mesh 
Turbulence model SST k-ω model 

Scale Model scale 

Free surface Not considered 
(symmetry boundary condition) 

Multi phase flow Not considered 
Prediction of self-
propulsion point 2 RPS and Interpolation 

No. of cells Abt. 6.5 ~ 7 million 
Software STAR CCM+ 8.06.007 
Output  Total resistance (including 

(Time-averaged 
at self-propulsion

point) 

shear and pressure component) 
Thrust(T) , Torque(Q)
(including  radial distribution)  

 Power (2 n Q) 
 Flow difference on propeller 

plane between design and ref-
erence propeller  
(Design − Reference) 

 Difference of pressure distribu-
tion on hull between design and 
reference propeller 
(Design − Reference) 

  

Table 2: Description of the computational method and 
output for cavitation prediction (step 2) 

Code 
 MPUF-3A ver 2.1 

(Vortex lattice method code) 
 HULLFPP 

SBF 1.9 

Output 

 Cavitation volume 
 Cavitation pattern 
 Pressure fluctuation  

(1st, 2nd, 3rd harmonics) 
 

Propeller Geometry Modeling 

The geometry of a propeller can be basically described 
in terms of radial distribution functions according to 
ITTC definition. The propeller geometry is parameter-
ized in its main parameters and its radial distribution 
functions for pitch, chord, camber, thickness, skew and 
rake. Foeth (2013) applied Bezier curve for this distri-
bution function. In reference to Foeth’s method, b-
spline curves are applied for describing two dimensional 
distributions of the propeller geometry in our study. The 
parametric functions show good agreement with the 
original data for pitch, camber, chord, skew and rake of 
HMRI propeller. Once verified the distribution function 
to confirm the reproducibility of its original blade ge-
ometry, some parameters are selected to be design vari-
ables which will vary the blade shape. 

On behalf of the parametric modeling, pitch modeling 
process is described as followings. To make random 
pitch distributions p(r), ‘normalized’ curve for pitch 
distribution p'(r) is introduced (Fig. 3, Table 3). It is 
depicted as 3rd order b-spline curve with 5 control points 
(P1 ~ P5). P1 and P5 are the end points of the curve. The 
maximum pitch value is 1.0 in the normalized distribu-
tion and rh is hub ratio. The actual design variables for 
propeller pitch distribution are P1Y, P2x, P3X, P4X and P5Y. 
After these 5 values are generated automatically by an 
optimization algorithm, the normalized pitch distribu-
tion is created and then corresponding mean pitch value 
p'm is calculated as the definition of mean pitch (Eq. 1) 
using a moment mean principle.   

 



 
Fig. 3: Pitch distribution using b-spline curve with 

5 control points 

 

Table 3: Design variables for pitch distribution 

 P1 P2 P3 P4 P5 
X rh P2x P3x P4x 1.0 
Y P1Y 1.0 1.0 1.0 P5Y 
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where r is non-dimensional radius. Actual and normal-
ized pitch distributions are connected by a simple rela-
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It is supposed that reference propeller is already cho-
sen and corresponding mean pitch, pm, is also known. 
Finally, actual pitch distribution can be obtained by 
multiplying constant C to normalized distribution which 
is depicted in Fig. 3. According to this simple logic, 
various pitch distributions can be made with same pm, 
which acts as geometric constraint. In addition, we can 
easily consider other cases that mean pitch value is not 
constant but changes within a range. Modeling for cam-
ber, chord and rake can be implemented in similar ways 
using several B-spline control points.  
 

Optimization using Sobol 

In order to save computing resources for self-
propulsion simulation with CFD, the most efficient 
strategy is needed during global search procedure. In 
this sense, sobol algorithm is applied. It can create se-
quences of n points that fill the n-dimensional space 
more uniformly than a random sequence does. The data 
in this type of sequence are chosen as to avoid Neigh-
bors which are unnecessarily close to each other, Hence 
they fill the design space in a uniform way (Thevenin, 

2008). It is not only derivative-free but also easy to 
comprehend. The number of variants should be decided 
in the practical point of view regarding the available 
computing capacity. Each design variable is changed 
within its own specified range. 

By a global search using sobol algorithm, it is possible 
to understand the characteristics of design space and 
relationships between evaluation values and design 
variables. Global search intrinsically leads designers to 
the further intuition for large design space with many 
design variables. The results by global search can be 
also useful for finding good starting points for an addi-
tional design.  
 

Case Study 

Two case studies are conducted for verification of op-
timization process. The subject ship is a Very Large 
Crude oil Carrier (VLCC). The general information on 
the reference propeller is shown in Table 4.  

Table 4: Principal particulars of the reference propeller 

Scale ratio ( ) 43.3333 
Diameter (full scale) 10.6 m 

No. of blades (Z) 4 
Mean pitch (pm) 0.8272 

Mean camber (fm) 0.02247 
 
Comparison of design variables for case I and II are 

presented in table 5. P1Y ~ P5Y are design variables for 
pitch. P1Y and P5Y are related to pitch ratio at the blade 
hub and tip, respectively. Especially, if P5Y has a high 
value, it means propeller tip is relatively highly loaded 
and vice versa. pm is mean pitch ratio. fm and f1Y are 
related with mean camber ratio and camber value at the 
hub, respectively. c1Y is related to chord value at the hub. 
Rakemax means maximum rake value. Raketip is associat-
ed with the rake at the blade tip. Skew variation is not 
conducted. In case of thickness distribution, it is re-
quired to check the class rule for strength. The variation 
of thickness distribution was therefore neglected.  

Table 5: Comparison of design variable for case I and II 

Design Variable Case I Case II 

Pitch 

P1Y O O 
P2X O X 
P3X O X 
P4X O X 
P5Y O O 
pm O O 

Camber f1Y O O 
fm O O 

Chord c1Y O O 
EAR O O 

Rake Rakemax X O 
Raketip X O 

Diameter X O 
Total No. of  design variables 10 10 

Total No. of generated  
propellers  100 150 



DOE was conducted with 100 and 150 variants for 
case study I and II respectively, using a sobol sequence 
within the upper and lower bound. In both cases, RPM 
is not fixed but free. Although, of course, it’s possible to 
keep a specific target RPM by a slight pitch adjustment, 
it is intentionally not conducted to investigate global 
characteristics in case of RPM free condition.  
 

Numerical Results and Propeller Geometry  

After computation with two steps is finished, design A 
and B are selected as the best propeller which has the 
highest propulsion performance by computation results 
in case I and II, respectively. The numerical results are 
presented in Table 6.  
 

Table 6: Comparison of results for reference propeller, 
design A and design B 

Content Propeller 
Ref. A(case I) B(case II) 

Resistance by shear  
(N) 32.15 32.15 32.14 

Resistance by pressure 
(N) 10.34 10.21 10.17 

Total resistance (N) 42.49 42.36 42.31 

Difference in resistance 
for hull (N) 

(Design – Ref.) 
 0.036 0.047 

Difference in resistance 
for rudder (N) 

(Design – Ref.) 
 0.093 0.117 

Thrust (N) 24.32 24.19 24.14 

Torque (N m) 0.8106 0.8552 0.9020 

RPS 6.05 5.68 5.35 

Power (W) 30.814 
30.531 

( 0.9 %) 
30.334 

( 1.6 %) 
Volmax/R3(Maximum 

cavitation volume, x105) 12.89 3.83 9.13 

1st Pressure Fluctuation 
(kPa) 0.48 0.31 0.29 

2nd Pressure Fluctuation 
(kPa) 0.17 0.02 0.2 

3rd Pressure Fluctuation 
(kPa) 0.07 0.05 0.17 

 
Some typical characteristics of these two propellers are 

presented in comparison with those of the reference 
propeller (Figs. 4, Table 7). 

 

 

 
Fig. 4: Distribution of pitch and camber 

 

Table 7: Comparison of main particulars for reference 
propeller, design A and design B 

 Ref. Design A 
(case I) 

Design B 
(case II) 

Dia.(m) 10.6 10.6 10.78 
pm 0.8272 0.8715 0.8984 
fm 0.02247 0.02570 0.02624 

Rakemax /Dia. 0.0332 0.0332 0.0394 
 

Detailed Results of Case Study I 

After the computation for each geometry provided by 
sobol sequence is finished, various relations between 
performance and design variables can be identified. 
Some of demonstrated relations are already well known 
to propeller designers while others are not. It’s actually 
not possible to find some absolute tendency in those 
relations or make a clear explanation for performance 
with just single variable. In this point of view, linear 
regression analysis (Park, 2015) can be considered for 
the whole of design variables. 

In several relations, however, there is obviously more 
significant design variable than others. We can find 
some meaningful trends (Fig. 5) in these specific rela-
tions. For instance, even if the resistance by shear is 
dominant in total resistance, it is almost not changed 
despite the variation of propeller geometry. Generally, it 
is just slightly decreased when pm is increased. Re-
sistance by pressure, however, generally decreases sig-
nificantly with increasing pm. 1st harmonic of pressure 
fluctuation by propeller has a very strong correlation 
with P5Y which is related with pitch ratio at the blade tip. 
It seems to make sense because high P5Y makes propel-
ler tip relatively highly loaded and likely to make more 
cavitation.  

In general, RPS decreases with pm while torque is op-
posed to that. As pm increases, however, RPS reduction 
is more dominant than torque rise. In conclusion, power 



is generally decreased with increasing pm although this 
tendency, of course, is not so strong. It needs to be re-
membered this is based on the calculation results by the 
variation of design parameters within specific range. If 
we permit larger range for variation of pm, we might 
expect some different trends.  

 

 

 

 

 

 

 
 

 

 

 

 
Fig. 5: Multilateral relation of evaluation value and 

design variable for case I 

The overall result by CFD seems generally reasonable. 
For example, the axial velocity (Fig. 6) is relatively 
lower around the tip region where pitch is decreased and 
vice versa in comparison with reference propeller at the 
plane behind propeller A. Moreover, radial distribution 
of thrust and torque are investigated with 15 radial strips 
from hub to tip (Fig. 7). Strip 1 and 15 are correspond-
ing to hub and tip region of blade, respectively. These 
results are regarded physically reasonable considering 
pitch distribution and etc.  

 
Fig. 6: Difference of axial velocity distribution at the       

plane behind propeller (Design A – Ref.) 



 

 
Fig. 7: Radial distribution of thrust, torque for the ref-

erence propeller, design A and B 

 

Detailed Results of Case Study II 

Unlike case study I, variation of diameter and rake dis-
tribution is performed for case study II. We can find 
several meaningful trends in the some specific relations 
as demonstrated in Fig. 8. The general tendencies for 
relation between pm and performance and etc. are simi-
lar with case study I. However, some additional infor-
mation on rake and diameter can be acquired. As posi-
tive maximum rake is increased, hull resistance is gen-
erally decreased. And 1st harmonic of pressure fluctua-
tion by propeller has a very strong correlation with P5Y 
which is related with pitch ratio at the blade tip. 

 

 

 

 

 

 

 

 

 

 



 
Fig. 8: Multilateral relation of evaluation value and 

design variable for case II 

 
In the case of design B, it is estimated that the de-

creased pitch distribution near hub induces relatively 
decelerated flow and the corresponding pressure in-
crease around stern bulb, which brings out the resistance 
reduction in comparison with reference propeller (Fig. 
9). The contour of pressure distribution difference on 
rudder (Fig. 10) between design B and reference propel-
ler shows favorable pressure distribution around the 
leading edge with design B. It can induce reduced rud-
der resistance in comparison with reference propeller.  
 

 
Fig. 9: Difference of pressure distribution on hull                 

(Design B – Ref.) 

 

   
Fig. 10: Difference of pressure distribution on rudder 

(Design B – Ref.) 

 

Validation by Experiments 

Model propeller A and B are manufactured. For the 
validation, self-propulsion tests were conducted at 
HMRI. The results of self-propulsion test are summa-
rized in table 8. Although there is some quantitative 
discrepancy between the calculation and experiment, 
power is reduced 1.4% and 1.0% with design A and B 
respectively in comparison with the reference propeller.   

 

Table 8: Comparison of results for reference propeller, 
design A and design B 

Propeller RPS T(N) Q (N m) Power(W) 

E 
X 
P 

Ref. 5.82 23.62 0.7748 28.333 

A 
5.48 

( 5.8%) 
23.41 

( 0.9%) 
0.8122 

(+4.8%) 
27.950 

( 1.4%) 

B 5.19 
( 10.8%) 

23.53 
( 0.4%) 

0.8611 
(+11.1%) 

28.062 
( 1.0%) 

C 
A 
L 

Ref. 6.05 24.32 0.8106 30.814 

A 5.68 
( 6.1%) 

24.19 
( 0.5%) 

0.8552 
(+5.5%) 

30.531 
( 0.9%) 

B 
5.35 

( 11.6%) 
24.14 

( 0.7%) 
0.9020 

(+11.3%) 
30.334 

( 1.6%) 
 

Table 9: Test conditions  

Propeller Ref. Design A Design B 

22
7.0

5.0 Dn
PP VR

 
4.38 4.97 5.34 

42Dn
TKT 0.1730 0.1939 0.2023 

 

   D Propeller diameter 
n Rate of revolutions 

Patm Atmospheric pressure (101,325 Pa) 
P07R Pressure at 0.7R 
Pv Vapor pressure (Pa) 
T Propeller Thrust 

 Mass density of water at 15°C (1,025 kg/m3) 
 

Fig. 11 shows the cavitation patterns at 0 degree posi-
tion observed with stroboscopic lighting. Fig. 12 indi-
cates the predicted cavitation patterns by MPUF-3A. 
 

 

 

 

 

Fig. 11: Photos of back cavitation pattern for reference 
propeller, design A and B at 0° position 
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Design B 
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Design A 

Ref. 



 
Fig. 12: Cavitation pattern by MPUF-3A for reference 

propeller, design A and B at 0° position 

In addition, cavitation tests were carried out according 
to test conditions (Table 9) at HMRI. Cavitation pat-
terns of reference propeller, design A and B were ob-
served. Pressure transducer, GAELTEC Model 3EA/a 
having a membrane diameter of 3 mm, was fitted flush 
with the surface on the flat plate corresponding to the 
directly overhead hull location in HMRI middle size 
cavitation tunnel to measure fluctuation pressure. 

After the pressure amplitudes are measured, they are 
transformed to full scale values by the following rela-
tion (Eq. 3).  

2 2 2 2
NS NM

PN
S S S M M M

P PK
n D n D

 (3) 

where KPN is pressure coefficient. ∆PNS and ∆PNM are 
pressure amplitudes full scale and model scale, respec-
tively. Maximum values of fluctuation pressure ampli-
tude and calculation results by MPUF-3A are presented 
in Table 10.  

Although there is some inconsistency between the cal-
culation and experiment, 1st harmonics of pressure fluc-
tuation and cavitation patterns by computation seems 
reasonable to measure the relative superiority in the 
initial design stage. 
 

Table 10: Maximum values of 1st harmonic pressure 
amplitude (unit: kPa) 

Propeller EXP. CAL. 
Reference 0.405 0.48 
Design A 0.324 0.31 
Design B 0.335 0.29 

 

Conclusions 

We performed optimization of propeller geometry by 
integrating STAR-CCM+, MPUF-3A with CAESES. It 
is possible to search design space macroscopically and 
comprehend the relation between design variable and 
performance systematically. This investigation shows 
the possibility of an automated optimization for the 
propeller blade design. The development of the hard-
ware and software will continue and this integration 
method could be widely applicable in shape optimiza-
tion problem.  

As a future study, further improvement of numerical 
accuracy in self-propulsion analysis will be continued. 

For more realistic simulation, cavitation or free surface 
can be considered. It is estimated that an improvement 
of propulsion efficiency by propeller variation only is 
very limited as shown in this study. Therefore interac-
tion with hull and rudder should be considered by 
changing their geometry as well. If hull and rudder are 
also modified, a much more significant saving could be 
achieved. The methodology described in the paper can 
be applied to such a study as well.  
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Abstract  

Azimuthing thrusters enhance the operational capabilities for 
vessels sailing in ice covered water. The new operation modes 
in ice result also in considerable ice loading of the thruster. 
This work focuses on ice loading of the steering system of an 
azimuth thruster with Polar Class 5.  A dynamic model is 
made for the steering driveline of a thruster in which the 
propeller driveline is also included to show the influence of it 
on the steering driveline. Two simulation scenarios are de-
fined to capture two important aspects for functioning of the 
steering system. The first is the controllability of the thruster 
in average ice conditions and the second is the protection 
against overloading in extreme ice conditions. It is shown that 
the steering system is capable to sufficiently control the 
thruster angle and that the patented use of cross-over valves 
protects the steering system from overloading. 

Keywords 

Thrusters; Ice; Simulations; Steering  

Introduction 

Currently, a strong interest exists for the arctic regions 
for various reasons like transport, hydrocarbon reserves 
and strategic interests. The access to these regions is 
complicated because of the harshness of the environ-
ment. Due to some technical innovations the possibili-
ties to access and perform operations within the arctic 
regions have increased during the years. One of them is 
the use of steerable thrusters as the main propulsion for 
vessels operating in ice infested waters. They offer 
several benefits for operating in arctic regions.  The 
thrusters allow the use of the double acting principle; 
the vessel enters the ice ridge or field with the stern 
first, see also Juurma (2001) and Keinonen (2008). This 
allows the thrusters to continuously break the ice and 
flush out any obstructions. Another benefit is to use the 
wake from the thrusters to clear ice. This clearing action 
can be used to remove ice around offshore structures, 
from ports and similar. To put it into perspective, ships 
with traditional propulsion tend to avoid this kind of 
operating conditions. . For a typical example of a vessel 
equipped with azimuthing thrusters operating in ice see 
also figure 1 

Figure 1: Vessel with azimuthing propulsion units in ice 

Given this relative new role of the thruster it is neces-
sary to determine the possible loads and their mecha-
nisms. Several investigations have been done, see Ap-
polonov (2011), Heinonen, (2014) and Koskinen 
(1991), or are under development. Most of the work 
focuses on the ice loading on the thruster housing and 
the ice - propeller interaction. This work presents a 
study of the steering driveline including the influence of 
the propeller driveline. 

Ice loads and thruster steering 

During operation in ice, the direction of the ice load on 
the propeller or the thruster housing is in many cases 
eccentric with respect to the rotation axis for the steer-
ing movements of the thruster. As a result a moment 
will act on the steering or azimuth angle system. The 
azimuth angle should still be controllable in average ice 
conditions, i.e. sufficient torque should be available to 
keep the desired angle position.  Several classification 
societies define a steering torque which the azimuth 
angle system can deliver to ensure that the thruster is 
capable of operating in ice conditions (see for example 
ABS (2015), Bureau Veritas (2012) and DNV (2015). In 
addition an overload protection is to be provided which 
will be set to a value based on the defined required 
steering torque, e.g. a torque limiter or a pressure relief 
valve. The safety device will restrict the load on the 
thruster such that excessive strengthening of the system 
is not needed.  

It is important to note that the driving torque of the 
propeller driveline in normal sailing conditions and in 



ice conditions will also cause a torque on the steering 
driveline system. This because the thruster contains a 
gear transmission under an angle, so the steering 
driveline will inherently be loaded by the vertical shaft 
torque while keeping the thruster in position.  

As is mentioned before, eccentric loading of the propel-
ler by propeller-ice interaction leads to moments around 
the steering axis and a load on the steering system. The 
connection between the propeller and steering driveline 
will influence the dynamic behaviour of the steering 
driveline. 

A dynamic model is made for the steering driveline of 
the thruster where the propeller driveline is also includ-
ed to capture the influence of the propeller driveline on 
the steering driveline. An important reason to use a 
dynamic model is that the impact loading of an  ice 
block on a propeller blade has a distinct dynamic nature. 
Furthermore, the actual load over time in a steering 
system component depends on the ratios between the 
stiffnesses and inertias as well as the interaction be-
tween the different types of systems: hydrodynamic, 
mechanical, hydraulic and electric.  

Two load scenarios are simulated with the model to 
validate the functioning of the steering driveline. The 
first load scenario is an operational ice milling condition 
in which is shown that the thruster steering position is 
controlled. The second load scenario is an extreme off 
centre load. In it the overload protection function is 
investigated. 

Figure 2: Thruster as used for Arctic application 

Propulsion system 

The modeling is based on a vessel with a Polar Class 5 
notation equipped with two thrusters, each of them 
fitted with a four bladed fixed pitch propeller. Both are 
Z-drives, so a lower gearbox converts the rotation of the 

propeller shaft into the rotation of a vertical shaft. In 
succession a gearbox on top of the vertical shaft con-
verts the vertical shaft rotation to the rotation of a hori-
zontal or input shaft.  See also figure 2 for a representa-
tion of the thruster. The units are driven by an electric 
motor each. The motors can operate in two different 
modes, with a fixed shaft speed and with a fixed power. 
The control of the motors in both modes is done with a 
PI controller. In addition the motors have a short dura-
tion over torque capacity of 50%. In the table below 
some particulars on the propulsion system and thrusters 
are presented. 

Table 1: Propulsion plant details 
Nominal power per thruster [kW] 2500 
Propeller diameter [mm] 2300 
Shaft speed [RPM] 335 
Ship speed [knots] 14,2 

Thruster steering system 
The steering of the thrusters is done by a hydraulic sys-
tem. Within the hydraulic system a set of hydraulic 
motors convert the hydraulic power into the rotation of 
the thrusters. Also present is a pressure relief valve. It 
opens at a prescribed pressure. So with this valve the 
hydraulic system is protected against too high pressures. 
Since the steering torque generated  is directly related to 
the hydraulic pressure, the mechanical parts of the steer-
ing system as well as the thrusters are protected from 
the occurrence of too high torques by the same valve. 
For normal non ice operation this is sufficient protection 
against unacceptable external loads.  

If no steering actions take place the thruster is kept at its 
desired angle by a set of counter balance valves. They 
are pilot operated, so if the thruster azimuth angle is 
altered the valves are opened during the steering. Af-
terwards the valves close again.  

Final elements to be mentioned are the cross over valves 
in parallel to the hydraulic motors, the purpose of which 
will be demonstrated later.  

Modeling  
The modeling of the steering system including the drive 
system of the thruster is done in MATLAB Simulink. 
Within it a time stepping method is used to determine 
the responses of the system to the loading scenarios. A 
basic representation of the model used for the simula-
tion is shown in figure 3. It portrays only the main sub 
models. 



Figure 3: Model of the thruster, the steering system and 
interactions 

The specifics of the sub models are: 
Mechanical propeller driveline is modelled as 
lumped inertias with stiffnesses and damping 
in between the inertias; entrained water of the 
propeller is taken into account. 
Electric drive of the propeller driveline is mod-
elled with speed controller and torque limiter. 
Hydrodynamic loads: Archer's propeller law is 
applied as hydrodynamic propeller load as well 
as the lateral damping of the propeller affecting 
the steering driveline rotation; 
Mechanical steering driveline is modelled with 
slewing gear, reduction gearboxes and includ-
ing entrained water. 
Steering controller is modelled with fixed sam-
ple time; also the control algorithm for smooth 
ramp up and down as well as the deadband is 
included. 
Hydraulic system is modelled with its compo-
nents; important valves such as counterbalance 
valves are modelled with internal dynamics 
and the oil lines are modelled as a finite num-
ber of distributed sections in order to be able to 
detect the water-hammer effect. 
Ice loads on the propeller are blade frequency 
dependent, i.e. it depends on the propeller shaft 
speed; the ice loads on the propeller are also 
translated to loads in the steering plane, i.e. 
moment acting around the steering axis and 
loading the steering driveline. 

Since the investigation focuses on the steering system of 
the unit, the sub model of it is presented in detail, see 
figure 4. 

Figure 4: Basic model steering system 

Simulation Case 1 ~ Ice milling  

Next the response of the system was simulated. The first 
scenario is based on a thruster’s propeller ice milling. 
The torque on the propeller in this scenario is based on 
case 2 according  IACS (2007) (single ice block in con-
tact over 90 degrees). The propeller speed is assumed to 
be reduced to 85% of the normal speed in free sailing 
condition.  The purpose is to check if the steering sys-
tem is still within control despite the disturbances of the 
ice loads. The movement is to represent a typical mill-
ing maneuver of the thrusters. During this milling ac-
tivity the thruster is making a swinging rotating motion 
from 10 degrees port to 10 degrees starboard. The 
blades of the propeller are assumed to experience ice 
contact in the top position. And this contact is consid-
ered to be present during the entire swinging motion. 
This results in a force in the lateral direction. The 
thruster is as a result loaded by a dynamic moment with 
the blade frequency in addition to the normal hydrody-
namic load. A representation of the ice load scenario is 
presented in the figures below.  

Figure 5: Ice forces loading scenario 1 

The simulation of the steering system provides a re-
sponse as presented in the following four figures. Most 
responses are presented in relative magnitude to the 
nominal operation values to show the impact of opera-
tion in ice. Of interest are the set points for the azimuth 
steering angle and the actual azimuth angle during the 
milling. In addition the resulting steering speed of the 
thruster and the moments acting on the propeller and the 
steering system are presented.  
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Figure 6: Propeller excitation torque during milling opera-
tion. The value of one is the torque on the propeller ab-
sorbing the maximum power 

Figure 7: Speed of the propeller during milling operation.
The value of one is the nominal speed 

Figure 8: Set point steering angle from -10 to +10 degrees
and actual steering angle 

Figure 9: Steering or azimuthing speed, set point and
actual speed thruster. The value 1 is the maximum nomi-
nal steering speed 

Figure 6 shows the torque on the propeller. At the start 
only a hydrodynamic load is present. After half a second 
the propellers starts to hit ice. The peak torques of the 
ice loads are up to two and a half times the nominal 

value. The frequency of it coincides with the blade pass-
ing frequency. During the ice contact the electric drive 
is temporarily delivering a higher torque than nominal. 
In the figure 7 is shown the effect of the ice impact 
loads on the propulsion driveline. The propeller looses 
30% ~ 35% of its speed within 4 seconds due to the 
combined hydrodynamic and ice loads.   

Figure 8 shows the azimuth angle set point and the actu-
al angle of the unit during the ice contact. Throughout 
the contact the thrusters makes a rotation from zero to -
10 to +10 azimuth angle. Also shown is the actual azi-
muth angle of the unit. As expected some time is re-
quired to reach the predefined set point. Relevant to 
notice is the slight overshoot occurring for the set point 
of -10 degrees. The magnitude of it, ± 2º, is however 
within the range of acceptable deviations for operations 
in ice. To change the steering angle of the thrusters the 
control system also applies a prescribed speed for the 
steering movement. Figure 9 shows the set point of the 
steering speed during the rotations and also the actual 
speeds. The thruster body on average follows the set 
point quite well. This also shows in the actual angle as 
portrayed in figure 8. But the deviations are of the same 
magnitude as the set point. Noticeable is the similarity 
of the frequency of the load variations on the steering 
system. It is clear that the ice milling results in a blade 
frequent load on the steering system. This is to be ex-
pected; the ice contact with the blades is the origin of 
the excitations. Given the location of the ice contact, the 
ice impacts result in a torque load on the thrusters. This 
will show up in the steering system. 

Noteworthy of the figures is the clear interaction of the 
propeller load and the load on the steering system. This 
is inherently linked to the 90 degree gear transmission 
in the pod of the thrusters. 

Off centre impact   

The second loading scenario is an extreme load case 
representing the collision of a thruster against an ice 
mass which impacts the propeller while sailing or ma-
neuvering. The ice mass is stationary, the vessel is sail-
ing and the thruster is performing a steering action. The 
steering motion, the sailing direction of the vessel and 
the rotation direction of the propeller are indicated in 
figure 10. The vessel speed is assumed to be 4 knots. 
The impact between ice and propeller is assumed to 
occur during the steering of the thruster. The collision is 
simulated with a force on the propeller blade in the 3 
o’clock position, see figure 10. The force is in the oppo-
site direction as the sailing direction. Since the propeller 
is assumed to be rotating, the load varies with the pass-
ing frequency of the propeller blades. The magnitude of 
the forces is based on the maximum backwards blade 
force according IACS (2007). 
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Figure 10: Loading scenario 2, seen from below and ahead 

The sailing speed of the vessel, the position of the ice 
contact at the outer radii of the propeller and the ice 
mass selected are based on Koskinen (1991). The com-
bination used can be considered as unfavorable but still 
realistic. Thus, in principle the scenario could occur, but 
the probability is low. The combination of the afore-
mentioned load case parameters results in an overload 
of the steering system and the safety device will inter-
vene. At that moment, the unit is no longer controlled 
by the steering system and the azimuth angle will be 
dictated by the combined actions of the ice loads, the 
inertia and the steering system. The torques on the sys-
tem and the pressures and flows within the hydraulic 
system at this occurrence are of interest.  In addition is it 
relevant to know how long it takes before the unit is in 
control again. The resulting data has been determinative 
for the design of the systems. 

Figure 11: Set point steering speed and actual speed, the 
value of 1 of the speed represents the normal maximum 
rotating speed 

Figure 12: Pressure side of the hydraulic motor driving the 
unit, the value 1 of the pressure is the opening pressure of
the counter balance valves 

Figure 13: Torque as generated by the system, the value of
1 of the torque is what the system is required to deliver. 
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Figure 14: External ice torque in the steering plane on the
system (the value of 1 of the torque is what the system is
required to deliver.)

The rotation speed of the thruster is shown in figure 11. 
At the start of the scenario the thruster rotates towards 
its defined angle set point. After 1,5 seconds the thruster 
makes contact with the ice. The torque generated by the 
hydro motors starts to rise immediately, see Figure 13, 
as the external load increases in a short time, see Figure 
14. Since the external torque is much higher than the 
counteracting actuation torque of the hydro motors, the 
thruster steering speed drops from positive to negative, 
i.e. the rotation direction of the unit is reversed. The unit 
is no longer controlled by the thruster steering system. 
The ferocity of the effect can clearly be seen as the 
counter rotation speed is up to 7 times the normal speed 
despite the maximum actuation torque from the steering 
acting in the opposite direction.  

The figure 12 shows the pressure at the oil line towards 
the steering motors rotating the thruster. As can be seen, 
the pressure is increasing with 20 % in the oil feed line 
to the hydraulic motors. This happens despite the open-
ing of the pressure relief valve.  

The torque delivered by the steering system is shown in 
figure 13. It shows values of 1,6 times the value the unit 
is required to deliver.  The increase is related to the unit 
being driven externally. The results of the simulation 
are to be considered for the required strength of the 
components. Another interesting detail is the high fre-
quency variation around the peaks at the beginning at 
1,7 seconds. The variations are caused by some local 
cavitations at the steering motors. The cavitations hap-
pen in the exhaust line of the motors. The increase of 
the torque is higher than the increase of the supply pres-
sure. The reason is the lower pressure in the exhaust of 
the motors. The torque is not only related to the supply 
pressure but to the pressure difference over the motor. 
The ice loads on the outer parts of the propeller blades 
of the thruster are given in figure 14. Remarkable is that 
the external loads peaks go up to 2,5 times the required 
steering torque.  Based on this, the parts of the thruster 
between the excitation at the propeller and the steering 
system will be subjected to steering torques two and a 
half times higher than the maximum steering torques the 
system is required to deliver. The difference between 

the external moment and the torque generated by the 
steering system is causing the increase in rotation speed 
as visible in figure 11. 

One issue requires some special attention. The imposed 
sevenfold steering speed has some serious implications. 
First, in the scenario considered the external ice load 
rotates the thruster and consequently the steering mo-
tors. When this happens the motors no longer act as 
motors. Instead they are rotated by the external load and 
start pumping the oil. The motors have become pumps. 
Secondly is the ice load imposed speed of the steering 
motor (or pump) seven times the normal maximum 
rotating speed. So the flow generated by the steering 
motors in this situation is also about seven times the 
normal flow.  

Cross-over valves   

To avoid the enormous increase in pressure due to the 
seven fold multiplication of the flow a set of cross over 
valves next to the hydraulic motors has been added 
according the figure below. 

Figure 15: hydraulic motors with cross-over valves 

The cross-over valves open at a pressure slightly above 
the opening pressure of the counter balance valves (the 
ones keeping the thusters in their required azimuth posi-
tion). This addition allows the thrusters to perform 
forced rotations at a speed well above the normal ones 
without excessive pressures within the system. An alter-
native to the placement of the cross over valves could be 
a design in which the oil is supplied back to the tank. 
However keeping the circuit short reduces the chance on 
cavitation. Furthermore, the hydraulic system can be 
kept the same except at the hydromotors where the 
cross-over valves are added. The combination of such 
valves with the hydraulic steering system of the thrust-
ers is a new development and has been patented, see  
patent publication number: WO 2013/034797. 

Conclusions 

As the propeller driveline and the steering driveline are 
physically linked, both systems are to be included in the 
model for dynamic analysis. The presented simulation 
load cases show that the blade frequent loading of the 
propeller driveline results in blade frequent load contri-
bution of the steering driveline. 
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The verification of the correct functioning of the system 
in case of ice milling requires a dynamic analysis taking 
into account all relevant components (the blade frequent 
load of the drive line a.o.) of the steering system. The 
response of the system can be simulated and evaluated 
with respect to the required use.  

Another conclusion is related to the off centre impact 
loading. The scenario results in a forced rotation of the 
thruster. At the moment the safety valve is forced open, 
the thruster rotates at about sevenfold the normal azi-
muth rotation speed. To allow such fast movements and 
the related oil flows, a special arrangement is to be 
incorporated in the design.  
Finally as such conditions are to be expected for thrust-
ers operating in ice infested waters, it is proposed that a 
situation such as presented in the off centre impact load-
ing is to be incorporated into the design process for such 
thrusters.  
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Abstract 

It is very important to estimate the interaction between propel-
ler and rudder because the rudder in the propeller slipstream 
has the large effect on the propulsive performance. Applying 
the simplified propeller theory based on the infinitely bladed 
propeller model by Yamazaki (1968) to the propeller-rudder 
interaction problem is very practical. However, the accuracy 
of the performance prediction is not enough for the recent re-
searches which are seeking even slightly better performance. 
There are two problems regarding the simplified propeller 
theory. One is that the propeller geometry cannot be consid-
ered exactly, the other is that the calculation model ignore the 
hub vortex which is important for the propeller-rudder inter-
action problem. This paper presents the modified simplified 
propeller theory in order to obtain more accurate prediction. 
The present model incorporates the blade circulation distribu-
tion by a panel method instead of propeller blade geometry 
and expresses the propeller slipstream behind the hub by re-
garding the hub area as a part of the blade area on the pro-
peller plane. In this paper, the calculated rudder drag by the 
present method are compared with the experimental data for 
the validation. 

Keywords 

Propeller-Rudder Interaction; Simplified Propeller The-
ory; Propeller Slipstream; SQCM  

Introduction 

The rudder behind the propeller has a great effect for not 
only maneuverability but also propulsive performance. 
Because of it, the studies of propeller-rudder interaction 
have done by many researchers so far (Nakatake et al., 
1977; Moriyama, 1981; Tamashima et al., 1992). Re-
cently, propeller optimization and development of energy 
saving devices are conducted actively in order to reduce 
CO2 emission from ships. Here we have to pay attention 
to the rudder drag in propeller slipstream. It is known that 
the rudder behind the propeller has the thrust component 
which is the axial component of the lift generated by the 
tangential flow component in the propeller slipstream. 
The rudder drag depends on not only the propeller load-
ing condition but also its radial distribution on the blade 
which produces the propeller slipstream. For example, 

the rudder drag behind the two types of propeller which 
work generating the same thrust are different because 
these propeller slipstreams are not always the same. The 
prediction method of propeller-rudder interaction is 
needed to express the phenomenon precisely in order to 
estimate the propulsive performance as the propulsion 
system in the case of the propeller and rudder optimiza-
tion, the development of energy saving device, and so on. 
Numerical simulations such as CFD or panel method are 
useful to predict the propeller-rudder interaction with 
sufficient accuracy though the computation time is large. 
On the other hand, there are some needs especially in the 
early design stage for the practical tool with robustness 
and without heavy computation. 
The simplified propeller theory presented by Yamazaki 
(1968) was applied to the propeller-rudder interaction 
problem by many researchers and the effectiveness of the 
method was shown. However, the accuracy of the rudder 
drag behind the simplified propeller model is not enough 
for expressing the effect of propeller blade loading dif-
ference. There are two reasons. One is that the simplified 
propeller theory considers the pitch distribution only as 
the propeller geometry data, especially, the calculation 
method ignores the camber distribution in spite of the im-
portance. So the blade loading distribution and the veloc-
ity vector in the propeller slipstream are not accurate. The 
other is that the effect of hub vortex which is important 
for the propeller-rudder interaction problem is not con-
sidered at all. 
This paper presents the modified simplified propeller the-
ory in order to overcome these problems. The present 
model uses the blade circulation distribution by a panel 
method which can consider the propeller geometry ex-
actly at the stage of the estimation of the propeller open 
calculation. This means that the all factors of propeller 
geometry are expressed by the pitch distribution obtained 
by using the blade circulation. On the other hand, the rud-
der drag in propeller slipstream is calculated by a simple 
surface panel method “SQCM” which was developed by 
Kyushu University (Nakatake et al. 1994, Ando et al. 
1998). The propeller-rudder interaction problem is 
solved by the iterative calculation which combines the 
simplified propeller theory in front of the rudder and 
SQCM for the rudder behind the propeller. Furthermore, 



the present method expresses the slipstream behind the 
hub by the assumption that the bound vortices exist in the 
hub. 
In this paper, the calculated results of the rudder drag be-
hind the propeller are compared with the experimental 
data for the validation. The experiment uses the several 
propellers which have same thrust at the design point but 
different blade loading distribution. It is shown that the 
present method can express the rudder drag accurately by 
considering the blade loading condition. 

Calculation method 

The space coordinate system xyzo  fixed to the center 
point of propeller o  is defined as Fig. 1. The x -axis is 
taken on the propeller shaft center line and directed from 
the propeller to the rudder. The y -axis is taken upward 
positive. xyzo  is a right hand system and the propel-
ler is working in inviscid, irrotational and imcompressi-
ble fluid. 

 
 

Fig. 1: Coordinate systems 

In this study, we deal with the case that the propeller and 
the rudder are in the uniform flow 0V  and the propeller 
rotates at a constant angular velocity ( = n2 ,
n :number of propeller revolutions) in the direction 

shown in Fig. 1. The directions of  and r  are defined 
by the counter direction of  and the outward direction. 
We apply the simplified propeller theory based on the in-
finity bladed propeller model by Yamazaki (1968) to the 
calculation of propeller slipstream. According to the the-
ory, the propeller can be represented by bound vortices 
distribution on the propeller disk (SP) with the strength 

),(rV0 . The number of the blade, the effective pitch 
and the chord length are denoted by N , )(ra2  and 

)(rc  and it is assumed that the free vortices are shedding 
with a constant pitch )(rh2  and without the contraction. 
The disturbed velocity potential due to the infinitely 
bladed propeller P  is expressed as 
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Here Br and 0r  are the radiuses of hub and propeller. 

The boundary condition on the propeller disk (SP) is ex-
pressed as 
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Here u , v  are the axial and the tangential components 
of inflow velocity on the propeller disk (SP). In order to 
correct the induced velocity on SP for a finite number of 
blades, Eq. 2 uses the Prandtl’s tip correction factor )(r  
and 1k  represents the lifting surface correction factor of  
the lift slope influenced by the chord length, and these are  
expressed as 
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In Eq. 4, er  is represented at the 70% radius section. 

Eq. 1 and 2 include the effective pitch )(ra2  only as the 
factor of the propeller geometry. This is not enough to 
solve the bound vortices distribution ),(rV0  accu-
rately. Because the bound vortices distribution, in other 
words, the loading distribution for radial direction de-
pends on not only the pitch distribution but also other fac-
tors such as the camber distribution, the rake distribution. 
So we try to solve ),(r  using the circulation distribu-
tion )(r  by SQCM in the phase of the propeller open 
calculation in order that ),(r (= )(r ) can express the 
effect of propeller geometry exactly. The calculation pro-
cedure is described as follows. 
First of all, the circulation distribution )(r  is obtained 
by SQCM and the non-dimensional circulation distribu-
tion )(rC  is calculated using the maximum value max  
from )(r .  

max

)(
)(

r
rC                                  (5) 

Next, the )(r  is replaced by the multiplication of
)(rC  and the maximum bound vortices max  in )(r  

by the original simplified propeller theory.  
)()( max rCr                               (6) 

And the modified )(ra2  is obtained by back calcula-
tion from Eq. 2 substituting the )(r  expressed by Eq. 6 
for the original )(r  in Eq. 2. The modified )(ra2  is 
used in Eq. 2 again for the modified max  in Eq. 6. This 
procedure is iterated a few times and the converged 

)(ra2  is obtained. The )(ra2  includes the character-
istics of propeller geometry besides the pitch distribution. 
This means that the all factors of the propeller geometry 
which decide the loading distribution can be expressed 
by )(ra2 .  

It is noted that this treatment is done in the condition of 
propeller open test and the variation of )(r  (= ),(r ) 
by the propeller-rudder interaction is calculated by the 



simplified propeller theory.
In the flow field behind the propeller, there are non-po-
tential flow components Pxw , Pw  due to the vortices. 
The axial and tangential components of velocity in the 
slipstream RxV , RV  are expressed as 

x
wVV P
PxRx 0 , 

r
wV P
PR        (7) 
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RxV , RV  are used as the inflow velocity in the rudder 
singularities calculation by SQCM. 
Next, the velocity by the rudder singularities are used as 
the inflow velocity to propeller disk (SP), which are in-
cluded in u , v  in Eq. 2.  

The flow field with the propeller-rudder interaction is ob-
tained by the iterative calculation regarding the propeller 
and the rudder. 
Using the converged singularities, the pressure distribu-
tion on the rudder surface is calculated by the Bernoulli 
equation as follows: 

)( 22
0 2

1
PRR wVpp                         (9) 

Where 
 0p : static pressure in the undisturbed inflow 

: density of the fluid 

RV : velocity on the rudder surface 

Pw : velocity by the non-potential flow components 

The rudder drag xF  is expressed as 

xvxpx FFF                 (10) 

Where xpF  denotes the potential flow component by the 
pressure integration on the rudder surface rS  as follow: 

dSnppF x
S

Rxp
r

)( 0              (11) 

And xvF  is the viscosity component calculated by the 
formula for NACA wing section drag coefficient )(yCD  
which is presented by Abbott and Doenhoff (1949). 
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xinV   : averaged x -axis component of inflow velocity  
)(yc  : chord length  
cth/  :  blade thickness ratio  

It is very important to consider the hub vortex flow re-
garding the propeller-rudder interaction problem because 
the rudder thrust produced by the tangential flow compo-

nent in propeller slipstream mainly generates at the rud-
der section near the hub vortex line. However the original 
simplified propeller theory does not consider the hub vor-
tex at all and there are no  Pxw , Pw  in Eq. 8 behind the 
hub area. Because of this, the calculated rudder thrust is 
very small and the rudder drag is overestimated. In this 
study, we extend the ),(r  distribution area on the pro-
peller disk to the hub area shown in Fig. 2 in order to 
simply consider the effect of hub vortex flow. Actually, 
there is a vortex core zone around the hub vortex line. So 
we give the radius of the hub vortex core Cr , namely, we 
replace the radius of hub 

Br  in the original simplified 
propeller theory to the radius of hub vortex core.  

           
w/o Hub vortex                            w/ Hub vortex 

 
Fig. 2: Element division on propeller disk 

Calculated results 

Propellers and Rudders 

We take series propellers MP-A and MP-B which are de-
signed for a pure car carrier and a product tanker.  Both 
series have two propellers each other and there are totally 
four propellers in this study. Table 1 shows the principal 
particulars of the propellers. Each series have the same 
design point but the loading distribution for the radius di-
rection are different. Also we take two types of rudder in 
this study. One is the standard rudder MR-A, and the 
other is reaction rudder which has twisted section around 
the propeller shaft center line. Table 2 shows the principal 
particulars of the rudders and Fig. 3 shows the panel ar-
rangement of rudders in SQCM. 

Table 1: Principal particulars of propellers 
 MP-A1 MP-A2 MP-B1 MP-B2 

DIAMETER (m) 0.25 0.25 
NUMBER OF BLADE 4 4 
BOSS RATIO 0.17 0.16 
PITCH RATIO (0.7R) 0.818 0.854 0.653 0.663 

 

Table 2: Principal particulars of rudder 
UPPER CHORD LENGTH (m) 0.250 
LOWER CHORD LENGTH (m) 0.205 
MAXMUM THICNESS (m) 0.50 
SPAN LENGTH (m) 0.31 

MR-A MR-B 
 

Fig. 3: Panel arrangement of rudders 



First of all, the procedure of the present method is de-
scribed concretely using the pitch distribution 

Dra /)(2  (Fig. 4) and the bound vortices distribution 
)(r  (Fig. 5) about MP-B series. )(r  (Fig. 5, Original) 

calculated by the geometrical pitch ratio (Fig. 4, Original) 
in the uniform flow is modified using Eq. 5 and 6. The 
recalculated Dra /)(2  using  )(r  (Fig. 5, Modified) 
is shown in Fig. 4 (Modified).  The difference between 
‘Original’ and ‘Modified’ in Fig. 4 is caused by the dif-
ference of propeller geometry factors besides pitch distri-
bution. This means that the Dra /)(2  (Fig. 4, Modi-
fied) shows not only the geometrical pitch distribution 
but also other all factors which affect the loading distri-
bution on the blade in the radial direction. 
Furthermore, the quantitative modification is needed in 
order that the calculated propeller performance corre-
sponds to the experimental data though the procedure is 
omitted in this paper. 

 
Fig. 4: Pitch distribution 

 

 
Fig. 5: Bound vortices distribution 

 

Experiment 

In order to validate the present method, we measured rud-
der drag in propeller slipstream in the high speed circu-
lating water channel at Kyushu University. Fig. 6 shows 
the measurement system in the test section and Fig. 7 
shows the photo of the working propeller and the rudder 
in the measurement. The rudder drag coefficient FxK  is 
expressed as follow: 

42Dn

F
K x
Fx                                           (13) 

n  : the number of revolution 
D  : the propeller diameter 

Fig. 6: Measurement system 

Fig. 7: Rudders behind propeller. 
                  (Left: MR-A, Right: MR-B) 

 

Rudder drag 

Fig. 8 and 9 show the calculated FxK  behind MP-A se-
ries and  Fig. 10 and 11 show the calculated FxK  behind 
MP-B series comparing with the experimental data, re-
spectively. The horizontal axis J  is the advanced coeffi-
cient defined as follows; 

nD

V
J 0                                                (14) 

The experimental data in these figures show the hump 
and the hollow regarding the J  variation. These phe-
nomena are caused by the wave generated by the propel-
ler open boat. In this paper, the free surface effect is not 
our present concern. So we do not refer to this problem 
in the following consideration though this is our future 
work for the accurate experiment. 
MP-A2 and MP-B2 are designed to be that the maximum 
points of )(r  are closer to the blade tip than those of 
MP-A1 and MP-B1 keeping the same thrust, respectively. 
Fig. 8 11 show that FxK  behind MP-A2, B2 are larger 
than those behind MP-A1, B1 regarding both the calcu-
lation and the experiment. The reason is that the rudder 
thrusts of MP-A2 and B2 are smaller than those of MP-
A1 and B1 because the hub vortices strength of MP-A2 
and B2 are smaller by the characteristic of )(r . It is 
shown that the present method can express these phe-
nomena not only qualitatively but also quantitatively. It 
is interesting that J  is larger, the difference between two 
propellers becomes smaller in both the calculation and 
the experiment. 
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Also FxK  of MR-B is smaller than that of MR-A in the 
case that the same propeller is working in front of these 
rudders. This is the advantage of the reaction rudder and 
the calculation can express this phenomenon to some ex-
tent. 
 

  
Fig. 8: FxK of MR-A behind MP-A series 

 

  
Fig. 9: FxK of MR-A behind MP-B series 

 

  
Fig. 10: FxK of MR-B behind MP-A series 

 

  
Fig. 11: FxK of MR-B behind MP-B series 

 

Comparison to original simplified propeller model 

Here we take a closer look at the contribution of the pre-
sent method to the accurate prediction comparing with 
the previous method using original simplified propeller 
theory. The case of MR-A behind MP-A series is taken. 
Fig. 12 compares FxK  by the previous method with those 
by the present method and the experimental data. The cal-
culated results by the previous method show that FxK  of 
MP-A1 is larger than that of MP-A2 and this is not rea-
sonable comparing with experimental data. Also the pre-
vious method cannot express the tendency of the differ-
ence regarding the J  variation between MP-A1 and MP-
A2 at all. 
Fig. 13 shows the calculated result in the case that only 
the hub vortex model is incorporated in the previous 
method. Owing to the consideration of the hub vortex ef-
fect, FxK  are smaller and closer to the experimental data 
comparing with that by previous method (Fig. 12). How-
ever, this case with only the hub vortex model cannot ex-
press the difference of FxK  between MP-A1 and MP-A2. 

Fig. 14 shows the calculated result in the case that only  
)(r  modification is incorporated in the previous  

method. In spite of the accurate blade loading distribution, 
the results by this case with only )(r  modification are 
similar to those by the previous method (Fig. 12). The re-
sult shows that even if )(r  is reasonable, it is impossi-
ble to make the accurate predictions without the hub vor-
tex model. 
We present the two improvements to the simplified pro-
peller theory in this paper. One is )(r  modification in 
order to make the accurate propeller slipstream, the other 
is the hub vortex model which is important for the rudder 
thrust generation. It is confirmed that both improvements 
are important for the accurate prediction method. In other 
words, the strength of hub vortex becomes reasonable by  

)(r  modification and the hub vortex makes the rudder 
thrust around the propeller shaft center line accurately. 
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Fig. 12: Comparison to previous method 

 

 
 

Fig. 13: Effect of hub vortex model 
 

 
 

Fig. 14: Effect of )(r  modification 
 

Conclusions 

In this paper, we present the modified simplified propel-

ler theory which can calculate the rudder drag in propel-
ler slipstream accurately. The present method modifies 
the bound vortices distribution using the circulation dis-
tribution obtained by a panel method (SQCM) and re-
place the all propeller geometry factors to the pitch dis-
tribution. Furthermore, the hub vortex model is incorpo-
rated in the simplified propeller theory in order to express 
the propeller slipstream behind the hub area on the pro-
peller disk. These improvements enable to solve the pro-
peller-rudder interaction problem accurately. Especially, 
it is shown that the variation of the rudder drag depending 
on the variation of the propeller geometry is accurate. 
We are going to apply the present method to not only the 
propeller-rudder interaction problem but also propeller-
energy saving device interaction problem. The present 
method will be useful for the study of the propulsion sys-
tem which includes the all devices regarding propulsive 
performance. 
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Abstract

Over the last two decades, an increasing number of stud-
ies have been conducted to develop and improve energy
saving devices (ESDs) in order to increase the propul-
sive efficiency. One well-known example is the pre-swirl
stator (PSS), which consists of an often asymmetric ar-
rangement of fixed stator blades ahead of the propeller.

This paper describes the hydrodynamic design of a
pre-swirl stator with radially variable pitch, paired with a
conventional propeller. The aim is to achieve the highest
possible efficiency in various operating conditions, and
to avoid efficiency penalties in off-design operation.

To investigate the propeller and stator designs and
configurations in different operating conditions, the com-
putationally inexpensive vortex-lattice method is used as
a first step to optimize the geometry in an initial param-
eter study. Then the flow over hull, stator and propeller
is simulated in a CFD-based approach to confirm the re-
sults obtained in the first stage.

Keywords

Energy Saving Device, Pre-Swirl Stator, Vortex-Lattice

Method, RANS-BEM Coupling

Nomenclature

A panel area

C f frictional drag coefficient

CL,i ideal lift coefficient

Cth thrust loading coefficient
�F force

H auxiliary function

NCh number of panels (chordwise)
�R vector from the vortex element

RBC RANS-BEM Coupling
�U total velocity
�V local flow

VLM Vortex-Lattice Method

c chord length

�q induced velocity with a unit circulation

r radius

s arclength parameter

�u induced velocity

�x midpoint of the side

w length of the panel side

Greek letters
α angle of attack

β hydrodynamic pitch angle

Γ circulation

γ chordwise circulation

κ weight function

λ Lagrange multiplier

ν ratio of the pressure distribution

�ε length element along the panel side

ω angular velocity

Subscripts and Superscripts

0 onset flow

FT flat plate pressure distribution

RT rooftop plate pressure distribution

i panel

k panel side

n chordwise panels

m spanwise panels

st stator

pr propeller

r required thrust

t tangential component

tr total required thrust

v skin friction drag

vp skin friction drag propeller

vs skin friction drag stator

Introduction

The action of a propeller always involves a loss of energy.

This loss can be divided into three main components:

• axial loss,

• rotational loss,

• frictional loss.

The axial loss is inevitable as it comes from the accel-

eration of the fluid through the propeller disk, which is

necessary in order to generate the thrust. The frictional

loss is due to the friction generated by the water that gets

in contact with the surface of the propeller blade. The

surface’s roughness, the total surface area of the blade

and the speed of rotation are the dominating factors in

frictional losses. The rotation of the blades causes a ro-

tation in the wake and, as a consequence, this leads to a



loss of energy: the rotational loss. Pre-swirl stators (PSS)

aim at reducing or recovering rotational energy losses by

generating a swirling flow opposite to the sense of the ro-

tation of the propeller. They also have a simple shafting

system, considerable efficiency gain (3-8% according to

Shin et al., 2015), a relatively low initial cost of installa-

tion as well as high reliability. This device modifies the

loading of the propeller blades, through which the deliv-

ered thrust per unit of power is raised.

In the present study, the hydrodynamic design of a pre-

swirl stator with variable pitch, paired with a conven-

tional propeller, is investigated. First, this design problem

is approached by seeking the optimum distribution of cir-

culation along the different components of the propulsion

system. More specifically, a variational problem is solved

where the propeller torque is minimized for a given total

thrust. The approach used is similar to the classic the-

ory, where the propeller is modeled as a lifting line and

the continuous distribution of circulation is discretized.

However, in this case, the propeller and the stator are

modeled by employing the vortex-lattice method (VLM)

to obtain a better representation of the flow. Afterwards, a

RANS-based approach is used to confirm the results ob-

tained by the VLM. In this method, the propeller effect

is modeled through body forces that are computed by an

unsteady boundary-element (BEM) code.

Vortex-Lattice Method

A variational problem is solved in order to find the op-

timum radial distribution of circulation on the stator and

the propeller, which provides the highest propulsive effi-

ciency. Prandtl and Betz (1927) were the first to solve this

problem for a single propeller in open water conditions.

Later, Lerbs (1952) developed a method which included

a radially varying onset flow. Kerwin et al. (1986) intro-

duced a new approach where the continuous distribution

of circulation was discretized, which makes it possible to

solve the variational problem directly. Coney (1992) de-

veloped a vortex-lattice lifting line method where, again,

the continuous distribution of vortices along the lifting-

line is discretized. These two last works showed an im-

portant advantage of the discrete model: the propeller

geometry can be theoretically unlimited complex. The

present optimization procedure employs a lifting-surface

model for both propeller and stator, which makes it pos-

sible to include the effects of the entire blade in the opti-

mization. The presence of the hub is ignored.

Grid Generation

The blade surface is divided into quadrilateral panels as

the continuous distribution of circulation is replaced with

a discrete distribution. The spanwise discretization for

both propeller and stator is in accordance with James

(1972). Meanwhile, the chordwise discretization is in ac-

cordance with James (ibid.) for the stator and with Lan

(1974) for the propeller.

The trailing vortex sheet is, due to the discretization,

reduced to a finite number of horseshoe vortices, which

is a simplified representation of the vortex system of a

wing. The horseshoe vortex consists of two trailing vor-

tices, which are aligned infinitely downstream with the

fluid, and a bound vortex, which is a straight line located

at the trailing edge. The circulation of the horseshoe vor-

tex is equal to the circulation of the adjacent trailing edge

panel (Kutta condition). The sides of the horseshoe for

the propeller are assumed to follow regular helices with

constant pitch and radius. On the other hand, the wake of

the stator is divided into two parts:

• Straight line vortices aligned with the surface of the

stator

• Straight line vortices perpendicular to the propeller

plane

The length of these two wakes of the stator depends on

its configuration and on the operational condition.

Forces and Velocities

The force on a panel side is found from the

Kutta–Joukowski theorem:

�Fk = ρ �U
(
�x
) × �Γk (1)

The total forces generated by each component are found

using the contribution from all the panel sides. The total

velocity �U(�x) is the sum of the onset flow, the induced ve-

locity from the component itself and the circumferential

mean induced velocity from the other component. The

onset flow is assumed to be independent of the longitu-

dinal position and axisymmetric, therefore the onset flow

only varies radially. The induced velocity from the pan-

els is found using the Biot-Savart law, so that the effects

of the skew and the skew induced rake are taken into ac-

count. Hence, the velocity induced by one panel in the

point �x is:

�ui
(
�x
)
=
Γi

4π

4∑
k=1

∫ wk

0

d�ε × �R
| �R |3 = Γi�qi(�x) (2)

The induced velocity from the horseshoe vortices of

the propeller is divided into two parts: the transition wake

and the ultimate wake. The transition wake covers the

helix from the trailing edge of the propeller to four radii

downstream. The regular helix in the transition wake is

replaced by a number of straight line vortices. Thus, the

induced velocity is found in the same way as for the panel

side. The ultimate wake covers the part from the end of

the transition wake to infinity downstream. The induced

velocity is found by the method developed by de Jong

(1991). The induced velocity from the wake of the stator

is found in the same way as for the panel side.

Weight Function

A weight function is introduced to specify the chordwise

distribution of circulation for both components. As a con-

sequence, the optimization problem is reduced to finding



the optimum distribution of the total circulation for each

chordwise strip, which corresponds to the circulation of

the horseshoe vortex. Therefore, the number of unknown

circulations corresponds to the total number of spanwise

panels of the components. The weight function is:

κn =

NCh+1∑
i=n+1

(
(1 − ν) κRT

i + νκ
FT
i

)
(3)

The distribution of circulation related to the angle of

attack corresponds to the distribution for a flat plate with

an angle of attack (Breslin and Andersen, 1994):

γFP(x) = 2U0 α

√
c/2 + x
c/2 − x

(4)

The distribution of circulation related to the camber

line is (Breslin and Andersen, 1994):

γRT (x) =

⎧⎪⎪⎪⎨⎪⎪⎪⎩
(c/2+x)U0

c(1−a2)
CL,i if x ≤ c/2 (1 − 2a)

U0

1+aCL,i if c/2 (1 − 2a) ≤ x
(5)

The ratio of the pressure distribution ν is set 0 for the

propeller (pure rooftop) and 1 for the stator (pure flat-

plate).

Grid Alignment

The surface of each component has to be parallel to the

total velocity �U
(
�x
)
. The applied grid alignment proce-

dure assumes that the pitch of the shed vortices is con-

stant on the surface of each component. The pitch is

based on the total velocity at the mid-chord line of the

blade. Therefore, the pitch angle for the propeller is:

βpr = tan−1

(
U0,x(s) − ux(s)

ωrm − ut(s) − U0,t(s)

)
(6)

Whereas, the pitch angle for the stator is:

βst = tan−1

(
U0,x(s) − ux(s)

−ut(s) − U0,t(s)

)
(7)

It is worth mentioning that this grid alignment leads to a

twisted stator at the end of the optimization procedure.

Wake Alignment

The free vortex elements must be parallel to the local flow

direction in order not to generate force in the fluid:

�V × �Γwake = 0 (8)

The implemented wake alignment procedure neglects the

contraction of the slipstream and assumes that the pitch

of the horseshoe vortices is constant. The pitch angle of

the horseshoe vortices of the propeller is set equal to the

fluid pitch angle of the propeller βpr. Regarding the sta-

tor, the wake is divided into two parts, as mentioned on

the previous page.

Skin Friction Drag

The skin friction drag is the part of the drag created in

the boundary layer due to the viscosity of the water. This

force is taken into account by using a frictional drag co-

efficient C f , which is estimated on the basis of experi-

ments (Breslin and Andersen, 1994). Here, the skin fric-

tion drag of a panel is taken as:

dTv =
1

2
ρ C f A |Ut | Ut (9)

Variational Iteration Problem

A thorough explanation of the variational iteration prob-

lem is given by Coney (1992). In this section just a brief

description is given. The distribution of circulation for

both components is found by using a variational approach

based on the method of Lagrange multipliers. The auxil-

iary function H is:

H
(
�Γ, λ

)
= ωQ

(
�Γ
)
+ λ

(
Tpr

(
�Γ
)
+ Tst

(
�Γ
)
− Ttr

)
(10)

Where:

Ttr = Tr − Tvp − Tvs (11)

It is worth pointing out that it is necessary to compute the

circulation for each blade of the stator as it is usually not

symmetric (and not only for one blade as it is performed

for the propeller). The optimum distribution of circula-

tion is found by setting the partial derivatives of H, with

respect to �Γ and λ, to zero:

∂H
∂Γm

= 0
∂H
∂λ
= 0 (12)

This optimization procedure is non-linear and, therefore,

equations (12) are replaced with a linear system of equa-

tions. Iterations are necessary to achieve a solution to the

problem. The distribution of circulation is initially set

to zero and the Lagrange multiplier to -1 (Coney, 1992)

and the system is solved. At this point, a new distri-

bution of circulation and a new Lagrange multiplier are

found and the system is solved again. The iteration for

the variational problem is continued until convergence is

achieved, which is normally reached after less than ten

iterations. Then the wake is aligned with the local flow

direction and the grids are reconstructed. Thereupon, the

system of equations is updated with the new grids, new

wake geometry and new skin friction drag, for both pro-

peller and stator, and the problem is solved again. The

alignment of the grids and the wake is continued until

convergence is achieved. It is necessary to obtain the op-

timum distribution of circulation without changing either

wake or grids. Therefore, the induced velocities are fixed

during the circulation optimization procedure since they

are exclusively functions of the component’s geometry.

RANS-BEM Coupling

Originally introduced by Stern et al. (1988), using a vis-

cous flow solver for the flow around the hull and cou-

pling it with a potential flow-based method for the pro-

peller is an efficient tool to including the propeller effect



in a CFD simulation. Over the last years, this approach

has gained popularity even though unsteady and fully vis-

cous simulations with a discretized propeller are possible

today. This is not only due to the vastly reduced compu-

tational effort, but also as the coupled method allows for

analyzing details of the hull-propeller interaction, as the

effective wake field is computed explicitly. As RANS-

based simulations can be carried out in both model and

full scale, this hybrid (coupling) method can also be used

to study different scale effects, including scaling of effec-

tive wake fields (Starke and Bosschers, 2012).

Potential flow-based tools for propeller analysis, such

as panel codes (boundary element method, BEM), are of

course not able to capture and resolve all flow features

and details due to the simplifications made. Still, the

propeller’s global unsteady forces – and therefore its ef-

fect – can be predicted with good accuracy. This is taken

advantage of in a RANS-BEM coupling (RBC) method,

where the flow around the propeller is computed in a

panel method while the flow around the hull is resolved

by RANS. To further reduce the computational effort, this

study treats the hull flow as a steady-state problem and the

unsteady propeller forces are time-averaged before being

added as momentum sources to the RANS computation.

As the inflow to the propeller changes as the simulation

progresses, this coupling is of iterative nature. The veloc-

ity field in the coupling plane is passed from the RANS

solver to the propeller program, which then returns the

updated time-averaged forces that correspond to this new

inflow field.

As the velocities extracted from the RANS part do

not directly correspond to the propeller inflow field,

but represent the total velocity wake field including the

propeller-induced velocities, the induced velocity field

from the previous iteration is subtracted from the total
wake field to estimate the effective wake field.

Technically, these velocities can be computed and ex-

changed in an arbitrary location. However, both robust-

ness and accuracy depend strongly on the location of this

coupling plane. Ideally, one would want to place the cou-

pling plane in the propeller plane or the blade-midchord

plane, but the presence of singularities on the blade sur-

face in the BEM make it difficult or impossible to evalu-

ate the induced velocities in these locations.

The simplest solution is to use a single plane upstream

of the propeller as the coupling plane. Yet, a number of

more advanced options exist (see e.g. Rijpkema et al.,

2013), such as using curved upstream surfaces or mul-

tiple planes for extrapolation. In the present study, the

effective wake is computed on a curved surface that fol-

lows the blade leading edge contour closely, essentially

resulting in a single, curved upstream coupling plane as

also described by Tian et al. (2014). The absolute re-

sult values could possibly be improved by using a correc-

tion factor approach as suggested by Sánchez-Caja et al.

(2014), but as the correct prediction of trends is more im-

portant than matching certain exact values for this design

and optimization task, no “corrections” – that might even

obfuscate unexpected effects or mistakes – are applied.

In this project, the XCHAP solver from the commer-

cial SHIPFLOW package is used on the RANS side,

while the propeller flow and forces are computed by the

DTU-developed panel code called ESPPRO. XCHAP

uses structured, overlapping grids and the EASM (Ex-

plicit Algebraic Stress Model) turbulence model. A sepa-

rate cylindrical propeller grid is used for easy transfer of

propeller forces while fully conserving thrust and torque.

Results – Open Water (VLM)

Effect of the Stator on the Propeller

First, different types of propeller and stator designs are

investigated in order to explain the overall effect of the

stator on the propeller. The general trend of this analysis

is shown in the following example. The stator has a sim-

ple configuration with 4 blades and constant chord length.

The propeller adopted is the DTNSRDC 4381 (Carlton,

2012). Propeller and stator have the same diameter and

they both see uniform flow. Their axial distance is set

to 0.5R. However, it is worth pointing out that since the

contraction of the slipstream is ignored, the effect of the

distance between the stator and the propeller on the ef-

ficiency is negligible (Glover, 1991). The design point

is:

J = 0.952, CTh = 0.604

Figure 1 shows the optimum circulation for both the two

components and the same propeller under identical op-

eration conditions. The stator circulation and that of the

propeller have opposing signs. The stator increases the

efficiency by modifying the distribution of circulation on

the propeller: it decreases, gets flatter and moves toward

the propeller root. This is due to the swirl induced by the

stator that reduces the downstream tangential velocities

generated by the propeller (Fig. 2). It is important to note

that the propulsive efficiency increases even though the

stator generates drag rather than thrust. These results are

in agreement with Coney (1992). This investigation also

shows that the stator influences the propeller by reducing

its optimum pitch angle βpr (Fig. 3): this is due to the
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propeller and pre-swirl stator
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reduction of the total tangential induced velocities ut.

It is worth pointing out that the comparison between

the optimization of the propeller with and without the in-

fluence of the stator is performed by keeping constant:

• The required thrust of the propeller Tr

• The rate of revolutions of the propeller n

• The mean velocity to the propeller disc Ua

In other words, the stator’s presence influences the opti-

mum distribution of radial circulation on the propeller by

providing a lower value of the total torque, while Tr, n
and Ua remain the same.

The function of the stator as a device that induces tan-

gential velocity to the propeller can easily be demon-

strated. The analysis is performed for the propeller alone

with constant ship velocity and required thrust. The ad-

vance ratio is varied as a consequence of varying angular

velocity of the propeller. The design point is:

U0 = 10 m/s,CTh = 0.604

Figure 4 shows two results:

• The bigger the angular velocity ω (onset flow), the

flatter the curve

• The bigger the angular velocity ω (onset flow), the

more the load moves out toward the propeller tip

These results are analogous to those shown in Fig.1,

where the stator induces tangential velocity correspond-

ing to the change in angular velocity in Fig. 4.

Operational Conditions Parameters

The next point of the investigation implies the variation

of the angular velocity and the required thrust to obtain a

better insight in the effect of the stator in different operat-

ing conditions.

Angular Velocity

The angular velocity ω of the propeller is varied from 7

to 15 rad/s while the other parameters are kept constant.

Different types of propeller and stator designs are inves-

tigated and the general trend of this analysis is shown in

the following example. The stator has a simple configu-

ration with 4 blades and constant chord length. The pro-

peller adopted is the DTNSRDC 4381 (Carlton, 2012).

Propeller and stator have the same diameter and they both

see uniform flow. Their axial distance is set equal to 0.5R.
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free-running propeller for varying values of J

The design point is:

U0 = 10 m/s, CTh = 0.662

Fig. 5 shows the gain in efficiency against the angular ve-

locity of the propeller. It can be seen that the efficiency

gets higher with the decreasing of ω. To explain these

results it is necessary to imagine a range of identical pro-

pellers working with the same value of required thrust Tr

and mean inflow to the propeller disc Ua but with a dif-

ferent value of angular velocity ω. In this hypothetical

situation two concepts are fundamental:

• if the propeller is working with a high angular veloc-

ity, the required thrust is generated by high velocities

and small circulations on the propeller,

• if the propeller is working with a small angular ve-

locity, the required thrust is generated by small ve-

locities and high circulations on the propeller.

Therefore, the stator has a much bigger impact on the pro-

peller when the angular velocity is low because the veloc-

ities induced on the propeller by the stator are relatively

larger for low angular velocities.

Required Thrust

The thrust loading coefficient Cth is varied from 0.5 to

0.9 while the other parameters are kept constant. As al-

ready performed for the previous investigations, different

types of propeller and stator designs are investigated and

the general trend of this analysis is shown in the follow-

ing example. The set-up implemented for both propeller

and stator is the same as the one adopted for the angular

velocity. The design point is:

U0 = 10 m/s, J = 0.8

The investigation shows that the gain in efficiency is

higher with the increasing of the thrust loading coeffi-

cient Cth. Figure 6 shows the optimum distribution of

circulation for propeller (positive) and stator (negative)

for different thrust loading coefficients.

From this, an important result can be seen: the higher

the required thrust, the higher the absolute value of cir-

culation. As a consequence, the stator has a much bigger

impact on the propeller when Cth is high because the ve-

locities induced on the propeller by the stator are higher.

These two last investigations also show that the opti-

mum geometry for both components changes depending

on the operation condition. Considering the stator, the

higher the absolute value of circulation on the stator the

more the optimum stator geometry is twisted.

Results – Behind Ship Condition (VLM/RBC)

The previous section gives some insight into the gen-

eral working principle of pre-swirl stators. It also shows

general trends and findings from running vortex lattice-

based optimizations for propellers and stators. In this

section, both previously introduced methods – VLM and

RANS-BEM coupling – are used to also investigate the

performance of propeller-stator configurations in the be-

hind ship condition, including off-design operating con-

ditions. This particular implementation of the VLM can-

not be used to analyze a given geometry, but will always

find the optimum circulation to minimize the torque for

a required thrust, thereby finding the optimum geometry.

For this reason, results for the off-design conditions are

only provided by the RBC approach.

Case and Configuration For this case study, the KCS

case (Kim et al., 2001) is used, representing a typical

container ship design from the late 1990s. The first op-

erating condition considered corresponds to the design

point of KCS. A second condition is created by lowering

the thrust requirement by 40%, the floating position and

all other parameters being identical to the first condition.

All optimizations and simulations are carried out in full

scale. These conditions have been selected to obtain two

sufficiently different, yet representative conditions for the

propulsion system with reasonable simulation effort.

The propeller design is based on the KCS stock pro-

peller (Kim et al., 2001), where pitch and camber dis-

tributions are replaced by the VLM results. To further

simplify the blade geometry, skew is removed.

A common asymmetric, four-blade configuration is

chosen for the stator: three blades on the port side and one

on the starboard side. This is the standard configuration

adopted for a wide range of vessels (bulk carriers, con-

tainer ships, tankers, etc). The chord length is assumed to

be 1.5 m at the root and 0.9 m at the tip. Propeller and sta-

tor have the same diameter. The axial distance between

propeller leading edge and stator trailing edge is 2.0 m.

VLM Setup First, the VLM is used to find an optimum

propeller/stator configuration for condition 1 (Case 1, see

Tab. 1) and for condition 2 (Case 4, see Tab. 2). Propeller

P1 and stator S1 are therefore the result of the optimiza-

tion for condition 1, whereas P2 and S2 correspond to

condition 2. Note that the two components – propeller



Table 1. Simulations for Condition 1

Case ID Propeller Stator ΔPD,VLM ΔPD,RBC

Case 1 P1 S1 -4.6 % -7.1 %

Case 2 P1 S2 — -6.4 %

Case 3 N1 — 0.0 % 0.0 %

Table 2. Simulations for Condition 2

Case ID Propeller Stator ΔPD,VLM ΔPD,RBC

Case 4 P2 S2 -5.2 % -4.9 %

Case 5 P2 S1 — -4.5 %

Case 6 N2 — 0.0 % 0.0 %

Figure 7. Effective wake for the full scale KCS case without stator

and stator – are always optimized together.

To evaluate the power reduction associated with the

pre-swirl stators, a reference propeller is designed for

each condition using the same optimization method, just

run without stators (those propellers are called N1 and

N2). All components are optimized for the wake field

shown in Fig. 7, which is the effective wake field in con-

dition 1 with the KCS stock propeller, as obtained by the

RANS-BEM coupling approach. The change in effec-

tive inflow due to a redesigned (optimized) propeller was

checked and turned out to be negligible. For the steady-

state VLM propeller optimization, this wake field is aver-

aged circumferentially, yet the correct angular positions

for the stator blades are taken into account.

RBC Setup On the RANS side, a global, body-fitted

and symmetric background grid is created around the

unappended hull (H-O topology) using SHIPFLOW’s

XGRID grid generator. It extends one ship length both

upstream and downstream of the forward and aft perpen-

dicular, respectively. The stator blades are added as sep-

arate grids (C-O topology) that are fitted to the hull at

the blade root and stretched towards all noslip boundaries

including the hull. The target y+ value when stretching

grids is 0.7.

The total number of cells including refinement grids

in the aftbody region then amounts to about 14 million,

but given that the grids are of structured type and many

of the cells are interpolation cells, the required CPU time

for solving is still very reasonable. Running on 40 CPUs,

the solution converges after about 2 hours of wall clock

time.

Result Evaluation For the off-design cases, the pro-

peller speed is modified iteratively to reach the required

thrust for the respective condition. For Case 2, the pro-

peller speed increases (compared to Case 1), as the sta-

(a) Case 1 (b) Case 2

Figure 8. Effective tangential velocities

tor S2 provides less pre-swirl than S1, and propeller P1

was designed to operate together with stator S1. The op-

posite effect is seen in Case 5 (relative to Case 4). The

difference in the pre-swirl created by the two stators can

be seen from Fig. 8, which shows the tangential compo-

nents of the effective wake field for the two stators.

As all cases correspond to the same ship speed, but dif-

ferent propeller thrusts (due to the stator’s drag), they are

evaluated based on the delivered power PD = 2πnQ. Ta-

bles 1 and 2 show the reduction in power for all cases

with a pre-swirl stator compared to the stator-less con-

figuration. The tables show the values predicted by both

the Vortex-Lattice Method (VLM) and the RANS-BEM

coupling (RBC).

Discussion Tables 1 and 2 show that the optimized pro-

peller/stator configuration from the VLM gives a higher

power reduction than using the stator optimized for the

other condition in an off-design scenario.

It should be noted, however, that the efficiency gain for

Condition 2 (1.7%) is significantly lower than for Condi-

tion 1 (3.8%), due to the lower propeller loading. This is

perfectly in line with the theory outlined earlier. Still, the
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relative power reduction is of similar magnitude for both

conditions.

With respect to stator geometry, the difference in the

geometric pitch angle of a stator optimized for Condi-

tion 1 and a stator optimized for Condition 2 can be seen

from Fig. 9 and is in the order of 2-5◦. However, it should

be noted that the difference varies with the radius, with

the pitch angle at the tip being very similar. This poses

additional practical challenges to the concept of control-

lable pitch pre-swirl stator blades.

Also, a stator optimized for a different condition still

provides considerable power savings compared to the

stator-less configuration, indicating that the global effect

is not very sensitive to the stator pitch angle in the interval

of operating conditions that was looked at.

Conclusions

From the results presented in the previous sections it can

be concluded that:

• the simple Vortex-Lattice model can be used to de-

sign both propellers and pre-swirl stators and also

gives a good indication of efficiency gains and power

savings,

• a pre-swirl stator designed for one condition can also

perform fairly well in an off-design condition, sug-

gesting a “flat” optimum.
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Abstract 

A new design optimization system for propellers is presented. 
The system consists of four steps; distributing design variables 
(i.e. propeller shape variation) efficiently and creating CFD 
mesh automatically; performing CFD analysis; constructing 
the response surface which represents the relationship be-
tween propeller shape and its performance, and optimizing 
parameters over the response surface; again performing CFD 
analysis for confirmation. Wide range of parametric study is 
done taking advantage of open source software such as DA-
KOTA and OpenFOAM. This system is applied to a propeller 
design where the aim is improving the propeller open water 
characteristics .It is shown that the propeller efficiency is 
improved with this optimization system. 

Keywords

Propeller; optimization; open source software; computa-
tional fluid dynamics; design system. 

Introduction

Recently, regulations against international shipping on 
CO2 emission represented by EEDI (Energy Efficiency 
Design Index) has been strengthened, and in addition, 
the codes on noise levels to keep seafarers from the 
noise exposure is adopted and applied, which means 
ships should be more energy efficient and comfort. 
Propeller performance is directly involved in these two 
regulations. The high efficient propeller leads to a re-
duction in horsepower of the main engine. On the other 
hand development of the propeller of which exciting 
force is small, is required as the propeller is one of the 
vibration source. 
Authors have presented an integrated propeller design 
system collaborating Computer Aided Design, Compu-
tational Fluid Dynamics (CFD) and experiments. How-
ever, this system has been gradually inefficient since the 
step of determining results and that of the shape defor-
mation is mixed up. Furthermore, the design problem is 

multi-objective optimization; in the case of propeller, 
propulsive efficiency and cavitation performance. De-
spite such a situation, it is the fact that more rapid de-
velopment has been required along with these regula-
tions above. 
In this paper, a newly developed propeller optimal de-
sign system with efficiency is presented. Detailed pro-
cess is as follows; Firstly, a wide variety of prototypes 
for computational experiments are automatically created 
by setting representative values of a propeller shape as 
design variables  and distributing them with diagonali-
ty depending on the design of experiments. Secondary, a 
series of relationships between inputs (propeller shape) 
and outputs (performance) is obtained by performing 
CFD analysis to these prototypes. Thirdly, a response 
surface is built based on the relationships above. Then 
finally, the optimum propeller shape is to be obtained 
without any design iterations by performing optimiza-
tion on the response surface based on the generic algo-
rithm within constraints on the shape and performance 
values. In the present system, open source software 
(OSS) are employed; DAKOTA (Design and Analysis 
Kit for Terascale Applications) as a system driver and 
OpenFOAM as a CFD solver. 
In this paper, examples of its verification are performed 
selecting propeller geometries such as cambers, sections 
etc. as the design variables, and propeller open charac-
teristics as the objective function. This system proved 
that father improvement in propeller performance can 
be obtained even when the method and criteria them-
selves are typical and employed in daily design routine. 

Propeller Design 

Schematic view of the propeller design is shown in Fig. 
1. It consists of two stages; simulation and model test 
stages.
As the first stage, prototype of the propeller shape is 
selected after the determination of design conditions, 
and the propeller shape is modified considering the 
design restrictions. Performance change due to this  



modification is simulated by CFD or other tools. If 
design conditions are not satisfied, the shape is modified 
again, and this process is repeated until the design con-
ditions are finally satisfied. 
As to the next stage, its performance is confirmed by a 
propeller open test and cavitation test. If the model test 
results do not satisfy the design conditions, the first and 
second stages are repeated until the propeller finally 
satisfies the design conditions. 
It should be emphasized that the first stage takes a lot of 
time and shape modifications need design experts. It is 
better if this stage is done automatically in terms of 
design costs. Therefore, we have developed a propeller 
design optimization system using OSSs. Here we first 
focus on the propeller efficiency in uniform flow, which 
is required firstly for a propeller. 

Optimization System 

Overview

The schematic view of this design platform is shown in 
Fig. 2. The System is mainly composed of 4 steps; de-
sign of experiments (DoE), shape modification and 
automatic mesh generation; CFD analysis; optimization 
over the response surface; CFD analysis for confirma-
tion. These steps are controlled by DAKOTA (Design 
and Analysis Kit for Terascale Applications). 
Firstly, design of experiments (DoE) is performed using 
DAKOTA, where distribution of design variables (i.e. 
characteristic values of the propeller shape) is defined. 
Propeller shape is defined in ASCII formatted file, 
which is convenient for DAKOTA to handle. Then 
automatic mesh generation using Gambit and TGrid is 
performed to each deformed propeller. Secondly, CFD 
is performed for deformed propellers using OpenFOAM. 
Thirdly based on the design variables and CFD results, 
the response surface is constructed, where the optimiza-
tion process by DAKOTA works, and then finally CFD 
analysis for confirmation is done. The whole process is 
installed on virtual Linux OS on Windows for usability 
of usual designers. 

Design Variables and Objective Functions 

The objective functions are the thrust and torque gener-
ated by a propeller. Optimization goes toward lower 
torque and larger thrust, that is, higher propeller effi-
ciency. The design variables to be optimized is propeller 
shape such as the expanded area ratio, the pitch ratio, 
section shapes etc., which can be varied according to the 
problems or design conventions of the expert. Further-
more, some constraints are to be put on design variables 
and objective functions in order to discard designs 
which do not satisfy requirements. 
Generally in the actual propeller design, required thrust 
or power of the propeller acting behind the ship is speci-
fied. However in the present work, the system construc-
tion for controlling shape modifications and performing 
CFD calculations is focused on, so that the constraints 
on these values are omitted for simplicity. Of course, it 
can be realized if the script which confirms that the 
thrust and power satisfy required values, e.g. ship speed 
and EEDI, is employed after the CFD phase. 

Design of Experiments 

In this step design variables are sampled based on Latin 
Hyperbolic Sampling (LHS) using DAKOTA v5.2, 
which is an OSS. Propeller shape deformation corre-
sponding to distributed design variables is done by edit-
ing a text file which defines propeller shape. Before 
proceeding to mesh generation, only the modified pro-
pellers that satisfy the constraint on propeller shape or 
design variables are selected. 

CFD Set Up 

Gambit and TGrid are employed for surface and volume 
mesh generation respectively. Due to the periodicity of 
propeller blades, the computational domain is 1-blade 
model with periodic boundary condition as shown in Fig. 
3. Each mesh consists of tetrahedral and prism cells and 
contains approximately 0.9 million cells, thought to be 
suitable for daily design use. Fig. 4 shows the surface 
mesh of a propeller blade. 

Fig. 1: Workflow of Propeller Design 



The CFD analysis itself is performed using OpenFOAM 
v1.7.1, which also is an OSS so that it has an advantage 
of executing the parametric study widely and in parallel. 
The solver is MRFSimpleFoam which can consider both 
incoming flow and rotational flow. The k-  SST model 
is employed for a turbulence model. 
Only the propellers which satisfy constraints proceed to 
this CFD stage. The solver outputs estimated values of 
thrust and torque per one blade in text format. DAKO-
TA automatically fetches these values to make a table 
where design variables and corresponding objective 
functions are arranged.  

Fig. 2: System Overview 

Fig. 3: Computation Domain 

Fig. 4: Surface Mesh 

Creating Response Surface 

CFD results based on DoE sampling are distributed 
discretely in the variable space. It is necessary to ex-
press the relationship between design variables and 
objective functions continuously, i.e. the response sur-
face, in order that the optimization process works. The 
response surface is constructed with the table created in 
the CFD stage and Gaussian process regression is em-
ployed. 

Optimization 

Optimization is performed on the response surface. As 
the objective functions are multiple, Multi Objective 
Genetic Algorithm (MOGA) is adopted. Using MOGA 
leads to a pareto front which is a group of optimized 
solutions on the response surface. 

CFD Analysis for Confirmation 

Objective functions obtained through the MOGA pro-
cess are not estimated values with CFD but approximat-
ed values on the response surface. In order to check the 
exact values of objective functions for the optimized 
candidates, again CFD mesh generation and analysis are 
executed. Finally the optimized propeller shape and its 
performance are obtained. 

Application

Test Case 

In this section an example of this optimization system 
applied to a propeller is presented. Principal dimensions 
and schematic view of this propeller is shown in Table 1 
and Fig. 5 respectively. In this test case, design varia-
bles which represent the propeller shape to be optimized 
are expanded area ratio, radial distribution of mean 
pitch and that of maximum camber. As for distributions 
of mean pitch and maximum camber of the prototype 
propeller, they are approximated as quartic functions of 
radial position, that is; 

max camber 
4
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k
k xa , mean pitch 

4

0k

k
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Rrx / , r : radial position, R : propeller radius 

where each coefficient is adopted as the design variables 
for pitch and camber distribution. Allowable fluctuation 
for design variables are shown in Table 2. 
Constraints are set for the pitch distribution and the 
relationship between camber distribution and blade 
thickness as; 

1. (pitch ratio at r/R=1.0; blade tip) / (maximum pitch 
ratio over the radial distribution) > 0.7 

2.  (maximum camber) / (blade thickness) < 1.0 at 
every radial position 

The number of design variables is 11 so that the total 
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number of samples is to be approximately 156 accord-
ing to the expression; 

nb. of samples : 21 nn

where n is number of design variables. However, the 
total number of samples is set as 290 in case some sam-
ples which do not meet constraints should be discarded. 
This automated system enables such a scale of paramet-
ric study possible which is almost impossible in terms 
of costs with conventional method by hand. 
As for the objective functions, the thrust and torque at 
advance ratio J = 0.5 are adopted and to be maximized 
and minimized respectively. 

Table 1: Principal Dimensions of Prototype Propeller 
item unit value 
Blade number [-] 5 
Diameter [m] 6.25 

Table 2: Allowable Fluctuation for Design Variables 
(against Prototype Propeller) 

variable max min 
Ae +10% -10% 
ak (k = 0 ~ 4) +2% -2% 
bk (k = 0 ~ 4) +10% -10% 

Fig. 5: Schematic View of Prototype Propeller 

Results and Discussions 

The distribution of design parameters sampled accord-
ing to LHS is shown in Fig. 6, where the distribution of 
pitch ratio (H/D), expanded area ratio (Ae) and the max-
imum value of camber (Fmax) is represented by that of 
radial position r = 0.7R. Thanks to LHS, efficient para-
metric study is enabled. 
While the designated number of samples is 290, the 
number of samples which satisfy constraints is 146. It is 
considered sufficient in comparison with the number of 
design parameters. Fig. 7 shows the relationship be-
tween some representative values of the propeller shape 
and objective functions on the results of the parametric 
study. It is found that the value of maximum pitch and 
its radial position, and pitch ratio at blade tip are domi-
nant over objective functions. 
The constructed response surfaces based on the CFD 
result for each sampling point are shown in Fig. 8, 
where design parameters are the pitch and camber rep-
resented in the same way as is Fig. 6. It is found that the 

thrust and torque has an opposite tendency to each other 
against the pitch and camber. 
Optimization with MOGA is performed on these re-
sponse surfaces. Result of the optimization is shown in 
Fig. 9 where objective functions, torque and inverse of 
thrust, are adopted as plot axes. It is found that the 
torque and thrust have a trade-off relationship. The 
optimization process goes toward the direction of origin 
on this hyperbolic distribution of objective functions. 
Fig. 10 shows the pressure distribution on the back side. 
Each of them shows the familiar pattern.  
Table 3 shows the variation of design variables against 
the prototype propeller and the efficiency improvement. 
As a result, the case where the propeller performance 
improves approximately 1% is observed, which means 
that efficient parametric study and optimization tech-
nique can help to find the room for improvement in 
propeller performance even though the design concept 
itself is conventional one done by experts by hand. It is 
expected that further improvement is to be realized 
introducing good combination of design variables, ob-
jective functions and constraints into this design system. 
However, because a propeller is required not only to be 
more efficient but also to have less cavitation, it is 
needed that the evaluation routine of the propeller cavi-
tation is introduced to this design system, which is a 
task for the further study. 

Fig. 6: Distribution of Propeller Models (Expanded 
Area Ratio : Ae, Pitch Ratio : H/D and Maxi-

mum Camber : Fmax at r/R = 0.7) 

Fig. 7: Correlation of Propeller Dimensions and Ob-
jective Functions 



Fig. 8: Response Surface based on CFD Results (Pitch 
Ratio : H/D and Maximum Camber : Fmax at 

r/R = 0.7) 

Fig. 9: Pareto Front 

Fig. 10: Comparison of Pressure Distribution 

Table 3: Variation of Design Parameters and Attained 
Efficiency Improvement for the Propellers on 
Pareto Front (against Prototype Propeller) 

case no. C13 C23 C33 
Ae -2.7% -4.9% -2.7% 
a0 0.7% 1.0% 0.9% 
a1 0.1% -0.7% -0.9% 
a2 0.6% 1.0% 0.7% 
a3 -0.2% 0.5% -0.2% 
a4 0.1% 0.5% -0.2% 
b0 -4.8% -1.5% 4.0% 
b1 -0.1% -3.3% -0.3% 
b2 -0.9% -0.5% 1.2% 
b3 4.3% 4.4% -2.3% 
b4 4.5% 0.6% 1.8% 
efficiency -2.3% -0.2% +1.1% 

Conclusions

An propeller design optimization system was construct-
ed using DAKOTA and OpenFOAM. This system per-
forms automatic shape deformation based on DoE sam-
pling, mesh generation, CFD analysis, building response 
surface based on CFD results and optimization using the 
genetic algorithm. It was confirmed that father im-
provement in propeller performance can be obtained 

with this system. Further improvement should be done 
to take account of the cavitation estimation. 
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Abstract 

A critical aspect in the operation of special purpose research 
vessels is the interference by the flow over the hull and propel-
lers with acoustic sensors. Low noise propellers are designed 
for these vessels that have delayed cavitation inception char-
acteristics allowing the propeller to operate free of cavitation 
for a specified operational speed range. These propellers are 
often designed and tested on model scale for ideal trial condi-
tions. In reality, however, the low noise characteristics of the 
ship and propellers are substantially influenced by the opera-
tional conditions that the ship experiences. Serious downtime 
is for example to be experienced when the sonar equipment is 
disturbed by air bubbles.   
 
In this paper first an overview and discussion is made on the 
approach in low noise propeller design and the effect of oper-
ational conditions on the design. It is further shown how 
model tests in waves carried out in a depressurized towing 
tank provide valuable insight in the performance of the pro-
pellers in operational conditions. Furthermore, other typical 
issues such as bubble sweep down as a source of malfunction-
ing of the echo sounders can be investigated. 

Keywords 

Propeller design, cavitation inception, bubble sweep 
down 

Introduction 

Research vessels are difficult to categorize in standard 
categories. To exaggerate a bit, one could say that they 
are a cross-over of the hull of a supply vessel and the 
instrumentation of a navy vessel. They look very com-
mon from the outside but are equipped with most sonar 
or acoustic equipment. It is said that among shipbuilders 
they have the reputation of vessels that can either save 
the yard or make them go bankrupt. That has everything 
to do with the difficulty to calculate the costs for such a 
vessel as there is in general limited experience building 
these vessels. These vessels are often one-off’s. Besides, 
it is not always known which measurements have to be 
taken in the design of the vessel to enable it to have a 
reliable operational profile. A couple of things play a 
role here, varying from bubble sweep down at the bow 
and the design of the structure with regard to inboard 
noise generated by the engines, up to the noise gener-
ated by the propeller. 

Vessels relying on underwater acoustic communications 
systems, sonar operations, and other forms of acoustic 
exploration require noise from the vessel to not interfere 
with operations. Vessels and platforms operating in 
environmentally sensitive areas may also require lower 
levels of underwater noise to meet desired or imposed 
criteria; requirements for limiting underwater noise 
radiation are being applied to new vessel and platform 
constructions by owners. Also excessive noise produced 
by fishery research vessels may alert fish and other sea 
creatures to the ship’s presence, thereby interfering with 
obtaining the research objectives. The EU included 
underwater noise from shipping in its definitions of 
Good Environmental Status which need to be monitored 
in the near future. Typically the propellers of research 
vessels will be designed with low noise requirements 
such as the DNV Silent-A/S/F/R/E rules and therefore 
the propeller radiated noise is to be investigated in the 
design phase of the vessel. However, real operational 
conditions, such as a Sea State 4 or beyond are often not 
considered in the design process. Is this due to lack of 
knowledge or will other factors such as bubble sweep 
down limit the operability? It is considered that with 
distinctive design checks by means of cavitation tests in 
waves and bubble sweep down tests in heavy weather 
conditions the operability of these types of vessels can 
be enhanced.  
This paper addresses the considerations of adverse 
weather conditions in the operation and design of low 
noise propellers and experimental investigation of pro-
peller cavitation and bubble sweep down over the hull 
that can result in increased downtime of research ves-
sels. In view of concerns of the rise of background noise 
levels in the oceans due to the increase in shipping, the 
techniques described in this paper can also be applied to 
evaluate and mitigate the noise due to propeller cavita-
tion for other ship types like merchant ships. 

Propeller cavitation inception 

The propellers of research vessels with underwater 
noise restrictions require a distinctive design focused at 
a delay of the inception of cavitation. An important 
instrument in the evaluation of propeller designs is the 
cavitation inception diagram. This diagram maps the 
different types of cavitation that develop on a propeller 
as functions of the propeller loading and the cavitation 



number. Common approaches are to use the thrust or 
torque coefficients KT and KQ or the advance ratio J 
versus the cavitation number n based on the rotation 
rate of the propeller n, defined by: 

 
 (1) 

The cavitation inception diagram also shows one or 
more operational curves representing the behaviour of 
the propeller in terms of its loading and cavitation num-
ber variations in typical sailing conditions of the ship 
such as trial and service conditions. Usually these op-
erational curves are determined from model propulsion 
tests. In case of fixed pitch propellers, the propeller 
rotation rate increases with increasing ship speed and 
the operational curve follows a steep vertical slope as 
the thrust coefficient does not vary too much with in-
creasing speed except for speeds above which the wave 
resistance becomes more dominant. From a cavitation 
inception diagram the cavitation inception behaviour of 
the propellers of a ship can be read for the different 
sailing conditions. For increasing ship speed, the first 
instance of cavitation is found at the first crossing of the 
operational curve with one of the cavitation type curves. 

 
Fig. 1: Schematic cavitation inception diagram  
        (merchant ship with fixed pitch propeller) 

Fig. 1 shows a typical cavitation inception diagram of a 
fixed pitch propeller of a merchant ship that is common-
ly designed with optimum propulsive efficiency in 
mind. For these types of propellers the first occurring 
type of cavitation usually is sheet or tip vortex cavita-
tion at the suction side (SS) of the propeller blades de-
pending on the specific design and wake field quality of 
the ship. Propellers that are designed for optimum effi-
ciency have radial loading distributions with considera-
ble tip loading that lead to early inception of the tip 
vortex. The centre of the tip vortex cavitation bucket, 
see Fig 1, is located more to the left of the operational 
curve. Sheet type cavitation, developing along the lead-
ing edge of the propeller blades, depends much on the 
depth of the axial wake peak of the ship and quality of 
the design of the sectional profiles of the propeller 
blade. Cavitation at the pressure side (PS) of the blade is 

usually designed to be absent for the entire operational 
speed range of the ship as is desirable for the reason of 
preventing cavitation erosion occurring on the propeller 
blades but also to achieve a high efficiency. Unloading 
of the leading edge region is only applied to moderate 
the extent of the cavitation at the suction side of the 
propeller blades. Other types of cavitation such as cavi-
tation at the propeller blade root or mid-chord bubble or 
cloud type cavitation are typically not found on these 
propellers. 
In Fig. 2 a typical cavitation inception diagram is shown 
of a propeller that is optimized for low noise operations. 
For these propellers most notably the inception curves 
for pressure side and suction side tip vortex cavitation 
are oriented more or less symmetrically around the 
operational curve to achieve an optimum delay of incep-
tion for this type of cavitation for the selected sailing 
condition. A similar symmetry of the inception curves is 
found for sheet type cavitation that point at a low load-
ing and ‘shock free’ or suction pressure peak free entry 
of the flow at the leading edges of the blade sections. 
Besides this optimum orientation of the curves a further 
quality of the cavitation inception characteristics can be 
read from the width of the cavitation buckets for a con-
stant cavitation number. The wider the cavitation buck-
ets the less sensitive the propeller is to inception of 
cavitation due to loading and submergence variations in 
service conditions as schematically shown in Fig.2. 

 
Fig. 2: Schematic cavitation inception diagram  

        (vessel with low noise propeller) 
In a cavitation inception diagram relevant types or loca-
tions of cavitation can be represented by their inception 
curves. These diagrams therefore can also be a useful 
instrument for the propeller designer to improve the 
design further by addressing the most critical types of 
cavitation. Different curves can represent the onset of 
sheet cavitation at different radii of the propeller blade. 
Different curves for vortex cavitation (local, trailing or 
leading edge) can differentiate between origin and be-
haviour of propeller tip vortices (Kuiper et al, 2006). A 
designer can apply design strategies to weaken or elimi-
nate the vortex formation. Thus, by specifying different 
curves in the diagram, additional information can be 
provided on the strength of these vortices and the order 
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in which they start cavitating as a function of the propel-
ler loading and ambient pressure. 

Established propeller design techniques 

In the 80’s and 90’s of last century, the investigation 
and development of propeller design techniques that 
could delay the inception of cavitation on ship propel-
lers was the subject of various research programs. In a 
cooperative research program between the US Navy, the 
Royal Netherlands Navy and MARIN, techniques and 
experiences have been developed in the design of blade 
section profiles with improved cavitation inception 
properties. Before that time, ship propellers were usual-
ly fitted with airfoil profiles from the NACA series like 
the well known NACA 16 and NACA66(mod) thick-
ness distributions combined with the NACA a=0.8 cam-
ber line. In the project, propeller designs were designed 
with special profile designs. Compared to the classical 
NACA profile chordwise thickness and camber distribu-
tions, these profile shapes typically show the maximum 
of the thickness shifted forward towards the leading 
edge and the maximum of the profile camber shifted 
backward.  With these new profiles and new design 
procedures based on unsteady lifting surface calculation 
methods, a demonstrator propeller was developed that 
was tested at sea.  
Since then, the design of special profiles has been fur-
ther refined and automated so that non-conventional 
‘tailored’ sectional profiles could be readily designed 
for propellers for all types of ships where comfort and 
under water noise are important, see Dang (2004). An 
example of the application of a profile optimization 
technique using parameterized profile shapes and 2D 
potential theory is shown in Zondervan & Holtrop 
(2000). Using these design techniques, significant im-
provements of the cavitation free range of propellers 
have been made possible, leading to the situation that tip 
vortex cavitation became the more critical cavitation 
type. This spawned further research in the field of tip 
vortex cavitation and techniques to delay its inception in 
the mid 1990’s, Kuiper (2006). Still in the pre-CFD era, 
in another cooperative research project, a series of 2-
bladed model propellers with systematically varied 
geometry parameters were tested in a cavitation tunnel. 
These variations went beyond the well known and effec-
tive techniques of reduction of tip loading or increasing 
the number of blades to delay tip vortex cavitation in-
ception. From the cavitation tests the most influential 
geometry parameters were determined that affect the 
formation of tip vortices and the inception of the tip 
vortex core. These results were again incorporated in 
the design of a demonstrator propeller that was studied 
during sea trials. These tests confirmed that several 
design features are effective in reducing the underwater 
noise due to tip vortex cavitation. These are: 

 A low skew of the leading edge of the propel-
ler blade. High skew propellers with unloaded 
tips tend to accumulate vorticity along the 
leading-edge and shed leading edge vortices 
more readily than low skew alternatives. 

 An elongated tip chord compared to traditional 

blade designs.  
 An enlarged profile thickness at the tip com-

pared to blade designs with a thickness of 
about 0.5 per cent of the diameter. Together 
with the elongated tip chord, pressure gradi-
ents along the tip can be reduced, influencing 
the vortex formation process. 

These features are typically seen nowadays in design of 
low noise propellers, resembling the planform of nozzle 
propellers, see Fig 3. 

 
Fig. 3: Typical blade contour of a low noise  

propeller 

Cavitation inception in operational conditions 

The diagrams presented so far illustrate the cavitation 
inception behaviour for ships in ideal (trial) conditions, 
which is of course a great simplification of reality. The 
exact moment of inception of cavitation and the start of 
increased underwater noise generation is influenced by 
a multitude of mechanisms such as the condition of the 
sea water, the condition of the propeller and the envi-
ronment in which the propeller is working. Van 
Rijsbergen (2016) provides an overview of physical 
aspects related to the inception of sheet cavitation such 
as the nuclei content of water, the surface roughness of 
the propeller and boundary layer turbulence. The influ-
ence of sea waves and ship motions on the propeller 
cavitation performance have been recognized already 
since the early 1970’s, see Van Sluijs (1972). However, 
at that time, no follow up could be made in terms of 
new design approaches to account for operational condi-
tions in the cavitation inception behaviour. This was 
hardly surprising given the state of art of propeller de-
sign at that time, with very limited computational re-
sources and limited accuracy of propeller analysis tools 
and wake field data. 

At the end of the last century, attention recurred to the 
subject of cavitation inception in operational conditions. 
Investigations were made of the full scale cavitation 
inception performance during sea trials with hydro-
graphic research vessel HNLMS Tydeman of the Royal 
Netherlands Navy, see Verkuyl and Van Terwisga 
(2000). It was found that the cavitation inception speed 
of this vessel was substantially reduced by the influence 
of the effects of waves and ship motions. This result 
spurred further research on ways to influence the pro-
peller cavitation of a low noise controllable pitch pro-
peller in operational conditions, see Vrijdag (2009).  

In the specifications of today’s research vessels the 



influence of operational conditions on the underwater 
noise can be considered. The noise requirements are 
given in terms of a maximum allowed noise level spec-
trum at a specified speed profile and sea state. These 
requirements pose more stringent requirements for the 
cavitation free range for which the propellers of these 
ships need to be designed. For the propeller designer 
and ship operator, it could be very clarifying to visualize 
the operational performance in a cavitation inception 
diagram. In Fig. 2 it is schematically shown how the 
variations of ship speed, propeller rotation rate and the 
submergence of the propeller result in variations of the 
operational curve (indicated by oval shapes) for an as-
sumed sea state and reaction of the ship. Obviously, the 
response of ship and propeller will consist of an ampli-
tude spectrum and variations are simply indicated by 
their supposed maximum statistical amplitude. From the 
diagram it can be concluded that the fulfillment of the 
noise requirements in operational conditions could be a 
much more difficult task. Instead of focusing at a single 
design condition along the trial curve the challenge 
becomes to design the propeller such that wide cavita-
tion buckets for the sheet and tip vortex cavitation are 
achieved. Increasing the bucket width requires the ap-
plication of the design techniques as discussed earlier 
and assessing their effect for a range of off-design con-
ditions. Thus, modern day propeller design is evolving 
in seeking the solution of a multi-point multi-objective 
design optimization problem. With ever increasing 
computer power, the solution of these problems is be-
coming feasible for day to day propeller designs. 

Numerical optimization for operational conditions 

Indispensible for any successful propeller design opti-
mization scheme are of course the methods that can 
generate accurate predictions of the objectives in a de-
sign optimization. The cavitation inception diagrams 
discussed in the previous sections link to the pressure 
distribution and in particular the local pressure minima 
that develop in the flow around the propeller.  
In today’s propeller designs, boundary element (BEM) 
or panel codes are currently the most accurate and time-
wise realistic prediction tools for the analysis of propel-
ler flows. At MARIN the BEM code PROCAL has been 
developed for the Cooperative Research Ships consorti-
um for the purpose of analyzing the unsteady, cavitating 
flow over ship propellers (Vaz & Bosschers (2006), 
Bosschers (2009). This code that is used on a daily basis 
allows the calculation of pressure fluctuations on the 
propeller blade surfaces in the wakefield of the ship and 
models the dynamic variation of sheet cavitation as 
well. For the purpose of cavitation inception predictions 
the suction peak results can be readily obtained from 
these codes, with the knowledge that inviscid potential 
flow codes (Reynolds number is infinite) tend overesti-
mate the pressure peaks and therefore lead to somewhat 
conservative predictions of the cavitation inception. 
Besides being located on the surface of the propeller 
blade, local pressure minima also occur in the flow field 
inside the cores of vortices. Accurate prediction of these 
local pressure minima is much more challenging. The 
modeling of leading-edge or tip vortices in BEM codes 

is quite artificial and not implemented in PROCAL. A 
logical step would be to predict the tip vortex cavitation 
inception using the RANS codes (CFD) because 
vorticity and vortex formation is an integral part of the 
solution of these methods, see Fig. 4. 

 
Fig. 4: Tracing the core of a propeller leading edge 

tip vortex. 
However, the tip vortex is still very difficult to compute 
by means of current RANS modeling, see Windt (2015). 
Global quantities, such as KT and KQ can be determined 
fairly accurately. However, in CFD the pressure and 
velocity fields inside the vortex are much more sensitive 
to choices regarding the computational grid, see Fig 5. 
and the turbulence modeling. Firstly, strong variations 
in velocity and pressure occur over short length scales 
inside the vortex. Therefore very fine computational 
grids are locally required in order to fully capture the tip 
vortex as shown by Windt (2015). Secondly, the current 
two-equation turbulence models used in RANS, such as 
the widely-used k-ω SST model are not well suited to 
compute vortices. Inside the vortex those models predict 
too much radial diffusion of kinetic energy due to turbu-
lence. This leads to a strong increase in pressure in the 
vortex core as it move downstream, which is not seen in 
reality, see Fig.5. 

 
Fig. 5: Minimum pressure in the core of the vortex 
on a rectangular wing ( -computed for different grid 

densities and □ measured), from Windt (2015). 
Besides being probably not accurate enough to predict 
the inception of tip vortex cavitation, calculation times 
of CFD are still too long for practical application in 
optimization schemes. Recently, a practical method has 
been developed for the prediction of broadband hull 
pressure fluctuations and underwater radiated noise due 
to cavitating tip vortices. The method, called the ETV 
(Empirical cavitating Tip Vortex) has been developed 
for the Cooperative Research Ships consortium by 
Bosschers and some results for the underwater radiated 
noise are presented by Lafeber and Bosschers (2015). 
The model is inspired by the original TVI model by 
Raestad (1996) that was originally developed for the 



prediction of inboard noise. The ETV model is semi-
empirical in the sense that the empirical model is based 
on measured hull pressure spectra (full scale and model 
scale) and to very limited extent full scale measured 
underwater noise data and uses as input the computed 
circulation near the blade tip calculated by potential 
flow code PROCAL. The ETV model therefore directly 
relates the flow computations of PROCAL to the un-
derwater noise and circumvents the difficult problem of 
calculating the vortex core pressures. 
In the design of propellers for ships with low radiated 
noise or comfort requirements, a trade-off between 
propulsion efficiency and noise generation or propeller 
(cavitation) induced hull pressure fluctuations is made. 
A classical design problem is how to distribute the load-
ing radially and choose the extent of the tip unloading. 
An equal sensitivity could be attained regarding the 
inception of tip vortex cavitation at the suction side and 
the pressure side of the blade tip, which is reflected by 
the symmetric orientation of the tip vortex cavitation 
bucket curves relative to the operational curve, see Fig 
2. This can be achieved by designing a fully unloaded 
blade tip for the circumferentially averaged wake field. 
From numerous experiments on the inception of tip-
vortex cavitation a simple design rule has been derived 
involving the tip pitch to diameter ratio P1.0/D: 

 
 (2) 

where J is the advance coefficient, P1.0/D is the tip-pitch 
ratio. By designing such an unloading of the blade tips 
in a propeller a substantial amount of propulsive effi-
ciency will be sacrificed. For reasons of efficiency, the 
question therefore is to find a reasonable loading of the 
tip that will fulfill the specified noise or comfort re-
quirements.  
Nowadays, automatic optimization schemes can be 
applied in daily practice to explore propeller design 
spaces. To illustrate this, an example to optimize a pro-
peller with regard to noise generation is shown here. In 
this case an evaluation of the feasibility or solution 
space consisting of two objectives is sought. These 
objectives in this case are the propulsive efficiency 
calculated by PROCAL and the maximum underwater 
noise level computed by the ETV method. A Pareto 
optimal solution has been sought by application of the 
well known NSGAII (Non-Dominated Sorting Genetic 
Algorithm II). In a multi-objective optimization prob-
lem the Pareto front curve defines all solutions from 
which the designer can select the most appropriate solu-
tion for the specified objectives while simultaneously 
providing information to quantify the trade-off between 
the conflicting objectives. For each Pareto front design 
is no improvement of an objective possible without 
worsening another objective. Fig. 6 shows such a Pareto 
front solution that was obtained from a non exhaustive 
optimization using the NSGAII optimizer that was cou-
pled to a propeller geometry generator and BEM code 
PROCAL, see Foeth (2015). In this case a parent stock 
propeller that was designed for a research vessel was 
selected and the radial pitch distribution was parameter-
ized by means of Bézier curves into optimization design 

variables. 

 
Fig. 6: Pareto front of propeller designs 

The optimization was done for a fixed propeller design 
point with prescribed engine rotation rate, propeller 
thrust and ship speed. Each propeller features similar 
surface paneling settings.  
Indicated in Fig. 6 by the black circle is the reference 
(parent) propeller design. Propeller designs 1 and 2 are 
the propellers with the highest efficiency and lowest 
underwater noise level, respectively. Propeller design 23 
features the same noise level but at a higher propulsive 
efficiency. By only varying the pitch distribution, 
PROCAL already predicts an efficiency improvement of 
more than 1 per cent. 

 
Fig. 7: Radial pitch distribution curves 

In Fig. 7, the radial pitch distributions are shown for the 
mentioned propeller designs. The figure illustrates the 
clear differences in these distributions and shows the 
rather subtle changes between the propeller 23 and the 
reference propeller which led to the improvement. 
Finally in Fig. 8 a plot is presented of the variation of 
the pressure minima at the pressure and suction sides of 
the propeller blade. The pressure minima in terms of the 
CPN pressure coefficient are plotted against the propul-
sion efficiency calculated for the selected design condi-
tion. Here, CPN is defined by: 

  (3) 

In this particular example no refinements of the profile 
section design were made, but the results show that 
while only a criterion for the tip vortex noise was used 
and cavitation inception and noise were not considered, 
the designer can still make a choice and select a design 



that has low leading edge suction peak levels. 

 
Fig. 8: Radial pitch distribution curves 
This simple example illustrates the prospects and power 
of using multi-objective optimization in demanding 
propeller designs such as those for low noise research 
vessels. Such simplified optimizations can be applied in 
practice, supplementary to the regular propeller design 
process. In more extensive optimizations a much larger 
series of parameters of the propeller geometry will have 
to be varied, widening the design space such that objec-
tives can even be improved more. For instance the in-
troduction of operational or off-design conditions from 
an optimization point of view is quite straight forwards 
and just means adding a number of conditions to be 
analyzed. However, the flow and cavitation behaviour 
of a propeller in off-design conditions is 
hydrodynamically very complex and hard to calculate. 
Future developments will focus on better understanding 
of the unsteady cavitating flow around propellers oper-
ating in off-design conditions and ways to improve and 
validate propeller analysis tools. Experimental investi-
gations of these conditions are currently being planned 
for that. 

Experiments in simulated operational conditions 

At MARIN, the cavitation inception characteristics of 
propellers are typically determined by means of cavita-
tion observation experiments in its depressurized towing 
tank facility. This test facility was built in the first half 
of the 1970’s and known until recently as the Depres-
surized Towing Tank (DTT) or Vacuum Tank, see Fig. 
9. The facility was renamed to the DWB after recently 
being modernized and fitted with wave generators. In 
this unique facility, cavitation experiments can be per-
formed with propeller models that experience the un-
steady inflow due to the wave influence and wave in-
duced ship motions. Large ship models can be used in 
combination with waves to generate a dynamic axial 
and transverse wake field of the ship hull. Using this 
facility the influence of simulated operational conditions 
on propeller performance such as the ventilation phe-
nomenon can be investigated as shown by Hagesteijn 
(2013). Typically, load variations are measured on key 
blades fitted with force transducers, which serve as 
input for engine failure simulations. The typical condi-
tion for cavitation tests in the DWB is achieved by ap-

plying “Froude scaling”; both for the rotation rate of the 
propeller and the atmospheric pressure. This condition 
can only be realized in the Depressurised Towing Tank, 
or in a cavitation tunnel with a free surface. 

 
Fig. 9: Waves in Depressurized Wave Basin (DWB) 
 
It is generally accepted that the inception of vortex 
cavitation is influenced by viscous scale effects due to 
which it is delayed in model scale tests. The scaling rule 
used at MARIN follows McCormick (1962) but with an 
adjusted coefficient for the Reynolds number dependen-
cy (m= 0.35). Even though the scaling rule for cavita-
tion inception is well know, the consequence of the 
delayed inception at model scale on cavitating vortex 
noise is much less clear. The procedure that is currently 
in development at MARIN uses an adjustment (reduc-
tion) of the cavitation number in combination with em-
pirical scaling rules for vortex cavitation noise as used 
in the previously mentioned ETV-model. The change in 
cavitation number is obtained from an analytical solu-
tion of a cavitating Lamb-Oseen vortex as given by 
Bosschers (2009) and depends on the cavitation number, 
the cavitation inception number and the Reynolds num-
ber scaling for cavitation inception. The method predicts 
near cavitation inception large scale effects on the cavi-
tation noise spectrum while for fully developed vortex 
cavitation the scale effect is negligible. An example of 
the application of the method to model scale noise 
measurements including comparison to full scale data is 
presented by Lafeber & Bosschers (2016). A review of 
various scale effects for hull pressure fluctuation meas-
urements is given by Bosschers & van Wijngaarden 
(2012). 

Bubble sweep down 

One of the reasons for the downtime of a research vessel 
could be a malfunctioning of the sonar equipment. The 
sonar equipment can be disturbed by the presence of air-
bubbles under the sonar-dome (Fig.10, Delacroix, 
2016). The bubbles can cause reflection, a modification 
of the speed of sound or absorption of the radiated and 
retrieved sound. These air-bubbles originate from either 
natural sources like breaking waves, rip currents, rain 
drops, sea life or gas hydrates (Sebastian , 2001) or from 
the ship motions due to breaking bow-waves or keel 
slamming. In Fig. 11 the bubble density as a function of 
the wind speed is given (Walsh & mulhearn, Oceans 
1987). From this figure it can be seen that below wind 
speeds of 6m/s very little bubbles will be present due to 
wind and that with increasing wind speed the bubble 



density will rapidly increase, but will also vary. 

 
Fig. 10: Blind (top) and working sonar measurement 

signal by Delacroix (2016) 
Thus, in young, wind driven seas with strong winds, the 
bubble density can be rather large and may already have 
an impact on the functioning of the sonar equipment. 

 
Fig. 11: Influence of wind speed on bubble genera-

tion. "Bubbled" ping vs wind speed in the layer of 2-
4m under the hull. 

Flatau (2008) reported that small air bubbles can be 
found up to 4 times the significant wave height (Hs) 
under water. These bubbles are encountered in cloud-
like structures, see Fig. 12. The diameter of the persis-
tent bubbles is between 0-150 μm. Larger bubbles tend 
to rise quickly to the surface and disappear. Neverthe-
less, at the moment of breaking of a wave, large bubbles 
are present in the water and the fraction of air just below 
the water surface can go up to 10% (Trevorrow, 2003). 
In the persistent cloud structures, the air fraction is in 
the order of 10-4-10-6 %. 

 
Fig. 12: Bubble clouds as described by(Flatau, 
Flatau, Zaneveld, & Curtis, 2008). 
When looking at the direction of a single air bubble in 
the water, it was found that a large bubble tends to move 
to regions with a high velocity; a small bubble tends to 
direct towards regions with a low velocity as can be 
seen in Fig. 13 and the formula behind this phenomenon 
is given in the equations below, see de Vries (2001) and 
Gunsing (2004). 

 

 
Fig. 13: Path and wake of a rising bubble A. de Vries 
(2001). 

Bow shape 

The concentration and size of the bubbles that originate 
from slamming or breaking bow waves are a function of 
the ship motion, speed and bow shape. It is therefore 
important to consider the bow shape of the vessel and 
operational speed in the envisaged area of operations as 
early as possible in the design stage. An early assess-
ment of the expected bubble trajectory in the region of 
the sonar dome can reduce the downtime. In this respect 
several studies have shown that a balance between 2 
opposite bow shapes is to be made. A slender U-shaped 
bow form tends to show low radiated bow waves in 
calm water and a more two-dimensional flow over the 
hull. However, in pitch resonant wave conditions, the 
vertical damping is rather low. This results in quite large 
pitch motions with a high risk for keel emergence. On 
the other hand, more V-shaped forebodies will show a 
more three-dimensional flow over the hull and in com-
bination with earlier natural bow wave breaking, which 
will inject more air in the water. However, the vertical 
damping if the hull is larger with less pitch motions as a 
result. 
Flow visualization of the expected air trajectory around 
the sonar dome caused by ship motions is recommend-
ed. This can be done using coloured liquid, however, 
coloured liquid will just follow the flow lines and will 
not take into account the natural rising of air bubbles. 
As an alternative, air can be injected, but in order to 
have a decent rise trajectory, the air density above the 
water should be modelled. This can be done in a depres-
surized towing tank. It should be noted however that the 
injected air should represent the correct size and shape 
of the air bubbles for proper simulation of bubble sweep 
donw. In this field more research is required. 



Concluding remarks 

Designing a successful research vessel requires that the 
actual operational conditions of these vessels are well 
considered. These comprise among others applying a 
silent propeller and avoiding bubble sweep down so the 
sonar equipment can still be deployed up to a typical sea 
state. The latest propeller design techniques enable a 
propeller design with a wide cavitation inception bucket 
to be designed. The key to success is however the con-
trol of the tip vortex. Application of the ETV method 
appears to be a practical way to predict the cavitation 
noise of the tip vortex.  
Model tests in MARIN’s DWB facility are an instru-
ment to verify the propeller design by simulation of 
underwater noise and typical loading variations in oper-
ational conditions. This facility can also be used for 
observation of the trajectories of air bubbles (bubble 
sweep down) at the location of the sonar equipment to 
verify the design of the hull lines. Further knowledge on 
the proper scaling of the air should be developed. 
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Abstract  

The blade root fillets which are the mechanical parts for a smooth 
connection surface between a propeller blade and a flange, have 
strong influences on the performance of propellers from both struc-
tural and hydrodynamic points of view. A few related studies (Sabol, 
1983; Kennedy, et al., 1997) have issued that 3T-T/3 double radius 
section design would be more suitable for increasing CIS (Cavitation 
Inception Speed). However, all surfaces used at the experiments are 
the simple symmetrical, constant chord, uncambered, and untwisted 
NACA foil section and only a planar hub and NACA hub. On the 
other hand, our models are designed for the real CPP (Controllable 
Pitch Propeller) blades and flanges, and experimented for the per-
formance of SCF (Stress Concentration Factor) and CIS as well. All 
generated models are examined through the numerical finite element 
method and the higher-order panel method. 
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Blade root fillet design; nT-T/n section; higher-order panel 
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Nomenclature − /  – Description for double radius section,  is a 
radius of larger circle and /  is a radius of 
smaller circle. ( , ) – Blade Surface which have parameters , . ( , ) – Hub Surface which have parameters s, . 

 – Reference thickness of the section at each chord. 
- Extension unit vector to the center of a larger circle on 

each section. ̂ – Tangential unit vector along the blade in the direction 
of  

 - Normal unit vector of each section 

Introduction 

The propeller designers have paid a great attention to the cavi-
tation which is a source of ship noise and vibration and one of 
main causes of blade erosion. Due to these critical sources, 
there have been remarkable efforts and improvement on the 
blade tip and blade of propellers. But these contributions force 
the remain parts, such as fillet surface, to increase cavitation 
inception speed and also to improve the collapsing behavior of 

the cavities. 
Originally, blade root fillets are developed to reduce stress 
concentration factors, (Sonmez, 2009) and the various classifi-
cation societies recommends the compound radius section 
types for the same structural reason. Ruy (2015) concluded 
that the section 3T-T/3 could reduce SCF most greatly com-
pared to the others. Meanwhile, Kennedy, et al. (1997) evalu-
ated cavitation performance of various section types of fillet 
surfaces. (Single radius, 3T-T/3, 2T-T/2, 4T-T/4, Ellipse) As a 
result, they found out that the critical area for cavitation incep-
tion was from the fillet’s leading edge to 0.2 chord of suction 
side and the specific section (3T-T/3) was the best overall. All 
used in the experiments were simple symmetrical NACA foil 
sections and planar hubs or NACA hub with help of a com-
mercial program. 
This study focuses on how to make the fillet section with nT-
T/m precisely in case of real CPP blades and flanges and finds 
out how much the performance is improved from the hydrody-
namic points of view.  

Blade Root Fillet Design 

This chapter is about a numerical methodology of section 
design and functions’ definition for the chord-wise reference 
thickness. 

 
First, let us summarize the related terms for the design of fillet 
surface. ,  are the target surfaces on which the fillet should 
be distributed. The joint curve in Fig. 1 represents the seam 
curve facing the two adjacent surfaces at the same time. The 

Fig. 1: Key terminologies for fillet design  

(Ruy, 2015) 



joint curve for the propeller leads from the trailing edge (here-
inafter referred to as T.E.) of pressure side via the leading edge 
(L. E.) to the trailing edge of suction side. In case of a fillet 
surface for CPP which are mounted on a flange, it should be 
noted that the curved part of the blade could be limited on the 
joint curve due to its own complexity of geometry (Fig. 2). 
Finally, the section curves are generated possibly utilizing the 
intended cross-section so as to satisfy the constraints, while 
maintaining the continuity of the boundary curves ( ~ ). 
 

 

 
Fig 2: Fillet surface generated on a CPP blade and flange high-

lighted by yellow color using the developed program. 
 

Section Design 

 
Fig. 3: The conceptual outline of 3T-T/3 blade root fillet section 
(Ruy, 2015) 
 
The most basic section type would be a single radius fillet 
section and have been used on the FPP. Its design and produc-
tion is relatively easy but it doesn’t ensure a reasonable SCF 
and could be fragile with cyclic loadings on the surfaces unless 
it has a pretty large radius. In addition, because it has too large 
radius, it may interfere with the inherent hydrodynamic per-
formance of the propeller. To overcome the above limitations, 
compound cross-sections are formed with double radius type, 
and represented by nT-T/m. nT is a larger radius of the section 
and T/m is a smaller radius of the one. The way of construct-

ing the nT-T/m consists of total 5 steps as follows. 
 
Step 1: It’s a process to construct a joint curve shared by a 
blade and a hub surface. 
 

 

( , )⃗ = ,⃗ , ( ) , ( ) 

( , )⃗ = ,⃗ , ( ) , ( ) 

(1) 

 , ( ) in Eq. 1 is the basis function of order  defined on the 
non-uniform knot vector, ,⃗  is a control point and  +1, + 1 are the number of control vertices in ( , ) paramet-
ric directions, respectively. The multi-variate Newton-Raphson 
method is used to figure out the shared vertices ( ∗⃗ =( , ∗⃗) = ( ∗, ∗⃗) ) of two adjacent surfaces along the 
predefined divided regions ( = ( − ) / ) ). The 
interpolation joint curve can be completed with the vertex set ∗⃗, = 0, … , , where  is the total section number for the 
interpolation and the higher the number, the higher the preci-
sion of the curve. 
 
Step 2: It’s a process to generate each point ( ( )⃗) on the  
section of the boundary curve (Fig. 1) for the blade. The point ( )⃗ on Fig. 3 can be obtained, which is on the blade surface 
as far as the reference thickness, the curvilinear distance  in 
the direction of constant value , using Gaussian Quadrature 
method. 
  
Step 3: The reference planar surface can be acquired in this 
step. The corresponding normal vector (Eq. 3) of the reference 
planar surface can be generated by the outer product of two 
vectors,  and ̂  (Eq. 2).  is the normal vector of the blade 
surface at the vertex  ( )⃗, and ̂ is the tangential vector in the 
direction of constant  at ( )⃗.  Note that all the following 
values and derivatives exist on the current reference planar 
surface. 
 

 
= ⃗ × ⃗ ⃗( ) / ⃗ × ⃗ ⃗( ) ,  ̂ = ⃗ ⃗( ) / ⃗ ⃗( )  

(2) 

 = × ̂ (3) 

 
Step 4: This step searches the various vertices needed to com-
plete the corresponding section, such as the center of the larger 
circle with a radius of  and the smaller circle of / , the 
contact point with the hub. ⃗(Eq. 4) is a center point of the 
larger circle that can be reached in the direction of  (Eq. 2) 
and magnitude of  from ⃗ (Step 2). 
 
 ⃗ = ⃗( ) + ( )  (4) 
 
Eq. 5 is needed to find out the intermediate point by rotating   
radian from ⃗ with the help of two basis vectors (    in 
Eq. 5). 
 



 

⃗ ( ) = ⃗ + ( ){ + } 

(5) = ( ⃗( ) − ⃗)/ ( ⃗( ) − ⃗)  = ×  
 
Eq. 5 is used to find the center point of the smaller circle ( ⃗ in 
Fig. 3) having radius /  and the touching point (ℎ⃗ in Fig. 3) 
to the hub. 
 

 
⃗( ) = ⃗ +  − 1 ( ){ + } 

 
(6) 

By varying the value of  , we can get ∗, ∗, and ∗ so that 
the distance between ⃗( ∗) and ( ∗, ∗)⃗ could be the magni-
tude of /  using the multi-variate Newton-Raphson method. 
 
Step 5: While changing the parameter angle (  and ) on both 
larger and smaller circles, it is possible to gather the set of 
offset points and tangential vectors of the desired number. Eq. 
7~8 is derived from Eq. 5~6. Finally, the resultant fillet sur-
face can be constructed using interpolation techniques ex-
plained in Piegl & Tiller (1997). 
  ⃗ ( ) = ( )( − ){− + } (7)  ⃗ ⁄ ( ) = ( ⁄ )( − ){− + } (8) 
 ℎ ,   =   ⃗ − ⃗| ⃗ − ⃗| , = ×  , =  , t = arc length parameter 
 
Ellipse Section: On the other hand, when applying the above 
procedures to the case of the elliptical section, the procedure is 
much simpler. While there is an advantage that ensures the 
infinite continuity at the joint region, unlike the section of 
compound radii, elliptical cross-section may not touch the hub 
surface, when the blade surface and hub surface meet in obtuse 
angle due to the relatively large rakes or skews at the root. The 
elliptical section used in our study was modified to 3T (the 
length of major axis) and T/3(the length of minor axis) to 
overcome the interference problem, different from the one (T-
T/3) offered by Kennedy, et al. (1997). 
 Looking at the specific design scheme, Step 1~3 process is the 
same. There is only one difference that the equation for ⃗ ( )  
is replaced by Eq. 9. 
 
 ⃗ ( ) = ⃗ + ( ⁄ ) + } (9) 
 

Reference thickness function 

 In order to complete the fillet surface, the variant reference 
thickness function should be defined along the chord-wise 
direction. Even though the constant reference thickness func-
tion is commonly used for the FPP in the commercial ships, 
interests in the pressure distribution on the fillet surface have 
been grown recently. Sabol (1983) suggested the relevant 
function (Eq. 10 and Fig. 4) that the maximum value could 
occur at the middle of chord and the value at L.E. and both T.E. 
may have 30% of the maximum. 
 

 

( ) = 2.1 -1.4 + 0.3, 0 ≤ ≤ 1, = ( ) 
 ∈ [0, 0.25] ⇒ = 4  

(10) 

∈ [0.25, 0.5] ⇒ = 4(0.5 − ) ∈ [0.5, 0.75] ⇒ = 4( − 0.5) ∈ [0.75, 1.0] ⇒ = 4(1 − ) 
 

Pressure side  u  Suction side 

Fig. 4: The reference thickness function suggested by Sabol 

 
Our study also suggests 2 types of the function. The 1st type 
(Fig. 5) is the updated version of Sabol’s which can have un-
symmetrical shape by assigning the different maximum value 
(  for pressure side and ∗  for the suction side) and the 
exponent function was taken in order to increase the overall 
continuity instead of the polynomial one of Sabol  
 ( ) = ( . ) + − . , if  ≤ 0.5  
  > 0.5, ⇐ − 0.5, ⇐ ∗  
 
 

(11) 

 
Fig. 5: The updated unsymmetrical thickness function using the 
exponential basis 

 
The 2nd type (Fig. 6) is designed for the CPP having the small 
margin around L.E. and unsymmetrical distribution of refer-
ence thickness function. Most notable characteristic is that 
maximum values of thickness are at T.E. of the blade root 
section. The relevant function is constructed using B-Spline 
curve of 4th order. 
 

 
Fig. 6: 2nd function using B-Spline curve of 4th order 

 

Structural Performance 

As stated above, the original reason for adopting fillet device 
in the overlapping region between a blade and a hub is to re-
lieve the structural stresses concentrated on the interconnected 
region. No studies are reported that which section type of 
blade root fillet is best in terms of SCF ( , Eq. 12), which is 
the ratio of the maximum stress developed around the region, 

, to nominal stress . In common, a larger reduction ratio 
or smaller radius of curvature of the fillet results in a higher 
stress concentration 
 

 =  (12) 

 



Waldman, et al. (2001) studied that circular or elliptical sec-
tions are not optimal to reduce , we will show which section 
lead to minimum SCF among the various sections presented 
above. 
 

Fig. 7: SCF variation vs. nT-T/n double radius fillet section 

 
The symbol “LINE” of x-axis in Fig. 7 indicates case when 
there is no fillet between a blade and hub, and its correspond-
ing  was evaluated by the commercial FEM program under 
the loading case of torsion, tension, and bending, respectively. 
As increasing the  value of − /  section,  values 
decreased and converged at 1.0 when parameter  reached at 3. 
The relation, = 1 indicates that there is no adverse structur-
al effect due to the blended surface, and this state would be 
best and be consistent with the objective. 
For sure, the larger the index  is, the better the section is in 
term of SCF. However, choosing a large  may not be possible 
because of space limitation around the joint region or existence 
of nearby mechanical devices such as the disk on the flange, 
holes for adjustment of pitch. For the several reasons, we can 
say that 3T-T/3 is the most outstanding design in structural 
point of view. 

Hydrodynamic Performance 

The second objective of the fillet design in this study is to 
evaluate the influence of various sections and stream-wise-
varying thickness forms upon the pressure distribution on the 
fillet surface. The pressure modified by introducing alternative 
fillets may serve to delay the inception of fillet cavitation or 
contribute in controlling the collapsing behavior of the root 
cavitation if the local cavitation inception is unavoidable. 
The fillet covers the intersection region of the blade and hub 
surfaces, and hence the abrupt curvature variation is present 
compared to the relatively-flat neighboring surfaces. For this 
reason, the hydrodynamic analysis this region requires denser 
meshes or panels to capture the sharp variation of physical 
quantities like the pressure and velocities. We adopted the B-
Spline-based higher-order panel method of Kim et al. (2007), 
since the method allows the analytic derivation of the velocity 
potential values which is very useful especially in geometrical-
ly-nearly-singular regions like, for example, the fillet or the tip 
region. 
Although the propeller always operates in non-uniform ship-
wake, we only checked the steady (0-th harmonic) pressure 
component. We believed the current method evaluating the 
pressure behavior is equally applicable to the real unsteady 
cases. 
Figures 8-10 show the pressure distribution on the fillet sur-

faces varying the fillet section index n from 2 to 4, respective-
ly. In all figures the stream-wise thickness parameter T are 
selected to be 30(leading edge)-50(mid-chord)-120(trailing 
edge). As is evidenced for the thick root sections the suction 
peak is likely to occur near 10~20% of the chord-length. The 
pressure value in this area may be compared with the vapor 
pressure to check the likelihood of the inception of cavitation. 
The pressure in the aft part of the fillet, near 75~100% of the 
chord is carefully adjusted to avoid the damage caused by the 
collapse of the cavities on the root surface. Usually widening 
or increasing the fillet thickness T in this region helps delaying 
the collapse beyond the trailing edge. Unfortunately, at this 
point when the experimental observation in the cavitation 
tunnel is not yet available, we cannot draw any concrete con-
clusion what will be the best fillet design. This may be report-
ed later. 

 
Fig. 8: Pressure distribution on 2T-T/2 variable thickness fillet 

 
Fig. 9: Pressure distribution on 3T-T/3 variable thickness fillet 

 
Fig. 10: Pressure distribution on 4T-T/4 variable thickness fillet 

Conclusions 

Due to the geometric complexity of the blade and hub in CPP 
unlike the one of the traditional FPP, it is not easy to recom-
mend the appropriate shape of blade root fillet. In this study, 
we presented the method that can construct the various candi-
date designs of blade root fillet under the case of real geomet-
ric blades and flanges keeping the high accuracy.  
In addition, we have evaluated the candidate fillet designs in a 
point of structural and hydrodynamic view. The stress concen-
tration factor of fillet surfaces was investigated under the key 
loading conditions, and the pressure distribution on the fillets 
can be induced using the higher order panel method. 
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Abstract 

This paper describes the feasibility study on numerical towing 
tank applications for Tokyo 2015 CFD workshop (www.
t2015.nmri.go.jp). The applications are Reynolds Averaged 
Navier-Stokes (RANS) equation based simulations to predict 
the performances of resistance and self-propulsion perfor-
mances for the Japan Bulk Carrier (JBC) with and without a 
stern duct, which is one of the benchmark test cases in 2015 
CFD workshop. The numerical grids are generated as three
geometrically similar grid systems - coarse, medium, fine 
grids for the verification and validation (V&V) analysis of 
JBC. The V&V analysis is applied to the total resistance coef-
ficients and self-propulsion parameters as an integral variable 
for both cases with and without a stern duct. The energy sav-
ing effect on the stern duct of JBC is also investigated. The 
numerical results, such as resistance coefficients, trim/sinkage, 
self-propulsion parameters, local wake distributions, wave 
elevation contours and etc., are compared with the experi-
mental data and the good agreement is shown in the compari-
son.

Keywords

CFD Workshop; Japan Bulk Carrier; duct; V&V analy-
sis; resistance; self-propulsion; wave elevation contour

Introduction

For the more precise prediction of the hydrodynamic 
performances around a ship, it has been usually carried 
out by an experiment in the towing tank. However, 
since the Computational Fluid Dynamic (CFD) for ship 
hydrodynamics is matured over the last decade, many 
computational ship hydrodynamic researchers also have 
been making an endeavor to develop the reliable CFD 
tool. As a link to this, the international Workshops on 
CFD in Ship Hydrodynamics have been playing an 
important role, because of providing the various exper-
imental data for the flow around ships in order to vali-
date the CFD code. In the whole history of the series of 
international Workshops on CFD in Ship Hydrodynam-
ics, a modern container hull form such as KRISO con-
tainer ship (KCS, Van et al., 1998) gave a new chal-
lenge to simulate the transom wave field and also self-
propelled condition in the Gothenburg 2000 workshop
(Larsson et al., 2000). The linked CFD Workshop was 

held at Tokyo after 5 years. The topics of the CFD 
Workshop Tokyo 2005 (Hino, 2005) were much broader 
compared to the earlier workshops, i.e., predictions of 
flows and the wave field in the towing condition in still 
water for fixed and free conditions of a model ship; 
double model flows for tanker KVLCC2M; self-
propelled condition for the KCS; flows and hydrody-
namic forces and moments in the obliquely towed con-
dition for the KVLCC2M tanker; and flows and hydro-
dynamic forces in the diffraction condition for naval
combatant DTMB 5415. In the CFD Workshop Gothen-
burg 2010 (Larsson et al., 2010), there were not only the 
comparisons of resistance, self-propulsion performance, 
local flow field in the calm sea, but also the expansion 
of the comparisons in the towing condition in head 
waves; the prediction of added resistance, heave and 
pitch motions in head waves for KVLCC2, KCS and 
DTMB 5415. With regard to the CFD Workshop Tokyo 
2015(Larsson et al., 2015), the target hulls are changed.
The single same hull as in the 2010 workshop and two 
new hulls are used, such as KCS, the Japan Bulk Carrier 
(JBC), the ONR tumblehome ship (ONRT). One among 
the topics of this workshop 2015 is the prediction of the 
local flow and wave fields, resistance and self-
propulsion performance in the calm sea for JBC with 
and without a stern duct. With environmental regulation, 
such as the mandatory adoption of the EEDI measures 
from IMO, becoming the important issues facing the 
shipbuilding industry today, the adoption of JBC with a 
stern duct as an Energy Saving Device (ESD) can be 
noteworthy. 
The present works represent the partial results which 
submitted in 2015 CFD Workshop (Kim et al.,2015) and
investigate RANS simulation to predict the performanc-
es of resistance and self-propulsion performances for 
JBC with and without a stern duct, using the general 
ship hydrodynamic RANS code, WAVIS developed by 
KRISO. WAVIS was originally developed to compute 
the ship wave resistance by potential theory and viscous 
resistance by RANS method for the design of ship hull 
forms (Kim et al., 2002). RANS scheme in WAVIS was 
extended to compute the total ship resistance by adopt-
ing two phase level-set method for free surface treat-
ment and self-propulsion by combining the body force 
propeller (Kim et al., 2007). The brief description of 
numerical methods for WAVIS is presented and the 



computational results and the comparison with the ex-
perimental data provided by 2015 CFD workshop are 
shown in the following.

Computational Methods

Governing Equations and Free Surface Formulation

The governing equations for turbulent free surface flow 
in the present study are the Reynolds-Averaged Navier-
Stokes (RANS) equations for momentum transport and 
the continuity equation for mass conservation. The 
RANS and the continuity equations are expressed in 
integral form for a control volume with a surface 
boundary S.

i i j ij j iS S

d u d u u dS n dS b d
dt (1)

0i iS

d d u n dS
dt    (2)

where is the fluid density, ui=(u,v,w) are velocity 
components in the Cartesian coordinate system, ni is the 
unit normal vector, ij is the fluid stress tensor, and bi is 
the body force vector. All the fluid variables are made 
dimensionless with respect to advancing speed of a ship 
Uo, the ship length L, and the fluid density . The Reyn-
olds number (Re) and the Froude number (Fn), are de-
fined respectively as

oU L
Re , oU

Fn
gL

        (3)

Stress tensor ij can be written using Boussinesq's iso-
tropic eddy viscosity hypothesis as follows.

2
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j i

uu
k

u u
(4)

Here, k is turbulent kinetic energy, ij is the Kronecker 
delta function and e is the effective viscosity, i.e., the 
sum of turbulent eddy viscosity ( t) and the fluid kine-
matic viscosity ( ). For the turbulence closure, the real-
izable k- model (Shih et al., 1995) and the Explicit 
Algebraic Reynolds Stress Model (EARSM, Wallin and 
Johansson, 2000, Kim et al., 2014) are used with Laun-
der and Spalding’s wall function. The discretization of 
the governing equations is carried out by the finite vol-
ume methods. Convection terms are discretized using
Monotonic Upstream Centered Scheme for Conserva-
tion Laws (MUSCL) scheme of the third order, and 
central difference scheme is utilized for diffusion terms.
To ensure divergence-free velocity field, the SIMPLE 
method is employed. The details of the present numeri-
cal methods can be found in Kim et al. (2002). The free 
surface is captured with the level-set method (Sussman 
et al., 1997). In order to obtain an accurate free surface 
solution and stable convergence, the computations are 
executed with a proper fine grid refinement around the 
free surface and with an adoption of implicit discretiza-
tion scheme for the Level-Set formulation. Level-set 
function ,ix t is introduced to define the region of 
air, water, and free surface.

, 0,  if   wateri ix t x

, 0,  if   airi ix t x                              (5)

, 0,  if   free surfacei ix t x
The density and viscosity can be expressed with the 
function of ,ix t as follows:

a w a H

a w a H                 (6)
where, ( w , w ) and ( a , a ) represent the density and 
viscosity for water and air, respectively. H , the 
Heaviside function is defined as 0 1H ,

0 0H , and 0 0.5H H. The details can be 
found in Park et al. (2004).

Lifting Surface Method for Self-propulsion Simulation

The body force distribution into the momentum 
transport equations are used to model the effects of a 
propeller without resolving the detail blade flow. Since 
the effective wake and the propeller loading depend on 
each other, the overall process must be iterative. The 
iterative processes consist of two components, the pro-
peller solver (Lifting Surface Method) and the RANS 
solver. The iterative process can start with the propeller 
analysis using the nominal wake as inflow. Using the 
computed propeller loading, the body force representing 
the propeller in the RANS equations can be calculated. 
The RANS solver computes the total velocity using the 
body force in the previous step. The effective wake can 
be computed by subtracting the propeller induced veloc-
ity from the total velocity field. Finally, the propeller 
solver uses the effective wake as the inflow to compute 
the updated propeller loading. The iterative process 
continues until the change of the mean effective wake is 
less than 10-5. The lifting surface method (Kerwin & 
Lee, 1987) is utilized in the present study. The body 
force distribution is calculated from the instantaneous 
blade circulation distribution suggested by Choi (2000).

Hull Attitude Calculation as Steady Solution

The sinkage and trim of JBC are computed at one com-
putational time step and applied in the succeeding time
step through treatment in the non-inertial reference 
frame, which is performed with an interval of a fifth to 
tenth of the total number of iteration for simulation. For 
a given hull form, the sinkage at the center of gravity 
(CG) is computed using the heave force coefficient in a 
non-dimensional form as
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            (7)

where zC is the heave force coefficient, wS is the wet-
ted surface area of the hull, wlS is the waterline area, 
and Fn is the Froude number. In a similar way, trim is 
calculated using the pitch moment acting on the center 
of gravity of the hull. The trim angle is obtained 
introducing the second moment of inertia of the water-



line area ( wlI ) about the center of gravity as following:

2
0

2
4

1
2y

y

M w w pp
w

M
wlw wl pp

C U S L S
C Fn

IgI L (8)
where 

yMC is the pitch moment coefficient. When the 
sinkage and trim are known, the sinkages at the bow 
(FP), the stern (AP), and the midship (O) of the hull 
form can be obtained in a straight way as

,

,
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                  (9)

Computational Results

Case of JBC with and without Duct

JBC (Japan Bulk Carrier) is a capesize bulk carrier 
equipped with a stern duct as an energy saving device
(ESD). National Maritime Research Institute (NMRI), 
Yokohama National University and Ship Building Re-
search Centre of Japan (SRC) are jointly involved in the 
design of a ship hull, a duct and a rudder. Fig. 1 shows
JBC hull form and a stern duct. Table 1 represents the 
principal particulars for JBC. More details for JBC with 
a stern duct can be found in the website of 2015 CFD 
workshop (www.t2015.nmri.go.jp).
The following cases are simulated for JBC hull form.

Resistance and flow characteristics at design
speed in towing condition with & without a 
stern duct.
Self-propulsion test at ship point in fixed tow-
ing condition with & without a stern duct.

The free surface flow around JBC with and without 
ESD is computed at a model of 7.0 m of which the scale 
ratio to the ship is 40.0 (Reynolds number Re=

67.46 10 and Froude number Fn=0.142).

Table 1: principal particulars for JBC

Main Particulars Full scale
Length between perpendiculars Lpp(m) 280.0

Length of waterline LWL (m) 285.0
Maximum beam of waterline BWL (m) 45.0
Depth D (m) 25.0
Draft T (m) 16.5
Displacement volume (m3) 178369.9
Wetted surface area w/o ESD S0 w/oESD(m2 ) 19556.1
Wetted surface area w/ ESD S0 wESD (m2 ) 19633.9
Block coefficient (CB) /(LPPBWL T) 0.8580
Midship section coefficient (CM) 0.9981
LCB (%LPP), fwd+ 2.5475
Propeller center long location 
(from FP)

x/Lpp 0.985714

Propeller center, vertical location 
(below WL)

-z/Lpp 0.040421
4

Service speed
knots 14.5
Fn 0.142

Fig. 1: Hull form and a stern duct of JBC

Verification & Validation (V&V) Study

Verification and validation (V&V) procedures for the 
estimation of simulation errors and uncertainties are 
followed by Stern et al. (2001). Total resistance and 
self-propulsion parameters (such as KT, KQ, rps, and 
etc.) are used for the integral variables in the V&V pro-
cedure. Grid studies were conducted using three grids, 
such as coarse, medium and fine grid systems. Non-
integer grid refinement ratio 2Gr is selected in the 
current study. The total number of grid points for each 
grid resolution case is presented in Table 2, and the grid 
distributions in three different grids system are shown in 
Fig.2. Table 4 shows the grid convergence of total re-
sistance coefficients ( TC ) for JBC with and without 
duct, where the error E is defined as E(%) = (D-
S)/D 100 and the solution changes between two simula-
tions such as medium-fine and coarse-medium are de-
fined as 1221 SS and 

2332 SS . These solutions 
are used to define the grid convergence ratio,

21 32/GR              (10)

Order of accuracy Gp , correction factor GC , grid uncer-
tainty GU are defined as following,
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where the limiting order of accuracy is estimated using
the formal order of accuracy of the CFD code (i.e.,

2.0thp ). For verification of the solutions, only con-
tributions due to iteration number and grid size are con-
sidered in the simulation numerical uncertainty, SNU ,
because steady-state simulations are performed. (i.e. 

2 2 2
SN I GU U U ). In this study, iteration errors and 

uncertainties are assumed to be negligible in compari-
son to the grid errors and uncertainties for all three grid 
solutions (i.e., I GU U , such that SN GU U ). For the 
case of resistance simulation of JBC with and without a
duct, the obtained grid convergence ratio GR , order of 
accuracy Gp , grid uncertainty GU , error E, the experi-
mental data uncertainty DU , and validation uncertainty 

VU are shown in Table 3. The validation uncertainty 

VU can be calculated from the following equation.



2 2
V SN DU U U          (14)

Since VUE for both cases, total resistances are vali-
dated at the level of 1.345%D and 1.874%D, respective-
ly.

Table 2: Grid information of JBC
Total cell number(Half body)

Coarse grid 0.94M
Medium grid 2.58M

Fine grid 7.73M

(a) (b)

(c)
Fig. 2: Grid distribution; (a) coarse grid, (b) medium grid, 

(c) fine grid

Table 3: Verification & validation of total resistance
Ship RG pG UG%S1 E%D UD%D UV%
W/O ESD 0.062 8.01 0.91 -0.19 1.0 1.345
W/  ESD 0.109 6.40 1.58 -0.09 1.0 1.874

Numerical Resistance Test

In the numerical resistance test for JBC with and with-
out a duct as ESD, the comparisons of the total re-
sistance coefficients, trim/sinkage, local velocity distri-
bution and wave elevation contours with the experi-
mental results are shown in this chapter. The flows 
around JBC are computed at a model of 7.0m of which 
the scale ratio to the ship is 40.0, which Reynolds num-
ber (Re) is 67.46 10 and Froude number (Fn) is 0.142.
Table 4 shows the comparison of total resistance coeffi-
cients (CT) of JBC with and without ESD, and also, 
friction coefficients (CF) and pressure coefficients (CP)
in numerical calculation are shown. The numerical re-
sults give very accurate solutions which the differences 
of CT with experimental results are only below 1% in 
case of medium and fine grid system. Table 5 shows the 
comparison of trim and sinkage of JBC with and with-
out ESD. Values of sinkage and trim in Table 5 mean 
percentage (%) of Lpp and a positive (+) sinkage value 
is defined upward and a positive (+) trim value is de-
fined bow up. The numerical results of hull attitudes 
give the relatively larger differences than the compari-
son of total resistance. It is caused by hull attitude cal-

culation in the non-inertial reference frame, as explained 
in the previous chapter, this method needs improve-
ments. However, Values of trim and sinkage in Table 5 
are expressed in percentage of Lpp, only just millimeter
(mm) in the model scale. So, it has to be considered that 
the differences are very small values.

Table 4: Comparison of resistance coefficients ( 10-3) of 
JBC with and without ESD

W/O 
ESD

Coarse
(S3)

Medium
(S2)

Fine
(S1)

Exp.Data
(NMRI)

CT
E%D

4.598
-7.204%

4.277
0.280%

4.297
-0.187%

4.289

CF 3.191 3.141 3.133
CP 1.407 1.136 1.164
W/ 
ESD

Coarse
(S3)

Medium
(S2)

Fine
(S1)

Exp.Data
(NMRI)

CT
E%D

4.562
-7.014%

4.231
0.751%

4.267
-0.094%

4.263

CF 3.153 3.169 3.116
CP 1.409 1.062 1.151

Table 5: Comparison of trim & sinakge of JBC with and 
without ESD

W/O 
ESD

Coarse
(S3)

Medium
(S2)

Fine
(S1)

Exp.Data
(NMRI)

sinkage
E%D

-0.106
-23.26%

-0.081
5.81%

-0.077
10.46%

-0.086

trim
E%D

-0.202
-12.22%

-0.178
1.11%

-0.170
-5.56%

-0.180

W/ 
ESD

Coarse
(S3)

Medium
(S2)

Fine
(S1)

Exp.Data
(NMRI)

sinkage
E%D

-0.116
-36.47%

-0.088
-3.529

-0.077
9.41%

-0.085

trim
E%D

-0.214
-17.58%

-0.187
-2.75%

-0.171
6.044%

-0.182

Fig.3 shows the comparison of the axial velocity con-
tours at x/Lpp=0.9843 near propeller plane (x/Lpp= 
0.9857) without a duct in the resistance test. In the Fig.3,
the left side is from the experimental measurement, and 
the right side from the computational results. The exper-
imental results were measured by PIV technique, so the 
shaded regions by propeller axis and boss are shown in 
the measurement. The bilge vortex inside the propeller 
radius in the figure is closely captured by the computa-
tion. However, the low velocity region below 0.3U from 
the computational result appears to be larger than that of 
the experimental result, and the secondary bilge vortex 
cores from the computation to be wider and weaker than 
that from experiment. In case of the mounted duct, Fig.4 
shows the comparison of the axial velocity contours at 
the same position of the above case, just in front of 
propeller plane, with duct in the resistance test. In this
case, the calculated axial velocity pattern in the wake 
follows the boundary layer shape in an overall view, and 
axial flow of the hull with duct slows down because of 
the duct.



Fig. 3: Comparison of axial velocity contours near propel-
ler plane without duct (left: EFD, right: CFD)

Fig. 4: Comparison of axial velocity contours near propel-
ler plane with duct (left: EFD, right: CFD)

Fig. 5: Comparison of wave patterns (up: CFD,down: EFD)

(a)

(b)

(c)
Fig. 6: Comparison of wave profile and longitudinal wave 

cut ((a) wave profile along hull, (b) y/Lpp=-0.1043,
(c) y/Lpp=-0.1900 )

Fig.5 and Fig. 6 show the comparison of wave elevation 
contours, wave profile and longitudinal wave cut with 
the experimental results. As shown in Fig. 6(a), wave 
profile along the hull surface is in very good agreement 
with the experiment, however, whole wave elevation 
contours do not show the clear propagation compared to 
the experiment. As the distance from lateral side of ship 
is away, the propagating wave elevations by CFD are a
little bit damping out. In Fig. 6(b) and Fig. 6(c), it can 
be found that the numerical results at the longitudinal 
wave cuts do not represent a small oscillatory wave 
measured by the experiment, accurately, and show more 
or less a damped wave elevation, especially behind the 
transom. It is believed that the grid resolution of the far 
field for wave propagation is relatively lower than the 
region near the hull surface, and the finer grid resolution 
help the better wave propagation. 

Numerical Self-propulsion Test

The overall procedures for the numerical self-propulsion 
test are followed similar to real self-propulsion model 
test in towing tank.  To achieve the self-propelled condi-
tion according to the 1978 ITTC method using the 
thrust-identity, the towing rod provided FD which com-
pensated for the difference of frictional resistance be-
tween prototype and the model ship, while the remain-
ing drag was overcome by the thrust from the propeller. 
Thus, the self-propulsion point is matched the propeller 
thrust (T) is equal to the difference of the total resistance 
at self-propelled condition (RT(sp)) and FD as follows:

DT FspRT )( (14)

In this self-propulsion simulation, Calculation used FD
values given by the model test: FD =18.2[N] without
duct, FD =18.1[N] with duct.
The converged self-propulsion points for three different
grids are shown in Table 6. The obtained fine grid re-
sults are well matched at the self-propulsion point of the
experiment within errors of 1.0% for total resistance
coefficient (CT), thrust coefficient (KT), torque coeffi-
cient (KQ), and rps (N) in each case with & without duct.
Table 7 shows the comparison of the self-propulsion 
parameters calculated from the solution of the fine grid 
system with the experimental results, such as thrust 
deduction factor (t), wake fraction (w), relative rotation 
efficiency ( R) and propeller open water efficiency ( O),
in each case with & without duct. In case without duct,
the differences of the calculated self-propulsion parame-
ters with the experimental results are about 1.0%D, and 
in case with duct, the differences are about 2.0%D.
Fig.7 and Fig.8 show the comparison of the axial veloci-
ty contours at x/Lpp=1.0, which is located at 0.5 Dprop
downstream behind the propeller plane, in each case 
with and without duct. The computational results for the 
accelerated flow patterns by the rotating propeller are 
very similar to the experimental results, but the acceler-
ation in the starboard side from the calculation in case 
without duct is a little bit weaker than the experiment. 
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Table 6: Comparison of total resistance (CT(SP)), thrust(KT), 
torque(KQ) and rps(N) of JBC with and without 
ESD

W/O 
ESD

Coarse
(S3)

Medium
(S2)

Fine
(S1)

Exp.Data
(NMRI)

CT
E%D

4.962
-3.139%

4.812
-0.021%

4.813
-0.042%

4.811

KT
E%D

0.2156
0.645%

0.2160
0.461%

0.2157
0.599%

0.217

KQ
E%D

0.02784
0.215%

0.02766
0.860%

0.0280
0.0%

0.0279

N(rps)
E%D

8.083
-3.626%

7.893
-1.190%

7.863
-0.812%

7.8

W/
ESD

Coarse
(S3)

Medium
(S2)

Fine
(S1)

Exp.Data
(NMRI)

CT
E%D

5.100
-7.098%

4.792
-0.630%

4.760
0.042%

4.762

KT
E%D

0.225
3.305%

0.229
1.717%

0.231
0.858%

0.233

KQ
E%D

0.0280
5.085%

0.0290
1.695%

0.0292
1.017%

0.0295

N(rps)
E%D

8.200
-9.333%

7.674
-2.320%

7.580
-1.067%

7.5

Table 7: Comparison of self-propulsion parameters of JBC 
with and without ESD

W/O ESD 1-t 1-w R O
EFD 0.812 0.552 1.015 0.501
CFD 0.805 0.556 1.004 0.504
E%D 0.91% -0.71% 1.1% -0.52%
W/ ESD 1-t 1-w R O
EFD 0.819 0.479 1.009 0.462
CFD 0.816 0.491 1.008 0.469
E%D 0.42% -2.48% 0.15% -1.56%

Fig. 7: Comparison of axial velocity contours behind pro-
peller plane without duct in the self-propulsion 
simulation (left: EFD, right: CFD)

Fig. 8: Comparison of axial velocity contours behind pro-
peller plane with duct in the self-propulsion simula-
tion (left: EFD, right: CFD)

Energy Saving Effect of Duct

In order to investigate the energy saving effect for a 
stern duct mounted on JBC, the delivered power (DP) 
can be calculated from the results of self-propulsion test. 
DP is defined by2 NQ, which N is rps and Q is torque. 
Considering the power reduction between cases with 
and without duct as an ESD, the improvement ratio of 
the delivered power reduction is about 6% from the 
experimental results. Calculating the computational 
results, the improvement ratio is about 6.5%. The duct 
mounted on JBC gives even the resistance reduction 
from the effective power in the resistance test. The im-
provement ratios of resistance reduction are about 0.2% 
from the experimental results, and about 0.3% from the 
computational results. Fig.9 represents the comparison 
of the improvement ratios of resistance reduction and 
power reduction between the cases with and without 
duct, by numerical simulation and experimental verifi-
cation. The improvement ratio of power reduction, 6%, 
means  that the duct mounted on JBC is very effectively
designed as an energy saving device, considering an 
ESD like a pure duct type among the various energy 
saving devices having been developed now, show 3~5% 
power reduction in general.
Fig.10 shows the change ratios of self-propulsion pa-
rameters between the cases with and without duct, in 
order to investigate each contribution to the power re-
duction among the self-propulsion parameters. The 
change ratio of self-propulsion parameter (S.P) is ex-
pressed as a percentage of (S.PDuct-S.PBarehull)/ S.PBarehull.
As shown in Fig. 10, the change ratio of wake fraction 
(1-w) is the largest of self-propulsion parameters, as 
much as 15% decrease. The decrease of wake fraction 
(1-w) is directly linked with the increase of hull effi-
ciency ( H) and improvement of power reduction, when 
a stern duct is installed.  
Judging by the comparison with the computational re-
sults and the experimental results shown in Fig.9 and 
Fig.10 in the overall viewpoint, it can be considered that 
numerical prediction of the energy saving performance
of the duct mounted on JBC has a good agreement with 
the experimental results. 

Fig. 9: Comparison of energy saving effect
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Fig. 10: Change ratio of self-propulsion parameters be-
tween cases with and without duct

Conclusions

In this research, the feasibility study on numerical tow-
ing tank applications was investigated. The applications
are Reynolds Averaged Navier-Stokes (RANS) equation 
based simulations to predict the performances of re-
sistance and self-propulsion performances for the Japan 
Bulk Carrier (JBC) with and without a stern duct, which 
is one of the benchmark test cases in 2015 CFD work-
shop. By performing Verification and validation (V&V) 
procedures for the estimation of simulation errors and 
uncertainties, numerical predictions of total resistances
and self-propulsion performances are validated at the 
level within about 1.87%D. The energy saving effect of 
duct was identified by numerical flow analysis. The 
power reduction of the duct mounted on JBC was calcu-
lated as much as 6.5%, and verified at 6.0% by the 
model test at the towing tank. The present study can 
lead to the following conclusion such that the developed 
RANS based simulation for towing and self-propelled 
model ship are very promising to be used as a tool to 
evaluate the performances of hull forms as well as the 
energy saving performance of an ESD mounted on the 
hull.
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Abstract

It is proposed to install a hybrid fuel cell electric propul-
sion system on a domestic ferry. The fuel cell hybrid sys-
tem is compared with the existing diesel propulsion sys-
tem for this ferry using a developed time-domain three-
degree of freedom ship simulator implemented in the
MATLAB/Simulink environment. Performance compari-
son of the two systems is made in terms of first cost, fuel
cost, system weight and volume. Simulation results for
the ship are validated using real ship operational data
for the existing diesel propulsion system. The developed
ship simulator can be used for further studies of fuel cell
hybrid propulsion systems and thus can help ship system
designers in investigating different system lay-outs and
different energy management strategies of hybrid fuel cell
propulsion systems.
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Introduction

World trade handled by shipping has been continuously

growing, consequently reducing shipping’s negative envi-

ronmental impact has been an area of great concern. With

over 80% of the world trade by volume handled by ship-

ping (UNCTAD, 2013), both the world fleet number and

average size of ships are increasing that results in greater

fossil fuel consumption and associated air pollution.

A recent study by the International Maritime Organi-

zation (IMO) estimates that shipping in 2012 emitted 949

million tonnes of CO2, which is about 2.7% of the global

emissions during 2012. In the absence of new emission

reduction policies, mid-range emissions scenarios show

that by 2050, CO2 emissions from international ship-

ping may increase by 50% to 250% with reference to

emissions in 2012 (Smith et al., 2015). Moreover, com-

pared to other transport modes, shipping has the highest

SO2 emissions due to fuel sulphur content (Eyring et al.,

2005).

In order to limit ships green house gases (GHG) emis-

sions, the IMO has introduced the Energy Efficiency

Design Index (EEDI), the Ship Energy Efficiency Man-

agement Plan (SEEMP), the Energy Efficiency Opera-

tional Indicator (EEOI) and emission control areas (ECA)

where ships must use fuels with sulphur content less than

0.1% (Buhaug et al., 2009).

A number of EEDI and SEEMP measures have been

published by the Marine Environment Protection Com-

mittee (MEPC) to help ships comply with the exist-

ing legislation which includes the use of hybrid elec-

tric power and propulsion systems. These systems com-

bine the prime movers with an energy storage system

which can result in reduction of fuel consumption and

ship emissions (Dedes et al., 2012; Dedes, 2013). In or-

der to increase the potential of hybrid systems in reducing

energy demand and ship emissions, fuel cells could be

used as a main source of power in these systems (Bazari

and Longva, 2011; Dı́az-de Baldasano et al., 2014). Fuel

cells have high efficiency and power density, low noise

and emissions, and electricity is its output which makes

it a promising candidate for use in hybrid electric systems

(Pukrushpan et al., 2004; Wang et al., 2011).

In this work we consider a 123m domestic ferry for

which the effectiveness of a suitably sized hybrid fuel

cell electric propulsion system is compared to the ferry

conventional diesel propulsion system. Numerical simu-

lation plays an important role in the design of hybrid fuel

cell propulsion system because of the large cost of real

testing and the lack of a proper testing facility. Moreover,

the behaviour of the ship and its propulsion system can

be foreseen and analysed using numerical simulations.

Therefore, a time-domain three-degree of freedom (DOF)

total ship simulator implemented in MATLAB/Simulink

environment is developed in this study and used as a tool

to simulate the performance of the ferry existing diesel

system and calculate the required installed power. The

results are then used to design the proposed hybrid fuel

cell/battery system by sizing its components and compare

it to the conventional diesel propulsion system in terms

of: system weight, size, first cost and fuel cost as well.



Detailed set of the ferry operational performance data,

which is readily available at (Smyril, 2016), is used to

validate the simulation results of the ferry existing diesel

propulsion system in order to show any variation of the

real data with the simulation results.

Vessel & Voyage Description

This study uses the domestic ferry ’M/S Smyril’ owned

by Strandfaraship Landsins as a case study and its main

specifications are shown in Table 1.

Table 1. Specifications of the M/S Smyril ferry

Length 123 m

Breadth 22.7 m

Draft 5.6 m

Block coefficient 0.55

Passenger capacity 975

Car capacity 970 m / 200 cars

Service speed 21 kn

Main engines 4 * MAN B&W 7L32/40

Propeller diameter 4.3 m

The ships works around the Faroe Islands which is a

sulphur emission control area from the capital Tórshavn

to the southernmost island Suduroy as shown in Figure

1 sailing two or three trips each day and the duration of

each trip is less than 2 hours.

Figure 1. Ship voyage route created at GPSVisual-

izer.com

The examined ferry is equipped with four four-stroke

diesel engines for propulsion driving two propellers

through two gearboxes as shown in Figure 2. Pro-

peller speed is around 140 rpm as reported by the ship

owner company which corresponds to an engine speed of

about 700 rpm with a specific fuel consumption of 186

g/kWh.

Figure 2. Configuration of M/S Smyril diesel propulsion

system

Proposed System Description

The proposed hybrid fuel cell/battery propulsion sys-

tem will consist of proton exchange membrane fuel cell

(PEMFC) which is considered as the most promising fuel

cell type to be used in transportation applications (Wang

et al., 2011). The PEMFC modules are connected to the

DC bus using a DC-DC converter to control its voltage

while the battery system will be connected directly to the

DC bus in order to power the DC motor through the motor

controller as shown in Figure 3 using off-the-shelf com-

ponents where possible.

Figure 3. Proposed hybrid fuel cell propulsion system

Both the existing diesel engine propulsion system

shown in Figure 2 and the proposed hybrid fuel

cell/battery system shown in Figure 3 are included in the

developed ship simulator to be compared for the same

examined voyage shown in Figure 1.

Ship Simulator

The developed time-domain three DOF ship simulator

is based on a building block modular approach where

ship hull, propeller, rudder and different parts of the

propulsion system are represented by separate submod-

els using MATLAB/Simulink environment which facili-

tate the modelling process. As shown in Figure 4, the

ship simulator consists of a number of blocks where each

block performs a certain calculation or represents a cer-

tain component of the system.



Figure 4. Total ship simulator representation using diesel propulsion system

Input Blocks

Data about the ship, its mission and route are provided

through the input blocks in order to perform the required

simulations. Data about the ship such as its dimensions

and form coefficients, data about the mission such as the

required speed (Vreq) or the required rotational speed

(nreq) and data about the route such as wind speed and

direction. This data is then fed to the adjacent blocks au-

tomatically through the appropriate output ports.

Ship Resistance Blocks

These blocks contain the governing equations that define

the ship interaction with the surrounding environment in

terms of calm water resistance RT and added resistance

due to wind and waves �RT . Ship resistance can be

predicted experimentally, numerically, or using an em-

pirical/statistical approach. For preliminary estimates, re-

gression analysis equations can be used and implemented

directly in the simulation environment. In this work, Hol-

lenbach regression analysis equations are used to calcu-

late ship calm water resistance because of its wide range

of application, relatively modern database, ease of pro-

gramming and it requires fewer inputs than other methods

such as Holtrop-Mennen (Molland et al., 2011).

For added resistance due to wind calculations, (Blen-

dermann, 1994) has derived mathematical expressions for

the prediction of wind loads on ferries from the statisti-

cal analysis of wind tunnels experimental results. Com-

pared to Isherwood, Gould, and OCIMF, Blendermann

experimental work is more reliable and comprehensive

(Haddara and Soares, 1999) therefore, it is used in this

work. For added resistance due to wave, (ITTC, 2005)

recommends the use of Kreinter useful formula to esti-

mate the increase in resistance due to the effect of waves

with heights up to 2m as follows

�RT = 0.64H2
wB

2CBγ/L (1)

where Hw is the wave height, B is the ship breadth, CB

is the ship block coefficient, γ is water specific weight

and L is the ship length.

Ship Hydrodynamics Block

As the hull interacts with the propeller, this block is re-

sponsible for estimating this interaction in terms of wake

fraction w and thrust deduction t. Estimation of wake

fraction and thrust deduction is important as it affects the

propulsive efficiency and the propeller thrust and torque.

Approximate formula based on regression analysis of ex-

perimental data can be used during preliminary design

therefore, for twin screw ships, wake fraction is calcu-

lated using Taylor’s formula (Molland et al., 2011) and

thrust deduction is calculated according to (Holtrop and

Mennen, 1982).

Propeller Block

This block inputs are the outputs of the previous blocks

which are wake fraction, thrust deduction, ship speed and

propeller speed and dimensions. The main outputs of the

propeller block are the propeller thrust TP and torque QP



calculated as a function of non-dimensional thrust KT

and torque coefficients KQ as follows

TP = KT .ρ.n
2
p.D

4
p

QP = KQ.ρ.n
2
p.D

5
p

(2)

where ρ is water density, np and Dp are the propeller

speed and diameter. The non-dimensional thrust and

torque coefficients are calculated using the interpolation

polynomials fitted for Wageningen B-screw series (Mol-

land et al., 2011).

Manoeuvrability Block

Most of models that deal with total ship systems in the

literature are limited to one DOF manoeuvring model

where ship speed is calculated in surge direction only

(Schulten, 2005). In order to have more real represen-

tation of ship performance during voyages, a three DOF

manoeuvrability mathematical model developed by the

Manoeuvring Modelling Group (MMG) is used (Ogawa

and Kasai, 1978). The model three DOF are surge, sway,

and yaw and its basic equations of motions are shown be-

low

mu̇−mvr = X

mv̇ +mur = Y

Izz ṙ = N − xGY

(3)

where, X , Y , and N are hydrodynamic forces and mo-

ment acting on midship from the hull, propeller, and the

rudder, xG: the location of ship centre of gravity from

the midship in x-axis, u and v are the component of ship

speed in x and y direction, r: rate of turn, m: ship mass,

and Izz: moment of inertia of yawing where the ship cen-

ter of gravity is the origin.

Power Block

Modelling of diesel engines has attracted much attention

in recent years as it is used by the majority of ships. There

are many models of diesel engines in the literature with

different levels of complexity. Therefore, suitable diesel

engine model should be selected based on the require-

ments of the simulation. In the context of conceptual de-

sign stage, a transfer function model of diesel engine can

be used to provide the relation between shaft speed and

the generated torque through the fuel pump index. As the

examined ferry is equipped with four four-stroke diesel

engines, a transfer function model of a four-stroke diesel

engine is implemented in MATLAB/Simulink as shown

in Figure 5.

The main input of this model is the required rotational

speed nreq which is compared with the current rotational

speed n and the difference between them is converted into

a signal sent to the fuel pump where τ1..6 are time con-

stants for the speed governor, actuator and diesel engine.

The output of this model is the engine torque Qeng which

is then used with the propeller torque to calculate the cur-

rent rotational speed as follow

Figure 5. Diesel engine dynamic model

2πImṅ = Qeng −QP −Qf (4)

where Im is the inertia of the rotating parts including the

propeller and added inertia of the water and Qf is the

friction torque.

In order to assess the effectiveness of hybrid fuel cell

propulsion systems, the power block contains as well a

model of the proposed hybrid system which contains: DC

motor & Controllers subsystem, fuel cell & DC-DC con-

verter subsystem, battery subsystem, and an Energy Man-

agement Strategy (EMS) subsystem as shown in Figure 6.

Figure 6. Hybrid fuel cell/battery propulsion system in

Simulink/MATLAB environment

For hybrid fuel cell propulsion systems, the proper split

of the required power PLoad between the fuel cell and the

battery is a challenging problem which requires a suit-

able EMS. As illustrated in Figure 6, the EMS converts

the required load PLoad into current and splits it to fuel

cell current IFC and battery current IBatt. The main in-

puts to the EMS subsystem are battery state of charge



(SOC), battery voltage VBatt, fuel cell efficiency FCeff ,

and voltage VFC .

The dynamic behaviour of the hybrid fuel cell systems

is controlled through the EMS, which affects the system

size, weight, efficiency and fuel consumption. Differ-

ent energy management strategies have been proposed for

hybrid fuel cell propulsion systems with different objec-

tives. The objectives of EMS include low hydrogen con-

sumption, low stress on the components, high fuel cell

efficiency, high overall efficiency of the system, low stor-

age system size, low cost, and long life cycle (Motapon

et al., 2014).

EMS based on the classical proportional-integral (PI)

controller has been proposed recently because of its sim-

plicity and ease of tuning therefore, it is used in this

study. The PI EMS allows the fuel cell to provide a steady

power which reduces stresses on it and increase its life-

time. Meanwhile, the battery power is decided based on

the difference between the reference value of the battery

SOC and its current value as shown in Figure 7. The ref-

erence battery SOC is recommended by the automotive

industry designers to be 60% (Fadel and Zhou, 2010).

Figure 7. Classical PI control energy management strat-

egy

Different types of electrical motors can be used for

propulsion however, DC motor is selected because of its

wide range of speed and torque, smooth running capa-

bility, low cost and less complex control system (Gupta

et al., 2012). The motor controller efficiency is assumed

to be 95%.

The used PEMFC mathematical model in this study is

developed and validated in (Njoya et al., 2009) and it is

implemented in Simulink as shown in Figure 8.

An unidirectional DC-DC converter is used with the

PEMFC to regulate its voltage. The efficiency of the DC-

DC converter is assumed to be 95% as well (EG & G

Technical Services, 2004).

Moreover, the power block contains a mathematical

model of a battery which is considered as the main en-

ergy storage device for transportation applications. The

battery mathematical model is validated as well against

experimental results in (Tremblay and Dessaint, 2009)

and it is implemented in Simulink as shown in Figure 9.

Simulation Results

By using the ship geometrical particulars, data of the

main engine and propeller and rudder angles, the de-

veloped ship simulator is used to simulate the ship per-

formance during its normal voyage shown in Figure 1.

Figure 8. Fuel cell model in Simulink/MATLAB envi-

ronment

Figure 9. Battery model in Simulink/MATLAB environ-

ment

For almost two months from 16/2/2010 to 12/4/2010,

the operational data was recorded onboard this ship and

this data was made available online to encourage ship’s

benchmarking (Smyril, 2016).

Three different voyages of the same examined route

have been extracted and used to validate the simulation

results. As shown in Figure 10, simulation results of the

ship speed are in good agreement with the real ship oper-

ational data for the three voyages.

Fuel consumption volume flow rate simulation results

are also in good agreement with the real operational data

except for the stopping phase of the voyage which in-

cludes reverse operation of the propellers which couldn’t

be captured by the developed simulator accurately as can

be seen in Figure 11. The error between the simulation

results and the real fuel consumption is about 5%. This

is considered reasonable given the level of uncertainty in

the modelling assumptions and acceptable as a basis for

comparison.

The normal voyage time is less than 2 hours, however,

it may take longer as shown in Figures 10 and 11. Simu-

lation results include the forces acting on the ship hull



Figure 10. Validation of ship speed simulation result

Figure 11. Validation of ship fuel volume flow rate sim-

ulation result

which include calm water resistance, added resistance

and propeller thrust as shown in Figure 12 for voyage1.

Figure 12. Acting forces on the hull during voyage1

A breakdown of the power consumed during voyage1

also can be presented using the developed ship simulator

which allows the analysis of ship’s performance and its

propulsion system as shown in Figure 13.

The brake power developed by the engines is the high-

est which is transmitted through the shaft and gearbox to

the propeller. Because of the shaft efficiency, the brake

power is reduced and becomes delivered power. The pro-

peller uses the developed power to generate the thrust

power which is less than the delivered power because of

Figure 13. Consumed power breakdown during voy-
age1

the propeller efficiency. The effective power is also cal-

culated as a function of calm water resistance and ship

speed.

The consumed brake power during the voyage as

shown in Figure 13 can be used to select the required

sizes of the fuel cell and battery of the hybrid system.

It is generally accepted that the fuel cell system provides

the average required power while the battery system is

charged or discharged if the required power is less or

higher than the average required power supplied by the

fuel cell (Shih et al., 2014).

The average consumed brake power is about 10300

kW as shown in Figure 13 which will be supplied from

158 fuel cell modules with a nominal power of 72 kW
after taking the efficiencies of the motor controller and

DC-DC converter into consideration. The fuel cell type

is NedStackPS50 and its main specifications are shown

in Table 2.

Table 2. Specifications of NedStack PS50 module

Net rated nominal power 50-72 kW
Output voltage 630 V
Efficiency 55-57 %

Mass 600 kg
Volume 0.672 m3

Expected life 20,000 h

First cost 235.51 $/kW
(James et al., 2014)

Moreover, three lithium-ion battery packs of 500 Ah
capacity will be used as a supplement to the fuel cell sys-

tem and its main features are shown in Table 3. The distri-

bution of the required power between the fuel cell system

and the battery system is controlled using the PI EMS as

described earlier.

As shown in Figure 14, the fuel cell system provides

the average required power while the battery system pro-

vides power during acceleration.

During acceleration, the battery C-rate is high but it

doesn’t exceed its maximum value of 2.5C. Then, the PI

EMS maintains the battery state of charge (SOC) during

voyage and starts to charge the battery at low load phase



Table 3. Lithium-ion battery pack specifications (Al-

ibaba, 2016)

Standard capacity 500 Ah
Output voltage 600 V
Standard C-rate 0.2C

Maximum C-rate 2.5C

Mass 2800 kg
Volume 2.29 m3

First cost 1000 $/kWh
(Ovrum and Bergh, 2015)

Figure 14. Fuel cell and battery power for voyage1

as shown in Figure 15. Later, the battery is recharged to

its initial SOC after the voyage ends using power from the

fuel cell system or a shore-shared (shore-side) system. A

normal battery SOC of 70% is chosen as an initial value

and 60% is the SOC reference value as recommended by

the automotive industry designers.

Figure 15. Battery SOC and C-rate for voyage1

In order to have a fair comparison between the pro-

posed hybrid fuel cell system and the conventional diesel

system, hydrogen storage, which is a main challenge,

should be considered. Hydrogen can be stored mechani-

cally, chemically or using adsorption materials and it has

been considered as an alternative fuel for marine applica-

tions because of its clean carbon footprint and its high en-

ergy density per mass. In this study, hydrogen is assumed

to be stored as a cryogenic liquid in a tank as suggested

in (Veldhuis et al., 2007) for a catamaran. Tank capacity

is 4000 kgH2
which is sufficient for the daily operation

of the examined vessel. The main specifications of the

hydrogen tank is shown in Table 4.

Table 4. Liquid hydrogen tank specifications (Yang and

Ogden, 2007)

Capacity 4000 kgH2

Gravimetric density 0.142 kgH2/kg
Volumetric density 70.8 kgH2/m

3

Cost $650,000

After taking the hydrogen tank and electric motors into

consideration, the total weight and volume of the pro-

posed hybrid fuel cell system are less than the weight

and volume of the diesel engines as shown in Figure 16.

Hybrid fuel cell system weight and volume saving per-

centages are 10% and 21% respectively compared to the

conventional diesel propulsion system. However, the first

cost of the hybrid system is higher than the diesel system

by about 77% as shown in Figure 17.

Figure 16. Proposed system weight and volume compar-

ison

Figure 17. Proposed system first cost comparison

Moreover, the hydrogen fuel price is higher than diesel

fuel which makes the operational cost of the hybrid fuel

cell system higher than the conventional diesel system.

However, using hydrogen as a fuel results in less emis-

sions and a saving in the environmental damages caused



by using diesel fuel which can be converted into cost sav-

ing as follows (Lutfi and Vezirolu, 1991)

Denv = EnCp (5)

where Denv is the cost of environmental damage, En

is the energy consumption, and Cp is the environmen-

tal damage cost. As oil price has been dropping recently,

ship fuel cost is reduced and the economic pressure is in-

creasing on the clean energy investment. However, the

environmental damage caused by fossil fuel costs more

than the fuel cost as shown in Figure 18.

Figure 18. Fuel cost comparison for the examined voy-

age

Without taking the environmental damage cost into

consideration, hydrogen has more than two-fold increase

in the cost than marine diesel oil for the examined voy-

age. However, by taking the environmental damage cost

into consideration, hydrogen cost is higher than marine

diesel oil by about 46%. The used parameters values and

assumptions are shown in Table 5.

Table 5. Parameters values and assumptions

Cp (Veziroğlu et al., 2008) 12.52 $/GJ
Marine fuel heat content 42.7 MJ/kg
Marine fuel cost 0.41 $/kg
Wind generation hydrogen cost 4.823 $/kg
(Bartels et al., 2010)

Conclusion

In order to comply with the more stringent environmen-

tal regulations, the design of green ships has received

much attention in recent years. According to the last

IMO study, CO2 emissions may increase by 250 % by

2050 without using environmental regulations. There-

fore, alternative propulsion systems and power sources

need to be investigated that may be addressed using nu-

merical simulation. Hybrid electric power systems have

been suggested by the IMO to be adopted to reduce ship’s

fuel consumption and increase its efficiency. Using fuel

cells as a source of power in hybrid systems increases its

potential of reducing negative environmental impacts of

shipping.

In this paper, we first present a three degree of freedom

total ship system simulator that mathematically modelled

in Simulink/MATLAB environment. This simulator has

been validated using real ship operational data of a do-

mestic ferry and simulation results show good agreement

with the real data. For the same ferry, a hybrid fuel

cell/battery propulsion system has been proposed and its

performance has been simulated using the developed sim-

ulator. Results show that the proposed hybrid system has

less weight and volume by 10% and 21% respectively

compared to the conventional diesel propulsion system.

However, the first cost of the hybrid fuel cell system is

higher by 77% than the diesel engines but the commer-

cialization of fuel cell and mass production will reduce its

first cost and make it more cost competitive with conven-

tional power sources. Moreover, hydrogen cost is higher

than diesel oil by 46% for the examined voyage taking

the environmental damage cost caused by fossil fuel into

consideration.
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L. R., and Leo, T. J. (2014). Conceptual design

of offshore platform supply vessel based on hybrid

diesel generator-fuel cell power plant. Applied Energy,

116:91–100.

EG & G Technical Services, . (2004). Fuel cell handbook

(seventh edition). Technical report. Contract No.DE-

AM26-99FT40575.
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Abstract Heading 

In the recent past, developments of computational fluid dynam-
ics (CFD) tool in analyzing the hydrodynamic behavior of hull 
forms has undergone significant changes. Hydrodynamic anal-
yses have been increasingly dependent on commercial soft-
ware, such as ANSYS FLUENT, ABAQUS, STAR CCM+ etc., 
to solve fluid-structure interactions. However, in the initial de-
sign stage, the disadvantage of CFD tools, includes model’s 
size limitations, suitable mesh and size and computational re-
sources available to the designer. In order to overcome these 
disadvantages, an attempt has been made in this paper to pro-
vide a method that would provide a fast and reliable estimate 
of resistance in the initial design stage. Amongst the hydrody-
namic characteristics, evaluation of resistance in the initial de-
sign stage is of paramount importance. In this paper an attempt 
has been made to illustrate development of a theoretical esti-
mation of wave resistance by use of Michell’s Integral. In order 
to validate the method, Wigley hull forms in mono-, catamarans 
and trimaran configurations have been simulated. The evalu-
ated wave resistance determined using Michell’s Integral have 
been compared against published literature and conclusions 
have been drawn. 

Keywords 

Multi-hulls; Michell’s Integral; Wigley hull form; Wave 
Resistance. 

Nomenclature 

B Breadth of Vessel 
CA Additional Resistance Coefficient 
CB Block Coefficient 
CF Friction Resistance Coefficient 

CFTri 
Friction Resistance Coefficient of 
Trimaran 

CFT
MH Friction Resistance Coefficient of 

trimaran main hull 

CFT
DH Friction Resistance Coefficient of 

trimaran outriggers 
CR Residuary Resistance Coefficient 
CW Wave Resistance Coefficient 
Fn Froude Number 
G(x) Green Function 
i Imaginary Parameter 
k Wave number 
L Length of a vessel 
LMH Length of the Main-hull

LDM Length of the Demi-hull 
Re Reynolds’ Number 
RW Wave-making resistance 
RWT Total wave-making resistance  
Ri ith hull Wave-making Resistance 

  Interference resistance between ith 
and jth hulls 

  Additional resistance from ith to jth 
hull 

sp 
Separation between multihulls’ cen-
ters 

st Stagger between multihulls’ centers 
SMH Wetted area of main-hull 
SDM Wetted area of demi-hulls 
ST Total wetted area 
T Draught of vessel 
U Velocity of vessel (m/s)

 
Non-dimensional coordinate,  
=2z/T 

 
Orientation of the crest line of the 
Kelvin wave system relative to the 
x-axis 

 sec( ) 
 Kinematic viscosity of seawater

 
Ratio of a circle's circumference to 
its diameter 

 
Non-dimensional coordinate, 
=2x/L 

 
Density of seawater (1.024 
tonne/m3) 

CFD Computational fluid dynamics 

ITTC 
International Towing Tank Confer-
ence  

SBM Slender Body Method 
ULCC Ultra Large Crude Carrier

 

Introduction 

Computational fluid dynamics (CFD) techniques have 
become increasingly popular in analyzing fluid flow 
problems in almost all branches of engineering, espe-
cially in the area of hydrodynamics of ships where com-
plex fluid flow exist. With exponential growth in hard-
ware architecture, the CFD tools would replace the tradi-
tional method of hydrodynamic performance evaluation.  
 



Although a CFD tool could solve a ULCC’s simulation 
in full scale within a short time span, the traditional meth-
ods of using towing tank will find continued use due to 
their reliable performance within the limits of experi-
mental error. The towing-tank tests provide better abso-
lute accuracy but limitations to hull modification remains 
a major hurdle from both practical and financial aspects. 
 
Michell (1898) published the theory of wave-making re-
sistance, commonly known as Michell’s Integral. The 
proposed theory made use of Fourier Integral in deter-
mining the thin ship’s velocity potential under the condi-
tion of linearized free surface. Michell’s Integral laid the 
foundation of further research work in the twentieth cen-
tury. Since the publication of Michell’s Integral on slen-
der ship theory for wave-making resistance in 1898, re-
searchers have focused primarily on approximation 
method for decades. There have been several contribu-
tions from, Havelock (1951) and other researchers in the 
linear wave theory and its application. Chen and No-
blesse (1983) published their paper validating the second 
order slender ship approximation in resistance estima-
tion.  

In this paper, Michell’s Integral and its application would 
be implemented in resistance estimation of Wigley hull 
forms in mono-, catamaran and trimaran configurations. 
Slender Body theory as implemented in Bentley Engi-
neering MAXSURF software module and reference data 
have been used to for validation purposes. 

Maynard et al., (2008) conducted experimental work to 
determine the wave resistance of trimarans. Weinblum’s 
(1955) analysis of Michell’s Integral to determine the 
wave resistance characteristics was duly accepted by US 
Navy. Gotman (2002) and Tarafder, Khalil and Ma-
hamud (2007) published their research on wave re-
sistance based on Michell’s Integral. Their research 
proved the reliability and efficiency of this method on 
wave-making resistance. Zhou (2010) also focused his 
dissertation on trimarans resistance estimation. Yeung 
(2005) published his conclusion on the inference effect 
between hulls while investigating the wave-making re-
sistance for multihull vessels, based on Michell’s Integral 
and Havelock source function given in Wehausen and 
Laitone (1960). Later, Aubault and Yeung (2012) speci-
fied the theory in finite-depth waters. 

Total Resistance Calculation 

The various components of total resistance have been il-
lustrated in figure 1. Generally, the total resistance has 
two main components namely wave resistance and vis-
cous resistance. 

It has been seen that at low Froude numbers (Fn) viscous 
resistance dominates over wave resistance. As speed in-
creases the viscous resistance decreases and wave re-
sistance continues to increase up to a certain threshold. 
This threshold is exhibited typically at Fn 0.5 beyond 

which wave resistance will reduce and overall total re-
sistance may also reduce. In this paper calm water re-
sistance has been computed and viscous resistance is 
based on the ITTC 1957 ship-model correlation line. 

The ships with high L/B and low B/T could be identified 
as thin ships. According to the conclusions from various 
researchers, thin ship theory would perform satisfactorily 
when L/B > 10 and velocity regime remains at Fn >0.2, 
which implies that regular displacement type of vessels 
may be not suitable for application of Michell’s Integral. 
However, multi-hulls vessels such as catamaran and tri-
marans have relatively large L/B value and these vessels 
operate in the high-speed regime (Fn >0.5). It appears 
that Michell’s Integral may find suitable application in 
the computation of wave resistance of multi-hull vessels.  

 

Fig. 1: Components of total Resistance 

The Michell’s Integral (1898) is shown as: 
 

Rw=
4 U2k2 2

2-1
A( ) 2d

1
 

where 

 

U is the velocity of ship 
 is the density of seawater 

 is the wave number 

i is the imaginary parameter 
 

 
The angle, θ, is the orientation of the crest line of the Kel-
vin like wave system relative to the x-axis, as shown in 
figure 2. In the case of trimarans, in order to identify the 
wave-making resistance, the main-hull would be consid-
ered as a mono-hull and the outriggers are considered as 
having a catamaran like configuration. The wave-making 
resistance of a trimaran can be split into two parts as the 
wave-making resistance of individual hulls and the inter-
ference effect between the hulls. Yeung (2005) provides 
a function could be applied in determining the wave re-
sistance of trimarans. 

 



In the application of equation (2) to multi-hulls, each 
term of the second part would be expressed as shown in 
Eq. 3. 

 

Fig. 2: Kelvin Waves 

( ) 

The function above had been simplified by cancelling 
 and  (Yeung, Poupard and Toilliez 2004). The 

Eq. 3 could be rewritten as shown in Eq. 4. 

 

Here sp is the separation distance identified as the dis-
tance between the centers of demi-hulls. The stagger dis-
tance, st, which identified as the longitudinal distance be-
tween the centers of outriggers and main-hull. 

Viscous Resistance 

The well known quantity of viscous resistance is based 
on the ITTC 1978 formulation [(1+k)CF] where CF is 
based on flat plate assumption of ITTC 1957, also known 
as ship-model correlation line, which treats the vessel 
similar to that of a flat plate having the same velocity, 
length and wetted surface area and (1+k) is the hull form 
factor. The form factor can be determined from experi-
mental data or by use of empirical formulae. In the design 
process a correlation allowance of  is 
added to provide the total resistance coefficient which is 
given by ITTC 1978 Performance Committee, shown in 

Eq. 5. 

 

ITTC 1957 ship-model correlation line is given by: 

 

where 

 is the Reynold’s Number 

L is the length of vessel. 

For trimarans, the total viscous resistance coefficient 
( ) is defined by the function shown in Eq. 7. 

 

Here  and  are the total frictional resistance coef-
ficient for main-hull and outriggers respectively,  is 
the wetted surface area of main-hull,  is the wetted 
surface area of demi-hulls and  is the total wetted area 
of a trimaran. 

Wigley Mono-hull Resistance 

Wigley hull-forms have become to the most widely used 
hull form configuration to validate the theory. The geom-
etry of the hull form can be expressed by the Eq. 8, shown 
below:  

 

where, y is the offset value from the center line of a ves-
sel, x is the longitudinal position measured from mid-ship 
, z is the vertical position from the keel and L, B and T 
are the length , breadth and draught of the vessel respec-
tively. 

The interference effect is essentially null in case of mono-
hulls. In case of mono-hull form Eq. 1 may be applied 
here as: 

 

After simplification Michell’s Integral for slender vessels 
can be expressed as described in Eq. 10: 

 

where 

  



  

Where  is the longitudinal gradient of ship surface 
function. 
 
The principal dimensions of a 100 m Wigley mono-hull 
are shown in Table 1. This model has also been simulated 
using the slender body method (SBM) in MAXSURF. 
The results thus obtained have shown to be in good agree-
ment particularly for Fn greater than 0.4. 

Table 1: Parameter of a 100m Wigley Mono-hull form 

Name Value Unit 

Length, L 100  m 

Breadth, B 8  m 

Draft, T 3.555  m 

Block coefficient, CB 0.4444   

Displacement, Δ 1294.336  tonne 

Wetted Area 946.696  m2 

Min Velocity 3.0864 m/s 

Max Velocity 31.3784 m/s 

Form Factor (1+k) 1.1372  
 

 

Fig. 3: Geometry of a 100m Wigley Mono-hull  

 

Fig. 4: Total Resistance Coefficient Using SBM and 
Michell's Integral of a 100 m Wigley Mono-hull 

 

Wigley Catamaran Resistance 

Recall the equation (1) and with n=2, then the equation 
for a catamaran’s wave-making resistance could be ex-
pressed as shown in Eq. 11: 

 

The individual wave-making resistance for each hull can 
be calculated as mono-hulls (Eq. 10). The interference ef-
fect between hulls has the expression as shown in Eq. 12 
below: 

 

Since the catamaran has two hulls with the same geomet-
rical configuration it is understood that . In this 
case, the function could be simplified as: 

 

 

 

In order to test the accuracy of Michell’s Integral, a 
Wigley catamaran hull form of 32 m in length was used 
to estimate the total resistance. Similarly, slender body 
method of MAXSURF was used for validation. The prin-
cipal dimensions of the Wigley catamaran hull form has 
been presented in Table 2. 

Table 2: Specification of a 32m Wigley Catamaran 

Name Value Unit 

Length, L 32  m 

Breadth, B 3.2  m 

Draft, T 2  m 

Separation (sp) 8 m 

sp/L 0.25  

Block coefficient, CB 0.4444   

Displacement, Δ 186.577  tonne 

Wetted Surface Area 304.7232   

Min Velocity 2.0576 m/s 

Max Velocity 18.0040 m/s 

Form Factor (1+k) 1.5211  



 

Fig. 5: Geometry of a 32 m Wigley Catamaran 

 

Fig. 6: Total Resistance Coefficient SBM and Michell's In-
tegral for a 32 m Wigley Catamaran Hull Form 

Wigley Hull-Trimaran Configuration 

For the case of a trimaran hull form equation (2) is repro-
duced below: 

 

With the two outriggers having the same geometrical 
configuration as main hull and n=3. Therefore in this 
case,  and the equation would be expressed as 
shown in (15) below: 

 

The wave-making resistance of individual hulls can be 
estimated similar to mono-hulls (equation (10)). The in-
terferences between main-hull and each outrigger, how-
ever, have the function as follows: 

 

Similarly, the interferences between the two demi-hulls 
can be found as below. 

 

For validating the Michell’s Integral for trimarans, three 
trimaran models were selected. The lengths of main-hulls 
are 100 m, 32 m, and 5m respectively. The trimaran of 5 
m length had some established towing tank test results. 
The values of other two trimarans have been taken from 
references. Instead of using SBM of MAXSURF, re-
sistance data from references of these models have been 
used for comparison purposes against results obtained us-
ing Michell’s Integral. 

The principal parameters of the Wigley trimaran hull 
forms are shown in Table 3. 

Table 3: Principal Dimensions of three Trimaran Hull 
Forms 

Principal 
Dimensions 

Tri-1 Tri-2 Tri-3 unit 

LMH 100 32 5 m 
BMH 8 3.2 0.4 m 
TMH 3.555 2 0.178 m 
LDH 36.8403 9.6 1.842 m 
BDH 1.4735 0.96 0.1474 m 
TDH 1.3098 0.6 0.066 m 

st -40 -8 -0.5 m 

st/LMH 0.4 0.25 0.1  

sp 15 4.8 0.9 m 

sp /LMH 0.15 0.15 0.18  

Min. V 3.0864 2.0576 1.0288 m/s 

Max. V 31.3784 18.0040 7.2016 m/s 

(1+k) 1.2555 1.3902 1.2663  

 

Fig. 7: Geometry of Trimaran 1 



 

Fig. 8: CW against CR for Trimaran 1 (CR from Zhang, 
2007) 

From Figure 8 it can be seen that correlation between 
Michell’s Integral (CW) and CR does not appear quite con-
vincing. In light of this discrepancy one has to investigate 
how the residuary resistance coefficient was evaluated. 
Moreover the longitudinal stagger ratio for Trimaran 1 is 
also quite large and this may have affected the interfer-
ence effects between the hulls and as a consequence the 
effect has been felt in CR estimation. As is evident from 
Figures 10 and 12, the correlation for Trimaran 2 and 3 
appear to be significantly better beyond Fn 0.35.  

 

Fig. 9: Geometry of Trimaran 2 

 

Fig. 10: CW against CR for Trimaran 2 (CR from Peng, 
2001) 

 

Fig. 11: Geometry of Trimaran 3 

The reason for only comparing the wave-making re-
sistance is the insufficient experimental data resources.  

Conclusions 

The estimation of resistance in this research illustrates 
sufficient accuracy when compared against SBM of 
MAXSURF and Towing Tank Test results. The most sig-
nificant advantage of Michell’s Integral compared with 
CFD method is the reduced computational time and re-
sources. This allows for the application of the method in 
the early design stage as well as for optimization of new 
multi-hull concepts. The primary aim of this research is 
was to explore avenues for a fast and reliable resistance 
estimation method so that it could be implemented in a 
hydrodynamic optimization domain. From a pragmatic 
stand point it appears that Michell’s Integral method ap-
pears to be sufficient in accuracy, reliability and effi-
ciency. While the correlation between SBM, Michell’s 
Integral and reference data of trimaran 2 and 3 appear to 
be generally good it remains to be seen how well would 
these fare when evaluated against ship shape like hull 
forms. 

 

Fig. 12: CW against CR for Trimaran 3 (CR from Lu, Wang 
and Zahn, 2013) 
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Abstract 
 
SHI (Samsung Heavy industries) had measured  8,000TEU 
container ship's  full load speed both in  model test and sea 
trial. Seawater was filled in cargo hold to realize the full load 
during sea trial. 
Before the sea trial, added resistance due to free surface 
elevation in cargo hold and air resistance on full load trial 
were studied in model scale. To evaluate the free surface 
elevation effect on speed, the resistance between water filled 
cargo hold model and equivalent solid weight model was 
compared. 0.2m wave elevation of cargo hold water resulted 
in 2.1% additional resistance. Air resistance in full load sea 
trial was studied in wind tunnel. The full load without contain-
er showed larger wind load coefficient than true operating 
condition. The full load sea trial was carried out on the Korea 
Straits under relatively calm weather. During the sea trial, 
free surface in cargo hold moved up to 0.3m. It was concluded 
that the sea trial speed was 0.1kts smaller than model test 
result. 
Based on the sea trial results, model tests at SSMB(Samsung 
Ship Model Basin) proved its reliability in full load speed 
performance of container ship. 
 
 
Keywords 
 
Full load sea trial; container ship; Calm water test; wind 
load test 
  
 
Introduction 
 
Measurement and recording in ship speed during the 
voyage have become common nowadays as database for 
economical operation analysis. However, too much of 
uncertainty from environment and aging of the ship 
makes such analysis difficult. Moreover, double run in 
the same route for speed measurement may be unac-
ceptable for commercial cargo ships due to limitations 
in time. Hence, the best way to evaluate ship speed 
under true operating condition is to measure during the 

sea trial. However, it is difficult to reproduce the actual 
operating condition of dry cargo vessel such as contain-
er ship since the ballast tanks are not enough to make 
full load without cargo loaded; almost all see trials of 
such vessels are carried out at ballast draught. Hence, 
the speed at full load draught is derived from the ballast 
sea trial results indirectly. It is reasonable to carry out 
the sea trial at ballast draught; and convert to full load 
speed with model test results. 
To reproduce the full load during the sea trial, the cargo 
equivalent weight should be loaded. Some ship builders 
have performed the sea trial at full load for newly built 
ship by filling seawater into cargo hold.([1] Hwangbo, 
2001) Special structural support was needed to fill the 
sea water into cargo hold ([2] Tsai,  2013). Dynamic 
stability to consider in turning is another problem. 
Although there are not much of data or published doc-
uments on the sea trial at full load for its difficulty, it 
becomes valuable data to verify correlation between 
model and full-scale ship. 
 
 
The vessel 
 
SHI delivered a series of 8,000TEU container ship. The 
sea trial at full load was performed on the first ship of 
the series. Table 1 shows the main dimension of that 
vessel. 
 

Table 1. Main dimension of vessel 
 

Size 8,450 TEU 

LOA Abt. 335.0m 

LBP 317.0m 

B 45.8m 

Design draught 13.5m 

DWT (Td) 95,400 ton 

Design speed (Td) 24.5 kts 
 
  



 

 

Around 60,000 ton of container equivalent weight 
should have been added to cargo holds in addition to 
full of ballast tank to reproduce the full load draught of 
13.5m. Sand and seawater were strong candidates for 
weight. Sand is safer for dynamic stability, but it re-
quires a large facility for loading. Seawater has a slosh-
ing problem and needs cleaning works after trial. How-
ever, it is much cheaper and easy to full the sea water in 
cargo holds with the ballast pump that is already 
equipped in the vessel.  SHI chose seawater as compen-
sate weight. 
A temporary bulkhead was a noticeable idea. The wall 
made in connected empty container boxes can reduce 
unfavorable movement of cargo hold water. It was 
known that Japanese shipbuilder had adapted a tempo-
rary bulkhead. However, a guide rail in a hold was too 
weak to settle the container on the cargo hold wall. It 
should be noted hydrodynamic force and collision be-
tween container boxes could damage the cargo hold. 
Based on the free surface elevation observed in model 
test, the temporary bulkhead was not necessary under 
calm sea condition. 
In order to select which cargo holds to fill the water, 
both GM and structural safety were reviewed. Initially, 
five cargo holds were considered for filling. However, 
structural analysis confirmed that filling of three cargo 
holds up to certain level gave much better structural 
safety. Finally, No 4, No 5 and No 6 cargo hold located 
close to midship and forward of accommodation were 
selected. The midship of this vessel was located in No 4 
cargo hold. LCB was located in No 5 cargo hold.  
Dimension of cargo holds was 27.5m in length, 40.0m 
in width, and 15.45m in depth.  
 
 

 
 

Fig. 1 Schematic cargo holds arrangement 
 
 
A main heavy fuel oil tank located below No 3 cargo 
hold was also used for filling. The main heavy fuel oil 
tank was filled up to closed top to reduce the free sur-
face effect. For cleaning, fresh water filled the fuel oil 
tank before departure. Cargo holds were filled with 
seawater at the sea trial site. Fig. 1 shows schematic 
tank arrangement 
 
 
Towing tank test 
 
Many environmental forces can cause motions of the 
cargo hold water during sea trial. Several studies fo-
cused on sloshing and rolling phenomena of the water in 
cargo holds in terms of structural safety only; there were 
not many studies on added resistance due to sloshing 
motion. 
Added resistance due to free surface elevation in cargo 

holds were studied through model test at 
SSMB(Samsung Ship Model Basin). The resistance and 
self propulsion test in calm water were carried out befo-
rehand. Tests were conducted both full load and ballast 
draught. The resistance and self propulsion tests were 
analyzed by ITTC recommendation and guidelines. ([3], 
SSMB, 2010)  
Wave is a good trigger to excite free surface motion in 
model test. The model ship running in waves results in 
the added resistance besides of its original resistance in 
calm water. The free surface in cargo holds creates the 
third resistance component of resistance. The resistance 
component from cargo hold water could be determined 
by comparing the resistance of model ships with cargo 
hold water and equivalent solid weight. 
The 8,000TEU vessel model had geometrically identical 
cargo holds made with transparent acrylic plate. Three  
wave probes were installed in each cargo holds for wa-
ter level recording. (Fig. 2) 
The cargo holds of one model was filled with fresh 
water to the same level as the sea trial condition.  (Fig. 3) 
The control model had equivalent solid weights in cargo 
hold instead.  The LCG and GM (KG) of both models 
were identical to sea trial.  
Irregular wave of Hs=1.0m and Hs=2.0m on head sea 
activated the free surface of water inside the cargo holds. 
Typical wave periods of sea trial field were used. Table 
2 shows wave conditions. 
 
  

 
 

Fig. 2 Wave height probe in cargo holds 
 
 
 

 
 

Fig. 3 Water filled in cargo holds 
  



 

 

Table 2. Wave condition 
 

ID type Hs Tz(Tp),Sec 

IR1 Irregular 1.0m 5.0 (7.0) 

IR2 Irregular 2.0m 6.0 (8.4) 

 
 

 
Fig. 4. Time signal of water level in cargo hold No 6 

Time, level in ship scale (IR2, 24.5kts) 
 
 

 
Fig. 5 Water level variation in IR1 

 
 

 
Fig. 6 Water level variation in IR2 

 
 

Heave and pitch motions were observed in model in 
waves. These motions caused added resistance to hull 
and triggered free surface of the cargo hold water.  
Fig. 4 shows a time signal of water level in cargo hold 
No 6 under  IR2 condition when running 24.5kts. Sig-
nificant double amplitude of water level was 0.19m. 
Unexpected sudden movement, which could damage the 
structure, did not happen. Water level variation in-
creased in rough sea condition. There is small deviation 

depending on ship speed as shown in Fig. 5 and 6. Wa-
ter level in No 6 cargo was used as a representative 
value for comparison with sea trial data. Averaged wa-
ter level elevation of No 6 was 0.13m in IR1 (wave 
height 1.0m) and 0.21m in IR2 (wave height 2.0m) 
respectively.  
 

 
Fig. 7. Added resistance in waves  

Comparison solid weight and cargo hold water 
Time, Resistance in model scale (IR2, 24.5kts) 

 
 

 
Fig. 8 Added resistance in IR1 

 
 

 
Fig. 9 Added resistance in IR2 

 
 
Fig. 7 shows time signals of resistance for cargo hold 
water and solid weight in model scale. Clearly, cargo 
hold water generated the third resistance component 
which was not observed in solid weight model.  
Fig. 8 and 9 shows added resistance due to wave in both 
wave conditions.  
In all speed range cargo hold water case showed more 
resistance than solid weight model. The solid weight 
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models showed 1.8% and 4.5% in 1m and 2m waves 
respectively on service speed of 24.5kts. Cargo hold 
water model showed 3.2% and 6.6% under the same 
condition.  
Table 3 shows free surface effect of the cargo holds on 
24.5kts under each wave condition. Due to free surface 
effect inside of the cargo holds, the water elevation of  
0.13m and 0.21m led to increase in resistance by 1.4% 
and 2.1%, respectively. It meant that free surface eleva-
tion by 0.21m in cargo holds, decreased the speed by 
0.13kts. 
It was assumed that propulsion efficiency remained the 
same in different wave condition. Table 4 shows addi-
tional required power in percentage to maintain the 
speed in wave condition. The amount of the added resis-
tance was not too different for speed range considered 
within the scope of the model test for the present study.  
 
 

Table 3. Cargo hold water effect on 24.5kts 
 

ID 
Double 

amplitude 
In 

No6 cargo 

Added resistance 
Due to wave 

Cargo hold 
water 
effect 

(B)-(A) 
Solid 

in cargo(A) 
Water 

in cargo (B)  

IR1 0.13m 1.8% 3.2% 1.4% 

IR2 0.21m 4.5% 6.6% 2.1% 

 
 

Table 4. Additional required power 
due to cargo hold water to maintain the speed 

 

ID 
Double 

amplitude 
In 

No6 cargo 

Additional power for speed 

22.5kts 23.5 kts 24.5 kts 25.5 kts 

IR1 0.13m - 1.1% 1.4% 1.4% 

IR2 0.21m 1.8% 2.0% 2.1% 2.1% 

 
 
Wind tunnel test 
 
For analysis of the sea trial data, non-dimensionalized 
air resistance coefficients are necessary and can be  
derived from approximation formula or model test. In 
general, the difference in coefficients is negligible 
among similar vessels; hence, it is not essential for 
every vessel to perform wind tunnel test.  
SHI(Samsung Heavy Industries) delivered dozens of 
one-island (its accommodation and funnel adjoined each 
other) type 8,000TEU class container ship and such 
coefficients for one-island vessel were already in pos-
session. However, full load sea trial would be performed 
without containers loaded; hence, it requires wind load 
coefficients without containers. 

Wind load test was carried out in FORCE technology 
wind tunnel.[4] The air resistance coefficients were 
compared under three conditions. 
As an operating condition for reference, the first condi-
tion was at container ship at full load with container 
loaded as shown in Fig. 10. The second condition was at 
full load without container as shown in Fig. 11 whereas 
the last condition was at ballast draught without con-
tainer, same as the normal sea trial condition. 
The air resistance coefficient Cx is below, 
  

                            (1)     
 

 
where, Af is a projected frontal area of ship. Standard air 
density is 1.21kg/m3 at 20   and 1013 mBar. 
Wind can blow from every direction. However, in the 
sea trial, wind direction means a cross product with ship 
speed and wind speed vector. Hence, the most frequent 
wind direction range is between 0  and 30 during ea 
trial. Fig.13 shows Cx form wind tunnel test in frequent 
wind direction range.  
 

 

 
Fig. 10 Full load with container (operation) 

 
 

 
Fig. 11 Full load without container (Sea trial) 

 
 

 
Fig. 12 Ballast without container (Sea trial) 

 
 

 
Fig. 13 Air resistance coefficient Cx  

on frequently happen wind direction in sea trial  
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The target container ship stacks containers in 5~7 tiers.
Since height and breadth of accommodation are approx-
imately the same as those of container boxes, it is as-
sumed that all container boxes are covered by shadow 
of the accommodation under operating condition. On 
full load operating condition, model which has contain-
ers on deck showed the smallest air resistance coeffi-
cient.  
However, sea trial model at full load (without container 
boxes) showed the largest air resistance. The coefficient 
trend was similar to that of ballast condition rather than 
full load operation condition as the lashing bridge was 
exposed similar to ballast condition. That was supposed 
to increase air resistance considerably. 
ITTC recommendation and guidelines assumes that 
there is no the wind velocity in the calm water model 
test analysis. The air resistance comes from relative 
wind due to forward speed of the ship; hence, the rela-
tive wind speed is identical to ship speed with head 
wind direction. The guidelines calculate air resistance 
from formula below for every draught. 
 
        (2) 
 
 
where, standard sea water density is 1025.9 kg/m3 (at 
15 ). Equivalent air resistance coefficient Cx is 0.848 
On (2). It is similar to averaged value of full load and 
ballast Cx at 0°. SSMB is considering that Cx from 
model test applies the calm water model test analysis. 
 
  
Sea trial test 
 
The full load sea trial had carried out on early summer 
in the Korea Straits under calm weather. As shown in 
the model test, the external force like wave, wind, tide, 
swell that triggered free surface motion in cargo holds 
increase resistance. Since there was no practical method 
to remove that movements, to choose the calm weather 
day for sea trial was critical matter for sea trial. 
Seawater from sea chest was filled in No 4, No 5 and 
No 6 cargo holds with a ballast pump for 12 hours (Fig. 
14). After water was filled, all electric devices in cargo 
hold had to be shut down to prevent from sudden flood-
ing or any damages that might come from sloshing.  
 
 

 
Fig. 14. Filling seawater in cargo hold 

 
Fig. 15 Sea states watched in bridge wing (start) 

 
 

 
Fig 16 Sea trial route  

 
 

 
Fig. 17 Infrared image of No 6 cargo hold side 

 
 

 
Fig. 18 Captured image of water movement; 

It shows up and down movement by 0.3m 
  



 

 

Several waterproof infrared cameras and lights were 
installed in the cargo holds. After vessel sailing, all 
passageway to cargo holds were closed for safety. 
At the start of speed trial, the weather condition was 
BF2. The wave height was 0.5m and the absolute wind 
speed was about 3~10m/s. The swell after storm was 
observed as 1.2m height. (Fig. 15) Seawater temperature 
was 21.1 . However, when the ship ran at 24.9kts and 
25.5kts, the wave and wind condition became more 
tougher.  
Covering from 50% to 100% of MCR power, 4 speed 
points were measured. During 3 Nautical Miles(NM) 
double run, the same route was kept in spite of interrup-
tion from a fishing boat. The course directions were 
20°N and 200°N. Generally, the sea trial of container 
ship at ballast draught uses 2 NM for turning radius. For 
this sea trial, more than 4 NM was used for turning 
radius to minimize heeling motion. Fig. 16 shows the 
trial route. 
Free surface motion was observed in No 6 cargo hold. 
The water levels were supposed to be recorded at three 
locations – forward bulkhead, sidewall, and ladder – 
inside of No. 6 cargo hold. But water level at forward 
bulkhead was not recorded due to a problem in equip-
ment installation. On the sidewall, water level moved up 
and down by 0.15~0.35m during the speed trial. After 
vessel's turning, the heeling motion activated lateral 
motion of the cargo hold water. The free surface motion 
was not calm down during approaching time (Fig. 17, 
18). Another water level measured at the center of the 
cargo hold, moved only 0.1m up and down. Fortunately, 
excessive motion that could cause a structural damage 
or loss of stability was not observed during the trial. 
Fig. 19 shows time history of the water level on the 
sidewall of No 6 cargo hold at 24.9kts. Its significant 
double amplitude was 0.29m with first frequency of 
0.124Hz. The other water level measured at different 
speed showed at different speeds shows different ampli-
tudes but the similar frequency. 
 
 

 
Fig. 19 Water level in No 6 hold sidewall (24.9kts) 
 
 

       (3) 

 
where, 
h is the filling height in the tank 
B is the length of the free surface and 
g is the gravity constant 
 
DNV had published a report for the sloshing of LNG 

membrane tank ([5] DNV, 2014). For an approximate 
rectangular cross-section, the highest resonance period 
for two-dimensional standing wave sloshing motion can 
be estimated by the Eq. (3). 
No 6 cargo hold has an approximate rectangular cross-
section. Based on Eq. (3), the resonance roll frequency 
is 0.128 Hz. It confirms that the observed free surface 
movement was the standing wave sloshing motion in 
cargo hold. 
 
 
Sea trial results analysis 
 
The sea trial data was analyzed by ISO15016:2002 
method.[6] Air resistance coefficients from wind load 
test were used.  
Table 5 shows measured significant double amplitude of 
water level on No 6 cargo hold during speed trial. It was 
relatively small at 21.2kts and 23.9kts. However, at 
24.9kts, 25.5kts, twice of the amplitude was observed, 
that was much expectation in model test stage. Heeling 
motion in turning was presumed to be one of the impor-
tant causes in increase of the lateral sloshing. Change in 
wave height or rudder movement to go around a fishing 
boat and swell from the hull side direction could be one 
reason.  
To eliminate the sloshing effect from sea trial results, it 
was assumed that the added resistance from sloshing 
linearly proportional to significant double amplitude of 
water level. 
 
 

Table 5. Estimated Sloshing effect 
 

speed Double amplitude 
In No 6 cargo 

Sloshing 
effect 

21.2 kts 0.13m 1.4% 

23.9 kts 0.15m 1.6% 

24.9 kts 0.29m 2.8% 

25.5 kts 0.39m 3.7% 
 

 

 
Fig. 20 Full load sea trial power correction with car-

go hold water effect (100.0= model test) 
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Based on model test results (Table 4), the estimated 
sloshing effects on added resistance on each speed were 
listed with double amplitude in Table 5. The model test 
results covered the amplitude range from 0.13m to 
0.21m. The sloshing effect at 24.9kts and 25.5kts was 
estimated by extrapolation. 
Fig. 20 shows the relative power comparison between 
calm water model test and corrected sea trial results at 
full load. The analysis of sea trial at full load without 
sloshing effect showed about 1.6~7.0% increase in 
power compared to calm water model test results at the 
same speed.  
After applying sloshing effect correction, the analysis 
showed less than 1% difference with model test in 
21.2kts and 23.9kts. However, the difference enlarged 
to 2.2% and 3.0% in 24.9kts and 25.5kts respectively.  
The model test was accomplished with less than 2.4m 
sloshing condition; It seemed excessive application that 
the model test results to over 0.25m sloshing.  Moreover 
comparing simple sloshing movement in model test, 
complicated movement in cargo holds on sea trial made 
the large difference as the amplitude increase. 
In the service speed (24.5kts), the sloshing amplitude 
was in the expected range. The full load trial power was 
1.3% higher than calm water model test results. This 
power difference meant 0.1 kts speed difference on the 
same power.  
 
 
Conclusions 
 
Sea trial on container ship at full load was carried out by 
filling seawater in cargo holds. To select water filling of 
the cargo holds, structural enforcement and dynamic 
stability were considered. 
The free surface water motion in cargo holds confirmed 
as standing wave sloshing later on, was checked in tow-
ing tank test. From the added resistance comparison of 
water and solid weight model in waves, it was con-
firmed that free surface water in cargo holds generate 
additional resistance. 
Air resistance for the sea trial at full load was different 
to that of full load operation or ballast conditions be-
cause of different configuration of lashing bridge. Wind 
load test or numerical simulation results were impera-
tive for sea trial analysis.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Since there was no practical method to remove the free 
surface motion in cargo holds, the selection of the sea 
trial day on calm weather was a critical matter to reduce 
the sloshing effect. The sloshing was caused by heeling 
motion in turning. Other environmental forces such as 
rudder, wave and swell could raise the free surface mo-
tion. As sloshing starts, the free surface motion was not 
calm down within short period. To eliminate such slosh-
ing effect from sea trial results, it was assumed that the 
added resistance from sloshing linearly proportional to 
significant double amplitude of water level. However 
extrapolation of model test results in underestimate the 
sloshing effect. 
The service speed in sea trial at full load was only dif-
ferent by 0.1 kts from that in calm water model test. 
Hence, the model test at SSMB successfully proved its 
reliability in container ship performance.  
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Abstract  
To correct ship speed trials for limited shallow-water effects, 
Lackenby’s method is currently recommended by the ITTC. 
This method appears to be based on very few and inadequate 
data. To replace it, a new procedure is proposed. It corrects 
separately  for the effects of shallow water on the different 
components of ship resistance. These have been identified by 
computational studies.A simple algorithm is proposed to 
estimate a power increase for equal speed in shallow water. 
This new correction method has been applied to dedicated 
shallow-water trials for two ships and was found to perform 
much better than Lackenby’s method. 
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Introduction 
Speed trials are an important stage in the delivery of a 
ship. The speed and power are measured at sea to con-
firm that the ship’s performance in specified conditions 
--- usually deep water, no wind and no waves --- agrees 
with the contract. As actual conditions are often differ-
ent, procedures are in place to correct the measurements 
for environmental effects. The latest guidelines have 
resulted from the STA (Ship Trial Analysis) Joint-
Industry Project (Van den Boom et al, 2013).  
Large or fast ships need really deep water to avoid all 
effects of limited water depths, and this may not be 
found within an acceptable distance from the yard. E.g. 
for today’s large containerships, water depths over 100 
m may be needed to keep the effect on required power 
below 1%. Therefore, frequently trials are conducted in 
water that is too shallow, causing incipient shallow-
water effects that lead to a reduction of the speed 
achieved. A correction procedure is thus desired for 
such effects. The ITTC Recommended Procedure 
(ITTC, 2014) prescribes to apply Lackenby’s correction 
for this. However, this is still considered a weak point, 
experience suggesting that the corrections may be too 
large. 
This was the incentive for a study on shallow water 
effects, and their impact on full-scale speed trials in 
particular. An alternative procedure has been developed 
and proposed to the STA Group. Some tests have been 
made using dedicated speed trials in various water 

depths, showing its much better performance than 
Lackenby’s method. It is intended to propose the new 
correction procedure to the ITTC for possible adoption. 
The paper is set up as follows. The next section briefly 
reviews Lackenby’s method and its background. Then 
the idea behind the new method is outlined. It applies 
separate corrections to the different components deter-
mining the ship’s performance; and these are subse-
quently discussed. The present correction method is 
illustrated by some examples. Then we consider the 
results for two recent shallow-water trials and some 
older data. Conclusions are collected in the final section. 
 
Lackenby’s Method 
The shallow-water correction method most often used is 
that of Lackenby (1963). It modifies the speed-power 
curve by correcting the measured speed, assuming un-
changed power. This speed correction follows from: 

             (1) 

The first part depends on the geometric parameter 
Am/H2, in which Am is the midship sectional area and 
H the water depth. The second part depends on the 
depth Froude number /HFn V gH . While Lackenby 
himself has given no indication of the range of applica-
tion, the ITTC procedure restricts it to 0.6 < FnH < 0.7, 
and 0.111 < Am/H2 < 0.25. In this range, the maximum 
speed correction is 4.3%. 
Lackenby based his formula on a reanalysis of the 
method of Schlichting (1934). Schlichting had proposed 
a simple calculation method to construct a shallow-
water resistance curve from a deep-water curve (or 
inversely). He first split the resistance in a frictional and 
residual resistance. The latter is often dominated by 
wave resistance. Schlichting assumed that for a given 
ship, the wave resistance would be completely deter-
mined by the length of the waves generated. As waves 
of a given length have a higher propagation speed in 
deep than in shallow water, this would mean that wave 
resistance in shallow water at a given speed would be 
equal to that in deep water at a higher speed. The resid-
ual resistance curve was thus shifted by an amount de-
pendent on FnH. For the frictional resistance, he derived 
an empirical correction in terms of an assumed 
overspeed along the hull dependent on Am/H2. However, 



its value was derived from his model-test data, to cover 
the remaining gap in total resistance after the wave 
correction had been made; and with some support from 
velocity measurements in the model basin. 
Now this wave resistance correction is a severe simpli-
fication. It assumes that ship waves propagate with the 
same speed as the ship, which is only true for transverse 
waves. Also, the wave resistance depends not just on 
wave length but also on wave amplitude. An effect of 
additional sinkage in shallow water is disregarded. 
Therefore, the wave resistance correction cannot be 
expected to be accurate; and its deviations are implicitly 
incorporated in the frictional-resistance correction, 
found by correlating with the model-test data.  
Moreover, Schlichting’s model tests were just for 3 
cruisers of that era, with extreme slenderness and rather 
high speeds. His tentative application to some trial data 
again was for such ships, at high FnH values; and yield-
ed mixed results. In his paper, Schlichting never claims 
this is a final solution, but just hopes it is a step forward. 
Thirty years later Lackenby extended Schlichting’s 
diagrams towards smaller effects, and has cast it into a 
simpler form, Eq. (1). No additional model data or vali-
dations are mentioned in his paper, and we have not 
found any later validation either, so it seems to be still 
based on only those data for 3 cruisers from the 1930’s.  
While the validity of Lackenby’s formula and 
Schlichting’s method were thus meant to be compara-
ble, we note one important difference. Let us consider 
the expression for a ship’s power in terms of its re-
sistance Rt and propulsive efficiency ηD: 

 

Schlichting constructed a resistance curve, and assumed 
that propulsive efficiency ηD would be unaffected by 
shallow water. Therefore, a speed loss of a % found for 
equal resistance would mean, a % lower speed at a % 
lower power. But Lackenby applies the speed loss to the 
power curve, and thus gets a % lower speed at equal 
power! This systematic difference, causing Lackenby’s 
estimate of shallow-water effects to be larger than 
Schlichting’s, seems not to have been clearly identified, 
except that it is alluded to by Scott (1966). 
We conclude that Lackenby’s method is based on no 
more data than Schlichting’s, i.e. data probably inade-
quate for most current ships; that it is larger than 
Schlichting’s correction by being applied to the power 
curve; and that the part of the formula that normally is 
dominant, i.e. the Am/H2 term, has little empirical sup-
port. It is surprising that this expression is still in use 
after more than 50 years. 
 
A New Correction Method 
For a new correction method, we aim at a relatively 
simple formulation again; since for ship trials, often no 
complete data are available to those that need to make 
the corrections. So we cannot base ourselves on model 
tests results for the vessel considered, or even on a 
linesplan. As a result, the method will be approximate, 
disregarding dependencies on detailed hull form coeffi-

cients or propeller data, and can at best be precise on 
average. 
Shallow water has various effects on quantities playing 
a role in ship performance. Probably best known is the 
effect of water depth on wave resistance, which is par-
ticularly drastic for high depth Froude numbers. Less 
known but more important for our purpose is the effect 
on the viscous resistance. Besides, shallow water in-
creases the dynamic sinkage of the ship (squat), which 
causes an additional increase of the wave and viscous 
resistance; which we shall deal with separately. But also 
the propulsive efficiency may be affected, due to effects 
on wake, thrust deduction and, indirectly, on open-water 
efficiency. 
All these effects depend on different parameters and 
have different trends.  Therefore, a global correction 
like Lackenby’s is unlikely to be adequate for many 
ships. Instead, we aim for a componentwise, physics-
based correction method, and for this we have done 
studies of the separate components mentioned, deter-
mining the trends and meaningful parameters. To do 
this by model testing would be a massive amount of 
work. Moreover, in shallow water the tank walls would 
cause additional effects that would obscure the true 
effects of water depth. Instead, we base ourselves main-
ly on computational tools, which clearly and efficiently 
display the trends and allow to separate the effects. 
In the next sections, we address the viscous and the 
wave resistance, both leaving the additional sinkage out 
of account; then we consider the effect of the additional 
sinkage on both; and the propulsive efficiency. 
 
Viscous Resistance 
Viscous resistance can be well computed using Reyn-
olds-Averaged Navier-Stokes (RANS) solvers. Today, it 
is customary to include the wave making in viscous-
flow computations for the flow around a ship hull. This 
does give the most complete picture of the actual flow 
field, but it provides a frictional and a pressure re-
sistance, not a viscous and wave resistance. Our 
knowledge on physical effects of shallow water cannot 
be applied to those resistance components. 
Therefore, to get the true viscous resistance we have 
made ‘double-body’ computations, in which the water 
surface is kept flat and treated as a symmetry plane. The 
flow thus found can be considered as the limiting case 
for low ship speeds; accordingly, dynamic trim and 
sinkage were left out of account. This is the common 
way of computing a ‘form factor’. 
The code we have used was PARNASSOS, a special 
RANS solver developed by MARIN and IST and used 
in practical ship design projects since long (Hoekstra, 
1999;  Van der Ploeg et al., 2000). It is a multiblock 
structured-grid solver with a direct coupling between 
momentum and continuity equations. Being dedicated to 
the present type of flows, it is a particularly efficient 
code, and many of the present computations, with grids 
of up to 19 million cells,  have just been done on a desk-
top PC. Its application to the present problem, the pre-
ceding study on shallow-water domain size require-



ments and an assessment of numerical accuracy are 
discussed in (Raven, 2012). Computations for some 
ships in a range of water depths are discussed, and it is 
shown that the computed increase of the viscous re-
sistance in shallow water was significantly smaller than 
that from Schlichting’s method, and was best represent-
ed as a function of T/H, not Am/H2. Here, T is the draft 
of the ship. One suitable option would be an expression 
for the increase of the form factor 1+k, as proposed by 
Millward (1989).  Somewhat better correlation was, 
however, found for a representation  

/ 1
b

deep
TCv Cv a
H

                                                  (2) 

which fitted the computed data for both model and full 
scale very well for the ships selected, up to T/H = 0.5. 
For even smaller water depth, more spreading occurred. 
Measured form factors from model tests by Millward 
(1989), for 7 other ships in various water depths, have 
been added to the diagram and agreed well with this 
mean line.  
Since then, computations for several other vessels have 
been added. Fig. 1 now contains computed values for 10 
different ships, at model or full scale or both, and model 
test data for 7 others, in various water depths. 
With the new data added, the previously estimated mean 
line (for which a and b had not yet been published) has 
been updated. The mean line shown in the graph has 
been found as a least-squares approximation in a dou-
ble-logarithmic plot, but just taking into account the 
data for T/H < 0.5. While there is also some spread 
around the mean line for T/H < 0.5, for even more shal-
low conditions the variation increases substantially, as 
hull form particulars become more important for the 
shallow-water influence. For trial corrections one 
should stay out of this range. 
The new mean line has the following expression: 

1.79
/ 1 0.57deep

TCv Cv
H

                                  (3) 

to be used for T/H < 0.5 only.  

 
Fig. 1 Relative increase of viscous resistance coefficient 

against draft / water depth ratio; from computations and 
Millward's model tests. 

Wave Resistance 
The effect of water depth on ship wave patterns is gen-
erally known. The dominant parameter is the depth 
Froude number FnH. For FnH tending to 1.0, i.e. the 
vessel approaching critical speed, the Kelvin angle in-
creases gradually to 90 degrees, the waves become 
longer than in deep water at equal speed, and wave 
resistance increases, sometimes drastically. The latter is 
the main consideration in Schlichting’s method. Close 
to critical speed, the amount of wave resistance aug-
mentation depends on the strength of transverse waves, 
therefore on detailed properties of the ship considered 
(Larsson & Raven, 2010). 
Here again, instead of trying to identify these trends 
from measurements, we use computations. The code we 
use is RAPID, a nonlinear free-surface potential-flow 
code (Raven, 1996) that has been extensively validated 
and is known to be accurate. While the wave resistance 
prediction itself is not always precise, in particular due 
to the neglect of viscous effects on stern waves, we 
want to study the trends with water depth, for which it is 
a suitable tool. 
Shallow water is implemented in the code by mirroring 
in the bottom. It is simple and efficient to restart a com-
putation for a stepwise reduced water depth. Changes of 
the wave resistance are thus easily determined.  
From a series of computations for various vessels, we 
note the known fact that, prior to a change of the wave 
lengths, already the wave amplitude can increase in 
limited water depth. This may be due to the modified 
streamline paths over the hull, resulting in a larger full-
ness and pressure gradients in case of small keel clear-
ance; but also due to the increased dynamic sinkage in 
shallow water. We found that a clearer view of the ef-
fect of water depth on wave resistance is obtained by 
keeping the dynamic trim and sinkage fixed at their 
deep-water values, which is easily done in the computa-
tions. The additional effect of the increased sinkage in 
shallow water will be addressed in the next section. 

 
Fig. 2 Relative increase of wave resistance against depth 

Froude number. 

Fig. 2 shows the resulting graphs for wave resistance 
against FnH, for 6 ships at a number of speeds. Clearly, 
somewhere in the range 0.65 < FnH < 0.85 a sudden 
large increase of the wave resistance sets in, and this 
range needs to be avoided for ‘deep-water’ trials. For 



FnH < 0.65 there are small variations, and some cases 
were found with a slight increase or decrease of the 
wave resistance. This depends strongly on the hull form 
and cannot be easily estimated, other than by computa-
tion. Therefore, in our estimation method we assume no 
change of the wave resistance up to FnH = 0.65, except 
for the sinkage effect to be considered next. 
 
Effect of Sinkage 
For both the viscous and the wave resistance, we have 
left out of account the effect of the increased dynamic 
sinkage of a ship in shallow water. Even without the 
presence of a bottom, such a draft increase would in-
crease the viscous and wave resistance, and we need to 
take it into account. Now in trial correction methods, 
there is already an accepted way to correct for limited 
draft differences. It assumes that the Admiralty coeffi-
cient remains unchanged for draft changes, i.e. the total 
resistance is assumed proportional to Δ2/3. The change 
of the displacement Δ can be derived from the 
waterplane area and the additional sinkage.  
Therefore, we still need an estimate for the increase of 
the dynamic sinkage in shallow water. Several empirical 
expressions for ‘ship squat’ in shallow water have been 
proposed in the literature. However, their use here is 
problematic: 
 We want to estimate the increase of the dynamic 

sinkage due to shallow water. But most of these ex-
pressions predict zero sinkage in infinite water 
depth. 

 Many squat predictors are for the maximum draft 
increase, at the bow or at the stern, not for that at 
midship.  

 Most have been derived from model-test results. 
However, shallow-water model tests typically suf-
fer from tank wall effects, which can cause a quite 
significant increase of the sinkage in particular. 

Therefore, we had to find a method that avoids these 
problems. Again we have used the same free-surface 
potential-flow code, RAPID, to generate many sinkage 
data in deep and shallow water. Sinkage is easy to pre-
dict and these values are considered reliable. Next we 
have compared the empirical estimates with these data. 
These appeared to yield mutually much different results, 
casting doubt on their validity. Fig. 3 shows an example, 
also illustrating the need to have a better estimate of 
deep-water sinkage for our purpose. 
However, good sinkage predictions were obtained by 
starting from an analytically-derived expression by 
Tuck (1966): 
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Here the coefficient cs depends on the hull form but not 
on speed or water depth. For practical use we need a 
further approximation, and found one by Hooft (1977), 
who proposed: 
 
 

 
Fig. 3. Example of empirical sinkage predictions compared 
with computed values (Rapid). KVLCC2 tanker bench-
mark case, L = 320, 15.5 knots. 
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in which an average value for Cz would be 1.46. Thus 
the speed dependence is that from Tuck, but the hull 
form dependence is reduced to a simple fullness coeffi-
cient. 
Now for H →∞ also this sinkage estimate vanishes, so it 
is not appropriate for estimating the draft increase in 
shallow water. We still need a method to estimate the 
deep-water sinkage. Here we have borrowed an idea 
from Ankudinov et al (1996), who suggest to estimate 
the deep-water sinkage from the expression for shallow-
water sinkage by putting H = 0.3 L. We apply this idea 
to the formula given by Hooft, and get: 
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       (6) 

in which HD= 0.3 L is the corresponding ‘deep-water’ 
depth.   
This expression appears to give a fair agreement with 
the sinkage increase in shallow water computed by the 
potential-flow code for various ships. Fig.4 shows this 
correlation, for 4 different ships (shown by different 
markers), from tanker to slender ferry, most at two 
speeds. 
 

 
Fig. 4. Correlation between sinkage increase in shallow 

water, computed by RAPID; and estimated from Eq. (6). 
  



With these expressions we can estimate the additional 
resistance increase due to the increased dynamic sink-
age in shallow water. We need to realise, however, that 
the validity of a constant Admiralty coefficient is lim-
ited. The ITTC procedure (ITTC, 2014) suggests to 
limit its applicability to 2% displacement differences 
(formerly, 5%). In the applications discussed below, we 
frequently exceed that limit. Therefore, some improve-
ment or specific validation of this approximation may 
be desired, and is planned as further work.  
This is the last component in the correction of the re-
sistance. 
 
Propulsive efficiency 
If the propulsive efficiency ηD would be unaffected by 
shallow water, the relative power increase would be 
equal to the relative resistance increase, as Schlichting 
assumed. But is it? 
If we consider the decomposition 

1
1D H R O R O

t
w  

we see that changes of the wake fraction w, the thrust 
deduction t, the relative rotative efficiency ηR and the 
open-water efficiency ηO affect the propulsive efficien-
cy.  
The thrust deduction t stems from the action of the pro-
peller pressure field on the ship’s stern. This pressure 
field typically exerts an aftward force on the stern, by 
which a fraction t of the propeller thrust is lost. In shal-
low water, one would expect this fraction to increase, as 
the propeller pressure field will extend to greater dis-
tances (2D rather than 3D domain). From some RANS 
computations this was actually found, but only for really 
shallow situations. Also some available model tests 
showed no clear trend for the depth range we are here 
considering. 
From the RANS computations done, the increase of the 
wake fraction w in shallow water appeared to be fairly 
pronounced, but differing a lot between ships and pro-
pulsion configurations, and no uniform representation 
was found. As long as T/H is limited, as it is supposed 
to be for trial corrections, the effect, expressed as a 
decrease of the average propeller inflow speed at full 
scale, is small. This decreased inflow speed would in-
crease the hull efficiency ηH, as long as the thrust deduc-
tion does not increase yet. 
The open-water efficiency ηO is subject to two main 
effects: an increased required thrust due to the resistance 
increase in shallow water; and a reduced inflow speed 
due to the increase of the wake fraction. Both changes 
typically cause a decrease of ηO. The latter effect often 
already compensates half of the increase of the hull 
efficiency, but much dependent on the propeller load-
ing. To make a more precise estimate of the net effect, 
one would need detailed data on the open-water diagram 
and propeller operation point.   
As to ηR, we have no clear view of how shallow water 
could affect it, other than by substantial changes of the 

wake field. This seems to be out of scope for trial cor-
rections. 
For a few cases we have evaluated the main components 
of the propulsive efficiency and, subject to the simplifi-
cations made, always found its change to be a lot small-
er than the change of the resistance. It varied between    
-1% and +1%. Two examples are given in the next sec-
tion. For the simplicity of the correction method we 
disregard this effect altogether. 
 
Examples 
Let us consider two examples to illustrate the algorithm 
and the magnitude of the various corrections. 
The first is the KVLCC2m tanker, a generic CFD 
benchmark case, at 15.5 knots. The ship has dimensions 
320 * 58 * 20.8 m and block coefficient 0.81. Accord-
ing to the ITTC procedure, Lackenby’s shallow-water 
correction may be applied for 69.5 < H < 104 m. We 
take H = 70 m. 
As T/H = 0.297, from the mean line in Fig. 1 we find 
that the viscous resistance increase is 6.5%. FnH = 0.31, 
so we assume no change of the wave resistance. For this 
case viscous resistance is about 90% of the total, so the 
overall resistance increase, without the increased sink-
age effect, becomes 0.9*6.5% = 5.8%. 
Eq. (6) yields an increase of dynamic sinkage of 0.13 m. 
This increases the total resistance by a further factor 
1.005. The total resistance increase then is 6.4%. 
Regarding the propulsive efficiency, from RANS com-
putations, we find that the nominal wake fraction in-
creases from 0.277 to 0.297; while thrust deduction 
increases from 0.171 to 0.18. Hull efficiency thus in-
creases by 1.7% in shallow water. From the assumed 
decrease of the open-water efficiency, propulsive effi-
ciency is estimated to increase by 1% at most. The re-
sulting overall power increase would be around 5.3%. 
We notice for this slow ship that the viscous-resistance 
increase is dominant, and the change of the propulsive 
efficiency is a secondary effect. 
Lackenby’s formula for this case yields a speed loss of 
2.4% which would amount to a power increase near 
7.4%. 
 
For another example, a 150 m ferry with Cb = 0.60 and 
6 m draft, at 20 knots, the appropriate range for the 
Lackenby correction is H >25.7 m. From the predictions 
based on model tests, the proportion of viscous re-
sistance in deep water is about 75%. For H=25.7 m, 
viscous resistance increases by 3.6%. As FnH = 0.65, 
wave resistance should not increase yet (as confirmed 
by a RAPID computation for this case). The additional 
dynamic sinkage however is 0.27 m, causing a 5.9% 
displacement increase, yielding an estimated further 
increase of the total resistance by 3.9%. The overall 
resistance increase then becomes 
(0.75*1.036+0.25*1.0)*1.039 = 1.067. In this case the 
effect of the increased dynamic sinkage dominates, as a 
result of the higher FnH. 
A more precise evaluation of the propulsive efficiency 



yields a loss of about 1%, so the power increase would 
be 7.7%.  
Lackenby here predicts a speed loss at equal power of 
3.25% or 0.65 kn. From the power curve which rises 
steeply in this speed range, this translates to a power 
increase of 15.0%. 
Both examples illustrate that the two main corrections 
included are usually dominant, while the assumption of 
an unchanged propulsive efficiency seems reasonable 
and practical. 
 
Overview of shallow-water correction method 
For clarity we here repeat all relations finally used. 
 
Required input 
Ship data: L, B, T, Cb, Awp ; where Cb is block coeffi-
cient and Awp is the waterplane area. 
Case data: list of: Ship speed V, water depth H, and 
relative contribution of viscous resistance, rvisc (in deep 
water, at this speed) 
 
1. Correct viscous resistance 
rvfac = 1.0 + 0.57 (T/H) 1.79 

2. (do not) correct wave resistance 
 rwfac = 1.0 
 
3. Resulting resistance increase factor (without addi-
tional sinkage): 
rtfac0 = rvisc * rvfac + (1-rvisc) * rwfac 

4. Estimate additional sinkage: 
Displacement  Δ= L.B.T.Cb 

Estimate increase of dynamic sinkage in shallow water: 

/HFn V gH  
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5. Estimate resulting additional displacement: 

sinkage( )* /wpd A  

6. Estimate resistance increase caused by additional 
sinkage in shallow water (constant Admiralty coeffi-
cient):  

2/3rsink  

7. Suppose unchanged propulsive efficiency 
 
8. Resulting total power increase factor due to shallow 
water: 
rtfac = rtfac0 * rsink 

Limits of applicability: 
 FnH < 0.65. Otherwise, a large wave resistance 

increase possible 

 T/H < 0.5. For even smaller depths, viscous re-
sistance increase cannot be accurately estimated 
from simple formula 

 0.05 . If displacement increase due to addi-
tional sinkage > 5%, better estimates for effect of 
draft difference needed. 

 
Estimating the Viscous Resistance Fraction 
We thus have established a correction factor for the 
viscous resistance, a limiting FnH value for disregarding 
wave resistance changes, and an overall correction for 
the total resistance increase due to additional sinkage. 
Still, we need to know the relative proportion of viscous 
and wave resistance; as these respond differently to 
water depth. This can be a rather approximate figure as 
it does not affect the final result strongly, but a standard 
procedure is desired to get to an undisputed value. 
The required input value is the relative contribution of 
the viscous resistance for the ship at full scale in deep 
water. This should be the actual viscous resistance, not 
frictional resistance. Contributions that typically are in 
the ‘residual’ resistance, such as wave resistance but 
also drag of bow thruster openings, immersed transoms 
etc. should be excluded. The best source of this value is 
a full-scale prediction from model tests, and this is what 
we have used in the examples shown. The viscous re-
sistance, augmented by a roughness allowance (but not 
a correlation allowance), is the proper value to use.  
In case no predictions from model tests are available, 
there is an alternative scheme. The total viscous re-
sistance in deep water can be estimated from a flat-plate 
friction formula, with an empirical form factor. A 
roughness allowance should be added, for which 
Townsin’s formula can be used. From the relative in-
crease from Eq. (3) we can then obtain the absolute 
resistance increase. Next, this is treated just like the 
resistance corrections for wind and waves: dividing by 
an estimated ηD we get a power increase. Subsequently, 
we still apply the multiplicative correction for the addi-
tional dynamic sinkage, steps 4-6 in the scheme above. 
 
Comparison with Full-Scale Trials 
Dedicated full-scale speed trials with two vessels have 
been carried out to check the present method and  
Lackenby’s. For a third vessel, a rather slender and fast 
naval academy vessel, such trials are being performed at 
the time of writing. Since the new correction method 
has been based on computations and some model tests, 
these trials provide an independent test.  
 
Dredger 
For a hopper dredger, shallow-water trials have been 
done to check the present procedure, as part of the 
SHOALS Power project, supported by the STA group. 
For this vessel, with draft of 7.12 m, the usual Lackenby 
correction may be applied for  22.6 m < H < 34 m. 
Based on this, target water depths were selected from 12 
m to deep water. Trials were performed in ideal weather 
conditions, no wind and no waves, but in a coastal area 
with a tidal current up to 1.7 kn. Double or triple coun-



ter runs have been made to eliminate its effect, but an 
effect on measurement accuracy remains. Power curves 
were thus measured, for water depths of 12, 18, 24 and 
40 m average. These are shown in Fig. 5, in an unquan-
tified way for proprietary reasons. 

 
Fig. 5 Measured power curves for dredger in various wa-

ter depths. 
One notices immediately that the difference between all 
curves is quite small. The maximum speed loss is just 
0.3 kn, for H/T = 1.7 . Moreover, some of the points at 
the lowest speed are not in the expected order, some-
thing that no correction method will predict. Measure-
ment errors are the suspected cause here. 
Nevertheless, a good impression can be obtained if we 
correct each of these measured power curves to deep 
water, using both Lackenby’s method and the proposed 
method. A perfect correction method (and perfect meas-
urements) would then yield a correct deep-water power 
curve based on each of these shallow-water curves; so 
all deep-water power curves so obtained would coin-
cide, and be nearly coincident with the 40m-measure-
ment. But in Fig. 6 we see that from Lackenby’s meth-
od, the shallowest measurements lead to the lowest 
estimated deep-water curve (or the highest speed at 
given power). There are clear discrepancies between the 
lines, with speed differences up to a knot. If we stay 
within the range prescribed by the ITTC and just apply 
Lackenby’s correction to the 24 and 40 m depth, still we 
get deep-water power curves that differ significantly by 
up to 0.2 kn. While we cannot exclude this is within the 
measurement uncertainty, the tendency clearly differs. 
The same graph for the new method looks better. The 
four deep-water power curves deduced from the meas-
urements are much closer together, and those from 24 m 
and 40 m are nearly coincident. Still, the data for 18 m 
and 12 m water depths would lead to a lower power 
curve than the others. The new correction still seems to 
be a bit too large for those conditions, but performs 
much better than Lackenby’s method in this case. Note 
that a water depth of 12 m corresponds with T/H = 0.6 
which is supposed to be outside the range of applicabil-
ity of the present method. 
Fig. 7 is another view of the result, showing the speed 
loss for the maximum power, against the water depth. 
The black markers are the measurements; the red dashed 
line is Lackenby’s method, the solid blue line the new 

correction method. It illustrates that the Lackenby cor-
rection is perhaps tolerable in the application range 
prescribed by the ITTC (H/T >3.2 here) but becomes far 
too large for shallower cases and is generally inade-
quate. The new correction method behaves better, still 
seems to overestimate somewhat the shallow-water 
effect for the really shallow conditions, but in view of 
the visible scatter, performs fairly well. 
We note that this particular ship had been designed for 
shallow water, so the resistance increase might be 
smaller than usual. 

 

 
Fig. 6. Deep-water power curves deduced from the differ-

ent shallow-water trial data. Top: from Lackenby's 
method. Bottom: from new correction method.

 
Fig. 7. Speed loss due to shallow water, for dredger at full 

power. Markers: from trials. Red line: Lackenby. Blue 
line: new correction 

Inland Cargo Vessel 
The next case is an inland cargo vessel of 110 m length 



at 2.90 m draft. Trials have been done in water depths of 
5.2 m, 8.1 m and 16.1 m. The shallow-water corrections 
have again been used to predict the speed-power curve 
in deep water from each of these trials.  
For Lackenby’s method, Fig.8 shows the result. The 
dashed lines are the shallow-water trial data. The full 
lines are the deep-water curves constructed from those. 
The green and black line, i.e. the deep-water predictions 
derived from the measurements in 8.1 and 5.2 m water 
depth, nearly coincide. However, the red line does not, 
and this is the one from the 16.1 m water depth, i.e. the 
one closest to really deep water. Therefore, the red line 
should be closest to the truth, and the two other lines are 
clearly too optimistic, as a result of the too large 
Lackenby correction. 
Fig.9 shows the same for the new method. The deep-
water power curves derived from the 8.1 m and 16.1 m 
water depths coincide very closely, confirming the ade-
quacy of the new correction method for this case. The 
green line, however, is a lot higher; in this case, with 
T/H = 0.56 and FnH close to 0.7 we are clearly outside 
the range of applicability of the corrections.  
 

 
Fig. 8 Trial analysis for inland cargo vessel. Dashed lines 
are measurements in water depths 5.2 m (green), 8.1 m 
(black) and 16.1m(red). Full lines are deep water curves 
found from these measurements using new correction 

method. 

 

 
Fig. 9 Same from new correction method 

 

 
Fig. 10. Speed loss relative to deep water, for inland cargo 

vessel at an intermediate power setting. Measured, and 
predicted by the new correction and Lackenby's. 

 
Fig. 11. Correlation of measured and predicted shallow-

water resistance increase, for cases from Scott (1966). 
Open symbols: Lackenby's method. Full symbols: new 

correction method. 

The speed loss graph in Fig. 10 for the same results 
shows that again, Lackenby’s correction seems much 
too large in the range relevant for trial correction, while 
the new method is much closer to reality. 
 
Data from Scott (1966) 
Data from comparative ship speed trials in deep and 
shallow water are scarce. One older usable source has 
been found, in a paper by Scott (1966) on the same 
subject of shallow-water speed corrections. Of three 
ships sufficient data are provided (or were found on the 
internet) to permit an evaluation of the present method; 
a passenger ship ‘Empress of Canada’, and the tankers 
‘Esso Newcastle’ and ‘Ottawa’. Still, estimates were 
needed of the block coefficient, waterplane area and 
viscous resistance fraction, but these will not affect the 
result substantially. The measured data suggest a limited 
measurement accuracy, as very similar conditions for 
the same ship appear to lead to resistance increments 
differing by around 0.5% or more. 
Fig. 11  compares the measured resistance increase due 
to shallow water (derived by Scott from the speed loss 
and the speed-power curve of the vessel considered), 
and the one found from the correction methods. Full 
symbols are for the method proposed here, open sym-
bols for Lackenby. Here we have not respected the low-



er limit of Am/H2 for applying Lackenby’s correction, 
as this would set some of those corrections to zero. 
Evidently, the new method is in much better agreement 
with these data than Lackenby’s. For these small correc-
tions, the average is in close agreement with the data. It 
is noteworthy that here, the new corrections are actually 
larger than Lackenby’s. 

Conclusions 
As a component of the correction procedures for envi-
ronmental effects on ship speed trials, a method is need-
ed to correct the speed/power relation for limited effects 
of shallow water. The procedure currently used, based 
on Lackenby’s formula, has very little theoretical basis 
nor full-scale validation, and frequently overestimates 
the effect. A new shallow-water correction method has 
been composed, based on separate corrections for the 
increase of viscous resistance and of dynamic sinkage in 
shallow water. For viscous resistance, a correlation has 
been determined for the relative increase as a function 
of T/H. The increase of dynamic sinkage is approximat-
ed semi-empirically, and its effect on resistance deduced 
from a constant Admiralty coefficient. For wave re-
sistance an FnH-limit is imposed. Effects on other com-
ponents have been considered but are of less im-
portance. 

A simple correction method has been composed that 
requires input of main dimensions, block coefficient and 
waterplane area; and an estimated share of viscous re-
sistance in the deep-water resistance at the speed con-
sidered, or an estimated propulsive efficiency. It then 
provides the shallow-water power increase for the de-
sired water depths and speeds. 

The method has been applied to shallow-water trial 
data, and was found to be in much better agreement 
with the measured shallow-water effects than 
Lackenby’s method. In addition, its more solid physical 
basis yields a better representation of the trends and less 
risk of large errors in applications. Further refinement is 
of course always possible, and also then the 
componentwise formulation is an advantage.  

Thus, with this new method an improved and practical 
formulation is proposed to correct the results of 
speed/power trials for effects of limited water depths.  
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The new method of speed-power trial analysis becomes valid 
on 1st September, 2015. ISO15016:2015 requires correction of 
delivered power, revolution speed, and ship speed by the direct 
power method which differs from the conventional sea trial 
methods. The direct power method divides the reasons of cor-
rection into the resistance increase and the propulsive effi-
ciency decrease in trial. The efficiency decrease in trial can be 
obtained by the load variation coefficients, quantitatively. How-
ever, the guidelines or procedures still have arguments on the 
detailed analysis of load variation test. Many of the hull form 
designers are not familiar with the effects of the load variation 
coefficients used in direct power method. In the present study, 
a series of load variation tests (LVT) for various hull forms are 
performed. The procedures on how to measure, perform, and 
analyze the LVT are presented.  The load variation coefficients 
are calculated from the load variation tests (method 1) and also 
estimated from the standard propulsion test (method 2). The 
propeller rotational speed is varied to cover the corresponding 
added resistance from -10% to +20% of the predicted total re-
sistance in the ideal condition (method 1). The effects of load 
variation coefficients on the direct power method are investi-
gated through the calculation and the test results. 
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Abstract 

The paper investigates the possibilities for improvement of 
container transport on the Danube by means of an innovative 
and unconventional container vessel design. The proposed 
design differs from standard European inland ships of the 
same capacity by shallow draught and increased breadth. It is 
demonstrated that such vessel would be less susceptible than 
the standard vessels to the weather phenomena (low water 
levels and strong winds) that hamper the navigation on the 
Danube. In the same time, the cargo capacity in terms of 
number of TEUs carried by such vessel would be increased. In 
addition to conventional methods, the study employs direct 
calculations to examine the structural strength and numerical 
experiments based on ship dynamics to assess the stability and 
safety of the vessel exposed to gusting wind. Overall, the 
results indicate the advantage of the shallow-draught vessels 
in the present day navigation conditions on the Danube. 

Keywords 

Inland container vessel; unconventional ship; unusual 
design; shallow draught; gusting wind; Danube.  

Introduction 

Despite its considerable potential as a transport corridor, 
the Danube (Fig. 1) is far from being well-utilized. 
Although the current situation could hardly be attributed 
to a single cause, it is obvious that the waterway con-
straints and dependence of the present fleet on the envi-
ronmental phenomena have a significant, negative im-
pact on reliability of inland navigation and, consequent-
ly, its competitiveness with other transportation modes.  
The navigation on the Danube is partially or completely 
suspended by the waterway authorities, whenever the 
weather conditions are considered to be extreme and, as 
such, unsafe. This includes high water levels, the occur-
rence of ice, poor visibility and strong winds. It may be 
demonstrated, though, that some prescribed operational 
limits could be increased or reduced depending on the 
type and size of the vessel and her loading condition. 
This is the case with the wind; navigation is normally 
suspended when wind speed attains 17-18 m/s. Never-
theless, it was shown that imposed limitations could be 
inappropriate in a number of realistic cases (see e.g. 
Ba kalov, 2015). 

More importantly, the Danube is characterized by the 
shallow-water sectors that limit the operability of the 
vessels and significantly hinder the navigation during 
the low water seasons. In such cases, a cargo vessel 
would normally sail with a lower draught, in an ineffi-
cient regime. There are, however, periods when naviga-
tion is completely impossible, even for the smaller ves-
sels. Moreover, according to the contemporary research 
studies on climate change effects on transport (KLI-
WAS, 2016) it seems that the frequency of low water 
periods on the Danube could even increase in the future. 
In addition to regular maintenance, improvement of the 
navigability on the Danube could require realization of 
major infrastructural projects aimed at increase of the 
river depth; these are, however, disputed over concerns 
that such activities could endanger the natural habitat of 
the river (WWF, 2005). 
On the other hand, the standard self-propelled inland 
vessels typically have “deep” draughts, often well over 
3 m, that are more suitable for the “regular” water levels 
and, in particular, for the navigation conditions on the 
Rhine. In fact, the “good shipbuilding practice” devel-
oped on the Rhine is often implemented in the design of 
the inland self-propelled vessels even if they are to be 
operated on another, quite dissimilar waterway, such as 
the Danube. Contrary to that, the present study aims to 
depart from the well-established design of the European 
CEMT Va class vessel (i.e. Large Rhine vessel) in an 
attempt to put forward a concept that would be able to 
cope with the present-day navigation conditions on the 
Danube, that is, in case that the large-scale upgrade of 
infrastructure does not take place in foreseeable future.  
The goal of the study is not to propose an “optimal” or 
the “most efficient” container vessel for the Danube, but 
rather to investigate the possibilities for improvement of 
standard inland ships through variation of main particu-
lars. The present research builds upon the experiences 
gained in some previous ship design studies. Investiga-
tion that dealt with the design of the extremely shallow-
draught bulk carrier for the Lower Danube (Ba kalov et 
al, 2014) indicated that the challenges related to the 
navigation in limited water depth could be successfully 
tackled by altering the main dimensions of the typical 
European inland ships. Hofman (2006) provided the 
guidelines for design of inland container vessels taking 
into account the restrictions on a specific waterway.  



 

 
Fig. 1: The Danube waterway, according to IDV (2014) 
 
Hekkenberg (2012) researched the optimal dimensions 
of self-propelled cargo vessels for the Rhine waterway 
network, based on a detailed cost breakdown and analy-
sis. Despite different focus, all the aforementioned stu-
dies suggest that inland vessels with atypical main di-
mensions could perform better than standard designs, 
particularly in the restricted navigation conditions. 

Design objectives 

The present study aims at a design that would achieve 
the following objectives: 

1) a container vessel should provide a continuous year-
round service, independent of environmental condi-
tions as far as practicable; 

2) the capacity of the vessel in terms of the number of 
containers carried should be maximized; 

3) the capacity of the vessel in terms of the deadweight 
should be maximized; 

4) the vessel speed should make the container service 
attractive and competitive.  

The vessel – named X-Type for the purpose of the study 
– is designed so as to fulfill the requirements of the 
Directive 2006/87/EC (EC, 2006) that sets out the tech-
nical standards applicable to vessels operating on the 
EU waterways, the ADN Agreement on transport of 
dangerous goods on European inland waterways (ADN, 
2015) and the rules for construction of inland vessels of 
DNV GL (GL, 2011). Nevertheless, as the proposed 
design would considerably differ from the typical Euro-
pean inland ships, in addition to verification of com-
pliance with the rules, a number of direct calculations 
are carried out in order to assess the structural strength 
as well as stability and safety of the vessel in a range of 
loading and environmental conditions.  

The choice of main particulars 

While the risks associated with some of the environ-
mental phenomena could be mitigated by the operation-
al measures, the navigation in shallow water should be a 
design issue. Proper selection of the deepest operational 

draught is a decisive step in the process of the design of 
the Danube self-propelled vessels. In order to extend the 
operability of the vessel, her draught should be selected 
taking into account the waterway depth constraints. The 
draught of the inland container vessels, however, may 
also depend on the air draught restrictions, related to the 
height of the bridges along the waterway. At this point, 
however, a designer faces a considerable problem given 
that the Danube water depth data are scarce, scattered 
and unreliable. Furthermore, as the permissible air 
draught depends on the water level fluctuation in the 
sites of the bridges, it is no wonder that the vertical 
clearance data are equally questionable. 
It should be acknowledged that there are certain rec-
ommendations regarding the Danube fairway dimen-
sions that may affect the choice of the vessel draught in 
the design process. According to the recommendations 
of the European Agreement on main inland waterways 
of international importance – the so called AGN 
Agreement (UNECE, 1996) – at least 2.5 m draught 
should be attained on existing waterways with fluctuat-
ing water levels over 240 days a year (or 60% of the 
navigation period) on average. The reference period is 
extended to 300 days for “upstream sections of natural 
rivers” where water levels are heavily dependent on 
weather conditions. The minimal draught requirement 
for new waterways is increased to 2.8 m. The recom-
mendations of the Danube Commission (CD, 2012) also 
refer to the minimal draught d = 2.5 m that should be 
attained at the Low Navigation and Regulation Level 
(LNRL).1 It is interesting that the previous edition of 
recommendations of the Danube Commission (CD, 
1988) stated that the minimal water depth hw = 2.5 m 
(not the vessel draught) should have been achieved at 
LNRL, downstream of Vienna. 
The inventory of the bottlenecks on the Danube (UN-
ECE, 2013) however, indicates that recommended con-
ditions are presently unrealistic, in particular during 
                                                           
1 Low Navigation and Regulation Level corresponds to the 
water level that is attained 94% of time over a period of sever-
al decades. 



“dry seasons”. On the Lower Danube, on a stretch of 
some 700 km (in Bulgaria and Romania), several sec-
tors are identified where fairway depth may be limited 
to hw = 1.6 ÷ 2.3 m, for periods as long as 70 days. On 
the joint Hungarian and Slovak sector of the Middle 
Danube, on a more than 100 km long stretch, the maxi-
mum draught could be as low as d = 1.5 m. According 
to the data presented by Ba kali  et al (2015), the aver-
age number of days during a year when navigation was 
not possible with d = 2.5 m was 59, as observed at 
Giurgiu water level measuring station (on the Lower 
Danube) over a 15 year period (1998-2012). A recent 
study, ÖIR (2013), states that unless extensive infra-
structure upgrade projects take place, the vessel draught 
of 2.5 m cannot be guaranteed in the low water periods 
even in those sectors where regular waterway mainten-
ance is sustained.  
As for the Danube bridges, the present study relied on 
the regularly updated data provided by via donau 
(2015). It is interesting that data on vertical bridge 
clearance from two different sources – via donau (2015) 
and UNECE (2013) – do not match. Again, the reliabili-
ty of data, crucial for the proper selection of the main 
dimensions of a Danube container ship, appears to be 
questionable.  
Having considered the aforementioned, the design 
draught is found as a trade-off between the goal to pro-
vide a more regular service, less dependent on the sea-
sonal water level fluctuations, and the demand to max-
imize the number of cargo units carried. The draught d 
= 2.3 m allows for loading of four container tiers with 
the corresponding air draught dA = 7.96 m, thus enabling 
sailing from the Black Sea upstream to Vienna. Further 
navigation upstream could continue with three container 
tiers. On the other hand, it would be possible to sail with 
five container tiers up to Budapest (Fig. 1).  
Aiming at the decrease of lightship, the adopted vessel 
freeboard FB = 0.2 m is just above the minimal value 
FBmin = 0.15 m prescribed by the Directive EC (2006) 
for the navigation zone 3 (which includes the Danube). 
Safety regulations for inland cargo vessels also make 
provisions for safety clearance, defined as the vertical 
distance between the lowest point of water ingress and 
the water level at maximal draft. For type C vessels 
(ships with open cargo hold), minimal safety clearance 
is SD = 0.5 m. As the hold is not protected by hatch 
covers, the upper edge of the hatch coaming is consi-
dered as the point of flooding. The hatch coaming 
height is yet to be adopted; its effectiveness as a safety 
element will be verified in the section dedicated to ship 
stability. 
The loss of deadweight due to a shallow draught could 
be compensated by increasing either breadth or length 
(or both). Hofman (2006) found that “beamy” container 
vessels (L/B = 7 ÷ 9) are generally more favorable than 
the long ones in limited waterway depth conditions: 
reduced hull weight of wider ships results in higher 
deadweight, heavier containers and lower building 
costs; this is sufficient to compensate increased resis-
tance. Hekkenberg (2015) also concluded that enlarge-
ment of breadth of the standard Rhine ships could im-

prove their competitiveness and reduce the costs.  
The breadth and length of the vessel are also dictated by 
the cargo hold capacity. With 11.4 m in beam the stan-
dard European CEMT Va class vessels carry four con-
tainer rows. The proposed design, however, would in-
troduce the fifth container row, resulting in B = 13.9 m. 
The vessel would be able to sail in a side by side forma-
tion with a standard, 11.4 m wide barge up to Freude-
nau, where the lock chambers are 24 m wide. As the 
locks in Regensburg, on the Upper Danube (see Fig. 1), 
cannot accommodate ships with more than 11.65 m in 
beam, the upstream navigation would not be possible 
beyond that point. This, however, is not considered as a 
major drawback of the proposed design given that a 
service provided by an X-Type vessel would still be 
able to cover almost entire navigable course of the river. 
Regarding the vessel length, it seems that there is no 
obvious, straightforward choice. The vessel length 
would have to be limited to L = 110 m if her operational 
range is meant to be extended upstream of Regensburg. 
A longer vessel could not enter the 190 m long Regens-
burg lock chamber in a coupling formation with a stan-
dard, 77 m long Danube barge. Nevertheless, it was 
already pointed out that navigation upstream of this 
point would be impossible due to increased breadth. 
This could mean that a length increase, generally favor-
able from the hydrodynamics point of view, could be 
possible as well. On the other hand, further lengthening 
would have a negative impact on the longitudinal 
strength, in particular due to the low depth of the vessel. 
It is known that the length is often the most expensive 
ship dimension. Conversely, with fixed beam and 
draught, the increase in length is followed by increase of 
number of containers carried (in this case, additional 20 
TEUs per each 6.2 m in length). The average container 
mass would decrease, but not considerably.  
For the purpose of this study, L = 103.8 m will be 
adopted. Cargo hold that corresponds to the selected 
length accommodates 12 container bays. The rationale 
behind this choice will be presented in the next section. 

Evaluation of the design performance 

Presently there are no container vessels specifically 
designed for the Danube, which makes the benchmark-
ing of the proposed X-Type difficult. This is not unex-
pected, as the container transport volumes on the Da-
nube remain low due to a combination of political and 
economic reasons that fall out of scope of this study. 
Nevertheless, several concepts of the Danube container 
vessel were recently developed. Within research 
projects Innovative Danube Vessel (IDV, 2014) and 
Next Generation European Inland Waterway Ship 
(NEWS, 2014), two container carriers for the Danube 
were conceived. In another study (Radoj i , 2009), a 
“river-adapted” shallow-draught container ship was 
developed with water-depth restrictions in mind. These 
concepts cover a wide range of design draughts, while 
keeping the standard breadth and more-less the length of 
the Large Rhine vessel. So, the performance of the pro-
posed design would be benchmarked against these con-
cepts whose main features are given in Table 1. 



Table 1: Main particulars of the existing Danube con-
tainer vessel concepts and the proposed X-Type 
design 

Concept IDV 
(2014)  

NEWS 
(2014)  

Radoj i  
(2009)  X-Type 

L [m]  105  110  104  103.8  
B [m]  11.4  11.44  11.65  13.9  
d [m]  2.8  2.97  2.5  2.3  
D [m]  3.1  4.5  3.1  2.5  
mLIG [t]  688.2  989.9  695.7  670.8  
mDWT [t]  2261.2  2298.8  1969.9  2248.4  

DWT [-]  0.767  0.699  0.739  0.770  
TEU  192  1562  192  240  
mcon [t]  10.6  13.26  9.23  8.43  

The displacement of all vessels is obtained assuming the 
block coefficient CB = 0.88, a value typical for inland 
vessel hull forms. The deadweight coefficient, DWT 
stands for the deadweight to displacement ratio. The 
lightship of the examined vessels represents the average 
of values calculated using formulae proposed by Heuser 
(1986) and Hofman (2006). The formulae, based on the 
cubic module LBD, were specifically developed for 
inland cargo vessels, albeit the standard ones. So, the 
mLIG corresponding to the proposed X-Type was derived 
assuming that these formulae were also applicable to 
unconventional, low-depth ships. It will be demonstrat-
ed, however, that such assumption was justified. 
Now it is possible to explain why L = 103.8 m was 
selected in the present study: the deadweight corres-
ponding to this length is in the range of mDWT of vessels 
with much deeper draughts, IDV (2014) and NEWS 
(2014); this provides a basis for a fair comparison 
among the concepts. Higher deadweight coefficient and 
increased number of TEUs are apparent advantages of 
the X-Type vessel; relatively light containers are, how-
ever, a drawback. 
In order to assess the transport capabilities of respective 
designs, a simple parameter is introduced. Assuming 
that the proposed X-Type vessel operates fully laden 
350 days a year, the “reference cargo” is calculated as: 

350 786940C DWTR m= ⋅ = t. (1)

Reference cargo may be described as the maximal an-
nual cargo carrying capacity of the vessel. Knowing the 
deadweights of other analyzed concepts, it is possible to 
calculate the number of days required by each of the 
vessels – IDV (2014), NEWS (2014) and Radoj i  
(2009) – to transport the same amount of cargo as the 
proposed X-Type.  IDV (2014) vessel would need al-
most the same number of days, NEWS (2014) vessel 
could transport the reference cargo in one week less, 
while the Radoj i  (2009) ship would require some 
seven weeks more, due to her low design draught. How-
ever, the deadweights given in Table 1 correspond to 
navigation in unrestricted water depth, i.e. in conditions 

                                                           
2  As reported in NEWS (2014). The principal dimensions, 
however, would allow loading of 208 TEUs, whereby the 
average container mass would be mcon   10 t. 

that allow each vessel to sail with her design draught. If 
the water levels drop, or vessels are supposed to sail 
through shallow-water sectors, the situation changes 
drastically. The cargo carrying capabilities of the deep-
draught vessels sharply decrease and the time necessary 
to transport the reference cargo prolongs considerably. 
So, if water levels do not allow navigation with a 
draught greater than 2.3 m, both IDV (2014) and 
Radoj i  (2009) vessels would need some 3.5 months 
more time to do the same job, while NEWS (2014) 
would require as much as additional five months… The 
mass of containers decreases as well: at water depth 
corresponding to d = 2.3 m, the difference between the 
highest and lowest average mcon of examined concepts is 
within one ton. Although such analysis is rough, it does 
allow us to conclude: in terms of cargo carrying capaci-
ty, only NEWS (2014) vessel is marginally better than 
X-Type in unrestricted water depth; if the water depth is 
limited, as often is on the Lower Danube, the deep 
draught ships cannot compete with the proposed design. 

 
Fig. 2: Number of days necessary to transport the refer-
ence cargo, RC by each of examined vessels, depending on 
possible draught 

Still, a question of particular importance for navigation 
on the Danube remains unresolved: which water depth 
could be considered as sufficient for a safe sailing with 
a specified draught? The recommendations of the Da-
nube Commission used to indicate 0.3 m as a “clear-
ance” between the ship bottom and the river-bed. Unlike 
that, the AGN Agreement does not make any provisions 
in this respect: the fact that the clearance attained in 
course of navigation depends on the vessel speed is 
effectively disregarded.  
Speed is normally deemed as one of the crucial parame-
ters of vessel’s profitability. In restricted waterways 
such as the Lower Danube, however, the speed may be 
limited by the hydrodynamic effects related to naviga-
tion in shallow water. These “speed limits” may have to 
be applied not only in order to avoid drastic increase of 
ship resistance (that normally occurs at Fnh  0.7), but 
also to prevent contact with the river-bed and groun-
ding, due to squat. According to Schweighofer (2014), 
grounding is one of the major causes of accidents in 
inland navigation in low-water conditions. Therefore, 
the speed may be limited due to safety requirements, 
which, in turn, may increase the transport costs, as it 



was demonstrated by Ba kalov et al (2014). 
The squat of each of the analyzed concepts was esti-
mated using several approximate formulae as given by 
Briggs (2006). The maximal speed that could be at-
tained in given water depth, so as to avoid contact with 
the river bottom, was calculated as the average of 
speeds obtained using five squat-prediction formulae 
(Fig. 3). The chart indicates the clear advantage of shal-
low-draught ships in restricted water depth. For in-
stance, in hw = 3 m, if fully laden, X-Type vessel could 
sail with some 15 km/h, Radoj i  (2009) vessel would 
be able to attain around 13.5 km/h, while IDV (2014) 
vessel would have to reduce the speed below 9 km/h. Of 
course, at this water depth, the NEWS (2014) vessel 
could not sail at her design draught at all… 

 
Fig. 3: Maximal ship speed limited by squat. Shaded area 
represents the speeds (corresponding to Fnh  0.7) at which 
significant increase of ship resistance in shallow water 
could be expected. 

Structural strength 

Due to a high L/D ratio (over 35), the proposed design is 
considered as “unusual” by the rules for construction of 
inland vessels of DNV GL (GL, 2011). As a conse-
quence, in course of the scantling determination of ves-
sel’s structure, several specific structural checks are to 
be performed in addition to the conventional calcula-
tions according to the rules. These checks include hull 
girder stress assessment according to both the design 
bending moment calculated by the rules GL (2011) and 
the bending moment obtained by calculation of longitu-
dinal strength of the vessel. In addition, the proof of 
buckling strength of plate fields (unstiffened plates 
surrounded by framing), the proof of buckling strength 
of stiffeners (lateral and torsional buckling) and the 
strength check in testing conditions are performed as 
well. Aforementioned structural checks are to be ful-
filled by hull net scantlings. Finally adopted, gross scan-
tlings are determined by adding corrosion margin to net 
scantlings.   
The hull of the vessel is longitudinally framed, Fig 5. 
Spacing between transverse primary members (floors, 
web plating) is governed by ADN (2015) rules on one 
hand, and container positioning, on the other. In addi-
tion, local reinforcements (thick plates in inner bottom 

plating) are placed in areas of container corners.  
Having obtained preliminary hull section modulus ac-
cording to conventional classification rules, hull girder 
stress is calculated in order to prevent yielding of the 
structure with respect to bending moments. Direct longi-
tudinal strength calculation was performed in order to 
obtain bending moments, for conditions prescribed by 
the GL (2011) rules (see Fig. 4). As the calculated bend-
ing moments were lower by some 30% than the design 
ones determined by GL (2011) formulae, the latter be-
came relevant in calculation of compressive/tensile 
stresses acting on the structure elements. 

 
Fig. 4: Bending moments obtained from direct longitudinal 
strength calculation 
Unusually low depth of the vessel results in exceptional-
ly high normal stresses in the structure, in particular in 
members positioned furthermost from the neutral axis of 
the cross section, making them vulnerable to yielding 
and especially to buckling. Consequently, the net thick-
ness of plating and stiffeners of hatch coaming, deck 
and bottom structure has to be increased significantly.  
Adopted inner bottom gross thickness is lower than on 
the standard vessels. Namely, as ship-owners tend to 
extend the life of the vessel (having in mind wear-and-
tear), inner bottom thickness is normally increased by 2 
to 3 mm in comparison to the calculated one. This prac-
tice is not based on any kind of structural assessment, 
and as such need not to be performed. The strength 
checks performed in course of the present study show 
that the calculated inner bottom thickness is sufficient.  
Table 2: Steel weight calculated according to adopted 

scantlings and corresponding mass of lightship 
and mass of deadweight  

tIB [mm]  mSTEEL [t] mLIG [t] mDWT [t] 
7 (calculated) 515.3 650.5 2255.7 

9 535.4 670.5 2235.7 
10 545.5 680.5 2225.7 

Finally, the steel weight was calculated using the 
adopted scantlings, including cases when the inner bot-
tom thickness tIB was increased by 2 mm / 3 mm, fol-
lowing the aforementioned shipbuilding practice (Table 
2). As the calculated deadweight does not differ very 
much from the value used in preliminary assessment of 



 

Fig. 5: Cros
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Excelsior lost around 30 containers on the Rhine (i.e. 
one third of her load), while in April, similar number of 
containers went overboard when vessel Arc en ciel suf-
fered an accident on the Seine.  
The procedure for calculating the probability of sliding 
of unsecured containers was presented in Hofman & 
Ba kalov (2010) and Ba kalov (2015). The probability 
of sliding of a container in the uppermost tier, whereby 
friction coefficient  = 0.4 corresponding to wet steel 
surfaces was assumed, is given in Figures 6 ÷ 8. 

 
Fig. 6: Probability of sliding of a container (mcon = 8 t) in 
the uppermost tier, in five and four tiers arrangement as a 
function of metacentric height 

 
Fig. 7: Probability of sliding of a container in the upper-
most tier, in four tiers arrangement  

 
Fig. 8: Probability of sliding of a container in the upper-
most tier, in five tiers arrangement, for GMmin according to 
the regulations 

Due to relatively high metacentric heights (in range  
GM = 2.5 ÷ 5 m, when fully laden), a large displace-
ment (both of which are increasing stability moment) 

and a high B/d ratio (which increases the roll damping), 
the roll amplitudes of the vessel loaded with four con-
tainer tiers are practically negligible, even in very strong 
winds. Consequently, the probability of flooding of 
cargo hold is insignificant with 1.3 m high hatch coam-
ing. This also means that the sliding of containers (Fig. 
7) would occur primarily, but not exclusively, due to 
wind gusts and that it is virtually independent of the 
metacentric height (Fig. 6). 
The situation changes when the vessel loads five con-
tainer tiers. Depending on the cargo arrangement, when 
the vessel is fully laden, the metacentric heights could 
fall below 2 m. Moreover, the influence of wind be-
comes more pronounced as the lateral area exposed to 
wind increases by some 25%. As a result, the rolling is a 
bit heavier, still insufficient to cause cargo hold flood-
ing, yet strong enough to intensify container sliding. 
Consequently, the probability of sliding of a TEU of a 
given mass, increases between one and three orders of 
magnitude in comparison to the four tiers case (Fig. 8). 
The probability of sliding also becomes dependent on 
the metacentric height (Fig. 6). 
Although the probability of flooding of cargo hold is 
negligible even in strong beam winds, the results of the 
probabilistic analysis given in Fig. 7 and Fig. 8 show 
that, depending on the loading condition and arrange-
ment, container mass and wind speed, the safety of 
navigation rests on a proper decision related to the cargo 
securing. For instance, empty containers in the upper-
most tier would have to be secured if the mean wind 
speed exceeds 12 m/s. On the other hand, if the vessel 
loads four tiers, a container with mcon  = 8 t would not 
have to be fixed even in winds up to 24 m/s, etc. 

Energy efficiency 

Presently, there are no formal requirements concerning 
energy-efficiency of inland navigation, comparable to 
energy-efficiency design index (EEDI) established for 
sea-going ships. There are, however, some proposals for 
benchmarking of inland ships with respect to CO2 emis-
sions. In present study, approach presented by Simi  & 
Radoj i  (2013) was used to analyze the concepts of 
Danube container ships, laid out in Table 1. The method 
is altered so as to express the so called “modified EEDI” 
in grCO2/TEU-km, as is often done for container ships: 

⋅ ⋅
=

⋅
B F

TEU
TEU

P SFC CEEDI
n v

, (5)

where PB represents brake power necessary to attain 
certain service speed v, specific fuel consumption is 
SFC = 200 gr/kWh, conversion factor is CF = 3.2 
tCO2/tfuel, nTEU is the maximal number of containers 
carried. EEDITEU indices were calculated for navigation 
in limited water depth, hw = 3.5 m and given in Fig. 9. It 
should be added that the power-speed relation was de-
rived using the Marshal polynomial (Marshal et al, 
1996) and an artificial neural network based computer 
code for power prediction, developed at the University 
of Belgrade from the systematic model tests performed 
at DST towing tank in Duisburg. The vessel has a con-
ventional propulsive complex consisted of diesel en-



gines and twin ducted propellers, the propeller diameter 
being 1.55 m.  
The results suggest that the X-Type vessel would be at 
least as energy-efficient as the standard, deep draught 
ship IDV (2014). Also, it would be much more efficient 
than NEWS (2014), in the entire range of speeds. In 
fact, the only vessel that would perform better in terms 
of CO2 emissions is another shallow-draught ship – the 
concept presented by Radoj i  (2009). 

 
Fig. 9: Energy-efficiency of examined vessels in limited 
water depth 

Conclusions 

The study demonstrates that it is possible to design an 
inland container vessel for the Danube that would be – 
in contrast to the standard vessels – better adapted to the 
present waterway constraints (shallow waters) and less 
dependent on the weather phenomena (low water levels, 
strong winds) that hinder the navigation. A shallow 
draught vessel with an increased breadth would enable 
extension of operation throughout year while increasing 
the cargo capacity in comparison to existing, deeper 
draught vessels. The result of the study is the concept of 
the so called X-Type vessel, Fig. 10. 
Common naval architecture knowledge suggests that 
increased beam and high B/d and L/D ratios may result 
in improved stability, but also in greater steel weight 
and increased power requirements, in comparison to the 
standard vessels. Indeed, the calculations confirmed that 
the proposed design would be favorable from the stabili-
ty point of view. Probabilistic analysis of stability indi-
cated that an X-Type vessel, contrary to the current 
practice, would not have to halt the navigation even in 
very strong winds, provided that the probabilistic opera-
tional guidance for loading and securing of containers 
(example of which is given in Fig. 7 and Fig. 8) is ad-
hered to. Based on the loading condition and weather 
forecast, such guidance could assist Master in deciding 
whether to sail out or not / whether to secure the cargo 
or not.  
Nevertheless, the direct structural strength calculations 
have also shown that – contrary to the expected – the 
steel weight of the ship would not increase and, hence, 
the deadweight coefficient of an X-Type vessel would 
not decline. Furthermore, the proposed design would 

perform better than the standard vessels in terms of 
energy efficiency, as the increase in required power is 
outweighed by higher container carrying capacity.  

Fig. 10: X-Type container vessel for the Danube 
The analysis confirmed that the standard European self-
propelled vessels are far from optimal for the Danube 
navigation conditions. The study also demonstrated that 
improvements in that respect could be achieved already 
in the preliminary design phase, by careful selection of 
main dimensions. The proposed X-Type is unconven-
tional thanks to an unorthodox choice of main particu-
lars, while her construction material, structure and pro-
pulsive complex are, in fact, quite conventional. This 
means that an X-Type vessel could be even further 
improved, with e.g. LNG as a fuel, unconventional 
materials and alternative constructions, air lubrication, 
etc. but also emphasizes the importance of thorough 
consideration of main particulars in light of waterway 
constraints. 
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Abstract 

In this research, we have developed a new wave-piercing 
high-speed planing hull and verified its performance through 
model testing. The developed hull has a top speed of 35 knots, 
and the optimal engine was selected through resistance per-
formance testing on a model hull. Its seakeeping performance 
was compared with that of planing hulls of similar scale 
through motion testing in waves. The developed hull does not 
have the chines that existing planing hulls have, but we at-
tempted to improve performance by substituting chines for 
small side fins attached near the waterline. The fins attached 
to the hull sides caused changes in posture and contributed to 
an improvement in resistance performance. It was confirmed 
that the vertical acceleration of the developed hull’s bow was 
significantly lower than the acceleration of similar, existing 
planing hulls’ bows. 

Keywords 

Wave-piercing type high-speed planing boat; Hull form 
development; Side fin; Model test; Resistance perfor-
mance; Seakeeping performance 

Introduction 

A planing hull, which is a typical small high-speed hull, 
uses the dynamic pressure acting on the bottom of the 
boat to create upward force so that the bow rises and 
slides over the surface of the water, making high-speed 
operation possible even at low horsepower. It has the 
added benefit of being easy to design and build. How-
ever, it has the drawbacks of reduced seakeeping per-
formance in waves and limited size. Because of this, 
much research is being conducted to overcome these 
limitations. 
Theoretical research on improving the motion perfor-
mance of a planing hull in waves has been steadily on-
going. These include the following two studies. 
Grigoropoulos and Chalkias (2010) used the Rankine 
source panel method to analyze a planing hull’s motion 
in waves, and presented a double-chine planing craft 
that can reduce the bow’s vertical acceleration. Sun and 
Faltinsen (2011) used the boundary element method and 

proposed a technique that can estimate the vertical ac-
celeration of the bow in waves.  
In addition to theoretical research, there has been ongo-
ing research on improving the resistance performance of 
planing hulls using model testing. Through model test-
ing, Kihara and Ishii (1986), Kim et al. (2013), and 
others have described an effect where, as the bow’s 
deadrise angle increases, the speed performance is 
somewhat reduced, but the vertical acceleration in 
waves is also reduced. Begovic et al. (2014) also per-
formed seakeeping model tests on high-speed planing 
hulls with altered deadrise angles and confirmed that in 
hull forms with large deadrise angles, the bow’s vertical 
acceleration was reduced.  
However, when the bow’s deadrise angle is large, the 
breadth of the bow is reduced, which increases the 
craft's aspect ratio and reduces its transverse stability. 
Because of this, a hull form with a sharp bow is mainly 
used on catamarans, where it is easy to maintain trans-
verse stability, and this kind of hull form tends to have a 
small bow impact during slamming (Lavroff et al., 
2013). 
In order to overcome some of the limitations with exist-
ing planing hulls, new hull forms have been proposed in 
recent years, some of which have been put into use. 
These include the VSV (Very Slender Vessel) (Thomp-
son, 1997) and the TH (Transonic Hull) (Calderon and 
Hedd, 2011). The VSV has chines similar to a planing 
hull, and its bow is sharp like a drill while its stern is 
like that of a planing hull. On the other hand, the bow of 
the TH is sharp like the VSV’s bow, but at the stern, the 
angle is extremely small and it has a displacement hull 
form without chines. Both hull forms have an extremely 
large deadrise angle at the bow. 
As mentioned above, as the bow deadrise angle increas-
es, the speed performance tends to reduce slightly, but 
the bow vertical acceleration in waves also tends to 
reduce. Compared to normal planing hulls, the VSV and 
TH are considered to have excellent seakeeping perfor-
mance, but also to have fairly poor speed performance 
due to a large wetted surface and reduced propulsion 
efficiency. 



In this research, we have developed a new wave-
piercing high-speed planing hull form without chines, 
and we have analyzed its resistance performance and its 
motion in waves through model testing. The developed 
hull was a small hull with a total length of 8 m and a top 
speed of 35 knots. As a substitute for chines, we added 
small side attachments to study the possibility of re-
sistance performance improvements according to 
changes in the running attitude. 

Hull Form Development 

Principal Dimensions 

In this study, the craft being developed was a high-
speed leisure craft with a total length of 8 m, a top speed 
of 35 knots, and a capacity of four to five people. The 
hull material was fiber-reinforced plastic (FRP), which 
is appropriate for mass production.  
The principal dimensions of the developed hull were 
derived from actual hulls with similar concepts, shown 
in Table 1. Based on the principal dimensions of the 
actual hulls, the length to width ratio was estimated to 
be 2.8 to 3.3, and the displacement was estimated to be 
2.0 to 2.5 tons. 

Table 1:       Comparison of Principal Dimensions 

Spec. Hull-
A 

Hull-
B 

Hull-
C 

Hull-
D 

Hull-
E 

Length 
overall [m] 5.30 5.45 6.50 8.50 7.50 

Beam [m] 1.80 1.85 2.00 2.60 2.65 

Draft [m] 0.25 0.24 0.60 0.40 0.48 

Depth [m] 0.8 0.8 1.0 1.30 1.75 

Dead 
weight [kg] 554 549 1150 2115 3500 

Speed 
[knot] 40 40 25 40 40 

Hull Form Design 

For normal planing hulls, there is plenty of actual data 
available for hull form development. However, wave-
planing hulls are a new concept, and there is insufficient 
data on hull forms; therefore, the design must be devel-
oped through trial and error, using the designers’ expe-
rience. In this research, we designed the initial hull form 
based on existing planing hull design concepts and mod-
ified the bow shape to a wave shape.  
In the case of a normal planing hull, the longitudinal 
center of buoyancy, which has an acute effect on plan-
ing performance, should be located at about 40% of the 
craft’s length from the stern (Niwa, 2002; Clement, 
2004), and the deadrise angle should be 20° to 30° at the 
center of the hull and 10° to 15° at the stern, considering 
propulsion efficiency (Kihara and Ishii, 1986).  
For the TH, Alberto (2005) also proposed positioning 
the longitudinal center of buoyancy at about 40% of the 

length of the craft from the stern, just as for a normal 
planing hull. As such, we designed the developed hull 
by adjusting the displacement distribution so that the 
longitudinal center of buoyancy was also at 40%. 
Normally, an increased hull width has the advantage of 
increased transverse stability, but displacement is also 
increased, and there exists the danger that the resistance 
performance will decrease. For the developed craft, it 
was decided that the maximum width at the stern would 
be 2.2 m with a displacement of 2.0 tons, taking into 
account the weight and position of the outboard motor 
and the passengers, and the overall shape of the water-
plane would be a smooth curved surface. At the stern, 
the deadrise angle was approximately 15°, and the stern 
waterline reached the stern’s knuckle line to prevent 
danger from stern waves that can occur because of a low 
waterline; the cross-section was designed in a U shape. 
The displacement was kept at 2.0 tons while adjusting 
the deadrise angle, waterline, etc.  
After confirming the running trim and resistance per-
formance based on the results of model testing, chines 
were not considered as an appropriate addition to the 
developed hull form. The developed hull’s final lines 
and principal dimensions are shown in Fig. 1 and Table 
2, respectively. 

 

Fig. 1:                  Lines of Final Hull Form 

Table 2:    Principal Dimensions of Final Hull Form 

Items Dimension 

Length between perpendicular [m] 8.0 

Beam [m] 2.2 

Draft [m] 0.308 

Depth [m] 1.2 

Displacement [ton] 1.996 

Block Coefficient 0.39 

Prismatic Coefficient 0.65 
Longitudinal Center of Buoyancy 

[from A.P] [m] 3.10 

Longitudinal Center of Flotation 
[from A.P] [m] 2.84 

Design speed [knots] 35knots 



Model test 

Conditions 

The developed hull’s performance was analyzed 
through high-speed circulating water channel (CWC) 
model testing. The test model was made from hard ure-
thane, and its length between perpendiculars (LPP) was 
0.8 m. The tests were performed at a speed of 10 to 35 
knots at actual craft scale. 
According to Jeong et al. (2008), model tests wherein 
side fins were attached to high-speed planing hulls 
showed that the side fins caused changes in the running 
trim, which improved resistance performance. In this 
research, rather than designing a normal planing hull 
with chines or a VSV hull form, side fins were attached, 
and the effects were analyzed. 

 

 
(a) Case-1 

 
(b) Case-2 

 
(c) Case-3 

 
(d) Case-4 

Fig. 2:Photographs of Model Test Cases Showing Side Fins 

The model tests were all performed using the four test 
cases as shown in Table 3. Case-1 was a bare hull; and 
Case-2 had 0.1-m-wide (actual craft scale) side fins 
(Side Fin-1) attached from the stern to the center of the 
craft. Case-3 had fins (Side Fin-2) that were double the 

width of Side Fin-1 attached; and Case-4 had a U to V-
shaped stern form, with Side Fin-2 attached.  

Table 3:                       Model Test Cases  

Test Case Hull Form 
Case-1 Bare Hull 
Case-2 Bare Hull and Side Fin-1 
Case-3 Bare Hull and Side Fin-2 
Case-4 Modified Hull and Side Fin-2 

 

The side fins (Side Fin-1 and Side Fin-2) were located 
at about 2.5 cm (actual craft scale) below the waterline. 
They were aligned 10° from the perpendicular, and all 
fins had a triangular shape as shown in Fig. 2, and Fig. 3 
shows dimensions of side fins. 

 

Fig. 3:               Comparison of Side Fin Shapes 

Resistance Performance 

In this study, performances of the four test cases were 
compared as shown in Table 4 and Figs. 4, 5, and 6. 
Table 4 and Fig. 4 show the resistance performance per 
ton of displacement, an important performance indicator 
for high-speed hulls, and Fig. 5 and 6 show changes in 
the trim angles and sinkage, respectively, from standstill 
to the design speed.  
By comparing the resistance performance per displace-
ment ton, it can be seen from Table 4 and Fig. 4 that by 
the attachment of small side fins, resistance perfor-
mance was improved over the bare hull (Case-1). The 
resistance performance was highest for Case-2, which 
has relatively small side fins; however, the improvement 
compared to the other test cases was not particularly 
large. 
The developed hull showed different running trim char-
acteristics than a normal planing hull (Fig. 5). In a nor-
mal planing hull, the stern trim increases suddenly at 
low and medium speeds, and as the speed increases, the 
stern rises and arrives at a stable planing state with re-
duced trim (Jeong et al., 2012). However, in the devel-
oped hull, this kind of sudden trim change was not seen. 
That is, it was judged to have a stable running attitude 
even as the speed changed. Through the attachment of 
the fins, there was an overall reduction in trim, and 
when the width of the fins was increased, the effect 
increased. This was judged to be caused by the upward 
force of the side fins creating moment and preventing 
trim. For Case-4, where the stern form was changed to a 
V form and Fin-2 was attached, additional stern buoy-
ancy was created, the running trim was further reduced, 
and it showed the most stable characteristics at high 
speeds. 



Table 4:      Comparison of Resistance Performances 

Speed 
[knots] 

Case-1 
[ /⊿] 

Case-2 
[ /⊿] 

Case-3 
[ /⊿] 

Case-4 
[ /⊿] 

10 0.10 0.11 0.12 0.12 

15 0.17 0.19 0.20 0.19 

20 0.25 0.21 0.21 0.21 

25 0.31 0.24 0.24 0.23 

30 0.34 0.28 0.27 0.27 

35 0.38 0.33 0.35 0.35 
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Fig. 4:         Comparison of Resistance Performances 
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Fig. 5:                  Comparison of Trim Angles 
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      (a) Sinkage at F.P 
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       (b) Sinkage at A.P 

Fig. 6:                       Comparison of Sinkage 

The waveforms at high speeds for Case-1 and Case-4 
are compared in Figs. 7 through 10. According to these 
results, stern trim was prevented, and stern waves were 
greatly reduced by attaching side fins. Further, it could 
be observed that liquid particles flowing along the hull 
surface were separated to the sides by the side fins, and 
this was judged to be a reason for the reduction in re-
sistance observed by attaching the side fins. Through 
these results, it was confirmed that the small fins at-
tached to the developed hull’s stern not only maintained 
a stable running trim, but also prevented stern waves by 
separating the fluid particles flowing along the hull, thus 
reducing resistance. 

 
(Case-1)                                  (Case-4) 

Fig. 7:      Wave Patterns, V = 20 knots (10.3 m/s) 

 
(Case-1)                                  (Case-4) 

Fig. 8:      Wave Patterns, V = 25 knots (12.9 m/s) 

 
(Case-1)                                  (Case-4) 

Fig. 9:      Wave Patterns, V = 30 knots (15.4 m/s) 

 
(Case-1)                                  (Case-4) 

Fig. 10:     Wave Patterns, V = 35 knots (18.0 m/s) 

 
Fig. 11:                       Power Estimation 

Fig. 11 shows the actual hull’s horsepower estimated 
through model tests in a high-speed circulating water 
channel. Here, the delivered efficiency (η) was estimat-
ed at 0.6 based on the propeller efficiency presented in 
the high-speed boat outboard motor performance tests 
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carried out by Shinata (1992) and Simizu (1996). When 
the side fins were attached, it was estimated that a 150 
kW (around 170 kW considering 15% sea margin) out-
board motor was needed to produce 35 knots of speed. 

Seakeeping Performance 

To evaluate the developed hull’s motion performance in 
waves, simple model testing was performed under vari-
ous conditions, and the results were compared to model 
testing results for a planing hull of similar scale. The 
test was performed under head sea conditions, the speed 
was 15 knots, the wave height was 1 m, and the princi-
ple dimensions and shape of the compared planing boat 
are shown in Table 5 and Fig. 12, respectively. Also, 
Fig. 13 shows hull forms of the planing hull, the tran-
sonic hull, the VSV hull and the developed hull. 

Table 5: Principal Dimensions of Compared Planing Boat 

Item Dimension 

Length of all [m] 9.20 

Beam [m] 2.80 

Draft [m] 0.40 

Depth [m] 1.40 

Displacement [ton] 3.60  

 

 
Fig. 12:         Body Plan of Compared Planing Boat 

 
Fig. 13:                 Comparison of hull forms 

Fig. 14 shows a comparison of the bow maximum verti-

cal displacement and vertical acceleration in the results 
of model testing carried out at wavelength ratios (λ/L) 
of 2, 4, and 6. Here, to compare the displacement more 
accurately, a non-dimensionalized value was used for 
the craft length. Considering the motion test results, it 
can be seen that the vertical displacement in the bow at 
all wavelengths was larger for the developed hull than 
for existing planing hulls, but the vertical acceleration 
was markedly reduced. This is a result of the large bow 
deadrise angle, as mentioned by Kihara and Ishii (1986), 
Kim et al. (2013), and Begovic et al. (2014). Through 
the results of simple model testing, it was determined 
that the developed hull had improved motion perfor-
mance in waves compared to existing planing hulls. 
However, comparison analysis and testing under more 
varied conditions is needed. In this research, we hoped 
to establish a direction for hull form development based 
on resistance performance, and in further studies, we 
plan to carry out additional research under a variety of 
wave conditions.  

1.5 2 2.5 3 3.5 4 4.5 5 5.5 6 6.52

3

4

5

6

7

8

λ/L

M
ax

. A
m

pl
itu

de
, F

P 
(Z

a/
L*

10
00

)

 

 

1.5 2 2.5 3 3.5 4 4.5 5 5.5 6 6.50

1

2

3

4

V
er

tic
al

 a
cc

el
er

at
io

n,
 F

P 
(G

)Planing Hull(Max. Amplitude)
Developed Hull(Max. Amlitude)
Planing Hull(Verti. Acceleration)
Developed Hull(Verti. Acceleration)

 
Fig. 14:                 Seakeeping Performance  

Static Stability Assessment 

The developed hull's seakeeping performance showed 
an improvement over that of a normal planing hull. 
However, its thin hull width may have been expected to 
be detrimental to stability. In this research, ensuring 
stability was considered an important design variable. 
Therefore, by modeling to estimate their stability, the 
stability of the developed hull was compared with that 
of a similar actual hull as well as the transonic hull 
form. 
Fig. 15 shows the results of a comparison of the stability 
of the developed hull, an actual hull, and the transonic 
hull form. At 30°, the developed hull showed a stability 
improvement of around 50% (0.05 m) over the actual 
hull and an improvement of around 100% (0.1 m) over 
the transonic hull. Furthermore, the results of examining 
the developed hull’s buoyancy, when compared with 
several standards from the ISO-12217 small craft stabil-
ity and buoyancy evaluations, showed that it satisfied all 
requirements, as shown in Table 6. 
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Fig. 15:                 Comparison of GZ Curves 



Table 6:      Stability Analysis of Developed Hull Form 

 
Required 

Value 
(ISO-12217) 

Calculated 
Value 

Required downflooding 
height 

[m] 
0.400 0.642 

Min. permitted 
freeboard margin 

[m] 
0.112 0.331 

Max. permitted 
heel angle 

[°] 
19.40 19.20 

Conclusions 

In this research, we developed a new wave-piercing 
high-speed planing hull and verified its performance 
through model testing. The developed hull’s top speed 
was 35 knots, and the optimal engine was selected 
through resistance performance testing on a model hull. 
Its seakeeping performance was compared with planing 
hulls of similar scale through motion testing in waves. 
The developed hull did not have the chines that existing 
planing hulls have, but we attempted to improve per-
formance by substituting the chines by small side fins 
attached near the waterline. It was seen that the side fins 
caused posture changes that improved resistance per-
formance, and the vertical acceleration of the developed 
hull was significantly lower than that of existing similar 
planing hulls. 
In further studies, we plan to examine seakeeping per-
formance in more detail through model tests in a variety 
of speed and wave conditions. 
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Abstract Heading 

The analysis of “Vanino – Kholmsk” ferry line operation is 
made, need of replacement of existing ferries is designated. 
On the basis of researches Marine Engineering Bureau cre-
ated new generation high artic class railway-car-passenger 
ferry of CNF11CPD project. In comparison with existing 
ferries the new Marine Engineering Bureau project provides 
improve cargo capacity, operation without weather restric-
tions and at hard ice conditions, can effect independent moor-
ing operations (several times a day) without tug assistance, 
astern movement through constrained port of Kholmsk. Ser-
vice speed of 18 knots and 2 hours for loading operations in 
each of port allow makes round voyage per day. Forward part 
of the hull structure are designed on higher ice category 
(ARC 7). It allows to provide independent operation in heavy 
ice conditions of port Vanino. 

Keywords 

Car-passenger ferry, Sakhalin, arctic conditions, model 
tests, dangerous cargoes, ecological safety. 

Introduction 

The ferry line “Vanino-Kholmsk” a sea railway passen-
ger-and-freight 140 sea miles ferry line in Tatar strait 
which connects Sakhalin island with a continental part, 
providing more than 75% of all freight traffic and about 
25% of passenger transportations. Normal functioning 
all branches of economy of Sakhalin and supply of its 
population depends on stability of this ferry communi-
cation. 
Existing railway ferries “Sakhalin” type for a ferry line 
“Vanino-Kholmsk” (see Fig. 1) designed and built dur-
ing the period from 1972 till 1992 on Russian Register 
class of 1st Restricted navigation area. In total 10 ferries 
had been built. 
Now in operation only 4 ferries: “Sakhalins-7”, “Sakha-
lin-8”, “Sakhalin-9” and “Sakhalin-10” (see Fig. 2). 
Insufficient ice-going capability and reduction in opera-
tional parameters of existent “Sakhalin” type ferries in 
connection with physical deterioration of the hull and 
the ship equipment have led to that time of voyage has 
increased from 8 up to 14-18 hours. 
 

 
Fig. 1: Vanino-Kholmsk ferry route map 

 

 
Fig. 2: Existing ferry “Sakhalin-9” 

 
The main feature of functioning of “Vanino-Kholmsk” 
ferry line is seasonal independent operation in heavy ice 
conditions – 3-4 months in a year on a short part of 
route (in area of port Vanino) there is heavy ice condi-
tions. Significant idle times of the ferry waiting ice-
breaking assistance, or its high cost in case of individual 
assistance, lead to necessity of independent movement 
of the ferry in heavy ice conditions that imposes corre-



sponding requirements on an ice class of a vessel. 
Besides existing vessels basically are focused on trans-
portation of railway cars (there is only one cargo deck), 
and today the basic freight traffic falls at road trains. 

Concept of new generation of ferry for 
“Vanino-Kholmsk” line 

As shows the analysis of conditions of operation, during 
winter-spring navigation perspective ferry should move 
ahead with a speed about 6-8 knots in level ice of 
0.80 m thickness and with a speed about 3 knots in level 
ice of 1.0 m thickness. Thus speed of ferry on a clean 
water should make not less than 18 knots. 
New ferries in the greater degree should have increased 
railway car capacity and passengers capacity taking into 
account rising demand on vehicles (cars, road trains, 
roll-trailers) transportations. 
Thus restrictions by port of Kholmsk conditions do not 
allow to increase essentially length and draught of a 
vessel. 
New ferries should operate with use of existing old ferry 
moorings terminals, and, any time, in parallel with exis-
tent ferries “Sakhalin” type, gradually them supersed-
ing. Hence, the method of loading and arrangements of 
railways cars on board (four railway tracks on width), 
width of the ferry, system of connection with the shore 
bridge remains as existent. 
Comparison of characteristics of existent ferries “Sakha-
lin” type (project 1809) with new Marine Engineering 
Bureau generation ferry CNF11CPD project are given 
in the Table 1. 
Besides transportations of automobiles and trailers ship-
pers have one more kind of a cargo potentially new for 
this ferry line: containers and roll-trailers with heavy 
technical equipment. Therefore on the new ferry at 
preservation of function of transportation of railway 
cars (extent of railway trucks length to 440 m from 
420 m on existing ferry) increase in 2.6 times vehicle 
capacity (1036 line m from 394 m on existing). As re-
sult it is possible to place on the new ferry 48 trucks 
with semitrailers (road trains) 12-13.5 m in length and 
in addition 28 private cars. 
General views of 3D model of new ferry CNF11CPD 
project are given on the Fig. 3. 
General arrangement of new ferry CNF11CPD project 
is on the Fig. 4. 
There are 150 passenger’s places on new ferry (cargo- 
passenger variant). 5 from them in in the improved 
single cabins, 42 – in double cabins, 9 – in three-berth 
cabins, 44 – in four-berth cabins and 50 – in armchairs 
of seating saloon are placed. All cabins have wet-units 
with lavatory and douche. 
For maintenance of round voyage during one day and 
observance of the constant schedule limited time of port 
standing is required, i.e. full cargo and passenger load 
operation of a vessel should be carried out within 
2 hours. Aft ro-ro loading method is applied for this 
purpose on a vessel by means of shore railway bridge, 

and also there is an opportunity of loading of upper deck 
by the shore stationary upper level auto bridge. Side 
ramp for a loading/unloading of various vehicles on the 
main deck is provided for a case of voyage to other 
ports. 
 

Table 1: Comparison of characteristics of existent ferries 
“Sakhalin” type (project 1809) with new 
generation ferry CNF11CPD project 

Name of 
characteristics 

“Sakhalin” 
project 1809 Project CNF11CPD 

Length overall, m 127.30 131.00 
Breadth overall, 
m 20.32 22.60 

Breadth, m 19.80 22.20 
Depth to MD, m 8.80 10.10 
Depth to UD, m 14.70 16.15 
Draught, m 6.00-6.60 6.00-7.00 
ME power, kW 6 1910 4x4640 
Speed, knots 16.0 18.0 
Area of 
navigation by 
seaworthiness 

Restricted 
R1 Non restricted 

Ice-going 
capability Not fixed 

Not less than 
3.0 knots in level ice 
1.0 m thickness and 
6-8 knots in level ice 
0.8 m thickness 

Railway trucks 
length, m 420 440 

Line meters, m 394 1036 
Number of 
passengers 
(in cabin), pers. 

82 100 

Number of 
passengers 
(seats), pers. 

38 50 

 

 

 
Fig. 3: General views of 3D model of new Marine 

Engineering Bureau ferry CNF11CPD project 



 

 

 

 
Fig. 4: General arrangement of new Marine Engineering Bureau ferry CNF11CPD project 

 

Generation of hull form of new generation ferry 

Operating conditions: approximately 80-90% of running 
time, i.e. state a major problem of an optimum variant 
of hull form. The hull should have form of a high-speed 
vessel and simultaneously provide seasonal independent 
operation in heavy ice (3-4 months in a year, on a small 
extent of transition). I.e. the form of the hull should 
provide both high icebreaking, and high speed perform-
ance of a vessel. 
These requirements are answered with two alternative 
decisions under the form of the case: 
- optimized icebreaking; 
- Double Action Ship (DAS). 
So both hull forms were researched. 
The first variant has bow with icebreaking type stem 
and transom aft extremity with the skeg-stabilizer in 
CL. 
Lines drawings (Frames view) of the first variant with 

icebreaking type stem is given on the Fig. 5, 3D model 
of hull on the Fig. 6. 
 

 
Fig. 5: Lines drawings (Frames view) of the variant 

with icebreaking type stem 

 



The DAS hull form proposed by Aker Arctic company 
(AARC) connects icebreaking forms and forms of a 
high-speed vessel. Forward part is carried out as at a 
high-speed vessel with bulbous bow, the aft part is car-
ried out as an icebreaking vessel. Movement in heavy 
ice is carried out astern. 
Lines drawings (Frames view) of the DAS variant is 
given on the Fig. 7, model of hull on the Fig. 8. 
Two rudder-propellers (RP) Azipod type are foreseen as 
propulsion drivers. 
 

 
Fig. 6: 3D model of hull of the variant with 

icebreaking type stem 

 
Fig. 7: Lines drawings (Frames view) of the DAS 

variant 

 
Fig. 8: Model of hull of the DAS variant 

 

Model tests of first variant. CFD Modelling 

Numerical modelling towing tests analytical 3D models 
of hull with the help of computing hydrodynamics has 
been made at the first stage with the purpose of prelimi-
nary definition of hull performance in the set range of 
speeds (see Fig. 10, 11) (DMT, 2013a). 

 
Fig. 9: Arrangement of propulsion on the model 

of ferry in DAS variant 

 

 
Fig. 10: Distribution of pressure of water minus 

hydrostatics (scale in Pa) 

 
Fig. 11: Vectors of speed at a hull’s surface (scale 

in m/s) 

According results of models tests the hull form with 
icebreaking bow at speed of 18 knots required just 2,5% 
higher power (15729 kW) than hull with bulbous bow 
(15345 kW). 
 

Model tests of first variant. Ice tank tests 

For check of ice-going capability of hull forms have 
been made modelling Tests in the ice tank of the Krylov 
State Research Centre (KSRC, 2013b). 
The method of towage of model has been used for defi-
nition of ice resistance of the hull on ahead moving. 
Propellers are installed on model for tests by definition 
of ice resistance at astern movement of model. At per-
formance of astern towage in ice fields propellers were 



resulted in rotation. Speed of propeller’s rotation made 
12.8 revolutions in a second. On a natural vessel pres-
ence of rotating propellers leads to formation of a jet 
and washout of an ice shirt on the vessel hull. Rotating 
propellers on model provided modelling of this effect. 
Ratio between modelled parameters and a full-size ves-
sel are given in the Table 2. 
Results of photographing of the processes occurs at 
towage ahead of model of the ferry are given on Fig. 12, 
13. 
 

Table 2. Ratio between modelled parameters and 
a full-size vessel 

Name of characteristics Model Ship 
0.038 0.8 Ice thickness, m 0.057 1.2 

Ice flexural strength, kPa 23.5 500 
Speed of towing: 0.3 2.69 
Model, m/s 0.2 1.79 
Ship, knots 0.1 0.9 
 

 
Fig. 12: Model ahead towing test in level ice thickness 

~h = 38 mm and speed 0.2 m/s 

 
Fig. 13: Model ahead towing test in level ice thickness 

~h = 57 mm and speed 0.3 m/s 

 
By results of data processing the carried out experiment, 
limiting ice going capability of the ferry at moving 
ahead made 1.16 m at speed V = 3 knots and 0.84 m at 
speed V = 6 knots. 
Ice going capability of the ferry at moving ahead are 
given on the Fig. 14. 
Results of photographing of the processes occurs at 
towage astern of model of the ferry are given on Fig. 15, 
16. 
By results of data processing the carried out experiment, 
limiting Ice going capability of the ferry at moving 
astern made 0.67 m at speed V = 1.5 knots. 
Ice going capability of the ferry at moving ahead are 
given on the Fig. 17. 

 

 
Fig. 14: Ice going capability of the ferry (variant with 

icebreaking type of stem) at moving ahead 

 
Fig. 15: Model astern towing test in level ice thickness 

~h = 57 mm and speed 0.2 m/s 

 
Fig. 16: Model astern towing test in rubble Ice with 

speed 0.3 m/s. Dimension of pieces 40 40 sm 

 
Fig. 17: Ice going capability of the ferry (variant with 

icebreaking type of stem) at moving astern 

 

Model tests of DAS variant. Ice tank tests 

Model of the DAS variant of hull form tested in AARC 
ice tank (AARC, 2013c). 



The model of the vessel was built to scale 1:22.46 by 
AARC. It was equipped with two pulling type azi-
muthing thrusters with stock propellers. 
The surface of the model was treated with the special 
AARC standard method to reach the correct friction 
between ice and the model, corresponding to a newly 
painted ship hull and sea ice. 
The AARC model is presented on Fig. 18, 19. 
The model performance was tested in both ice thick-
nesses ahead and astern. 
The tests were conducted as self-propulsion tests and 
the results of the tests are the speeds the vessel can 
achieve in the tested ice conditions. 
The tests were conducted in level ice (see Fig. 20, 21), 
in ice rubble channel (see Fig. 22) and in ice ridges. The 
test series in ice fields level ice thickness corresponded 
full-scale thickness of 0.8 m and 1.0 m. 
Performance in channel was tested to vessel’s own 
channel in level ice by filling the open channel with 
brash ice. 
 

 
Fig. 18: Bow of the AARC model 

The channel brash thickness varied between 1.1 m and 
1.7 m. 

 
Fig. 19: Stern of the AARC model with thrusters 

set in astern-mode 

 
Fig. 20: The AARC model move astern in level ice 

thickness 0.8 m 

 
Fig. 21: The AARC model move astern in level ice 

thickness 1.0 m 

 
Fig. 22: The AARC model move astern in rubble 

thickness 1.7 m 

Ice resistance in level ice astern and the net thrust curve 
see Fig. 23. Ice resistance in brash ice ahead see Fig. 24. 
Ice resistance in brash ice astern see Fig. 25. 
 

 
Fig. 23: Ice resistance in level ice astern and the net 

thrust curve 

 
Fig. 24: Ice resistance in brash ice channel ahead and 

the net thrust curve 

 
Fig. 25: Ice resistance in brash ice channel astern and 

the net thrust curve 

 



Seaworthiness model tests 

For check of seaworthiness capability of hull forms 
have been made self-propelled modelling tests in the 
test tank of the Krylov State Research Centre (see 
Fig. 26, 27) (KSRC, 2013d). 
 

 
Fig. 26: Aft view of self-propelled model (variant with 

icebreaking type stem) 

 
Fig. 27: Test of model (variant with icebreaking type 

stem) at speed 2 m/s (18 knots) 

 
Results of calculations of performance and trusts char-
acteristics executed on the basis of the carried out mod-
elling tests are given on Fig. 28. 
Experimental researches of seaworthiness of the ferry 
were made for a condition of irregular waves by force of 
5 number on the Beaufort scale (H3% = 3.5 m). 
Behavior of model of the ferry on waves illustrated on 
Fig. 29, 30. 
Amplitudes of rolling with 3% probability do not sur-
pass the following values: pitch – 1.3°, heaving – 0.4 m. 
Flooding of the ferry it was observed only at speed of 
19 knots. Average frequency of flooding of bow ex-
tremity of the ferry does not exceed 20 times per hour. 
 

 
Fig. 28: Relations of required power Ps and required 

propeller’s pitch P/D and speed Vs. Ahead 

 
Fig. 29: Model on bow irregular waves at speed of 

10 knots 

 
Fig. 30: Model on bow irregular waves at speed of 

19 knots 

 

Maneuverability of the ferry 

Negative feature of Kholmsk Commercial Seaport (Sa-
khalin island) in the hydrometeorological attitude are 
harbor seiche on internal water area which are observed 
within all year. Storm waves and swell moved to coast, 
do not collapse completely, and are simply reflected 
from abrupt shore. In the entrance of port occur standing 
waves of the double height complicating ship to enter 
the port. Thus, in addition appear currents along shore 
which quickly turn slowly going vessels at the entrance 
of port even in rather calm weather. 
Existing ferries of “Sakhalin” type have only FIXED 
pitch propellers ONE aft and ONE bow and full absence 
of transverse thrusters (the typical decision for the end 
of 60th years of the last century when the existing ferry 
was designed). 
Thereof usual practice became forced entrance of ferries 
in the port astern on raised speeds that raises probability 
of collisions, creates additional wave formation and 
contradicts the generally recognized conceptions about 
safety of navigation in ports. 3 tunnel transverse thrust-
ers (2 bow and 1 aft) with power of 500 kW of each 
thruster are provided on the new ferry for maintenance 
of independent mooring and long movement astern on 
the constrained water area of ports Vanino and 
Kholmsk, pass of the entrance of Commercial port of 
Kholmsk (see Fig. 31). 
 

 
Fig. 31: Plan of Commercial port of Kholmsk 



New ferry for maintenance of controllability moving 
does not need dangerous entrance in port on high 
speeds. The ferry goes in port astern on speeds of less 
than 3 knots at which reduction in transverse thrusters 
efficiency is not observed. 
 

Choice of type and main engine power of the 
new ferry 

Under requirements of the Customer the new ferry 
should have operational speed of 18 knots on free of ice 
water and have high parameters of ice-going capability 
(speed of 3 knots in level ice thickness of 1.0 m and 6-
8 knots in level ice thickness of 0.8 m). Determining 
capacity of power installation in this case there were 
requirements of maintenance of ship’s speed on free of 
ice water and in ice thickness of 0.8 m (see Fig. 32). 
 

 
Fig. 32: Relations of speed and ice-going capability 

at propulsion power of 15.2 MW 

 
By results of the calculations, confirmed with modelling 
tests, at norm of 85% loading of diesel engines required 
power of ship’s main engine plant has made 17.9 MW. 
Application of ruder-propellers (RP) Azipod type for 
variant of DAS has determined a choice of diesel-
electric main engine power plant. 
Twin-screw (with controllable pitch propellers) diesel-
reduction main engine plant is chosen for a variant of 
the ferry with icebreaking stem type. Main engine plant 
will consist of 4 main diesel engines (two pairs). Each 
of main engines in pair works on common reduction 
gear that allows to ensure the functioning diesel engines 
in an optimum mode: on economic speed of 12 knots 
(work on 1 diesel engine in each pair), on full – 
18 knots work all 4 diesel engines. 
The further analysis has shown that ferry’s building cost 
with optimized icebreaking stem type and diesel-
reduction main engine plant is less than DAS form with 
full implementation of all requirements of technical 
specification. Thus for further design optimized ice-
breaking stem type has been chosen. 

Conclusions 

Marine Engineering Bureau created project of ferry for 

Sakhalin Island which has better characteristics than 
existing one (unrestricted sailing area, increased in 
2,6 times cargo and car capacity, possibility of inde-
pendent mooring in Kholmsk and work in hard ice con-
ditions). 
Speed of new Marine Engineering Bureau ferry 
CNF11CPD project makes 18 knots at 85% of maxi-
mum power of engines (existing ferry have speed about 
16 knots). Each of two propellers drives by two main 
engines through common reduction gear. This well-
known (for the European ferries) decision allows to hold 
economic speed in 12 knots, on full – 18 knots on ferry 
of CNF11CPD project. 
Hull form have been developed with the help of com-
puter modelling and checked up by modelling tests in 
the test tank of the Krylov State Research Centre and 
Aker Arctic. 
As a result of modelling tests seaworthiness capability 
of the new ferry are confirmed also. Flooding of the 
ferry forward part it was observed only at speed of 
19 knots. Some decrease in speed to 15-17 knots may be 
necessary only in a case of deck cargo in forward part. 
Characteristics of performance of the railway-car ferry 
of CNF11CPD project in ice conditions are received as 
a result of the carried out researches: by results of tests 
in ice tanks the ice-going capability on moving ahead at 
speed V = 3 knots will make 1.48 m, at speed 
V = 6 knots will make 1.04 m, on moving astern at 
speed V = 1.5 knots will make 0.85 m. More over for-
ward part of the hull structure are designed on higher ice 
category (Arc 7). In aggregate with ice-going capability 
at a level of ice breaker class (Icebreaker6 according to 
Russian Register classification) it allows to provide (in 
contrast to existing ferries) independent operation of the 
new ferry in heavy ice conditions on a short site of tran-
sition (approximately up to 30 miles in area of port 
Vanino). In turn it will allow to avoid significant idle 
times of the ferry of waiting common icebreaking assis-
tance, or superfluous charges in case of individual assis-
tance. 
The new concept transports up to 150 passengers, can 
also transport dangerous goods. 
The equipment installed on the ferry allows to work 
both on full and on share modes of loading, to carry out 
required technical maintenance of propulsion without 
ferry withdrawal from operation. 
 

References 

Digital Marine Technology Technical report, (2013a). 
“Sea Ferry Performance Study”, DMT-13-003. 
Krylov State Research Centre Scientific-technical re-
port, (2013b). “Model tests of railway-car ferries on free 
water and in ice conditions”, Volume 47189. 
AARC (2013c). Model Test in Ice of a double-acting 
Ferry, Report A-487. 
Krylov State Research Centre Scientific-technical re-
port, (2013d). “Research of railway-car ferries seawor-
thiness”, Volume 47198. 



Proceedings of PRADS2016

4th-8th September, 2016

Copenhagen, Denmark

Ship Hull Form Optimization Using Scenario Methods

Eva Kleinsorge1), Hannes Lindner1), Jonas Wagner1), and Robert Bronsart1)

1)University of Rostock, Germany

Abstract

An operational profile for a post-panamax container ves-
sel design, the Duisburg Test Case (DTC), operating in
an Europe-Asia-Trade is developed. As the DTC is de-
signed for benchmarking, no real service data are avail-
able. Therefore, shipping trades of similar ships and data
from shipping companies are analyzed in order to derive
operating conditions for the DTC in service.
A scenario program is applied to forecast a number of
most probable upcoming operating conditions consid-
ering several operational aspects such as changing of
transport demand, slow steaming decisions or speed re-
duction due to bad weather. To supply the forecasting
program with reasonable input values is one aspect of
this paper.
The forecasted ship specific operating conditions build
the basis for the following scenario-based optimization.
The optimization leads to a design best fitting its desig-
nated transportation tasks. Results of the hull form opti-
mization are discussed. The benefits of a scenario based
optimization are demonstrated.

Keywords

Ship Design; Hull Form Optimization; Scenario; Operat-

ing Conditions; Potential Flow Calculation

Introduction

Optimizing the ship economical performance with pri-

mary focus on its hull form resistance based on multi-

ple design condition has gained considerable importance

over the last years. Driving parameters are the increasing

fuel cost and the need to reduce emissions. Usually de-

sign conditions for optimization are derived by analyzing

the operational profile of existing ships on common ship-

ping routes. Scenario based optimization however means

to optimize based on forecasted operating conditions by

adding a scenario for future needs. This offers the po-

tential to save energy and leads to hull designs which

are more robust against changing operational conditions.

In the investigations of (Wagner et al., 2013) scenario

based optimization was already realized. Compared to

this study a distinctly advanced scenario approach is ap-

plied in the following. The basis for building up a sce-

nario and the following forecasting process defines the

operating data of a sailing ship, which is often not avail-

able. Therefore the aim of this study is to build the basis

for a study on a scenario-based optimization for the DTC

(el Moctar et al., 2012). Therefore a forecasting program

is supplied with reasonable input values. The forecasting

requires input in form of a variety of information regard-

ing route, seaway and the development of the market con-

ditions such as fuel oil price and transport demand. Also

an optimization environment has to be built up.

Scenario Program

A scenario program is developed to forecast a number of

most probable operating conditions. This section gives a

short introduction to the functionality of the program and

the information which are needed for its execution.

The forecasted operating conditions consists of draft,

speed and seastate information in form of significant

wave height and wave period. The scenario model is

considering several operational aspects by implementa-

tion of influencing factors, development functions as well

as global and local restrictions.

The draft of the ship is determined due to a specific draft-

loading-function and is influenced by the function of the

changing transport demand as well as global and local

boundary conditions due to draft restrictions of the ship

itself and restrictions along the route. The changing trans-

port demand is a function of the development of the eco-

nomic growth.

The speed of the ship is affected by

• a slow steaming function,

• a function of speed reduction due to bad weather,

• a function to regain lost time,

• and also by global and local boundary conditions.

The slow steaming function is controlled by the estimated

development function of the fuel oil price: a slow steam-

ing table determines the maximum speed according to the

fuel oil price. The speed reduction due to bad weather

conditions is also specific as a list, in which the maximum

speed is a function of the wave height. If it is necessary to

reduce the speed due to high waves the scenario program

enables, if possible, to regain lost time in following route

sectors. The speed restrictions of the ship itself and the

restrictions during the voyage has to hold nevertheless.



As the development functions of the fuel oil price and

the economic growth are basically unknown, uncertain-

ties and even crises can be considered. Uncertainties are

handled by a fluctuation function, whereas the crises is

driven by the parameters occurrence frequency, average

crisis duration, standard deviation of the crisis duration

as well as the probability of rising fuel oil price or eco-

nomic growth respectively.

All factors influencing the development of the scenario

are called scenario parameters and are predefined by the

user of the program. According to the chosen scenario

parameters a scenario is developed on the basis of a route

profile (Fig. 1).

Figure 1. Scenario Model

A route profile consists of a list of route segments and

contains the description of the trade and the amount of

goods to be transported accompanied by local constraints.

For the description of the trade, information have to be

given about the distance of the route segment, the weather

condition, the initial speed of the ship, the lay time and

the type of the port. The weather condition is specified by

a sea area ID according to the scatter table of global sea-

way statistics obtained by (Söding, 2001). The port type

is defined specifically indicating the additional services in

of port operations like docking or refueling. Information

about the number of full and empty containers (TEUs)

are necessary to calculate the draft of the vessel via the

ship specific loading-draft function.

For calculating the probability distribution of the operat-

ing conditions the Monte Carlo method is applied. The

scenario program uses all given input to run through a

specific number of life cycles creating randomly varying

vessel lives, intendedly in the end covering all future de-

velopments of the specified descriptors and their respec-

tive combinations being possible. All operating condi-

tions appearing within these runs will be clustered ac-

cording to user-given constraints and then summed up re-

spective their weightings.

Route Profile

The previous section gave a brief description of the infor-

mation which is included in the route profile, as it is one

main input for the scenario program. As no real service

data of the DTC exist, shipping trades of similar ships

are used. Hence in this paper, the route profile is derived

based on 13 800 TEU vessels of the Thalassa Hellas se-

ries. The data available are from bringing into service un-

til the end of 2014 and is limited to Europe-Asia-trades.

One single round trip of the specific vessel Thalassa Hel-

las is selected to generate the route profile for the DTC.

On the journey with a duration of about 73 days 12 ports

are called (Fig. 2).

Figure 2. Voyage of the Thalassa Hellas on the wave

statistic map from Söding

The specific route is divided into route segments, each

representing one part of the trade with constant charac-

teristics. The trip between two ports consists of at least

five route segments: port (two times), estuary trading

(two times) and transit. On the comparatively long transit

changes of weather conditions (Sea Area ID) and speed

due to crossing the Suez Canal lead to the necessity of

accordingly additional route segment.

The received operational data only contains information

about the time of arrival and departure. To determine the

initial speed of the vessel vini for each route segment, dis-

tances between two ports as well as distances at the the

port areas and rivers are based on the data found on the

website (SeaRates, 2015). Assumptions for vessel speeds

in port areas and on rivers are made to correct the real

transit time and complement the route profile. The zon-

ing of the wave statistic map from Söding helps to esti-

mate the distances of constant weather conditions and to

define the sea area ID for each route segment (Fig. 2).

For the port route segments the lay time tport and the port

type are derived. The lay times are directly taken from the

data of the Thalassa Hellas. The port type as well as local

constraints vmin,l, vmax,l and Tmax,l are determined.The

received data also contain information about the ratio of

full and empty containers. These values are used for the

calculation of full and empty TEUs respectively.

To get an impression how in the derived route profile

looks like, a section for the voyage between Rotterdam

and Hamburg is shown in Table 1.



Table 1. Route profile between ports of Rotterdam and Hamburg.

distance sea area ID vini tport port type TEUfull TEUempty vmin,l vmax,l Tmax,l

[sm] [-] [kn] [h] [-] [-] [-] [kn] [kn] [m]

0 126 0 53.33 4 5683 1933 0 0 17.5

2.4 126 6.3 0 0 1804 1698 0 10.0 0

276.8 126 19.5 0 0 1804 1698 0 0 0

3.5 126 6.3 0 0 1804 1698 0 10.0 0

0 126 0 57.5 5 1804 1698 0 0 15.1

Table 4. Speed reduction due to bad weather conditions

H1/3 [m] 4.5 5.5 6.5 7.5 8.5 9.5 10.5 11.5 12.5 13.5 14.5

vmax,H1/3
[kn] 22.8 20.6 18.4 16.2 14 11.8 9.6 7.4 5.2 3 0.8

Table 5. Parameters of the fuel oil price development

development function t ≤ 8765.82 : FOPini = 275− 50 · (t/8765.82)
t > 8765.82 : FOPini = 225 + 50 · (t/8765.82− 1)

fluctuation per day 1.5 $

occurrence frequency 40%
average crisis duration 4382.91h (0.5 years)

standard deviation of crisis duration 4382.91h (0.5 years)

probability of rising 50%

Scenario Parameter

As an additional input to the forecasting program sce-

nario parameters are necessary.

First of all the vessel characteristics and the forecasting

horizon must be defined. They are listed in Table 2.

Table 2. Scenario and vessel characteristics

time horizon 87 658.2h (10 years)

Tmin,g 10m
Tmax,g 15.5m
vmin,g 0 kn
vmax,g 25 kn
LDF 7.8136 + ((nTEU,f · 11.85

+nTEU,e · 2.0) · 6e−5

dry-docking interval 43 829.1h (5 years)

dry-docking time 504h

The minimum draft of the vessel Tmin,g (no trim as-

sumed) is limited by the requirement that the propeller

should be fully submerged under all conditions. The

maximum draft Tmax,g is assumed 1m above the design

draft, assuming that the scantling draft and all safety cri-

teria do allow this. The maximum speed of the vessel

vmax,g is equal to the design speed of the DTC.

The ship specific loading-draft-function (LDF) is deter-

mined based on the data of the Thalassa Hellas vessels.

With help of these data the average values of the mass

of full and empty containers were calculated resulting in

11.85 t for a full container and 2 t for an empty container.

Based on values for the numbers of full and empty TEUs

and the related drafts a linear regression is derived which

is used as the loading-draft-function. For the determi-

nation of the dry-docking intervals and time information

in personal communication with shipping company are

applied. In the course of the investigations the shipping

company also provides information about questions in the

scope of the forecasting approach.

For the slow steaming function assumptions are made as

shown in Table 3). According to explanations of the ship-

ping company no standard concept exists on slow steam-

ing criteria.

Table 3. Slow steaming effect: max speed dependend on

FOP

FOP [$] vmax,FOP [kn]

550 20
600 18
700 16

The speed reduction due to bad weather conditions is pro-

vided by the University of Duisburg (Table 4) which is

based on investigations to determine operational condi-

tions in seaways for the DTC.

The applied parameters of fuel oil price and economic

growth development are listed in Tables 5 and 6 respec-

tively. The assumptions are made with the help of the

“Review of Maritime Transport 2015” (UNCTAD, 2015)

and experiences of a shipping company. For the eco-



nomic growth development the progress of the container

transport demand is analyzed.

Table 6. Parameters of the economic growth develop-

ment

development function Eini = 0.05 · (t/8765.82)
fluctuation per day 0.5 $

occurrence frequency 13.33%
average crisis duration 8765.82h (1 year)

standard deviation of

crisis duration 1460, 97h (2 months)

probability of rising 25%

Forecasted Operational Profile

Considering the scenario parameters an operational pro-

file is forecasted by the scenario program based on the

developed route profile. Here the chosen range width for

the ship speed is taken to 0.5 kn and for the draft to 0.5m.

The following Table 7 lists the seven most frequent oper-

ating conditions (OC) and their respective fraction of the

total profile w:

Table 7. Operating conditions of the forecasted profile

OC v [kn] T [m] w wcum,n

1 22.5 15.5 0.1277 0.1277

2 19.5 15.5 0.0709 0.1986

3 16 15.5 0.064 0.2626

4 19 14 0.0561 0.3187

5 18 15.5 0.0552 0.3739

6 22.5 13.5 0.0413 0.4152

7 19.5 15 0.0348 0.45

Although the scenario program is capable to also out-

put the seaway conditions for the various operating con-

ditions, in the following optimization the seastate is not

considered. The reason for this approach is that previous

calculations have shown that neglecting the wave resis-

tance for each design variant in the optimization process,

specially for large vessels like the DTC, but performing

the resistance calculation for calm water conditions has

principally no impact on the result, the optimal design

variant.

The cumulated weightings wcum,n are simply calculated

using equation 1 and give an idea of the increasing cov-

erage of the operational profile while consideration more

operating conditions.

wcum,i =
n∑

i=1

wi (1)

The seven most frequent conditions sum up to 45% of

the total forecasted operating profile. They are character-

ized by a spreading of the vessel’s speed between 16 and

22.5 kn. The drafts cover a range from 13.5 to 15.5 m,

of which the maximum draft of 15.5m is of largest sig-

nificance. With an increasing number of operating con-

ditions the specific weightings do not differ considerably,

see also Fig. 3 in which the weigthings are shown as

function of draft and speed. Form the figure it becomes

obvious that it is almost impossible to identify the num-

ber of operating conditions to be chosen for the hull form

optimization.

Figure 3. Forecasted operational profile

Parametric Hull Form Model

To automatically modify the ship hull form in the op-

timization process, a parametric model of the DTC is

defined based on a STL-representation. In a first step

only the bulbows bow is parametrically remodeled. The

midship and the aft sections remain constant and equal

the original form. The parametric modeling is per-

formed with the software CAESES/FFW. In accordance

to Kracht (Kracht, 1978) the following five parameters

are introduced to modify the bow (Fig. 4):

• ΔLB : parameter for the change of length of the bul-

bous bow

• ΔZB : parameter for the change of height of the bul-

bous bow

• Px, Py , Pz: parameters for the change of breath of

the bulbous bow

The implementation of the parameters is done using the

Surface Delta Shift transformation which allows modifi-

cations of the local hull form surface in the direction of

a specified axis whose delta values are given by surface

coordinates (Friendship Systems, 2016). The transforma-

tions for the change of length and height of the bulbous

bow are controlled by the parameters ΔLB and ΔZB re-

spectively, in which the values of these parameters dedine

the actual transformation. The change of breath of the

bulbous bow is controlled by the coordinate values of a



specific point Px, Py and Pz . The transverse modifica-

tion of the bulbous bow is illustrated on the left in Fig. 4.

It shows the transformation of the initial bow (light blue)

due to the Delta Shift Surface (dashed area) to the new

design (dark blue).

Figure 4. Parameters of bulbous bow modifications

All transformations are applied on a Image Trimesh,

which is directly used for calculation of the resistance

in the optimization process. Table 8 shows the bound-

ary conditions of the parameters are utilized to define the

design space: The values of ΔLB and ΔZB ensure, that

Table 8. Parameter boundaries

Parameter lower bound initial value upper bound

ΔLB [m] -4 0 5

ΔZB [m] -5 0 4

Px [m] 345 355 365

Py [m] -3 0 4

Pz [m] 2 7.75 12

the bulbous bow never pierces the waterline. The values

are also chosen in order to guarantee that no unrealistic

bow forms occur. Applying the initial values results in

the original hull form.

Optimization

The optimization target is to reduce the fuel oil consump-

tion based on the minimized effective power. Here the

assumption is made that the propulsion parameters are

not influenced by the hull form modifications in the most

forward hull form region. Additionally no dependance

on the draft and speed is assumed. A varying number of

operating conditions of the forecasted operational profile

is considered:

Pe,w(wcum,j) =

j∑
i=1

RT,i · vi · wi

wcum,i
(2)

The optimization of the DTC bulbous bow region is per-

formed with the software CAESES/FFW, in which the

calculation of the total resistance RT,i for the respective

operating conditions is done with the potential flow code

GL Rankine. The total resistance is calculated to:

RT,i = (1 + k) ·RF,i +RW,i (3)

Here the k-factor is taken to be constant for all operat-

ing conditions with k = 0.145. Investigations of the Uni-

versity of Duisburg support this assumption, even though

this can be specifically problematic in case of larger vari-

ations in e.g. draft. The frictional resistance RF,i is de-

termined according to the ITTC 57 formula. The wave

resistance RW,i results from the pressure distribution in

the potential flow.

To cover the whole design space (Table 8) 600 quasi-

random design variants are generated using a Sobol Al-

gorithm. For each of these variants the resistance is cal-

culated for any operating condition listed in Table 7 to

determine the effective power according to the number

of considered conditions Pe,w(wcum,j). The design vari-

ant causing the minimum effective power represents the

optimal hull form under the specified conditions. This

conclusion could be justified by further optimization with

help of a Nelder-Mead-Simplex method: in all cases the

“Sobol solution“ could not be further improved.

Optimization Results

The variation of the form parameter with the Sobol Algo-

rithm leads to optimal design variants as shown in Ta-

ble 9. Irrespective of the number of operating condi-

tions accounted for the optimal bulbous bows are longer

compared with the base model (BM): ΔLB always posi-

tive. While increasing the number of considered operat-

ing conditions the width trends to become smaller, a fact

which is known form hull form investigations based on

multiple operating conditions. For the parameters Px and

Pz no clear tendencies can be identified.

Table 9. Optimal design variants as function of number

of operating conditions

OC ΔLB [m] ΔzB [m] Px [m] Py [m] Pz [m]

1 1.85 1.98 364.6 0.21 5.07

1-2 1.90 0.91 345.6 -0.59 5.44

1-3 2.26 -0.71 351.7 -0.76 11.14

1-5 1.68 -1.64 360.6 -1.89 11.59

1-7 1.36 -0.76 358.8 -1.59 7.64

The improvements gained by the form variations become

apparent by the comparison with the initial hull form (Ta-

ble 10). The weighted effective power considering 45%
of all conditions of the operational profile can be reduced

by about 1.23%.

The diagrams in Fig. 5 show the results of the form varia-

tion considering the first seven operating conditions. The

weighted effective power is plotted over different de-

sign parameters. Clear limit curves with tendencies are

formed for the parameter ΔLB , ΔzB and Py . The opti-

mal design is located on the bottoms of these limit curves.



Table 10. Comparison of optimal design variant to initial hull form

Pe,w,1 [kW ] Pe,w,2 [kW ] Pe,w,3 [kW ] Pe,w,5 [kW ] Pe,w,7 [kW ]

base model 32455 28364 24404 22456 22945

optimum 32089 28210 24315 22252 22663

δ -1,13 % -0,54 % -0,36 % -0,91 % -1,23 %

Figure 5. Pe,w,7 as a function of the design parameters ΔLB , ΔzB and Py (BM for Base Model)

The calculations reveal that the courve progressions are

independent of the number of considered operating con-

ditions.

To investigate the sensitivity of results according to the

number of considered operating conditions the different

values of weighted effective power are normalized to the

weighted effective power of seven conditions, see Eq. 4

in which the variable ’OptiForm()’ represents the related

optimal variant.

Pe,norm(wcum,i) =
Pe,w (OptiForm(wcum,i) ⇒ wcum,7)

Pe,w (OptiForm(wcum,7))
(4)

In Fig. 6 the normalized effective power is plotted over

the cumulated weightings. An asymptotic trend can be

identified: with an increasing number of considered op-

erating conditions an optimal design with respect to the

overall operational profile can be found. The optimal de-

sign, considering only one operation condition leads to

about 3% more power with respect to the design consid-

ering seven conditions, in the latter case covering 45% of

the vessel’s forcasted speed and draft combinations.

Conclusion and Outlook

The presented method for a scenario based optimiza-

tion of a parametrically modeled hull form shows how

to achieve reductions of the effective power in order to

gain savings of fuel oil and costs. It is shown that the

consideration of seven conditions, representing 45% of

the total operational profile, leads to a design that is al-

most optimal for satisfying the designated transportation

task.

For the introduced scenario approach reasonable input

values are found to determine a operational profile for the

DTC. Therefore simplified assumptions are made mainly

Figure 6. Normalized effective power according to the

number of considered operating conditions, see Table 7

due to the lack of information. To improve the optimiza-

tion RANSE-methods could be used instead of potential

flow code for determine more precise resistance results.

Also the expansion of the parametric model with addi-

tional form parameters controlling the complete hull form

could be interesting for continuing studies. The valida-

tion of the scenario method with real case studies should

the the focus for the next steps.
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Abstract 

The authors have developed a new ship bow shape above 
the waterline, named COVE, aiming to reduce the added 
resistance in waves. The feature of COVE bow is that the 
frame lines at bow are concave shape. The feature reduces the 
added resistance in waves without any changes of the re-
sistance in still water. In order to estimate the effect of COVE 
bow, the tank tests and calculation of fw and BHP have been 
conducted. In the tank tests, the performance of COVE bow 
has been confirmed by the frequency response of added re-
sistance and ship motion in head waves, bow waves and beam 
waves. As a result, it is clarified that COVE bow reduces the 
added resistance in waves about 40 percent in head waves 
compared with the original bow. From the calculation of BHP 
at 15 knot, the effect of COVE bow is about 10% reduction. 
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Introduction 

The regulation of Energy Efficiency Design Index 
(EEDI) has entered in phase 1 in 2015, and phase 2 
period is approaching in 2020. In this situation energy 
saving for ships in seaways is required increasingly in 
maritime industry. In terms of the ship building, the 
performance in still water has been well studied so far.  

As the next step, improving the ship performance in 
actual seas attracts the attention. Some attempts to re-
duce the added resistance in waves have been conducted. 
Whale Back Bow has been developed to reduce the 
added resistance in waves (Shibata et al. 1983) and 
reported that the shape reduces GHG about 30%. And it 
is also known that a sharp bow shape has lower added 
resistance in waves, so that a sharp bow shape above the 
water has been developed and confirmed by the tank 
tests and numerical calculation (Ogiwara et al. 1995). 
As the other attempts to reduce the added resistance in 
waves, Ax-Bow, which  changes the bow shape above 
the water from the original shape has been developed 
and applied to actual ships (Matsumoto et al, 1998). 
STEP, which is a small device attached to bow above 
the water to reduce the added resistance in waves has 
been developed and applied to actual ships (Kuroda et 

al., 2013). The concaved bow shape has been studied 
(Oka et al., 2015) and applied to actual ships.  

Authors have been developed COVE bow aiming to 
reduce the added resistance in waves. COVE is the bow 
with the concave frame line above static swell up so that 
the bow does not effect to the performance in still water. 
In this paper the effect of COVE bow on increasing the 
ship performance in actual seas is reported. 

Design of COVE Bow 

The principal particulars of the subject ship, VLCC, 
are shown in Table 1. Here, Lpp is the length between 
perpendiculars, B is the ship breadth and d is the design 
draught of midship. 

 

Table 1: Principal particulars of the VLCC 
Item Ship Model 
Lpp 324.0 m 4.16 m 
B 60.0 m 0.77 m 
d 20.5 m 0.26 m 

 
As the design condition of COVE, ship speed is set to 
15.2 knot, which is corresponding to the speed at 75% 
MCR (Maximum Continuous Rating). The weather 
condition is set to Beaufort scale (BF) 6 which is corre-
sponding to the average weather condition according to 
the long term statistics at North Pacific and North At-
lantic. The condition of BF6 is shown in Table 2. Here, 
Uwind is the mean wind speed,  is the mean wind direc-
tion, H is the significant wave height, T is the mean 
wave period,  is the primary wave direction.  and  is 
the direction from the head of ship. Because the signifi-
cant wave height is 3 m corresponding to BF6, the 
height of the most inner position is set to the height of 
1.5m above the static swell up shown in Fig. 1(a). Here, 
the shape below the static swell up does not change so 
that the performance in still water also does not change. 
It is possible to design the shape optimized in still water 
and in wave respectively.  
The bow shape above the static swell up is designed to 
use the projected waterline of 1.5m above the static 



swell up to still water. The desirable shape is the trian-
gle as shown in Fig. 1(b). This enables waves to reflect 
in the lateral direction which is orthogonal to longitudi-
nal direction. Wave reflection to longitudinal direction 
causes resistance increase in waves. The waterline shape 
has to be considered the cargo space, thus it is changed 
from about S.S.9 to the fore in this case. 

The pictures of the VLCC model of two bow shapes; 
one is the original bow and another is COVE are shown 
in Figs. 2 and 3. The model of the bow is replaceable. 

 

Table 2: Representative weather condition 
Item Value 
BF scale BF6 
Uwind  12.6 m/s 
  0 deg. 

3.0 m 
6.7 s 
0 deg. 

 

 
(a)  Body plan 

 

 
(b)Water plane 

Fig. 1:  Schema of COVE 
 

 

 

 

 

 

 
Fig. 2: Ship model (original)  Fig. 3: Ship model (COVE bow) 

 

Tank Test 

In order to confirm the effect of COVE, the tank tests 
have been carried out with the VLCC model for two 
bow shapes; one is the original bow and another is 
COVE. The tank tests were carried out at the actual sea 
model basin ( 4.5m 40m 80m ) in NMRI with the 
test device of 6 degrees of freedom. The capacities of 
dynamometers of resistance, lateral force and yaw mo-
ment are 100N, 250N and 200Nm respectively. The 
restoring force for surge, sway and yaw is given by 
constant-torque motors. In the tank tests, it is observed 
the mean drift angel in waves about 0.5 degrees, but the 
test result is corrected by subtraction of the drifted forc-
es. 

The effect of advance speed for added resistance in 
short head waves is shown Fig. 4. In Fig. 4, wave 
length-ship length ratio ( PPL/ ) is 0.4. U is the effect 
of advance speed in regular head waves, which is ob-
tained from the tank tests of added resistance in regular  

waves as Eq. 1. Here, Fn is Froud number, EXP
waveR  is 

added resistance obtained by the tank tests in regular 
head waves, wmR is added resistance due to ship motion 
in regular waves,  is the fluid density, g is the accelera-
tion of gravity, a is the wave amplitude, B is the ship 
breadth, Bf is the bluntness coefficient, d is the effect 
of draught and frequency (Tsujimoto et al., 2008). 
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 In Fig. 4, ORIG. (2m) and COVE (2m) show the ef-

fect of advance speed of the original bow and COVE 
obtained from the tank tests in regular waves of 2m 
height (Hw), respectively. ORIG. (3m) and COVE (3m) 
show the effect of advance speed of the original bow 
and COVE in the 3m wave height, respectively. The 
lines of fit(ORIG. 2m), fit(COVE 2m), fit(ORIG. 3m) 
and fit(COVE 3m) are the fitting line obtained from the 
corresponding data and the original point.   

center line

upper deck
COVE

original shape

static swell up

static swell up+1.5mstill water

waterline at 
design draught

water line at 1.5m
above the static 
swell up line

about S.S.9



The coefficient of speed, CU, is obtained from least 
squares method through the origin expressed as Eq. 2.  
 

FnCUU    (2) 

 
CU of the original bow in the case of 2m and 3m 

wave height, CU of COVE bow in the case of 2m and 
3m wave height are 13.6, 12.9, 8.8 and 3.4 respectively.  

It is found that COVE reduces CU and it is more effec-
tive in 2m wave height than 3m wave height. The rea-
son why COVE is more effective in the lower wave 
height than the design condition is discussed later. 

 

 

 
Fig. 4: Effect of advance speed in short regular waves 

(head waves; =0deg., /LPP=0.4) 
 
Figs. 5 to 7 show the frequency response of the coef-

ficient of added resistance in head waves, in bow waves 
and in beam waves, respectively. Figs. 8 to 15 show the 
frequency response of the heave motion and the pitch 
motion in head waves, in bow waves and in beam waves. 
Figs. 16 to 19 show the steady sway force and the 
steady yaw moment in bow waves and in beam waves.  

The lengends of Figs 5 to 19 are showed in Fig. 5. In 
Figs. 5 to 19, the lines are calculated results. The lines 
in Figs 5 to 7 (VESTA) show the calculated results by 
NMRI method; VESTA, which enables the calculation 
of added resistance in waves in consideration with the 
shape above the waterline with the value of CU  shown 
in Fig. 4 (Tsujimoto et al., 2014). The lines in Figs. 8 to 
15 (VESTA) are the calculated results by strip method, 
and the solid lines in Figs. 16 to 19 (VESTA) are calcu-
lated by the interpolation of ship type, Lpp, B and d from 
the database of the drift forces. The database is con-
structed by the series calculations by the 3 dimensional 
panel method at Fn=0 (Haraguchi et al., 1994 and Hara 
et al., 2004). The effect of ship speed is considered 
small because the calculated results and the results of 
tank tests are close. In following figures, RAW is the 
added resistance in regular waves, za is the heave ampli-
tude, z is the heave phase, a is the pitch amplitude,  
is the pitch phase, a is the roll amplitude,  is the roll 
phase, Y is the steady sway force in regular waves and N 
is the steady yaw moment in regular waves. The roll 

damping coefficient has been obtained by free roll tests. 
Figs. 20 and 21 show the view of waves around the 

bow. From these figures, it is found that the waves re-
flected from the COVE bow reduce the component of 
longitudinal direction comparing to the original bow.  

 

 

 
Fig. 5: Frequency response of added resistance in regu-

lar waves (Fn=0.139, head waves; =0deg.) 
 

  
Fig. 6: Frequency response of added resistance in regu-

lar waves (Fn=0.139, bow waves; =45deg.) 
 

  
Fig. 7:  Frequency response of added resistance in regu-

lar waves (Fn=0.139, beam waves; =90deg.) 
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Fig. 8:  Frequency response of heave motion 

(Fn=0.139, head waves; =0deg.) 
(upper; amplitude, lower; phase) 

 

 

 

Fig. 9:  Frequency response of pitch motion 
(Fn=0.139, head waves; =0deg.) 
(upper; amplitude, lower; phase) 

 

 

Fig. 10:  Frequency response of heave motion 
(Fn=0.139, bow waves; =45deg.) 
(upper; amplitude, lower; phase) 

 

 

 

Fig. 11:  Frequency response of pitch motion 
(Fn=0.139, bow waves; =45deg.) 
(upper; amplitude, lower; phase) 
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Fig. 12:  Frequency response of roll motion 

(Fn=0.139, bow waves; =45deg.) 
(upper; amplitude, lower; phase) 

 

 

 

Fig. 13:  Frequency response of heave motion 
(Fn=0.139, beam waves; =90deg.) 
(upper; amplitude, lower; phase) 

 

 

Fig. 14:  Frequency response of pitch motion 
(Fn=0.139, beam waves; =90deg.) 
(upper; amplitude, lower; phase) 

 

 

 

Fig. 15:  Frequency response of roll motion 
(Fn=0.139, beam waves; =90deg.) 
(upper; amplitude, lower; phase) 

0
0.2
0.4
0.6
0.8

1
1.2
1.4
1.6
1.8

2

0 0.5 1 1.5 2

a/(k a)

/Lpp

-180

-120

-60

0

60

120

180

0 0.5 1 1.5 2

[deg.]

/Lpp

0
0.2
0.4
0.6
0.8

1
1.2
1.4
1.6
1.8

2

0 0.5 1 1.5 2

za/ a

/Lpp

-180

-120

-60

0

60

120

180

0 0.5 1 1.5 2

z [deg.]

/Lpp

0
0.2
0.4
0.6
0.8

1
1.2
1.4
1.6
1.8

2

0 0.5 1 1.5 2

a/(k a)

/Lpp

-180

-120

-60

0

60

120

180

0 0.5 1 1.5 2

[deg.]

/Lpp

0
0.2
0.4
0.6
0.8

1
1.2
1.4
1.6
1.8

2

0 0.5 1 1.5 2

a/(k a)

/Lpp

-180

-120

-60

0

60

120

180

0 0.5 1 1.5 2

[deg.]

/Lpp



 
Fig. 16:  Frequency response of steady sway force in regu-

lar waves (Fn=0.139, bow waves; =45deg.) 
 

 
Fig. 17: Frequency response of steady yaw moment in 

regular waves (Fn=0.139, bow waves; =45deg.) 
 

 
Fig. 18:  Frequency response of steady sway force in regu-

lar waves (Fn=0.139, beam waves; =90deg.) 
 

 
Fig. 19:  Frequency response of steady yaw moment in 

regular waves (Fn=0.139, beam waves; =90deg.) 

 
Fig. 20:  View of waves around the bow 

(Original bow, Hw=3m, Fn=0.139, /LPP=0.4, =0deg.) 
 

 
Fig. 21:  View of waves around the bow 

(COVE bow, Hw =3m, Fn=0.139, /LPP=0.4, =0deg.) 
 

From Fig. 5, the effect of COVE depends on the wave 
height. In the bow design, the height of the most inner 
position is 1.5m above the static swell up. However it is 
observed that encounter waves swells up to more than 
1.5m and reflected at the bow flare. Therefore the result 
of 2m wave height shows more effective than that of 3m 
wave height. 

In the case of the 2m wave height, the effect of 
COVE is about 40% reduction of the added resistance in 
regular waves at PPL/  from 0.4 to 0.7, and about 
15 % reduction at PPL/  1.1. Figs. 6 and 7 show that 
COVE bow is effective in bow and beam waves, as well. 

Figs. 8 to 15 show that the heave motion and the pitch 
motion of COVE are almost the same as the original 
bow. This means that the radiation component of the 
added resistance in waves is the same. Therefore the 
reduction of the added resistance in waves of /L=1.1 is 
small relatively. Figs. 16 to 19 show the steady sway 
force and the steady yaw moment in waves of COVE 
are comparatively larger than that of the original bow. 
This is because COVE changes the direction of waves 
reflected at the bow from forward to the lateral direction. 
This is supported by the test results in beam waves, 
which show the smaller effect. 

Effect on fw and BHP 

The effect of COVE on fw is discussed. fw is the coef-
ficient of decrease in ship speed in a representative sea 
condition developed by IMO related to EEDI (IMO, 
2012). The sea condition is set to BF6, shown in Table 
2 .  fw is obtained by Eq. 3. 
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Here, Vw is the ship speed at 75% MCR in the repre-
sentative sea condition and Vref is the ship speed at 75% 
MCR in calm sea. Both Vw and Vref are calculated by 
VESTA using CU obtained from the tank tests.  

Fig. 22 is the standard fw curve for tankers and the 
comparison of fw between the original bow and COVE 
bow is shown in there. In the figure, black circles are fw 
values of the existing tankers, the solid line is the stand-
ard fw curve, the dashed line is the mean line of the fw, 
the red circle is fw value of VLCC of the original bow 
(0.867) and the red triangle is fw value of COVE (0.908). 

 

 
Fig. 22:  fw of existing tankers with original bow and 

COVE 
 

From Fig. 22,  fw of original bow is located below the 
mean line, on the other hand, fw of COVE is shifted 
above the mean line. This means that COVE improves 
the ship performance in actual seas.  

 The relationship of the ship speed and the brake 
power, BHP in BF6 of head wind and waves is obtained 
by VESTA. It is shown in Fig. 23. The black line is the 
relationship for original shape. The red line is that for 
COVE calculated based on the red dashed line in Fig. 5. 
The red dashed line in Fig. 5 was obtained by the tank 
tests in waves of 2m height, which was lower than test 
results in waves corresponding to BF6, 3m. However, 
COVE can realize wider effectiveness by means of the 
change or extension of the most concave part in the 
frame line. Here, the red line in Fig. 23 is obtained on 
the assumption that COVE is designed to be most effec-
tive at the wave height of 3m.  

At 15knot, the reduction rate of BHP, RdB, by COVE 
is evaluated by Eq. 4.  

 

.)(

.)()( )(
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Here, BHP(COVE) and BHP(orig.) is BHP of COVE and 
that of the original bow respectively. 

As a result of development of COVE, the reduction 
rate RdB is reached about 10%. 

 

 
Fig. 23:    The relationship of the ship speed and the 

brake power in BF6 of head wind and waves 

Conclusions 

From the tank tests of the original bow and COVE fol-
lowing points are concluded. 
1. As the effectiveness of COVE, about 40% reduction 
of added resistance in short waves and about 15% re-
duction of that where the ship motion is large is shown. 
2. The steady sway force and the steady yaw moment in 
waves with COVE applied are comparably larger than 
those with the original bow in bow waves. However in 
beam waves they are almost the same. 
3. From the discussion on fw and BHP, COVE reduces 
BHP about 10% at BF6 of head wind and waves at 15 
knot. 
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Abstract  

The waterline parabolization is a hull form-optimization 
method, Calisal et al. (2002) reported a 10% decrease in the 
effective horse power at Fr = 0.275 for a coaster tanker. The 
present study was made for an oil platform supply vessel 
(PSV)  to improve the hull form, including structural work, 
and a cost , benefit analysis. The parabolization  increased 
the vessel's beam by 5% and hull displacement accordingly. 
The required structural scantlings were calculated for the 
new parabolized hull,  using the rules of American Bureau of 
Shipping (ABS). The study of a cost and payback analysis of 
the parabolized PSV showed, a net fuel savings of 280,000 
liters/year, and provides US$235,000.00 per year saving, 
based on a 5.88% drop in resistance  for an operation 
scenario. The payback period for the  bulb is estimated to be 
nine to seventeen months. In addition, resistance reduction 
saves 753,900 kg of CO2 and 134,100 kg of NOx . 

Keywords 
 
Hull form improvement.; ship retrofit; cost benefit anal-
ysis; wave resistance; ANSYS application; EEDI rating; 
structural retrofit. 
 
Introduction 
 
Gaudi’s Secret 
J.B. iNonell (2013) wrote, about Gaudi, famous Spanish 
architect, that he had said ‘if he had not been an 
architect he would have liked to have been a boat 
builder, boats being made up of forms adapted perfectly 
to the aquatic environment in which they must move 
around.’  iNonell continues and writes that Gaudi was 
an architect of simplicity, governed by a continuous and 
logical sense of rational and functionalisme. Gaudi did 
not understand simplicity as forms drawn with a T 
square and triangles based on an elementary Euclidian 
geometry.  Gaudi observed that natural geometries are 
not formed by abstract geometries but by ‘ruled 
geometry’ of warped surfaces formed by straight lines 
such as fibers in space arranged in the four possible 
forms of ruled geometry.  Following this idea he was 
first to buid vaults of hyperbolic paraboloids, one of the 
ruled surfaces. 
We may consider the parabolization of waterlines 
concept along these lines outlined above.  Calisal et al. 

(2002) found that the modified hull with increased beam 
lowered the ship resistance. The beam at amidships was 
increased by about 10 percent and the wall-sided paral-
lel middle body of the conventional hull replaced with 
parabolic-shaped side bulbs.  These modifications while 
contrary to the common and conventional intuition 
reduced the total wave resistance of the hull, increased 
the stability and the payload. The old theory was that 
the wave resistance is proportional to the square of the 
beam (Kent 1919; Schneekluth 1987; Harvald 1992). 
Tow-tank results indicated that a 20% increase to the 
beam, while keeping the draught and length constant 
and increasing the displacement, resulted in 10 % 
reduction in the effective power at the design Froude 
number of  0.275. 
Tan et al (2004, 2009) reported 10% reduction in the 
total resistance of the parent hull of the UBC series (S 
Calisal, D McGreer 1993) by adding parabolic midship 
bulbs to a fishing hull. Calisal, et al.(2009) obtained a 
new optinmized hull at "constant displacement". They 
found that, despite an increase in viscous resistance and 
viscous pressure drag, a hull with a faired bulb with a 
11%  increase in the  baseline beam and 5% decrease in 
transom width  achieved a 15% decrease in EHP. Two 
types of optimizations were studied namely the  "retro-
fit" and "constant displacement" . By retro-fit we mean 
adding side bulbs over  an existing model and the 
constant displacement refers to modifying the original 
hull so that  the original displacement is kept constant. 
This is shown in figure 2 for the UBC series application. 
Vyselaar (2006) applied the concept of waterline 
parabolization to a multy hull. By numerical studies he 
found that the total resistance could be reduced by about 
6% and significant additional volume could be obtained 
for engine room which is apparently of a bigger concern 
to naval architects. A Dawson type potential flow code , 
was first used by Vyselaar (2006) for a research about 
NPL trimaran for different configurations of sidebulb 
forms. Vyselaar (2006) used the original Trawson code 
that was written in FORTRAN (Gören and Atlar 
1998).and is described in some detail below. Gauld 
(2011) researched possible application of the side bulb 
optimization for a UBC ferry hull which was 
parabolized by James McRoberts. This reseach includes 
work on powering and seakeeping characteristics of the 
vessel, particularly the added resistance. Together with 
the original form (Model A), parabolized hull forms 
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(Model B with a constant displacement and Model A2 
with constant draft) are treated and compared according 
to their seakkeping characteristics. It is understood from 
the study that, as the numerical analyses pointed out, 
parabolization had little effect on seakeeping 
characteristics of the vessel in consideration. The 
differences in calculated RMS values of roll, heave and 
pitch did not exceed ± 1.5 % as compared to the original 
Model A which result approximately the same amounts 
of diffrenece in added resistance (see Gould et al. 
(2010)).  Klaptocz (2006) studied the increase in the 
frictional resistence resulting from side bulbs. 
Kandasamy et.al (2014) reported that a similar 
application is considered for about 70 US naval ships. 
Dawson's method was published in 1977 and many 
subsequent studies have improved on its application 
(Bertram 1990; Raven 1992; Sclavounos, Kring et al. 
1997). 
 

 
Figure 1: On the left side schematic parent hull and 
amidship bulb together, Top is parent hull and bottom is 
parabolized hull during test at towing tank of UBC. 
 

 
Figure 2: "Constant displacement" and "retro-fit" hull 
waterlines for UBC series. 
 
The main advantages of this method include 3D 
discretization of the hullform and calculation of the 
near field wave profile, which are both important in the 
creation of an amidships bulb. A linearized  free surface 
boundary condition is applied to complete the solution. 
The hullform is discretized into quadrilateral panels 
each with a Rankine source of constant strength using 
the method presented by Hess and Smith (1967). To 
ensure that the waves do not propagate upstream, a 
special four point differentiation scheme is used. There 

is no explicit radiation condition in this formulation. 
Finally the wave resistance is calculated by integrating 
the pressures, PHi, over all of the hull panels. Dawson's 
method requires continuity of the normal vectors on the 
hull surface. This poses problems at the stern region of 
full formed vessels or of the ones with a transom stern. 
Cheng (1989) solved this issue by forcing the 
streamlines at the edge of the transom to continue 
straight back to infinity. Hally (1995) recommended a 
uniform mesh size of the order of many thousands of 
cells to predict wave resistance to within 3 percent of 
actual values. These issues cause an inaccurate 
reduction of the overall wave resistance of 
displacement type hullforms. However, for the 
purposes of ranking modified hullforms, Dawson's 
method is sufficiently accurate.  
 
The Hull Waterline Parabolizatıon 
 
The waterline parabolization may reduce fuel 
consumption  while the vessel is operating at moderate 
Froude Numbers. Before remodeling the vessel's hull 
form, designer has to  predict an approximate location 
of the possible amidships bulb. The guide for this 
important step is based on the sectional area curve of 
the hull.  One can claim that, it may be less desirable to 
have a larger beam and parabolic-shaped side bulbs as 
opposed to a small beam and  wall-sided parallel 
middle body sections. Resistance reduction by side bulb 
addition on a hull is a reasonable hull form 
development and provides, not only economical profit 
by reducing the running cost of vessel, but also reduced 
initial costs of powering. Additional construction and 
material costs are also important variables to be studied 
in contrast to the  additional savings resulting from a 
smaller engine, shafting and propeller etc. This study is 
mainly an  investigation on the  economic feasibility of 
side bulbs as retrofit on existing hulls. 
 
The PSV and Parabolization Work 
 
The Platform Supply Vessel 
The Platform supply vessel  that was studied had a 
design Froude number of  0.244 corresponding to  the 
design speed of  is 13.61 knots. This value  is used in 
the design of the side bulbs for this  PSV operating at 
the Mexican Gulf region of USA.  This PSV hull has a 
curved bow and a transom aft with a wall sided body. 
Her principle dimensions given in Table 1. The design 
of the parabolized waterlines  is done by using software 
packages Trawson Argos. 
 
Argos Trawson Software: Wave Resistance 
Calculation  
ARGOS Trawson and ARGOS Optimizer are the two 
modules of ARGOS software package developed at 
ITU and UBC. ARGOS Trawson is based on a Dawson 
type code with a user interface and is used to calculate 
wave resistance for a given hull form. ARGOS 
Trawson and ARGOS Optimizer are the two modules 
of ARGOS software package developed at ITU and 
UBC. ARGOS Trawson is used to calculate wave re-
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sistance of a hull. ARGOS Optimizer uses a series of 
Matlab scripts and the base Trawson code to develop a 
parabolic bulb shape of least wave resistance at a given 
speed. ARGOS Trawson imports hull mesh data, mod-
eled at Rhinoceros 3D modeling software which is the 
only preprocessor used for this purpose and exports a 
Wavefront file. 
 
The location of the sectional area curve where it turns 
into a constant value is normally chosen as the begin-
ning of the bulb by the designer. The parabolization 
area in this application is defined between frames 20 to 
110 for this hull. The mesh elements need to be squares 
to produce robust and accurate results. Here we used an 
aspect ratio of 1.2. 

 Figure 3 :  Frame area cross section curve of PSV from 
BL to DWL 
 
ARGOS Optimization Software 
Amidships Bulb Development: ARGOS Optimization 
software runs algorithms and with iterations reduces the 
wave resistance value. The wave resistance is the objec-
tive function of the optimization procedure. The opti-
mization uses a gradient algorithm for this purpose. A 
region of the hull is defined for optimization with a b- 
spline surface. The optimization process changes the 
shape of the hull amidships, and consequently changes 
the value of the objective function, the wave resistance. 
The hull form is changed iteratively, until a local mini-
mum is reached. The rate of convergence of the quasi-
Newton method is much faster than steepest-descent, 
though not as fast as Newton's method. However, the 
cost per iteration is much less. Constraints on the varia-
bles are necessary as we want to ensure that the amid-
ships bulb surface is smooth, that it does not have a 
"bumpy" surface. This is done by defining relationships 
between the control points. Constraints make the opti-
mization task more difficult, but there exists open 
source codes for this purpose. We used the gradient 
descent algorithm from IPOPT. IPOPT uses the interi-
or-point method to guarantee constraint satisfaction. 
The side-bulb shape is physically effective under the 
design waterline level (DWL). Regarding the design, 
the side bulb shape can extend up to deck level like for 

our PSV model or it can be finished at DWL. 

 
 
Parent and Parabolized Hull Forms: Wave Elevation 
and Resistance Comparison  
The numerical wave height prediction is presented by 
output image shown in Figure 4. The wave height cal-
culated at the design speed for both the parent hull and 
parabolized hull are shown by color scale below. It can 
be easily seen that the bow wave is same up to side 
bulb region of the hull. One can observe one peak and 
one trough at the bow wave. The shoulder wave is 
slightly changed and the second peak and trough are 
less in height and depth.  The wave along the hull con-
tinues to the stern of the vessel. The waterline 
parabolization reduces the stern wave and transverse 
waves. The size of stern wave of the parabolized hull is 
slightly smaller. The total resistance values for the pa-
rabolized hull and parent hull are shown in Figure 5. 
The side bulb reduces the total resistance which is the 
sum of wave resistance + viscous resistance by ITTC 
57, from 425 to 400 kN at the design speed (Figure 5). 
The wetted surface and the hull coefficient are both 
increased by the addition of the side bulb. Total re-
sistance reduction is mainly a result of wave resistance 
reduction obtained by the amidships bulb. The reduc-
tion ratio is calculated as:    
    

   (1) 

 
which gives 5.88 % in the present case. 
 

 
Figure 4: Wave elevation comparison of parent and para-

Table 1: Principal Dimensions of PSV 

Loa 87.17m 286’ 
Principal Dimensions 83.66 m 274’-6” 
Beam 18.30 m 60’ 
Depth 7.47 m 24’-6” 
Design Draft 5.90 m 19’-4” 
Total Kilowatts 7300 kW  
Main Propulsion 2x2650 kW  
Total Deadweight 4500 Tons  
Service Speed 13,61 Knots  
Classification ABS  
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bolic hull at 13,61 kts 
 
Scantling of the structure of PSV with ABS 
Rules 
   
The principle dimensions of the vessel are the variables 
needed for scantling calculation of the ship structural 
members, for every type marine structures. If one di-
mension is changed, the scantling has to be recalculated 
accordingly. In our case the beam and the displacement 
are increased  as a result of the “retro fit”, by waterline 
parabolization. So the scantling calculation of the PSV 
was redone.  In our case the beam and the displacement 
are increased as a result of the “retro fit” by waterline 
parabolization. The required structural changes on the 
size and the thickness are recalculated.  
. 

Figure 5: The total resistance values for parent and parab-
olized hull at 13,61 kts speed. 
 
Table 2 below shows a summary of the structural 
changes calculated by ABS rules. 
 
Table 2: Original and new scantlings after parabolization 

 Original Calculated New 
Scantling 

Deck plating 10mm 7,85 mm 10 mm 

Side shell plating 12,7 mm 9,3 mm 12,7 mm 

Deck longitudinals  355 cm3  

Deck beams  10953,6 cm3  

Side longitudinals above 103,5 cm3 70 cm3 103,5cm3 

Side longitudinal below 221 cm3 175 cm3 221cm3 

Bottom shell plating 11,11 mm 9,06 mm 11,11 mm 
Central Girder 12 mm 10 mm 12 mm 
Solid floor 9,525 mm 9,1 mm 9,525 mm 
Bottom Shell Frames 4111 cm3 423 cm3 4111 cm3 
Bottom Shell 
Longitudinals  168 cm3 167 cm3 168 cm3 

Bottom  Shell 
Longitudinals  - out 168 cm3 167 cm3 168 cm3 

 
 
Finite Element Modeling and Solutions by 
ASYS Modeling 
   
The finite element modeling and the analysis of the ship 
structure is carried out using a commercial software 

package, the ANSYS 13.0, which is based on the finite 
element method (FEM). A sample internal structure is 
shown in Figure 6. The overall exterior hull was import-
ed in IGES format file from AutoCAD and Rhinoceros 
3D to the ANSYS program. All structural components 
were remodeled by plate and beam modeling. A specific 
shell element, SHELL181, was also adopted for all 
plating parts, BEAM188 element for longitudinal stiff-
eners.  
   
 Loads Calculation 
The load calculations are done according to the Ameri-
can Bureau of Shipping (ABS) Rules for building and 
classing, Offshore Support Vessel 2013, Part 3 Hull 
construction and equipment (Table 3).  
 
 Solutions and Results 
The design loads, used for FEA are shown in table 3. 
The results show that the hogging moments are higher 
for the design wave bending moment and the still water 
bending moment. The hogging moment values are ap-
plied as the design bending moment. The deck load, 
horizontal wave bending moment and total bending 
moment values were used  for the calculation of the  
scantlings. 
 

 
Figure 6: ANSYS model, Mesh elements internal struc-

tures 
 

Table 3: Loads Calculated for FEA 
Type of Moment Hull Load 

Wave Bending Moment 
Amidships 

Parabolized 

145579,8 kN-m Sag-
ging 

179611,4 kN-m Hog-
ging 

Parent 

136180,7 kN-m Sag-
ging 

163348,0 kN-m Hog-
ging 

Total Bending Moment Parabolized 231603,8 kN-m 
Parent 216650,0 kN-m 

Still Water Bending 
Moment 

Parabolized 
51992,4 kN-m Hog-

ging 
86024,0 kN-m Sagging 

Parent 
53302,0 kN-m Hog-

ging 
80469,3 kN-m Sagging 

Horizontal Wave Bend-
ing Moment 

Parabolized 44218,1 kN-m 
Parent 46744,9 kN-m 

Deck Load Parabolized 5 ton/m2 

Parent 5 ton/m2 
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Moments Calculations Summary 
The moments used for loads applied to FEA model are 
listed at Table 3. The maximum stress value by ANSYS 
was found at deck by load analysis when 5 ton/m2 load  
was vertically  applied to the ship’s deck.  The resulting 
stress is quite high as we consider that the tensile 
strength of ST42 steel is 235 MPa. This stress is local 
and it can be easily reduced by increasing the thickness 
of the structure or installing additional bracket below 
high stress area. The highest stress value of 118, 24 
MPa was calculated at the structure, under the deck 
shell plate of the parabolized hull at the wave bending 
moment analysis. 
 

 
Figure 7: Parabolized Hull Wave Bending Moment Longi-
tudinal Component Stress 
 
Cost Analysis of PSV Side Bulb Application 
 
After the completion of the hydrodynamic and structural 
analysis and the design, a cost analysis is done. 
 
Cost savings for the PSV with a parabolic bulb 
The assumptions for the cost analysis are that the vessel 
will operate at 13, 61 knots as service speed and sails 
465 miles to the offshore platform.  
 
The reduction of resistance will reduce the fuel con-
sumption of the vessel. The power and fuel consump-
tion calculations are as in tables 4 and 5. the sailing time 
estimated to the oil rig is estimated as 68 hours 20 
minutes. 
 
Cost Analysis of PSV Side Bulb Application 
As a result of this study a parabolized hull was created 
as a retro fit hull with an amidships bulb on PSV hull. 
The results are showing 5,88 % reduction in the total 
resistance of the vessel 
 
Cost Savings for the PSV with a Parabolic Side Bulb 
The cost saving for the vessel, operating at 13,61 kts at 
service speed and sailing 465 miles to the offshore plat-
form is calculated. As expected the addition of side 

bulbs or the  reduction of resistance will reduce the fuel 
consumption of vessel. The power and fuel consumption 
calculations are as in Tables 4 and 5. Table 4 shows the 
sailing time estimated to the oil rig. 
 

Table 4: PSV route details 
Destination to oil field 

Round trip time port to 
platform 68 hours 20 min 

Trips per year 56 times 
Operational hours per year Round 3827 hours 

 
The fuel consumption and savings are calculated for the 
original hull form and the retro fitted parabolized hull 
with an amidships bulb. The main propulsion of the 
vessel is assumed to be powered by a caterpillar 4 stroke 
marine diesel C280-8 series engines. The fuel consump-
tion is scaled linearly regarding to the powering re-
quirements calculated. 
 

Table 5: Powering and cost details of PSV 
 Parent Hull Parabolized Hull 

Powering 100 % 100%-5,88%=94,12% 

Powering 5300 kW 5300x 94,12%=4988,36 
kW 

Chance in BP (Break 
Power ) 0 311,64 kW 

Fuel Consumption 0,235 lt/(kWxhr) 0,235 lt/(kWxhr) 
Cost of Fuel  0,85 $ / lt 0,85 $ / lt 

 
BP is the installed break horsepower of the engines 
calculated by the designer.  Therefore, the resistance  is 
reduced by 5,88 % by the parabolic amidships bulb. The 
change in BP  shows a saving of 311,64 kW. For the 
purpose of this analysis, it was assumed that the engines 
could be changed prior to the installation to realize all of 
the possible cost savings. The operational information 
the working hours, fuel consumptions and fuel prices 
help us calculate the savings established by the retro fit 
of a parabolic bulb platform supply vessel. 

lt( ) ( ) ( )

0.235*311.6*3827 280271

FuelSaving Fuelcons changeinBP kW OpHours hr
kWxhr

lt
year

(2) 

The price of marine grade diesel oil varies from region 
to region and for Rio de Janeiro is 1000,00 usd/mt and it 
is about  0,840 US$/lt. The prices can be updated daily 
from relevant web sites on the internet. 
(www.shipandbunker.com) 
 

$Cos ( )* cos
year

$280271*0.84 235428
year

ltFuel tSaving FuelSaving Fuel t
year

(3) 

 
Construction Costs of a “retro-fit” Parabolic Bulb for 
the PSV 
The parabolic amidships bulb construction is seen as an 
extra cost for the structural construction of the vessel.  
The Product-Oriented Design and Construction 
(PODAC) cost model (Ennis, Dougherty et al. 1997) is 
used for cost estimation calculations and is presented 
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below.  
 
Complexity Factors for the PODAC Cost Model 
For PODAC (Product Oriented Design and Construc-
tion) cost modeling used at the preliminary design, the 
price of the total ship is a function of displacement, 
speed, and a complexity factor. A complexity factor is 
necessary to normalize the data and achieve better equa-
tions as the cost data available to the IPT changes for 
various ship types. For the complexity factor the IPT 
used is derived from a Size Factor and Ship Type Factor 
(Ennis, Dougherty et al. 1997). 
For the platform supply vessel the values for an ocean-
going naval tug ship type factor of 1.00 is taken. The 
ship size factor needs to be calculated with the equation 
below. The ship size factor is PODAC model and the Δ 
is full load displacement of the vessel. 
 

0.3792

0.3792

32.47*

32.47*6900 1.137

ShipSizeFactor                      (4) 

 
The ship complexity factor is a sum of multiplication of 
ship size factor and ship type factor. The ship complexi-
ty factor is used for the prediction of the cost of  labor 
for the construction. The calculation for PSV is given 
below. 

*
1.137*1.0 1.137

ComplexityFactor ShipSizeFactor ShipTypeFactor (5) 

 
Weight and labor cost estimate for the “retro-fit” par-
abolic bulb 
There are several methods of calculating the weight of 
the steel structure. They are empirical formulations that 
predict the cost from statistical data collected for similar 
ships. The weight data in this case was available from 
the analysis done with the Ansys software and the 
weight difference between parent hull and retro fit pa-
rabolized hull was obtained directly from the output 
from the structural study. The additional weight for the  
amidships bulb structure is obtained as : 
 

100 21.7Weight tons                                              (6) 
 
The man hour labor estimation can be calculated at 
PODAC system with a given complexity factor and 
structural weight of the amidships bulb to be built. 

0.862
100

0.862

*177* ( )

1.137*177*21.7 2856( )

Manhour CF Weight hour

hour
           (7) 

 
The following formula is used for the estimation of the 
added labor that comes from difficulties of constructing 
complex form structures (SPAR Associates Inc. 2010). 
Here we assumed that 100% of the side bulb is consid-
ered to have complex curvature. 
 

100 *% *3.12
21.7*100%*3.12 67.7

Addedmanhour Weight areaofcomplexcurvature
hours (8) 

With all calculations above the total cost of  labor for 

amidships calculation of PSV can be written as: 
 

( )
2856 67 2923

Totalmanhour Manhour Addedmanhour hour
hours     (9) 

The platform supply vessel can be built in the US ship-
yards located in the Mexican Gulf region. US ship 
building industry is capable of building such a vessel. 
The man hour labor cost varies from region to region, 
but an average  labor rate in US assumed to be 22$ an 
hour. The indirect cost of overhead for shipyard is 100% 
of the labor cost (Ennis, Dougherty et al. 1997). 

cos 2923*22 64322$
100% cos 64322$

cos 64322 64322 128644$

Labor t
OverheadonLabor labor t
Totallabor t

(10) 

 Material cost for the “retro-fit” parabolic bulb 
The materials cost in the construction of a hull shell 
component is small relative to labor costs. The follow-
ing calculation relates to the price of mild steel to the 
weight of the component to be built. Shipyard indirect 
cost of overhead is 2% of the total material cost (Ennis, 
Dougherty et al. 1997). 

100Cos 800* 800*21.7 17360$
2% Cos 2%17360$ 347$

Material t Weight
overheadMaterial Material t

(11) 

 
Final cost estimates for the “retro-fit” parabolic bulb 
For the new building PSV project, all the labor, material 
and overhead costs are calculated. The sum of all these 
cost will provide the final cost of this retro fit parabolic 
amidships bulb. The sum value is shown below: 
 

os
64322 17360 (64322 347) 146351$

SubtotalC t Labor Material Overhead
(12) 

  
The very final indirect cost is the profit for shipyard. 
The profit is assumed to be 10% of the total cost (Ennis, 
Dougherty et al. 1997). 
 

Pr 10%* Cos 14635$
Cos Pr cos

14635 146351 160986$

ShipYard ofit Subtotal t
TheFinal t Shipyard ofit Subtotal t (13) 

The final cost is roundly 161000 US$ for amidships 
bulb structure for this vessel. 
 
Financial Payback for the “retro-fit” Parabolic Bulb 
for the PSV 
The investment is the constructional cost of the structure 
and the income represented by the fuel cost savings 
during operation of the vessel. The initial capital costs 
of construction which is the first investment is 161 000 
$. The fuel cost savings of 235 428 $ is considered as 
the annual income. 
We consider the cost of investment present and future 
value. The interest rate in Brazil is about 10 % 
(http://www.tradingeconomics.com/brazil/interest-rate). 
The capital is assumed to be used with interest rate 
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compounded monthly. The following algorithm is used 
to calculate the payback period of the investment. 

int 10%int 0.833%
12 12

1 (1 )

1 (1 0.00833)161000 19619
0.00833

9

n

n

annual erestrateMontly erestrate i

iPV p
i

n months9months9

(14) 

Here:      i : interest rate 
n :Number of periods 
PV : Present Value of investment 
P : Monthly payment : 
 235 428 /12 = 19619 $ 

The Figure 8 shows the financial savings of PSV for 60 
months. The first investment cost is US$16100 and the 
investment comes into a break-even point just before 9th 
month of the operation time. The savings increase is 
steady and reaches  up to US$ 762461 at the end of 60th 
month. Here we assume that the vessel operates contin-
uously for 60 months at the same route. Different finan-
cial conclusions could be reached with different rates of 
course.  
 

 
Figure 8: The savings data for 60 months of time period 

with different ship type factors. 
 
Conclusion 
 
The paper gives a summary of waterline parabolization, 
FEA of ship structure and the cost analysis for the in-
stallation of an amidships side bulb.  
 
A reduction of 5,88 % in power requirement was ob-
tained for a PSV hull at Froude Number 0,244. The 
parabolization was done using  commercial and research 
software packages. The beam of the vessel and its dis-
placement is increased as a result of the side bulb instal-
lation on the parallel body. The original  hull had a 

beam of 18,3 m and it is increased to 20,12m. The 
structure of the vessel was modified using the rules of  
American Bureau of Shipping using Offshore Support 
Vessel 2013, Part 3 Hull construction and equipment. 
Small extensions and changes over the frames and 
beams were sufficient to create a structure for the side 
bulb. 
 
This helped  to reduce construction cost of the midship 
section which was analysed in the financial part of the 
research. 
  
The parent hull and the parabolized hull structures are 
examined by FEA software Ansys, structurally, the  3 
tank method has used. This is the name of the 
modelling technique of modelling 3 tanks with 2 
bulkheads at midship area by creating a rigid region at 
bow and stern end of the model. For the parent hull 
FEA model there were 117635 elements and for the 
parabolized hull there are 123013 mesh elements used, 
to run the software. 
 
Analysis by Ansys suggested that on the deck loading 
there will be some high local stresses areas. The frames 
and longitudinal member joints just below the deck 
plate had stress level of  200 MPa. This is close to 
tensile stress of St-42 steel plate which is 235 MPa. The 
stress level can be lowered by local reinforcement by 
using brackets at the joint area or by increasing the 
scantlings of beams and longitudinal structure.  

This financial analysis provided the feasibility of the 
design as a retrofit. The sample PSV has a small 
sidebulb with a simple smooth curvature shape that 
makes the modification feasible. Small extensions on 
the frames help the creation of the bulbous structure at 
amidships. The labor cost increased by US$128644 , 
and the  material cost by US$17707 and the overhead 
cost  increased by US$347. The total cost of the 
modification was calculated as US$ 160986. The power 
reduction, smaller engine selection and powering 
equipments like flexible couplin, shaft, sleeve, propeller 
etc were neglected. The fuel savings by 5,88% 
reduction at the total ship resistance has an annual 
return of  US$ 235 428 . The investment cover itself 
within a period shorter than 9 to 16 months of operation 
at the asumed conditions. 

The further advantage of the waterline parabolization is 
having low CO2 emission by less fuel consumption. 1 
liter of marine grade fuel produces 2.69 kg/lt of CO2 
(US Environmental Protection Agency) and 57 g/kg 
NOx for medium speed vessels (Kean, Sawyer and 
Harley, 2000). So this PSV vessel could  save 753931 
kg of CO2 and 13419 kg NOx by saving 280272 liters 
of fuel per year. The vessel helps to save the 
environment and helps the world to keeping it green. 
Around the world the transportation authorities are 
considering new emission and operational regulations 
based on the EEDI rating of each vessel. For this reason 
the Energy Efficient Design Index (EEDI) rating of a 
ship could be improved by the waterline parabolization. 
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According to the International Marine Organization,the 
EEDI rating is used to gauge the energy efficiency per 
capacity mile of a ship and is meant to drive technical 
advancements in technology to improve fuel efficiency 
(IMO 2011). 
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Abstract

In this paper, the behavior of elastically connected
barges, freely floating or moored to the seabed, is inves-
tigated numerically. The connecting structure is mod-
elled as a spring system which allows relative motion
between the barges only along selected directions. The
studied coupled fluid-structure interaction is representa-
tive of float-over operations for the deployment of top-
sides of jacket structures. The mooring line dynamics is
fully accounted for and the hydrodynamic loads on the
barges are computed with a linear potential approach in
the time domain which allows fast computing of the re-
sponse. The numerical results included here concern the
system response under different headings for which the
relative motion between the elastically connected barges
is excited. Comparison with the case of independent or
rigidly connected barges is carried out, also showing how
the presence of mooring affects the system dynamics.

Keywords

Floating barge; Elastic connection; Mooring lines; Time-

domain approach; Coupling scheme.

Introduction

The analysis of moored floating structures is of interest

for a large variety of applications. For instance, they can

represent clusters of multipurpose floating platforms or

the dynamics of several types of wave energy converters.

Recently, barge configurations used for the transporta-

tion, installation and decommissioning of the off-shore

platform topside have received some attention. The top-

side deployment has been carried out for a long time us-

ing heavy lifting crane barges which may be unavailable

in remote areas or not capable of lifting large topsides.

In recent years, the floatover method has been employed

in several ways and has been discussed in the technical

literature (see, e.g., (Kurian et al., 2012)). The trans-

portation and installation procedures requires preliminary

analysis of the seakeeping and stationkeeping properties

of the considered floatover configuration. For the case

of a single barge, in (Duquesnya et al., 2013) the authors

investigated the approach to the slot under the actions ex-

erted by the tug towing lines, the mooring lines and the

cross lines. The Murphy Kikeh Spar in Malaysia was the

first Spar to employ a catamaran floatover method for the

installation of the the topside at the platform offshore lo-

cation. The catamaran configuration is provided by two

barges supporting the topside structure and, optionally,

additional elements like linking cables or bridges are em-

ployed to tighten the whole structure. This technique pro-

vides indeed some advantages with respect to the single

barge floatover system as reported in (M. Y. H. Luo et al.,

2013).

The main concern for this kind of transportation sys-

tem is relative to the catamaran configuration formed by

the twin barges and the topside. The topside is typi-

cally built to be part of a bottom-fixed structure and is

not designed to sustain the hydrodynamics loads trans-

mitted by the barges, especially during the transportation

phase. The rigidity of the topside may not be sufficient

to play as a catamaran deck, and the relative motions ap-

ply torsional loads along different axes depending on the

relative wave heading.

In this paper, we focus on the modelling of the rela-

tive rotation between the barges along the y-axis, or rel-

ative pitch, which may constitute a critical issue during

transportation, positioning and mating operations. The

elasticity of the topside is simply modelled with a spring

system, which allows us to deny or permit some internal

degrees of freedom (dofs) just setting the spring coeffi-

cients. The barges are instead considered as rigid, be-

cause their flexibility is in general negligible and hardly

interacts with the hydrodynamic loads. An in-house fi-

nite difference code is implemented to fully model the

mooring line dynamics. First and second-order theory is

employed for describing the wave loads on the barges and

in particular the vertical load and the drift forces. Due to

the coupling between the different subsystems, the nu-

merical approach is developed in the time-domain. Ra-

diation forces are then calculated using Cummins equa-

tions where the frequency dependent kernel function is

evaluated with the Prony method in terms of exponen-

tials, equivalent to Pade approximation in the frequency

domain. The system dynamics is then analyzed under the

excitation provided by head and quarterly waves. The ca-

pability of the numerical model in performing fast and



robust analysis is shown through the investigation of the

hydroelastic features and through the sensitivity analysis

of the response to the mooring line configuration.

Floating structure model

The numerical model of the physical system is imple-

mented with an in-house Fortran 90 code that was orig-

inally developed for predicting the response of a seg-

mented floating dock as described in (Dessi et al., 2004).

The code has been modified for dealing with different ge-

ometrical and dynamical configurations, as the one con-

sidered in Fig. 1. The barges are named with the let-

ters ‘S’ and ‘P’, indicating the starboard barge and port

barge of the catamaran, respectively. The stiffness of the

structure connecting the two barges is simply represented

with equivalent springs, divided into three groups shown

in Fig. 1: the xy planar layout, counteracting relative

surge, sway and yaw motion between the barges, the yz
planar layout, opposing relative heave and roll as well as

sway motion, and finally the rotational spring, counter-

acting relative pitch. The two planar layouts pass through

the CoG of each barge, which is simply assumed here to

be the centroid of each barge, lying also on the water-

line plane. With high spring coefficients, the floating

configuration becomes rigid, whilst removing the springs

lets the barge respond individually to the hydrodynamic

loads. Each barge can be moored to the seabed with four

lines, attached at the four corners of the hull bottom. The

mooring line configuration can be changed and includes a

freely moving dead weight at a certain distance from the

fix point.

The numerical model solves two basic dynamical prob-

lems: (i) the multi-body dynamics of the floaters, and

(ii) the mooring line dynamical problem. The coupling

scheme between the rigid-body solver and the mooring

line solver is shown in Fig. 2. The static mooring line

configuration is first computed and gives the initial con-

dition for the successive evolution. The floating bodies

are moved away from the rest position due to the hydro-

dynamic loads and, as a consequence, they change also

the position of the mooring line attachment points to the

barges. The new boundary condition at the line top end

makes the line leave its static configuration. Inertia and

fluid loads arise on the line elements and a force is exerted

to the body through the floater attachment points. The

time-marching numerical scheme is a 4-th order Runge-

Kutta algorithm which merges together the rigid body and

the mooring line solution at each time step.

Two coordinate systems are used for describing the

global motion of the bodies. The first one, denoted as

(XY Z), is an earth bound coordinate system. The XY
plane lies parallel to the still water surface and the origin

O of this co-ordinate system coincides with the initial lo-

cation of G, center of gravity of the floater. The X-axis

points to the initial direction of the floater axis orthog-

onal to the incoming wavefronts. The second reference

system (xyz) has origin G, and axes fixed to the body; at

time t = 0 the body reference systems xy plane coincides

Figure 1. Overview of geometries and interactions
among the involved elements (mooring lines with cross
layout).

Figure 2. Basic problem solved by the code and cou-
pling scheme between the solvers.

with the basin coordinate system plane XY . The moor-

ing lines are described in the coordinate system (XY Z).

Rigid-body motion

Each floater is regarded as a rigid body with six degrees

of freedom (DOFs). The equations of motion of a single

rigid body were derived in (Dessi et al., 2004) and are:

Mb
dvG

dt
= f ,

dxG

dt
= vG,

d (Jbω)

dt
= m,

dR

dt
= ΩR (1)

where xG = {xG, yG, zG}T and vG are the position

vector and the velocity vector of G, respectively, ω =
{ωx, ωy, ωz}T is the angular velocity vector, obtained us-

ing the independent components of the anti-symmetric

matrix Ω, R is the orthogonal rotation matrix, Mb and

Jb are the body mass and the symmetric inertia tensor,

respectively, f and m are the external force and the ex-

ternal moment acting on the body. It should be noted the



total number of variables is eighteen, because the matrix

R has nine elements. However, since they are not inde-

pendent, one can reduce the number of variables to twelve

(six generalized displacements and six generalized veloc-

ities) by using the Euler angles α = {ϕ, θ, ψ}T . The

third expression in Eq. 1 is written in the reference sys-

tem (xyz) as:

ω̇x = ωyωz
Jyy − Jzz

Jxx
+

mx

Jxx

ω̇y = ωzωx
Jzz − Jxx

Jyy
+

my

Jyy

ω̇z = ωxωy
Jxx − Jyy

Jzz
+

mz

Jzz
(2)

that, using α, becomes:

Φα̈+ b = m (3)

where the expressions of the matrix Φ and of the vec-

tor b (both depending on α) are given in (Dessi et al.,

2004). This procedure presents some numerical difficul-

ties since the system might be numerically unstable due

to singularities in the Φ matrix. An alternative proce-

dure due to (Omelyan, 1999) consists in using quater-

nions to describe the rigid-body rotation about the body

center of gravity G. Thus, expressing the rotation matrix

R in terms of the components of the rotation quaternion

q = {q0, q1, q2, q3}, the set of Eq. 1 is replaced, after

some mathematics, by:

ẏ =

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

vG

f/Mb

1
2

⎡⎢⎢⎣
q0 −q1 −q2 −q3
q1 q0 −q3 q2
q2 q3 q0 −q1
q3 −q2 q1 q0

⎤⎥⎥⎦
⎧⎪⎪⎨⎪⎪⎩

0
ωx

ωy

ωz

⎫⎪⎪⎬⎪⎪⎭
ωzωy(Jyy − Jzz)/Jxx +mx/Jxx
ωzωx(Jzz − Jxx)/Jyy +my/Jyy
ωxωy(Jxx − Jyy)/Jzz +mz/Jzz

(4)

where y = {xG,vG,q,ω}T is the state-space vector.

Since the quaternion representing a rotation has unit mod-

ulus, its (four) components are not independent and a

normalization condition is added. Thus, a set of first-

order differential equations is obtained, directly available

for numerical integration by a 4-th order Runge-Kutta

scheme. The force vector f (and m) must be explicitly

introduced in the previous set of equations. In particular,

the vector f can be decomposed as:

f = ffl + fml + fint + fg (5)

where fml is the force due to mooring lines, fint is the

force exchanged by adjacent pontoons, ffl is the fluid

force and fg is the weight. In a similar way the vector

of moments m can be decomposed as

m = mfl +mml +mint +mg (6)

Hydrodynamic forces

The forces exerted by the fluid ffl on the floating bodies

can be decomposed as (see (Journee and Massie, 2001))

ffl = fb + fw + fhm (7)

where fb is the hydrostatic force, fw represents the wave

excitation forces, produced by waves investing the re-

strained body, and fhm contains the hydromechanical

forces, i.e., the forces induced by the harmonic oscilla-

tions of the rigid body, moving in the undisturbed surface

of the fluid.

It is worth to note that the hydrostatic force, expressed

as fb = {0, 0, ρgVwet}T , accounts for the exact position

of the body with respect to the free surface, calculating

exactly the submerged volume of the pontoon Vwet. The

wave loads are determined by a first-order theory leading

to the forces due to the incident waves. In this case, the

expression of the force is

f (1)w = Re

⎛⎝ N∑
j=1

H(ωw,j , βw,j)aw,je
i(ωw,jt+βw,j)

⎞⎠ (8)

where aw,j , ωw,j , βw,j are the wave-amplitude, the fre-

quency, phase and heading angle, respectively. Because

of the rectangular, slender shape of the floating bodies

(barges), adopted in the present paper, the expression of

the transfer function H(ωw,j , βw,j) can be computed an-

alytically by using the strip theory on the basis of long

wavelength assumption with respect to the relative cross-

section (see also (Faltinsen, 1999)). In the case of irreg-

ular wave, the slowly-varying second-order drift forces

were also considered accordingly to (Marthinsen, 1983).

Therefore, taking into account (i) the instantaneous po-

sition of both the body and the free-surface, and (ii) the

nonlinearity associated with the velocity of the fluid par-

ticles, it is possible to include non-zero, slowly-varying,

nonlinear mean forces in the form (see also (T. E. Shellin

and Sharma, 1990))

f (2)w = α(ωw) [η(t)]
2 (9)

where η(t) is the wave-envelope and α(ωw) is a

frequency-dependent coefficient. However, the error

in treating this coefficient as constant is negligible for

narrow-band processes (Roberts., 1981). Therefore,

α(ωw) = α(ω̂w), where ω̂w is the wave peak frequency

and, following (Cox., 1983) in the case of head waves,

α = ρfg C
3
√
Vwet (10)

where Vwet is the submerged pontoon volume, with C =
0.35 in the x direction and C = 0.25 in the y direction.

Finally, the forces due to the body motion are given by

fhm = −
∫∫

Swet

p · n dS (11)

Using a time-domain approach, the linearized Bernouilli

theorem and under the hypothesis of non rotational fluid,

the force due to the body motion can be expressed as

shown in (Cummins, 1962) and (Journee and Massie,

2001):

fhm = −Aẍ−
∫ t

−∞
B(t− τ)ẋ dτ (12)



where, accordingly to (Ogilvie, 1964), the following ex-

pressions hold:

B(t) =
2

π

∫ ∞

0

B̂(ω) cos(ωt) dω, A = Â(ω)|ω=∞ (13)

where Â and B̂ are the added mass matrix and the added

damping matrix, respectively, that for a rectangular body

are diagonal. In this case, Â and B̂ are well known and

found in the technical literature (see (Faltinsen, 1999)).

Finally, it can be remarked that the convolution integral

can be evaluated by using some numerical techniques. It

is useful to express the functions Bii(t) in terms of series

of exponentials, i.e.,

Bii(t) =
∑

p=1,2,3

Ri,pe
λi,pt (14)

where B33, B44 and B55 are the (real) retardation func-

tions corresponding to heave, roll and pitch motion, re-

spectively, and Rp,i, λp,i are in general complex num-

bers depending on the considered retardation function.

The identification of these coefficients is done by using a

modified Prony method (Osborne and Smyth, 1995). Us-

ing the above equation and after some algebra, one can

express the force at the time step n + 1 in terms of the

force at the previous time step n (omitting the force in-

dex i), i.e.,

f (n+1)
p = eλpΔtfn

p − xn+1 − xn

λpΔt
Rp

(
1− eλpΔt

)
(15)

making the numerical scheme more effective and fast (the

index i referring to the particular motion is omitted for

sake of conciseness).

The vector of forces and moments exchanged by the

floaters fint depends on the considered configuration.

Each spring exerts a force directed along the line pass-

ing through its links to the body, i.e.,

fint = kint(||u|| − dref )
u

||u|| , (16)

where u is the vector connecting the points A and B
placed on the starboard and port barge, respectively, ||u||
is the length of the vector u, dref is the reference distance

of the catamaran configuration at rest (ideally unstressed

in calm water), and kint is the spring coefficient. The

force definition requires the calculation of the instanta-

neous position of the points A and B and, at the end,

also the calculation of the resulting moments. Indeed, the

twin force −fint acting on the opposite barge has to be

included. For the rotational spring, one has:

mint = cintθe2, (17)

with e2 the unit vector of the y-axis in the body frame

of reference (xyz) and cint is the spring coefficient. Be-

yond the present application, the code can account also

for shock forces, due to small collisions between the

pontoons along fenders and traction elastic forces due

to cables linking the pontoons. In particular, the con-

tact force due to fenders have a particular mathematical

model based on simple momentum and energy conserva-

tion (the reader is referred again to (Dessi et al., 2004) for

more details).

Mooring-line model

The numerical model for the dynamics of the mooring

line is considered. A rather general model is here in-

troduced under the following hypotheses: (i) the mate-

rial of the cable is isotropic, homogeneous and elastic;

(ii) displacements of points belonging to the same cross-

section are identical. The last assumption about the dis-

placement field has two important consequences. First,

the cable configuration is identified by the position vec-

tor x(s0) depending only on the curvilinear abscissa s0.

Thus, given a reference configuration x0(s0) (the static

one under weight load, neglecting axial deformation) the

dynamic displacement u(s0, t) = x(s0, t) − x0(s0) can

be introduced. As a second consequence, bending, tor-

sion and shear stresses are neglected.

In (Dessi et al., 2004) the equations for the mooring

lines (cables or chains) are first introduced in discrete

form for each element. The continuous equation can be

obtained as the element length tends to zero, yielding:

ü =
1

c2
∂

∂s0

[(∣∣∣∣τ 0 +
∂u

∂s0

∣∣∣∣− 1

)
τ

]
+

1

ρcA0
qc, (18)

where c =
√
E/ρc, E is the Young modulus, ρc is the

density, τ = ∂x/∂s is the unit vector tangent to the ref-

erence cable configuration, qc is the external load per unit

length (including cable’s weight, hydrostatic and drag

forces, dissipation due to internal loss and friction be-

tween rings etc.). The nonlinearity arises both by the

terms τ and
∣∣∣τ 0 +

∂u
∂s0

∣∣∣. When τ is constant with re-

spect to s, e.g., for a taut chain, and when ∂u/∂s0 << 1,

i.e., for small deformation, the previous equation returns

the well known linear wave equation. The discrete form

of the equation of motion for each mooring line element,

i.e.,
Miüi = fi,+ − fi,− + qc,i, (19)

allows dealing simply with chains, where the forces ex-

changed with the adjacent elements fi,+ and fi,− are

modified as follows:⎧⎪⎨⎪⎩
|xi+1−xi|

Δs0
> 1 ⇒ fi,+=EA0

(
|xi+1 −xi|

Δs0
− 1
)

xi+1 −xi

|xi+1 −xi|

|xi+1−xi|
Δs0

< 1 ⇒ fi,+ = 0

since compression forces are not supplied by the chain

due to the unhooking between rings. The added mass ef-

fect is modelled through the Morison’s equation, which

for a cylinder-shaped body states, accordingly to the po-

tential theory, that the added mass effect depends on the

acceleration normal to the cylinder axis. For an ele-

ment Δs0 of the cable, the corresponding added mass

is μ ünorm = μ [ü − (ü · τ )τ ] that must be considered

together with the cable’s inertia term. The fluid-cable in-

teraction forces are completed by the drag effect included

through the formula (Triantafyllou, 1982):

fdrag = cnvn |vn|+ ctvt |vt| (20)

where vn and vt are the relative normal and tangent ve-

locity of the fluid with respect to the cable and the c’s



suitable coefficients depending on the angle of attack of

the fluid with respect to the local configuration of the ca-

ble.

Finally, dissipation forces along the cable are included

in the model: viscous dissipation forces, simulating the

internal loss of the material, and the friction forces due to

the relative motion between adjacent rings. The first ef-

fect is trivially introduced, while the second is more com-

plicated. Since the derivation of the ring friction forces

is quite laborious (even considering spherical dissipative

linkages between adjacent rings) and it does not deeply

modify the chain response, it is not here shown for sake

of conciseness (see (Dessi et al., 2004)). It should be

also considered that the friction model for the chain de-

pends on friction coefficients whose evaluation is practi-

cally difficult. In fact they are affected by many factors,

as ring surface roughness (variable along the chain life),

ring geometry, local tension and so on.

At the end, according to the coupling scheme shown

in Fig. 2, the cable dynamics is set to be dependent on

the barge motion by imposing that the cable N − th end

element has the same co-ordinates of its attachment point

at the pontoon.

Figure 3. Floating deck constituted by three aligned
pontoons layout considered in (Dessi et al., 2004).

Results

In Table 1 the dimensions and mass properties of each

barge are shown (refer to Fig. 1 for the geometrical lay-

out).

Table 1. Single barge properties (CoG coordinates are
relative to rear right bottom corner)

Property x-axis y-axis z-axis

Barge

dimensions 1.33m 0.4m 0.2m

Mass 53.2Kg 53.2Kg 53.2Kg

CoG 0.665m 0.2m 0.1m

Inertia moment 5.Kgm2 10.45Kgm2 20.Kgm2

Dist. between

barge CoGs 0 0.4m 0

Those reported above are the same properties consid-

ered in (Dessi et al., 2004), where the numerical code was

validated for the barge configuration shown in Fig. 3.

Therefore, they are relative to the model scale. Nonethe-

less, using a proper scale factor, these properties may

fairly represent real catamaran float-over configurations.

Whilst the barges are rigid and supposed to carry all the

CFO mass, the connecting structure is elastic and mass-

less for sake of simplicity. The overall elasticity is mod-

elled with the linear and rotational spring system de-

scribed before. The linear spring constants kint,i are set

to 104, a value sufficient to prevent the relative motions

between the barges. Only the rotational spring value is set

case by case to permit or to avoid the relative pitch mo-

tion between the barges, which is one of the most critical

behaviors of the system.

Response without mooring lines

Next, the response amplitude operators (RAOs) in regu-

lar waves for the CFO dofs are defined according to the

following definitions:

RAOheave =
z

aw
RAOroll =

ϕ

kw aw
(21)

RAOpitch =
θ

kw aw
, (22)

with the wave number kw = 2π/λw, being λw and

aw the wave length and elevation, respectively. Simi-

larly, the RAOs referred to the CoG of each barge will

be considered for the case of free or partially constrained

oscillations in the pitch dof. A relative pitch rotation

Δθ = θS − θP between the two barges is also defined,

and the correspondent RAO will be evaluated.

In this section, the configuration without mooring lines

is considered. To avoid rotations around the z-axis which

may cause a variable heading during each simulation, the

absolute yaw motion of each barge is restrained. Regard-

ing the RAO of the heave motion (Fig. 4), there is no dif-

ference between the spring and the rigid CFO response

(the small squares are inside the diamond symbols, see

the legend), whereas in the case of the freely oscillat-

ing barges the heave motion is larger, as expected (grey

points). This difference is enhanced for the larger head-

ing angle (ψo = 45o). The same considerations can be

applied to roll motion, as shown in Fig. 5. However, the

dependence of roll on the wave length is greatly affected

by the configuration type, i.e., rigid or free. In the case

of pitch (Fig. 6), the difference between the spring CFO

configuration and the free barge is generally negligible or

small for ψo = 25o. The rigid configuration exhibits less

pitch motion with respect to the other cases regardless of

the wavelength. For the larger heading value, ψo = 45o,

the pitch motion is different also if the spring CFO con-

figuration and the free barge are compared. Thus, the

free barge oscillates more than the spring configuration

and the latter is more excited than the rigid catamaran.

The pitch RAO for the catamaran is calculated in all the

configurations processing the average value between the



pitch of the two hulls, i.e., θ̄(t) = 1/2(θP (t) + θS(t))
(trivially coinciding with the CoG pitch in the rigid case).

Figure 4. Heave RAO without mooring system.

Figure 5. Roll RAO without mooring system.

Figure 6. Pitch RAO without mooring system.

More interesting is, at this point, to get a closer look

to the relative displacement Δθ. The time history of the

two barges for λw/Lpp = 2 is plotted in Fig. 7 for the

independent and partially constrained barges, at a head-

ing angle ψo = 45o. It is evident that two factors affect

the relative generalized displacements, i.e., the amplitude

and the relative phase of the barge motion, respectively.

Evaluating the RAO over the difference between the pitch

records, Δθ(t), and plotting the results for different wave

lengths in Fig. 8, the relative rotation between the two

hulls grows as long the the heading is increased. More-

over, if the applied constraint on the pitch dof is relaxed,

the amplitude of Δθ periodic motion is increased as well

(the rigid configuration values are not plotted because

they are trivially zero). At very small wavelengths, at the

limit of validity of this numerical approach, the spring

configuration seems to have another local maximum but,

even if this behavior may come from the combined effect

of short wavelengths and higher wave frequencies, it has

to be studied more.

Figure 7. Time history for pitch of each barge, for
λw/Lpp = 2 and ψo = 45o.

Figure 8. RAO of the relative pitch rotation without
mooring system.

Response with mooring lines

Next, the effect of the mooring lines on the pitch dof is

considered. The main difference with respect to the un-

moored configuration is that the oscillations of the float-

ing body lose their symmetry, i.e., positive and negative

peaks differ significantly in absolute value. In fact, the

mooring line acts fundamentally like a spring but provid-

ing restoring forces only when it is stretched. This is clear

in the RAO for the heave in Fig. 9.

In Figs. 10 the RAO of the moored catamaran config-

uration have been considered for two different wave am-

plitudes, equal to 0.04 and 0.06D respectively, in order

to highlight the nonlinearity of the response depending

on the wave excitation. The results refer to a heading an-

gle ψo = 0o (head or following waves due to symmetry).

The wave amplitude indeed affects slightly the periodic

motion, pointing that the calculation of hydrodynamics

loads can be carried out for these wave heights still within

a linear assumption.

In Fig. 11 it is possible to notice that the presence of

mooring lines affects the pitch oscillations (as average be-

tween positive and negative peaks) in all the configura-



Figure 9. Heave RAO for the barge in free configura-
tion with and without mooring lines.

Figure 10. Heave RAO for the barges in rigid catama-
ran configuration.

Figure 11. Pitch RAO with mooring system.

Figure 12. RAO of the relative pitch rotation with
mooring system.

tions. However, their effect is higher in some intervals,

and this also depends on the considered configuration. If

we consider the relative pitch, it seems not much affected

by the presence of the mooring lines.

Whilst in regular waves the second-order wave forces

are not present in the hydrodynamic model, they arise

when the excitation is provided by the stochastic sea

(heave and pitch responses are shown in Fig. 13). In

this case, the barge motion in the x direction is governed

by the balance between inertia force, hydrodynamic loads

and the mooring line restoring forces. The drift response

is then the key parameter for evaluating the different

mooring layout shown in Figs. 1 (cross configuration)

and 14 (longitudinal and transverse configurations).

Figure 13. Time history of heave and pitch motion.

Figure 14. Mooring lines layouts: longitudinal and
transverse configurations.

In Fig. 15 the longitudinal and cross layouts pro-

vides the best performance for station keeping with head

waves, while the transverse is the worst. In case of beam

seas this result is reversed, but the cross-line layout pro-

vides indeed the best compromise in the different situ-

ations. On the other hand, the configuration type little

affects the heave and pitch responses.

Concluding Remarks

In this paper it has been shown that the twin-barge

arrangement for transporting top-sides of jacket struc-

tures may potentially exhibit relative pitch rotation of the

barges depending on the stiffness of the born structure

(topside). This phenomenon is excited in quarterly seas

and reaches local maxima at medium and short wave-

lengths. In the latter case the limitations of the present

approach, also with reference to the neglected hydro-

dynamic interaction between the barges, affect the re-



Figure 15. Surge motion with different mooring lines
layout.

sults. Nonetheless, preliminary experimental investiga-

tions point out that structural resonances appear in the

global response and, consequently, they are worth to be

carefully considered. The presence of the mooring lines

damps out the amplitude of the relative displacement, but

the associated effects change depending on the mooring

layout. Even if the present approach cannot take into ac-

count 3D wave diffraction and reflection effects between

the demihulls, the accuracy of the vertical load evaluation

is still acceptable for the range of wave parameters most

critical for the structural integrity. On the other hand, this

approach is promising in terms of computational cost, ro-

bustness of the solution and easy implementation of cou-

pling schemes in the time-domain. This is important at an

initial design stage, when low-fidelity model are typically

employed for driving the design toward feasible config-

urations which then require to be further analyzed with

more accurate but time-consuming tools.
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Abstract 

This paper applies a System Based Ship Design (SBSD) 
methodology for the design of fishing vessels. Traditionally, 
fishing vessel design relies heavily on empirical methods, at-
tached to the geographical characteristics and local prefer-
ences of a region, creating historically resistance towards in-
novative design and state of art technology. SBSD is an estab-
lished and systemic ship design methodology, which has been 
successfully implemented for the last 25 years in Norway and 
Finland, mostly for the design of offshore vessels, cruise ships, 
ferries, cargo vessels and teaching. This work combines SBSD 
methods, such as systems’ breakdown and statistical analysis, 
with technological updates. Such method can be used both for 
design and modernization of existing fishing vessels regarding 
the implementation of modern fish cargo handling, storage 
equipment, introduction of fish processing schemes and new 
space distributions. As example of the methodology, it is pre-
sented a modern developed vessel with RSW-system, fish 
pumps, cranes and increased power for the Baltic Sea region. 

Keywords 

Fishing vessels design, System Based Ship Design 
(SBSD), Fishing vessel equipment 

 

Introduction 

As governments becomes increasingly aware of na-
tion’s food security, environmental and economic issues, 
coordinated cooperation between the local regulatory 
bodies, shipowners and designers to keep and facilitate 
sustainable fishing operations is paramount. This paper is 
aimed at providing a systematic approach for designing 
modern fishing vessels efficient for the considered geo-
graphic, economic and infrastructure conditions. Moreo-
ver, the outputs from the developed system could be use-
ful for: 
− governmental bodies to evaluate current condi-

tions in comparison to future perspectives and to 
release fleet development strategies with orienta-
tion on achievable vessels’ capabilities; 

− fishing shipowners to assess the possible eco-
nomic effects from modernization of operated 
vessels and to investigate their perspectives of 
purchasing modern new-buildings. 

The main focus is put on the concept design phase of 
the vessel (Gaspar, 2012). Expounding Emblesvåg 

(2003) most of the costs related to the life cycle of a com-
plex systems, such as fishing vessels, and possibilities of 
their reduction are defined during design stages before 
the beginning of a construction phase. This explains the 
selected orientation and the desired possibility to obtain 
a parameterized instrument for the purposes of investiga-
tion, comparison and optimization of different fishing 
vessels designs. 

Several parts of fishing vessels standard concept de-
sign phase procedures (Fig.1 inspired from Ivanov, 2006) 
are discussed in the article. But, as this kind of model 
locks naval architects to their first assumption, in order to 
achieve more level of parameterization one of the main 
objectives of the presented article is to implement, so 
called, System Based Ship Design (SBSD) methodology 
(Levander, 2012) presented for general case in Fig. 2. 

 
Fig. 1: Standard procedures in fishing vessel’s design 

 
Fig. 2: System Based Design procedure according to 

Levander, 2012 

According to Levander using SBSD, the functional 
design of the vessel can be developed to a high degree of 
detail without premature commitment to specific overall 
dimensions, layout and arrangements. 



This includes the development of an appropriate 
functional breakdown structure (Fig. 3, Levander, 2012) 
that captures the nature of service type vessels. A number 
of existing designs data and direct requirements calcula-
tions are utilized further to derive dependencies for cal-
culating areas and volumes demanded in the vessel to 
perform all necessary functions. This is conducted inde-
pendently of preselected main dimensions, hull lines or 
standard layouts. 

 

 
 

Fig. 3: Ship and Payload Systems Breakdown 
(Levander, 2012) 

Thus, SBSD is serving as a checklist of require-
ments providing the possibility to propose several suita-
ble solutions and conduct a comparative analysis based 
on chosen Key Performance Indicators (KPIs).  

To sum up, the research work presented in this pa-
per is aimed on programmable results based on SBSD 
methodology with, with a systems breakdown proposal 
for fishing vessels and related regression analysis. One 
example of methodology is presented, the design of a 
stern trawler for Baltic Sea region. 

System Based Ship Design of Fishing Vessels 

There is relatively high variety of fishing vessels 
types dependent mainly on different fishing gears, equip-
ment and it distribution onboard. Though the SBSD ap-
proach could be implemented to all of the possible types, 
current research is applied to the three types of fishing 
vessels: Stern Trawler, European Seiner and Seiner-
Trawler. In the following, we will shortly describe each 
of these types: 

 
Stern Trawler 

On stern trawlers (Fig. 4) the trawl is set and hauled 
over the stern. The superstructure is placed forward with 
the working deck aft. Gallows are placed on the stern 
quarters or there is a stern gantry for the operation of the 
otter boards. In most cases the handling of the catch and 
any processing of fish will take place below deck or in 
deck houses. 

 

 
Fig. 4: Stern Trawler (source and copyright: MarineTraffic.com) 

European Seiner 

The vessel surrounds the shoal with a deep curtain 
of netting and than the bottom of the net is pursed 
(closed) underneath the shoal by hauling a wire which 
runs from the vessel through rings on the bottom of the 
net and back to the vessel. For seiners (Fig. 5) a super-
structure is usually placed aft from the midship area and 
all fishing equipment is purposefully distributed along 
the ship. 

 

 
Fig. 5: European Seiner (source and copyright: MarineTraffic.com) 

Seiner-Trawler 
The type (Fig. 6) with merged capabilities to per-

form both trawling and net seining. The structural com-
position mainly repeats that one for European Seiner type 
with some additional equipment and gantry placed aft.  

 
 

Fig. 6: Seiner-Trawler (source and copyright: MarineTraffic.com) 

Independently of a type, the beginning of fishing 
vessel’s design starts with the customer’s requirements. 
This is, so called in SBSD, mission statement that settles 
tasks, capacity and performance expected by the future 
owner or operator. As a consequence, the design task 
structure is dealing with “definition of systems and func-
tions – estimation of sizes and weight- select dimensions 
–checking of performance”. Levander (2012) propose the 
following step-by-step process of the SBD process: 
1. Customer requirements – Mission statement 
− Task, capacity, performance demands, range and 

endurance; 
− Rules, regulations and preferences; 
− Operating conditions: wind, waves, currents, ice. 

2. Functional requirements – Initial sizing of the ship 
− Based on capacity, where the areas and volumes 

needed for cargo spaces and task related equipment 
defines the size of the vessel; 

− Based on weight, where the cargo weight and the 
weight of task related equipment and of the ship it-
self defines the size of the vessel. 

3. Form – Parametric exploration 
Variation of main dimensions, hull form and lay 

out of spaces on board to satisfy the demands for both 
capacity and weight  
4. Engineering synthesis 

Calculating and optimising ship performance, 
speed, endurance and safety  
5. Evaluation of the design 

Calculating building cost, operation economics. 



The graphical representation of the process with ad-
ditions for fishing vessels in a straight form is presented 
in Fig. 7. 

 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 

 
Fig. 7: System Based Ship Design procedure applied to 

fishing vessels 

The mission description defines the transport task the 
ship is intended with relevant inputs and related re-
strictions. The following information should be collected 
specifically when designing a fishing vessel: 

Target area of operations 
− target fishing area conditions; 
− target aquatic biological resources and types of 

fishing scheme utilized; 
− available land-based infrastructure, distances 

and related restrictions. 
Rules and regulations 
− international; 
− local; 
− design (from classification societies). 

Targeted area of fishing inputs 
Next step in the process - to define all systems 

needed in the vessel and divide them into payload related 
systems and ship related systems. According to 
Levander: payload systems are directly related to the 
“money making potential” and consist of cargo spaces, 
cargo handling equipment and spaces needed for cargo 
treatment onboard. The ship functions include the sys-
tems needed to carrying the payload safely from port to 
port. The defined fishing ship systems breakdown in 
three levels are presented in Fig. 8. 

The functional breakdown structure represents a 
product architecture for the vessel, which can be used as 
a backbone for a modular design platform. For most of 
the functions, one or a set of corresponding module may 
be defined. Each module can be scaled according to the 
area and space requirements being developed as part of 
the SBSD model. The modules can then be arranged by 
using templates, defining how these modules connect.  

The template states where a module should be posi-
tioned, while the breadth and height is automatically 
scaled based on the main characteristics of the vessel. 
Then the length is scaled to satisfy the volume demand.  

.  
Fig. 8: Payload systems and ship system for a fishing 

vessel 

All spaces are defined “steel to steel” and include the 
space needed for frames, deck beams or bulkheads. The 
total volume of all spaces onboard defines the ship size. 

Statistics from previously built vessels and graphical 
reproduction of available vessels layouts and lines plans 
are providing parameters necessary for volume definition 
purposes. In this study such kind of measurements were 
conducted with utilization of 3D models (Fig. 9) created 
in Rhino 3D. This provides more accurate results, as no-
ticed by Levander (2012) in a 2D drawing, areas can be 
easily detected, but when it comes to volumes, 2D infor-
mation becomes difficult to interpret correctly. Addi-
tional instrument, commonly implemented in this prac-
tice is further developed Capacity Diagram presented in 
Fig. 10 allowing to facilitate understanding of volumes 
distribution.

 

 
Fig. 9: 3D model of a fishing vessel in Rhino 3D with sev-

eral enclosed spaces defined 

 

 

 

 

 

 

 

Fig. 10: Capacity Diagram developed for a fishing ship 

Cargo capacity and cargo spaces 
The payload itself is a weight of cargo of any type 
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− Fishing vessels functions; 
− Volumes and areas definitions; 
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− Variation of main dimensions, hull form and lay out of 
spaces onboard in order to satisfy the demand for space for 
both the payload and ship functions..

− Calculating and optimizing ship per-
formance, speed, endurance and 
safety… 
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(Papanikolaou, 2014). The payload functions defined for 
a fishing vessel are related to a direct cargo storage, dif-
ferent equipment and machines necessary to load/unload, 
process and preserve fish cargo in one state or the other 
depending on a vessel’s capabilities. For the considered 
design case different sets of payload elements, their con-
nections and volume relations are presented in Fig. 11, 
from loading onboard at sea until unloading in port. 

 
Fig. 11: Payload elements defined in levels with inter-

connections for a fishing vessel 

Such data representation is considered as Z (zoom) 
Point for a Payload system. This concept being a part if 
GIGA-mapping and ZIP-analysis (Sevaldson, 2015) fa-
cilitates utilization throughout the whole process of im-
plementing SBSD to fishing vessels design. 

Ship outfitting 
Ship outfitting contains equipment on open decks, 

like mooring and anchor winches and deck stores, as well 
as under deck outfitting such as steering gear, bow and 
stern tunnel thrusters, garbage handling and incinerator 
plant belong here. Safety equipment such as rescue and 
lifeboats, lifesaving appliances and fire fighting monitors 
are also included. For fishing vessels this part is addition-
ally represented by all fishing related equipment neces-
sary for performing basic fish catching operations 
(winches, net drums, gallows, frames, gallows, etc.). 

“On deck” equipment is calculated in terms of “Ar-
eas”, “under deck/shelter-deck” equipment is calculated 
in terms of “Volumes” with further conversion to gross 
tonnage (GT). 

Crew facilities 
Area needed for the crew cabins, corridors, mess- and 

day-rooms, stairs are multiplied by related heights. Min-
imal requirements are taken from the design rules and 
could be increased if necessary. 

Service spaces 
The following spaces are usually defined as service in 

SBSD: Wheelhouse/superstructure, catering spaces (gal-
ley, provision store, garbage rooms, etc.), technical 
spaces (air-conditioning units, ventilation funs, lift ma-
chinery). For fishing vessel nets storage spaces are to be 
added to this category. 

Machinery spaces, tanks and voids 
Calculation of the space demand for the machinery a 

designer should define principles of power distribution 

for different operating modes of a fishing vessel (stern 
trawler example in Table 1); and produce an estimation 
of required propulsion and auxiliary power required. 

Table 1: Example of onboard power distribution schemes 
for different operating modes of fishing vessel 

Operating 
Mode Elements included 

 
Free  

running 

Main engine (ME) power to propeller 
Shaft-generator to ship consumers 

Trawling 

 
ME to propeller 

Auxiliary engine (AU1) to ship con-
sumers 

AU2 as reserve 
 
Subsequent calculations of “Machinery spaces” are 

based on parameters statistically defined from vessels da-
tabases and minimum allowances. Implementation of 
data from modern projects is important as quite signifi-
cant differences (up to 2 times) could be observed due to 
the utilization of modern equipment comparing old ves-
sel’s with up-to-date design volumes distributions 
(Ivanov and Dudin, 2013 and 2014). “Tanks and voids 
spaces” are calculated according to proposed rates of 
consumption and demands. 

System summary 
After calculating all required areas and volumes the 

obtained from previous subsections data is summarized 
into one generalized table (example – Table 4), where a 
summarized values and GT calculation results are pre-
sented. 

Weight groups and calculations 
The fist weight estimates could be done based on the 

information in the system summary, operation data in the 
system description, machinery data in technical facility 
definition and some dependencies developed directly for 
the fishing vessels (Ivanov 2010 and Thang, 2013) with 
utilization of data from built ships. An example of some 
calculations and final result are presented in Table 5. Ship 
strength calculations are not considered at this stage. 

Main dimensions, hull form and layout proposals 
The statistics of previously built ships is utilized for 

selection of main dimensions. Investigations of modern 
states of fishing fleets of different countries (Ivanov and 
Dudin 2014) allowed to survey the following countries 
and information about their vessels: Norway, Iceland, 
Faroe Islands, Denmark, Sweden, the United Kingdom as 
working in relatively same conditions and having most 
up-to-date design solutions. 

The length of the vessel could be obtained entering 
the developed GT-Loa statistical diagram with calculated 
previously GT data for some investigated amount of ves-
sels presented in Fig. 12. 

Further, the necessary data is obtained from similarly 
collected data for the following parameters, adequately 
correcting final values: 

 



 
Fig. 12: Payload volumetric dependencies 

Necessary hull form coefficients (CB, Cp) could be de-
rived with utilization of calculated displacement and sta-
tistical data on midship coefficient. These coefficients are 
later on utilized for rough lines plan and sectional area 
curves development.  

At this step the developed design should be checked 
against the following SBD criterions (Levander, 2012): 

 
Volumes:  
 Areas:   

Displacement:          
Machinery power:    
Stability:  
 

Utilization of present-day 3D modeling software like 
Rhinoceros 3D, Bentley Maxsurf or Autoship facilitates 
such kind of checking for the first three criterions just 
with means of geometrical modeling. Facilitation of Sta-
bility and Power – Speed check analysis are additionally 
considered below. 

Final Design summary 
A design summary is provided in a form of specifi-

cation with all the important calculated parameters and 
characteristics included. 

Base on the estimated vessels capabilities the econ-
omy for typical operation conditions for a specified 
amount of time are calculated in terms of the following 
indexes: yearly income (P), net profit (NP), operation 
costs (Co), P/Co. 

Engineering Synthesis 

Stability check 
Fishing vessels are being operated in such a specific 

conditions when loading (and unloading for expedition 
fishery form) usually take place at sea. This results into 
additional safety requirements. Considering stability is-
sues for the investigated case, the following factors could 
reduce the initial values: loading of cargo on deck, hinged 
cargo during handling operations, free surfaces in refrig-
erated/chilled sea water (RSW/CSW) tanks, icing of 
structures. All this calculations should take place during 
the detailed layout design stage. For the purpose of initial 
studies checking of the following static loading cases is 
assumed enough: 

− DWT: 100% of supplies and 0% of cargo; 
− DWT: 50% of supplies and 100% of cargo; 
− DWT: 10% of supplies and 20% of cargo. 

Numerical values could be easily calculated with uti-
lization of previously developed parts. Initial stability 
check according to Levander (2012) could be conducted 
with utilization of data from lines plan and hydrostatic 
curves (CB, CW, IT). For a fishing vessel design for the 
purpose of initial metacentric height calculation, it is bet-
ter to utilize equations (Eqs. 1, 2) recommended by 
Ivanov (2010): 

Center of gravity (KG) is calculated base on assump-
tions for DWT and LW. Initial metacentric height (GM) 
is calculated and checked for the mentioned above con-
ditions against the applicable Rules. 

In specialized naval architecture software it would be 
additionally possible to produce Rule-based checking for 
static and dynamic stability requirements. But, in case, if 
just such kind of software is not available, the Vlasov – 
Blagoveshenskii (Borisov, 2005; Lugovskiy, et al., 2005) 
method could be utilized in order to facilitate the iterative 
design procedure (presented on web-site). 

Machinery power and speed check 
The resistance of a hull for a fishing vessel is not usu-

ally serving as a single basis for power demand predic-
tion. As shown earlier, for the considered trawling 
scheme, there are at least two possible power distribution 
schemes that could be explained by Eqs. 3, 4: 

In case of designing a stern trawler it is necessary to 
check which operation conditions should be treated as a 
main case for predictions. 

As hull form and trawl resistance, with some assump-
tions could be calculated by known empirical dependen-
cies. Earlier formulas and methods developed by 
Ortmersen, Papmel, Rakov (Ivanov, 2010;  Rakov, 1982; 
Sevastianov, 1982) are showing underestimation of nec-
essary power, not including modern cargo handling and 
treating equipment content and increased catch capabili-
ties. Treating energetic efficiency coefficient as the rela-
tion between main engine power and Gross Tonnage 
(NME/GT), the statement about increased installed power 
values could be observed in Fig. 13, while the coeffi-
cients for the sea going fishing vessels built in Soviet Un-
ion (mostly in current Russia) in second part of 20-th cen-
tury (still in operation) are presented in Fig. 14. 

Taking all these into account, the final suggestion for 
the SBD process of fishing vessels is to calculate the re-
quired power base on the following components: Nprop( 
Rhull, Rtrawl), ΣNequip.i for different operation conditions 
and to check and correct the obtained values entering re-
gression data for the same vessels type either by GT or 
by any other accessible characteristics. 



 
Fig. 13 – Power coefficients for Norwegian vessels 

 
Fig. 14 – Power coefficients for USSR (Russian) vessels 

Case Study: Stern Trawler for the Baltic Sea 

The current research interest is restricted to the Baltic 
Sea fishing area, but the methodology itself could be fur-
ther utilized more broadly by introduction of specific for 
other regions and conditions input parameters. 

Step 1   - Mission statement 

Currently considered Baltic Sea covers ICES areas 
IIIb, IIIc and IIId. Eight EU Member states (Denmark, 
Estonia, Finland, Germany, Latvia, Lithuania, Poland 
and Sweden) and two Russian regions (Kaliningrad re-
gion and Leningradskaya oblast) are involved in fisheries 
there. According to the Annual Economic Report on the 
EU Fishing Fleet (2015) there are currently 5 spe-
cies/stocks under TAC management in the Baltic Sea: 
cod, herring, sprat, Atlantic salmon and plaice. TACs 
(Total Allowable Catches) and quotas are annually de-
fined for commercially important fish stocks in the Baltic 
Sea. 

In this research it was decided to choose 27.III.d.26 
fishing area that is related to the Kaliningrad region (Rus-
sia). According to the data from Register Book (Russian 
Maritime Register of Shipping (RMRS, 2016) there are 
32 vessels from 25.5 m up to 35.72 m involved in fishing 
activities in the specified area. About 80 % of them are 
of the same project – stern trawler MRTK type “Baltica” 
n. 1328 (Fishing industry fleet: Reference book, 1990) – 
that is typical situation for Russian sea fishing fleet 
(Ivanov, 2010) and making it easy to figure out the po-
tential of substitution groups of such vessels in the frames 
of current work. Additionally, taking into the considera-
tions the conventional fishing scheme for this region, just 
“stern trawling” is investigated among all possible types. 

Restrictions and limitations for Russian commercial fish-
ing activities in the Baltic Sea are specified in Fishing 
Rules for the West Fishing Basin (Ministry of Rural Af-
fairs, 2014). 
Investigated case mission summary 

Summary from the previously conducted investiga-
tions is presented in Table 2. Common operations for the 
region fishing are observed in a diagram format (Fig. 15), 
added for the purpose of volumes definition, stability 
control issues and economic performance calculations. 
The diagram considers five different operational stages: 
I – Restocking supplies; II – On a way to a fishing 
grounds; III – Fishing operations; IV – On a way to a 
port; V – Unloading cargo.

Fishing operations description is taking into account 
changes in a vessel’s displacement during one typical 
voyage within different cases based on final total catch 
amount for autonomous fishing. 

Table 2: Case mission description (SBD) 

Ship Identification 
Project: fishing stern trawler 

Mission Description 
Operation Area: Baltic Sea fishing area n. 26 

Description: Year round autonomous 
fishing activities 

Ice class: Ice 2 ( RMRS) 
(ICE-1C (DNV-GL)) 

Target species: Baltic sprat / Cod fish 
Crew: 4 - 7
Vessel’s autonomy: 2-3 days 
Distance to h. port: <= 50 nautical miles 

Available infrastruc-
ture: 

Shore storage systems for 
bulk/”liquid” (RSW/CSW) 

fish cargo 
Payload Capacity and Performance 

Cargo capacity: 70 – 120 tons of fish 
stored 

Type of storage: In boxes (cooled / refrig-
erated) / RSW / CSW 

Type of cargo handl.: Pumps / Cranes 
Fish processing NO 
Target speed: 10-12 knots 

Machinery and rough power demand 
Machinery Type: Medium-rev. diesel
Auxiliary Power: 2 Diesel-generators
Est. power demand 600 – 800 kW

Restrictions to the Main Dimension 
Loa: 36 m 

Rules and Regulations 
Class: RMRS 
 

Step 2 – Initial sizing phase 

Cargo capacity and cargo spaces 
In order to illustrate the principles of calculation and 

disclose some parameters and relations, the example of a 
fishing vessel with RSW-storage scheme is investigated. 

Components of RSW-storage for stern trawling 
scheme include with formulas for their calculations pre-
sented in Table 3. 

GT 



The simplified graphical illustration of dependencies 
is presented in Fig. 16. The investigated parameter is a 
relation between a specified volume for fish and water 
mix and all summarized required volumes. Most prefera-
ble cases are maximum values for the specified relation, 
shown as red points in the plot. 

 
Fig. 15: Changes in DWT and displacement of a fishing 

vessel during five operational cases stages 

Table 3: Stern trawler with RSW payload elements 

Component Required Volume calculations* 
RSW-tank Vtank = Vfwkinkbulh 

RSW-system VRSW = kserv.RSW(lbh)RSW 
Cranes VCrane = hcranedcolkserv.crane 
Pumps Vpump = (lbh)pumpkserv.ipump 

PAYLOAD VPAYLOAD =  
 
* - where Vfw, hcrane, (lbh)i – components’ dimensions assumed as known in 
the first approximation and based on mission statement and prototypes data; 
kin, kbulh, kserv.i – coefficients assumed as parameters for calculations and ob-
tained from evaluated statistical data from already built vessels / developed 
design projects and requirements from equipment suppliers. 
 

 
Fig. 16: Payload volumetric dependencies 

Table 4: System design summary (example) 

Space allocation Area, m2 Volume, m3 

Total Payload 76 450 
Total Outfitting 50 30 

Total Accommodation 55 120 
Total Machinery 32 80 

Total Tanks and Voids - 80 
GROSS VALUES 213 760 

GROSS TONNAGE 196 
 
The gross volume (GV) for a fishing vessels could be 

transformed into the GT by the agreed formula (Eq. 1) 
from the “International Conference on Tonnage Meas-
urement of Ships 1969”: 

Table 5: Weight groups and SBD calculations 

Weight Group Functional  
Relationship Comments 

LIGHTWEIGHT (LW) 

Hull Structure рhСhMh* 
(1.05-18Mh/106) Mh = LpBH 

Wheel House VwCw Statistically 

Payload Related  Number of ele-
ments 

Accommodation VACA Statistically 

Outfitting GV*Co Statistically 

Systems GV*Cs Statistically 

DEADWEIGHT (DWT) 
Cargo Vcargoρcargo Calc. 

Crew pcrncr Standard 

Provision & 
Stores pprovtmax.vncr Calc. 

Fuel and Oils pf/otmax.vNme Calc. 

Waters pwncr Calc. 

DISPLACEMENT = LW + DWT 

320 tones 
DWT / DISPLACEMENT 

0.531 
 
In this case DWT/Displacement (Levander, 2012) is 

an relevant indicator of the design. It should be also men-
tioned that values for fishing vessels are normally smaller 
than relative for other types of cargo ships.  

One layout based on all technical data, composition 
and quantity of vessel’s elements is presented in a 2D 
form (Fig. 17). 

 
Fig. 17: Layout of one of the developed design solutions 

of a fishing vessel for the Baltic Sea 

Design summary and Parametric Explorations 

 The design summary observed in Tables 4 and 5 can 
be parametrically explored. For the sake of illustration, a 
3D surface is presented in Fig. 18 varying length overall 
(LOA, m), main machinery (Nme, kw) and net profit 
(NP). The estimation of capital costs were not considered 
in the scope of the work, that nevertheless allows to pro-
vide a comparative analysis. In general, the choice of 
characteristics of interest at this stage is up to the de-
signer.  



 
Fig. 18 – 3D surface for varieties of designs with one type 

of fishing scheme 

Concluding remarks 

Profitable design of a modern fishing vessel implies a 
certain level of complexity mainly due to the possibilities 
to implement several different equipment organization 
schemes. In this paper the System Based Design proce-
dure utilized previously for several other types of vessels 
in Norway was tested in relation to fishing vessels to han-
dle this complexity. The procedure was followed accord-
ing to the originally presented methodology with the de-
scribed additions exclusively relevant to fishing vessels. 
The amount of further research work assumes the devel-
opment of more refined statistical analysis. It is also in 
the scope of future research to developed a web-based 
application that is possible to be implemented into a real 
design and development tasks, based on Gaspar (2013), 
Gaspar et al. (2014) and Chaves and Gaspar (2016). Ad-
ditional broadening with inclusion of different types of 
fishing schemes (seining, seining and trawling, etc.) is 
also considered. 

The presented elements of the case study for the Bal-
tic Sea stern trawler design is aimed at the representation 
of necessary inputs, possible outputs as soon as providing 
a possibility to estimate differences between the currently 
used vessels (putting their characteristics into the eco-
nomic block of the model) with a developed solution. The 
numerical comparison shows the possibility to achieve a 
few times (2-2.5) better efficiency within almost the 
same dimensions given the new fishing technology. In 
general, from the side of a shipowner or a governmental 
organization it could be possible to estimate how many 
old vessels could be effectively substituted by a modern 
one, while establishing a future development strategy.
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Abstract  

One of the key factors affecting the availability for ves-
sel to vessel offloading of liquefied natural gas (LNG) in 
a side-by-side configuration is the relative vertical mo-
tion between the two vessels.  This study is aimed at 
identifying the optimal hull form for the floating LNG 
production and storage (FLNG) vessel which has the 
lowest vertical motion.  Vessel responses were comput-
ed in the frequency domain for six candidate FLNG hull 
forms with different shapes, including long rectangular, 
square, triangular, circular, diamond and U-shaped 
hulls.  By comparing the maximum vertical motions 
along the side of each hull both stand alone and side-
by-side with a LNG shuttle tanker, the long rectangular 
hull was identified as the optimal hull form with lowest 
overall vertical motion.   

KeywordsFLNG, vessel motion, LNG offloading, hy-
drodynamics, hull forms. 

Introduction 

As the offshore gas fields extend further offshore, the 
issues related to LNG offloading, transportation, and 
regasification have received increasing attention. Unlike 
the traditional method of transporting offshore natural 
gas via pipelines, the FLNG solution places the gas 
liquefaction facilities on the top of the FPSO vessel 
deployed right at the offshore gas field, and the pro-
duced LNG is offloaded to a LNG tanker on a regular 
basis.  From the environmental and safety points of 
view, moving the gas processing facilities offshore is a 
sensible option.  Another advantage the FLNG solution 
brings is that the liquefaction and storage facilities are 
mobile and can be redeployed to another gas field once 
the mission at one gas field is completed. 

Compared with the pipeline solution, there remain 
some disadvantages in the FLNG solution. One of these 
is the downtime for LNG offloading due to the weather 
dependence of the vessel to vessel offloading process.  
At present there are two main options for vessel to ves-
sel LNG offloading, i.e. side-by-side connection and 
tandem connection.  The side-by-side connection has 
the advantage of high LNG transfer rate, however it can 
only be operated safely in a benign sea state due to the 
close proximity of the two vessels.  One of the main 
limiting factors on the side-by-side offloading is the 
relative vertical motion between the two vessels which 
can cause damage to the loading arms deployed for 
LNG transfer.    

It is therefore apparent that by reducing the relative 

vertical motion between the FLNG vessel and the shut-
tle LNG tanker, the downtime for offloading can be 
reduced which in turn will increase the productivity of 
the gas field.   

In recent years there have been a number of studies 
on the hydrodynamics of FLNG vessels and the re-
sponses of a FLNG vessel and a LNG carrier in a tan-
dem or side-by-side configuration during offloading 
operation. Zhao et al (2013) carried out numerical and 
experimental studies on the responses and mooring 
tensions of a turret moored FLNG vessel and an LNG 
carrier connected in a tandem configuration.  The hy-
drodynamics and responses of vessels in a side-by-side 
connection during offloading were also studied both 
numerically and experimentally, by Zhao et al (2014) 
and Joao Pessoa et al (2015). These numerical and ex-
perimental studies were conducted for the given vessels 
aimed at feasibility assessment of the offloading opera-
tion as well as verifying numerical tools for the analysis, 
there was no hull form optimization or selection in-
volved. 

The hull form optimization has attracted many re-
search interests in the past and many optimization 
methods have been proposed. Zhang et al (2008) studied 
on hull form optimization for the reduction of hull re-
sistance combined with CFD method. Sarioz (2009) 
adopted an inverse design method to optimize the hull 
form for minimum vertical acceleration at a specified 
location of the vessel analyzed without major change in 
the general hull geometry. Kim and Yang (2010) used a 
surface modification technique for CFD based hull form 
optimization to reduce the hull resistance, focusing on 
the details of the sectional profiles of the hull. 
Grigoropoulos and Chalkias (2010) adopted an Evolu-
tionary Algorithms to optimize the hull form with mo-
tion RAO reduction as the main objective, their focus of 
the optimization was on local shape parameters rather 
than the general geometry of the hull form. 

In this paper the “optimal hull form” is in the context 
of the global geometry of a hull form rather than local 
details. The candidate hull forms are pre-selected from 
those simple geometries with different general shapes 
without focusing on details. This will determine the 
general shape of an optimal hull and on this basis fur-
ther and more detailed optimizations can be conducted. 

The FLNG hull form designs in recent years usually 
have a VLCC tanker or a barge shape, i.e. long rectan-
gular hulls with some variations in the bow and stern 
areas. These hull forms are seen in Shell’s Prelude 
FLNG (Shell News and Media Release, 2009), Knusten 
FLNG and Wood Group Mustang FLNG concepts (Paul 
Jukes & Bryan Trocquet, 2012). Other unconventional  
hull forms have also been seen, a typical example is 



 

 

Sevan Marine’s circular cylindrical FPSO (Sevan Ma-
rine,2012).  Although motion analysis is usually carried 
out for each individual design, systematic comparative 
study of the behavior of different hull forms has been 
rare.  

This study is aimed at identifying an optimal FLNG 
hull form which has low vertical motion, both absolute 
and relative, compared with other hull forms.   This 
paper reports the motion analysis and hull form selec-
tion based on the vertical motion of the stand alone 
FLNG hulls, i.e. the absolute vertical motion. On this 
basis, the analysis of the relative vertical motion be-
tween the FLNG hull and LNG carrier were performed 
for the two FLNG hulls selected from the stand alone 
motion analysis, and from this the final optimal FLNG 
hull form is decided. 

The hull form selection was made to cover a variety 
of hull shapes with the focus on the major geometric 
profile rather than the details of the hull surface.  On 
this basis, the following six hull forms with simple but 
different shapes were selected for motion analysis: 

1. Long rectangular hull 
2. Square hull 
3. Triangular hull 
4. Circular hull 
5. Diamond shaped hull 
6. U-shaped hull 
The hydrodynamic properties of each vessel and the 

vessel responses in various sea states were computed 
using AQWA, a 3-D diffraction/radiation analysis soft-
ware based on linearized wave theory. AQWA is a 
widely used hydrodynamics, floating structure motion 
and mooring analysis software owned by ANSYS. The 
vertical motions at 3 locations along each vessel were 
compared between different hull forms, the overall 
vertical motion of each hull form was also derived and 
compared.  On the basis of the motion comparisons, two  
optimal hull forms with lowest vertical motion were 
identified and selected. Further analysis of the relative 
vertical motions were conducted for the two selected 
FLNG hulls in respect to a typical LNG shuttle tanker in 
a side-by-side offloading configuration.  The one with 
lower overall relative vertical motion was selected as 
the final optimal FLNG hull form. 

 
Selection of the FLNG Hull Forms 
 
The geometries and particulars of the six candidate 
FLNG hull forms were decided based on the following 
considerations:   

 The hull forms should have relatively simple ge-
ometry 

 The hull forms should have the same draft, VCG, 
displacement and deck area 

 The mass is assumed to be evenly distributed 
over the volume of each hull form.  

The main reason for the selection of these hull forms 
is that these hulls have various length to breadth ratios, 
e.g. base case rectangular hull and square hull, and vari-
ous shapes for the same or similar length to breadth 
ratio, e.g. circular hull and square hull etc. Studying the 

hydrodynamic characteristics of these hulls will provide 
a better insight into the effects of the length to beam 
ratio and hull shape on the motion of the vessels, which 
is important to the actual FLNG hull design.The dimen-
sions and other particulars of the six candidate FLNG 
vessels are presented in Table 1. 

Table 1  Details of the candidate FLNG vessels (a) 

 Rectangular 
(base case) 

Square Triangular 

Length (m) 400.00 167.33 220.23 
Breadth (m) 70.00 167.33 254.71 
Depth (m) 36.00 36.00 36.00 
Draft (m) 21.154 21.154 21.154 
VCG (m) 22.4 22.4 22.4 
Displacement (te) 610,000 610,000 610,000 
Deck area (m^2) 28,000 28,000 28,000 
Ixx (kg.m^2)* 3.34E11 1.51E12 1.73E12 
Iyy (kg.m^2) 8.22E12 1.51E12 1.73E12 
Izz (kg m^2) 8.22E12 1.51E12 1.73E12 
Heave Stiffness (N/m) 2.81E8 2.81E8 2.81E8 
Roll Stiffness 
(Nm/rad) 

4.45E10 5.86E11 6.88E11 

Pitch Stiffness 
(Nm/rad) 

3.68E12 5.86E11 6.88E11 

Natural period in 
heave (sec) ** 

13.6 16.3 15.5 

Natural period in roll 
(sec)** 

20.7 14.5 14.2 

Natural period in pitch 
(sec)** 

13.5 14.5 14.2 

* Ixx, Iyy, Izz: mass moments of inertia in roll, pitch and yaw.  
Ixx and Iyy are calculated by assuming evenly distributed 
mass over the FLNG with a height of 40m to include the mass 
of super-structures.  Izz is calculated for circular hull and es-
timated for others. 
** The natural periods presented don’t include the damping 
effect. 

 

Table 2 Details of the candidate FLNG vessels (b) 

 Circular Diamond U-Shape 
Length (m) 188.82 311.44 340.00 
Breadth (m) 188.82 179.80 155.20 
Depth (m) 36.00 36.00 36.00 
Draft (m) 21.154 21.154 21.154 
VCG (m) 22.4 22.4 22.4 
Displacement (te) 610,000 610,000 610,000 
Deck area (m^2) 28,000 28,000 28,000 
Ixx (kg.m^2)* 1.44E12 9.06E11 1.65E12 
Iyy (kg.m^2) 1.44E12 2.55E12 7.19E12 
Izz (kg m^2) 2.70E12 2.55E12 7.19E12 
Heave Stiffness (N/m) 2.81E8 2.81E8 2.81E8 
Roll Stiffness 
(Nm/rad) 

5.56E11 3.09E11 6.58E11 

Pitch Stiffness 
(Nm/rad) 

5.56E11 1.07E12 2.98E12 

Natural period in 
heave (sec) ** 

16.5 16.0 11.9 

Natural period in roll 
(sec)** 

14.7 15.0 13.7 

Natural period in pitch 
(sec)** 

14.7 14.1 12.0 

* Ixx, Iyy, Izz: mass moments of inertia in roll, pitch and yaw.  
Ixx and Iyy are calculated by assuming evenly distributed 
mass over the FLNG with a height of 40m to include the mass 
of super-structures.  Izz is calculated for circular hull and es-
timated for others. 
** The natural periods presented don’t include the damping 
effect. 

 



 

 

In Table 1 the mass moments of inertia of the hull 
forms in roll and pitch are calculated analytically on the 
assumption that the mass is evenly distributed over the 
body of each vessel.  This is to ensure that the moments 
of inertia are calculated in a consistent manner for all 
the hulls and the artificial influence can be eliminated 
that will otherwise exist if the moments of inertia are 
estimated. The moment of inertia in yaw is less im-
portant in this study and therefore is estimated. The U-
shaped hull, with an inner birthing space of 300m in 
length     and 66m in width, is unique compared with the 
others.  This hull is perceived to have the following 
advantages:  

 Providing a better sheltered condition for the 
shuttle LNG tanker during approaching, offload-
ing and departing. This will potentially increase 
the availability for offloading. 

 Allowing access from both sides of the LNG 
tanker to the equipment on the deck of the 
FLNG vessel. This will potentially increase the 
offloading efficiency. 

The AQWA models of the six FLNG hull forms for 
the diffraction/radiation analysis are shown in Figure1 
to Figure 6. Similar mesh sizes were used for all the six 
hulls, and a sensitivity test was conducted to ensure that 
the mesh size adopted was adequate, i.e. further reduc-
tion in the mesh size would have no impact on the wave 
frequency properties of the hulls. 

 
a                            (b) 

 

(c)                                   (d) 

 

(e)                                  (f) 

Fig.1 Six Candidate FLNG Hull Forms 

Analysis  of Motions of Stand alone Hull Forms 
3-D diffraction/radiation analysis was carried out for 
each hull form using AQWA in which the wave forces, 
added mass and radiation damping, and vessel motion 
response amplitude operators (RAOs) were computed.  
These hydrodynamic parameters will largely determine 

the responses of the vessels in given environmental 
conditions. 

Comparison of Hydrostatic and Hydrodynamic Prop-
erties  

The hydrostatic stiffness of the hulls, also computed in 
AQWA, are shown in Table 2.  It can be seen that all 
the hulls have the same heave stiffness as the result of 
the equal deck or water plane areas. 

Table 2. Hydrostatic stiffness and damping level of FLNG 
vessels 

Hull Form Stiffness 
in heave 

Stiffness 
in roll 

Stiffness 
in pitch 

Roll 
damping 

Rectangular 2.81E8 4.45E10 3.68E12 3.2% 

Square 2.81E8 5.86E11 5.86E11 6.2% 

Triangular 2.81E8 6.88E11 6.88E11 8.2% 

Circular 2.81E8 5.56E11 5.56E11 5.6% 

Diamond 2.81E8 3.08E11 1.07E12 4.5% 

U-shape 2.81E8 6.58E11 2.98E12 6.6% 

*  For the rectangular hull, additional roll damping has been added 
to achieve 3.2% damping level. Without additional damping the 
damping level is 0.18%. For other hulls, no additional damping has 
been added. 

 

Motion Response Amplitudes  

The motion response amplitude operators represents the 
response of a vessel to the unit incoming wave and is an 
important indicator of the dynamic performance of the 
vessel.   The RAOs were calculated in regular waves in 
the diffraction/radiation analysis for a range of wave 
directions and frequencies.   

Figure 2 to Figure 7 show the heave, roll and pitch 
RAOs calculated at the centre of gravity (CoG) of each 
FLNG vessel. Although RAOs in other degrees of free-
dom were also calculated, these are not related to the 
vertical motion of the vessels and therefore are not pre-
sented in this paper. 

It can be seen that among the four hull forms, square, 
circular, triangular and diamond, there are no substantial 
differences in their RAOs. This is particularly true for 
the square and circular hulls.  This indicates that the 
length to beam ratio is a deciding factor for the response 
of a hull form, given the water plane area and the draft, 
while the details of the shape is of less importance.   On 
the other hand, the RAOs of the base case long rectan-
gular hull and the U-shaped hull are generally lower 
than, also distinctly different from, those of the other 
four hull forms.   Therefore the base case and U hulls 
are more likely to be optimal hull forms in terms of low 
vertical motion.  However before other hull forms are 
eliminated from the list for further study, more analysis 
is needed in order to confirm that the vertical motions 
are also lower at other locations in addition to the CoG.  
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Fig.2  Heave RAO in head sea       

Heave RAO in Beam Sea
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Fig.3 Heave RAO in beam sea 

Roll RAO in Oblique Sea
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Fig.4  Roll RAO in oblique sea  (22.5 deg from bow) 
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Fig.5 Roll RAO in beam sea                            

Pitch RAO in Head Sea
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      Fig.6   Pitch RAO in head sea     

Pitch RAO in Oblique Sea

0.0

0.4

0.8

1.2

1.6

2.0

2.4

2.8

0 5 10 15 20 25 30 35 40

Period (s)

Pi
tc

h 
RA

O
 (d

eg
/m

)

Long rectangular box
Square
Triangular
Circular
Diamond
U-shape

 
Fig.7  Pitch RAO in oblique sea (22.5 deg from bow) 

Vertical Motion RAO at Various Locations 

During the LNG offloading in a side-by-side configura-
tion, the relative motion between the two vessels is one 
of the key factors deciding the limiting sea states.  
Therefore the vertical motion on the side of the hull is 
an important parameter to be considered during the 
selection of the optimal hull forms.  

Figure 8 to Figure 13 show the vertical motion RAOs 
at a number of locations on each of the hull forms in 
various wave directions. It can be seen that in general 
the vertical motion of the long rectangular and U hulls 
are lower than the others.  It is noticed that the diamond 
hull has low motion at low wave periods and much 
higher motion at long wave periods. 

It should be realized that the vertical motion RAOs 
only demonstrate the vessels’ response in regular waves, 
they do not necessarily reflect the true response in real 
sea states.  
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Fig.8  Vertical RAO at bow in head sea          
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Fig.9  Vertical RAO at midship (starboard) in head sea 
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Fig.10  Vertical RAO at midship (port) in oblique sea     
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Fig.11  Vertical RAO at  midship (starboard) in oblique sea 

0

0.5

1

1.5

2

2.5

3

3.5

4

4.5

4 8 12 16 20 24 28 32

Ve
rti

ca
l m

ot
io

n 
RA

O

Period (sec)

Mid-port in Beam Sea (90 deg)

Long rectangular box
Square
Triangular
Circular
Diamond
U-shape

Fig.12 Vertical RAO at midship (port) in beam sea sea    

   
0

0.5

1

1.5

2

2.5

3

3.5

4

4.5

4 8 12 16 20 24 28 32

Ve
rti

ca
l m

ot
io

n 
RA

O

Period (sec)

Mid-starboard in Beam Sea (90 deg)

Long rectangular box
Square
Triangular
Circular
Diamond
U-shape

             

Fig.13 Vertical RAO at midship (starboard) in beam 

Overall Significant Vertical Motion   

In order to understand the vessels’ response at various 
locations in realistic sea states, response analysis in the 
frequency domain was carried out to calculate the sig-
nificant vertical motions at three locations, stern, mid-
ship and bow, in irregular waves for a number of wave 

headings. The significant wave height chosen was 
Hs=2.5m with peak wave periods covering a range from 
5 to 15 seconds.  It should be mentioned that the fre-
quency domain motion analysis is a linear method in 
which the vessel response is linearly proportional to the 
value of Hs for the fixed peak period Tp, therefore using 
a single Hs value will not affect the comparison of the 
vertical motions between different vessels. 

For each hull form, an overall vertical motion was de-
rived which was the average of the vertical motions at 
three locations along the hull for various wave headings.  
This overall vertical motion was used for comparison 
between different hulls, and on this basis the optimal 
hull form, with the lowest vertical motion, was identi-
fied.  Figure 14 and Figure 15 show the comparisons of 
the mean vertical significant motions.  The comparison 
confirms that the base case long rectangular hull and the 
U-shaped hull have lower overall vertical motions than 
other hulls, and based on this comparison, the rectangu-
lar and U-shaped hull forms were selected for the fur-
ther analysis of relative motions with respect to the 
LNG shuttle tanker in a side-by-side offloading configu-
ration.  
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Fig.14 Overall vertical motion (wave heading -

157.5~157.5deg) 
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Fig.15  Overall vertical motion (wave heading -135~135 deg) 

Relative Vertical Motions between FLNG Hulls 
and LNG Shuttle Tanker 

Based on the motion analysis of the six individual 
FLNG hull forms, further analysis was performed for 
the relative vertical motions of the two selected optimal 
hulls, i.e. the rectangular and U shaped hulls, with re-
spect to a typical LNG shuttle tanker in a side-by-side 
offloading configuration.  The main particulars of the 



 

 

LNG shuttle tanker are presented in Table 3, and the 
plan views of the LNG shuttle tanker and the two FLNG 
hulls in a side-by-side configuration were shown in 
Figure 16.  

Table 3. Particulars of the LNG tanker 
Length BP 

(m) 
Breadth   

(m) 

Depth to 
main deck 

(m) 
Operating 
draft(m) 

Displace-
ment (te) 

276 46 25.5 11.4 97000 

 

 
(a)                                      (b) 

Fig.16  Configuration of side-by-side LNG offloading 

The relative motion analysis was performed in fre-
quency domain, in which relative vertical motion RAOs 
at three locations, stern, mid-ship and bow, on the LNG 
tanker were first calculated in a diffraction/radiation 
analysis with the hydrodynamic interaction between the 
tanker and FLNG included. Spectral analysis was sub-
sequently conducted to compute the significant relative 
vertical motions in various sea states, including various 
wave headings and peak periods.  P-M wave spectrum 
was used in the analysis with a significant wave height 
of Hs=2.5m. 

The significant relative vertical motion was calculat-
ed for each wave direction at each of the three locations 
on the FLNG hulls, i.e. stern, mid-ship and bow. In 
order to evaluate the magnitude of overall relative verti-
cal motion of each FLNG hull, the mean values of the 
significant relative vertical motions at three locations in 
three and five different wave headings were used as a 
basis for the comparison of the two FLNG hulls.  These 
averaged significant relative vertical motions are pre-
sented in Figure 17 (for three wave headings) and Fig-
ure 18 (for five wave headings). Note that in these two 
figures the wave direction is defined as “towards” and is 
the angle relative to the global X axis, i.e. 180 deg de-
fines a head sea (from right to left in Figures 17 to 18).    

It can be seen that Figure 17 and Figure 18 have very 
similar patterns, but the latter, which contains more 
lateral incoming wave directions (+-135 degs), shows 
greater magnitude of overall significant vertical motion, 
the motion magnitude in the latter is greater, indicating 
the relative vertical motion will increase when the wave 
direction moves more towards a beam sea (90degs). Of 
the two hull forms, the U shaped hull has lower overall 
relative vertical motion than the rectangular hull when 
the wave spectral peak period is less than 9 seconds, 
otherwise the opposite is true.  

Based on the relative vertical motion analysis and 
taking into consideration the feasibility of the structural 
design and construction, it is concluded that at present 
the long rectangular hull form  is a realistic optimal 
FLNG hull form . 
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Fig.17 Overall relative vertical motion (wave heading             

range -157.5~157.5 degs) 
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Fig.18  Overall relative vertical motion (wave heading            

range -135~135 degs) 

Conclusions  
Hydrodynamic and motion analyses were carried out for 
six candidate FLNG hull forms and the behaviours of 
these vessels in regular and irregular seas were com-
pared.  From the comparisons of the results, the follow-
ing conclusions can be derived: 
 The base case long rectangular hull has the lowest 

overall vertical motion and therefore is identified 
as the optimal FLNG hull form. 

 The length to beam ratio is a deciding factor for 
the hydrodynamic characteristics and motions for 
the given water plane area  and draft. 

 The details of the hull shape have no major impact 
on the motion of the hull. 

 The reasons for the long rectangular hull having 
the lowest vertical motion are likely to be: 
o The long length of the hull relative to the wave 

length will reduce the hull response in a head 
sea or near head sea, which a turret moored 
vessel will usually encounter. 

o The long and slender hull may have higher roll 
RAO in a beam sea, however the vertical mo-
tion at port or starboard side of the hull is not 
necessarily higher than other hulls due to its 
shorter lateral distance from the CoG.   
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Abstract 

The present paper introduces an original method to include 
the effects of a generic gyroscopic roll stabilization system 
into a 3D radiation-diffraction seakeeping code. The model is 
validated against full scale measurements on a yacht. A study 
on the application of gyroscopic stabilization to the operations 
of Offshore Support Vessels is carried out and demonstrates 
how the model can be used to scale, and validate the perfor-
mance of the stabilizer in various sea states. 
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Introduction 

Gyroscopic roll stabilization of seagoing vessels is a 
concept which has been developed in the early 20th 
century. A gyroscope is installed aboard the ship, spin-
ning on a vertical axis, it is only free to rotate in pitch. 
Damping and stiffness are applied on this pitch motion 
by various means, using active or passive systems. 
In the past few years, these systems became increasing-
ly popular for industrial purposes, with applications on 
crew and maintenance boats in the oil and gas industry 
(Seakeeper, 2012), as well as applications to floating 
windmill concepts (Nergaard, 2013). The efficiency of 
such systems is proven for small vessels and yachts 
where the roll motion can be reduced by up to 85% at 
the roll natural frequency of the vessel, at zero speed 
according to sea trials. 
Beyond the fact that, unlike stabilizing fins, gyroscopic 
roll stabilization can be effective at low speed, another 
advantage of such systems is the fact that they can be 
fitted on an existing ship, requiring only minor structur-
al modifications and limited space. 
Offshore support vessels, used for crew transfer or ma-
rine operations need to have minimal roll motions dur-
ing critical phases of those operations. Many are 
equipped with passive or active anti rolling tanks which 
can reduce the roll motion efficiently. In some cases, 
fitting an existing vessel with gyroscopic roll stabiliza-
tion could be a feasible solution, with the possible ad-
vantages mentioned earlier. 
In this paper, the effects of a passive gyroscopic roll 

stabilizer are included in a linear 3D radia-
tion/diffraction panel code for seakeeping. 
The equations giving the stabilizing roll moments are 
linearized and included in the seakeeping model. The 
motion RAOs considering gyroscopic stabilization are 
obtained and a JONSWAP wave spectrum is used to 
derive the 3 hours short term roll response. 
The model is validated against full scale measurements 
for a yacht case. 
Then the effects of the gyroscopic stabilization are in-
vestigated for a generic offshore support vessel operat-
ing in various typical short term sea states by scaling the 
device and performing a sensitivity study on gyroscope 
characteristics and sea states. 

Gyroscopic stabilization principle 

System description 

Gyroscopic roll stabilizers consist of a wheel which is 
spinning with a rotational velocity  around a vertical 
axis  inside a gimbal. The gimbal is itself free to ro-
tate around an axis transverse to the ship . The angle 
for that rotation is denoted by . The ship roll angle is 
denoted by . 

 
Figure 1: Gyroscopic Stabilizer (Courtesy of Seakeeper) 
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Figure 2: Coordinates system 

 
A real system is described in figure 1. The coordinates 
system defined for this study is described in figure 2. 
(  is the wheel fixed coordinates system and 
(  is the upright ship fixed coordinates system. 
The rotation of angle  is in practice controlled intro-
ducing damping and stiffness. 

Gyroscopic roll moment 

The wheel is spinning at a constant rotational velocity  
around its axis . 
We write the rotational equivalent of Newton’s second 
law of motion applied to the gyroscope spinning wheel. 
 
 

 (1) 

 
Where  is the angular momentum of the wheel and  is 
the torque applied to it. 
We can write:  
 
  (2) 
 
 being the inertia matrix of the wheel defined in 

(  
 
 

 (3) 

 
Noting that assuming the reference frame (  is 
obtained by the rotation of (  by  and , we 
can write: 
 
 

 (4) 

 
It follows that the wheel rotational velocity  defined in 

(  can be written as: 
 

 (5) 

Where ,  and  are the rotational velocities of the 
wheel around the ,  and  axis respectively. 
So we have in (  
 
 

 (6) 

 
We can then use equations (4) and (6) and differentiate 
with respect to time, assuming  constant, and evaluate 

 as: 
 
 

 

(7) 

 
This expression is simplified by assuming small  and  
angles and by noting that the gyroscope rotational ve-
locity is very large compared to the roll velocity and 
gimbal rotational velocity: 
 
  

 
 
 
 
 

(8) 

 
By using equation (4), (7) and (8) and by projecting the 
resulting vector on  we get the resulting roll torque: 
 
  (9) 
 
And by projecting on , we get the resulting torque on 
the gimbal: 
 
  (10) 
  



Integration of gyroscopic effect in seakeeping 
model 

Wave-induced loads on large volume structures can be 
predicted based on potential theory which means that 
the loads are deduced from a velocity potential of the 
irrotational motion of an incompressible and inviscid 
fluid. The most common numerical method for solution 
of the potential flow is boundary element method 
(BEM) where the velocity potential in the fluid domain 
is represented by a distribution of sources over the mean 
wetted body surface. The source function satisfies the 
free surface condition and is called a free surface Green 
function. Satisfying the boundary condition on the body 
surface gives an integral equation for the source 
strength. 

Floating body with six dofs 

The linear seakeeping problem is solved in frequency 
domain, the velocity potential is separated between the 
incident, diffracted and radiated components. In a prob-
lem with 6 degrees of freedom (dof) of the floating 
body, 6 corresponding radiation components are pre-
sent. The total potential can be written as: 
 
 

 (11) 

Where: 
 

: Incident potential 
 : Diffraction potential 
: Radiation potential for dof j 

: Rigid body motion for mode j 
: Wave encounter frequency 

 
The velocity potential is calculated by solving the 
boundary value problem for each potential component. 
Then the hydrodynamic coefficients are calculated by 
integration of the potential components over the wetted 
body surface as: 
 
  (12) 

  (13) 

 
The hydrostatic restoring matrix is derived by integrat-
ing the gradient of hydrostatic pressure due to linearized 
body motions: 
 
  

 
(14) 

 
And the 6 dof motion equation is formulated in frequen-
cy domain as: 
 
  (15) 
 
Where: 
 

 :  Mass matrix 
 :  Added mass matrix 
 :  Damping matrix 
 :  Restoring matrix 

 :  Motions vector 
 :  Excitation force vector 

 
By solving this equation for each wave heading and 
frequency, the motion transfer functions also known as 
motion RAOs (Response Amplitude Operators) are 
obtained. 

Floating body with 7th dof for gimbal pitch 

Following equations (9) and (10), the rotation of angle  
can be inserted into the motion equation 15 as a 7th 
degree of freedom. 
The hydrodynamic coefficients and the mass matrix are 
generalized to this 7th degree of freedom as described in 
the following. 
 
The effects of the non-rotating gyroscope mass and 
inertia on the global 6 dof mass and inertias of the ship 
are neglected. The contribution to ship pitch of the gy-
roscope gimbal stiffness and damping are neglected. 
Indeed,  is very small compared to the ship radiation 
damping in pitch and  is very small compared to the 
ship restoring stiffness in pitch.The 7 dof mass is writ-
ten: 
 
 

 (16) 

 
Where  is the 6 dof mass as in equation (15) and  is 
the inertia of the wheel around the  axis defined in 
equation (3). 
 
The 7 dof added mass is written as: 
 
 

 (17) 

 
The 7 dof damping is written using equations (9) and 
(10) as: 
 
 

 (18)  

 

 



 
Where  is the damping applied on the rotation of 
angle  the gimbal (see figure 2). 
The hydrostatic restoring matrix is updated as: 
 
 

 (19) 

 
Where  is the stiffness applied on the rotation of 
angle  the gimbal (see figure 2). 
 
The excitation force vector is written as: 
 
  (20) 

 
And the 7 dofs equation of motions is solved as 
 
  (21) 

Validation against full scale measurements 

Several full scale tests have been carried out at sea to 
demonstrate the efficiency of gyroscopic roll stabilizers, 
mostly installed on yachts (Seakeeper, 2015).  
The experimental procedure is extremely simple; the 
time histories of roll motions are recorded in beam seas 
in a sea state with a characteristic peak period relatively 
close to the vessel natural period. The test is carried out 
with the anti-rolling gyroscope activated and deactivat-
ed to quantify the roll motion reduction. 

Yacht model 

A 44.6 meters yacht was equipped with 2 gyroscopic 
roll stabilizers. 
The characteristics of the vessel tested are given in 
(Seakeeper, 2015). A typical yacht hull geometry, simi-
lar to the actual yacht is used. A panel model is built 
with the yachts dimensions and the model reproduces 
the mass and hydrostatic properties of the tested vessel 
(see figure 3). 

Table 1: Yacht characteristics 

Yacht Characteristics 
 Yacht Numerical Model 
Length overall 44.6 m 44.6 m 
Beam 8 m 8 m 
Diplacement 180 tons 192 tons 
Natural period 3.93 s 4 s 

 
The radii of gyration are estimated using the common 
approximations: 
 
  

 (22) 

 
Where  is the vessel length and  the vessel breadth. 

 
Figure 3: Yacht panel model 

Gyroscope model 

The gyroscope characteristics are given in (Seakeeper, 
2015) as: 

Table 2: Gyroscope Characteristics 

Gyroscope characteristics 
Wheel rotational velocity  539 rad/s 

Angular Momentum (  35000 N.m.s  
Max output torque 73000 N.m 

Max gimbal rotational velocity   2.08 rad/s* 
Weight 1778 kg 
Wheel inertia  64.9 N.m.s2* 
Wheel inertia =  27.9 N.m.s2* 

Gimbal rotation stiffness  Unknown 

Gimbal rotation damping  Unknown 

Number of gyros 2 
*Calculated from other inputs 
 
The inertia of the gyroscope is derived from the angu-
lar momentum given in the vendor specifications. The 
inertias  and  are estimated using the analytic formu-
lation of the inertia of a cylinder as in equation (23), and 
assuming that the radius of the disc is equal to its height 
which is close to what can observed on the figure 1. 
 
  

 
(23) 

Where  and  are the radius and height of the cylinder 
respectively. 
This gives the relation . 
The values of the stiffness and damping  used to 
control the gimbal rotation are not given in the vendor 
specifications, therefore a range of values are applied in 
the numerical calculations. 

Importance of gyroscope response 

Although the reduction in roll motion is the main result 
of this analysis, the maximum values of the gimbal tilt 
angle  is critical since in practice, it cannot exceed 
about 60 degrees. Large values of this angle are also not 
captured correctly by our linear numerical model which 
assumes small angles. On actual applications of this 
system (Seakeeper, 2015), it can be seen that the angle 

 



remains well below 60 degrees. However, actual meas-
ured data is missing. 
The roll torque applied to the vessel structure by the 
gyroscopic stabilizer is directly proportional to the rota-
tional velocity . Therefore, this velocity should not 
exceed the design value given in table 2 which would 
lead to exceedance of the design torque applied to the 
structure. 

Motions and velocities RAOs 

The roll motions and velocities RAOs and the  and  
RAOs are calculated by solving the generalized sea-
keeping equation described in equation (21). The prob-
lem is solved for a range of values of  and . 
It can be seen on the roll RAO plots on figure 4 that  
and .influence the roll RAO amplitude and the roll 
natural frequency of the vessel. If we only look at the 
roll RAO, then the case with  and 

 seems to be optimal. However, looking at the  
motion and velocity RAOs on figures 4 and 5, we can 
see that the optimal case to minimize them is given by 

 and . 
The optimal case will be the one giving the best possible 
roll motion reduction while keeping the  motions and 
velocities at acceptable levels. This optimal case will 
depend on the characteristics of the sea state in which 
the vessel is operated. 
The short term response on a specific irregular sea state 
is calculated to validate the results against the full scale 
measurements from Seakeeper, 2015. 
 

 
Figure 4:Yacht Roll motion RAO 

 
Figure 5:  Motion RAO 

 

 
Figure 6:  Velocity RAO 

Short term roll response 

The reduction in roll motions has been obtained by 
(Seakeeper, 2015) using full scale measurements. The 
results of the measurements are summarized in table 3 

Table 3:Full scale roll measurements 

Full scale roll reduction measurements 
 Seakeeper 

2015 
Numerical Model 

Sea state Hs 0.28 m 0.28 m 
Sea state Tp 4 s 4 s 
Relative wave 
heading Beam sea Beam sea 
Max roll without 
gyroscope 5 deg 4.85 deg 
Max roll with 
gyroscope 2.5 deg 2.0 to 3.8 deg* 

Roll reduction 50% 21% to 59%* 
*Depending on allowed  MPM 
 
The linearized viscous roll damping applied in the nu-
merical model was tuned to obtain nearly the same roll 
response MPM (Most Probable Maximum) as the full 
scale tests. This viscous damping value was set as 2% of 
the critical roll damping. 
The short term most probable maximum is calculated 
for a range of values for  and .The ranges are de-
scribed by 100 values each for a total of 10000 short 
term calculations. The results are then smoothed using 
2D cubic interpolation along the range of values for  
and . 
The results on the same sea states as the full scale 
measurements are shown in figures 7 to 10. Contours 
are added on the figures to show the values of  motions 
and velocities MPM at relevant levels, and therefore 
identify the optimal combination giving best roll reduc-
tion and sufficiently low values of  and . The lighter 
gray contour corresponds to the  MPM being equal to 
the design value  (See table 2) and the darker gray 
contours to different values of  MPM. 
If we consider that  MPM should not exceed 30 de-
grees, we see on figure 10 that the best roll reduction is 
obtained for  and . For those 
values, the reduction in the roll MPM is about 40%. If 
the allowable value for  MPM is increased or de-
creased by 15 degrees, the corresponding roll MPM 



reduction is 59 % and 21 % respectively. In any case, 
we are reasonably close to the full scale value of 50 %. 
It is noted that  remains lower than  when  values 
are acceptable. For this particular case, the limiting 
parameter is then  and not . 
The numerical results compare reasonably well with full 
scale measurements. This also shows that the stiffness 

 does not have a positive effect on the gyroscopic 
stabilization performances. Indeed, the figures show that 
increasing  will decrease the  motions but it also 
decreases the roll reduction significantly. Most actual 
systems such as the seakeeper system only use damping. 

Figure 7:  Motion 3h short term MPM 

Figure 8:  Velocity 3h short term MPM 

 
Figure 9: Roll 3h short term MPM 

Figure 10:Yacht - Reduction of roll 3h short term MPM 

Scaling to Offshore Support Vessels 

Offshore support vessels are typically 60 to 130 meters 
in length. Most designs are similar and are based on a 
standard displacement hull, often with a bulbous bow 
and a skeg. For the purpose of this paper, the 115m 
Focal 530 OSV design from the designer Focal Marine 
& Offshore Pte. Ltd.  is used (Figure 11). 

  
Figure 11: Focal 530 OSV (Courtesy Focal Marine) 

Scaling principle 

The non-dimensional gyroscopic roll damping ratio is 
introduced as: 
 
  (24) 

 
Where  is the critical roll damping of the vessel. 
We also define the non-dimensional wave height as: 
 
  (25) 

 
A given gyroscopic roll damping ratio for a vessel will 
provide a certain level of roll motion reduction in a 
certain non-dimensional wave height. 
We assume that the gyroscope wheel can be assimilated 
to a cylinder. The inertia of a cylinder along its vertical 
axis is given by equation (23). 
The ratio  is assumed to remain constant when the 
wheel is scaled. It is also assumed that the rotational 



velocity of the wheel is the same for the scaled model. 
Using the Yacht example, we can scale the system to 
the OSV as presented in table 4. 

Table 4: Anti-rolling gyroscope scaling 

Scaling Anti-rolling gyroscope to OSV  
 Yacht OSV 

Length (m) 44.6 115 
 35000  9.34E6* 
 1.14E7 3.05E9 
 3.26E2 3.26E2 

Sea state Hs (m) 0.28 0.72* 
 2.68E-3 2.68E-3 

Cylinder radius R 0.42 1.28* 
*Calculated to keep  and  constant 

The scaling study shows that in order to obtain similar 
roll reductions in a 0.72 m significant wave height sea 
state as those obtained at 0.28 m Hs with the yacht, the 
OSV needs to be equipped with two gyroscopes with a 
wheel radius of 1.28 m, which is 3 times the radius of 
the yacht gyroscopes. 
This is checked numerically by running the same simu-
lation as with the yacht. The range of values for  and 

 is scaled with the same scaling factor as . For 
comparison purposes, the amount of added viscous roll 
damping is set as 2% of the critical damping as it was 
done for the yacht. 
The OSV panel model can be seen on figure 12. 

 
Figure 12: Focal 530 OSV panel model 

 
Figure 13:OSV - Reduction of roll 3h short term MPM 

 
The obtained roll motion reduction for different values 
of  and  is shown on figure 13. It can be seen that 
similarly to the yacht case, roll reduction in the range of 
30% to 90% can be obtained depending on the author-
ized maximum for the  rotation. 

This shows that the model scales up as expected to a 
typical OSV. 

Suitable gyroscope for OSV operations  

In the case of a practical operation, one will need to 
determine which gyroscope characteristics will be need-
ed not to exceed a certain roll angle value in a given sea 
state. It has been shown earlier that applying a stiffness 

 does not increase the performance of the gyroscopic 
stabilizer. Therefore in the following, only damping  
will be applied. 
This time the simulations are performed on a range of 
values for  and the gyroscope angular momentum 

.  
To simulate a practical application, A typical sea state 5 
is selected with Hs = 3.2 m and Tp is variable. We as-
sume that for the operation at stake, the roll MPM must 
not exceed 5 degrees and the  MPM should not exceed 
30 degrees. We need to determine which gyroscope 
characteristics are needed to achieve this. 
The simulation is performed for various Tp values. 
Contours are used to show constant values of the MPM 
for  and for the roll motion (figures 14 to 16). 
We identify the intersection of the roll = 5deg contour 
with the  = 30 deg contour. This gives us the required 
values for  and the gyroscope angular momentum 

. Then the gyroscope wheel radius is calculated 
using equation (23). The results are presented in table 5. 

 
Figure 14: OSV Roll reduction for Tp = 7s 

 
Figure 15: OSV Roll reduction for Tp = 9.8s 



 
Figure 16:OSV Roll reduction for Tp = 15.5s 

As expected, a larger gyroscope angular momentum is 
needed to achieve the target when Tp is close to the 
vessels roll natural frequency of 9.6 s. In that case, a 
gyroscope with a radius of 1.7 meters is sufficient to 
maintain the roll MPM at 5 degrees. This is to be com-
pared with the vessels length of 115 m and beam of 28 
m. 
 
The power consumption of the system can also be esti-
mated. For practical purposes, the gyroscope wheel 
should reach its nominal rotational velocity in an hour 
or less (Seakeeper 2015), which means that the accel-
eration applied to the wheel should be: 
 
 

 (26) 

 
And the power consumption is: 
 
 

 (27) 

 
This is only a conservative estimate since the power 
consumption will vary while the system is operating to 
keep the wheel rotational velocity constant. This varia-
tion will be sea state dependant since in addition to 
friction; gyroscopic effects will also tend to reduce the 
wheel rotational velocity. It is checked that for the yacht 
case, this formula gives results consistent with the upper 
values in the vendor’s power specifications (Seakeeper, 
2015). 
The power results are presented in table 5. 
It can be seen that when Tp = 9.8s, the power needed is 
of the order of magnitude of the typical power of the 
main engine of an OSV. These results are to be taken as 
estimates only but it shows that power consumption has 
to be closely looked at when designing an anti-rolling 
gyro system. For Tp values further away from the vessel 
natural roll frequency, or for lower Hs, the power con-
sumption can be significantly reduced. 
 
 
 
 

Table 5: Operational gyroscope characteristics 

Gyroscope characteristics for Roll < 5° with Hs = 3.2m 
Tp 
(s) 

 
(N.m.s) 

R 
(m) 

 
(N.m.s) 

P 
(kW) 

% Roll 
reduction 

7.0 0.7e7 1.2 1.1e6 1048 28% 
9.8 4.1e7 1.7 7e6 6138 71% 

15.5 3.2e7 1.6 5.3e6 4791 59% 

Conclusion 

In this paper, the integration of a generic anti-rolling 
gyroscope system into a 3D radiation-diffraction sea-
keeping code has been presented. The model has been 
validated successfully against full scale measurements 
and used for the design of an anti-rolling gyroscope for 
a typical offshore support vessel. This showed that such 
system can in principle be used on OSVs with the main 
limitation being the power consumption, which might 
be very significant if the system is intended to provide 
significant roll reduction in moderate or high sea states. 
Although the roll motion reduction was reasonably 
validated against full scale measurements, the rotation 
of the gimbal could not be validated since no measure-
ment data is available. This should be checked in further 
studies. Additionally, lacking actual data, assumptions 
were made on the gyroscopes characteristics. 
Some aspects also need to be investigated further. The 
effect of other sources of roll damping such as bilge 
keels, combined with the gyroscopic roll damping 
would need to be investigated further. Also, nonlineari-
ties related to the magnitude of the rotation of the gim-
bal ( , and to the dampers characteristics should be 
included to be able to fully describe the system behav-
iour in any configuration. 
These limitations being mentioned, this linear approach 
provides an efficient screening tool for the assessment 
of the applicability of gyroscopic stabilization for any 
floating structure. A large number of stabilizer configu-
rations and sea states can be analysed at very low CPU 
cost to determine the best configuration to be used for 
optimal roll reduction in the targeted sea states. 

References 

Arnfinn Nergaard (2013). "Et flytende kinderegg," Af-
tenposten Torsdag 15. august 2013, pp 6-7.  

Seakeeper (2012). " Official Sea Trial Report - dong 
energy 32 m wind farm support vesssel" 
www.seakeeper.com  

Seakeeper (2015). " Official Sea Trial Report – AB 
145" www.seakeeper.com  

Hiroshi Takeuchi (2011). "Development of the Anti 
Rolling Gyro 375T (Rolling Stabilizer for Yachts) Us-
ing Space Control Technology" Mitsubishi Heavy In-
dustries Technical Review Vol. 48 No. 4 (December 
2011) 

DNVGL (2014). “Environmental Conditions and Envi-
ronmental Loads” recommended practice DNV-RP-
C205 



Proceedings of PRADS2016 
4th – 8th September, 2016 

Copenhagen, Denmark 

 
A Study on the uncertainty and sensitivity in numerical simulation 

of parametric roll 
Ju-hyuck Choi1, Jørgen Juncher Jensen1,2, Ulrik Dam Nielsen1,2 

1Department of Mechanical Engineering, Technical University of Denmark 
2 Centre for Autonomous Marine Operations and Systems (AMOS), NTNU, Norway

Abstract 

Uncertainties related to numerical modelling of parametric 
roll have been investigated by using a 6-DOFs model with 
nonlinear damping and roll restoring forces. At first, uncer-
tainty on damping coefficients and its effect on the roll re-
sponse is evaluated. Secondly, uncertainty due to the “effec-
tive (equivalent) wave” concept in calculation of restoring 
moment is studied. Finally, uncertainty to roll response from 
different methods of GZ calculation has been checked. It is 
found that the equivalent wave concept is sufficiently accurate 
for the purpose of GZ calculation. Two different GZ approxi-
mations give a good agreement with direct calculation method 
if relevant coefficients have been properly found in the fitting.   
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Introduction 

For modern container carriers and car carriers, the par-
ametric roll phenomenon becomes important in design 
and operational consideration for the safety of life, car-
go and the ship. The phenomenon and mechanism of 
parametric roll are well known in shipping and marine 
industry thanks to many previous studies. However, 
there are still reports of serious accidents from paramet-
ric roll of container and car carriers. Therefore, there is 
a need for on-board decision support systems to enhance 
safety against parametric roll.  
Several simulation tools, considering 6-DOFs motions 
and instantaneous wetted surface in the calculation of 
wave exciting moments and restoring forces, such as 
LAMP (France et al., 2003 and Shin et al.,2004), 
WASIM (Vada,1994) and WISH (Kim and Kim, 2008) 
can accurately deal with the parametric roll dynamics. 
However these elaborate tools are inadequate in on-
board system because of their large computational time. 
Therefore a simplified model, which is sufficiently 
accurate and fast for a probabilistic approach, is neces-
sary.  
For the application of on-board system, the numerical 
framework from Jensen (2007) can be a promising can-
didate. This framework is composed of a 1.5-DOFs 
equation of motion supplemented with the first order 
reliability method (FORM) for probabilistic calculations. 
Vidic-Perunovic (2009) showed that a reasonably good 

agreement is obtained between FORM and Monte-Carlo 
method, and moreover FORM requires by far the short-
est computational time which would be very beneficial 
for application to on-board decision support system. 
However, for the robustness of the system the accuracy 
of the numerical model needs to be improved. Therefore, 
this study focuses on uncertainties in the numerical 
model and their consequence on the roll response.  
It is expected that the major uncertainties come from 
nonlinear effects associated with the damping and re-
storing forces. On the other hand, uncertainty from the 
randomness of waves are excluded from the study, be-
cause a deterministic wave form only dependent on the 
spectral shape of the waves is provided by the FORM 
calculation (Jensen, 2007).  
The study is divided into three parts, 1) Uncertainty to 
roll response from damping coefficients modeled by a 
combination of a linear, a quadratic and a cubic varia-
tion in the roll velocity. 2) Uncertainty due to the “ef-
fective (equivalent) wave” concept - one of the most 
widely used approximation in calculation of nonlinear 
restoring moments. 3) Uncertainty to roll response from 
different methods of GZ calculation. 

Equation of ship motion 

1.5-DOFs equation of motion in the work by Jensen 
(2007) is extended to the 6-DOFs equation of motion 
with impulse response function (IRF) approach formu-
lated by Cummins (1962): 
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The radiation impulse response function Kjk and infinite-
frequency added mass ajk  are calculated from pre-
computed hydrodynamic coefficients:  
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where ajk( ) and bjk( ) are the added mass and damping 
coefficients, respectively. 
The viscous damping FjDamp is modeled as: 
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where 1, 2 and 3 are non-dimensional damping coeffi-
cients, and n is the roll natural frequency which can be 
taken from the (linearized) frequency domain solution.  
Empirical soft spring forces FjSpring are applied for surge, 
sway and yaw. 
Except for the roll mode, the wave exciting forces, FjFK 
and FjDiff , and the restoring forces, FjC are calculated 
assuming linearity by the converted IRF from the fre-
quency domain responses and linear restoring coeffi-
cients. In the roll mode, the nonlinear excitation is con-
sidered by using three different methods: 1) A direct 
calculation where the pressure on the exact wetted sur-
face is integrated by considering the actual wave eleva-
tion and 6-DOFs motions; 2) and 3) Two simplified 
methods (introduced in later sections).  

Uncertainty of the damping coefficients 

Uncertainty and sensitivity analysis for damping coeffi-
cients have been made to provide useful information for 
improving robustness of the system. Generally the roll 
damping coefficients in the numerical calculation are 
determined from free roll decay tests and used as deter-
ministic values. However, those values might have 
some degree of uncertainty because of the process of 
measuring and evaluation. Therefore the uncertainty in 
roll response from the damping coefficients should be 
checked if the quantitative characteristics of parametric 
roll are of interest. 
Some useful information about the errors might be pro-
vided also from the free roll decay tests. However, in 
this study, arbitrary errors introduced in a statistical 
sense are given in the damping coefficients to check the 
effect on the roll angle. Monte-Carlo simulation with 
Eq.1~3 is performed for a panamax containership as 
given in Jensen (2007). The Latin Hypercube Sampling 
described by McKay and Beckman (1979) is used and it 
is assumed that the input uncertainty follows a normal 
distribution without correlation among input parameters. 
The mean values are taken from Bulian (2005) and 
standard deviation is chosen as 5% of the mean value. 
The input parameters are presented in Table 1 and the 
sampling result is shown in Fig. 1. 
The result of the Monte-Carlo simulation is presented in 
Fig. 2. A regular wave is chosen with the encounter 
frequency close to twice the roll frequency so that par-
ametric roll easily can occur. To study the uncertainty, 
maximum roll angles, y, at one particular instant within 
the steady state period, are selected as output of the 
system. Then the complete representation of the uncer-
tainty in y is possible using the Cumulative Distribution 
Function (CDF), which provides the probability that Y is 
less than or equal to y:  

 (4) 

In this study, the empirical CDF is estimated and shown 
in Fig. 3 using Kaplan-Meier method from a commer-
cial software package (MATLAB 2014a). Mean values 

and the 95 percent confidence interval of the roll re-
sponses are plotted in Fig. 4. The standard deviation of 
roll amplitude in the steady state is calculated as 
0.0097rad (0.56deg), and the 95 percent confidence 
interval is calculated as 0.0372rad (2.13deg). 
Scatter plots in Fig. 5 provide a visual description of the 
trend of outputs, y, with respect to sampled parameters. 
A clear correlation was found between roll response and 

2 which means that the 2 has the highest impact on the 
maximum roll angle for this example.  
 

Table 1: Input for sampling 
parameter Mean Std. 

1 0.0120 0.0006 
2 0.4000 0.0200 
3 0.4200 0.0210 

 

 
Fig. 1: Latin Hypercube Sampling for damping coefficients 

(number of sample: 500) 

 
Fig. 2 Result of M-C simulation with uncertainty of damp-

ing coefficients ( , a/L=0.015) 

 
Fig. 3 Empirical CDF from the output y at t=153.5s 
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Fig. 4 Mean and 95% confidence interval of the roll re-

sponse (zoomed in near the maximum peak) 

 

 
Fig. 5: Sensitivity visualization of three parameters 

 

Wave approximation 

The Improved Grim effective wave, Bulian (2008), and 
a similar concept called the equivalent wave procedure 
from Kroeger (1986) are widely used in numerical stud-
ies of parametric roll in irregular waves because of their 
simplicity and efficiency in the calculation of roll restor-
ing moment. In both methods, the irregular sea surface 
is approximated as a regular wave which has one effec-
tive wave length, but varying wave height and crest 
position. This enables the instantaneous restoring mo-
ment in roll to be obtained in a simpler way; for exam-
ple, from either a polynomial expression with fitted 
coefficients, or interpolation from direct calculation.  
To help the choice between the two different approaches 
and also to check their implications on the uncertainty 
to the GZ calculation, sample calculations are per-
formed for three different wave expressions, 1) actual 
wave surface, 2) Improved Grim effective wave 
(IGEW) and 3) Equivalent wave procedure (Equiv.). A 
large container vessel with a modern hull design given 
in Choi et al. (2013) is selected for the calculation 
(length L=350m, breadth B=48.2m, draft T=14.5m, 
speed V=8.4 m/s). Stationary sea conditions are as-
sumed and specified by a JONSWAP wave spectrum. 
Sea states 6 and 7 in the North Atlantic seas are selected 
as wave conditions, with mean wave lengths equal to 
the ship length 0.68L and L, respectively.  

Table 2: Wave conditions 
Sea state  Hs (m) Tp (s) Tz (s) 
6 5.0 12.4 8.79 
7 7.5 15.0 10.64 
 
The actual wave surface, Zactual(x,t) for the stationary 
stochastic long-crested wave is expressed as: 
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where S( ) is the wave spectrum as function of wave 
frequency , and ,i iu u are statistical independent and 
standard normal distributed variables. 
The Improved Grim effective wave, Bulian (2008), is 
given by the expressions: 
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where ki is the wave number. It is noted that the fluctu-
ating mean value a(t) in the original work of Bulian is 
neglected. 

On the other hand, the Equivalent wave, Kroeger (1986), 
is calculated according to:  
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where the wave crest position xc is measured relative to 
the aft end of the vessel. In both approaches, the effec-
tive wave length Le is chosen to be the ship’s length L.  
The calculated wave surfaces are first visualized in Fig. 
6 and Fig. 7 for sea state 7. As shown in the figures, the 
differences from the approximations are negligible and 
successfully follow the overall shape of the actual wave 
surface retaining a regular wave form, except that the 
short waves, which are far from the selected Le, are 
filtered out.  
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Fig. 6: Time histories of wave elevation at three differ-

ent position (Fn=0.0495, Hs=7.5m, Tz=10.64s, 
following seas) 

 

 

 
Fig. 7: Examples of instantaneous wave surface along 

the vessel (Fn=0.0495, Hs=7.5m, Tz=10.64s, fol-
lowing seas) 

 

The nonlinear restoring moments and roll responses for 
the three different wave expressions are calculated. The 
restoring moments are obtained from pressure integra-
tion on the actual wetted surface considering 6-DOFs 
ship motions.   
The calculated restoring moment and corresponding roll 
response for sea state 7 are presented in Fig. 8. It is seen 
that, only around t=400s, the roll restoring moments 
from the effective wave approximations are under-
estimated. Except for this particular deviation, the re-
sults from the approximations are in good agreement 
with the results based on the actual wave profile. Table 
3 summarizes the statistics for the same wave condition 
but with an increased time window of 3,000 seconds. 
Differences in statistics for the roll motion are not sig-
nificant and, as expected from the comparison of wave 
profile, the different wave approximations give almost 
the same results. 
Another calculation has been done for sea state 6 to 
check if the approximations are reasonable for a wave 
condition which has a smaller mean wave length 
( 0.68L for sea state 6 in Table 2). Fig. 9 compares the 
results obtained from the different wave expressions. 
Although there is some discrepancy at t=800~900s, 
there is a good match along the actual wave surface and 
the two different wave approximations. 

The statistical results in Table 4 show that the error 
level is slightly increased compared with the case for 
sea state 7, but still in the acceptable level as the abso-
lute values of error are less than 1.0 degrees. 

 
Fig. 8: Computed roll restoring moment and roll re-

sponse (Fn=0.0495, Hs=7.5m, Tz=10.64s, JON-
SWAP spectrum, following seas) 

 

Table 3: Statistical results of roll response (Fn=0.0495, 
Hs=7.5m, Tz=10.64s, JONSWAP spectrum, fol-
lowing seas, duration: 3,000s) 

Roll 
(rad) 

Actual 
wave 

IGEW Equiv. 

RMS   0.2207 
 

 0.2238 
 (1.4%) 

 0.2239 
 (1.4%) 

Maximum  0.4265  0.4266 
 (0.0%) 

 0.4266 
 (0.0%)

Minimum -0.4301 -0.4382 
 (1.9%) 

-0.4385 
 (2.0%)

 

 
Fig. 9: Computed roll restoring moment and roll re-

sponse (Fn=0.0495, Hs=5.0m, Tz=8.79s, JON-
SWAP spectrum, following seas) 

 

Table 4: Statistical results of roll response (Fn=0.0495, 
Hs=5.0m, Tz=8.79s, JONSWAP spectrum, fol-
lowing seas, duration: 3,000s) 

Roll 
(rad) 

Actual 
wave 

IGEW Equiv. 

RMS   0.1697 
 

 0.1754 
 (3.4%) 

 0.1745 
 (2.8%) 

Maximum  0.3716  0.3917 
 (5.4%) 

 0.3896 
 (4.8%)

Minimum -0.3873 -0.3760 
 (-2.9%) 

-0.3784 
 (-2.3%)
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GZ approximation 

In this section, the consequence related to uncertainty 
from the GZ calculation is dealt with. For the GZ calcu-
lation, two different simplified methods are selected. 
The first method, (A), is similar to that by Jensen (2007), 
while the second method, (B), resembles that by Lee 
(2016). 

GZ approximation method (A) 

In the first method, similar to that by Jensen (2007), the 
GZ curve is approximated as a function of the roll angle, 
the wave amplitude and the wave crest position along 
the ship: 

)())(,(
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where h(t) is the instantaneous wave height calculated 
from the equivalent wave procedure, which was validat-
ed in the previous section.   
GZsw is the GZ curve in still water, and it is calculated 
either by interpolation from measurements data or in 
analytic form using: 
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The instantaneous GZ in a regular wave with amplitude 
0.05L wave is estimated from the empirical approxima-
tion: 
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The coefficients (C0, C1, C3,C5,D0,D1,D3,D5 and Le) 
have been found by the least square method with the 
data obtained from direct calculation for a regular wave 
for different crest positions xc, with a wave length equal 
to the length L of the ship and a wave height equal to 
0.05L. Eq. 8 then assumes a linear variation of GZ with 
wave amplitude.  
The same container vessel as used in the previous sec-
tion is considered. It was found that negative values of 
GZ are obtained when the wave crest is located amid-
ships (xc=L/2) for this modern hull form, because the   
center of gravity KG is high while BM has small value 
with the minimum waterplane area (GM=KB+BM-KG), 
see Fig. 10. 
In this approach four GZ curves (crest locations at AP, 
AP+L/4, AP+L/2, AP+3L/4 and FP) should be fitted by 
using one analytic approximation, therefore any de-
pendent output, such as the roll response, inherently will 
have uncertainties. On the other hand, if the GZ curves 
at xc=0 and xc=L/2 (the maximum and minimum case 
which are crucial for this phenomenon) are well-fitted, 
the model gives satisfactory agreement with the direct 
calculation (Vidic-Perunovic, 2011). However, for this 
sample calculation, the negative GZ curves increase the 
uncertainty as can be seen from Fig. 11.  

 

 
Fig. 10 An example of the case for unstable condition with 

negative GZ (h=0.05L, xc=L/2, =5deg) 

 

 
Fig. 11 Uncertainties in GZ curves with h=0.05L 15m 

(symbol ‘o’ represents the results from direct 
pressure integration) - a) fitting with four dif-

ferent xc, b) fitting with xc at 0, L/2 and 3L/4, c) 
fitting with xc at 0, L/4 and L/2, d) fitting with xc 

at 0 and L/2 

From the previous section the maximum roll angle was 
found as 0.43 rad for sea state 7 (See Table 3). There-
fore, among the four different cases (a-d) in Fig. 11, the 
first case was selected as the best one considering only 
roll angle up to 0.43 rad. 
For the time domain simulation, the Froude-Krylov and 
the restoring moments in the roll mode, F4FK and F4C in 
the Eq.1 are substituted by Eq.8. The result from the 
time domain simulation is presented in Fig. 12. There is 
a significant difference in restoring moment between the 
case of GZ approximation and the direct calculation of 
GZ. The fitting with roll angle might not be the reason 
for this because it was satisfactory in the range of roll 
angle up to 0.43 rad. A more plausible reason might be 
that the wave height of 5 percent of the ship length 
(h=0.05L 15m) used in this approximation is much 
higher than the significant wave height used in the time 
domain simulation (Hs=7.5m). If h=0.05L is used in the 
calculation of GZ curves and in Eq. 8, the nonlinearity 
from hull shape can be very severe as shown in Fig. 10. 
However, as the present condition does not lead to so 
high wave heights, a significant uncertainty may arise 
from the excessive nonlinear effect. Therefore it is sug-
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gested that the wave amplitude should not be fixed as 
h=0.05L but determined according to a significant wave 
height of the target wave condition. 

 
Fig. 12: Calculated restoring moment and roll angle 

from GZ approximation with h=0.05L 
(Fn=0.0495, Hs=7.5m, Tz=10.64s, following seas) 

In order to verify this presumption, the wave height in 
the direct calculation is modified to h=0.02L=7m which 
is nearly similar to a significant wave height of 7.5m. It 
is noted that the denominator in the second term in Eq. 8 
is also modified as 0.02L.  
The coefficients in Eq.10 are updated and the result is 
shown in Fig. 13. The GZ curve for xc=L/2 still has the 
negative values in some range, but the new result is 
much improved compared with the previous one. 
The updated results from time domain simulation are 
shown in Fig. 14. Interestingly, a good agreement with 
the result from direct calculation is now obtained both 
in the restoring moment and roll response. It is seen that 
an unexpected phase-change occasionally happens, e.g. 
around t=1,500s. The reason for this is not clear and 
may be due to the uncertainty from the GZ approxima-
tion. Table 5 shows that the agreement in the statistical 
characteristics of roll motion between the direct method 
and the approximation with h=0.02m is quite accepta-
ble. 

 
Fig. 13: Approximated GZ curves with h=0.02L 7m 

 

GZ approximation method (B) 

The second method of GZ calculation applied in this 
study is suggested by Lee (2016): 
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Fig. 14 Calculated restoring moment and roll angle from 

GZ approximation with h=0.02L  
(Fn=0.0495, Hs=7.5m, Tz=10.64s, following seas) 

 

Table 5: Comparison of statistical results of roll angle for 
different wave amplitude in GZ curve fitting  
(HS=7.5m, TZ=10.64s, duration: 3000s) 

Method GZ direct GZ approx. 
(h=0.05L) 

GZ approx. 
(h=0.02L) 

RMS roll (rad)  0.2066  0.1621  0.2034 
Max. roll (rad)  0.4181  0.3310  0.4053 
Min. roll (rad) -0.4301 -0.3151 -0.3945 
 
where f( ) is the GZ factor function expressed as: 

max
1sin

sinsinswGMf  (12) 

The advantage of this model is that the factor  can be 
adjusted to represent nonlinearity in the shape of GZ 
curves and it has been shown that the results from this 
model are promising compared with the method of 
Belenky and Umeda, see IMO SLF (2010). In the pre-
sent study,  is determined to be 6.0 from a global opti-
mization method by using the results from direct calcu-
lation shown in Fig. 13. The obtained GZ curves from 
the approximation are presented in Fig. 15. The optimi-
zation focused on the range 0.0~0.5 rad of roll angles. 
The calculated curves seem in fair agreement with data 
from the direct calculation. 
The calculated time histories for restoring moment and 
roll angle are shown in Fig. 16. As it can be seen in the 
restoring moment, the improvement is obvious in the 
details of shape and the phase-change. The reason for 
this is that the GM(t) in Eq. 11 is directly calculated for 
the instantaneous wave elevation, while in Eq. 8, GZ is 
assumed to have a linear variation with the wave eleva-
tion. If the GM(t) is approximated, in some way, the 
accuracy should be checked as it may play a major role 
in the total consequence due to uncertainty in the model. 
It is noted that the uncertainty from approximating GM 
is not dealt with in this study, and further research 
should be undertaken where associated results/effects of 
several models, e.g., a fluctuation of GM by linear 
transfer function introduced by Song et al. (2013), are 
considered. 
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Fig. 15 Calculated GZ curves from the second GZ approx-

imation (for h=0.02L, =6.0) 

 

 
Fig. 16 Calculated restoring moment and roll angle from 

the second GZ approximation  
(h=0.02L, Fn=0.0495, Hs=7.5m, Tz=10.64s, fol-

lowing seas) 

Conclusions 

This study has investigated the phenomenon of paramet-
ric roll and, specifically, the consequence of uncertain-
ties in the input data and governing conditions of the 
numerical model has been studied. The purpose of the 
study is to a large extent related to on-board decision 
support systems, where a computational efficient 
framework, such as that considered by Jensen (2007), is 
required. In contrast to the 1.5-DOFs equation of motion 
studied by Jensen (2007), the present study considers an 
extended variant with all 6-DOFs to better quantitative-
ly evaluate the effect of the introduced uncertainties. 
The 6-DOFs equation of motion with an IRF approach 
is selected as the governing equation, and a nonlinear 
model is applied for the roll damping and roll restoring 
moment. The uncertainty and sensitivity from damping 
coefficients are evaluated by using Monte-Carlo simula-
tion. The uncertainty from the effective (equivalent) 
wave concept to the roll restoring moment and roll re-
sponse is checked by comparison with the results from 
the actual wave profile. Finally, simplified GZ calcula-
tion procedures are applied, and associated uncertainties 
are investigated. 
The results of uncertainty of and sensitivity to damping 
coefficients might provide useful information for the 
robustness of an on-board system. Based on experi-
mental data, the measured errors from free roll decay 
tests should be used in the sampling of Monte-Carlo 
simulation. It is found that the effective (equivalent) 

wave concept is sufficiently accurate in the calculation 
of nonlinear restoring moment and the difference be-
tween two simplified methods (“IGEW” and “Equiv.”) 
is negligible. Similarly, two different GZ approxima-
tions give acceptable agreement with the results from a 
direct calculation. It is suggested that the ratio of wave 
amplitude to length, a/L, in the fitting procedure should 
be selected according to the actual wave conditions, 
otherwise the ration may cause a significant uncertainty. 
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Abstract 

The IMO Weather Criterion has proven to be the governing 
stability criterion regarding minimum GM for e.g. small fer-
ries and large passenger ships. The formulation of the Weath-
er Criterion is based on some empirical relations derived 
many years ago for vessels not necessarily representative for 
current new buildings with large superstructures. Thus it 
seems reasonable to investigate the possibility of capsizing in 
beam sea under the joint action of waves and wind using 
direct time domain simulations. This has already been done in 
several studies. Here it is combined with the First Order 
Reliability Method (FORM) to define possible combined criti-
cal wave and wind scenarios leading to capsize and corre-
sponding probability of capsize. The FORM results for a
fictitious vessel are compared with Monte Carlo simulation 
and good agreement is found at a much lesser computational 
effort. Finally, the results for a large container vessel and a 
small ferry will be discussed in the light of the current weather 
criterion.

Keywords

Weather criteria; wind loads; wave loads; FORM; cap-
size; design load scenarios

Introduction

Recently the International Maritime Organization 
(IMO) has initiated a thorough revision of the intact 
stability rules in the framework of Goal Based Design, 
e.g. Peters et al. (2013). Several draft guidelines have 
been issued, e.g. SDC 1/NF.8 by United States and 
Japan discussing in details the requirements for the 
hydrodynamic software to be applied including qualita-
tive and quantitative assessment procedures. The focus 
so far has been on failure modes related to the change of 
righting lever in waves, notably parametric rolling and 
pure loss of stability; whereas the dead ship behavior in 
beam sea still is based on the existing Weather Criterion 
issued by IMO (1985) as Resolution A.562. This criteri-
on is based to a large extent on model tests of older hull 
forms and does not provide any probability of capsize 
for a given vessel, just a pass/no pass result. Further-
more, the wave environment is not explicitly specified 
in the criterion thus leading to the same requirement 
whether the ship is sailing in restricted areas or not. A 
very detailed and precise description of the drawbacks
in the IMO Weather Criterion, as applied to modern 

ships, is given in Bulian and Francescutto (2004).
The reason for the current revision of the intact stability 
rules is obviously related to the damage cases reported 
for ships. Here parametric rolling and pure loss of sta-
bility have been in focus for some years, and still loss of 
containers due to excessive roll motions happens quite 
often. The dead ship condition in beam sea is not as 
frequent a scenario. However, the restriction on the 
transverse metacentric height (GM) imposed by the 
Weather Criterion can be rather severe and be the gov-
erning criterion including damage stability criteria for 
ships with large superstructures. This is for instance so 
for a number of small ferries operating in Danish water, 
Erichsen et al. (2015), where the Weather Criterion adds 
one to two meters on top of the GM required from all 
other intact and damage stability criteria. The required 
increase in GM here leads to rather small roll natural 
periods with possible discomfort for the passengers and 
crew. Similar observations are seen for large passenger 
ships, Francescutto et al. (2001). The latter paper also 
contains a very relevant discussion on the assumptions 
in the Weather Criterion.
Previously, the Weather Criterion has been investigated 
by e.g. Bulian and Francescutto (2004) using a linear-
ized one degree-of-freedom system. Thereby, the statis-
tics of the roll response is easily obtained. A very de-
tailed description of the wind load including wind ad-
mittance factors is given and comparison with Monte 
Carlo simulations shows favorable agreement for the 
two example vessels. In another study, Vassalos et al. 
(2003) use a state-of-the-art six degree-of freedom hy-
drodynamic software and a time domain analysis  is 
performed. For the example vessel the roll period is 
chosen such that it is the wave action rather than the 
wind force that leads to rolling. Estimation of the prob-
ability of capsizing is done using Order Statistics, based 
on the rather limited time domain simulations per-
formed. An interesting conclusion is that the wind and 
roll scenario up to the onset of capsize is in fair agree-
ment with what is assumed in the Weather Criterion; but 
also that the probability of the scenario is low, possibly 
due to the low probability of simultaneously occurrence 
of the stipulated wave and wind forces. Other interest-
ing studies along the same lines have been published by 
Umeda and colleagues, e.g. Paroka et al. (2006).
Reliable statistics of capsize in dead ship conditions 
require long time domain simulations. This can be very 
time consuming when a detailed hydrodynamic model is 



applied. Therefore, other statistical procedures than 
Monte Carlo simulations (MCS) are worth looking at. In 
the present paper the First Order Reliability Method 
(FORM) will be considered. It has previously been 
found useful for extreme value prediction of stationary 
stochastics time domain processes, e.g. Der Kiureghian 
(2000), Jensen (2007) and Jensen (2014). Stationary 
stochastic wave and wind loads can be considered sim-
ultaneously, Kogiso and Murotsu (2008), Jensen et al. 
(2011) and hence readily applicable for an investigation 
of the Weather Criterion. Kogiso and Murotsu (2008) 
actually deal with the Weather Criterion using a simpli-
fied one degree-of-freedom model with a linearized 
wind load model. They find for an example ship that the 
capsize probability from the FORM analysis disagree by 
a factor of 30 from the Monte Carlo simulations. Due to 
the choice of roll period the main load leading to cap-
size comes from the wind force. They try to identify the 
reason for the disagreement and suggest that multiple
failure scenarios with the same probability of occur-
rence are the main reason. It is not clear from their 
presentation exactly how the statistical predictions from 
the Monte Carlo simulations are made. Furthermore, the 
reliability index of 2.466 found from the FORM analy-
sis is fairly low and, hence, some deviations from the 
Monte Carlo simulations can be expected, e.g. Jensen 
(2014). Clearly, for a linear system the failure surface 
will be linear with only one most probable failure point.
In the present paper a FORM analysis is performed 
using also a one degree-of-freedom system. Differences 
compared to the analysis of Kogiso and Murotsu (2008) 
are the use of more wave and wind components, a non-
linear wind load description and a different wave excit-
ing moment.
The aim of the analysis is partly to discuss whether 
FORM can provide accurate probabilities of capsize at 
low probability levels and partly to compare the capsize 
scenarios in terms of most probable time domain varia-
tions of wave elevation, wind speed and roll angles 
leading to capsize with those assumed in the IMO 
Weather Criterion.

Mathematical formulation

The analysis of a dead ship condition in beam sea will 
be made using a single-degree-of-freedom model 
adapted from Jensen (2007). Hence, the roll angle ( )t
as function of time t is determined by the solution of 
the equation of motion:

3

1 2 3 2

( )2 x

xx

MgGZ
Jr

(1)

where 1 2 3, , are non-dimensional damping coeffi-
cients, g = 9.81 m/s2, xM the roll exciting moment 
from wind and waves and xr the roll radius of gyration 
in water. The roll mass moment of inertia xJ is related 
to the mass of the vessel through 2

x xJ r and the 

roll natural frequency / xgGM r , where GM is 
the still water transverse metacentric height. Finally, a

super dot means differentiation w.r.t time t and ( )GZ
is the righting lever as function of the roll angle. In the 
present study ( )GZ is modelled as

3 5
1 1 3 5( ) sin( )GZ GM A A A A (2)

where 1 3 5, ,A A A are determined by curve-fitting to the 
actual ( ).GZ

The stationary stochastic long-crested wave ( )H t at the 
position of the vessel is given as

1
, ,

, , cos( ) sin( )

m

i i
i

i i w i i i i i i

H t h t

h t S d u t u t
(3)

where ( )wS is the wave spectrum as function of wave 
frequency and ,i iu u statistical independent and 
standard normal distributed variables. The frequency 
discretization is taken with constant increment

1.i i id Secord order waves can easily be in-
cluded albeit with a significant increase in computation-
al effort, Jensen (2014).
The wave-induced roll exciting moment is assumed 
linearly dependent on the wave slope:

,

1
( ) sin( ) cos( )

x wave

m

i w i i i i i i
i

M t

RAO S d u t u t
(4)

The response amplitude operator ( )iRAO will in the 
first part of the paper, dealing with comparison between 
FORM and MCS analyses, be taken as closed form 
expressions, Jensen et al. (2004), for a triangular shaped 
prismatic beam. Later, in the application section, the 
wave-induced roll moment will be determined by six
degree-of-freedom state-of-the-art hydrodynamic soft-
ware.
The wind-induced roll moment is modelled as

2
, 0.5 ( )x wind air wind wind mean gust windM A C U U z (5)

Here , , , , ,air wind wind mean gust windA C U U z are the mass 
density of air (1.225 kg/m3), the lateral wind area, the 
wind coefficient, the mean wind speed, the gust wind 
speed and, the wind lever, respectively. The gust wind 
speed is assumed to be a stationary stochastic process:

1
cos( ) sin( )

gust

n

wind j j j j j j
j

U t

S d u t u t
(6)

where windS is the gust wind spectrum  and ,j ju u
again statistical independent and standard normal dis-
tributed variables. Several gust wind spectra have been 
formulated; see e.g. Bec (2010) for a summary. Here the 
Davenport and Kaimal spectra have been considered.

For each realization of , , ; 1, 2,...,i iu u u u i m n
the solution of Eq. (1) yields a time domain response
only dependent on the initial conditions. Due to the 
stationary stochastic properties assumed the statistics of 



the response do not depend on the absolute value of 
time. Hence, if a time 0t is chosen sufficiently far away 
from the initial conditions, the statistical properties of 
the response will not depend on this value. In the pre-
sent context 0t is chosen as 300s, since the hydrody-
namic memory effect is less than 150s in typical roll 
motion simulations, excluding parametric rolling. The 
realization, which exceeds a given threshold 0 at time 

0t t with the highest probability, is sought. This can 
be formulated as a limit state problem, Der Kiureghian 
(2000), within time-invariant reliability theory:

0 0 0, , , 0G u u t u u (7)

Due to the statistical properties of all ,i iu u the most 
probable realization of waves and gust wind is the one 
where

2 2 2
0

1

m n

i i
i

u u u                       (8)

has its minimum value. This realization * *,u u can be 
considered as a kind of design or critical wave and wind 
scenario leading to exceedance of the prescribed re-
sponse 0 . Due to the non-linearity in Eq. (1) the limit 
state surface, Eq. (7), is not linear in ,u u and an effec-
tive search routine is needed when m n is large. An 
excellent summary of optimization algorithms is given 
by Liu and Der Kiureghian (1991) and in the present 
study the so-called modified Hasofer-Lind procedure is 
implemented. It is based on the original work by Has-
ofer and Lind (1974), but extended with a line search 
where a merit function containing the error in both the 
limit state function and its derivative is minimized. In 
all cases considered in the present paper this procedure 
has provided the design point * *,u u for all values of 

the roll limiting angle 0 up to 0( ) 0GZ . The calcu-
lations are most effectively performed by choosing a
moderate value of 0 and then use the design point for 
this roll angle as the starting point ,u u for the search 
for the design point for a next higher roll angle. Typical 
values of starting point and increment are here 0.2 rad 
and 0.05 rad, respectively. 
When design point has been determined the point-wise
probability of exceedance the response 0 can be esti-
mated by the FORM approximation:

0 0( ( ))FORMP (10)

where is the standard normal distribution function 
and with the reliability index defined as

2
0 0( ) min u (11)

Mean up-crossing rates can determined within the 
FORM approximation from the design point infor-
mation, Jensen and Capul (2006), and used to estimate 
the probability of exceedance during a time range .T In
most cases, the result can be simplified to

0 0

2
0

max (t)

1 exp exp( 0.5 ( ) )

sT
P

N
(12)

where N is the number of peaks above the mean (close 
to static) roll angle s during the time range .T The 
static roll angle follows from Eq. (1) by omitting all 
dynamic terms and, furthermore, / 2 .N T

Due to the linearization of the limit state surface around 
the exact design point the probability information, Eqs.
(10) and (12), is not exact, but holds only asymptotical-
ly for large values of the reliability index . Therefore,
Monte Carlo simulations will be performed to validate 
the FORM results. 
The Monte Carlo simulation also uses Eq. (1) and col-
lects for each simulation only the value 0( )t . After M
simulations the results are ordered: 1i i , i=2,3,.., .M
The point-wise probability of exceedance is then deter-
mined as

1 ; 1,2,...,
1MCS i

iP i M
M

(13)

with the corresponding reliability index

1( ) 1
1MCS i

i
M

(14)

A comparison of the results from Eqs.(10) and (14) can 
then be used to estimate the accuracy of the FORM 
approximation. This is done in the next section.

FORM versus Monte Carlo simulations

This section evaluates the FORM approach considering 
a fictitious prismatic vessel using a closed form expres-
sion for the wave-induced roll moment, Jensen et al. 
(2004), for triangular shapes sections. A comparison of 
this expression with experimental results by Vugts 
(1968) shows reasonable agreement, albeit with large 
variations over the frequency range considered. Fur-
thermore, 0.4xr B is assumed where B is the water-
line breadth. The parameters in Eqs. (1)-(5) are chosen 
somewhat arbitrarily as: 1 2 3( , , ) (0.012, 0.40, 
0.42) (Bulian (2005)), B 32.2m, draft D = 10.5m,

1 3 5( , , )A A A (5, 1, -10)m, block coefficient = 0.61,
1windC , 4 ,windA LD meanU 26m/s. The ship length 

L cancels out for a prismatic beam. The assumed wind 
area is quite large, somewhat between what is seen for 
container vessels and large cruise ships. The wind lever 
is taken as

2( ) 0.5 1 0.3 0.7coswind
wind

A
z D

LD
(15)

where the variation of the lever with roll angle is taken 
from Vassalos et al. (2003).
The waves are modelled by a JONSWAP spectrum with 
significant wave height sH 11m and zero upcrossing 
period zT 12s. The gust wind spectrum is of the Dav-
enport type with a variance equal to 26 meanKU , where 



K 0.003. Also the Kaimal spectrum with the same  
variance as the Davenport at meanU 26m/s has been 
applied, but even if the frequency variation of the two 
spectra is different, especially at low frequencies, the 
results regarding capsize probabilities were quite simi-
lar. The frequency range for the wave spectrum is taken 
as / ,3 /z zT T whereas for the gust wind speed the 
range used is [0.05s-1, 0.6s-1]. 
The total number of frequencies m n 50, but differ-
ent numbers of wave and wind components are consid-
ered to investigate the sensitivity to this choice. 
The time 0t 300s is found large enough to avoid 
notable influence from the initial condition and short 
enough to avoid repetition of the stochastic wave and 
wind loads with the current discretization; see also Niel-
sen and Jensen (2009). In addition 0t 420s has been 
applied without any change in results. The time step in 
the Runge-Kutta solution procedure of Eq. (1) is taken 
as 0.5s. Finally, GM values between 1.5m and 4.5m 
will be considered.  Fig. 1 shows the GZ curve for 
GM 2.5m using Eq. (2). For the other GM values  
similar variations of GZ with roll angle are achieved, 
albeit with changing maximum value and angle of van-
ishing stability 0.GZ

Fig. 1: GZ curve for GM = 2.5m

A comparison between FORM and Monte Carlo simula-
tions (MCS) for different values of GM is given in 
Figs. 2-6. The MCS are performed with 100,000 simula-
tions implying a maximum reliability index 

1 510MCS 4.265. The Coefficient of Varia-

tion (COV) of the MCS is roughly equal to 1/ E
where E is the number of results above the target val-
ue. Thus, with a prescribed COV of, say, 0.1, the num-
ber E 100 which means that MCS is only accurate 
here up to 1 310MCS 3.09. This is in agree-
ment with a visual inspection of Figs. 2-6.
For a linear system 0( ) /s s where s is the 
standard deviation of the roll angle. It is seen from Figs. 
2-6 that the non-linearity in Eq. (1) influences to 
some extent for 0 greater than 0.25rad. For the MCS 

0 corresponds to 0 .s

The case with GM 1.5m has the highest probability 
of capsize implying that four MCS realizations diverge,
i.e. capsize ( GZ 0) at 0.70rad, before reaching the 
time 0t 300s, as indicated in Fig. 2. FORM shows the 

expected flattening behavior up to 0.70rad. For the par-
ticular set of results in Fig. 2, 10, 40m n as the 
wind force, controlled by n, in this case is the dominant 
load leading to roll. For Figs. 3-6 30, 20m n are 
used. The wave and wind spectra are shown in Fig. 7 for 
this discretization. 

Fig. 2: Reliability Index as function of roll angle 0 .
FORM and MCS (105 simulations).

Fig. 3: Reliability Index as function of roll angle 0 .
FORM and MCS (105 simulations)

Fig. 4: Reliability Index as function of roll angle 0 .
FORM and MCS (105 simulations)

Generally, the FORM results are seen to be slightly 
conservative compared to the MCS results for lower 
values of the reliability index . However, when 
exceeds about three the FORM results seem to approach 
the MCS results, albeit the MCS results here are scarce 
with only 100,000 simulations. Therefore one case with 
GM 4m is considered in detail, see Fig. 8. Here addi-
tional MCS with 1,000,000 realizations are included as 
well as results where the number of frequency compo-



nents ( , )m n in the wave and gust wind spectra is 
changed: 45, 5m n and 20, 30.m n It is seen 
that neither the FORM nor the MCS results are sensitive 
to this choice. The two FORM calculations cannot be 
separated from each other in Fig. 8. This is also so for 
all GM values considered in Figs. 2-6. Moreover, the 
results are seen to be invariant of the selected sampling 
time, 300s vs. 420s.

Fig. 5: Reliability Index as function of roll angle 0 .
FORM and MCS (105 simulations)

Fig. 6: Reliability Index as function of roll angle 0 .
FORM and MCS (105 simulations)

Fig. 7: JONSWAP wave height spectrum and Davenport 
wind speed spectra applied. Discretization m=30, n=20

Fig. 9 shows the tail of the distribution from Fig. 8. It is 
seen that all the different MCS realizations converge 
towards the FORM result.
The variation of the reliability index and the corre-
sponding probability of exceedance during 3 hours 
exposure, Eq. (12), to the prescribed stationary wave 
and wind systems is shown in Figs. 10 and 11, respec-
tively. Two target roll angles are considered: 0.65rad 

and 0.70 rad, where the latter angle is close to the angle 
of vanishing stability for the lowest GM values. Only 
the FORM results are shown since MCS results are not 
obtained for 0 0.65rad.

Fig. 8: Reliability Index as function of roll angle 0 .
FORM and MCS with different number of frequency 

components and time t0

Fig. 9: Zoom of Fig. 8. FORM: line, MCS: points

Fig. 10: Reliability Index FORM as function of GM for the 

target roll angles 0 0.65 and 0.7rad

An interesting behavior is noticed from these two fig-
ures, namely that the probability of exceeding a speci-
fied roll angle (defining ‘capsize’) is not a monotonic 
decreasing function of .GM Due to the different peak 
periods of the wind and wave spectra and the depend-
ence of the roll natural period on GM capsize is more 
probable in this example for GM around 2.5-3m than 
for GM around 2m. Of course, this behavior depends 
on the ship parameters and the model of especially the 
wave roll exciting moment. This will be considered in 



more details in a later section dealing with a specific 
real-world vessel. It should also be mentioned that the 
heave acceleration w might be important through re-
placement of g with g w in Eq. (1). This can be 
evaluated by using, say, the closed form expression for 
heave in Jensen et al. (2004). If heave acceleration is 
considered and setting GM 2.5m and a target roll 
angle 0 0.65rad, for instance, the reliability index
changes from 4.58 to 4.16 and the corresponding proba-
bility of exceedance during 3 hours operation changes 
from 0.018 to 0.109.

Fig. 11: Probability of exceedance the target roll angles 
0 0.65 and 0.7rad during 3 hours as function of GM

Critical wave and wind scenarios

With the given set of parameters used for the present 
fictitious vessel the IMO Weather Criterion,IMO
(1985), prescribes a minimum GM 2.5m. Hence it is 
found interesting to compare the deterministic scenario
postulated in IMO (1985) with the critical wave and 
wind scenario obtained from the FORM analysis for this 
GM value. The set of FORM results is found by sub-
stituting the design point value * *,u u into Eqs. (3) and
(6). The design scenario and its associated results are 
shown in Figs. 12-13 with the corresponding roll varia-
tion in Fig. 14. The target roll angle is taken as 0

0.65rad being close to capsize. The GZ curve is the one 
shown in Fig. 1. For this case, the roll natural frequency

is 0.38rad/s implying that the wave-induced roll 
motion dominates over the wind- induced roll moment,
see Fig. 7.

Fig. 12: Most probable wave scenario at the position of the 
ship leading to a roll angle of 0.65rad for GM=2.5m

The probabilities of capsize with GM 2.5m during 3 
hours of operation are around 0.02 and 0.003 using 
0.65rad and 0.70rad (40deg), respectively, as the angles

leading to capsize, see Fig. 11. These values might be
reasonable numbers in this severe sea state but, unfortu-
nately, cannot be compared to anything in IMO (1985).
It is noted that the probability of capsize depends signif-
icantly on the angle defining capsize.
The first 120s of the time signals are not shown as they 
are influenced by the choice of initial conditions. The 
remaining parts, shown in Figs. 12-14, are unaffected by 
the initial conditions. It can be observed from Fig. 14 
that the angle the ship attains to windward from the 
static wind heel position before ‘capsize’ here is 
22.6deg which is very close to the similar angle (denot-
ed 1 ) in IMO (1985): 22.7deg. In addition, the maxi-
mum wind speed (30.7m/s from Fig. 13) is close to the 
assumed maximum wind speed in IMO (1985): 

1.5 meanU 31.8m/s. The maximum roll angle occurs,
as expected, when the wave slope is large at the position 
of the ship after the passing of a wave trough, see Fig. 
12 and 14.
It is seen that the most probable wave episode in Fig. 12 
has a nearly constant period close to the roll natural 
period of 16s, even if the zero-crossing period of the sea 
state is 12s. This reflects the resonance behavior of the 
roll response and the ability of the FORM procedure to 
identify this critical, and most probable, wave scenario 
leading to capsize.

Fig. 13: Most probable wind scenario leading to a roll 
angle of 0.65rad for GM=2.5m 

Fig. 14: Most probable roll scenario leading to a roll angle 
of 0.65rad for GM=2.5m  

Generally, the analysis of this fictitious vessel yields
high confidence in the calculation procedures and there-
fore, in the next section, a real-world vessel will be 
considered and compared with the regulations by IMO 
(1985).

Application examples

First a large container vessel (length: 350m, beam:



48.2m, draft: 14.5m, wind area: 8705m2, GM=1.71m) is 
considered. The damping coefficients are taken as those 
used in the previous section. The roll period becomes 
29.6s, which makes the gust wind the dominant stochas-
tic roll excitation. The result is a reliability index in 
excess of 10 for roll angles above 10 degrees. Thus the 
probability of capsize in dead ship conditions for this 
vessel is extremely small and of no significance for the 
intact stability verification.
The second application deals with a small ferry de-
signed for inland transportation in Danish waters. The 
pertinent data are: length: 45m, beam: 13.1m, draft: 
2.7m, wind area: 501.7m2. The required GM is 2.285m 
without taking account for the IMO weather criterion
and 4.072m when the weather criterion is applied. The 
large influence of the weather criterion on the required 
GM has been observed before for small ferries, Erichsen 
et al (2015), and the observation makes it interesting to 
quantify the probability of capsize inherent in this regu-
lation. The analysis for the ferry is done for both GM 
values using the corresponding GZ curves as input to-
gether with the same damping coefficients as before. 
The roll exciting moment (Froude-Krylov and diffrac-
tion) is calculated for the actual hull by using the 3D 
hydrodynamic WAMIT® procedure (wamit.com). 
Compared to the closed form expression a significant 
smaller wave-induced roll excitation is found. The sta-
tionary wave condition is specified as a JONSWAP 
spectrum with significant wave height sH 3.5m and 
zero upcrossing period zT 5s which is chosen as the 
most severe realistic operational condition for the ves-
sel. The wind spectrum is the same Davenport spectrum 
as used in previous sections. The spectra and the roll 
natural periods are shown in Fig. 15. It is seen that the 
waves are the most important roll excitation source in 
this case.

Fig. 15: JONSWAP wave height spectrum and Davenport 
wind speed spectra applied for the ferry

The reliability index as function of target roll angle is 
shown in Fig. 16 and the corresponding probability of 
exceeding the target roll angle during three hours of 
exposure to this dead ship condition is given in Fig. 17.
The target (limiting) roll angle for the ferry is 0.6rad (35 
deg.) due to down-flooding points and thus for the case 
with GM = 2.285m the probability of exceedance be-
comes 0.24, i.e. the return period for the exceedance of 
0.6rad is roughly 12 hours in this severe sea state. With 

GM = 4.072m as required from the IMO weather crite-
rion the probability of exceedance roll angles above 
0.5rad becomes nearly zero as seen from Fig. 17. This 
seems reasonable results and also a support for the need 
for a weather criterion for this kind of vessels. However, 
the weather criterion in its present formulation might be 
rather conservative for small ferries.

Fig. 16: s function of target roll angle

Fig. 17: Probability of exceedance the target roll angle 
during 3 hours of exposure

Conclusions

The paper addresses the search for second generation of 
intact stability criteria for ships in dead ship conditions 
subjected to stochastic wave and wind forces.
The physical model for the roll motion is a standard 1D 
model, but the paper suggests a new application of the 
FORM procedure for estimation of the extreme value 
distribution of the roll angle and subsequent capsize
probability.
The results indicate that the FORM procedure is a feasi-
ble tool for extreme value prediction of the roll motion 
and that the current IMO weather criterion is reasonable 
in the sense that the required GM from this criterion for 
a small ferry implies a nearly zero probability of cap-
size. However, the lack of an accepted target probability 
of failure makes a quantitative evaluation impossible 
and the present criterion might be too conservative for 
small ferries as judged from the present results.
Further studies considering more vessels, operational 
conditions and a coupling between ship motions com-
ponents are obviously needed together with an IMO 
specification of the allowable probability of failure.
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Abstract 

For the establishment of the vulnerability criteria related to 
the parametric roll of ship, susceptibility checks for the phe-
nomena as well as the quantitative prediction for the nonline-
ar resonant motion were conducted. Additionally, owing to 
the non-Gaussian and non-ergodic characteristics of para-
metric rolling in random seas, the stochastic analysis should 
be carried out based on numerous realizations to obtain 
stable statistical properties of roll motions. 
The present study considers a multi-level procedure for the 
stability analysis of parametric roll. The procedure includes a 
step-by-step application of the stability boundaries, a semi-
analytic method, and a numerical computation. In this proce-
dure, a 1.5 degree of freedom roll motion equation was first 
modeled and solved by efficient analytical approaches. Then, 
the weak, nonlinear time-domain seakeeping analysis based 
on the impulse response function (IRF) method was conduct-
ed for the pre-screened environmental conditions. For a given 
ship model, the analysis results from different levels were 
investigated to validate the multi-level procedure with respect 
to their accuracies and efficiencies. 
Nonlinear and time-varying restoring forces in regular and 
irregular waves were systematically approximated for the 
enhanced modeling of an analytical approach through com-
parisons with the results of numerical computations. Fur-
thermore, the methodology for evaluating nonlinear probabil-
istic qualities of parametric roll motions in random seas was 
discussed when considering uncertainties and sensitivities to 
computational parameters such as the length of time window, 
number of realizations, and discretization of wave spectrum. 

Keywords

Parametric roll; multi-level procedure; GM variation; 
stability boundary, seam-analytic approach; weak non-
linear computation; uncertainties and sensitivities 

Introduction

The evaluation of the stability of a ship concerning the 
parametric roll has been a matter of concern owing to 
the nonlinearities of the phenomena. For a resonant 
condition, the large-amplitude roll motion is excited in 
several encounter periods of waves. To predict the 
susceptibility and the amplitude quantitatively, the 
nonlinearities induced by the large roll motion should 
be considered accurately. The nonlinear restoring force 

of the waves is directly related to the occurrence and 
amplitude of the parametric roll. Modern ships such as 
containerships, cruise ships, and roll-on/roll-off (ro-ro) 
ships show a large variation of wetted surfaces because 
of strong geometrical nonlinearities near both the bow 
and stern. Therefore, methods such as the nonlinear 
transverse stability rather than the traditional linear 
seakeeping calculations have been applied to simulate 
the phenomena.  
Historically, the metacentric height (GM) in waves has 
been investigated to develop the stability boundary. 
Pualling (1961) derived the transverse stability in a 
longitudinal regular wave up to second-order compo-
nents according to the Froude–Krylov assumption. The 
equation of roll motion based on the GM variation has 
the Mathieu-type instability, which provides the vul-
nerability criteria for regular parametric roll (Paulling 
and Rosenberg, 1959). For the GM variation in irregu-
lar waves, Dunwoody (1989) calculated the linearized 
GM spectrum with respect to the amplitude. However, 
Palmquist (1994) proved that there is a second-order 
slow GM variation by adopting a polynomial fitting for 
the envelope of the first-order function.  
By extension, Hua et al. (1999) developed the analytic 
expression for each order of the GM variation in ran-
dom seas using the Volterra system. In contrast with 
previous research based on the quasi-hydrostatic ap-
proach (e.g. long-wave assumption), the transfer func-
tions of vertical motions obtained by the hydrodynamic 
computations were adopted. Therefore, it is more ap-
propriate for simulation of a parametric roll since the 
phenomena for a large modern ship occurs in a relative-
ly high-frequency wave. If a stochastic averaging 
method is applied to the resulting variation, the stability 
boundaries for irregular parametric roll can be derived 
(Roberts, 1982).  
On the other hand, for the quantitative prediction of 
parametric roll, the restoring arm (GZ) in waves has 
been modeled for the development of an efficient semi-
analytic approach. The key issue in the simplified mod-
el is the approximation of the relationship between GM 
and GZ in the waves. To approximate the nonlinear 
variation of restoring force, Umeda et al. (2004) used 
the captive experimental data while Bulian (2006) ap-
plied polynomial fitting with respect to the heel angle 



and Grim’s effective wave amplitude. Neves and Ro-
driguez (2006) derived the coupling coefficients for the 
heave, pitch, and roll motions as well as the wave ele-
vation for the third-order mathematical model. Addi-
tionally, Lee et al. (2015) presented a 1.5 degree of 
freedom (DOF) semi-analytic formula according to the 
GZ factor function as a fitting function determined by a 
quasi-static verification. When the relationship is ap-
proximated by the polynomial of heel angle, the result-
ing equation of the roll motion is a closed form. There-
fore, the equation can be solved analytically by an av-
eraging method that is not sensitive to initial conditions 
or time integration. 
Recently, due to the significantly increased computing 
power, the numerical calculations based on the weak 
nonlinear approach have been widely applied to simu-
late parametric roll in a time domain. In this approach, 
the linearized free surface boundary condition is solved 
for a disturbed wave while accounting for the nonlinear 
Froude-Krylov and restoring forces at the exact wetted 
surface. To obtain the solution of the seakeeping prob-
lem, the Rankine panel method (Shin et al., 2004), the 
impulse response function (IRF) method (Spanos and 
Papanikolaou, 2007), and the strip theory (Hashimoto 
and Umeda, 2010) have been used. Furthermore, CFD 
simulation has been carried out to thoroughly investi-
gate the development of parametric roll and the effects 
of nonlinear damping forces on the phenomena (Sadat-
Hosseini et al., 2010). However, since the roll motions 
of irregular waves show non-Gaussianities and non-
ergodicities as described by Belenky et al. (2003), a 
stochastic analysis based on many realizations should 
be conducted. The considerations for the uncertainties 
and sensitivities in the numerical calculation may result 
in significant computational costs despite the more 
accurate prediction of the nonlinear restoring force. 
The International Maritime Organization (IMO) rec-
ommends the second-generation intact stability criteria 
for the vulnerability evaluation of parametric roll (Pe-
ters et al., 2011). To complement the criteria, this study 
presents a multi-level procedure, which includes the 
step-by-step application of stability boundaries (Level 
1), a semi-analytic method (Level 2), and a numerical 
computation (Level 3). In the procedure, the nonlinear 
and time-varying restoring forces for regular and ir-
regular waves are approximated systematically by nu-
merical validations of the enhanced modeling of the 
analytic approach. For the pre-screened environmental 
conditions of the stability boundary, the resulting 1.5 
DOF roll motion equation is solved by efficient analytic 
approaches. Additionally, the weak nonlinear time-
domain seakeeping analysis based on the impulse re-
sponse function (IRF) method is carried out. Further-
more, the methodology for evaluating nonlinear proba-
bilistic qualities of parametric roll motions in random 
seas is discussed taking into account the uncertainties 
and sensitivities to computation parameters such as the 
generation of irregular waves, the length of time win-
dow, and the number of realization. For containerships 
in head sea conditions, the analysis results from differ-
ent levels are investigated to validate the procedure 
with respect to their accuracies and efficiencies. 

Theoretical Backgrounds 

Level 1: Stability Analysis 

By neglecting the hydrodynamic coupling between then 
roll motion ( 4) and vertical motions (heave and pitch 
motions; 3 and 5), the 1.5 DOF equation for roll mo-
tion in head seas can be derived: 

44 44 4 4 3 4 5, , , 0rollM A b GZ        (1) 

where M44, A44, and  are the roll moment, added mo-
ment of inertia, and displacement, respectively. To 
perform the stability analysis, The GZ in Eq. 1 can be 
linearized with respect to the roll angle as follows: 

3 4 5 3 5 4, , , , ,GZ GM        (2) 

The GM in waves depends on the wave elevation ( ) 
and vertical motions.  
The computation method for the GM-variation has 
varied from the simple spreadsheet calculation, which 
includes only the effects of wave geometry, to the qua-
si-static approach according to the hydrostatic equilib-
rium for a long wave (Shin et al. 2004). In this study, 
the two methods are adopted; first, the direct calcula-
tion, i.e., the direct integration of the pressure at the 
actual wetted surface based on the instantaneous hydro-
static approach, and second, the analytic expression by 
the Volterra system of Hua et al. (1999). In both meth-
ods, the vertical motions obtained by the hydrodynamic 
computations (the IRF method) are applied to consider 
the parametric roll in relatively high-frequency head 
seas. 
In the direct calculation, the GM in a regular wave is 
evaluated in instantaneous time, and the Fourier trans-
form is applied to the time history to compute the trans-
fer functions of GM-variation as follows: 
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where GM0 and GMm indicate the variations in the 
mean value and the mth-order harmonic component, 
respectively. Under the assumption that the mth-order 
transfer function is proportional to Am, the functions are 
related with those of the Volterra system: 
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where f( n) indicates the first-order transfer function, 
and u2( n, n) and v2( n, n) are the quadratic transfer 



functions for the sum-frequency and difference-
frequency components, respectively. It should be noted 
that the GM0 is the main diagonal term of the differ-
ence-frequency second-order variation according to the 
assumption that the second-order effects on the varia-
tion in the mean GM are dominant. 

In a regular wave, the linearized equation of the roll 
motions can be derived by considering only the GM0 
and GM1: 

4 4 4cos 0c p q     (7) 
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For the simplest model, the stability boundary (e.g. the 
Ince–Strutt diagram) of the damped Mathieu equation 
is given with regard to the values of p, q, and c. 
For irregular waves, on the other hand, the GM-
variation can be approximated using the superposition 
of the transfer functions of the direct calculation or the 
Volterra system as shown in Eqs. 8 and 9, respectively: 
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By applying a stochastic averaging method to the varia-
tion, the stability boundary for irregular waves can be 
derived as suggested by Roberts (1982) and Bulian 
(2006). 
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where RAOGM1/A indicates the normalized transfer func-

tion of GM1, and S  as the wave spectrum. Fig. 1 de-
scribes the procedure for stability analysis. 

 
Fig. 1: Procedure for stability analysis (Level 1) 

Level 2: Semi-Analytic Approach 

The GZ in Eq. 1 depends on the actual wetted surface 
of the ship considering the ship motion relative to wave 
elevation. Despite the direct integration of pressure, the 
simplified modeling for GZ in the waves is introduced 
for the efficient semi-analytic approach. For an accurate 
prediction of the amplitude of a parametric roll, which 
is bounded by the nonlinear restoring force, the approx-
imation should include the nonlinear behaviors of the 
GZ induced by the body geometries and the decrease of 
the variation of GZ owing to the small change in the 
wetted surface in waves at a large heel angle. To this 
end, the GZ is modeled by the GZ in still water (GZstill), 
the ratio of the variation of GM to GMstill, and the GZ 
factor function (f( 4)) as follows: 

3 4 5 still 4

3 5 still
4

still

, , , ,

, , ,

GZ t GZ

GM t GM
f

GM

(11) 

The GZ factor denotes the relationship between the 
variation of GM and GZ in waves. The function is 
composed of linear and higher-order terms that repre-
sent the nonlinearities of GZ:  

4
4 still 4 1

4,max

sin
sin

sin
f GM  (12) 

where 4,max is the x-intercept of the GZ curve in still 
water. Further,  indicates the order of the higher-order 
terms and depends on the geometry of ship. The value 
is determined by the comparison of the GZ curves in 
waves obtained by the quasi-static calculation. Details 



of this procedure were reported by Lee et al. (2015).  
The resulting equation of motion by the substitution of 
the GM variation in the time domain (Eqs. 8 and 9) is 
solved by time integration according to the fourth-order 
Runge–Kutta method. For the simulation of the para-
metric roll, the initial disturbance of the roll angle in-
duced by an environmental condition is modeled 
through an impulsive roll angle (3.0°–10.0°) at a certain 
instant. For a regular wave, the equation can be also 
solved by using the averaging method analytically 
suggested by Bulian (2006). To obtain the frequency-
domain solutions, there is an assumption that the en-
counter wave frequency should be about twice the natu-
ral roll frequency ( e/ 0  2.0). In addition, the GZ in 
the waves (Eq. 11) is fitted by polynomials of the roll 
angle using the least square method. The quasi-steady 
state amplitude of the parametric roll and its phase are 
given as solutions of the method. 
The present approach for random seas is solved only by 
time integration because there are limitations to the 
application of the averaging method owing to the time-
varying amplitude of the roll motion. Furthermore, 
stochastic analysis is conducted to account for the un-
certainties induced by the non-Gaussianities and non-
ergodicities in the nonlinear phenomena. The computa-
tion parameters such as the discretization of wave spec-
trum, length of time window, and number of realization 
are varied by considering the convergence of statistical 
properties of the roll motions as shown in Fig. 2.  

 
Fig. 2: Procedure for semi-analytic approach (Level 2) 

Level 3: Numerical Computation 

Among the numerical methods, the IRF method along 
with the weak nonlinear approach is applied. This 
method includes a mixture of linear hydrodynamic 
forces and the nonlinear Froude-Krylov and restoring 
forces acting on an instantaneous wetted surface. For 
the conversion of a frequency-domain solution into a 
time-domain solution, the linear hydrodynamic coeffi-
cients and diffraction forces are computed by strip 
theory, namely, the STF method (Salvensen et al., 
1970). The resulting equation of motion can be written:  

,

diffraction F.K. Restnonlinear nonlinear          

t R
jk jk j jk j jk jm m R t d c

F F F
 (13) 

where 

0

2 sinjk jkR t B d   

where m , B, R, and cR indicate the infinite added mass, 
damping coefficient, retardation function, and radiation 
restoring coefficient, respectively. Owing to the effi-
cient consideration of the partial nonlinearities, this 
approach has been adopted by many recent analyses of 
nonlinear ship motion. Details of applications of the 
method for parametric roll can be found in Kim and 
Kim (2011). The procedures in Level 3 are same with 
those of the direct time integration for semi-analytic 
approach in Level 2. 

Analysis results 

Ship Models 

The present multi-level procedure is applied to two 
containerships. It is widely known that containerships 
are vulnerable to parametric roll because of large varia-
tions in the water-plane area in waves at the bow flare 
and overhanging transom. In this study, all of the simu-
lations are performed in head seas and 5-knots condi-
tions. This forward-speed condition is approximately 
equal to VPR, the vulnerable speed condition suggested 
in the stability criteria of IMO (Peters et al., 2011): 

0

2
2PR

L gLV
T

  (14) 

where T0 is the natural period of the roll motion. This 
speed is derived from the vulnerable conditions such 
that L   and e/ 0  2.0. Table 1 describes the dimen-
sions of the ships, and Fig. 3 shows their body plans. 

Table 1: Principal dimensions of ship models 
Designation 6500 TEU CS MARIN model 

8004-2 
LBP (m) 286.3 262.0 
Beam (m) 40.30 40.00 
Draft (m) 13.13 12.86 
GM (m) 1.21 2.10 
VPR (knots) 5.884 8.242 



 
(a) 6500 TEU CS 

 
(b) MARIN model 8004-2 

Fig. 3: Body plans of ship models 

Transfer Functions of GM 

Before the simulations of the parametric roll, the trans-
fer functions of the GM are calculated for the ship 
models by the two methods, the direct calculation (DC) 
and the Volterra system, as shown in Fig. 4. Although 
the two ships have similar main dimensions, the differ-
ent variations in GM are obtained owing to the different 
geometry at their bows and sterns. For both ships, the 
normalized transfer functions computed by the direct 
calculation for different wave amplitudes show good 
agreement with each other. The agreements in the func-
tion of GM0 that denote the effects of second-order 
variation on the mean value are dominant. For a high 
frequency, the discrepancies between the functions 
become larger because the nonlinearities induced by the 
geometries are intensified for a short wave.  
In the Volterra system, the geometrical properties such 
as beam, section area, and sectional moment and their 
derivatives in the vertical direction are required for the 
perturbation with respect to the mean draft. Therefore, 
the geometry should be fitted by the polynomials. The 
polynomial interpolation (PI) for locally fitting at the 
mean draft and the least square method (LSM) for the 
approximation in a certain region near the mean draft 
are applied in this study. For the 6500 TEU CS, the 
least square method, which considers the overall geo-
metrical trends, provides the proper transfer functions 
compared to those of the direct calculation, while the 
polynomial interpolation shows the inaccurate higher-
order components such as GM0. In case of the MARIN 
model, the transfer functions cannot be obtained by the 
Volterra system because of the flat geometry at the 
overhanging transom where there are difficulties in the 
evaluation of geometrical derivatives. 
In summary, the Volterra system gives the transfer 
functions of the GM variations analytically without 
time-domain computations. Furthermore, the system 
provides the explicit expression of the variation for 
each order, which enables an investigation into the 
effects of higher order components. However, since the 
method is based on the perturbation of the mean draft, 

there are limitations to the accuracy of the calculations 
for ships that show very large variations in water-plane 
area according to the change of draft. Therefore, the 
direct calculation should be adopted for the ship ge-
ometry in relatively large-amplitude waves.  

 
(a) 6500 TEU CS 

 
(b) MARIN model 8004-2 

Fig. 4: Transfer functions of GM 

In Regular Waves 

For regular waves, the parametric roll is excited from 
an initial disturbance, and the roll motion is bounded in 
the case of a quasi-steady-state amplitude by the damp-
ing force including the decrease of the variation in the 
nonlinear restoring force at a large heel angle. The 
stability boundary of the damped Mathieu equation of 
Eq. 7 (Level 1), the results of the semi-analytic ap-
proach (SA, Level 2) and the numerical computation 
(IRF, Level 3) are compared as shown in Fig. 5. The 
range of wave frequencies for the simulation is chosen 
near the vulnerable conditions according to the bounda-
ry. As wave frequency increases from the condition of 

e/ 0  2.0, the variation of GM1 becomes larger. In 
such cases, discrepancies are seen between the bounda-
ry and simulation results, especially for the 6500 TEU 
CS. Therefore, a certain margin for the boundary 



should be applied for the next level calculation. 
Using the semi-analytic approach (  = 3.0 in Eq. 12) 
along with the Volterra system, the three cases of ap-
proximations for the GM variations are adopted for the 
6500 TEU CS: first, the first-order variation (only GM1); 
second, the variation in the mean value and the linear 
variation (GM0+GM1); and third, the full first- and 
second-order variation (GM0+GM1+GM2). The first-
order component is directly related to the magnitude of 
the parametric roll. When the parametric roll is excited, 
similar amplitudes of the roll motions are obtained for 
all cases. However, the static stability of the ship in 
waves depends on the variation of the mean value. 
Owing to the shifted natural frequency of the roll mo-
tion induced by the GM0, the region of the first para-
metric resonance is changed. Therefore, the case that 
accounts only for the linear variation indicates a differ-
ent range of wave frequencies for the occurrence of 
parametric roll compared to the other cases. It can be 
seen that the vulnerability of the parametric roll is sen-
sitive to the static stability performance (GMstill+GM0), 
and this trend becomes intensified for a larger GM0 as 
the frequency of the waves increases. Furthermore, 
when the variation of the mean is considered, the semi-
analytic approach provides more accurate solutions 
compared to those obtained by numerical computations.  

However, the effects of the other second-order compo-
nent (GM2) on the phenomena can be considered to be 
negligible because the component is somewhat small 
and is not directly relevant to the mechanism of the 
parametric roll in a regular wave. As result, only GM0 
and GM1 can be included in the approximation of GM 
for the simulation of a regular wave. For irregular 
waves, the second-order sum-frequency and difference-
frequency components may affect the phenomena, but 
the effects have not been investigated yet.  

For the MARIN model, the semi-analytic approach 
along with the transfer functions of the GM obtained by 
the direct calculation is applied for the different  of Eq. 
12. Since  determines the magnitude of nonlinear 
variation in restoring force, the amplitude of parametric 
roll increases for the larger value. There are some dis-
crepancies in the amplitude between the semi-analytic 
and numerical approaches owing to the errors in the 
approximation of the GZ in waves. Nevertheless, the 
range of  with 2.0–3.0 seems to be appropriate for the 
MARIN model compared to the numerical results.  

It can be seen that the frequency-domain solution calcu-
lated by the averaging method analytically corresponds 
to that calculated by the direct time integration. Moreo-
ver, this method provides the results without the sensi-
tivities to the initial condition and the order of accuracy 
in time integration. However, for the 6500 TEU CS, 
there are multiple steady-state solutions due to a bifur-
cation. Therefore, for the wave frequencies resulting 
from the assumption of averaging method ( e/ 0  2.0), 
the analytic solutions should be classified according to 
whether physical or not by comparison with the stabil-
ity boundary or the results of time integration 

 
(a) 6500 TEU CS 

 
(b) MARIN model 8004-2 

Fig. 5: Quasi-steady-state roll amplitude of parametric 
roll: A/L=0.010 

For Irregular Waves 

To consider the nonlinear stochastic nature in paramet-
ric roll phenomena, the simulations for random seas are 
carried out based on many realizations (i.e., different 
sets of wave phases). Fig. 6 shows the distribution of 
the maximum roll angles for the MARIN model in 
different environmental conditions. For a sea state, the 
roll angle is computed for the 100 realizations of 7200 s 
simulations by the semi-analytic approach (  = 2.5). 
Further, the irregular waves are generated by the dis-
cretization for the Bretschneider spectrum into 100 
wave components.  
As shown in the figure, the distribution exhibits good 
agreement with the stability boundary of Eq. 10. Alt-
hough the overall vulnerable sea states can be pre-
screened by the boundary, the excitations of the para-
metric roll outside of the boundary are also confirmed 
for large modal periods. For the Bretschneider spectrum, 
which has a relatively smooth peak, the GM variation at 
2 0 becomes less dominant when Tp becomes larger. 
Therefore, the uncertainties to the realizations become 



stronger especially for large modal periods.  
Fig. 7 presents the average of 1/4, 1/10, and 1/20 high-
est maximum angles in 100 realizations. The differ-
ences between the averages for large Tp’s denote that 
the maximum value is less convergent as the number of 
realizations increases. The discontinuities in the distri-
bution for a relatively small wave height can also be 
explained by this characteristic of the spectrum. In 
conclusion, more realizations are required to obtain the 
converged statistical properties of roll motion near the 
boundary.  

 
Fig. 6: Distribution of maximum parametric roll angle 

and stability boundary: Bretschneider spectrum 

 
Fig. 7: Distribution of maximum parametric roll angle: 

Hs=5.75m, Bretschneider spectrum 

To compare the simulation results in random seas ob-
tained by the semi-analytic and numerical approaches, 
the test condition of the ITTC benchmark study was 
adopted (Reed, 2011). For this case, Hs and Tp are 5.25 
m and 14.4 s, respectively, and the irregular waves are 
represented by 20 realizations of 80 wave components. 
Owing to the non-ergodicities of the nonlinear phe-
nomena, the statistical properties of the roll motion 
cannot be determined by short-time simulations such as 
3600 s computations. Fig. 8 describes similar variances 
obtained by the two approaches, and the convergent 
behavior of the variance and its confidence band with 
respect to the length of time window. However, the 
cumulative density functions (CDF) of the roll ampli-
tude for different 20 realizations, not the Rayleigh dis-
tribution, remains slightly scattered even for the 86,400 
s as shown Fig 9. This tendency becomes intensified in 

the semi-analytic approach as the value of  increases.  

Fig. 8: Variance of parametric roll with 95% confidence 
bands: ITTC benchmark study, semi-analytic approach, 

=2.0 (left), =2.5 (middle), IRF method (right) 

Fig. 9: Cumulative density functions of parametric roll 
amplitude: ITTC benchmark study, semi-analytic ap-

proach, =2.0 (left), =2.5 (middle), IRF method (right) 

It should be noted that the semi-analytic approach for a 
large  gives less convergent solutions than numerical 
computations. For a large roll motion, the nonlinear 
coupling effects between roll motions and vertical mo-



tions become stronger. The weak nonlinear numerical 
method can include the changes of mean and amplitude 
of vertical motions in waves due to the restoring cou-
pling. The shifted stability variations induced by the 
nonlinear motions have a parametric roll that is less 
divergent. In the semi-analytic approach, the effects of 
the roll motion on the vertical motions are excluded. 
Hence, the overestimated statistical properties are ob-
tained. In conclusion, although the semi-analytic ap-
proach is much more efficient, the numerical examina-
tions for a heavy sea state should be conducted for 
more accurate predictions of the parametric roll in ir-
regular waves. 

Conclusions 

In the present study, a multi-level procedure is applied 
for the stability analysis of parametric roll for large 
containerships in head seas. By the comparison of re-
sults in each level, the following conclusions are drawn: 
- The accuracies of two methods for calculation of the 
GM variation (i.e., the direct calculation and the Volter-
ra system) depend on the ship geometry, order of varia-
tion, and wave amplitude. 
- The stability boundary in Level 1 should be adopted 
with a margin since the discrepancies with the simula-
tion results are confirmed for the wave-frequencies that 
get out of the vulnerable condition of e/ 0  2.0. 
- For a regular wave, the semi-analytic approach in 
Level 2 predicts the comparable parametric roll ampli-
tude relative to those of numerical computation in Lev-
el 3 by accounting for the GM variation in the mean 
and first-order component as well as adopting the ap-
propriate modeling of the nonlinear GZ in the waves (  
in Eq. 12).  
- Owing to the non-ergodic behaviors of the parametric 
roll in random seas, a stochastic analysis according to 
the many realizations for a long period of time is re-
quired to evaluate the statistical properties of roll mo-
tion. Furthermore, numerical analysis should be con-
ducted for a heavy sea state since the semi-analytic 
approach provides a little divergent prediction without 
nonlinear coupling effects. 
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Abstract 

Small fishing vessels are well-known to be prone to surf-riding 
and broaching which can lead to capsizing in adverse quarter-
ing seas. However, there is little attention on preventing these 
phenomena from the design stage. In this paper, the influence 
of the bilge keel and the longitudinal position of center of 
buoyancy (LCB) on surf-riding and broaching are investigated 
numerically based on the 6-DOF unified model considering 
both sea-keeping and maneuvering motions. The adjusting of 
LCB is achieved by changing cross sectional area curves, and 
hull surfaces are reconstructed accordingly using Radial 
Basis Function. The motion responses of the ITTC A2 fishing 
vessel in following and quartering seas with different bilge 
keels and LCBs are calculated for various ship speeds, head-
ings and wave heights. Results show that bilge keel i.e. roll 
damping has no influence on surf-riding in following waves, 
while it has large influence on range of broaching in quarter-
ing waves. Surf-riding in following waves occurs with a higher 
threshold when ship’s center of buoyancy (COB) is moved 
towards stem compared to moving towards stern.  

Keywords 

Broaching, Surf-riding, bilge keel, Center of buoyancy, 
Fishing Vessel Design.  

Introduction 

In severe following and quartering seas, ships, especial-
ly small fishing vessels, are likely to be accelerated by 
the wave and surf-riding may occur. Broaching often 
comes after surf-riding due to the loss of rudder control 
on yaw. Surf-riding and broaching are the main causes 
for the capsizing of small fishing vessels and bring a 
significant number of tragic losses.  
Surf-riding and broaching can be prevented during the 
operation and in the design stage. A naval architect 
cannot control the whole operation of the vessel but can 
improve the design to ensure a safer vessel in severe 
conditions. Over the past several decades, researchers 
worked on understanding the mechanism and establish-
ing the critical conditions of surf-riding and broaching 
by means of nonlinear dynamics approaches (Grim, 

1951; Makov, 1969; Spyrou, 1996; Umeda, 1999), nu-
merical simulations (Umeda and Hamamoto, 2000; 
Umeda and Hashimoto, 2002; Yu et al., 2014, 2015) 
and model experiments (Umeda et al., 1999). These 
works promoted the development of the second genera-
tion intact stability criteria on surf-riding/broaching as 
the amendments to Part B of the 2008 IS code (IMO 
SDC2/WP.4, 2015). In the second generation intact 
stability criteria, a three-tiered approach is introduced 
for assessing the five stability failure modes including 
surf-riding and broaching. According to the sample ship 
calculation by Feng et al. (2015) based on the draft 
criteria, most of the small fishing vessels failed in either 
level 1 or level 2 criteria of surf-riding and broaching. 
Thus direct stability assessment using advanced state-
of-the-art technology has to be performed and a ship-
specific operation guidance is needed. Alternatively, 
improvement can also be made in the design stage to 
ensure a safer vessel satisfying the criteria. 
However, few works are done on the mitigation of surf-
riding and broaching in the design stage. Tuite and 
Renilson (1997) conducted a full investigation on the 
effect of principal design parameters including beam, 
draft, center of gravity and rudder size on broaching of a 
fishing vessel in following seas. Based on the simula-
tion results, the rudder size was found to be the domi-
nant factor influencing the behavior of a vessel in fol-
lowing seas. A method was proposed to determine the 
minimum rudder size required for similar hull shapes. 
Except for the design parameters considered by Tuite 
and Renilson (1997), the bilge keel and the longitudinal 
position of center of buoyancy (COB) may also be cru-
cial for surf-riding and broaching in severe following 
and quartering seas. 
Bilge keel is normally fitted to small fishing vessels to 
provide additional hydrodynamic damping to rolling. 
The roll damping by bilge keel is the largest one which 
creates 50-80% of the total roll damping. Thus with the 
appropriate design and installation of bilge keel, the 
ship’s tendency to roll may be reduced and the possibil-
ity of broaching can also be reduced.  
The longitudinal position of COB (LCB) represents the 



longitudinal distribution of the ship displacement. As 
COB moved towards stem, less displacement is distrib-
uted in the aft part and smaller surge force is expected 
when the aft part sits on the downslope of a steep wave. 
Thus it may be more difficult for the vessel to be accel-
erated to the wave celerity by the wave surge force. 
Surf-riding and broaching are likely to be mitigated. 
Therefore in this paper, the effect of the bilge keel and 
the longitudinal position of center of buoyancy (LCB) 
on surf-riding and broaching are investigated numerical-
ly based on the 6-DOF unified model. Several hull 
forms with different values of LCBs are generated based 
on the hull form of ITTC A2 fishing vessel (NAOE 
Osaka University, 2015). Numerical simulations of surf-
riding and broaching in following and quartering seas 
with various speeds and wave directions are conducted 
for ships with and without bilge keel and hull forms 
with different LCBs. Based on results of the numerical 
simulation, the influence of the bilge keel and LCB on 
surf-riding and broaching is investigated. 

Theoretical Background 

Seakeeping and Maneuvering Model 

The numerical simulations are conducted using the 6-
DOF weakly nonlinear model proposed by Yu et al.(Yu 
et al., 2014). In the numerical model, a combined sea-
keeping and maneuvering analysis considering rudder 
propeller hydrodynamics is carried out based on the 
unified theory.  
Three coordinate systems, the earth fixed coordinate Oe-
xeyeze, the body fixed coordinate O-xyz and the 
horizontal body axes coordinate Oh-xhyhzh are used as 
shown in Fig.1. The origin O is chosen as the ship 
center of gravity. The position, velocity and force 
vectors are defined as: 

, , , , , , , , , , , , , , ,T T Tx y z u v w p q r X Y Z K M Nη ;ν = ;f =   (1) 

The ship forward speed is 2 2U u v2U u2u2 .The velocity 
vector ν which is defined in body-fixed coordinate is 
transferred to earth-fixed coordinate: 
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Where U,V,W,P,Q and R is the velocity in the earth-
fixed coordinate, R3 3 and Q3 3 are transfer matrixes as 
described in Yu et al.(2014). 

 
Fig. 1 Definition of Coordinate System and Ship Motions 

The maneuvering motion is simulated using a 3-DOF 
surge-sway-yaw model, proposed by Japanese research 

group: Maneuvering Mathematical Modelling Group 
(MMG) (Ogawa and Kasai, 1978):  
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Where m, mx, my, Iz and Jz represent the ship mass, 
added mass in surge, added mass in sway, yaw moment 
of inertia and added moment of inertia in yaw. (X , Y , 
N ), XR and XP are defined as rudder force, resistance 
and propeller thrust respectively. (XH, YH, NH) is the hull 
hydrodynamic force: 
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       (4) 

Where Yv, Nr etc.are linear derivatives of sway force and 
yaw moment. Xvv, Yvvr, Nvvr etc. are nonlinear derivatives 
of surge, sway force and yaw moment. The wave surge 
force Xw and resistance are calculated as: 
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                                                    (5) 

Where r1, r2, r3 are the fitting coefficients of the re-
sistance curve. F1

res(t) and F1
FK(t) are nonlinear surge 

quasi-static pressure force and Froude-Kriloff force. 
Since the encounter frequency is small, the surge dif-
fraction and radiation forces are ignored in the calcula-
tion. The rudder forces are calculated as in Yu et al. 
(2015). 

The sea-keeping motion is simulated by a 5-DOF 
model based on the Impulse Response Function  (IRF) 
approach (Cummins, 1962): 
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  (6) 

Where mij and aij( ) stand for the ship mass and the 
infinite-frequency added mass. The nonlinear restoring 
forces, Froude-Kriloff and diffraction forces are denoted 
as Fi

res(t), Fi
FK(t) and Fi

dif(t). zH is the vertical position of 
acting point of YH. According to the IRF approach, the 
radiation and diffraction forces are calculated in fre-
quency domain by the STF method(Salvesen et al., 1970) 
and transferred into time domain using the retardation 
function Rij(τ).  
The viscos roll damping Bv consists of several compo-
nents: the friction damping BF, the eddy damping BE, 
the lift damping BL and the bilge keel damping BBK, 
which are all calculated by the Ikeda’s method(Ikeda et 
al., 1977). Moreover, the bilge keel damping BBK is 
divided into two components, the normal force compo-
nent (BBKN) and the hull pressure component (BBKH) , 
which are calculated as:

3 28 (22.5 4)
3

BK
BKN cb BK BK A

cb A

bB r l b f
r f

             (7) 

{1 0.3 }1 1(0 )6f exp                                             (8) 



Where lBK and bBK are the length and width of the bilge 
keel. rcb is distance from the axis of rolling to bilge keel. 
ω and ϕA are wave frequency and roll amplitude. σ is 
area ratio of transversal section. 

2 2 24
3BKH cb AB r d f I                                         (9) 
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Where d is the ship draft. Cpl is the pressure coefficient 
on hull surface.  
The restoring and Froude-Kriloff forces are calculated 
nonlinearly through pressure integration on instantane-
ous wetted Non-Uniform Rational B-Splines (NURBS) 
surfaces in Fig.2(Yu et al., 2014). 

 
Fig. 2 Hull NURBS Surfaces of the Fishing Vessel 

 
Fig. 3 Unified Model 

 
Fig. 4 Modification on Cross Sectional Area Curve 

In the unified model, the manoeuvring and seakeeping 
models described above are solved in different time 
scales and combined together as shown in Fig.3 and 
Eq.(11): 

, , , , , , , , , , , ,0,0,0,
T S M

T T T T T T S S S S S S M M Mu v w p q r u v w p q r u v r
(11) 

Where the subscript S, M and T indicate the seakeeping, 
manoeuvring and total velocity. The motion velocity in 
earth-fixed coordinate is given by: 
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0 Q
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Where the subscript T indicates the total motion, and 
superscript 0 means the initial value for the time t=0. 
Based on the total motion, new IRFs and hydrodynamic 
forces are calculated and used in the calculation of sea-
keeping and manoeuvring motions in the next time step. 

Adjustment of the Ship’s LCB 

The cross sectional area curve of the parent ITTC A2 
hull form (solid line) is modified to change the ship’s 
LCB, as shown in Fig.4. In Fig.4, Point B is the desired 
center of buoyancy while Point B0 is the original one. 
To achieve the desired centre of buoyancy, the original 
frame area at each station is moved by the value dxi 
which is calculated as follows:

0

0

BB
i i

B

x
dx y

y
                                                                (13) 

Where i is the station number. (xi,yi) is the point on 
cross sectional area curve at the ith station. xBB0 is the 
longitudinal distance between B and B0. yB0 is the coor-
dinate value of B0. The modified frame area (the dashed 
line) with the desired LCB is obtained. This method can 
change ship’s LCB keeping the ship displacement, draft, 
block coefficient CB and prismatic coefficient CP almost 
unchanged. 
After the modification of the cross sectional area curve, 
the new offset points at each station of the modified hull 
form are decided accordingly, and the desired changes 
of the offset points Oi are obtained. The actual changes 
of offset points oj should be decided by the desired 
change of offset points Oj based on Eq.(14). In Eq.(14), 
the desired change of one offset point Oj is decided by 
the sum of actual changes of all the offset points 
through Radial Basis Function (RBF).  
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Where N is the number of offset points. Rij= Oi-Oj  is 
the distance between two offset points. φ(R) is the 
Gauss Function: exp(-εr2), one of the Radial Basis 
Functions (RBF) and ε is the parameter. Then the 
change of the NURBS control points are calculated 
using the RBFs: 

1

( )
N

i ij j
j

C r o                                                       (15) 

Where Ci is the change of control points. rij= Ci-Oj  is 
the distance between the control point and offset point. 



Finally the modified hull form with the desired LCB is 
reconstructed by the new control points of NURBS 
surfaces obtained by Eq.(15). 

Ship Model and Calculation Cases 

ITTC A2 Fishing Vessel 

Main particulars of the ITTC A2 fishing vessel and its 
bilge keel used for calculations are shown in Tab.1. 

Table 1: Main particulars of ITTC A2 and its bilge keel 

  Ship 
Length between per-pendiculars, Lpp(m) 34.5 
Breadth, B(m) 7.60 
Depth, D(m) 3.07 
Fore draught, df(m) 2.5 
Aft draught, da(m) 2.8 
Mean draught, d(m) 2.65 
Block coefficient, CB 0.597 
Prismatic coefficient, CP 0.769 
Radius of gyration, roll, kxx/Lpp 0.108 
Radius of gyration, pitch yaw, kyy/Lpp, 
kzz/Lpp 

0.302 

Longitudinal position of Buoyancy, 
LCB(m) 1.31m aft 

Longitudinal position of Floatation, 
LCF(m) 3.94m aft 

Metacentric height, GM(m) 1.00 
Natural roll period, TR (s) 7.4 
 Bilge keel 
Area, (m2) 5.10 2 
Position of fore end 6.22m fore 
Position of aft end 8.60m aft 
Breadth, bBK (m) 0.35 

All other data needed for the numerical simulation in-
cluding the hull geometry, hydrodynamic derivatives, 
rudder and propeller characteristics can be found in Ref. 
(NAOE Osaka University, 2015). 

Calculation Cases 

In order to investigate the effect of the bilge keel on 
surf-riding and broaching, the numerical simulations of 

the fishing vessel with and without bilge keel are con-
ducted with various Froude numbers and wave direc-
tions. In the calculation cases, nominal Froude numbers 
are chosen from 0.3 to 0.45 while wave directions 
change from 0 to 30 deg with wave length to ship length 
λ/Lpp=1.637 and wave steepness 0.06. Here 0 deg is 
defined as the following sea. Under these cases, the 
boundaries of ship motions in following and quartering 
waves are obtained.  
The calculation cases of different LCBs are shown in 
Tab.2. For the influence of LCB on surf-riding in 0 deg 
following waves, 8 hull forms with different LCBs 
(from B1 to B8) are generated based on the parent hull 
B0. The optimum range of the ship’s LCB is normally 
determined by the distribution of weight, trim require-
ments and more importantly, the ship resistance. In 
order to investigate solely on the effect of LCB on surf-
riding, the modification of LCB keeps the displacement, 
draft, CB and CP unchanged. The variation of LCB is 
kept within 3%Lpp as presented in Tab.2. For re-
sistance calculation, the frictional resistance is calculat-
ed using the ITTC-1957 friction formula. The form 
factor k and Rrudder is predicted based on the Holtrop 
method (Holtrop, 1984). The wave resistance Rw are 
calculated by the panel method using the commercial 
software Shipflow. The cross sectional area curves of all 
the hull forms are shown in Fig.5. According to Tab.2 
and Fig.5, the fore and aft part prismatic coefficient Cpf 
and Cpa change with the changing of LCB. When COB 
moving towards stern, the aft part prismatic coefficient 
Cpa becomes large, which means more displacement is 
distributed in the aft part. This may cause some effect 
on wave surge forces.  

 
Fig. 5 Cross sectional area curves of the modified hulls 

Table 2: Calculation Cases for Numerical Simulation 

No. Wave 
Angle(deg) 

Nominal  
Fn. λ/Lpp 

Wave 
steepness 

Desired  
LCB(m/) 

Actual 
LCB(m) 

Actual 
Disp.(m3) Cpf Cpa 

B0 

0 0.30 to 
0.45  1.637 0.06 

0/0%Lpp 0 440.9 0.688 0.854 
B1 -1.00/-2.9%Lpp -1.085 446 0.597 0.931 
B2 -0.75/-2.2%Lpp -0.830 445.6 0.618 0.914 
B3 -0.50/-1.4%Lpp -0.565 444.3 0.639 0.894 
B4 -0.20/-0.7%Lpp -0.188 440.7 0.667 0.864 
B5 +0.20/+0.7%Lpp 0.184 439.5 0.700 0.828 
B6 +0.50/+1.4%Lpp 0.607 429.3 0.725 0.799 
B7 +0.75/+2.2%Lpp 0.777 437.1 0.747 0.777 
B8 +1.00/+2.9%Lpp 1.051 436.5 0.772 0.756 
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Result Discussions 

Effect of Bilge Keel 

The numerical simulations of the fishing vessel with and 
without the bilge keel in quartering waves are conducted 
under the calculation cases described in the last section. 
In the numerical model, the components of roll damping 
including the friction damping BF, the eddy damping BE, 
the lift damping BL and the bilge keel damping BBK are 
calculated using the Ikeda’s method as shown in Fig.6. 
The difference between the fishing vessel with and 
without the bilge keel is whether the bilge keel damping 
is considered or not. From Fig.6, it is found that the 
bilge keel creates about 30%-60% of the total roll 
damping (BF+BE+BL+BBK) for the ITTC A2 fishing 
vessel. Thus the bilge keel may have very important 
effects on surf-riding and broaching. 

 
Fig. 6 Components of non-dimensional Roll damping 

(wave direction: 30deg, λ/Lpp=1.637, roll amplitude: 20deg) 

Based on the simulation results, the ship motion re-
sponses are categorized and numbered into: Periodic 
Motion (1) and Non-periodic motions including Surf-
riding (2), Surf-riding and nearly broaching (3), Capsize 
due to Broaching after Surf-riding (4) and Capsize on 
the wave crest (5). The boundaries of ship motions with 
and without the bilge keel are obtained as plotted in 
Fig.7. In the figure, the 5 types of ship motions are plot-
ted in different colors corresponding to their numbers. 
Through the comparison between the results with the 
bilge keel (up) and without the bilge keel (down) in 
Fig.7, it is found that the threshold Froude number Fnth 
of surf-riding in 0 deg following waves are the same for 
both with and without the bilge keel, which is around 
Fnth=0.39. This threshold is also similar to the value 
predicted by the analytical method using the same ves-
sel in Maki et al. (2010), which is Fnth =0.38 . Therefore 
the bilge keel, i.e. roll damping, has no effect on the 
threshold of surf-riding in following waves. However in 
quartering waves, the differences caused by the bilge 
keel roll damping become large, especially for the area 
of capsize due to broaching and capsize on the wave 
crest. Due to lack of enough roll damping to reduce the 
roll moment generated when the wave direction is larger 
than 10 deg, surf-riding, broaching and capsizing can 
easily occur even in relatively low Froude number. 
 
 

 

 

 

 
Fig. 7 Boundaries of ship motions, with Bilge keel (up) and 
without Bilge keel (down) 

 
Fig. 8 Equilibria obtained by wave force, propeller thrust 
and ship resistance 

Effect of LCB 

The numerical simulations in 0 deg following waves 
based on the cases in Tab.2 are conducted to investigate 
the influence of LCB on surf-riding. Firstly in order to 
identify different types of hip motions in 0 deg follow-
ing waves, the surf-riding equilibrium is discussed. 



Surf-riding Equilibrium 

When the ship sails in 0 deg following waves, the wave 
surge force Xw, propeller thrust XP and ship resistance 
XR are three main components dominating the ship surge 
motion. The equilibriums exist when the ship is on the 
downslope of the wave where the wave surge force 
pushes the ship forward and compensates the difference 
between XP and XR as shown in Fig.8. Under certain 
conditions, the ship will stay in the equilibrium and sail 
at the wave celerity, which is the surf-riding. 
The ship nominal speed is a critical factor for surf-
riding in the following sea. When the nominal speed is 
small, the amplitude of wave surging force Xw is smaller 
than the difference between propeller thrust XP (equal to 
the ship resistance XR(Vn) at the nominal speed Vn) and 
the ship resistance XR(Cw) when the ship velocity is 
equal to wave celerity Cw. Thus only periodic surge 
motion happens. When the nominal speed increases and 
the amplitude of Xw is just around the difference be-
tween XP and XR(Cw). Surf-riding may occur for certain 
conditions. For other conditions, periodic surge motion 
happens as the difference between XP and XR(Cw) can 
still disperse the wave energy. This nominal speed, 
under which periodic surge motion and surf-riding co-
exists, is referred as “the first threshold”. When the 
nominal speed increases to the extent that the difference 
between XP and XR(Cw) becomes too small to disperse 
the wave surging energy. The surf-riding is inevitable. 
The lowest nominal speed leading to inevitable surf-
riding is called “the second threshold”. 
Thus there are three types of ship motions between the 
two thresholds in 0 deg following waves: the periodic 
surge motion, coexistence of periodic motion and surf-
riding, and surf-riding.  

 
Fig. 9 Periodic motion (Fn=0.35, LCB=0) 

 
Fig. 10 surf-riding (Fn=0.39, LCB=0, ship initiated from 

A.P. at wave crest) 

 
Fig. 11 Periodic motion (Fn=0.39, LCB=0, ship initiated 

from A.P. at wave though) 

 
Fig. 12 Surf-riding (Fn=0.45, LCB=0) 

Calculation Results 

In the simulation results, all the three types of ship 
motions are recognized in the results. In order to 
identify the coexistence of periodic motion and surf-
riding, two initial conditions with different initial 
longitudinal positions in wave are chosen for each case: 
the ship’s A.P. on the wave crest at t=0 and the ship’s 
A.P. on the wave though at t=0. Their time histories are 
shown in Fig.9-11. 

In Fig.9 with Fn=0.35, the ship is doing periodic motion 
in following wave. In Fig.10 and 11 with Fn=0.39, the 
ship motions in follow wave are different under the two 
initial conditions. In Fig.10 with ship initiated from A.P. 
at wave crest, the ship speed reaches the wave celerity 
after about t=64s. The pitch angle and the ship relative 
position in wave keep almost constant, and surf-riding 
occurs. However in Fig.11 with ship initiated from A.P 
at wave though, the ship speed is below the wave celeri-
ty and the ship is doing periodic motion. Therefore, the 



ship motion in following wave is categorized as the 
coexistence of periodic motion and surf-riding for 
Fn=0.39. In Fig.12 with Fn=0.45, surf-riding occurs as 
the difference between XR(Vn) and XR(Cw) becoming too 
small to disperse the wave surging energy. 

 
Fig. 13 Surf-riding (Fn=0.40, LCB=-1.0m) 

 
Fig. 14 Surf-riding (Fn=0.40, LCB=1.0m) 

 
Fig. 15 Ship motion results of different cases 

The effect of LCB on surf-riding in following wave is 
analyzed. The time histories of motion responses for the 
hull forms B1 ( LCB=-1m) and B8 ( LCB=1m) with 
Fn=0.4 are presented in Fig.13 and 14. In Fig.13, surf-
riding occurs for the hull form B1 with COB moved 
towards stern by 3%Lpp. However, the results of the hull 

form B8 in Fn=0.40 are periodic motions as shown in 
Fig.14. In Fig.14, the ship speed is around the nominal 
speed and surf-riding don’t occur. Therefore, the differ-
ence on the simulation results between the hull form B1 
and B8 under the same calculation condition indicates 
that the effect of LCB on surf-riding in following wave 
can be quite significant. 
The simulation results of all the cases are summarized 
in Fig.15. The three types of ship motions: periodic 
motion (1), coexistence of periodic motion and surf-
riding (2), and surf-riding (3), are shown in different 
colors corresponding to their numbers. According to 
Fig.15, surf-riding generally occurs in a lower nominal 
speed for the hull forms with COB moved towards stern 
comparing to the hull forms with COB moved towards 
stem. This indicates that the thresholds for surf-riding 
are influenced by the ship’s LCB. Therefore by moving 
COB towards stem, the thresholds for surf-riding can 
become higher than ship’s maximum speed which 
makes it possible to avoid surf-riding from occurring.  
To further quantify the effect of LCBs on surf-riding, 
the boundary between periodic motion and surf-riding 
are fitted as the solid line in Fig.15. The 95% confi-
dence interval of the boundary curve is also plotted as 
the dash lines. In order to get a conservative result, the 
lower limit of the confidence interval is taken as the 
threshold Froude number Fnth:  

20.0125 0.0173 0.3812
( 3% 3% )

th

pp pp

Fn LCB LCB
L LCB L

             (16) 

The Eq.(16) is the ship-specific equation for the rela-
tionship between the threshold Froude number Fnth and 

LCB. It can be used in the design stage of the fishing 
vessel with similar designs. To prevent the occurrence 
of Surf-riding in 0 deg following waves, the maximum 
Froude number Fn should be less than threshold Froude 
number Fnth: 

thFn Fn                                                                    (17) 

Moreover if the maximum Froude number Fn is larger 
than Fnth, LCB can be adjusted based on the Eq.(16) to 
get a higher Fnth and prevent the occurrence of Surf-
riding. The change of LCB should be within 3%Lpp in 
order to keep the resistance changing in a minimum 
range. 

Conclusions 

The influence of the bilge keel roll damping and the 
longitudinal position of center of buoyancy (LCB) on 
surf-riding and broaching are investigated numerically 
based on the 6-DOF unified model. The following con-
clusions are drawn: 
(1) The bilge keel roll damping has no effect on the 

threshold of surf-riding in 0 deg following waves.  
(2) In quartering waves, the bilge keel has large influ-

ence on the range of capsize due to broaching and 
capsize on the wave crest. For the vessel without 
the bilge keel, broaching and capsizing can easily 
occur even in relatively low Froude number due to 
lack of enough roll damping to compensate the roll 



moment. 
(3) For the hull forms with COB moving towards stern, 

the thresholds for surf-riding are generally lower 
and surf-riding is easier to occur comparing to the 
hull forms with COB moving towards stem. 

(4) The ship-specific equation for the relationship be-
tween the threshold Froude number Fnth and LCB 
is proposed for the design of similar fishing vessels. 

As the future works, the experimental validations are 
also required for the conclusions drawn above. More 
work can be done to investigate on the influence of the 
size of bilge keel on surf-riding and broaching. Optimal 
design on resistance and safety of surf-riding and 
broaching is needed in terms of frame line details. 
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Abstract  

For both ships and offshore structures, load effects caused by a 
combination of wind, current and waves need to be accounted 
for during the design process. It will easily become a very com-
prehensive task to consider all possible combinations of such 
load effects, and efficient methods to handle this issue is gener-
ally in demand. The present paper deals with application of ex-
tended contour-line methods for this purpose. General methods 
for identification of load combinations in relation to continuous 
stochastic processes are first highlighted. The particular case 
of multiple FBC-processes with given amplitude distribution is 
subsequently addressed. (The FBC-process is named with ref-
erence to the work by Ferry-Borges&Castanheta (1971)). The 
case where all process components have identical basic time 
intervals is first considered. The relationship between the FBC-
process and the so-called environmental contour methods 
(based on Inverse FORM techniques) which are presently being 
applied for various design purposes is elaborated. FBC-pro-
cesses with widely different basic time intervals are next inves-
tigated.The present paper illustrates how a FORM search can 
be applied along the limit state surface in order to identify the 
relevant “load combination point” for such cases. This requires 
that a particular linear or non-linear combination of the load 
effects is specified. Such a combination will typically be based 
on a particular mechanical limit state. The motivation for the 
present work is to highlight and extend the methodology related 
to load combination rules to be applied for engineering design 
of marine structures which are subjected to stochastic environ-
mental processes with multiple components. Examples are 
given which represent cases with both two and three simultane-
ous loading components. For both examples, uniform as well as 
non-uniform time intervals for the process components are con-
sidered. 
 

Keywords 

Environmental loads; structural response; non-linear 
combination; algorithms. 

Introduction 

In the present paper, general methods for identification 
of load combinations in relation to continuous stochastic 
processes are first highlighted. The particular case of 
multiple FBC-processes with known probability ampli-
tude distribution is subsequently addressed. (The FBC-

process is named with reference to the work by Ferry-
Borges&Castanheta [1]). The case where all process 
components have identical basic time intervals is first 
considered. The relationship between the FBC-process 
and the so-called environmental contour methods which 
are presently applied for various design purposes is elab-
orated. 
FBC-processes with widely different basic time intervals 
are next investigated. A methodology is outlined which 
enables to establish the environmental design contour 
also for this case.  
Relationships between environmental parameters and 
structural load effects are frequently avail-able once the 
particular characteristics of a specific structure to be in-
stalled are defined. This is most straightforward for the 
static type of response, while dynamic response (e.g. due 
to stochastic loading) generally requires significantly 
more effort. In some cases, simplified dynamic response 
analyses (e.g. based on regular wave excitation models) 
can further be performed in order to identify gross fea-
tures of the dynamic response.  
The present paper illustrates how a FORM search can be 
applied along the limit state surface  in order to identify 
the relevant “load combination point” for such cases. 
This requires that a particular type of linear or non-linear 
combination of the load effects is also specified. This 
combination will typically be based on a particular me-
chanical limit state function which is  relevant for the 
whole structure or one of its components.   
The motivation for the present work is to highlight and 
further extend the methodology behind load combination 
rules which are to be applied for engineering design of 
structures which are subjected to stochastic environmen-
tal processes with multiple components. Examples of ap-
plication to the combination of wind, wave and current 
loading are considered. Such load combinations are rele-
vant e.g. for long-span marine bridges which are planned 
for crossing of the widest Norwegian fjords as part of the 
so-called “Ferry-free E39 Project”. One of the existing 
bridges with floating pontoons, i.e. the Nordhordaland 
Bridge, is shown in Figure 1. An example of a future 
bridge concept, i.e. the submerged floating tunnel is 
shown in Figure 2. For the latter, first- and second-order 



wave loads as well as current loading (including the pos-
sibility of Vortex-Induced-Vibrations) are the most rele-
vant ones. 
                         

 
Fig. 1: The Norhordaland Bridge with floating pon-

toons (located at the West Coast of Norway). 

 

 
                               
Fig. 2: Example of submerged tunnel concept  (Source: 

Norwegian Public Road Authorities). 
 

Load Combinations for Continuous Processes  

A distinction should be made between combination of 
loads versus combination of load effects. Clearly, the 
combination of external loads with given magnitudes will 
in general imply different “influence factors” for the as-
sociated load effects. In codified design, combination of 
different types of loading are typically specified in terms 
of return periods for the different environmental pro-
cesses. As an example, for offshore structures the domi-
nant load component is specified to have a return period 

of 100 years, while the secondary component is fre-
quently specified to have a return period of 10 years 
(when the process components are assumed to be uncor-
related).  
A further distinction should be made between situations 
where the relationship between the load-effects and envi-
ronmental parameters are known and cases where these 
relationships have not yet been obtained. Even if the load 
effects are known, a further differentiation can be made 
between whether the capacity surface (mechanical limit 
state function) which corresponds to failure of a given 
structural component is available or not.   
If a limit state function is specified, a load-effect combi-
nation needs to be analyzed which frequently involves 
dynamic effects. In the present paper, focus is on contin-
uous–time processes. For cases where the process com-
ponents are also continuous-valued and in addition the 
limit state function is known, the combined load effect is 
frequently analyzed by means of the so-called up-cross-
ing rate (or more generally the out-crossing rate for mul-
tidimensional formulations). For linear combinations, 
upper bound expressions can be derived which involve 
the up-crossing rate for each of the component processes, 
see e.g. Madsen et. al.(1986) and Melchers (1999)    
Simplified methods for definition of relevant “point val-
ues” which are assumed to cover the most critical load 
combinations have also been introduced. One of these is 
the celebrated Turkstra rule which selects the expected 
extreme value of one component, which is then combined 
with the expected instantaneous values of the others, see 
Turkstra (1970). A sequence of such combinations 
(which is equal to the number of components) is then re-
quired in the design chec. 
A second type of simplified method is the so-called 
“Square-root-of-sum-of-squares” rule (SRSS-rule). The 
expected extreme values for all the components are then 
squared and added together, and the square-root of the 
resulting sum is subsequently computed. 
The simplified load combination methods do not explic-
itly take into account the particular distribution functions 
which apply for the involved components (except for 
computation of the associated expected values). 
For process components which are discrete instead of 
continuous-valued the up-crossing rate can still be ap-
plied. However, for this case the analysis can be made 
somewhat simpler by utilization of the step-wise behav-
ior of the sample functions. This is achieved by means of 
the FBC-process representation which was mentioned 
above. The particular type of distribution functions and 
the characteristic time interval for each process compo-
nent can then also be taken into account in a proper way.   
In general the time interval  will be different for the dif-
ferent process components. In some cases the lengths of 
the time scales are widely different as for example in con-
nection with the joint representation of wind and snow 
intensity parameters. 
 
 
 



Contour Methods for Process Components with Iden-
tical Basic Time Intervals   

General 

For cases where the limit state function is not specified, 
a range of environmental conditions that are relevant for 
analysis can still be identified. This is based on consider-
ation of the multi-dimensional joint probability density 
and distribution functions which define the long-term sta-
tistical properties of the process components.  Iso-proba-
bility surfaces can then be computed which correspond to 
a specified exceedance probability (or equivalently a 
specified return period) for the components.   
In the following, a brief review of the much applied con-
tour methods for identification of such relevant design 
events is first given. The connection with the FBC pro-
cess is also highlighted. Subsequently, load effect com-
binations for cases with  known limit state functions are 
considered. Identification of the associated “load combi-
nation point” for such cases is addressed.  
Having obtained the design contour and the associated 
critical point, calculation of so-called “long-term” load 
effects can be avoided. Such calculations would require 
that the load effect is evaluated for each combination of 
the environmental parameters. An integration (or more 
typically a weighted summation) across the entire varia-
tion range for each parameter is then required. This can 
be quite laborious, especially for a large number of envi-
ronmental parameters. 

Design Contours 

Environmental processes such as wind and wave charac-
teristics (e.g. mean wind velocity and significant wave 
height) are generally of a non-stationary character. A 
simplified representation is typically applied where these 
processes are modeled according to the step-wise repre-
sentation as mentioned above. The “step-levels” of the 
basic components are generally non-Gaussian distrib-
uted. However, they can still be represented as being 
transformations of processes which have Gaussian dis-
tributed step levels. Such transformed processes are fre-
quently referred to as “translation processes”. 
The transformation between these basic processes and 
the auxiliary normalized Gaussian processes is then pro-
vided by the Rosenblatt transformation, see e.g. Madsen 
et. al. (1986), Melchers (1999). For two process compo-
nents this transformation is expressed as:  
 

   (1) 
where the second line involves the conditional distribu-
tion function of x2 given x1.  
For the case of uncorrelated basic components only the 
diagonal terms will be non-zero, and the elements of the 
Jacobian matrix simplify into the following expressions: 
 
 ui/ xi = Jij(xi) = fi(xi) / (ui(xi))       (2)            
         

In the case of correlated basic components more complex 
expression apply although they can in principle be eval-
uated in a straightforward way. 
Other possible types of transformations also exist, some-
what depending on the type of statistical information 
which is available. As an example, the Nataf transfor-
mation can be applied if only the marginal distributions 
and the pairwise correlation coefficients are known, see 
Nataf (1962), Der Kiureghian and Liu (1986).   
Having performed the transformation into normalized 
components, the corresponding cumulative distribution 
for the distance from the origin to a specific point will be 
independent of the direction in the transformed space. 
This is due to the isotropic properties of the transformed 
processes. Hence, only the length of the radius vector will 
be of significance. This implies that the iso-probability 
levels correspond to concentric circles. The probability 
of exceeding any straight line with a given distance to the 
origins (R) is hence given by the following expression 
 
 pf (R)= 1-Φ(R) = Φ(-R)      (3)
       
This probability of exceedance can also be interpreted in 
terms of a specific return period in the following manner: 
Designating the number of events (i.e. number of repeti-
tions of the basic time interval) which corresponds to the 
given return period by N, the probability of exceeding the 
corresponding radius value is expressed as: 
   
 pf (R)= Φ(-R) = 1 – (1/N)    (4)
       
Examples of 2D and 3D contours corresponding to given 
return periods are given in later sections of the present 
paper. 

Load effects and identification of “Load Combination 
Point”  

For each point along the design contour (in the basic pa-
rameter space) the corresponding load effect can be com-
puted once a sufficient number of structural properties 
are given. Static load effects can (at least in principle) be 
expressed directly as functions of the environmental pa-
rameters. For stochastic dynamic load effects such rela-
tionships can usually only be established for the parame-
ters of the probability distributions of the response pro-
cesses. However, by specifying a given fractile of the re-
sponse distribution, functional relationships which are 
similar to the static case can be obtained.  
Introducing a limit state function for a specific structural 
member, a linear or non-linear combination of the load 
effects will result. The associated limit state surface can 
also be transformed into the space of the normalized 
Gaussian processes. The most critical combination of the 
associated load parameters will then correspond to the 
point on the limit state surface which has the minimum 
distance to the origin. This point can e.g. be identified 
based on FORM/SORM algorithms, see e.g. Madsen et. 
al. (1986), Melchers (1999). 
Having obtained the point on the limit state surface which 
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is closest to the origin, a scaling can be performed in the 
direction of the origin. This scaling is performed such 
that the resulting new point is located on the environmen-
tal contour surface (i.e. the contour which corresponds to 
the given return period). This scaled point then represents 
the relevant “load combination point”.  
Comparison of this load combination point can then be 
made with the points which correspond to other proce-
dures such as the Turkstra and SRSS rules which do not 
utilize the distribution functions explicitly. 
It is further noted that performing a FORM/SORM search 
on the contour itself instead of the limit state function 
would result in one of the Turkstra points. 
 
Environmental Contours and Load Combinations for 
Processes with Non-uniform Basic Time Intervals   

General 

Two main options for analysis of the case with non-uni-
form time intervals for the basic components are consid-
ered in the following:  
Option (i) Redefinition of the cumulative distribution 
functions for all the components except the one with the 
longest time interval. Introducing the notation ni = ( T

/ iT ) for the ratio between the longest time interval and 
the interval length for component number i, the modified 
distribution function then reads: 
 

   
i

iTi

n
iXX xFxF )(

,       (5)
       

where iX xF
i  is the cumulative distribution function for 

the short time interval, while
xF

TiX ,  is the correspond-
ing cumulative distribution corresponding to the longest 
time interval (which now becomes the common interval 
for all the components). The transformation into the nor-
malized components can be performed in the same way 
as before. 
Option (ii) Direct transformation into normalized compo-
nents and subsequently accounting for the differences in 
reference time intervals. This simplified procedure is 
based on re-scaling of the components with the shortest 
time intervals. 

Direct Transformation 

Also for the case on non-uniform time intervals, the same 
type of transformation as for FBC processes with identi-
cal basic time intervals can clearly be applied for each 
component. The “radius value” of normalized component 
number i which corresponds to the given return period is 
denoted by Ri. This quantity is obtained by solving Equa-
tion (4) when inserting the number of load interval repe-
titions which correspond to that particular component.  
To simplify the description, the two-dimensional case is 
considered as an example. Denoting the direction angle 
in the normalized plane by θ, the two components are 

now expressed by decomposing the respective compo-
nent values to the U1 and U2 axis. This gives on compo-
nent form: 
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This can also be expressed in terms of the equation for a 
corresponding ellipse as  
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Examples of such an extreme contour ellipse (ECE) in 
the “normalized” plane with N1=100 and N2=10000 is 
shown in Figure 3(a). The corresponding result for 
N1=100 and N2=1000 is shown in Figure 3(b). As ob-
served, there is a marked downwards shift of the maxi-
mum point along the vertical axis for case (b) as com-
pared to case (a). The points which correspond to the 
Turkstra and SRSS rules are also shown in the figure. 

 

 
(a) N1=100, N2=10000 

                 

 
 (b) N1=100, N2=1000 

 

Fig. 3: Comparison of contours in the “normalized” 
plane. 
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Search for load combination point 

For option (1) the search for the “load combination 
point” is performed in the same manner as for the case 
with identical time intervals. For option (2), a re-scaling 
of the component axes corresponding to all but the long-
est basic time interval is performed in the normalized 
space. The scaling is expressed by: 
 

                              (8)

       
where R is the “radius value” which corresponds to the 
given return period for the component with the longest 
time interval.  
Having performed such a scaling, the search for the de-
sign point proceeds in the same way as for the first op-
tion. 
 
Example of a two-dimensional load combination   
General Description 
 “Environmental parameter processes” which correspond 
to mean wind and significant wave height are first con-
sidered. Both the mean wind velocity and the significant 
wave height are assumed to be characterized by their re-
spective Weibull distributions. Both processes are first 
assumed to have the same basic time interval which is 
taken to be 3 hours. For a return period of 100 years, the 
values of R1 and R2 will then both have values of 4.5. 
The effect of applying different basic time intervals for 
the two components is subsequently investigated. 
The two processes are presently assumed to be uncorre-
lated. Furthermore, normalized processes are applied for 
the two environmental parameters, which means that 
both of them have scale factors which are equal to unity. 
This implies that in order to obtain the physical magni-
tudes of the environmental parameters, they need to be 
multiplied by the respective Weibull scale parameters for 
each specific case. 
The shape parameter of the distribution for the mean 
wind velocity is set to , while for the signifi-

cant wave height a value of   is applied. This 
means that the cumulative distribution function for the 
process “step levels” in both cases is given by 
 
       (9)
       
where  is the particular shape parameter that applies 
for each component, i.e.   or  , 
respectively. As mentioned, the variable x represents the 
physical quantity divided by the corresponding Weibull 
scale parameter. 
For each of the independent load components which are 
Weibull distributed, the transformation into standard 
Gaussian variables is then expressed as follows: 

 
              (10)

      

where   is the inverse of the standard Gaussian 
distribution function. 

Subsequently, the combined static load effect due to 
these two environmental processes is considered and a 
limiting capacity value for this combined load effect is 
introduced. The relevant “load combination point” iden-
tified in the response plane by means of the FORM algo-
rithm is described in the next section.  

 
 
 
Contour and design point for identical basic time inter-
vals  
 
The two-dimensional contour which corresponds to the 
(dimensionless) wind-wave environmental processes 
with a return period of 100 years (i.e. N = 292 000) is 
shown in both Figure 2 and Figure 3 below. In Figure 3, 
the contour corresponding to non-uniform time scales is 
also included for the purpose of comparison. 
Application of the present contour in connection with 
identification of the load combination “point” based on a 
particular limit state function is next considered. The 
static response of the structure due to the mean wind, rs,u 
is assumed to be given by an expression of the following 
type: 

rs,u= Cu · U2                                (11) 

where Cu is a coefficient which depends on the geometry 
of the part of the structure which is subjected to the wind, 
in addition to the stiffness and material properties of the 
structure itself. U is the normalized wind velocity with a 
probability distribution function of the type given in 
Equation (10) with a shape factor of 2.2. In the present 
example the coefficient Cu has a value of (1/(3.6*3.6)). 

Similarly, the static response of the structure due to 
the (second order) action of the waves is represented by 
the following expression: 
 

                  (12) 
 

where the proportionality factor for this load effect is 
equal to Cw=(1/(5.5*5.5)). The design limit now corre-
sponds to the normalized stress being equal to 1.0 which 
gives 

                     (13)

                                
or  

                           (14)
       
where g(U,W) designates the limit state function. The 
corresponding limit state corresponds to this function be-
ing equal to zero. This constitutes an ellipse in the (non-
dimensional) wind-wave-parameter plane.  
    The associated 100-year contour and the limit state 
surface are shown in Figure 4. The point with the mini-
mum distance to the origin in the normalized plane is 
identified by the FORM algorithm which was referred to 
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above. The point obtained by scaling this point to the de-
sign contour represents the “load combination point”.  
   In the standard Gaussian plane, the point on the failure 
surface has coordinates (4.5, 1.5) which corresponds to 
(4.9, 1.6) in the non-dimensional wave-wind plane. The 
corresponding point on the contour has the following co-
ordinates: (4.6,1.5). The physical values will depend on 
the Weibull scale parameters. As an example, consider a 
case for which the scale parameter for the wave height is 
5 m and 10 m/s for the wind velocity which gives com-
bination point coordinates of (23 m,15 m/s). 

  

 
 
Fig. 4: Contour and limit state surface for the case with 

uniform time intervals  for both wind and wave 
components (N = 292 000). 

 
In the standard Gaussian plane, the load “combination 
point” has coordinates (4.3,1.4). By dividing these coor-
dinates with the 100-year return value (i.e. 
R1=R2=R=4.5) for both components, we obtain the fol-
lowing ratios (4.3/4.5,1.5/4.5) = (0.95, 0.3). The corre-
sponding return periods for these down-scaled environ-
mental parameters can then also be determined. 
 
Contour and design point for non-uniform time inter-
vals 
 
The time interval for the wind process is next taken to 
correspond to 10 minutes, which is 1/18 of the time in-
terval for the wave process (which is 3 hours).   
For the wind process, the transition between different 
time intervals can be performed by application of proper 
conversion factors for the mean wind velocities (corre-
sponding to different averaging times). Particular expres-
sions for such a conversion are summarized e.g. in Ghi-
ocel and Lungu (1975). As an example, the conversion 
factor from the 10-minute average value to the 1-hour 
average value is (1/1.20) = 0.83 for city areas, while it is  
(1/1.05) = 0.95 for the seacoast. The corresponding val-
ues for conversion from 10-minutes to 3 hours are re-
spectively (1/1.35) = 0.74 and (1/1.07) = 0.93 for city ar-
eas and the seacoast. The latter value (i.e. (1/1.07) for the 
seacoast) is applied in the present study.   
For the wind velocity there will hence be a two-fold ef-
fect related to application of shorter basic time intervals: 

(i) The probability distribution for the average wind ve-
locity is shifted to higher values and (ii) The number of 
basic time intervals (i.e. number of repetitions) is signif-
icantly increased which also serves to shift the probabil-
ity distribution upwards.  
Clearly, the assumption of independence between the 18 
repeated 10-minute average sequences is in general 
highly questionable. The presence of correlation would 
imply that instead of 18 independent repetitions a re-
duced “equivalent” number could be applied.   
The contours which correspond to a 3hr versus 10 minute 
time interval for the wind process are compared in Figure 
5. There is a very strong difference between the contour 
shapes for the two cases. 
The design point in the non-dimensional wave wind 
plane now has coordinates (2.2, 3.3). The corresponding 
point in the transformed Gaussian plane has coordinates 
(1.9,3.7). Scaling this to the environmental contour, the 
load combination point in the wave-wind plane has coor-
dinates (2.2,3.2) and (1.9,3.5) in the Gaussian plane. By 
dividing these values with the corresponding 100-year 
return values we obtain (1.9/4.5, 3.5/5.08) = (0.4, 0.7) for 
the present case. This implies that the relative influence 
of the wind load has increased significantly as compared 
to the uniform case. 
 

 
Fig. 5: Comparison of contours for the case with  uniform 

time intervals (Lower curve, N1 = N2= 292 000)  
versus non-uniform time intervals for the wave-
wind processes. (Upper curve, N1 = 292 000, N2 = 
5 256 000). 

. 

Example of a three-dimensional load combination   
General  
An example with three different environmental compo-
nents is next considered. The two first components are 
the same as in the previous example, while the third com-
ponent corresponds to the water current velocity.  
Until now it has been common practice to use averaging 
periods of 10 minutes and longer (e.g. 30 minutes) when 
recording the current flow directly. However, much 
shorter intervals have also been considered as relevant, 
Yttervik (2004).  
It seems that studies on conversion factors between ve-
locities for different averaging times are not available and 

G-function 

ECE 



will probably be very site dependent. In the present anal-
ysis a basic time interval length of 10 minutes is applied. 
The cumulative probability distribution of the (dimen-
sionless) mean current velocity is also assumed to be 
given by a Weibull distribution. The current velocity is 
normalized such that the scale factor is equal to unity. 
The corresponding shape factor is . 
The static load effect due to the current is given by an 
expression which is similar to those for the static wind 
and wave loads: 

                              (15) 

The values of the three constants for the three-dimen-
sional case are now set equal to Cu = 1/(10.*10.), Cw = 
1/(5.5*5.5) and Cc = (1/(6*6)). The total static load effect 
is expressed as the sum of all the three contributions, and 
the resulting limit state function then becomes: 

 

             (16) 
 
which represents the surface of an ellipsoid in the three-
dimensional wave-wind-current space (when the limit 
state function is equal to zero).  

Contour and design point for identical basic time in-
tervals 

The contour surface which corresponds to non-dimen-
sional wave, wind and current values is shown in Figure 
6 for the case with N1=N2=N3=N= 292 000 (which cor-
responds to a return period of 100 years). 

                                           
 

Fig. 6: Contour and failure surface in the non-dimen-
sional “wave-wind-current” space for the case 
with identical time intervals (N1=N2=N3=N=292 
000, corresponding to a return period of 100 
years).  

 
    The point on the failure surface which is identified to 
be closest to the origin based on application of the FORM 
algorithm is found to have coordinates (4.0, 1.0, 4.5) in 
the normalized wave-wind-current space. The physical 
values can subsequently be obtained by multiplying with 
the respective scale parameters. It is seen that the wave 

and the current are the dominant load parameters for the 
present combination. 
 
Contour and design point for non-uniform time inter-
vals 
 
As the next step, a different FBC-model is applied where 
the basic time interval for both the average wind and cur-
rent velocity are 10 minutes, while that for the significant 
wave height is 3 hours. The contour surface for this case 
is shown in Figure 7. It is observed that it is widely dif-
ferent from the contour surface in Figure 6.  
                          

 
 

Fig. 7: Contour and failure surface in the non-dimen-
sional wind-wave-current space with non-uniform 
basic time intervals. (N1= 292 000,  N2= 5 256 000, 
N3=5 256 000) 

 
 
The coordinates of the “load combination point” in the 
normalized wave-wind-current space are now computed 
as (2.5, 3.4, 5.7). This implies that the current is the dom-
inating load parameter also for this case, while the wind 
now is the second most parameter as opposed to the wave 
for the previous case. 
 
Concluding remarks 
 
The role of contours in relation to calculation of design 
load effects and the associated proper load combinations 
was highlighted. Application examples were given, both 
for the case with identical basic time intervals and for the 
case with non-uniform intervals. A non-linear 
combination of load effects was applied to illustrate the 
implications of the analysis procedure.  
For the mean wind velocity (and also for the mean current 
velocity) the issue of averaging period seems to have a 
strong influence on the resulting contour shape. 
Accordingly, relevant conversion formulas between 
different averaging periods for the environmental 
processes that are involved should be readily available 
for user of design codes in order to achieve a transparent 
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formulation. The assumption of independence between 
values for reduced averaging periods also needs further 
clarification. 
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Abstract 

In the design and the construction of ships and offshore struc-
tures, there are a lot of uncertainties in the shape of the struc-
tures (welding deformation, effect of misalignment, corrosion 
wastage). In the conventional uncertainty analysis, Monte 
Carlo methods (MCM) combined with finite element methods 
(FEM) is usually used when uncertainty in shape is consid-
ered. However, MCM needs heavy and a large number of 
calculations, so that application of MCM to practical prob-
lems is sometimes very difficult to get reasonable results. In 
this study, a new method of structural analysis is proposed for 
the solution of problems of response uncertainty for the case 
that involves uncertainty in shape. The method makes use of 
an Hermite polynomial chaos expansion (PCE) to represent 
the uncertainty of shapes and the response surface. The pro-
posed method involves a mathematical formulation which is a 
natural extension of the deterministic finite element concept to 
the space of random variables.  

Keywords 

Structural analysis; Stochastic Finite Element Method 
(SFEM); Uncertainty in shape; Polynomial chaos ex-
pansion.  

Introduction 

In the design and construction of ships and offshore 
structures, there are a lot of uncertainties in the shape of 
structures due to welding deformation and effect of 
misalignment in manufacturing process or corrosion 
wastage after years of exposure in the operation. Such 
uncertainties of shapes may cause serious problems as 
reduction of strength or increase of stress which may 
reduce fatigue strength of the structure, so it can’t be 
ignored in practice. For this reason, estimation of the 
structural response, such as displacement, stress or 
strength when uncertainty exists in the shape of the 
structure is very important for safety assessment of ship 
and offshore structures. 
Nakagiri et.al. (1982), reported works on uncertainty in 
shape, material uncertainty and boundary uncertainty, in 
which the mean value and the variance of stress are 
obtained by perturbation method. Within last two dec-
ades, an attractive alternative to the prevalent probabil-
istic techniques was the development of Stochastic 

Response Surface Methods (SRSM) by Ghanem and 
Spanos (1991), where the response is represented by 
special polynomials (Polynomial Chaos Expansions 
(PCE)) of the input random variables. In their formula-
tion, input uncertainty is not assumed in the shape of the 
structure, but assumed in the stiffness. Honda (2004) 
proposed stochastic boundary element method by using 
the PCE and a Karhunen-Loeve expansion method in 
which uncertainty of shape of boundary is assumed. 
In this study, the Stochastic Finite Element Method 
(SFEM) based on response surface methodology is 
formulated for the 2D problem with uncertainty in shape. 
The uncertainty of response of a displacement, strain 
and stress can be estimated by this method that solves 
the main stiffness equation only once. Compared with 
the conventional MCM, this method can avoid a large 
number analysis. Some example problems are investi-
gated by the method, i.e., a plate with a circular hole at 
the center with uncertainty in the size of this hole, and a 
cruciform weld joint with uncertainty in the magnitude 
of misalignment. The validity of the proposed method 
of structural analysis is discussed by comparing the 
results of the method with the MCM solution of the 
deterministic problems. 

Response Surface Methodology 

Concepts of Stochastic Analysis 

Stochastic analysis of any system model can be defined 
as the probabilistic/stochastic characterization of the 
response (e.g. stress/displacement, etc.) based on the 
inherent randomness of the input parameters (e.g. mate-
rial-constant/shape/load/corrosion, etc.). Fig.1 depicts 
the general idea of stochastic analysis with uncertainty 
in shape. The inherent randomness (uncertainty in 
shape) is treated as an input parameter. The input pa-
rameter is defined by probability density function of the 
random variable, ( )x . The 'Analysis method (SFEM)' is 
formulated by an approximate expression of response 
surface. As result of SFEM analysis the response, u, is 
obtained as a function of the input random variable. The 
stochastic analysis is important to decide the criteria of 
design parameters, where a probabilistic nature of the 
parameter should be accounted for. 
 



 
Fig. 1:  Conceptual diagram of uncertainty in shape 

The representation of the inherent randomness 

In this study, the problem with inherent uncertainty in 
the input parameters, especially in the shape of the 
structure is considered. As shown in Fig.1, the uncer-
tainty in shape is assumed to be defined as normal ran-
dom variables. The parameter ( )x is represented by 
using a standard normal probabilistic variable  as 
follows: 

0 1( )x x x                                                             (1) 

where 0x is mean value of parameter, and 1x is standard 
deviation of parameter.  

Polynomial Chaos Expansion (PCE) 

In this study, as shown in Fig 1, the stochastic response
( )u is approximated as a special polynomial function 
(Hermite PCE) of the input random variable,  , by 
using orthogonal basis functions, j . 
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where ju are the unknown coefficients that needs to be 
determined to define the response surface. The basis 
functions, j , is represented by Hermite polynomial. 
And p is the order of expansion terms. This means that 
the probabilistic response is represented by using finite 
terms of basis functions. An example of 1-D orthogonal 
basis functions by Hermite polynomials is shown in 
Table 1. 
The orthogonal properties of the Hermite polynomials 
with respect to a weight function ( )w  as shown below 
are also important to formulate the stochastic finite 
element method.  
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where D is the domain of standard normal random vari-
able ( ) , mn represents the Kronecker-Delta property. 
When Hermite polynomials are used as basis functions, 
the weight function ( )w  is the probability density func-
tion of the standard normal distribution as follows: 
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Table 1: Hermite polynomial chaoses(basis functions) 

 

These basis functions also satisfy the following equa-
tion: 

( ) 0 1,2,m m
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The mean and standard deviation of the stochastic re-
sponse (Eq. (2)) can be simply calculated as follows: 

0E u u u                                                                    (6) 
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Once the response ( )u  is determined, we can approxi-
mate the mean and standard deviation of the response 
by using Eq. 6 and Eq. 7. Moreover, we can approxi-
mate the probability density function of the response by 
using large number of realizations of standard normal 
random variables and plugging them into Eq. 2. 

The formularization of stochastic finite element 
method for uncertainty in shape 

Introduction of input random variable (basic assump-
tion for uncertainty in shape) 

In this section, the method to represent uncertainty of 
structural shape is considered. We first introduce a ran-
dom input variable to nodal coordinate of mesh, where 
shape of the analysis object is changed by changing the 
input variable. 
We assume that shape change (node coordinate change) 
can be expressed by liner function of the random varia-
ble, . Consequently, nodal coordinate can be stated as 
follows: 

i i i
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                                                                 (8) 

where ,i ix y  is i-th nodal coordinate before shape change, 
and ,i ix y is i-th nodal coordinate after shape change. 
Moreover ,i i are coefficients of the degree of shape 
change at each node. l  is the deviation length at repre-
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sentative node. In the study, we assume that uncertainty 
in shape is defined as normal distribution, so that the 
movement of all the nodes can be expressed by linear 
function of the deviation length, l , as shown in Eq. (9): 

0 1l l l                                                                     (9) 

where 0l is mean of l . 1l is standard deviation of l . 
Fig.2 shows a specific example of a 1/4 model plate 
with a circular hole at the center, which is divided into 4 
elements (9 nodes). It is assumed that size of a central 
hole has uncertainty, so that the change of the radius of 
the hole is considered. 

 
Fig. 2: Model of linear deformation 

It is also assumed that the change of each nodal coordi-
nate, as shown by a dotted line in the Fig.2, is represent-
ed by the deviation length ( )l  of the nodal point 
1(representative node). And, for example, the nodal 
point 2 is moved with length l/2, while the nodal point 3 
is moved with length 0. Fig.2 shows the coefficient
( , )i i of all nodes when size of a central hole is 
changed with length l. It is noted that the change of the 
coordinate is assumed not only at the nodes on the hole 
(nodes 1, 4, 7 in Fig.2), but also at the other nodes 
(nodes 2, 5, 8) in the mesh, in order to avoid the distor-
tion of the elements by moving the nodes.  
In the following section, we derive SFEM formulation 
involving random variable ( )  by using the above as-
sumption of uncertainty in shape (mesh change). 

Stochastic Finite Element Formulation 

The element stiffness matrix 

Generally, the element stiffness matrix of deterministic 
finite element method is construed by the integration of 
element coordinates ( , )  as shown in Eq. (10). 

1 1

1 1

, , ( , )e T d dk B DB J             (10) 

where B is a strain matrix, D is a matrix of material 
property and J  is a Jacobian matrix. B  and J are 
related to nodal coordinates. In order to construct the 
element stiffness matrix considering the uncertainty in 
shape, the following integration in terms of element 

coordinates ( , )  should be evaluated. 
1 1

1 1

( ) , ; , ; , ;e T d dk B DB J  (11) 

where ( , ; )B  is a strain matrix involving random 
variable ( ) , ( , ; )J  is a Jacobian matrix also involv-
ing random variable ( ) . In this study, | |J  and B  
involving uncertainty in shape ( ) is treated as follows. 

(i) Representation of ( , ; )J  

Generally, in the 4-noded plane element, mapping from 
element coordinate ( , ) to global coordinate ( , )x y is 
expressed as follows by using shape functions ( )iN . 
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The Jacobian matrix ( , ; )J  with the uncertainty 
parameter ( )  is derived by substituting Eq. (8) into Eq. 
(12). 
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The determinant of the Jacobian matrix is derived by Eq. 
(13) and Eq. (9), and can be written in the form of the 
polynomial of random variable ( )  as follows. 
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(ii)  Representation of B   

Generally in the finite element formulation, the compo-
nent, AN x and AN y , in the B matrix is depicted 
as follows. 
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Using Eq. (13), we can arrange Eq. (16) as follows. 
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where the coefficients, 0 1 0 1,iX iX iY iYH H H H , is ex-
pressed by differentials of  shape functions in terms of 
( , )  as follows. 
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Therefore, ( , ; )B  can be written as shown below.  
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(iii) Approximation of 
1
, ;J  

It can be seen that the item, 1 , ;J , is remained in 
the integral of the element stiffness matrix after substi-
tuting Eq. (19) into Eq. (11). Generally, in the formula-
tion of SFEM, the orthogonality (Eq. (3)) is used when 
the stiffness matrix or the force vector is evaluated. 
However when denominator of  1 , ;J  involves 
random variable ( ) , the orthogonality is not available. 
In this study, to overcome this problem, it is assumed 
that 1 , ;J  can be approximated by Hermite PCE 
as follows. 
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where, uA  are unknown coefficients of approximated 
polynomial, u  are the basis functions, represented 
by Hermite polynomial, and p is the order of expansion 
terms.  

The unknown coefficients, uA , can be decided as fol-
lows. 
Firstly, Eq. (20) is rewritten as follows by using Eq. 
(14) and Table.1. 
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where 0 1 2( , ) ( , )J J J , 1 1( , )J J , 2 2 ( , )J J , 
and we assume that p=6. Multiplying ( ) ( )t w  to both 
sides of Eq. (21), and integrating the equation, we have: 
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This equation can be depicted as follows: 
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This means that the following simultaneous equations 
about the coefficients, iA , are obtained. 
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where e
iuJ is e

i i u tJ . It is noted that 

i u t can be evaluated by the following 
equation. 

( )i u t i u t
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Then the unknown coefficients of approximation poly-
nomial, uA , is derived by the above simultaneous equa-
tions. 

Now, we can substitute Eq. (14), Eq. (19) and Eq. (20) 
into Eq. (11) as follows. 
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As shown above, the element stiffness matrix is derived 
by the polynomial of order eight based on the basis 
functions, ( )i . 

Force vector 

The force vector is changed when the shape of the anal-
ysis domain is changed and the force is applied to the 
moved boundary. Here formulation of the force vector 
is derived where the distributed load, is applied to the 
changing (moving) element edge (see edge 1-2 in 
Fig.3(a)).  
When constant surface force vector ( )h in one element 
edge is considered, the force vector in node A is repre-
sented as follows: 
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(a)                                       (b) 
Fig.3:   The distributed load along the side of element 

where 0 0
1 2N N  are the shape functions for the surface 

force applied to the edge(1-2)(see Fig.3(b)), and ej  is 
the line Jacobian. As show below, Eq. (27) can be re-
written as Hermite polynomials form as is the case of 
the stiffness matrix. 
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The stiffness equation of SFEM 

Formulation of SFEM is performed by using the ele-
ment stiffness matrix, the force vector and the approxi-
mate response surface of the displacement. 
The element stiffness equation involving random varia-
ble ( ) is written as follows: 

e e ek u f                                                                (29) 

where the element stiffness matrix, ek  (Eq. (26)), and 
the force vector, ef  (Eq. (28)), are represented by basis 
functions, ( )i . The unknown displacement response 

eu of Eq. (29) is also approximated by using Hermite 
polynomial. 
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Substituting Eq. (26), Eq. (28) and Eq. (30) into Eq. 
(29) the stiffness equation becomes as follows: 
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where the element stiffness matrix ek is approximated 
by 8th order polynomial as shown in Eq. (31). Thus, in 
this study, the order (q) of PCE approximation of Eq. 
(30) is assumed as eight. 
Multiplying both sides of Eq. (31) by ( ) ( )t w , inte-
grating the equation, we have: 
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Thus the element stiffness equation can be derived as 
follows: 
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where, 8
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Compared with the usual deterministic element stiffness 
equation, it involves not only the unknown displacement 
of deterministic part 0( )eu  but also involves the un-
known displacement of stochastic part (the stochastic 
part of order 1 1( )eu , the stochastic part of order 2 2( )eu , 

). The unknown displacement of the all node ( 0u ,
1,u ) is derived by solving the global equation system 

which can be obtained by assembly of element stiffness 
matrices. The uncertainty of stress can be assessed by 
Eq. (34) with Eq. (19), Eq. (20) and Eq. (30) after the 
displacement is obtained. 
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It is noted that the uncertainty of response of displace-
ment can be estimated by the proposed method that 
solves the main stiffness equation only once. 

Numerical Example 
In this study, we developed SFEM program by using C 
language which can deal with a two-dimensional prob-
lem considering uncertainty in shape. The validity and 
feasibility of the proposed method of structural analysis 
is discussed by two cases, (1) a plate with a circular hole 
at the center with uncertainty in the size of a circular 
hole, (2) a cruciform weld joint with uncertainty in the 
magnitude of misalignment.  

A plate with a circular hole with uncertainty 

A plate with a circular hole (Fig. 4(a)) is considered and 
mesh is shown in Fig. 4(b). It is assumed that the radius 
of a circular hole follows Gaussian distribution with 
mean μ =3mm, the standard deviation σ=0.1~1mm. It is 
also assumed that the distributed load p =78.4 2N/mm , 
and symmetry boundary condition is applied to the 
boundaries, 1 and 2 . The coefficient ( , )i i  of each 
node is defined based on the method shown in the pre-
vious section when the radius of the hole changes with 
length l. The validity of the proposed method (SFEM) is 
discussed by comparing the result of the method with 
the MCM solution of the deterministic problems (FEM) 
for a same mesh size. 

(i) The mean μ=3mm and the standard deviation 
σ=0.5mm of the radius of a circular hole  

In order to discuss the validity of the proposed SFEM, 
the method is applied to the problem with the mean μ 
=3mm and the standard deviation σ=0.5mm. Fig.5 
shows the stochastic response surface of the stress (Eq. 

h



(34)) at a particular node (point A in Fig.4(a)) in y-
direction. In this figure the stress value when the radius 
of the hole ( )Rl  is 3mm is shown at 0( 0)l . A good 
agreement is observed between the results from the 
stochastic response surface and the reference values 
obtained by used FEM. The approximate expression of 
the response surface is 15th order PCE. However, the 
6th order approximate expression of the response sur-
face is shown in Fig.5, because the influence is small 
after 7th order. 

 

 

 

Fig. 4:  The geometrical deformation of the hole 

 

Fig. 5: The response surface of stress 
(Standard deviation is 0.5mm) 

Fig.6 shows the probability density distributions of the 
stress concentration factor obtained through the SFEM 
and FEM. This has been obtained by using 10000 reali-
zation of the standard random variable θ in the obtained 
response surface ( ( ))k  of the stress concentration fac-
tor by the proposed SFEM. It is observed that the prob-
ability distribution obtained by the SFEM has good 
agreement with the result of MCM with the convention-
al FEM. Also, as shown in the table in Fig.6, we find 
that the statistics are reasonably well estimated by the 
proposed SFEM when compared with those obtained 

from FEM. Note that the mean and the standard devia-
tion of “SFEM-PCE” in the Table of Fig.6 are calculat-
ed by Eq. (6) and Eq. (7), which also takes almost same 
value.  

 

Fig.6: Stochastic responses to shape uncertainty 

(ii) The mean μ=3mm and the standard deviation  
σ=0.1mm ~1mm of the radius of a circular hole 

 

Fig.7: Error of the stress concentration factor 

 

Fig.8: Response surface of 1 , ;J  
(Standard deviation is 1mm) 

In this section, we assess the accuracy of stress concen-
tration factor through different values of the standard 
deviation (σ=0.1mm ~1mm) with the mean μ =3mm. 

Nodes:103 
Elements 81 p

2 1
0 1 2

1 2
3 4

3 4
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( ) 2.24 10 ( ) 8.11 ( ) 9.62 10 ( )
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3 4
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1.92 10 ( ) 1.85 10 ( )

k
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l 
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35.16%

3.87%

0.503% 0.594%



Fig.7 shows the errors of the mean and the standard 
deviation of the stress concentration factor obtained 
from SFEM and FEM when the standard deviation of 
the size of the hole is changed. The error of mean of 
stress concentration factor does not change a lot, but the 
error of standard deviation becomes larger as the stand-
ard deviation of the size of the hole becomes larger. The 
error becomes 35.16% when the standard deviation of 
size of hole is 1mm. In Fig.8, we show the response 
surface of 1 , ;J  when the standard deviation is 
1mm in order to investigate the cause of the error. As 
shown in the figure, 1 , ;J becomes less than 0 
when the deviation length is less than -3( 3l ). This is 
because the mean minus 3 times of the standard devia-
tion (3σ) in this case means that the radius of the hole 
becomes negative value. This negative radius is not 
appropriate for problem definition. It is concluded that 
proper problem definition is necessary when we use the 
proposed SFEM. It is noted that a good agreement is 
observed between the results from the response surface 
of 1 , ;J and 1 , ;J  within -5  to 5
range when the standard deviation is 0.1 to 0.8. 

A cruciform weld joint with uncertainty in the magni-
tude of misalignment 

In this section, we assess a cruciform weld joint with 
uncertainty in the magnitude of misalignment by the 
developed SFEM. The cruciform weld joint shown in 
Fig. 9(a) is considered with the mesh shown in Fig. 9(b).  
In the rule of IACS(1999) for tolerance of misalignment, 
the magnitude of the misalignment is restricted within 
t/3 where t is the thickness of the plate. In this problem, 
we define the mean of misalignment as 0mm and the 
standard deviation as 1.333mm, so that 3 times of the 
standard deviation (3σ) becomes equal to t/3 where the 
plate thickness t=12mm. It is also assumed that the 
distributed load p =78.4 2N/mm , symmetry boundary 
condition is applied to the boundary 1  as shown in 
Fig.9(a). The validity of the proposed method is dis-
cussed by comparing the result of the method with the 
MCM solution using the deterministic FEM for the 
same mesh size. 

       

 
Fig. 9:  The cruciform weld joint. 

(i) Setting of the uncertainty of misalignment 

First, we will describe about the deviation length of 

mesh (the deviation length ( )l  and coefficient the de-
gree of shape change for each node ( , )i i ) with change 
in the magnitude of misalignment. As shown in Fig.9 
and 10, we assume that “area: A” moves with the dis-
tance l to the x-direction, and each node in “area: C” 
moves in parallel to the x-direction with the movement 
of “area: A”, and each node in “area: B” and “area: D” 
moves to the x-direction in a linear relationship with the 
movement of “area: A”. For example, when the devia-
tion length of the node 1 (representative node) is set as l, 
the deviation length of the node 2 is 2l/3, the node 3 is 
l/3, the node 4 is l/5, the node 5 is l, and so on. By this 
concept, the coefficient of each node ( , )i i is obtained. 

 

(a)                                     (b) 
Fig.10:   Model of linear deformation. 

(ii)  Analysis result by SFEM  

Fig.11 shows the response surface of the stress in y-
direction at a particular node (point A in Fig.9(a)) ob-
tained by SFEM. A good agreement is observed be-
tween the results from the stochastic response surface 
and the reference values by usual deterministic FEM. 

 

Fig.11: The response surface of stress 

Fig.12 show the probability density distributions of the 
stress concentration factor obtained from the SFEM and 
the FEM of 3000 samples. A similar distribution is 
obtained and the mean and standard deviation of the 
FEM, SFEM and SFEM_PCE is also almost same as 
indicated in the table in Fig.12. 

Nodes:366 
Elements 326 

(b) (a) 

p

1

12t mm 16mm

10mm

24mm

l

l

x

y

2 1 1 3
0 1 2 3
3 5 6

4 5 6

( ) 1.08 10 ( ) 5.86 10 ( ) 4.01 10 ( ) 3.61 10 ( )

2.90 10 ( ) 6.62 10 ( ) 7.30 10 ( )

( )

( (mm))l

A



 

Fig.12: Stochastic responses to shape uncertainty 

Form the results in this section, it can be concluded that 
the proposed methodology is valid and effective for 
probabilistic estimation of the misalignment of cruci-
form weld joint. 

Conclusions 

1. In this study, the stochastic finite element method 
(SFEM) based on response surface methodology con-
sidering uncertainty in shape is formulated by an Her-
mite PCE. 
2. The validity and feasibility of the proposed method is 
demonstrated by two cases in which the uncertainty in 
shape exists in the size of circular hole, and in the misa-
lignment of weld joint. The probabilistic characteristics 
(the response surface of stress, and the probability dis-
tribution of the response) can be accurately estimated by 
the proposed method that solves the main stiffness equa-
tion only once. 
3. In the example of the uncertainty in the size of circu-
lar hole, when the standard deviation of the size of cir-
cular hole is large, it becomes unsuitable problem be-
cause the size of circular hole can become negative with 
relatively high probability. It is concluded that proper 
problem definition is important when we use the pro-
posed SFEM.  
4. In the proposed SFEM, only the normal distribution 
can be used to represent the inherent randomness of the 
shape as shown in Eq.(1). As a future work, it is desira-
ble to develop an SFEM which can define inherent 
uncertainty of non-normal distribution, such as the log-
normal distribution, by which negative size of the shape 

can be avoided in the problem definition.
5. In the proposed SFEM, the degree of freedom is in-
creased 9 times compared to the deterministic finite 
element method. So it is considered that the computa-
tional cost becomes higher by increase of random varia-
bles or increase of order of approximate expression. 
However, by using the proposed method, it is possible 
to obtain approximate response surface which is theoret-
ically reasonable from the viewpoint of Galerkin ap-
proximation concept, which is different from the Monte 
Carlo method with conventional FEM. 
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Abstract 

The objective of this work is to analyse the structural 
reliability of a container ship subjected to asymmetrical 
bending. The ultimate load carrying capacity is estimated 
based on the Finite Element Method. The strength assessment 
accounts for the effect of the midship section neutral axis 
translation and rotation of a non-damaged container ship due 
to asymmetrical bending load. The ultimate longitudinal 
strength, still water and wave-induced bending moments are 
considered as random variables and the uncertainties resulted 
from the use of different methods in the strength and load 
assessment are also accounted for. A sensitivity analysis is 
performed, identifying the most important parameters for 
structural reliability of a non-damaged container ship 
subjected to asymmetrical bending. The reliability of the 
container ship during the service life is estimated to account 
for the time spend in full, partial and harbour loading 
conditions and considering the asymmetrical bending load as 
a consequence of different angles of heel in hogging and 
sagging. 
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Introduction 

The asymmetrical bending moment is a common 
structural load when ships operate under severe sea 
conditions and when non-uniform ship deterioration and 
damage may occurs.  
The consequences of the asymmetrical bending to the 
ship hull is that the neutral axis of the midship section 
translates and rotates, which needs to be taken into 
consideration in the strength assessment. In the case of 
the pure symmetrical bending moment, the hull stays 
strongly vertical with a central line identifying the 
transverse symmetry of the ship hull.  
Several studies of ultimate limit state assessment 
estimated as a result of asymmetrical bending were 
reported by different authors as Yoshikawa et al. (2008), 
Hussein and Guedes Soares (2009) wherein all studies 
are considered only one convergence criterion, force 
equilibrium condition, to search for the new position of 

the neutral axis plane as the curvature increases in a 
progressive manner, the position of the neutral axis is 
defined only by a translation without rotation from its 
initial position.  
Joonmo et al. (2012) introduced two convergence 
criteria to find translational and rotational locations of 
the neutral axis plane for intact and damaged vessels. 
Definition of different types of asymmetries of a ship 
section was proposed, including material, load, and 
geometry-induced asymmetries. 
Tekgoz et al. (2015a) studied the intact ship shaped 
structures under asymmetrical bending moment and 
proposed a new equilibrium criteria to account for the 
neutral axis rotation influence on the ultimate strength 
of the ship hull and in addition to this, they proposed a 
new bending moment interaction model to relate the 
vertical and horizontal bending moments as a function 
of the heeling angle. They investigated the residual 
strength of ship hulls under asymmetrical bending 
moment due to hull damage showing a great influence 
on the strength reduction. The maximum bending 
moment shifted as a function of the heeling angle and 
the damage gives rise to the neutral axis rotations, 
which were derived based on the results from the finite 
element method. Similar studies have been performed 
by Tekgoz et al. (2015b) to a single hull damaged tanker 
ship subjected to asymmetrical bending loading.  
Reliability based methods have gained acceptance as 
being proper tools to support design decisions and for 
assessing the level of safety in structures. In general, the 
modes of failure of the structural components are due to 
yielding and plastic flow, to elasto-plastic buckling and 
to crack growth or fracture by fatigue effect (Mansour, 
1972).  
When considering the primary hull structure, a reference 
is usually made to the midship section. Interesting 
developments can also be identified in the application of 
system reliability to ship structures.  
The development of the first order methods that used 
approaches of the first order (linear) to limit state 
functions, which represented the conditions of structural 
collapse and described the random variables were 
reported by Cornell (1969), Mansour (1974), Faulkner 
and Sadden (1979). 



These methods evolved to efficiently solve the problems 
of many variables by computational means, to take into 
consideration information about the type of probability 
distribution of each variable and even to solve series, 
and parallel, systems of various components (Guedes 
Soares et al., 2010). Moreover, it is even possible to use 
second order approximations to limit state functions, 
although the experience has shown that in most 
situations the linear approach is sufficient 
(Vrouwenvelder et al., 2008). 
The time-variant formulation of ship reliability results 
from modelling the problem with stochastic processes 
that represent the random nature of the load and strength 
parameters. In general, failure is seen as the up crossing 
of the threshold level that separates safe from unsafe 
state (Zayed et al., 2011). The initial formulations of the 
time variant approach to ship structural reliability were 
developed in connection with the fatigue problem, in 
particular to be able to deal with the time-dependent 
degradation of reliability was developed in (Guedes 
Soares and Garbatov, 1996a) and with the 
improvements made by maintenance actions in (Guedes 
Soares and Garbatov, 1996b, Garbatov and Guedes 
Soares, 2011). 
The study presented here is a continuation of the one 
reported by Tekgoz et al. (2015c) and covers a complete 
reliability assessment of the ultimate strength analysis a 
container ship subjected to asymmetrical bending. The 
ultimate load carrying capacity is estimated based on 
FEM. The strength assessment accounts for the effect of 
the midship section neutral axis translation and rotation 
of a non-damaged container ship due to asymmetrical 
bending. The ultimate longitudinal strength, still water 
and wave-induced bending moments are considered as 
random variables and the uncertainties resulted from the 
use of different methods in the strength and load 
assessment are also accounted for. A sensitivity analysis 
is performed, identifying the most important parameters 
for structural reliability of a non-damaged container 
ship subjected to asymmetrical bending.  

Asymmetrical bending moment analysis 

The mid-ship section of the container ship of a length of 
200 m, breadth of 32 m, depth of 21.5 m and block 
coefficient 0.83, which is studied here is presented in 
Figure 1. The asymmetrical bending moment occurs 
when the external bending moment acts on the two 
cross-sectional principle planes namely the vertical and 
horizontal planes.  
Depending of the asymmetry of loading, the neutral axis 
not only translates, z but also rotate,  due to the 
curvature difference in between the principle planes (see 
Figure 2). A more detail analysis can be found in the 
studies performed by Tekgoz et al. (2015a, 2015b, 
2015c). 
The position of the container ship as a function of 
heeling angels in the present study is shown in Figure 3. 
The ship ultimate strength calculations have been 
performed by commercial software ANSYS (2009). An 
asymmetrical bending moment occurs when the external 

loading acts on the two-cross sectional principle planes 
and in this case, not only the cross-sectional force 
equilibrium, but also, the bending moment equilibrium 
must be taken into account in the strength assessment. 

 
Figure 1. Container ship 

 
Figure 2. Neutral axis translation and rotation, Tekgoz et 

al. (2015c) 

There are several important parameters that affect the 
strength assessments and need a clear definition before 
the finite element analysis is performed as for an 
example: a finite element size, boundary conditions, 
initial imperfection etc. The choice of these parameters 
and their effect to the ultimate strength have been well 
covered by Tekgoz et al. (2015a) for the container ship. 
The boundary conditions have been applied in a way 
that the structure experiences a pure bending moment in 
the mid-span of the structure where it is supposed to fail 
(see Figure 4).  
The load has been applied in the way shown in Figure 4. 
In order to keep the cross-section plane, stiff beam 
elements have been implemented simulating umbrella 
boundary conditions. The boundary conditions are 
generated by the use of master nodes located at the 
crossing point between the central line and the initial 

i

i+1

z
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elastic neutral axis in the fore and aft net sections of the 
studied segment. The master nodes are connected by 
stiff beams to the element nodes of the two edges of the 
segment, preventing any local distortions and keeping 
the two net-section planes during the step loading. One 
of the master nodes has been constrained against a 
translation in all directions and it is free to rotate about 
the y and z axes. The second one is free to translate in 
the x-direction and free to rotate about the y and z axes. 

 
Figure 3. Containership as a function of heeling angle, 0-

90º 

 
Figure 4. Boundary conditions, Tekgoz et al. (2015c) 

The element size and type are other important aspects of 
the finite element analysis of structures that has been 
studied by Garbatov et al. (2011), Tekgoz et al. (2012). 
For the containership studied herein, 4 elements for the 
webs, two elements for the flanges and 11 elements for 
the plates between longitudinal stiffeners have been 
adopted and a 4-node Shell 181 element is used which is 
based on the Reissner-Mindlin plate theory accounts for 
the transverse shearing stresses over the thickness is 
used for the entire ship. 

Ultimate strength analysis 

The bending moment-curvature relationship, along with 
the corresponding neutral axis translations in sagging 
conditions at 0 degrees of heeling is given in Figure 5. 
When the ultimate bending moment is reached, the 

neutral axis shifts from its origin to about 1.47m. 
Figure 6 presents the bending moment and the curvature 
relationship, along with the corresponding neutral axis 
translations in hogging conditions at 0 degrees of 
heeling. When the ultimate bending moment is reached, 
the neutral axis return back close to the origin and shifts 
to about 0.0011 m from its origin. 

 
Figure 5. Bending moment vs. curvature and NA 

translation, z, sagging 

 
Figure 6. Bending moment vs. curvature and NA 

translation, z, hogging  

The analysis of ultimate strength of the studied 
container ship has been undertaken considering the 
neutral axis movement and Figure 7 shows the ultimate 
bending moment as a function of the heeling angle with 
and without the neutral axis rotations, . The ultimate 
bending moment as a function of the heeling angle with 
and without neutral axis translation, z is presented in 
Figure 8. It turns out that the neutral axis translation 
becomes negligible in the hogging conditions due to the 
fact that it returns back to its original position. 
The effect of the neutral axis movement on the ultimate 
strength of the intact container ship shows that the 
neutral axis rotation,  may lead to as much as 10 % 



strength difference as a function of heeling angle. In the 
hogging condition, the neutral axis translations, z 
become negligible whereas it may lead to as far as 17 % 
strength difference in the sagging condition. 

 
Figure 7. Ultimate bending moment, NA-rotation,  

θ  [0-90º] 

 
Figure 8. Ultimate bending moment, NA-translation, z,  

θ  [0-90º] 

6. Reliability assessment 

The reliability analysis presented here is using the 
FORM/SORM techniques to identify a set of basic 
random variables, which influence the failure mode or 
the limit-state under consideration. The limit-state 
function is formulated in terms of the n basic variables 
given as: 

1 2, ,..., ng X g X X X  (1) 

This function defines a failure surface when equals to 0. 
It defines an (n-1) dimensional surface in the space of n 
basic variables. This surface divides the basic variable 
space in a safe region, where g (x) >0 and an unsafe 
region where g (x) <0. The failure probability of a 
structural component with respect to a single failure 

mode can formally be written as:

0

0 ( )f X
g x

P P g x f x dx  (2) 

where fX (.) Is the joint probability density function of 
the n basic variables and Pf denotes the probability of 
failure. The n-dimensional integral is defined over the 
failure region. 
In practical applications, the reliability cannot be 
evaluated in the exact manner as given by Eqn 2. This is 
because enough statistical data is usually not available 
to develop the n-dimensional joint density function of 
the basic variables. Secondly, even when the joint 
density function is available, analytical or numerical 
integration is possible only for a few simple cases. The 
FORM/SORM methods provide a way of evaluating the 
reliability efficiently with reasonably good accuracy, 
which is adequate for practical applications as proposed 
by Hasofer and Lind (1974), Rackwitz and Filessler 
(1978), Ditlevsen (1979). 
Using a FORM technique and the ultimate strength 
analysis, the limit state equation is defined as: 

Xu u sw sw w w nl vwg X M X M X X M  (3) 

where Mu is the ultimate capacity with a model 
uncertainty factor Xu, which is assumed to be described 
by the Normal probability density function, N (1.05, 
0.1). Mvw is the vertical wave-induced bending moment. 

w  is a combination factor between the still water and 
wave induced bending moments, normally ranging from 
0.8 to 0.95 depending on the assumptions (Guedes 
Soares, 1992, Wang and Moan, 1996) and it is assumed 
here to be deterministic one of 0.9. The model 
uncertainty factor Xw accounts for the uncertainties in 
the linear response calculation, N (1, 0.1) and Xnl for the 
non-linear effects, N (1, 0.1). Msw is the still water 
bending moment with a model uncertainty factor Xsw, N 
(1, 0.1). The load is defined by: 

Xload sw sw w w nl vwM M X X M  (4) 

The still water bending moment is fitted to a Normal 
distribution. The statistical descriptors of the still water 
bending moment are defined by the regression equations 
as a function of the length of the ship, L and dead-
weight ratio, W= (DWT/Full load) (Guedes Soares and 
Moan, 1988, Guedes Soares, 1990) as: 

, ,CS

100
sw max sw

sw
Mean M M

Mean M   (5) 

, ,CS

100
sw max

sw
swStDev M M

St MDev  (6) 

where MSW,CS is the still water bending moment as given 
by the Classification Societies Rules (DnV, 2011) and 
Mean (Msw,max) and StDev (Msw,max) are defined as a 
function of L and W as given by Guedes Soares and 
Moan (1988). 



The minus sign of Mean (Msw, max) indicates that the 
maximum bending moment is in sagging and the plus 
indicates that it is hogging condition. 
The statistical descriptors of the still water bending 
moment in the full, partial and harbour loads are NFL 
(1052MN.m, 218MN.m), NPL (1606MN.m, 290MN.m) 
and NHL (1737MN.m, 299MN.m). The still water 
bending moment is in a hogging condition for the full, 
partial and harbour loads. 
The stochastic model of the vertical wave-induced 
bending moment, proposed by Guedes Soares et al. 
(1996), is employed here. The distribution of the 
extreme values of the wave-induced bending moment at 
a random point of time, over a specified time period, is 
assumed as a Gumbel distribution, considering that the 
wave induced bending moment can be represented as a 
stationary Gaussian process (short-term analysis), then 
the wave induced bending moment, Mvw as given by the 
Classification Societies Rules may be modelled as a 
Weibull distribution with a probability of exceedance of 
10-8: 

1 exp
h

vw
Mvw

M
F

q
  (7) 

where q is the scale factor and h is the shape. The 
statistical descriptors of the wave-induced bending 
moment may be defined as (DnV, 2010): 

,
18ln 10

vw CS
h

M
q   (8) 

102.26 0.54logh L   (9) 

The Gumbel distribution, for the extreme values of the 
vertical wave-induced bending moment, over the 
reference period Tr, is derived based on the shape, h and 
scale, q factors of the Weibull distribution function as: 

ln
h

m q n   (10) 

1
ln

h h
m

q n
h

  (11) 

where m and m are the parameters of the Gumbel 
distribution, n is the mean number of load cycles, 
expected over the reference time period Tr, for a given 
mean value wave period Tw. It is assumed here that Tr=1 
year and Tw=8 sec. The mean number of the load cycles 
n is calculated as: 

/r wn pT T   (12) 

where p is the partial time in which the ship is in 
seagoing conditions. 
The Gumbel distribution function is described as: 

,exp exp vw e m
Mvw

m

M
F  (13) 

where Mvw, e is a random variable that represents the 

extreme value of the vertical wave-induced bending 
moment over the reference period, Tr. 
The still water and wave-induced bending moments are 
assumed to be independent of the angle of heel. The 
mean value of the bending load in a hogging condition 
is estimated as Mload

hogging = Msw
hogging + Mvw

hogging. The 
mean value of the still water bending moment, which 
forces the ship hull to bend  in a hogging condition, in 
the case of calculating of a vertical bending load in 
sagging loading condition, Mload

sagging = -Msw
hogging + 

Mvw
sagging is taken as a negative value. 

The mean value and standard deviation of the vertical 
wave-induced bending moment in the full and partial 
loads are defined by the Gumbel distribution as 
GFL

Sagging (1461MN.m, 155MN.m), GFL
Hogging 

(1269MN.m, 145MN.m), GPL
Sagging (1346 MN.m, 

154MN.m), GPL
Hogging (1261MN.m, 144MN.m), 

respectively. 
The 5% confidence level value of the ultimate bending 
moment, Mu

5% is calculated by FEM and additionally, it 
is assumed that COV is 0.08 and it is fitted to the Log-
normal probability density function: 

2
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21
2

u Mu
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M

Mu
u Mu

f e
M

  (14) 

2 1Mu ln COV   (15) 

1 5%0.05, ,
uMu Mu M Mu uF M   (16) 

The ultimate bending moments, Mu are estimated as a 
function of the angle of heel. The mean value and the 
standard deviation of the load and ultimate strength are 
shown in Figure 9 to Figure 12.  

 
Figure 9 [– Load and capacity, θ [0-90º], FL 

The probability density function of My and Mz of the 
load and ultimate strength as a function of the heeling 
angle, 0, 90º  full load is shown in Figure 13. 

The First Order Reliability Method (FORM) is used to 
calculate the reliability index of the ultimate limit state. 



The global annual reliability index  is obtained from 
the probability of failure as: 

1( )fP  (17) 

where 1  is the standard normal probability distribu-
tion function. The Beta reliability index as a function of 
the angle of heel is presented in Figure 14. 
 

 
Figure 10 [– Load and capacity, θ [0-90º], PL 

 
Figure 11 [– Load and capacity, θ [0-90º], HL 

It can be seen from Figure 14 that the beta reliability 
index varies from 5.86 at 0º of the partial load to 9.6 at 
90º of the full load condition. There are two noticeable 
picks around 15º and 90º of the angle of heel, where the 
first one is much less than the second one. From 45º to 
90º of the angle of heel the Beta reliability index always 
grows up. 

 
Figure 12 – Standard deviation of Mu, θ [0-90º] 

 
Figure 13 – PDF of My and Mz of the load and capacity, θ 

[0-90º], FL 

 
Figure 14 – Beta reliability index, θ [0-90º] 

The importance of the contribution of each variable to 
the uncertainty of the limit state function g x  can be 
assessed by the sensitivity factors, which are 
determined:  
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Figure 15 shows the sensitivities of the failure function 
with respect to changes in the variables. A positive 
sensitivity indicates that with an increase in the variable 
results in an increase in the failure function and 
negatively contributes to reliability. The indexes of the 
x axis correspond to (1)=Mu, (2)=Xu, (3)=Msw, (4)=Xsw, 
(5)=Mvw, (6)=Xnl and (7)=Xst respectively.  

 
Figure 15 – Sensitivities of random variables 

It can be seen from Figure 15 that the most importance 
of the uncertainty on the collapse of the container ship is 
the uncertainties related to the model used to estimate 
the ultimate bending moment followed by the vertical 
wave induced bending moment and still water bending 
moment. It has to be pointed out that since the still 
water bending moment in in a hogging condition its 
contribution in the case when the ship in the trough of 
the wave is with a negative sign. 
The fraction of time spent in each load condition may be 
estimated based on the statistical analysis of the 
operational profile of the container ship. The assumed 
operational profile of the container ship analysed here 
is: full load, FL, p1

load=0.7, and Partial load, PL, 
p2

load=0.2 and Harbour load, HL, p3
load=0.10, 

, 1,3jp j . However, the harbour load condition is 
not included in the analysis. 
The fractions of time the ship spent in different heeling 
angle, 0, 90º , 15º  are p1

heel=0.7, p2
heel=0.2, 

p3
heel=0.09, p4

heel=0.009, p5
heel=0.0009, p6

heel=0.00009 
and p7

heel=0.00001, , 1,7kp k . The passage from the 
crest to the trough of a wave is modelled as a serial 
system of two random events, with a probability of 
failure Pf, I, j, k, where i=1 is for the crest and i=2 for 
trough of the wave. The total probability of failure, Pf is 
estimated as: 

23 7

, , ,
1 1 1

1 1f k j f i j k
j k i

P p p P   (19) 

and can be seen in Figure 14 as straight lines 
independent of the heeling angles. 
The beta reliability index for the full, partial and 
harbour loading conditions are 6.53, 5.89 and 7.31 
respectively, HL> FL> PL. The total beta reliability 
index estimated as AL=6.14, which in fact is bigger 
than the one of the partial loading condition. 
Applying the reliability analysis as a decision tool, the 
estimated probability of failure is compared to an 
accepted target level. The target levels depend on 
different factors as reported by Moan (1998). The target 
level adapted here is related to failure cause and mode, 
which may result for redundant structure in Pf=10-3 
( =3.09) for less serious and Pf=10-4 ( =3.71) for 
serious consequences of failure values of acceptable 
annual probability of failure (DnV, 1992). 
In the present analysis the estimated beta reliability 
index is much bigger that the minimum accepted for the 
normal operation assumed here as target=3.71, 

AL target. 

4 Conclusions 

The work presented has analysed the structural 
reliability of a container ship subjected to asymmetrical 
bending. The strength assessment accounted for the 
effect of the midship section neutral axis translation and 
rotation of a non-damaged container ship due to 
asymmetrical bending load. It was shown that the 
neutral axis rotation may lead to as much as 10 % 
strength difference as a function of heeling angle and in 
the hogging condition, the neutral axis translations 
become negligible whereas it may lead to as far as 17 % 
strength difference in the sagging condition. 
The reliability of the container ship during the service 
life was estimated to account for the time spend in full, 
partial and harbour loading conditions and considering 
the asymmetrical bending load as a consequence of 
different angles of heel in hogging and sagging. 
The beta reliability index varied from 5.86 at 0º of 
heeling of the partial load to 9.6 at 90º of heeling of the 
full load condition. There are two noticeable peaks 
around 15º and 90º of the angle of heel, where the first 
one is much less than the second one. From 45º to 90º of 
the angle of heel the beta reliability index always grows 
up. The beta reliability index for the full, partial and 
harbour loading conditions are 6.53, 5.89 and 7.31 
respectively, HL> FL> PL. The total beta reliability 
index estimated as AL=6.14, which in fact is bigger 
than the minimum accepted one for the normal 
operation assumed here as target=3.71. 
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Abstract 

Investigation of hydroelastic ship responses was brought to 
the attention of the scientific and engineering world for sever-
al decades. Since 1970s, Bishop and Price(1979) and other 
researchers(Wu,1984; Hirdaris et al., 2003; Du et al.,2012 ) 
had done many investigations and applications of ship hydroe-
lasticity. There are two kinds of high-frequency vibrations in 
general ship responses to a large ocean-going ship in its 
shipping line, so-called springing and whipping, which are 
important for the determination of design wave load and 
fatigue damage as well. Because of the huge scale of the an 
ultra large ore carrier(ULOC), it will suffer seldom slamming 
events in the ocean. The resonance vibration with high fre-
quency is springing which is caused by continuous wave exci-
tation. In this paper, the wave-induced vibrations of the ULOC 
was addressed by numerical methods according to two- and 
three-dimensional hydroelasticity theories and an elastic 
model in full-load and ballast conditions. The influence of 
loading conditions on high-frequency vibration was studied 
both by numerical and experimental results. The applicability 
of the two-dimensional method and the further development of 
nonlinear effects to three-dimensional method in the predic-
tion of hydroelastic responses of the ULOC was discussed. 

Keywords 

Hydroelasticity; Numerical and experimental results; 
Loading conditions; Wave-induced vibration 

Introduction 

Ultra large ore carrier (ULOC) market has grown fast 
during the past decade because of the demand for raw 
materials in emerging market economics. Although the 
development of commercial ships significantly larger 
than those in operation today will be limited by aspects 
such as: (a) water depth in ports, (b) limiting dimensions 
of canals and straits on the major world routes, and (c) 
cargo handling facilities in terminals, it is expected that 
the trend of increasing dimensions will continue for 
some years to come. It indicates that the length of ship 
becomes longer and longer whilst its hull girder turns 
into much more flexible than that of small and medium-
sized ships. The lowest hull girder frequency is normal-
ly the vertical 2-node vibration mode with a natural 
period of roughly from 2 s to 3 s (Storhaug et al., 2007). 
This results in a ship sustaining both springing and 

slamming responses when travelling at sea. Springing 
and whipping are two kinds of high-frequency vibra-
tions of hull girder will result in problems of fatigue 
damage and ultimate strength of ship structure 
(Storhaug, 2007; Drummen et al., 2008).  
Springing is the resonant response of the ship to the 
hydrodynamic excitation due to incident waves. It can 
occur in relatively moderate sea states when the encoun-
tered wave frequency matches the natural frequency of 
the hull girder. It is excited by both linear and nonlinear 
mechanisms. The linear exciting forces are associated 
with waves of small wavelengths relative to the ship 
length. The nonlinear ship responses, which has a quad-
ratic relations to the wave amplitude, come from the 
sum of the frequencies of the incident waves. Whipping 
is the rapid flexing of the hull girder as a consequence 
of a wave impact on the hull. High whipping responses 
are usually driven by low flare impacts due to large low 
flare angle and high speed by bottom slamming. Many 
investigations had been done on them by experimental, 
theoretical and numerical methods during the last dec-
ade (Hirdaris et al., 2003; Storhaug et al., 2006; Lee et 
al., 2012). 
Aksu and Temarel(1991) examined the behavior of 
slender and non-slender flexible bodies travelling in 
irregular seaways by using a two-dimensional (2D) and 
a three-dimensional (3D) theory. These theories are 
based on different assumptions and mathematical mod-
els, though both are capable of assessing the influence 
of transient loadings caused by slamming. Hirdaris et al. 
(2003) employed two- and three-dimensional hydroelas-
ticity theories are applied to predict and compare the 
dynamic behaviour of a bulk carrier hull in waves.  
Storhaug and Moan (2006) described an experimental 
method employed to investigate the wave induced vi-
brations in head seas by towing a large flexible model in 
ballast and cargo conditions. A number of uncertainties 
and practical considerations are emphasized, e.g. uncer-
tainties in rotational stiffness, mass moment of inertia, 
mode shapes, wave frequency and speed. The wave 
calibration in the towing tank confirmed that it is neces-
sary to use a large model and to measure the waves at 
all times. As a consequence, wall interaction affects the 
response in the long waves also at full speed. Linear 
springing vibration is captured, but insufficient quality 
of the flexible joints introduces nonlinear damping and 



 

 

stiffness, which increase the uncertainties in the reso-
nance level. The results suggest that the damping is 
insensitive to speed. The linear and second order spring-
ing is pronounced in ballast and cargo conditions, but 
also third order effect is evident in ballast condition. 
The measured amplification in the bow approaches the 
analytical solution in short waves, but it is somewhat 
larger in longer waves due to run up. 
Lee et al. (2012) presented the comparison of springing 
and whipping responses of model tests with predicted 
nonlinear hydroelastic analyses. In this study Fluid 
Structure Interaction (FSI) models are used to investi-
gate nonlinear wave actions and wave induced global 
loads acting on a 10,000 TEU class container ship. For 
idealising the ship and handling the flexible modes of 
the structure, a boundary element method and a finite 
element method are employed for coupling fluid and 
structure domain problems. The hydrodynamic module 
takes into account nonlinear effects of Froude-Krylov 
and restoring force. This fluid structure interaction 
model is also coupled with slamming loads to predict 
wave loads due to whipping effects. Vibration modes 
and natural frequencies of the ship hull girder are calcu-
lated by idealising the ship structure as a Timoshenko 
beam. Except for the springing is excited by waves that 
have a frequency which is close to the natural hull gird-
er vibration mode, this paper also shows that significant 
springing is also excited by wave encounter frequencies 
which are multiples of the natural vibration frequency. 
This response is seen in the model test results and is 
also repeated in the computer predictions. 
The sea states used in the investigation are normally 
small and moderate for the ULOC because of its large 
dimension. The behavior of this flexible ship travelling 
in seaways by using a two-dimensional (2D) and a 
three-dimensional (3D) theory is also presented and 
compared with experiments. These results were used to 
investigate the characteristic of wave loads of the 
ULOC. Moreover, the experimental results were applied 
to estimate how accurate current numerical methods are 
in predicting the hydroelastic responses due to springing 
and whipping in particular. 

Theoretical background 

For a marine floating structure in regular waves, the 
equations of motion can be written as (Bishop and price, 
1979; Bishop et al., 1986; Phan, 2007): [a + A(ω)]p̈(t) + [b + B(ω)]ṗ(t)   +(c + C)p(t) = Ξ(ω)e    (1) 

where a, b, c are the N × N generalized mass, structural 
damping and stiffness matrices and A, B, C are the N × N generalized added mass, hydrodynamic damping 
and fluid restoring coefficient matrices, respectively. N 
denotes the total number of modes included in the anal-
ysis, such that the first six modes (r=1,2,...,6) corre-
spond to the rigid body motions of surge, sway, heave, 
roll, pitch and yaw, respectively. The remainder 
(r=7,8,...,N) are distortional modes. Ξ is the N × 1 wave 

excitation (incident and diffracted wave) matrix and p(t)  is the N × 1  principal coordinate matrix. If the 
structure is travelling in waves with forward speed U 
and heading angle β, the wave frequency ω  in Eq.(1) 
should be replaced by the encounter frequency ω . It 
can be expressed as: ω = ω −       (2) 

where g is the gravitational acceleration. 
The dry analysis in vacuum produces information such 
as natural frequencies, principal mode shapes, model 
inter actions, generalized masses etc. It is carried out 
using two- and three-dimensional structural idealiza-
tions. The structural damping is assumed diagonal and 
expressed as: b = 2ν ω a , r = 7,8, … , N   (3) 

where ν  and ω  are the structural damping factor and 
the natural frequency of the r  mode(Bishop and 
price,1979; Kumai,1958), respectively. 
In order to obtain the generalized added mass, hydrody-
namic damping and wave excitation, the mean wetted 
surface is idealized using sections along the hull, for the 
two-dimensional analysis and a suitable distribution of 
four-cornered panels for the three-dimensional analysis. 
Lewis or multi-parameter conformal transformation 
techniques can be adopted for the two-dimensional 
analysis, whilst a pulsating source distribution over the 
mean wetted surface is used for the three-dimensional 
analysis. 
The response to regular waves is obtained from Eq.(1), 
where the principal coordinates are assumed to be a 
simple harmonic, namely p(t) = p e , where p de-
notes the complex principal coordinate amplitude. 
After having obtained the principal coordinate ampli-
tudes, responses, such as vertical displacement w and 
twisting deflection ϕ, can be determined using modal 
summation, namely: 
 u(x, y, z, t) = (u, v, w) = e ∑ (u , v , w ) p    (4)
  
                 ϕ(x, y, z, t) = e ∑ ϕ p                       (5) 
where w  and ϕ  denote the modal vertical deflection 
and twisting deflection. The wave-induced loads can 
also be calculated in a similar manner. For example, the 
vertical bending moment (VBM) at a cross section 
along the ULOC can be expressed as: 

        M(x, t) = e ∑ M p                         (6) 

Numerical analysis and comparison with exper-
imental results 

The responses of the ULOC are calculated by two- and 
three-dimensional computer algorithms, which were 
developed by University of Southampton. The two-
dimensional algorithm can compute the generalized 
steady state symmetric response of ships to regular 
waves. The generalized transient response to a unit 
impulse at a given point along the hull is also evaluated. 
The three-dimensional algorithm allows all the terms 
appearing in the linear three-dimensional hydroelasticity 



 

 

theory to be retained in the numerical analysis at a for-
ward speed. Regarding the dry structure in numerical 
calculation, it can use a three-dimensional finite element 
model or a two-dimensional Timoshenko beam. The 
former needs the data of ship inner structure in detail. 
However, a Timoshenko beam with varied sections can 
be used in the numerical calculation to reduce workload 
of data preparation and be more efficiency. According 
to Hu et al. (2012), a satisfied precision of springing 
prediction can also be carried out by using a two-
dimensional Timoshenko beam as the dry structure in a 
similar three-dimensional algorithm. Usually the wet 
structure is the discretized surface of a ship hull under 
the water plane in a loading condition. In this paper, a 
Timoshenko beam is employing to get the natural fre-
quencies of the ULOC both in two- and three-
dimensional algorithms. The main particular of the 
ULOC in both full-load and ballast conditions was 
shown in Table 1. 

Table 1:  The principal particulars of the ship. 

Parameters Full-load 
condition 

Ballast  
condition 

Length Perpendicular, LBP (m)  410.000 410.000 
Breadth, B (m)  68.000 68.000 
Depth, D (m)  31.800 31.800 
Draught of F.P., Tf (m) 21.970 14.130 
Draught, A.P., Ta (m) 24.130 15.210 
Block Coefficient, Cb 0.846 0.817 

Displacement, (t) 558734.2 342736.3 

Dry and wet analysis 

The aim of dry analysis is to get the natural frequencies 
of hull girder. The dry structure is different between 
different loading conditions because the weight distribu-
tion is different. But the node number is the same - 21, 
whilst beam element number is same - 20. Same dry 
structures by a Timoshenko beam were used both in 
two- and three-dimensional computer algorithms in 
same loading condition. Regarding wet structure, it is 
Lewis section in two-dimensional calculation. However, 
it is wet surface of ship hull which is composed by a 
great number of quadrilateral meshes in three-
dimensional calculation. The wet structures between 
different loading conditions are also different because of 
the discrepancy of drafts. The node number and mesh 
number of the wet structure of the ULOC in full-load 
condition is 1164 and 1000 whilst the counterpart is 
1002 and 860 in ballast condition. Fig.11 shows the dry 
modes of the Timoshenko beam in full-load and ballast 
conditions. 2-node, 3-node and 4-node mode are includ-
ed in Fig.1. The corresponding natural frequencies are 
listed in Table 2. It shows the good agreement of natural 
frequencies of the ULOC in vacuum except for the 2-
node natural frequency in ballast condition. As it is 
known, 2-node vibration is very important to the study 
the characteristic of ship hull in waves, so it will cause a 
great impact to the accuracy of prediction of hydroelas-
tic responses of the ship in waves. 
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Fig. 1: Dry modes of the Timoshenko beam: (a) Full-load 
condition; (b) Ballast condition. 

 

Table 2: The natural frequencies of the ship in vacuum 
Mode  
Freq. (rad/s) 

Full-load condition Ballast condition 
2D(a) 3D(b) (a-b)/b 2D(a) 3D(b) (a-b)/b 

f2-node 3.000 2.929 2.42% 3.157 3.703 -14.74% 
f3-node 7.678 7.376 4.09% 9.313 9.357 -0.47% 
f4-node 13.946 13.424 3.89% 16.983 16.993 -0.06% 
 

Fig.2 and Fig.3 present the RAOs of the principal coor-
dinates of the vertical bending modes of from two- and 
three-dimensional calculations in full-load and ballast 
conditions, respectively. Two forward speeds were 
included. According to the wet analysis in two- and 
three-dimensional calculations, comparison of the wet 
modes is given in table 3. Comparing to the results form 
model test, table 3 presents good accuracy of three-
dimensional results both in full-load and ballast condi-
tions. The resonant frequencies from two-dimensional 
calculation also agree well with the model test results in 
full-load condition but they are not too good in ballast 
condition. The 4-node peak value which points out the 
mode frequency is not very clear in principal coordi-
nates both in two- and three-dimensional results. So 
table 3 only presents the 2-node and 3-node resonant 
frequencies. In two-dimensional calculation, the dis-
crepancy of wet frequency in table 3 of the ULOC in 
ballast condition is thought of coming from the discrep-



 

 

ancy of dry structure. On the other hand, the decrease of 
draft in ballast condition will cause the wet structure of 
the ULOC having large ratio of beam over draft. Conse-
quently, the assumption of slender employed in two-
dimensional theory will be not as accurate in the hydro-
elastic calculation as it has been done in slender ships. 

Table 3: The natural frequencies of the ship in water (Full 
scale) 

Mode 
Freq. 

(rad/s) 

Full-Load Condition 
Pred.(a) Test(b) (a-b)/b 

Mars 3D Wet Mars 3D 
f2-node 2.00 2.05 2.17 -7.83% -5.53% 
f3-node 4.90 5.15 4.98 -1.61% +3.41% 
Mode 
Freq. 

(rad/s) 

Ballast condition 
Pred.(a) Test(b) (a-b)/b 

Mars 3D Wet Mars 3D 
f2-node 2.15 2.40 2.45 +12.24% +2.04% 
f3-node - 6.00 5.75 - +4.35% 

 

0 10 20 30 40
0.00

0.04

0.08

0.12

|p
|/a

0(L/g)1/2

 2D(2-node)
 3D(2-node)

 
(a) 

0 10 20 30 40
0.00

0.01

0.02

0.03

|p
|/a

0(L/g)1/2

 2D(3-node)
 3D(3-node)

 
(b) 

0 10 20 30 40
0.00

0.02

0.04

0.06

0.08

0.10

|p
|/a

e(L/g)1/2

 2D(2-node)
 3D(2-node)

 
(c) 

0 10 20 30 40
0.00

0.02

0.04

0.06

0.08

0.10

|p
|/a

e(L/g)1/2

 2D(3-node)
 3D(3-node)

 
(d) 

Fig. 2: RAOs of the principal coordinates of the vertical 
bending modes of from two- and three-

dimensional calculations in full-load condition: 
(a) 2-node (U=0.0 knot); (b) 3-node (U=0.0 

knot); (c) 2-node (U=15.0 knots); (d) 3-node 
(U=15.0 knots). 
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Fig. 3: RAOs of the principal coordinates of the vertical 
bending modes of from two- and three-

dimensional calculations in ballast condition: (a) 
2-node (U=0.0 knot); (b) 3-node (U=0.0 knot); 
(c) 2-node (U=15.0 knots); (d) 3-node (U=15.0 

knots). 

Responses analysis in waves 

Wave induced responses in this paper include heave, 
pitch and vertical bending moments in full-load and 
ballast conditions of the ULOC in head sea. Comparison 
of these responses between numerical and experimental 
results were presented in figure 4-7 including two for-
ward speeds 0 and 15 knots in full scale. The experi-
mental results can be found in reference (Hu et al., 

2012). The waves were measured by a wave probe 
which was installed on the towing carriage. Where η /a 
and  η /(ka)  is the dimensionless of heave and pitch 
respectively. k is the wave number, a is wave amplitude. ω (L/g) /  and  ω (L/g) /  are the dimensionless of 
wave frequency and encounter wave frequency respec-
tively. L is the length of ship, here it equals to L . g is 
the gravitational acceleration. 
Fig.4 shows the RAOs of the rigid motions from two- 
and three-dimensional calculations and experimental 
results in full-load condition. It can be seen from 
Fig.14(a) and Fig.14(b) that two-and three-dimensional 
calculations in full-load condition agree very well both 
in heave and pitch motion in forward speed 0.0 knot. 
From Fig.4(c) and Fig.4(d) also show good agreement 
of two- and three-dimensional result and the experi-
mental results in the forward speed 15.0 knots though 
the pitch motion of three-dimensional result is some low 
when ω (L/g) /  <2.0. Fig.15 shows the RAOs of the 
rigid motions in ballast condition. Similarly, it also 
shows the good agreement of two- and three-
dimensional and the experimental results. 
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Fig. 4: RAOs of the rigid motions from two- and three-
dimensional calculations and the experimental results in 

full-load condition: (a) Heave (U=0.0 knot); (b) Pitch 
(U=0.0 knot); (c) Heave (U=15.0 knots); (d) Pitch (U=15.0 

knots) 
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Fig. 5: RAOs of the rigid motions from two- and three-
dimensional calculations and the experimental results in 

ballast condition: (a) Heave (U=0.0 knot); (b) Pitch (U=0.0 
knot); (c) Heave (U=15.0 knots); (d) Pitch (U=15.0 knots) 

 
Fig.6 shows the RAOs of the VBMs in midship cross-
section in full-load condition in forward speeds 0.0 and 
15.0 knots. Where WM and CM denote the wave fre-
quency part and the total of the vertical bending mo-
ment. M /(ρagL B) is the dimensionless of VBM. It is 
found that the experimental result in forward 0.0 knot 
has a higher peak value than those of numerical results, 
especially the CM. And the results of the experiments 
were also high when ω (L/g) /  is about 5.0. The two- 
and three-dimensional results agree very well in this 



 

 

case both in low frequency part and 2-node vertical 
bending frequency part. The peak of experimental re-
sults decreases when the forward speed is 15.0 knots 
though, they agree well with numerical results. Howev-
er, the experimental results are mainly concentrated on 
the wave frequency part because the limitation high-
frequency wave of wave maker. So a model test tank 
with higher wave frequency making ability is better to 
validate the numerical results in high wave frequency 
stage. Fig.7 shows the RAOs of the vertical bending 
moments in midship cross-section in ballast condition in 
forward speed 0.0 and 15.0 knots. The wave frequency 
part in Fig.7(a) shows good agreement of experimental 
and numerical results. Fig.7(b) presents a higher peak of 
the experimental results in wave frequency part, similar 
to Fig.6(a), there are also high results when ω (L/g) /  
is about 5.0 to 10.0. According to the experimental 
wave conditions, the wave height was only 3.675 m in 
full scale, no slamming event was found during tests. So 
the high frequency part CM-WM is the contribution of 
resonance response, springing. Actually, the two-
dimensional method can predict the slamming wave 
amplitude of each wave frequency (Aksu, 1989). Fig.8 
shows the wave amplitudes which slamming would 
appear when the ULOC is travelling in waves in full-
load and ballast conditions with forward speed 15.0 
knots. The abscissa in Fig.8 is also ω (L/g) /  within 
range 3.0 to 10.0. The smallest wave amplitudes for 
slamming in full-load and ballast conditions are 14.5 m 
and 12.1 m, respectively. Generally speaking, the two- 
and three-dimensional results have a larger discrepancy 
in ballast condition than that in full-load condition, 
especially in the 2-node and 3-node vertical bending 
parts. As it has been mentioned above, the two-
dimensional method might be not very suitable for the 
ballast condition in some degree. However, two- and 
three-dimensional methods should include the nonlinear 
effects to predict the hydroelastic responses more accu-
rately (Wu and Moan, 1996; Drummen, 2008; Kim et al., 
2011). 
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(b) 

Fig. 6: RAOs of the vertical bending moments in midship 
cross-section in full-load condition: (a) U=0.0 knot; (b) 

U=15.0 knots. 
 

 
(a) 

 
(b) 

Fig. 7: RAOs of the vertical bending moments in midship 
cross-section in ballast condition: (a) U=0.0 knot; (b) 

U=15.0 knots. 
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Fig.8: The predicted wave amplitudes which slamming 
would appear when the ULOC is travelling in waves in 

full-load and ballast conditions by two-dimensional meth-
od (U=15.0 knots). 

 
Many references have mentioned that greater springing 
behavior will appear in the ballast condition than in the 
full-load condition for large ships travelling at sea. Ac-
cording to regular wave theory by Faltinsen(1990), the 
wave-induced pressures will decrease with the increas-
ing water depth. Hence, the hydrodynamic pressure on 
the bottom of the ship hull is higher in the ballast condi-
tion, especially for those ships with flat bottoms. 
The average draft is decreased from the full-load condi-
tion to the ballast condition, whereas the wave-induced 
pressures in the hull bottom are increased. The percent-
age increase of the hydrodynamic pressure from the 
full-load condition to the ballast condition is exhibited 
in Fig.9 according to reference (Faltinsen, 1990). 
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Fig. 9: Relationship between /  and the percentage in-
crease of wave-induced pressures on the bottom of the 

ULOC from the full-load condition to the ballast condition. 
 
In order to analysis the effect of loading conditions on 
vertical bending moments of this ULOC, Fig.10 pre-
sents the comparison of vertical bending moments in 
full-load and ballast conditions with forward speed 15.0 
knots. Where Exp. denotes the CM of the vertical bend-
ing moments M . It can be seen from this figure that the 
wave frequency part (a), the multiple frequencies part 
(b), the 2-node (c) and the 3-node (d) vertical bending 
parts of the results were higher in ballast condition than 

those in full-load condition both from numerical and 
experimental results. It means that hydroelastic respons-
es including wave frequency and high frequency parts 
are both more serious in ballast condition than that in 
full-load condition. 
However, another hydroelastic response, whipping 
which caused by slamming in heavy sea was not dis-
cussed in this paper. It is because that the ULOC will 
seldom encounter heavy sea during its service life. So 
the ultimate strength problem caused by the extreme 
value of bending moment was not as important as the 
fatigue problem caused by springing for the ULOC. 
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Fig. 10: The comparison of vertical bending moments in 

full-load and ballast conditions (U=15.0 knots). 
 

Conclusions 

On the large scale the ore carrier development trend 
indicates that its hull girder turns into much more flexi-
ble than that of small and medium-sized ships. Spring-
ing became the main high-frequency vibration of the 
ULOC travelling at sea because the encounter wave 
height will be relative low due to the huge scale of this 
ship. Two- and three-dimensional hydroelasticity meth-
ods were employed to investigate the ship responses of 
the ULOC including heave, pitch and vertical bending 
moments as well. Some conclusions can be listed as 
follows: 
(1) The dry and wet frequencies of the hull girder are 
lower in full-load condition though; the wave-induced 
vibrations are higher in ballast condition including the 
wave frequency part, the 2-node and the 3-node vertical 
bending parts of the hydroelastic responses.  
(2) The predicted results from the two-dimensional 
method will have less accuracy than the three-
dimensional methods especially in ballast condition. 
The reason might come from the dry structure analysis 
and the large ratio of beam over draft which will cause 
the slender-body assumption employed in the two-
dimensional theory being not so accurate in the hydroe-
lastic calculations as it has been done in slender ships. 
(3) A higher forward speed will cause higher springing 
vibration for the ULOC travelling in head seas. Nonlin-
ear factors including effect of the forward speed on 
hydoelastic responses prediction will be more robust to 

a b c 
xp.)

d 



 

 

the determination of design wave loads of ocean-going 
ships. 
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Abstract  

This paper presents non-linear finite element (FE) analysis of 
an offshore topside deck structure subjected to static loads 
and fire loads. Non-linearity in both geometry and material 
properties is accounted for in order to determine structural 
failure, stress redistribution and post-critical behaviour. Fire 
loads are applied and temperature dependent material proper-
ties are used. The computed steel temperature in the time 
domain is also compared with Eurocode, and good agreement 
is achieved for simple unstiffened plate. It is also demonstrat-
ed with an example that a structure may withstand fire loads 
for a longer time using nonlinear FE tools compared to ex-
plicit design formulas such as in Eurocode. In addition, differ-
ent boundary conditions were applied in order to study the 
effect of preventing thermal expansion.  

Keywords 

Fire loads; Structural failure; nonlinear FE; Eurocode 

Introduction 

In the last decades, large focus has been given to acci-
dental scenarios, and the trend is that more advanced 
tools such as nonlinear finite element method are used. 
In the literature, there are many studies considering 
nonlinear structural analysis for fire loads, for instance 
(Paik et al., 2013), (Czujko et al., 2015), (Ozyurt and 
Wang, 2015), etc.  
The present paper presents structural response analysis 
of a deck structure subjected to fire loads. The objective 
is to study the progressive collapse and redundancy of 
the deck structure, and estimate the time from initiation 
of fire to severe and total collapse of the main load-
bearing structure. This is important for planning escape 
passages, etc.  
One advantage of using the general, commercial soft-
ware tool Abaqus is that complex structure can be mod-
elled with curved surfaces, stiffeners, etc. and not only 
simple beams. In addition, it is also able to redistribute 
forces from locations with strength reduction to other 
parts of the structure. In this way, a structure can with-
stand fire for a longer time compared to simple checks 
with explicit design formulas of individual structural 
members such as plates and stiffeners. This is demon-
strated with an example in the section with results. 

Fire loads can typically be computed using CFD analy-
sis to estimate the heat flux and the temperature of the 
environment. In the temperature calculation, the fire 
loads are applied with radiation and convection as sur-
face interaction between the steel and the environment. 
Temperature dependent material properties are used as 
specified in Eurocode 3, where the material yield 
strength is reduced for an elevated temperature. This 
means that structural failure will occur for smaller me-
chanical load levels (static and dynamic loads) than if 
no fire loads act. In addition, thermal expansion of the 
steel due to heating is accounted for, and the effect of 
preventing this expansion is studied with different 
boundary conditions. 
The computed steel temperature in the time domain is 
also compared with calculations using Eurocode 1, and 
good agreement is achieved for simple unstiffened 
plates. For more complex plated structures with stiffen-
er, frames, etc., the accuracy of the computed tempera-
ture will be significantly improved by using finite ele-
ment analysis than for the formulas in Eurocode since 
temperature gradients, shadow effect for structure cov-
ered by plates, etc. may be significant.       
                                                                                              

Model description 

Geometry and extent of the model 

The model used in the analyses is shown in Fig. 1 and 
this represents a part of an offshore topside deck struc-
ture. This model is identical to a model used in a 
benchmark study in ISSC (Czujko et al., 2015), but with 
different boundary conditions.  

The location of the boundary conditions is shown in Fig. 
2 (yellow triangles), where the model is fixed in vertical 
direction and all rotational degrees of freedoms. In the 
in-plane directions, the model is free to expand, but it is 
fixed only enough to prevent rigid body motions. In 
comparison, the model in the benchmark study in ISSC 
was fixed in all degrees of freedom at the same loca-
tions also in the in-plane directions.  

The model is built up entirely of three- and four nodes 
shell elements and the mesh refinement is very fine 
(40x40mm) in order to capture failure modes related to 
local buckling of webs and flanges. The entire model 



has been analysed considering both non-linear material 
and geometrical behavior. 

Computer Code 

The model is analyzed using an implicit, non-linear 
finite element solver in Abaqus (Abaqus, 2013) with a 
sequential coupling scheme, i.e. first solving the tem-
perature field and then the field was mapped onto the 
structure. 

 

 
Fig. 1: Model extent and mesh refinement (40x40mm) 

 

 
Fig. 2: Boundary conditions and monitoring points 

 

Material properties     
The material model is assumed to be bilinear elastic-
plastic with a yield strength 355 MPa, elastic modulus E 
= 210GPa and Poisson ratio 0.3. The surface emissivity 
of steel was set to 0.8 for all structural members ex-

posed to fire. In order to include the effect of the fire 
loads, the material properties is defined as temperature 
dependent according to Eurocode 3 with the reduction 
factors as shown in Fig. 3. 

 

 
Fig. 3: Reduction factors for material properties depend-
ent on the steel temperature 

 

The specific heat, thermal conductivity and the thermal 
expansion are also dependent on the temperature and 
taken equal to the properties for carbon steel specified 
in Eurocode 3.  
 

Loads and loading sequence   

The loads acting on the model are static loads and fire 
loads. The loads are applied in two different steps: 

1) Static loads including gravity, distributed live 
loads and point loads from equipment. 

2) Fire loads are applied until the structure col-
lapse. 

Analyses are carried out for two different applications 
of fire loads: 

1) Standard hydrocarbon fire curve according to 
Eurocode 1 

2) Predefined constant heat flux 
 
The application with the standard hydrocarbon fire 
curve can be used to represent the nominal temperature-
time curve of the gas for a hydrocarbon fire without 
detailed models to assess the fire loads. For more re-
fined analysis, fire models with for instance CFD analy-
sis can be used to compute the heat flux or the gas tem-
perature in order to account for the actual physical pa-
rameters defining the conditions in the fire. Then, the 
fire curve can be replaced by the computed temperature 
or the fire loads can be applied as a heat flux. 
The standard hydrocarbon fire curve according to Euro-
code 1 is an explicit expression 
       )675.0325.01(108020 5.2167.0 tt

g ee      (1) 

where g is the gas temperature near the steel member in 
°C and t is the time in minutes. The standard hydrocar-



bon fire curve according to Eurocode 1 is shown in Fig. 
4. 
In the other load application, a predefined heat flux is 
used with a constant heat flux [kW/m2] applied at all 
surfaces of the beams (i.e. both sides of the shell ele-
ments). 

 

 
Fig. 4: Standard hydrocarbon fire curve 

 

Eurocode 
The steel temperature can be estimated using Eurocode, 
where the incremental temperature increase a,t during 
a time interval t is computed by                      

th
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where ksh is correction factor for the shadow effect, Am/V 
is the section factor, Am is the surface area per unit 
length, V is the volume per unit length, ca is the specific 
heat of steel, neth

.
is the net heat flux per unit area and ρa 

is the unit mass of steel.  The net heat flux neth
.

 into the 
steel can be computed in different ways. One option is 
the use the standard hydrocarbon fire curve. Another 
option is to use a specified applied heat flux.  
By using the standard hydrocarbon fire curve, the net 
heat flux to the steel is computed by  

44
.

)273()273()( gmfmgmcneth  
 
where g is the gas temperature specified in the fire 
curve defined in Equation (1) and Fig. 4. The coeffi-
cients Φ and εf  are constants (Eurocode 1, 2005) taken 
conservatively equal to 1 in the present study, εm is the 
surface emissivity,  c is the coefficient of heat transfer 
by convection, m is the steel temperature,  is the 
Stephan Boltzmann constant  

The other option is to use specified applied heat flux
.
h  

as input (from for instance CFD analysis), and then the 
net heat flux into the steel is computed by 

44
..

)273()273()( emfmemcnet hh

where e is the temperature of the environment.  

In the section with results, the steel temperature com-
puter by Eurocode and finite element analysis is com-
pared for both load applications. 

Results 

Comparison with Eurocode  

The steel temperatures computed by Eurocode and finite 
element (FE) analysis are compared for both the stand-
ard hydrocarbon fire curve and for specified heat fluxes. 
The main motivation for including these comparisons is 
to verify that the temperature calculations are correct. In 
a previous benchmark study in ISSC (Czujko et al., 
2015), there were large differences in some of the tem-
perature calculations which will results in wrong struc-
tural response. In that benchmark study, temperature 
calculations were performed by different software-users 
and different commercial software tools (Abaqus, LS-
Dyna, Marc and Usfos). 

In the present work, comparisons between FE analysis 
and Eurocode are performed for a large span of different 
parameters such as plate thickness, specified heat flux, 
etc. Typical results for the standard hydrocarbon fire 
curve and for a specified heat flux are shown in Fig. 5 
and Fig. 6, respectively. It can be seen that the agree-
ment between Eurocode (red dashed curves) and FE 
analysis (blue solid curves) is very good. In this case, a 
plate with thickness 20 mm that is totally engulfed in 
fire is analyzed. In this comparison, the contribution 
from convection is neglected ( c = 0) and only the radi-
ation is accounted for with the surface emissivity εm = 
0.8. The agreement is also very good for all other cases 
when the contribution from convection is included.  

 

Fig. 5: Temperature calculations for plate with thickness 
t=20mm and with an ambient temperature specified by the 
hydrocarbon fire curve 

For the load application with hydrocarbon fire curve 
(Fig. 5), the computed steel temperature will never ex-
ceed the fire curve, i.e. the ambient temperature (black 
dotted curve). It can be seen that the temperature reach-
es a plateau at about 11000C. In comparison, for the 
load application with a specified flux 100kW/m2 (Fig. 



6), the temperature reaches a plateau at about 9500C. 
This means that there is equilibrium between the sup-
plied heat and the heat radiation from the steel. This 
plateau is dependent on the value of specified flux and a 
larger flux will results in a plateau with higher steel 
temperatures. 

 

 
Fig. 6: Temperature calculations for plate with thickness 
t=20mm subjected to a specified flux 100kW/m2 

 

FE - temperature and response analysis 

In the previous section, it was demonstrated that the 
steel temperature can be estimated by either FE analysis 
or Eurocode. However, it is not possible to assess the 
structural response using Eurocode alone. The use of FE 
analysis is the most accurate option due to the coupled 
effects that thermal loads induce to the structure. 
In this section, the response of the model for the off-
shore topside deck structure subjected to fire loads and 
static loads is analyzed. An implicit, non-linear finite 
element solver in Abaqus is used with a sequential cou-
pling scheme. This means that the temperature field is 
solved in a separate analysis, and then the field is 
mapped onto the structure in order to compute the struc-
tural response. Analyses are performed with two differ-
ent load applications which are a specified heat flux and 
the hydrocarbon fire curve as ambient temperature. For 
both load applications, only radiation is included since 
this is the dominant contribution, and the surface emis-
sivity εm is taken equal to 0.8 for all cases. Results for 
the temperature and the displacements are extracted in 
the monitoring points in Fig. 2. 
 
Load application - global applied flux  
For the load application with a specified global heat flux 
equal to 100kW/m2, the computed temperature in the 
webs and flanges of the main frames in the monitoring 
points is shown in Fig. 7. The temperature increases 
fastest in the web since this is the thinnest member 
(16mm). The flanges are thicker (25 and 30 mm), and 
consequently the temperature is lower. It can be seen 
that the temperature curves reach a plateau at about 
9500C.  
The temperature field after 300 seconds is shown in Fig. 

8. It can be seen that the temperature is varying from 
about 410-9300C in the different structural members 
since the thicknesses are different. It can be seen that 
the temperature in some of the secondary frames is 
about 9300C after 300 seconds. For this temperature, the 
material stiffness and yield strength is reduced with 
about 90% which means that almost the entire strength 
of the secondary frames is utilized. However, this does 
not necessarily mean a total collapse if the primary main 
frames have additional reserve strength and stresses can 
be redistributed.  
 

 
Fig. 7: Abaqus results for the temperature in the webs and 
flanges of the main frames in the monitoring points for a 
specified flux 100kW/m2 

 
 
 
 

 
Fig. 8: Temperature [0C] in the mid-surface of the struc-
ture after 300 seconds for a specified flux 100kW/m2 

 
The response of the structure is analyzed with static 
nonlinear analysis where the temperature field is 
mapped onto the structure. The vertical displacements in 
the monitoring points are shown in Fig. 9. It can be seen 
that the displacements are increasing rapidly after about 
300 seconds and the response becomes unstable. This 
point can be considered as initiation of collapse since 
the structure is not able to carry the loads. The flanges 
in the main frames is important for the load bearing 
capacity, and at the initiation of collapse, the tempera-
ture in these flanges is more than 4100C. For this tem-



perature the material properties will be reduced, and this 
will be critical for this structure and no more stresses 
can be redistributed. The displacements after 500 sec-
ond is shown in Fig. 10, and it can be seen that the 
structure has collapsed. 
 
 

 
Fig. 9: Vertical displacement versus time in the monitoring 
points for a specified flux 100kW/m2 

 
 
 
 

 
Fig. 10: Displacements [mm] (Scale factor 5) of the struc-
ture after 500 seconds for a specified flux 100kW/m2 

 
 
Load application – Standard fire curve   
For the load application with standard hydrocarbon fire 
curve, the computed temperature in the webs and flang-
es of the main frames in the monitoring points is shown 
in Fig. 11. Compared to the load application with a 
specified flux equal to 100kW/m2, the increase in the 
temperature is slightly slower. This means that it will 
take longer time until structural collapse.  
The vertical displacement in the monitoring points ver-
sus time for the load application with the fire curve is 
shown in Fig. 12. It can be seen that the displacements 
are increasing more rapidly after about 400 seconds. At 
that time the temperature in the all flanges of the main 
frames is more than 4000C which is critical for the 
structure. The collapse mode for the load application 
with the standard fire curve is similar to the mode for a 
specified applied flux. 

 
Fig. 11: Abaqus results for the temperature in the webs 
and flanges of the main frames in the monitoring points 
for the load application with the fire curve 

 
 

 
Fig. 12: Vertical displacement versus time in the monitor-
ing points for the load application with the fire curve 

 
Load application - local applied flux  

For the load application with a specified local heat flux 
equal to 100kW/m2 is applied as shown in Fig. 13. 

The temperature field after 300 seconds is shown in Fig. 
14. It can be seen that outside the exposed area the tem-
perature is equal to the surrounding temperature (200C). 
In the exposed area the temperature lies between 4000C 
in flanges of primary frames and 9000C in web of sec-
ondary frames. 

The response of the structure is analyzed with static 
nonlinear analysis where the temperature field is 
mapped onto the structure. The vertical displacements in 
the monitoring points are shown in Fig. 15Fig. 9. It can 
be seen that at around 400 seconds the vertical defor-
mation for the FE model starts to increase rapidly in 
some of the monitoring points. Then after around 1000 
seconds the deformations flattens out. The outer frame 
is damaged, but unlike the case where the entire struc-
ture is exposed to fire, the outer frame does not collapse, 
see Fig. 16 which shows the displacement after 1500 
seconds. The stresses in the FE model are redistributed 
from the exposed area and into the surrounding struc-
ture. This effect is not accounted for when calculating 



the capacity using Eurocode 3, which treats the frame as 
an isolated member. This means that Eurocode 3 gives a 
conservative estimation of the capacity. 

 

 
Fig. 13: Local heat flux equal to 100kW/m2 

 
 
 

 
Fig. 14: Temperature [0C] in the mid-surface of the struc-
ture after 300 seconds for a specified local flux 100kW/m2 

 
 
 
 
 

 
Fig. 15: Vertical displacement versus time in the monitor-
ing points for a specified local flux 100kW/m2 

 
 

 
Fig. 16 : Displacements [mm] (Scale factor 5) of the struc-
ture after 1500 seconds for a specified local flux 100kW/m2 

 

 

Effect of preventing thermal expansion 

In the present study, the same FE model as in the ISSC 
benchmark study (Czujko et al., 2015) is used, but the 
boundary conditions are different. The difference is that 
the model in the present study is free to expand in the 
in-plane directions, and in the ISSC benchmark study it 
is fixed in all degrees of freedom in the supports. 
In Fig. 17, the computed vertical displacements versus 
time is shown for the model subjected to a global heat 
flux equal to 100kW/m2 and with fixed in-plane move-
ments at supports. It can be seen that the response is 
changing after 40-50 seconds, and the displacements are 
increasing more rapidly. The reason for this is because 
the model is prevented from expansion at supports, and 
consequently thermal expansion is prevented. This re-
sults in large compressive stresses and plastic hinges in 
the main frames as shown in Fig. 18. 
 
 
 
 

 
Fig. 17: Vertical displacement versus time in the monitor-
ing points for the model with fixed in-plane movements at 
supports and subjected to a specified flux 100kW/m2 
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Fig. 18: von Mises stresses [MPa] where plastic hinges and 
buckles are developed after 50 seconds for the model with 
fixed in-plane movements at supports 

 
 
The temperature in the structure after 50 second is 
shown in Fig. 19. For the main frames, the temperature 
in the web is about 1800C, and for the flanges with 
thickness 25 and 30mm, it is about 1000C and 1300C, 
respectively. This temperature is much smaller than 
4000C which is the limit where the yield strength is 
reduced. 
The comparison of the boundary conditions with and 
without fixed in-plane movements at the supports shows 
that the boundary condition may be important. In order 
to prevent thermal expansion, the surrounding structure 
has to be very stiff. 
 
 

 
Fig. 19: Temperature [0C] in the mid-surface of the struc-
ture after 50 seconds for a specified flux 100kW/m2 

 
 

Conclusion 

Response analysis using a non-linear finite element (FE) 
tool for an offshore topside deck structure subjected to 
static loads and fire loads is presented. Temperature 
dependent material properties are used.  

Two different load applications are applied which are 
(1) the standard hydrocarbon fire curve and (2) a prede-
fined constant heat flux. The application with the stand-
ard hydrocarbon fire curve can used to represent the 
nominal temperature-time curve for a hydrocarbon fire 
without detailed models to assess the fire loads. For 
more refined analysis, fire models with for instance 
CFD analysis can be used to compute the heat flux or 
the gas temperature in order to account for the actual 
physical parameters defining the conditions in the fire.  
For simple unstiffened plates, computed temperature 
versus time is compared with estimation with Eurocode 
and good agreement is achieved which is important to 
get reliable results. For more complex plated structures 
with stiffener, frames, etc., the accuracy of the comput-
ed temperature will be more realistic by using finite 
element analysis than for the formulas in Eurocode 
since temperature gradients, shadow effect for structure 
covered by plates, etc. may be significant. In addition, 
FE analysis is the most accurate option due to the cou-
pled effects that thermal loads induce to the structure. 
The effect of the boundary condition is also studied by 
comparing the response for a structure that is free to 
expand in the in-plane directions with a structure that is 
prevented to expand. This comparison demonstrates that 
the boundary conditions can be very important.  
Overall it can be concluded that non-linear FE analysis 
can be used to estimate structural collapse for fire sce-
narios, and thus it is very useful in design.  
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Abstract 

When designing a ship, structural analysis of the hull is per-
formed to ensure its structural integrity during operation. The 
requirements for such analysis are defined in classification 
rules and regulations. Apart from a prescriptive analysis 
based on local requirements and the analysis of cross sec-
tions, a direct ship’s strength calculations using finite element 
analysis (FEA) procedures are required for most ship designs. 
The handling of FEA has accelerated during the latest dec-
ades as the tools become more user-friendly and it has become 
important that the rules satisfactory support such application. 
The new DNV GL rules provide generic procedures for differ-
ent types of FE analysis including global models, partial ship 
modelling and fine mesh. The rule’s guidelines define appro-
priate modelling techniques including loading, boundary 
conditions and mesh size for use with acceptance criteria in 
the rules. 

Keywords 
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model; global model; fine mesh model  

Introduction 

At least within the last decade all classification societies 
require Finite Element (FE)-based strength analyses of 
ship structures for the new building approval and it has 
become important that the rules satisfactory support 
such application. In recently developed DNV GL rules 
procedures are available for all applicable FE-analysis. 
Partial ship or cargo hold finite element analysis follows 
the same concept for all ship types. With this common 
procedure all hull girder structural members, primary 
supporting members and bulkheads will be investigated 
using all relevant stress components. Boundary condi-
tions and adjustment of global loads are discussed and 
demonstrated.  
Traditionally, cargo hold and global strength analysis in 
ship design were dealt with separate FE-models and 
analysis approaches. Requirements for model genera-
tion, in particular regarding mesh size, were significant-
ly different. With the DNV GL rules a new Advanced 
Whole Ship Analysis (AWSA) procedure was devel-
oped which is based on analysing a global FE model 

with a mesh based on stiffener spacing. This model can 
be generated with little effort based on an existing Basic 
Design CAD model. The new approach reduces time 
spent for FE-modelling and analysis while at the same 
time increasing the quality of the results. Key success 
factors for this approach are a common concept model 
and an adapted tool set automating the analysis tasks.  
For critical details where high stresses are expected, a 
local structural strength concept is available in the new 
rules using fine mesh models. The concept is demon-
strated by typical structural details.  
Partial ship and local strength procedures are based on 
the analysis standards set in Common Structural Rules 
for Bulk Carriers and Oil Tankers (CSR), IACS (2015). 
In DNVGL Rules these standards are implemented to 
other ship types than bulk carriers and oil tankers. 

Partial Ship Structural Analysis 

The partial ship structural analysis, respectively cargo 
hold analysis, is used for the strength assessment of hull 
girder structural members, primary supporting members 
and bulkheads. The strength of complex girders system 
with 3-D interaction should generally be based on FEA. 
According to DNV GL rules a FEA of the cargo hold 
area is performed mandatory for most designs, a least 
when the ship length exceeds 150 meters. Typically 
cargo hold FEA is focused on mid ship area, but if 
deemed necessary for some ship types, the new concept 
is applicable elsewhere in the cargo hold area. 
 

Structural Model 

With the model extent of three cargo hold lengths the 
FE analysis is applicable for any location along the ship 
length, as shown on Figure 1 and Figure 2. In both Fig-
ures only the port side of the full breath model is shown. 
The element mesh has to follow the local stiffener sys-
tem as far as practicable; hence this mesh system is 
characterized by following parameters: 

 one shell element between every stiffener,   
 at least 3 elements over the depth of girders, floors, 

web frames and stringers 
 all stiffeners are to be represented by eccentric 

beams 



 openings of about man hole size are to be mod-
elled by removing adequate elements 

 

 
Fig. 1: Midship cargo hold model of an ore carrier  

 
Fig. 2: Foremost cargo hold model of a LNG carrier  

 
Examples of FE mesh arrangement is illustrated on 
Figure 3 and Figure 4. 

 
Fig. 3: Example of FE mesh arrangement of cargo hold 

structure for a membrane type gas carrier ship 

 
Fig. 4: Finite element mesh on web frame of an ore carrier 

Boundary Conditions 

Boundary conditions in cargo hold model simulate con-
straints from the cut-out structures. They consist of rigid 
links at model ends, point constraints and end-beams. 
The rigid links connect the nodes on the longitudinal 
members at the model ends to an independent point at 
neutral axis in centreline. Rigid links in y and z are 
applied at both ends of the cargo hold model so that the 
constraints of the model can be applied to the independ-
ent points. In order to simulate the warping constraints 
from the cut-out structures the end beams are to be ap-
plied at both ends of the cargo hold model. Under tor-
sional load, this out of plane stiffness acts as warping 
constraint. End constraint beams are to be modelled at 
the both end sections of the model along all longitudi-
nally continuous structural members and along the cross 
deck plating. The bending moment’s adjustments are 
applied by distributing longitudinal axial nodal forces to 
all hull girder bending effective longitudinal elements. 
The technical feasibility of using a cargo hold FE model 
to investigate the torsional effects for open deck ships is 
demonstrated in Rörup (2016). 
 

 
Fig. 5: Boundary constraints for cargo hold model 
  

Load Cases 

The wave loads introduced in DNV GL rules are with a 
clear link to direct analysis, and this allows the capacity 
formulas for yield and buckling to account for the phase 
between the different load components like hull girder 
bending, hull girder torsion, sea pressure and tank pres-
sure. The load formulation is following the so-called 
equivalent design wave (EDW) approach as it was used 
by GL for a long time in direct calculations and in CSR. 
The EDW in DNV GL rules build on CSR as far as 
possible but the EDWs for oil tankers and bulk carriers 



are not fully applicable for all ship types. So it has been 
improved to be applicable also for other ship types, e.g. 
also for small and slender ships. In this work 3D wave 
load analysis and rule formulas have been compared, for 
more than 100 ships covering a broad range of ship 
types and lengths.   
Each EDW maximizes a certain ship response and the 
EDWs considered for strength assessment are: 
 HSM: Vertical bending moment in head sea 
 HSA: Acceleration in head sea 
 FSM: Vertical bending moment in following sea 
 OST: Torsion in oblique/stern quartering sea 
 OSA: Acceleration in oblique/bow quartering sea 
 BSP: Side shell pressure at water line in beam sea  
 BSR: Roll in beam sea  

 
A total of 11 pairs of EDWs are defined, and each pair 
represents a wave crest phase and a wave through phase. 
These EDWs are illustrated in Figure 6. The accelera-
tion EDWs OSA and HSA are not considered in fatigue 
assessment. 

 
Fig. 6: Equivalent Design Waves (EDW) 

 

Loads Application 

For partial ship FEA the combination of the ship static 
and dynamic load/EDW which are likely to impose the 
most serious load regimes on the hull structure are to be 
investigated. Each load combination requires the appli-
cation of the structural weight, internal and external 
pressures and hull girder loads.  
As partial ship FE model represents a part of the ship, 
the local loads (i.e. static and dynamic internal and 
external loads) applied to the model will induce hull 
girder loads which represent a semi-global effect. This 
may not necessarily reach desired hull girder loads, i.e. 
hull girder targets. Therefore hull girder adjustments to 
the rule targets are necessary by applying additional 
forces and moments to the model. 
Figure 7 illustrates one considered loading case of a gas 
carrier in oblique sea conditions (OSA). Plots of hull 
girder components are obtained from integrated loads 
applied along the FE model. This enables to account the 
necessary adjustments to reach the required targets. 
Each hull girder component can be adjusted separately, 
i.e.: 
• hull girder vertical shear force 
• hull girder vertical bending moment 

• hull girder horizontal bending moment
• hull girder torsional moment 
 

 
Fig. 7: Hull girder components obtained from integrated 

loads along the FE model 
 

Evaluation of Results 

For strength assessment the partial ship analysis is in-
tended to verify the following:  
 stress levels are within the rule criteria for yielding 
failure mode. The acceptance criteria is developed 
based the von Mises stresses extracted from the FE 
model of standardised mesh size,  
 buckling capability of plates and stiffened panels. The 
Rules provides with two alternative applications of 
closed form methods (CFM) represented by equations 
and semi-analytical methods (PULS). 

Yield and buckling strength assessment is to be carried 
out within the evaluation area of the FE model. The hull 
girder loads are controlled only within the middle hold 
of three cargo hold model. Hence, typically the middle 
hold represents the evaluation area.  
The partial ship FE analysis is utilised for local fine 
mesh analysis and the fatigue assessment of structural 
details.  
 

Implementation in Software 

The increased complexity of loads and capacity formu-
las in DNV GL rules allows better control of safety 
margins, but increase the dependency on efficient de-
sign tools. Both Nauticus Hull/GeniE and POSEIDON 
have been updated to incorporate the new rules and the 
tools are enhanced for improved efficiency. Main new 
features include the following: 



 new functionality for ship-specific modelling and 
import of hull form from 3D design tools for efficient 
modelling of the non-parallel cargo area 
 improved mesh control with functionality for automat-
ic meshing and state-of-the-art tools for manual mesh 
adjustments 
 improved efficiency for generating local fine mesh FE 
models of critical details 
 automatic generation of corrosion additions, boundary 
conditions and loads for cargo-hold FEA, including 
both local pressures and global hull girder loads 
 automatic yield, buckling and fatigue check according 
to the new rules. Acceptance criteria for different 
structural components are automatically accounted for 
 improved functionality for import of FE models from 
other FE systems (Patran/Nastran, ANSYS) and early 
design tools like NAPA Steel 

 

 
Fig. 8: Automatic buckling check in cargo hold analysis 
 

Global Strength Analysis 

The objective of a global strength analysis is to obtain a 
reliable description of the overall hull girder stiffness 
and to assess the global stresses and deformations of all 
primary hull members for specified load cases resulting 
from realistic loading conditions and the wave-induced 
forces and moments. Generally, the purpose of the glob-
al analysis is not to judge on local stresses due to stiff-
ener- or plate bending, whereas the focus is at realistic 
stiffness and deformation characteristic of the hull gird-
er. Global strength analysis may be required if the struc-
tural response of the hull girder cannot be sufficiently 
determined by simple beam theory, e.g. for ships: 
 with large deck openings subjected to overall tor-

sional deformation and stress response, as for con-
tainer ships  

 without or with limited transverse bulkhead struc-
tures over the vessel length, as for Ro-Ro vessels 
and car carriers  

 with partly effective superstructure and/ or partly 
effective upper part of hull girder, as for large Pas-
senger vessels 

The dimensioning of complex ship structures with the 
finite element method of the entire ship reflects the 

actual loads computed for the ship by direct wave load 
analysis.    

Structural Model 

For traditional global strength analysis with a girder 
mesh spacing the grid points are located at the intersec-
tion of primary members. In general, the element size 
may be taken as one element between longitudinal gird-
ers, one element between transverse webs, and one 
element between stringers and decks. Stiffeners between 
the existing grid points are lumped to neighbouring 
nodes. Smaller openings like man holes are to be con-
sidered by a corresponding reduction in the element 
thickness. Fig. 9 shows typical girder mesh spacing for 
a container ship in for ship area. 

 
Fig. 9: Typical coarse mesh for global FEA  

 

Advanced Whole Ship Analysis 

Since for novel, large or complex designs, a global FE 
model is required and this model has different (coarse) 
meshing requirements than the cargo hold FEA, this 
global analysis is a major additional step both in terms 
of effort and time.  Any additional modelling or analysis 
effort in the early design phase can be a significant 
burden to the yard when it is not yet certain that the 
newbuilding will be contracted. Therefore, modelling 
effort should be kept at a minimum and the dimension-
ing process must be fast in order to quickly reach a 
sufficient degree of certainty with regard to cost calcula-
tion. 
With the introduction of CAD functionality into basic 
Ship Design but also with more powerful FE pre-
processing capability the design process starts to 
change. The reason is that a holistic description of the 
vessel becomes available earlier in the process. It is 
evident, that modelling of the steel construction should 
be limited to only one model as far as possible. To 
streamline the dimensioning process and reduce model-
ling effort, it is therefore a natural step to: 
 consolidate the meshing requirements for global 

and cargo hold FE model 
 adapt the global analysis procedure to also cover 

the cases so far contained in the cargo hold analysis 



procedure 

For this reason, a procedure for loading, computing and 
assessing global FE models with stiffener mesh spacing 
had to be developed. The new methodology has been 
termed Advanced Whole Ship Analysis (AWSA) 
Rörup (2016) and covers the requirements of both the 
traditional global FE analysis and cargo hold FE analy-
sis. 
A common concept model should be re-used for all 
different analysis purposes and the analysis procedure 
needs to be automated as far as possible. A common 
concept model can be: 

a basic design CAD model if FE meshing and inter-
face to prescriptive dimensioning are in place,
the rule calculation model if both prescriptive and
FE modelling and analysis are covered in the tool,
a Finite Element preprocessor model if it covers the
required shipbuilding concepts and is interfaced to
prescriptive dimensioning.

The DNV GL rules are prepared for application of the 
Advanced Whole Ship Analysis. Meshing requirements 
and corresponding yield & buckling criteria are defined 
accordingly. Since in the DNV GL rules the equivalent 
design wave (EDW) concept is already used for the 
prescriptive rule loads, equivalent EDWs as used in 
traditional cargo hold FEA can be also applied in 
AWSA for the embedded cargo hold FEA. The sole 
difference is that in case of AWSA the EDWs are ap-
plied on basis of an individual direct wave load analysis, 
instead of using accelerations and sea loads defined by 
the rules. 

Structural Model 

For the new AWSA the entire ship is modelled with 
stiffener mesh spacing. Compared to a coarse mesh 
model, much higher IT-resources are necessary. Total 
number of nodes and elements are increased about by 
factor 8. Number of equations even by factor 16, thus 
the finer mesh requires shells and beams with 6 degrees 
of freedom (DOF) for each node, whereas the coarse 
mesh model works with plane stress elements and truss-
es with 3 DOF. For a 14,000 TEU container ship 
AWSA-model of Fig. 10 total DOF exceed a value of 
1.4 Mio.  

Fig. 10: AWSA finite element model 

Load Cases 

The load generation for global FEA is an important step. 

ShipLoad (Cabos, 2006; Rörup, 2008) was developed to 
provide convenient software for performing all neces-
sary steps of the load case generation process in reliable 
way. Based on the equivalent design wave (EDW) ap-
proach, this software identifies the most relevant load 
combinations for dimensioning a ship’s structure. By 
performing first-principle hydrodynamic computations 
for regular waves, ShipLoad determines wave induced 
pressure and ship acceleration values. Structural loads 
result from the acceleration of masses (inertial loads) 
and from external (wave-induced) pressure. ShipLoad 
models the mass distribution of a ship and its cargo, 
computes hydrostatic and hydrodynamic wave-induced 
pressures, and combines both load types to generate 
balanced, quasi-static load cases.  
Typical results of load computations are shown in Fig. 
11 for a containership subject to the EDW that defines 
wave loads causing maximum torsion of the hull girder. 

Fig. 11: Hydrodynamic pressures, sectional loads, and 
deformation/stresses for maximum torsion 

Wave lengths that were analysed to obtain global loads 
in regular waves ranged from 0.35 to 1.2 times ship 
length. Wave headings ranged from 0 to 180 deg. at 30 
deg. intervals. For each combination of wave length and 
wave heading, 50 equidistant wave crest positions over 
the ship’s length were considered. From a total of 9500 
situations of the ship in regular waves, 40 design load 
cases were selected for two static loading conditions, 
namely, the maximum hogging condition and the mini-
mum hogging condition. They were selected by match-
ing vertical and horizontal wave bending moments as 
well as torsional wave moments to design values given 



in classification society rules DNV GL (2016a). 
Beside the load cases of the traditional global FEA the 
load scenarios of cargo hold FEA shall be investigated 
with the AWSA-model, too. 
Cargo hold FEA for a container ship is required for the 
cargo hold in way of the mid ship section and for the 
fuel oil deep tank area. Six respectively eight different 
loading conditions must be investigated according to 
DNV GL rules. When an embedded cargo hold FEA is 
carried out with the AWSA procedure the load cases are 
analysed by direct wave load approach and 16 different 
still water conditions must be prepared instead of two 
for the traditional global FEA. Therefore an interface 
between the CAD-design program and ShipLoad is 
essential to transfer all data describing the loading con-
ditions.  
Usually the stability data prepared with a hull design 
program (such as NAPA) is the basis for loading condi-
tion modelling in ShipLoad. Conceptually, hull design 
program and ShipLoad loading conditions are similar, 
namely assemblies of lightweight masses (referring to 
geometric ranges) and cargo loads (referring to com-
partments or containers). Hence, it is straightforward to 
export automatically most information from the hull 
design model to ShipLoad.  
 

Permissible Stresses 

The permissible stresses need to be adjusted in order to 
keep the safety level from the standard procedures. This 
is due to the refined AWSA FE mesh. Beside effects 
due to local stress concentrations, the higher detail 
grade and the extended stress components considered 
within an ASWA, as illustrated in Fig.12 are the reason 
for this. 

 
Fig. 12: Stress components considered in AWSA 

 

The permissible stresses for cargo hold analyses can be 
taken as a reasonable starting point in this respect. 
However the effects of the global loads and load cases 
to be considered within a global FEA and therefore 
within an AWSA require tailored permissible stresses. 
A procedure for the treatment and assessment of local 
stress concentrations which become visible due to the 
refined AWSA global FE mesh becomes essential in 
this respect. 
Derived from comparison calculations with standard 
coarse mesh global FEA and stiffener mesh spacing 
AWSA models the permissible stresses in DNV GL 

(2016c) are increased by 10 % for AWSA, beyond that 
a further increase by 6 % is acceptable in way of struc-
tural discontinuities.   

Buckling Strength 

For weight optimisation and safety of ship structures the 
buckling analysis is an important task. With FEA the 
realized bi-axial stress condition combined with shear 
can cause buckling in plate fields already on a stress 
level much lower than the permissible stresses for yield. 
With DNV GL rules the closed form method (Hayward, 
2016) is applicable and a systematic evaluation of all 
structural members represented in the entire FE-model 
are practicable in short time.  
The closed form proof of sufficient buckling strength in 
the DNV GL rules is based on the ultimate strength 
concept where the proof for single plates and stiffeners 
are made separately. In case of the former, plate 
strength is evaluated for rectangular plates under linear-
ized stress distributions (both plate and stress distribu-
tions are idealised when necessary). The capacities of 
plates under single stress components are calculated 
which are then used in an interaction equation to calcu-
late plate capacity under combined in-plane loads. In 
terms of stiffeners, the proof uses an equivalent (sinus-
oidal) lateral load to account for the bending stresses 
which arise from second order effects (i.e. magnifica-
tion of initial deflections under in-plane loads). This 
equivalent lateral load is combined with any actual 
lateral load to obtain total bending stresses. These bend-
ing stresses are in turn combined with axial compression 
stresses and warping stresses to obtain total stresses in 
the attached plate and flange which are then compared 
to the yield stress.  
Compared to a standard coarse mesh global FEA the 
buckling assessment revealed significant enhancements 
in respect of both efficiency as well as quality. The 
former is mainly due to reduced efforts for the prepara-
tion of the buckling analysis i.e. bucking field genera-
tion and the result evaluation. The latter is mainly due to 
the higher detail and lower structural idealization grade 
of the AWSA FE.  
With the stiffener spacing mesh used in AWSA models 
a much better idealisation of the structural members is 
given and an improved stress distribution is represented.  

 
Fig. 13: Buckling assessment in AWSA and global FEA 

Particularly in way of structural discontinuities such as 
man holes and brackets the stress distributions are more 
realistic. E.g., in traditional global models a man hole in 



stringer, girder or web frame was represented by apply-
ing 2/3 of the actual thickness on an element with 
2.5m x 3m for determining more reasonable stresses. 
But for correct buckling approach the actual plate thick-
ness must be considered retroactively and causes very 
high additional manual assessment efforts. In case of 
AWSA the man hole is considered by deleting an ap-
propriate FE-element, which gives much more realistic 
stress distribution in way of the opening using the actual 
plate thickness. Fig.13 illustrates the basic differences 
between buckling assessment for fine mesh AWSA 
procedure and standard coarse mesh global FEA. 
 

Outcome from AWSA 

The integration of the cargo hold analysis and the relat-
ed load cases into the global strength analysis – one of 
the AWSA essentials – run smoothly without any con-
siderable problems. When comparing the integrated 
AWSA approach with a standard cargo hold analysis 
based on a 3-hold FE model it can be stated that in gen-
eral the results of both are very similar. 
The ability to model the basic steel construction as a 
concept model in early design phase is a key for the 
reduction of design effort and time. This concept model 
can be built through CAD software, FE pre-processor or 
rule calculation software.  
Through deriving both prescriptive and whole ship FE 
model from this concept model, the AWSA procedure 
leads to fast and reliable results when calculations are 
covered by an integrated tool chain. 
In the future design process, an iterative procedure start-
ing from the midship section, utilizing a CH model as 
an intermediate step and ending in a model of the whole 
ship will still be present. As the meshing requirements 
for CH model and Whole Ship model agree, the same 
concept model can gradually be built up. 
Furthermore, the benefit of the AWSA procedure is that 
eventually all design checks are covered by only one FE 
model. This implies that: 
 global analysis and (now embedded) CH analysis 

are automatically performed on the same design re-
vision 

 efforts for documentation and reporting are reduced 
as one analysis covers all results 

 effort for meshing is reduced as no coarse mesh 
model is required anymore 

 results are more realistic because of less model 
idealizations 

 higher level stress components are considered: 
bending of girders and stiffeners are fully captured 

 better load cases, as global model allows to utilize 
direct hydrodynamic methods to determine loads 
even for embedded cargo hold analysis 

 buckling assessment is significantly streamlined 
through matching POSEIDON and FE model, both 
derived from one concept model, the assessment is 
performed automatically for plate fields as well as 
stiffeners, 

 

Local structural strength analysis  

For critical structural details where high stresses are 
expected, a local structural strength concept is available 
in DNV GL rules and it is required for some specific 
details and ship types. This concept is a so-called fine 
mesh FE analysis. The analysis is carried out for all FE 
load combinations applied to the corresponding partial 
and global FE analysis and has the scope to verify stress 
levels in the critical locations to be within the accepta-
ble DNV GL’s criteria for yielding.  
The fine mesh FE analysis is carried out by means of a 
separate local FE model with fine mesh areas, in con-
junction with the boundary conditions obtained from the 
partial or global ship FE model. The extend of the local 
FE model is to be such that the calculated stresses at the 
area of interest are not significantly affected by the 
imposed boundary conditions and application of loads. 
The boundary of the fine mesh FE model is to coincide 
with primary supporting members, such as plate floors, 
web frames, girders or stringers. Alternatively, to avoid 
the effect of boundary conditions, the fine mesh areas 
can be incorporated into partial or global ship FE model.  

 
Fig. 14: Example of a local model for fine mesh analysis 

The selection of critical location on the structural mem-
bers is based on the screening results of the partial or 
global ship FE analysis. In general, locations as hopper 
knuckles, frame end brackets, connections of deck and 
double bottom longitudinal stiffeners to transverse 
bulkhead, hatch corner areas or openings with maxi-
mum yield utilization factor are selected for the fine 
mesh analysis. The screening tools based on yield utili-
zation factor and also the remeshing processes are au-
tomatically performed in DNV GL software. 

 
Fig. 15: Example of fine meshed area for opening 

The fine meshed areas where high stresses are expected 
include shell elements with both bending and membrane 
properties. The mesh size is to be not greater than 
50mm x 50mm and should be sufficiently detailed to 
capture area of high stress. In general, the extent of fine 
mesh area is over than 10 elements in all directions from 



the area under investigation. Generally, the gradual 
meshing from fine to course meshed areas is to be used 
avoiding non-physical and abrupt stiffness changes. The 
distorted elements (e.g. element’s corner angle less than 
60° or greater than 120°) and triangular elements are to 
be avoided in the fine meshed area.  
If the fine mesh analysis is required for an opening 
special considerations are to be given for the mesh dis-
tribution. Around the opening at least two layer of ele-
ments are to be modelled with mesh size not greater 
than 50mm x 50mm (see Fig. 15). 
 

Conclusion 

Modern rules form a necessary partnership with soft-
ware tools. The increased complexity of loads and en-
hanced procedures for different types of FE analysis 
including global models, partial ship modelling and fine 
mesh allows an improved design process and class ap-
proval, but increase the dependency on efficient design 
tools. Beside that the rules satisfactory support the ap-
plication of the finite element analysis, it is essential for 
the designer to use efficient tools for his daily work. 
For class approval the cargo hold analysis is the most 
common FE concept and a full integration in the soft-
ware of following work steps are indispensable:  
 generate FE-model including corrosion margins  
 arrange and apply required local loads  
 adjust the loads to the required hull girder loads 
 yield check  
 buckling evaluation with propositions for sufficient 

scantlings 
 screening for local structural strength analysis 
 generate fine mesh models with boundary defor-

mations 
 fine mesh model yield check 
 documentation of all work steps  

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

For the less common global FEA or AWSA the work 
effort is once more higher than for cargo hold FEA and 
accordingly the before mentioned handling by software 
tools is here in almost the same manner relevant. Post 
processing can be executed with similar tools as for 
cargo hold FEA, but the load generation demands more 
advanced software for direct wave load analysis which 
is applicable for a structure engineer without expert 
knowledge in hydrodynamics.    
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Abstract

This paper aims to formalize and to generalize the so
called ’wave parameter’. This concept is used, implicitly
or explicitly by many class societies to derive wave loads
formulae in their rules. This wave parameter intends to
capture the effect of the ship length, independently from
its shape.

When going through the simplification of state-of-the-
art direct simulation to prescriptive formulae to be eas-
ily used in rules, loss of generality is difficult to avoid.
Thus current loads formulae are linked to a specific wave
data (generally North Atlantic rec.34 scatter diagram)
and a specific return period (generally around 25 years).
And those rules formulae cannot be adapted without com-
plete redefinition to more specific wave data or probabil-
ity level.

This paper introduces a generalized wave parameter
that gets rid of this limitation. By dissociating what, in
the wave parameter, is specific to the load type, and what
is specific to the wave data, rules formulae can be very
easily and accurately adapted to other wave data set.
Moreover, this approach provides a consistent and har-
monized way to write simplified formulae for any kind of
wave loads, for both extreme and fatigue.

The validation of this wave parameter formulation is
performed using a database of about 70 ships. Full and
ballast loading conditions on various GWS scatter dia-
gram are investigated, the reference value being the re-
sults from direct spectral analysis.

Keywords

Hydrodynamics; Rule; Wave loads; Sea-keeping

Nomenclature

RAO : Response Amplitude Operator

CSR : Common Structural Rules

VBM : Wave Vertical Bending Moment

L : Ship length

Cb : Block coefficient

Cw : Waterplane coefficient

Tr : Dimensionless roll period

n : Froude scale dimension

GWS : Global Wave Statistics

Introduction

To introduce the wave parameter (also known as ’wave

coefficient’), let’s introduce a family of three ships, all

three have same shape but different sizes (small, medium

and big). Their linear response to wave is given by

their linear transfer function (RAO). Due to their differ-

ent lengths, the three ships respond differently. While the

amplitude is proportional to Ln−1, the period varies with√
L, as illustrated by figure 1.

Figure 1: Illustration of the length effect with regards to

wave data

In this paper, the focus is put on the assessment of

the long term ship response. ”Long term value” is here

used in a broad sense : it is used to refer to any given

probability level of the long term distribution. It thus



refers indifferently to both extreme value (25 years return

period) and fatigue value (p = 10−2). This long term

response is the combination of the ship behaviour, given

by the RAO, and meteorological wave data, generally

given through scatter diagram tables.

If each of the 3 ships navigates in Froude scaled wave

conditions (i.e. H = H0 ∗L and T = T0 ∗
√
L), the long

term response X would follow a Froude scale, and would

then yield X = X0 ∗ Ln.

Of course, the North-Atlantic waves are the same for

all ships, regardless of the ship sizes, so that this relation-

ship does not hold. First improvement would be to con-

sider that only the wave height is not scale (i.e. only wave

periods are modified). Considering a linear response, this

would yield X = X0 ∗ Ln−1.

Then, actual periods are not scaled, which means

that depending on its size, the ship response period can

more or less match with the scatter diagram. From this

point of view, taking figure 1 as an example, the medium

size can be considered the worst : its response period

matches with the scatter diagram contour maxima. To

account for this effect, a correction H is thus be defined

: X = H(L) ∗X0 ∗ Ln−1.

In the above example, H would be maximum for the

medium sized ship. The correction factor H is the so

called ”wave parameter”. It is strongly related to the

scatter-diagram contour.

For the sake of conciseness, the approach is illustrated

on wave vertical bending moment and surge acceleration

only. The scope is nevertheless larger, the approach can

be applied to most of the loads.

Loads n

Translation 1

Rotation 0

Linear acceleration 0

Angular acceleration -1

Shear forces 3

Bending moment 4

Pressure 1

Table 1: Dimension n of different quantities

Wave parameter in existing rules

Using the wave parameter to capture length effect sep-

arately from the shape, envelope formula for any given

loads X , can be written as follows :

X = H(L) ∗ Ln−1 ∗ Γ(shape) ∗ fnl ∗ fr (1)

H : Wave parameter

L : Rule length of the ship

Γ : Function that depends on the ship shape

and mass properties (Cb, Cw, T/L, k/L ... )

fnl : Non-linear factor

fr : Calibration/routing factor

n : Froude dimension of the quantity

Existing rules sometimes explicitly display a wave pa-

rameter using the above template; it is the case for vertical

bending moment given in the IACS Commons Structural

Rules for bulks tankers (CSR, 2014).

V BMHogging = 0.19fmfp Cw L2BCb (2)

Cw being the wave parameter :

⎧⎪⎨⎪⎩
Cw = 10.75− ( 300−L

100 )1.5

Cw = 10.75

Cw = 10.75− (L−350
150 )1.5

(3)

Wave vertical bending moment redefined in UR S11A

(UR S11A, 2015) and BV NR 625 (NR 625, 2016) also

use an explicit wave parameter.

More often, no explicit wave parameter appears, but

it is nevertheless possible to separate the effect of length

from the rest of the formula to get the implicit wave pa-

rameter used. For instance, in current BV NR467 (NR

467, 2000), the pitch acceleration is given by :

apitch = 0.328∗ab(L)∗(1.32−
hw(L)

L
)

(
0.6

Cb

)0.75 ( 2π

0.575
√
L

)2

(4)

This can be re-written as follows, to explicit the wave

parameter:

⎧⎨
⎩
H(L) = ab(L) · (1.32L− hw(L))

apitch = H(L) · L−2 · 0.328 ∗
(

0.6
Cb

)0.75 (
2π

0.575

)2 (5)

Figure 2 plots the wave parameter of VBM and pitch

acceleration for a few rules sets.

(a) VBM



(b) Pitch acceleration

Figure 2: Wave parameter in existing rules
Note : The vertical scale has been arbitrarily adjusted

Computed wave parameter for a database of

ships

Hydrodynamic database

The current study on wave parameter relies extensively

on direct calculations on a database of ships. This hydro-

dynamic database is composed of 66 ships, in full loaded

and ballast condition (Table 2 and figure 3). The calcu-

lations have been performed using 3D-BEM theory with

HydroStar software, theoretical details can be found in

(Chen, 2004).

Figure 3: Database of ships used

Ship type Full Ballast

ContainerShip 21 10

Bulk 19 16

LNG 5 0

Passenger ship 2 0

Roro 3 0

Tanker 16 11

Total 66 37

Table 2: Database content

Without further post-processing, it is already to be

noted that, once made dimensionless, transfer functions

are actually quite similar from one ship to another (figure

4).

(a) VBM

(b) Surge acceleration

Figure 4: Dimensionless RAOs

Wave parameter from direct calculation

To accurately extract the wave parameter, without be-

ing polluted by shape effect, each ship of the database is

scaled from 50 to 1500 meters with a simple homothety.

The wave parameter is here formally defined as the ra-

tio between the current size and the maximum long-term

value over the whole ship family.

{
H(L) = γX(L)

Ln−1

γ so that Max(H) = 1
(6)

γ is a constant for each ship family and can be arbitrar-

ily defined. As a convention, γ is chosen so that the wave

parameter maximum is 1.

The wave parameter is thus computed for all the ships,

and displayed on figure 5.



(a) VBM

(b) Surge acceleration

Figure 5: Raw wave parameter

Generalized wave parameter

New formulation

Now, the same wave parameter is plotted, but versus√
L/Lref , where Lref is the length at which the wave

parameter (eq. 6) is maximum (figure 6).

(a) VBM

(b) Surge acceleration

Figure 6: Wave parameter - North-Atlantic

It then appears that not only the wave parameter shape

is almost the same for all ships, but also for all loads!

This feature is related to the fact that overall, all RAOs

present very similar shape : a main bump with a similar

bandwidth (see figure 4).

Of course, strictly speaking, all RAOs are not the same,

for instance, the bandwidth of the surge acceleration is a

slightly larger than the VBM one. This induces a small

difference in wave parameter shape that one can notice

looking very carefully at figure 6. In practice those dif-

ferences are negligible compared to other approximations

and uncertainties.

In the context of rules formula, this means that the

wave parameter shape can be constant for all loads and

ships, the only varying variable being Lref .

The shape fitted to match direct calculation data (and

plotted with label ”Approximation” in above figures) is

given by equation 7.

⎧⎨⎩H(L,Lref ) = 1− 1.5 · (1−
√

L
Lref

)2.2 if L < Lref

H(L,Lref ) = 1− 0.45 · (
√

L
Lref

− 1)1.7 if L ≥ Lref

(7)

Yet, for the overall wave parameter to be accurate, it is

necessary to check that whether the key Lref parameter

can be correctly approximated by a simple formula.

As shown in figure 7, Lref can be simply approxi-

mated, with reasonable accuracy (formula indicated in

the figure). Error (taken as the coefficient of variation

between formula and direct calculation) is about 7% for

the VBM, and 4% for the surge acceleration. Details on

the fitting method used can be found in (de Hauteclocque

et al., 2016).



(a) VBM - Lref = 315C−1.3
w

(b) Surge acceleration Lref = 180C−0.9
w

Figure 7: Wave parameter with approximated Lref

Using both simplified shape for the wave parameter (eq

7) and approximation of Lref , the resulting error is ex-

cellent : below 2% for both vertical bending moment and

surge acceleration (figure 8). It can be noticed that er-

ror made on Lref is partially smoothed out by the wave

parameter shape that is quite flat.

(a) VBM

(b) Surge acceleration

Figure 8: Wave parameter using ”rules” value of Lref

Equation 7 is the wave parameter used in the wave

VBM formulation in UR S11A (UR S11A, 2015). Al-

though only applied to bending moment in URS11a, this

wave parameter is more generic and can be applied to

other loads, accelerations or motions with similar accu-

racy (provided that Lref is given).

Generalization to other scatter diagram

So far, the wave parameter has been computed on the

North-Atlantic scatter diagram. This section looks at the

consequence of a different scatter-diagram on the wave

parameter, taking as illustration the so called ”world-

wide” scatter-diagram (RP C205, 2007). This scatter dia-

gram presents lower Hs that the North-Atlantic one. Fur-

thermore, typical periods are slightly shorter (figure 9).

Thus, ship response is expected to be smaller on world-

wide wave data, but the decrease is expected to depend

on the ship size (smaller decrease for small ship).

Figure 9: Wave data

As on the North-Atlantic case, the wave parameter is

computed using direct calculation on the ship database.

Once again, it is possible to use a unique shape for

the wave parameter. In this particular case, the coeffi-

cients (al, el, ar, er) fitted for the North-Atlantic case do

a pretty good job for world-wide condition. With other

scatter-diagram, those coefficients might have to be ad-

justed.



(a) VBM

(b) Surge acceleraion

Figure 10: Wave parameter - World-wide condition

One key feature here, is that neither Lref nor γ in fig-

ure 10 is re-assessed. Lref and γ are simply the ones used

for the North-Atlantic case (which can thus be consid-

ered as an arbitrary reference). The shifts (in period and

hight) observed between N.A. and world-wide wave pa-

rameter are identical for all ships and loads. These shifts

are highly related to the ones observed in the scatter dia-

gram (figure 9).

To allow for more generality, the wave parameter can

therefore be written as follows :

⎧⎪⎪⎪⎪⎨
⎪⎪⎪⎪⎩

H(L,α) = A (1− al · (1−
√

L

α · Lc

)
el

) if L < Lref

H(L,α) = A (1− ar · (
√

L

α · Lc

− 1)
er

) if L ≥ Lref

Depends on wave data Depends on RAO

(8)

with

Lref = Lc ∗ α (9)

Where Lc is a characteristic length of the scatter dia-

gram, and does not depend on the ship or load type. In-

versely, α is a parameter that reflects whether the load

RAO is rather low or high frequency, independently from

the wave data.

The decomposition between Lc and α (eq 9) is not

unique and depends on an arbitrary constant. It has here

been chosen to use, as a reference, Lc = 486m for the 25

years return period value on the IACS rec.34 scatter dia-

gram. This 486m corresponds to the wave-length where

the contour is maximum (see figure 9). Consequently, Lc

for other scatter diagrams is defined with regard to this

North-Atlantic reference.

Wave data A Lc al el ar er

N.A. 25 years 1. 486. 1.5 2.2 0.45 1.7

WW 25 years 0.85 413. 1.5 2.2 0.45 1.7

Table 3: Wave parameter coefficients for various wave

data

Table 4 presents typical value of α. It can be checked

that surge acceleration is excited at lower frequencies

than VBM (lower α value for the surge acceleration).

And, of course, the roll motion depends strongly on the

GM.

Load Simplifed Typical value

formula (Mean on database)

VBM 0.65C−1.3
w 0.75

VSF 0.68C−1.3
w 0.75

HBM 0.65T
L

−0.3
1.4

Surge Acc 0.37C−0.9
w 0.4

Sway Acc 0.24B
L 0.8

Heave Acc 0.35T
L

−0.35
1.0

Pitch 0.56 0.56

Pitch acceleration 0.24B
L

−0.8
1.0

Roll 4.6Tr−2.0 -

Table 4: Typical α value for some loads

Tr is the dimensionless roll period

Cw is the waterplane coefficient

Probability level

Now, let’s consider that, for some reasons the loads are

desired with another probability level. This is for instance

the case of fatigue loads, which are computed at the prob-

ability p = 10−2. As for a change of scatter-diagram, this

can be reflected fully by only changing the wave param-

eter coefficients.

(a) VBM



(b) Surge acceleraion

Figure 11: Wave parameter on IACS N.A., p = 10−2

Compare to extreme, the shape of the wave parameter

has been changed, the coefficient fitting the data are given

in table 5:

Wave data A Lc al el ar er

N.A. 25 years 1. 486. 1.5 2.2 0.45 1.7

WW 25 years 0.85 413. 1.5 2.2 0.45 1.7

N.A. p = 10−2 0.23 360. 1.6 2.0 0.65 1.7

W.W. p = 10−2 0.17 290. 1.6 2.0 0.65 1.7

Table 5: Wave parameter coefficients for various proba-

bility levels

Finally, to illustrate the generality of the wave param-

eter, figure 12 presents the results of direct computations

compared to the approximations, for various loads, prob-

abilities and scatter diagrams.

Figure 12: Wave parameter on IACS N.A., p = 10−2 and

RP = 25 years

Conclusion

Figure 13: Wave parameter comparison

The wave parameter concept, already existing in many

rules set, has been formalized and generalized. Fur-

thermore, it has been successfully validated through ex-

tensive comparison with direct calculation results. It

presents three mains benefits.

First, the rule formula is closer to the physic. Em-

bedding the physical phenomena (period/height relation-

ship in scatter diagram) in the formula makes much more

probable a good fit.

Secondly, all loads follow the same formalism, which

make rules simpler.

Last, but not least, the wave data are completely decou-

pled from the ship response. This makes the adaptation

of the whole set of rules formulae to new wave data very

easy and simple. This is a very convenient feature to ap-

ply the rules to a specific location. Furthermore, if the

North-Atlantic wave data is improved in the future, the

corresponding update in the rules would be quite direct

and consistent.

This wave parameter has been used in the development

of IACS ”UR S11A” (UR S11A, 2015) (which, among

other things, defines the wave vertical bending moment

for ship ultimate strength). It is also the basis for all

load formulae in BV rules for container-ships NR625

(de Hauteclocque et al., 2016) , (NR 625, 2016).
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Abstract

Bureau Veritas has developed new rules (”NR625”) for
the classification of container-ships. The wave loads
part of these rules has been completely redesigned, us-
ing modern methodology and computational tools. This
paper presents the technical background of this new set
of wave loads rule formulae.

Rule formulae (as opposed to direct simulation) have
been used to evaluate wave loads on ships for many years
and they are still the easiest and the most convenient
method. However, direct calculation is nowadays more
and more affordable. While obstacles to direct calcula-
tion being used in the rules instead of simplified formulae
still remain (calculation time, user time, and need for a
hydrodynamic mesh), it is essential that rule load formu-
lae results match those of state-of-the-art direct calcula-
tion. Furthermore, the approach used to derive a rule
formula should be compatible with a direct calculation
approach, at every step.

The methodology to derive rule load cases is based
on the so called equivalent design wave approach (sim-
ilar to the one used in IACS Common Structural Rules).
Firstly, design waves (load cases) corresponding to dom-
inant loads are selected. In order to make and validate
this selection, 3DFEM and 2D hydro-structure compu-
tations are carried out for four and five vessels, respec-
tively, producing stress RAO for a very large number of
structural elements in each vessel. The validation con-
sists in making sure that the design wave approximation
is close enough to a full spectral calculation. To properly
select the most relevant elements, the usage factor for-
malism is introduced and directly indicates the margin of
each element’s response with regard to the relevant fail-
ure modes.

Secondly, a hydrodynamic database of more than 70
ships is used to derive simplified formula for the envelope
of hull girder loads, motion and acceleration. Finally,
the instantaneous wave loads on each selected load case
are defined using irregular design waves on the 70 ship
hydrodynamic database.

Keywords

Ship; Hydrodynamics; Rule; Wave loads; Sea-keeping;

Nomenclature

VBM : Vertival Bending Moment

VSF : Vertical Shear Force

HBM : Horizontal Bending Moment

HSF : Horizontal Shear Force

EDW : Equivalent Design Wave

REG : Regular wave

RCW : Response Conditioned Wave

DRCW : Directional Response Conditioned Wave

RAO : Response Amplitude Operator

UF : Usage Factor

LCF : Load Combination Factor

CoG : Center of Gravity

Cb : Block coefficient

Cw : Waterplane coefficient

Tr : Dimensionless roll period

k : Pitch gyration radius

xg , yg , zg : Coordinates of the CoG (in m)

BEM : Boundary Element Method

Introduction

Nowadays, complex wave loads on ships can be evalu-

ated using simulation tools (3D BEM for instance). Input

is a complete 3D hull shape, mass distribution and de-

tailed wave data. In the context of classification, hydro-

structure simulations are however still too complex and

heavy, both in user and computation time, to be used on

a regular basis. This paper presents how the waves loads

from simulation (direct calculation) tools can be simpli-

fied into simple, explicit formulae. This simplification

process being quite challenging, this paper focuses on a

systematic and general approach to derive rule formulae,

but does not intend to cover the whole scope of wave

loads (in particular, it does not detail the more ad hoc

method used to derive the non-linear and calibration fac-

tors included in the rules).



The paper thus intends to provide rule formulae that

accurately represent the results of a linear computation,

under the following environmental conditions :

• IACS rec34 scatter diagram (North Atlantic)

• Pierson-Moskowitz spectrum

• cos2 wave spreading

• Heading considered equiprobable

• 25 years return period for extreme loads

(p=0.01 for fatigue)

• Speed = 5knots for extreme loads

(75% service speed for fatigue loads)

Overall methodology

The overall methodology is similar to the one used for

the development of IACS common structural rules (CSR,

2014). The approach is used for both fatigue and extreme

loads. Indeed, the main differences between fatigue and

extreme loads are only the level of probability defined

as a target (Derbanne et al., 2011) and the vessel speed.

Those differences have a small impact on the methodol-

ogy accuracy. The process can be separated into three

main steps :

1. Envelope for loads

2. Load case selection

3. Load case simplification

Load envelopes

First thing to assess is the long term value (envelope)

of the various loads (hull girder loads, accelerations and

motions). Here ”long term value” (or envelope) is used

in a broad sense : it is used to refer to any given prob-

ability level of the long term distribution. ”Long term

value” or envelope thus refers here indifferently to both

extreme value (25 years return period) and fatigue value

(p = 10−2).

To derive formulae for load envelopes, direct calcula-

tions are run on a database of ships and used as a first

reference.

The hydrodynamic database is composed of 66 ships,

in fully loaded and ballast conditions. As shown in ta-

ble 1, the database contains a lot of container-ships, but

not only : tanker, bulks, LNG, Roro and passenger ships

are also included. Indeed, from the hydrodynamic point

of view, those ships are quite alike. Their differences are

quite continuous and can be clearly identified with a few

”shape” parameters (Cb, Cw, T/L , B/L...). Using a wider

range of ships make the formula more robust: it reduces

the possibility of newly designed ship parameters to ex-

ceed the validity bounds. The accuracy cost of this gen-

erality will be shown reasonable.

Ship type Full Ballast

ContainerShip 21 10

Bulk 19 16

Tanker 16 11

LNG 5 0

Roro 3 0

Passenger ship 2 0

Total 66 37

Table 1: Database content

The hydrodynamic calculations have been performed

using 3D-BEM linear theory (HydroStar software, the-

oretical details can be found in (Chen, 2004)). Meshes

used are shown in figure 1. Long term statistics have been

calculated through spectral analysis.

Figure 1: Database of ships used

To fit a formula on these direct calculation results,

the so called ”wave parameter” is used (see details in

(de Hauteclocque and Derbanne, 2016)). Load envelopes

are thus written using the following template :

X = H(L, α) ∗ Ln−1 ∗ Γ(shape) ∗ fnl ∗ fr (1)

where :

H : Wave parameter for IACS North-Atlantic

L : Rule length of the ship

Γ : Function that depends on the ship shape

and mass properties (Cb, Cw, T/L, k/L ... )

fnl : Non-linear factor (not in the scope of this paper)

fr : Calibration/routing factor (not in the scope of this paper)

n : Froude dimension of the X quantity

α : Function that depends on ship shape

and mass properties (Cb, Cw, T/L, k/L ... )

Thus, for each quantity, two formulae have to be

defined, one for α, and another for Γ. α reflects the

length effect through the wave parameter, higher value

of α means that the ship react to higher frequencies.

Γ depends on the ship shape and mass, independently

from its length. Those formulae should be function of

simple dimensionless parameters that characterize the

ship shape and mass distribution. This parameters list is

PL = {Cb, Cw, T/L,B/L, T/B, TR, k/L}

For both Γ and α, a ”product” formula has been as-

sumed (eq 2), and a standard algorithm has been used to



derive the ci that minimize the difference with the direct

calculation.

Of course, the number of parameters kept in the final

formula is a trade-off between accuracy and complexity.

In most of the cases, having more than 3 parameters does

not improve significantly the accuracy, so that most of the

formulae display actually only 1 or 2 parameters.

F (PL) = c0
∏

pi∈PL

pcii (2)

As an illustration, figures 2 to 4 compare the direct cal-

culation results (x axis) to the formula output (y axis), for

the surge acceleration. The chosen formulae are indicated

on graphs. It can be noted that α is not directly in the fi-

nal formula, but only through the wave parameter. As

the wave parameter can be quite ”flat”, it is not always

necessary to very accurately match α to get an accurate

formula. On the other hand, the accuracy of Γ is always

reflected in the final formula accuracy.

It is also interesting to note that, while the value ranges

vary from one ship type to another, the error is compara-

ble for all ship type. This confirms that having a unique

fit for all ship types does not reduce significantly the ac-

curacy, the benefit being (on top of the simplicity) an in-

creased robustness.

Figure 2: Surge acceleration - α = 0.37C−0.9
w

Figure 3: Surge acceleration - Dimensionless part

Γ = 115T
L

−0.2
C−0.6

b

Figure 4: Surge acceleration - Final formula H(L, α) ∗Γ

This process has been applied to the different loads, for

fatigue and extreme. Table 2 presents an extract of those

results.

Load α Γ

VBM 0.65C−1.3
w 1500.Cw

B
L

0.8

VSF 0.68C−1.3
w 5200.Cw

B
L

0.8

HBM 0.65T
L

−0.3
2600.C0.3

b
T
L

0.8

HSF 0.65T
L

−0.3
10200.C0.6

b
T
L

0.8

Surge Acc 0.37C−0.9
w 115.C−0.6

b
T
L

−0.2

Sway Acc 0.24B
L 115.BL

−0.5 T
L

−0.5

Heave Acc 0.35T
L

−0.35
350.BL

−0.5

Pitch 0.56 1970C−0.75
w

Pitch Acc 0.24B
L

−0.8
60000B

L

−0.5
C−1.5

w

Roll 4.6Tr−2.0 15300.T r−0.83

Roll Acc 5.5Tr−2.0 3185000.T r−2.1

Table 2: Rule formulae for some extreme wave loads

Load case selection

In the previous section, long term values of loads have

been defined independently from each other. This step

is however far from sufficient to load a structural model.

Indeed, the long term value of the different loads does not

arise at the same time, nor in the same wave condition.

So far, with only long term values, nothing is said about

how the different loads should be combined. Physically

consistent load cases are thus necessary.

To derive those load cases, it has been decided to use

a design wave approach. In this approach, a few waves

are defined, and, on each of those waves, the load case

corresponds to the loads at given time t0. The load case is

thus physically consistent and realistic. The key question

is then how to define those waves. In practice, they are

defined so that the response of a given load at t = t0 is

equal to its long term value, which is the definition of an



Equivalent Design Wave (EDW).

Using the EDW approach, the long term loading is

modelled by only a few waves. Those few waves are thus

to be selected with care, and it has to be checked whether

the maximum stress over those few load cases accurately

represents the actual long term stress that would occur on

millions of waves. The load to target and the way to de-

fine the EDW that targets this given load are important in

the final accuracy of the approach.

Figure 5: Validation scheme for design wave selection
*can also be reconstructed from UF RAOs if available

Irregular Equivalent Design Wave

Given a dominant load to target, there are many ways to

generate a design wave : regular, irregular, directional.

Using the results of (de Hauteclocque et al., 2012) which

discusses in details the issue, it has been decided to use

the irregular unidirectional wave (also known as ”Re-

sponse Conditioned Wave”). This RCW includes more

physics and allows more accurate estimation of stresses

than the standard regular wave. For instance, when us-

ing regular design wave, it happens that a secondary load

exceeds its long term value on some EDWs (LCF > 1).

The irregular wave is much less likely to presents such a

spurious behaviour.

Usage factor (UF)

To validate the EDW approach, its results are compared

to a full spectral calculation, using direct calculation for

upstream data in both cases (figure 5). The most straight-

forward data to benchmark is the stress value itself (nor-

mal stresses and shear). In practice, a previous study

(de Hauteclocque et al., 2012) showed that the EDW ap-

proach is accurate for high stresses, but that the error can

be large for low stresses. As low stresses are not rele-

vant to the ship design they could be filtered out and not

considered in the analysis. However, this approach is not

fully rigorous: how is the limit between low and high

stress defined? Depending on the failure mode (yield-

ing, buckling or fatigue) the actual impact of a given

stress level on the ship scantling might be different. Thus,

in this study, instead of benchmarking the raw absolute

stress value, the stress is put relatively to the structure

capacity through so called usage factor.

The simplest and most intuitive definition of the usage

factor is simply the ratio between the stress value and the

allowable stress in the structural part. However, this def-

inition needs to be improved, since the definition of both

the stress and the allowable stress might be more complex

than simple scalars. For example, in plate structures the

different terms of the stress tensor need to be jointly con-

sidered. In addition, the allowable stress may be different

for compressive stress and tensile stress.

For a more general definition of the usage factor, we

first introduce the failure function: a function of the stress

tensor that is equal to one when the limit state for the

structure is reached (3).

F (σ) = 1 (3)

For example, in the case of the yielding criterion based

on the Von Mises stress in a thin plate, the definition of

the failure function is:

F (σ) =
1

σal

√
σ2
11 + σ2

22 − σ11σ22 + 3σ2
12 (4)

where σ11, σ22 and σ12 are the non-zero components

of the plane-stress tensor σ, and σal is the allowable

stress. This failure function can be illustrated graphically

using a orthonormal system for σ11, σ22 and σ12, it

corresponds to an ellipsoid as shown on the figure below

(6a).

The stress tensor is then written as the sum of the still

water stress and the wave induced stress multiplied by a

stress multiplication factor γ.

σ = σsw + γσw (5)

The limit state is reached for γ = γc (6):

F (σsw + γcσw) = 1 (6)

The usage factor UF is the inverse of γc. For a par-

ticular value of the stress tensor σw, UF can be obtained

by a closed form equation, or determined by a numeri-

cal scheme if the failure function F imposes it. But it

is generaly not possible to compute a usage factor long

term value by spectral analysis. Indeed, UF can not be

obtained by a linear combination of the stress tensor com-

ponents, and a usage factor RAO cannot be defined.

(a) Original (b) Approximation with 14 planes

Figure 6: Von Mises failure surface



We now consider the particular case of a linear failure

function:

F (σ) =
1

K
(σ · n) (7)

It corresponds to a plane ”failure surface” with a nor-

mal vector n = (k11; k22; k12), defined by the following

equation:

k11σ11 + k22σ22σ22 + k12σ12 = K (8)

In this case, the usage factor is a linear combination of

the wave induced stress tensor components:

UF =
σW · n

K − σSW · n (9)

If the failure surface is -or is approximated with- a

combination of several plane surfaces, then the actual us-

age factor is defined by:

UF = Max(UF i) (10)

with

UF i =
σW · ni

Ki − σSW · ni
(11)

where ni and Ki are respectively the normal vector

and the distance to origin that define plane i.
A key feature is that UF i is linear with regard to the

wave induced stress tensor components. This allows de-

riving UF i transfer function RAO (equation 12), which

can be spectrally analysed to get extreme values.

UF i(ω) =
ki11σ11(ω) + ki22σ22(ω) + ki12σ12(ω)

Ki − σSW · ni
(12)

Then the long term value of usage factor is the maxi-

mum of the long term values for each plane that defines

the approximated failure surface. In this work, the Von

Mises ellipsoid failure surface has been approximated

with 14 planes, as illustrated on figure 6b.

The same principle has been used to define usage fac-

tors for the stiffened panel buckling criteria defined in the

IACS Common Structural Rules. As shown on figure 7,

the failure surface has a rather complicated shape, and it

has been approximated with 17 planes.

(a) Original (b) Approximation with 17 planes

Figure 7: Buckling failure surface

For each structural element considered for the EDW

validation, the failure surface and its polyhedral approxi-

mation are determined based on the material yield stress,

the thicknesses and dimensions of the plate and stiffen-

ers. Then the different usage factor RAOs for the polyhe-

dral approximation are built by linear combination of the

stress RAO.

Hydro-structure computation

The above described methodology is applied on 4 differ-

ent ships for which 3D FEM spectral analysis has been

performed. This task has been performed using Homer

software, theoretical details can be found in (Malenica Š

et al., 2008).

(a) Ship 1 - Container ship (b) Ship 2 - Bulk carrier

(c) Ship 3 - LNG Carrier (d) Ship 4 - Passenger vessel

Figure 8: 3D FE models used for hydro-structure compu-

tation.

Results

The following dominant loads were chosen as design

wave candidates :

• Acceleration/Motion along the ship (20 loads)

• Hull girder loads along the ship (15 loads)

• pressure along the ship, at waterline and centreline

(6 loads)

Using all those 41 EDWs, the usage factors estimated

by the EDW approach are correctly approximated, with a

coefficient of variation below 8% (see figure 10, UF be-

low 0.2 are filtered out). Of course, using all those EDWs

in the rules would be a practical nightmare and a selec-

tion has to be made. Reducing the number of dominant

loads is fortunately possible, as shown on figure 9, where

the selection of EDWs is made individually for each ship.

From this, assuming that the set of selected design waves

does not vary too much from ship to ship, a satisfactory

trade-off should be around 6 design waves.



Figure 9: EDW accuracy function of the number of

EDWs

Then combinations of 4,5,6 and 7 design waves have

been tested systematically on all ships, and the following

set of 7 design waves has been selected :

Dominant load Location Heading Name

VBM L/2 180◦ HVM

VBM L/4 0◦ FVM

HBM L/2 120◦ OHM

HSF 3L/4 60◦ OHS

Vertical acceleration L 120◦ OVA

Pressure waterline L/2 90◦ BP

Roll motion 90◦ BR

Table 3: Selected dominant loads (Extreme)

Setting identical EDWs, with identical headings, for

all ships does not alter significantly the EDW approach

accuracy. Using the 7 above selected design waves yields

a coefficient of variation about 8% as shown in figure 12.

Compared to CSR set of 7 regular waves (selected for

bulk and tankers), the accuracy of this new set is slightly

better (figure 11).

Figure 10: Design wave accuracy - All 41 ”dominant”

loads

Figure 11: Design wave accuracy - CSR 7 selected loads

Figure 12: Design wave accuracy - NR625 7 selected

loads

The selected design waves are applied from both sides

of the vessel, crest and trough. This yields a total of 24

load cases.

The same methodology has been used for fatigue, giv-

ing a similar level of accuracy. The 5 design waves se-

lected for fatigue are :

Dominant load Location Heading Name

VBM L/2 180◦ HVM

VBM L/4 180◦ HVMf

HBM L/2 120◦ OHM

Pressure waterline L/2 90◦ BP

Roll motion 90◦ BR

Table 4: Selected dominant loads (Fatigue)

Load case simplification

A load case consists in the definition of all the loads to

apply on the structural model. Those are the hull girder

loads, pressures and accelerations arising on a design

wave, at t = t0, when the targeted (dominant) load is

maximized.

Once the EDWs have been selected thanks to complete

hydro-structure spectral computation, the wave loads



have to be simplified into explicit formulae. This sim-

plification relies heavily on the hydrodynamic database

of about 70 ships, already used for the load envelopes.

Fig.13 shows the wave field around one ship of the

database, for equivalent design wave OHM, at t = t0
(i.e. when the horizontal bending moment at midship is

maximized).

Figure 13: Wave field due to Equivalent Design Wave

OHM around ship ”B01”

For each load case, the following quantities have to be

defined.

• Hull girder loads along the ship

• Acceleration at CoG

• Roll and pitch motion

• Pressure on the hull

Pressure

For each load case, we aim at providing a mapping of

the pressure on the hull due to the corresponding design

wave. A formula is derived for a list of points around the

hull, namely 20 points on waterline, 20 points at bilge and

10 points at centre line. Based on this, a linear interpola-

tion allows to know the pressure everywhere on the wet

part of the hull. Fig.14 shows the location of the pressure

points in hydrodynamic computations.

Figure 14: Pressure points in HydroStar computations.

Ship ”C33”.

For each point on the three lines (waterline, bilge, cen-

tre line), a linear formula with n parameters has been de-

rived on this form:

PBV = ρg HEDW (L)

(
n∑
i

Kipi +K0

)
(13)

with shape parameters pi chosen in {T
L , Cb, Cw,

B
L , TR}.

For each point, a modified Powell’s method has been

used for the optimization process in order to find the best

αi coefficients. The minimizing target of each optimiza-

tion is the standard deviation of the difference between

the HydroStar (H∗) results and the formula results, which

is defined as:

σ =

√
E
[
(E(PBV − PH∗)− (PBV − PH∗))

2
]

(14)

In order to choose the appropriate number of param-

eters, we proceed to successive optimizations with 5 to

0 parameters. In the case of 0 parameter, it means that

the formula is simply equal to the mean of the HydroStar

computations. We derive several formulas (with 4 param-

eters, with 3 parameters ...) and we choose graphically,

for each load case, the one which seems appropriate. The

choice is based on a compromise between accuracy and

complexity.

In order to illustrate this method and the derived for-

mulae, let’s focus on the load case OHM defined by

the design wave which maximizes the horizontal bend-

ing moment with a wave coming from 120◦. The wave

field is shown for one ship of the database in Fig.13. For

this design wave, the pressure at waterline on portside

computed by HydroStar on all ships is shown in Fig.15.

Figure 15: Pressure computed by HydroStar on EDW

OHM for points located at the waterline on portside.

The optimization process returns for each point the

best linear formula with 0 (in this case, a mean constant)

to 4 parameters. For the waterline on portside, the stan-

dard deviation of the difference between direct HydroStar

computation and the formulae is shown in Fig.16.



Figure 16: Standard deviation of pressure along waterline

on portside (successive best fits with n parameters) for

EDW OHM

Based on this and the other results for the other lines

of points, it has been decided to rely on a three-parameter

formula, and the NR625 formula reads:

P = ρg HEDW (L, α)

(
K1

T

L
+K2Cb + K3Cw +K0

)
(15)

with the following coefficients:

x/L 0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1

K0 -4.27E-02 -1.05E-02 1.12E-02 1.76E-02 2.58E-02 3.25E-02 3.21E-02 2.50E-02 1.87E-02 1.85E-02 4.41E-03

K1 7.56E-02 -5.61E-02 -1.06E-01 -1.41E-01 -1.63E-01 -1.87E-01 -2.17E-01 -2.52E-01 -2.83E-01 -2.97E-01 -1.62E-01

K2 -3.86E-02 -2.74E-02 -1.69E-02 -1.67E-02 -1.58E-02 -1.49E-02 -1.11E-02 -2.70E-03 9.20E-04 -1.98E-02 -4.50E-02

K3 6.93E-02 3.48E-02 7.05E-03 4.27E-03 -2.08E-03 -7.47E-03 -7.63E-03 -4.55E-03 6.69E-05 1.72E-02 5.43E-02

Table 5: NR625 formula coefficients for pressure at wa-

terline on portside for EDW OHM

On the whole database, this formula predicts a reason-

ably correct pressure estimation on the waterline at port-

side as shown in Fig.17, which is similar to direct calcu-

lations shown in Fig.15.

Figure 17: Pressure along waterline on portside for EDW

OHM, from NR625 formula

The same approach is used for the 7 extreme and 5

fatigue EDWs, for the three different pressure lines (wa-

terline, bilge and centreline).

Load Combination Factor

If the envelope value has been calculated, a convenient

way to provide load value of each design wave is to ex-

press it relatively to its long term value, through the so

called Load Combination Factor (LCF).

Value on EDW = LCF · Long term value (16)

Contrary to the envelope value, where a ”product” for-

mula was used, a ”sum” formula (eq 17) is here assumed.

Indeed, the LCF being an algebraic value equation 2 is

not suited. A minimisation algorithm is then used to de-

rive optimal Ki.

LCF = K0 +
∑

pi∈PL

Kipi (17)

Figure 18: Illustration, LCF of pitch acceleration on the

OHM design wave

This process has been applied to hull girder loads, ac-

celeration and motions, and for all extreme and fatigue

design waves. Below is an extract of LCF values for the

OHM load case (EDW maximizing the horizontal bend-

ing moment).

Secondary loads LCF formula

VBM/VSF −0.6 + 7.7T
L

HBM/HSF 1

Pitch 0.37

Pitch acc −0.8 + 6.0T
L

Roll 0.7 + 10.2T
L

Roll acc 0.8− 13.3T
L

Surge Acc 0.23

Sway Acc −0.23

Heave Acc −0.17

Table 6: Example : LCF for OHM load case



Ship acceleration at any given position

For local structural issue, the acceleration is needed at

any given location (different from the CoG). A rule for-

mula is thus required. Instead of attempting to fit ad-

ditional formulae that would take into account the point

position on the ship, the EDW approach is used.

Using straightforward rigid body relationships, the ac-

celeration at any point is computed from CoG accelera-

tion formulae on each design wave, using the correspond-

ing LCF; the maximum over all the EDWs is taken as the

envelope. For vertical acceleration, this yields :

AcczEDW (x, y) = + aheave ∗ LCFaheave
EDW

− apitch ∗ LCFapitch
EDW ∗ (x− xg)

+ aroll ∗ LCFaroll
EDW ∗ (y − yg)

This approach is consistent with the acceleration used

in 3D FE analysis on EDW. Moreover, is has been shown

quite accurate (figure 19).

(a) BV20xx x/L=1 , y=B/2

Figure 19: Vertical acceleration at fore, (include heave,

pitch and roll motion)

Conclusions

A systematic and consistent approach has been used to

develop new wave loads formulae, based on direct com-

putation. The rules are based on the equivalent design

wave approach that has been shown accurate. The re-

sult is new rule formulae that are implemented in the

new BV rules for container-ships. Those new load def-

initions match quite accurately to state-of-the art calcu-

lations and are thus expected to reflect more closely the

reality. Thanks to the amount of data analysed, the un-

certainties of the derived formulae (compared to direct

calculation) is well characterized, allowing further partial

safety factor calibration.
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Abstract 

Following major structural failures of large Container ships 
in recent years a review of existing requirements with focus on 
the structural performance of such ships was initiated by 
IACS.  
IACS established a project team to conduct a review of exist-
ing structural requirements, especially the existing UR S11, 
and propose improvements to the unified requirement. The 
project team developed UR S11A which was published and 
comes into force on 01 July 2016. 

This paper presents the work of the project team related to the 
redefinition of the hull girder wave loads. A database of 124 
ships covering many ship types and dimensions has been used 
to calculate the longitudinal distributions of the long-term 
values of hull girder vertical loads (wave bending moments 
and wave shear forces). The calculated values have been 
compared to the current IACS rule values, and new rule for-
mulae have been proposed. 

Keywords 

Container ship; Longitudinal strength; Vertical bending 
moment; Non-linear loads; Rule formulation; Wave 
parameter. 

Introduction 

On 18th January 2007 “MSC NAPOLI” suffered a fail-
ure of the hull structure in the English Channel. The UK 
Marine Accident Investigation Branch (MAIB) investi-
gated the accident and released a report. One conclusion 
in the report was that the IACS Unified Requirement 
S11 on Longitudinal Strength Standard (IACS, 2015a) 
has lagged behind the development of container ship 
design and operation. It was determined that UR S11
requires immediate revision and that it is necessary to 
assess buckling strength based on global hull stress 
along the entire length of the hull.  IACS established a 
project team to review the existing IACS UR S11 and 
propose improvements to the unified requirement. The 
main project task was to check the applicability of the 
vertical hull girder loads formulations (bending moment 

and shear force) for container ships, and propose new 
formulations if deemed necessary. The S11 formula-
tions, which have been used for more than 30 years, 
were developed for bulk carriers and oil tankers and 
may not be applicable to fine form ships. 
In recent years direct hydrodynamic calculations (direct 
approach), based on the first principles, have become 
more commonly used to define design loads, in order to 
either replace the rule loads or complement the rule 
approach. In the offshore industry, this direct approach 
is common practice, as wave loads are site specific and 
need to be computed for each offshore unit. The marine 
industry is now ready to use this direct approach to 
justify and calibrate the rule formulations. The only 
significant differences are forward speed and weather 
routing. In the development of the Common Structural 
Rules for Oil Tankers and Bulk Carriers (IACS, 2015b) 
the direct approach has been used extensively to derive 
some formulations, e.g. accelerations, Load Combina-
tion Factors (LCF) and sea pressure. 
The project team, composed of 5 representatives from 
IACS classification societies, decided to use the direct 
approach to redefine the vertical hull girder loads for 
container ships with respect to both magnitude and 
distribution along the ship.  

Methodology 

Although UR S11A is only applicable to container ships 
at scantling draft, the formulations were developed such 
that they are appropriate for any ship type and loading 
condition (draft). This was done in order to avoid incon-
sistency in load formulations for fine form and blunt 
ships, e.g. at intermediate block coefficient values. 

Ship database 

In order to derive the new formulations from the direct 
approach, many results for a variety of ships were need-
ed. For this purpose, a database of 124 ships was built, 
including slender and blunt ships for comparison. For 
each ship two different loading conditions were consid-
ered (full load / ballast, or maximum / minimum hog-
ging). The primary objective was to define load formu-



lations for container ships. However, it was decided to 
define a consistent general formulation appropriate for 
any ship type. 

Table 1: Distribution of ship types in the database 
 Ship type Number 

Blunt 
ships 

Bulk carrier 28 
Oil tanker 25 
LNG carrier 14 

Slender
ships 

Container ship 43 
General cargo 3 
Passenger ship 6 
Ro-Ro 5 

 TOTAL 124 

Each ship is defined by a 3D mesh used for seakeeping 
computations and a longitudinal mass distribution. For 
the identification of rule formulations, the following 
parameters were used to characterize the ships: 
• L: Rule length defined in UR S2 (IACS, 2010) 
• B/L: Ratio beam over length 
• T/L: Ratio draft over length 
• CB: Block coefficient in the loading condition 
• CW: Water plane coefficient in the loading condi-

tion (water plane area divided by B L) 
• : bow flare factor, introduced to characterize 

the geometry of the hull shape above the waterline 
in the bow region. This bow flare coefficient is 
used to define the sagging non-linear coefficient 

 is the deck area forward of 0.8L (including the 
forecastle deck if there is one),  is the waterline area 
forward of 0.8L,  is the vertical distance from the 
waterline to the deck (or forecastle deck). 
The block coefficient and the water plane coefficient 
depend on the draft of the loading condition. It was 
proven that other parameters such as the vertical and 
longitudinal position of the center of gravity, the trim 
and the radius of gyration in pitch did not correlate with 
the loads. Consequently, they were not used in the defi-
nition of the rule formulations. 
The following scatter plots (Figures 1-3) illustrate the 
ranges of the defined hull form parameters.  Ship types 
are defined by their color. The solid markers indicate 
full load conditions and the hollow markers indicate the 
“ballast” conditions. The block coefficient and other 
parameters are defined for the actual draught. Re-
striction of the formulations to the scantling draught has 
first been done in the final formulation in URS11A.

Fig. 1: Ships characteristics: CB versus L 

Fig. 2: Ships characteristics: T/L versus B/L 

Fig. 3: Ships characteristics: fBow versus Cw 

Computation of the design value 

For each ship and each loading condition the design hull 
girder loads have been computed at 21 sections along 
the ship (every 0.05L), with the following assumptions: 



• Sea states statistics are described by the IACS scat-
ter diagram from recommendation no. 34 (IACS, 
2001), representative of North Atlantic conditions;  

• Sea state are modeled by a Bretschneider (i.e. 2-
parameter ITTC) wave energy spectrum with cos² 
directional spreading; 

• A uniform distribution is used for the mean wave 
headings; 

• The ship speed is equal to 5 knots in all sea states.  
The design values of vertical bending moments and 
shear forces were defined as corresponding to one ex-
ceedance on the average every 25 years. 
When linear seakeeping computations are performed, 
the transfer functions of ship responses can be combined 
with the wave spectra, to define short-term statistics 
from spectral moments of reactions, and then with sea 
states statistics to compute the design value. However, 
when non-linear seakeeping computations are used, it is 
impossible to perform sufficiently long simulations in 
all irregular sea states described in the scatter diagram 
to derive directly the long-term design values. Simplifi-
cations such as Design Sea States (Derbanne, 2012) or 
Design Waves (De Hautecloque, 2013, von Graefe et 
al., 2014) have been used. 

Comparison of software and methods from each clas-
sification society 

Three ships were selected to compare the results provid-
ed by the different software tools of the participating 
class societies: a bulk carrier, a container vessel and an 
LNG tanker. The methodologies and tools used by all
classification societies to compute the linear design 
loads are very similar. Transfer functions (RAOs) of 
hull girder loads were computed using 3D Boundary 
Element Method seakeeping software (with Rankine or 
Kelvin sources).  The linear long-term analysis is per-
formed using the IACS wave scatter diagram, and the 
linear long-term design loads corresponding to a 25 year 
return period were computed. Figure 4 compares the 
longitudinal distribution of the long-term maximum 
vertical bending moment and vertical shear force com-
puted by the five different classification societies. The 
results are very consistent. 
The methodologies and tools used by each classification 
society to compute the non-linear design loads are very 
different. First, different types of seakeeping codes are 
used to compute the non-linear hull girder loads. Some 
codes are based on a simple pressure correction (pres-
sure is extrapolated above the mean free surface up to 
the wave crest and set to zero above the wave trough). 
Equilibrium is achieved either by adjusting the ship 
position, or by changing the acceleration. Other codes 
use time domain simulations with nonlinear hydrostatic 
and Froude-Krylov pressures (Tuitman, 2009). Ship 
position and acceleration are computed at each time 
step. 
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Fig. 4: Linear design loads of 3 benchmark ships vs. 

section number (each curve is the result from a 
specific classification society) 

Furthermore, different types of wave conditions are 
used to obtain nonlinear loads: Regular Design Waves 
on the one hand, and Design Sea States of several hours 
duration, from which short-term statistics are extracted, 
on the other hand. 
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Fig. 5: Non-linear design loads of 3 benchmark ships 
vs. section number (hogging moment is positive) 
(each curve is the result from a specific classifi-

cation society) 



Figure 5 compares envelopes of nonlinear design loads 
for each ship. Even though the methods used by each 
classification society represent state of the art methods, 
the agreement is quite poor.

Rule formulations 

Format of the rule formulations 

The rule formulation for the hull girder loads is com-
posed of five parts: 
• Scale factor; 
• Wave parameter; 
• Non-dimensional formulation; 
• Non-linear factor; 
• Distribution function. 

This composition was not explicit in the UR S11 formu-
lations, but the same five terms can be easily identified. 
For example the formulation for the sagging moment in 
UR S11 (Eq. 2) can be rewritten as (Eq. 3): 

 (2) 

 (3) 

Thus, this formulation contains 

• Scale factor: 
• Wave parameter: 

• Non-dimensional formulation: 

• Non-linear factor: 

(distribution function will be considered below) 
The non-linear factor was not explicit in S11, because it 
was assumed that vertical bending moment is linear in 
hogging and that non-linear effects influence only the 
sagging moment. 
The scale factor depends only on the dimension of the 
load. It is equal to  for bending moment and to for 
shear force. This is the Froude-scale factor used to scale 
the transfer functions from full scale to model scale. 
Linear seakeeping computations were used to calibrate 
the linear part of the rule formulations (wave parameter 
and non-dimensional formulation). Non-linear computa-
tions were used to calibrate the non-linear factors. The 
computations have been done for all the ships in the 
database. The rule formulations have been fitted to 
cover all ship types and all loading conditions. 

Wave parameter 

The wave parameter describes the influence of the par-
ticular scatter diagram on a ship of particular size. It can 
be easily extracted from the direct computations by 
comparing long-term values of a family of homothetic 
ships. Homothetic ships are derived from a parent ship 
through a pure homothetic scaling in three dimensions. 
Hence the non-dimensional parameters ,  and B/L, 
have not been changed. The detailed procedure is de-
scribed by De Hauteclocque (2016). 

In UR S11 the wave parameter  is defined as: 

which can be rewritten as: 

Note that in this new formulation, the constant 10.75 
has been removed from the wave parameter and includ-
ed in the non-dimensional formulation.  
For each ship in the database, multiple homothetic ships 
have been derived, ranging in length from 90 to 740 m.. 
For all those homothetic ships, the long-term vertical 
bending moment at the midship section is computed and 
then divided by  to remove the scaling effect. For 
each homothetic family of ships, the ship length corre-
sponding to the maximum of the ratio of the vertical 
bending moment at midship section to L3 was deter-
mined and called the reference length ( ). The wave 
parameter for all other lengths can then be computed as: 

Results presented in Figure 6 show that the S11 formu-
lation for the wave parameter does not perform well for 
the longest ships, and that there is scatter in this formu-
lation for the shortest ships. 

Fig. 6: Wave parameter for VBM at midship section 

However, when the wave parameter is plotted versus the 
ratio of the ship length to the reference length (note that 
the reference length is different between ships), Fig. 7, 
all of the curves are properly aligned and accurately 
described by the formulation given in S11A: 

 (7) 



Fig. 7: Wave parameter versus 

The reference length ranges from 300 m to more than 
500 m, and seems to depend on the ship type. It is great-
er for container ships than for blunt ships. A very good 
correlation is found between the reference length and 
the water plane coefficient CW, as shown in Figure 8, 
and Equation 8 is used in S11A: 

Fig. 8: Reference length for VBM amidship 

The same approach has been used for the shear forces 
computed at 0.25L and 0.75L. The wave parameter 
formulation (Eq. 7) is kept the same. The reference 
length for the vertical shear force is given by Equation 
9: 

Non-dimensional formulation 

For each ship in the database, the linear long-term verti-
cal bending moment has been computed at every sec-
tion. The maximum VBM over the ship length was 
taken (this maximum may not occur exactly at 0.5L). 
The wave coefficient has been computed for the mid-
ship section only and assumed to be constant along the 
ship. The non-dimensional part of the vertical bending 

moment was computed by dividing the long-term VBM 
by the scale parameter L3 and by the wave parameter. 
The non-dimensional formulation in the S11 is given by 
Equation 10 (note that the constant 10.75, removed from 
the wave parameter (Eq. 5), has been included in the 
non-dimensional formulation): 

A new formulation has been derived to minimize the 
difference between the results of linear direct computa-
tion and the formulation. This formulation could be 
function of any complexity of the ship parameters: L, 
B/L, T/L, CB, CW, … However, a compromise has been 
chosen between an insignificantly more accurate formu-
lation and a very simple formulation with fewer coeffi-
cients. It was found that the water plane coefficient CW
and the ratio B/L are the most important parameters. 
The new formulation proposed in S11A is: 

Fig. 9: Ratio of computed value to S11 formulation for 
vertical bending moment 

Fig. 10: Ratio of computed value to S11A formulation 
for vertical bending moment 



Figures 9 and 10 show the ratio of the directly computed 
value to the rule value of this non-dimensional part for 
S11 and S11A, respectively.  
Comparison of Figures 9 and 10 shows that the scatter is 
significantly reduced when using S11A formulation 
(Eq. 11). In particular there is no difference between the 
blunt ships and the slender ships, whereas when using 
S11 formulation (Eq. 10), the mean ratio is 1.17 for 
blunt ships and 1.35 for slender ships. The main expla-
nation for this difference is in the use of  instead of 

. 
The same approach was used for the vertical shear forc-
es in the aft part and in the fore part. The non-
dimensional parts of the S11 formulations are: 

The S11A formulations are: 

Aft part:     

Figures 11 and 12 show the ratio of the computed value 
to the rule value of this non-dimensional part of the aft 
shear force for S11 and S11A formulations, respective-
ly. Again, using the S11 formulations leads to a signifi-
cant difference between blunt and slender ships (Fig. 
11). It can also be noted that the S11 formulation largely 
underestimates the vertical shear force (mean value of 
the ratio of computed vertical shear force to the S11 
formulation is 1.60 for blunt ships and 1.90 for slender 
ships). This under-estimation is corrected in S11A (Fig. 
12). 

Fig. 11: Ratio of computed value to S11 formulation for 
vertical shear force (aft) 

Fig. 12: Ratio of computed value to S11a formulation 
for vertical shear force (aft) 

Non-linear factors 

The non-linear coefficients have been computed using 
the non-linear seakeeping software and methods of each 
classification society, as explained above.  For each ship 
and loading condition the non-linear envelopes, corre-
sponding to the long-term maximum vertical bending 
moment and shear force, have been computed over all 
sections. In particular 6 characteristic values were taken: 
• maximum vertical bending moment along the ship 

(hogging) 
• minimum vertical bending moment along the ship 

(sagging) 
• maximum vertical shear force in the aft part (hog-

ging) 
• minimum vertical shear force in the aft part (sag-

ging) 
• maximum vertical shear force in the fore part (sag-

ging) 
• minimum vertical shear force in the fore part (hog-

ging) 
The non-linear factors are computed by dividing the 
non-linear values by the corresponding linear values. 
Even though the S11 did not explicitly mention a non-
linear factor, it is commonly understood that the hog-
ging bending moment is linear and that the non-linear 
factor for sagging is: 

Hence, according to S11, the non-linear factor is equal 
to 1.0 in hogging and ranges from 1.0 (for ) 
to 1.25 (for ) in sagging. 
According to the computations made by the different 
classification cocieties, the hogging non-linear factors 
ranges from 0.5 to 1.2, and the sagging non-linear fac-
tors ranges from 1.0 to 2.5. 
The new formulations for the non-linear factors of the 
vertical bending moment proposed in S11A are: 



Figures 13 and 14 compare the computed non-linear 
coefficient with the proposed formulations (Eqs. 17 and 
18). For each classification society (represented by a 
different colour), the correlation between the computa-
tions and the rule formulation is very clear. The general 
scatter is caused by the differences between the tools 
and methods of different classification societies. The 
rule formulations have been fitted to the average of the 
results. 

Fig. 13: VBM hogging non-linear factors: computations 
versus rule formulation 

Fig. 14: VBM sagging non-linear factors: computations 
versus rule formulation 

The non-linear coefficients given in Eqs. 17 and 18 are 
not dimensionless. As shown in Figures 15 and 16, the 
amount of non-linearity depends not only on the ship 
shape ( , , ), but also on the ship size (L or T). 
For shorter ships, the design sea states are much more 
steep and more severe relative to the ship size than they 
are for longer ships. Hence the non-linear effects are 
more pronounced for smaller ships: they have lower 

hogging non-linear factors and greater sagging non-
linear factors. 

Fig. 15: VBM hogging non-linear factors versus draft 

Fig. 16: VBM sagging non-linear factors versus length 

The non-linear factors for the vertical shear force in the 
fore and aft parts are strongly correlated with the non-
linear factors for vertical bending moment, as shown in 
Figures 17 and 18. 
The following non-linear factors are used in S11A: 



Fig. 17: Correlation between hogging non-linear factors 

Routing factor 

The comparisons of the new formulations and the cur-
rent S11 formulations show an increase of all loads, 
even for blunt ships (oil tankers and bulk carriers). It 
has been decided to introduce a calibration coefficient, 
referred to as routing factor, to adjust the design loads to 
the current formulation. This coefficient has been cali-
brated to  in such a way that the hogging ver-
tical bending moment is on the average not significantly 
changed for blunt ships (which led to a small increase 
for ships longer than 200 m and small decrease for ships 
smaller than 200 m). 
For container ships in full load condition, the hogging 
vertical bending moment is decreased for ships smaller 
than 300 m compared to the current S11 formulation 
(Figure 19), whereas the hogging shear force is in-
creased by 20% to 60%. Concerning the sagging case 
(Figure 20), the vertical bending moment and the verti-
cal shear forces are increased for container ships by 
40% to 90% and 70% to 130%, respectively, despite 
this routing factor. 

Fig. 18: Correlation between sagging non-linear factors 

Fig. 19: Ratio of S11A to S11 formulation results for 
VBM in hogging 



Fig. 20: Ratio of S11A to S11 formulation results for 
VBM in sagging 

This routing factor is purely empirical. There is no 
strong justification except the partial tuning with the 
S11 loads. However, it can be qualitatively explained by 
the operating conditions: it corresponds to a decrease by 
15% of the highest significant wave heights in the North 
Atlantic wave scatter diagram and be explained by rout-
ing and heavy weather avoidance capabilities, taking 
into account the significantly improved accuracy of 
weather forecasts achieved during the last decades.

Distribution function 

The distribution functions for the vertical bending mo-
ment and vertical shear forces were fitted directly to 
non-linear results for container ships. These functions 
are specific to container ships. Contrary to what has 
been done for the other parts of loads formulations, 
described above, where all ships in the database have 
been taken into account, only container ships have been 
used to fit the distribution function. The comparison 
between the computations and the proposed formulation 
is given in Figure 21 for VBM and Figure 22 for VSF. 
In Figure 22 the forward half and the aft half of the 
ships are presented separately, because the results have 
been made dimensionless with respect to the fore and 
aft shear forces, respectively. 

Fig. 21: Vertical bending moment distribution function 

    

    
Fig. 22: Vertical shear force distribution function

Conclusions 

Extensive linear and non-linear seakeeping computa-
tions have been done for a database of 124 ships cover-
ing different sizes, ship types and two loading condi-
tions. Design loads (vertical bending moments and ver-
tical shear forces) corresponding to a return period of 25 
years have been computed. Based on these results a new 
set of rule formulations have been proposed and includ-
ed in the IACS UR S11A for container ships longitudi-
nal strength assessment. Compared to the previous UR 
S11 formulation, the main improvements are: 
• Everything is calibrated versus direct computations

• The wave parameter is properly defined 
• The linear part is explicitly identified and com-

pares very well with linear direct computations 
• Non-linear coefficients for hogging and sagging 

are explicitly defined 
• A routing factor is used to calibrate the loads with 

the previous S11 formulations 
This will facilitate comparison between rule formula-
tions and direct computations, and any further mainte-
nance or improvement to these rule formulations. 



For example, when more accurate and validated non-
linear seakeeping tools and procedures will be available, 
the non-linear coefficient could be easily updated with-
out changing the remaining part of the formulation. If 
the wave scatter diagram is to be changed, it can be 
easily accounted for with a change in the wave parame-
ter and the routing factor may then be reduced or omit-
ted. 
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Abstract 

In the present study, ultimate strength and buckling 
collapse characteristics of the curved plate which has 
been widely used in ship and offshore structures were 
investigated under longitudinal compressive load. To do 
this, the flank angle, thickness, and aspect ratio depend-
ent buckling experiments were carried out. In addition, a 
numerical simulation considering an elastoplastic large-
deflection was performed under the identical loading 
and boundary conditions of experiments. In order to 
verify the effectiveness of the present study, results of 
the experiment and simulation were compared. Finally, 
a new empirical design formula for predicting the ulti-
mate strength of the curved plate was derived on the 
basis of the experimental buckling testing results. 

Keywords 

Buckling test, collapse characteristic, ultimate strength, 
empirical formula.  

Introduction 

A cylindrically curved plate has been widely used in 
naval architecture, aerospace, and civil industries as a 
structural member with the excellent structural efficien-
cy (Fig. 1) [White et al., 2014]. In the ship and offshore 
industries, this type of plate normally used to wind tow-
er, fore and aft side shell plating, and bilge circle. For 
these usages, the curved plate undergoes axial compres-
sive loading from both hull girder bending and hydro-
static pressure by seawater [Kim et al., 2014sem]. Re-
cently, it can be said that the buckling related issue has 
become more important than before because conven-
tional thick structural steel plate tends to be replaced 
with the high tensile steel based thin plate. In the struc-
tural safety aspect, therefore, it is required to estimate 
buckling strength of the curved plate, which has been 
currently adopted in ship and offshore industries. Thus, 
several studies have been reported in literature that 
investigated the buckling characteristics of the curved 
plate. Yumura et al. (2005) reported the buckling and 

plastic collapse characteristic of the curved plate under 
axial compression [Yumura et al., 2005]. Park et al. 
(2005) investigated nonlinear finite element analysis on 
the curved plate considering various curvature and spac-
ing of the stiffeners [Park et al., 2005]. Kwen et al. 
performed nonlinear FE analysis for the curved plate 
under varying the aspect ratio, slenderness ratio, and 
curvature under various loading conditions [Kwen et al., 
2004]. In addition, from the author's previous research, 
the buckling and ultimate strength of a simply supported 
curved plate subjected to combined axial compression 
and lateral pressure is by performing a series of elastic 
and elastoplastic large deflection analyses using a com-
mercial FE program.  

 

 
Fig. 1: A representative curved plate used in ship 
and offshore structure 



 

 

The numerical buckling analysis results showed that the 
buckling strength and collapse behavior depend on the 
curvature, initial deflection, slenderness ratio, and as-
pect ratio. In addition, through the comparison of the 
results as per the classification rules and the results of 
FE analysis, it is confirmed that the results of the critical 
buckling strength showed significant differences for 
thinner plates [Kim et al. 2014]. Despite these efforts, 
however, the above-mentioned research outcomes were 
not verified due to the lack of comparative study with 
the experimental investigations. 
In the present study, as a continuation of the author's 
previous research, a series of buckling collapse experi-
ments was carried out considering the actual states of 
the curved plate used in shipbuilding industries. To 
investigate the ultimate strength and collapse behavior 
of a cylindrically curved plate under a compressive load 
and in the simply supported condition, the flank angle, 
thickness, and aspect ratio were considered as main 
testing variables. In addition, a numerical simulation 
considering an elastoplastic large-deflection was per-
formed under the identical loading and boundary condi-
tions of experiments. Finally, a design formula of the 
curved plate for predicting the ultimate strength was 
derived. The result of previous study was complemented 
based on the experimental results.  

Experimental Preparation 

Testing Specimen 

In the present study, the cylindrically curved plate 
which has no stiffener was adopted as a testing speci-
men as indicated in Fig. 2. The breadth was kept at 
400mm throughout the experiment and the finite ele-
ment analysis. In addition, three different radii (2000, 
4000, and 8000mm), which have been extensively used 
in ship and offshore industries, were adopted. The con-
sidered aspect ratio and thickness were in the range of 
1.0 to 2.0 and 6mm to 8mm, respectively. According to 
this scenario, a series of buckling collapse tests was 
carried out on a total of 72 plates (two tests for each 
scenario), consisting of 54 curved plates and 18 flat 
plates, under longitudinal compression. 

Testing Apparatus 

In general, it has been known that a simply supported 
boundary condition provides conservative results when 
compared with the clamped boundary conditions. 
Therefore, in order to be conservative, the boundary 
condition of the curved plates was considered to be 
simply supported on all the edges in the present study. 
To achieve a successful buckling experiments, custom-
built-type buckling jigs were fabricated and installed on 
a universal testing machine(UH 1000 kN, SHIMADZU)  
as shown in Fig. 3. The experimental jigs and fixtures 
were designed based on the reference study [Seifi and 
Khoda-yari 2011, Gordo and Soares 2011, Ghavami and 
Khedmati 2006]. 

 
Fig. 2: Schematic of a cylindrically curved plate 
[Kim et al., 2014] 
 

  
(a) (b) 

Fig. 3: Photographs of the (a) conventional univer-
sal testing machine (UTM) and (b) buckling jig 
equipped UTM. 

Numerical preparation 

In order to predict nonlinear buckling characteristics of 
the curved plate numerically, the arc-length method was 
selected as the numerical method of the analysis. It is 
because the conventional Newton-Raphson method fails 
to predict buckling behavior of the plate due to the sin-
gularity of the stiffness matrix and a diverging solution. 
In contrast to this, the arc-length method was suitable 
for obtaining a nonlinear static solution by tracking 
complex buckling behaviors. This method used the 
principle of virtual work that was applied in incremental 
form. A detailed numerical formula and method can be 
deduced from previous studies [Kim et al. 2014, Kim et 
al. 2015, Memon and Su 2004]. 
The element type used for the FE analysis of the plates 
was the 2D surface shell elements Quad4, and the num-
ber of elements are 800. The minimum mesh size and 
the number of elements were determined through mesh 
convergence study [Kim et al. 2014]. In addition, an 
idealized elastic-perfectly plastic model was selected as 
the analysis model, and the strain hardening effect was 
neglected. In terms of material nonlinearity, the plastic 



 

 

potential was evaluated based on the Von-Mises yield 
criterion. 
The boundary and loading conditions were considered 
as in the experimental conditions, where all the plate 
edges were simply supported and subjected to longitu-
dinal compression. Multi-point constraint (MPC) ele-
ments were used to regularly move the dependent points 
to the specific points based on an independent point on 
the basis of the cylindrical coordinate system. In addi-
tion, the initial geometric imperfection followed the 
elastic buckling mode drawn by elastic analysis, and the 
maximum magnitude of the initial imperfection was 
assumed to be at the normal level calculated using 
Smith's equation (ω=0.05β2t) [Smith et al. 1988]. Fig. 4 
shows the detailed shape and boundary condition of the 
curved plate.  

 
Fig. 4: A representative FE model of the curved 
plate  

Experimental Results 

The flank angle and slenderness ratio dependent exper-
imental result of the curved plate are shown in Fig. 5. 
As shown in the figure, it can be seen that the ultimate 
strength is increased with the increase in the flank angle 
of the curved plate. In the slenderness ratio aspect, how-
ever, the results showed different trend depending on 
the plate thickness. The ultimate strength of relatively 
thin plates is higher than that of relatively thick plates. 
This trend is more prominent when the aspect ratio is 
1.5 or when the flank angle is 11.45o. In addition, a 
unique behavior of the curved plate was observed. The 
ultimate strength of the curved plates unexpectedly 
changed at a certain flank angle (5o), slenderness ratio 
(2.01) or aspect ratio (1.5).  

(a) 

(b) 
Fig. 5: Experimental results: effects of (a) flank 
angle and (b) slenderness ratio on the ultimate 
strength of the curved plate 

 Numerical Results 

The flank angle and slenderness ratio dependent simula-
tion result of the curved plate are shown in Fig. 6. As 
shown in the figure, it can be confirmed that the ulti-
mate strength of simply supported curved plate in-
creased with the increase in flank angle and decreased 
in slenderness ratio. However, as outlined above, this 
trend was different from the experimental results in 
which the ultimate strength of the curved plates unex-
pectedly changed at a certain flank angle (5°), slender-
ness ratio (2.01) or aspect ratio (1.5).  

(a) 

(b) 
Fig. 6: Numerical results: effects of (a) flank angle 
and (b) slenderness ratio on the ultimate strength of 
the curved plate 



 

 

New Design Formula 

For deriving a new empirical design formula, the new 
expression of Frankland's formula with the revised coef-
ficient, with the same general form as the Faulkner and 
Guedes Soares expressions, is used (Frankland 1940, 
Faulkner 1975, Guedes Soares 1988). Based on the 
above results, the ultimate strength of a curved plate 
under longitudinal compression is empirically derived 
by curve fitting using the experimental results as fol-
lows. 

Conclusions 

In the present study, the ultimate strength and collapse 
characteristic of a simply supported curved plate was 
studied. In addition, complement of the numerical re-
sults of the previous research outcome was supplement-
ed by performing buckling collapse experiment for the 
curved plate. The inferences from the present study are 
summarized as follows: 

 With increasing of the flank angle and thick-
ness plate parameters, it can be confirmed that 
the ultimate strength of a simply supported 
curved plate was increased.  

 In the buckling mode aspect, it was sequen-
tially changed with increasing the flank angle 
of the curved plate.  

 With increasing of the flank angle and de-
creasing in slenderness ratio, the ultimate 
strength showed difference between the re-
sults of FE analysis and experiments.  

 The FE analysis-based structural design was 
unsafe against certain accidental loads, be-
cause the design value was overestimated 
when compared with the actual load capacity. 
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Abstract 

The extreme vertical wave bending moment of container ships 
of various sizes is investigated in the present paper. Container 
ships of 1,700 TEU, 6,000 TEU and 20,000 TEU are used in 
the calculation. The long-term prediction of vertical wave 
bending moment is made firstly. Time-domain nonlinear simu-
lations are then conducted in design short-term sea states with 
the use of design irregular wave method, which is an alterna-
tive method to predict the extreme value without long-term 
prediction taking account of nonlinearities of ship response. In 
the time domain simulations, such nonlinearities as the time 
variation of fluid dynamic forces and slamming impact are 
taken into account. The calculated vertical wave bending 
moments are compared with that given by the previous and 
present Unified Requirements of IACS. 
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Container ship; extreme vertical wave bending moment; 
IACS UR S11 & S11A; long-term prediction; design 
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Introduction 

The size of container ship is increasing and comes up to 
20,000TEU recently. The hull form of the container ship 
of larger size is totally different from that of smaller size 
ones, which can be characterized by the prominent bow 
flare and the relatively small draught. The longitudinal 
strength of container ship is prescribed by the classifica-
tion society’s rule; however, it is known that the vertical 
wave bending moment provided by the rule has been 
much smaller than the 10-8 exceedance value of long-
term prediction in over-Panamax container ships. The 
Unified Requirement (UR) of IACS for the strength of 
container ship was, therefore, revised in June 2015 and 
the UR S11A is newly effected on 1st July 2016 as the 
longitudinal strength standard for container ships with a 
length of 90 m and greater (IACS, 2015). 
In the present paper, the extreme vertical wave bending 
moment of container ships of 1,700TEU, 6,000TEU and 
20,000TEU is investigated. The long-term vertical wave 
bending moment is predicted in the first place, and is 
compared with that required by UR S11 & S11A of 
IACS. Time-domain nonlinear simulations are then 
conducted taking account of such nonlinearities as the 

time variation of fluid dynamic forces and the slamming 
impact. The design short-term sea state and the design 
irregular wave concept are used in the time-domain 
simulations. The design irregular wave method is an 
alternative method to predict the extreme ship response 
without long-term prediction taking account of nonline-
arities of the response. Based on the comparative inves-
tigations, the extreme vertical wave bending moment of 
container ship is discussed in view of the ship size refer-
ring to the classification society’s rule. 

Container Ships Used in the Calculations 

Example calculations are performed on the vertical 
wave bending moment of 3 container ships with a ca-
pacity of 1,700TEU, 6,000TEU and 20,000TEU. The 
principal particulars of each ship are shown in Table 1. 
It can be seen in the Table that the increasing rate of the 
water plane coefficient wC  with the ship length is larger 
than that of the block coefficient bC . 

Table 1: Principal particulars of container ships used in 
the calculations 

TEU L [m] B [m] d [m] Cb Cw 
1,700 175 25.4 9.5 0.572 0.709 
6,000 280 42.8 14.2 0.598 0.787 
20,000 383 58.5 14.5 0.657 0.846 

Ship speed of all the container ship is taken as 5 knots in 
the following calculations, which corresponds to the 
minimum speed to maintain maneuvering and other 
operations in extreme conditions. 

IACS Requirement and Long-term Prediction 
of Vertical Wave Bending Moment 

Longitudinal strength of a container ship has been pre-
scribed in the IACS UR S11 so far, in which the wave 
bending moments in [kN-m] at each section along the 
ship length are given by the following formulae. 
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where 1C  is a distribution factor to be taken as 1.0 for 
midship bending moment. 2C  is a factor depending on 



ship length given by Eq. 2. L  is the ship length in [m], 
B  is the molded breadth in [m], and bC  is the block 
coefficient but not to be taken less than 0.6.  
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The UR for the strength of container ship with a length 
of 90m and greater was revised in June 2015 and the 
UR S11A is newly effected on 1st July 2016, in which 
the distribution of the vertical wave-induced bending 
moments in [kN-m] along the ship length are given by 
the following formulae. 
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where Rf  is the factor related to the operational profile 
to be taken as 0.85. C  is the wave parameter given by 
Eq. 4. wC  is the water plane coefficient. HogNLf  is the 
nonlinear correction for hogging, not to be taken greater 
than 1.1, and SagNLf  is the nonlinear correction for 
sagging, not to be taken less than 1.0, which are given 
by Eq.  5. 
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where T  is the scantling draught in [m], DKA  is the 
projected area in horizontal plane of uppermost deck in 
[m2] and WLA  is the water plane area in [m2]. fz is the 
vertical distance in [m] from the water plane at draught 
T  to the uppermost deck. 
The big difference between UR S11 and UR S11A is the 
consideration of the water plane area coefficient at the 
scantling draught, which are included in the nonlinear 
correction for hogging and sagging, HogNLf  and

SagNLf , as well as the formula of vertical wave-
induced bending moment. 

 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 1:  Long-term exceeding VWBM and IACS require-

ment of 1,700TEU container ship (right head sea) 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 2:  Long-term exceeding VWBM and IACS require-

ment of 6,000TEU container ship (right head sea) 

 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 3:  Long-term exceeding VWBM and IACS require-

ment of 20,000 TEU container ship (right head 
sea) 

Figs. 1~3 show the vertical wave bending moment 
(VWBM) at midship obtained by a long-term prediction 
along with that required by UR S11 & UR S11A which 
are given by Eqs. 1~5. The UR S11 requirement values 
are corresponding to the 10-4 to 10-6 exceedance value of 
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long-term prediction holistically. On the other hand, the 
vertical wave-induced bending moment required by UR 
S11A is much larger than that by UR S11 in sagging 
side, while the difference is not so much in hogging side 
except for 1,700 TEU container ship. Focusing on the 
sagging bending moment, the requirement by UR S11A 
is much larger than the 10-8 exceedance value of long-
term prediction in 1,700 & 6,000 TEU container ships, 
while they are comparable in 20,000 TEU container 
ship. The long-term prediction, however, is based on the 
linear superposition and any nonlinearity of ship re-
sponse is not taken into account. As the nonlinear effect 
is very important in extreme condition, the most proba-
ble extreme response of the container ship in severe sea 
state will be investigated in the subsequent chapters 
taking account of nonlinear ship responses. 

Design Short-Term Sea State 

The design values of wave bending moment and shear 
force are usually based on an exceedance probability of 
Q=10-8 (e.g. Nippon Kaiji Kyokai, 2003). The probabil-
ity level represents the expected maximum load during 
the design life. In order to determine the response value 
corresponding to probability of exceedance of Q=10-8, it 
is usual to adopt a long-term prediction method, which 
is based on the wave induced ship response obtained by 
frequency domain analysis method for each of the short-
term sea states constituting the long-term variation of 
the wave environment. The occurrence of short-term sea 
states is described by a scatter diagram of the significant 
wave height, Hs, and the average zero up-crossing wave 
period, Tz, which will be used in the present paper as 
the wave period of short-term sea state.  
It is, however, expected that only a few short-term sea 
states may contribute to the extreme value of ship re-
sponse, say, the 10-8 exceedance value. As the tail part 
of long-term distribution is governed by the response in 
the most severe short-term, the 10-8 exceeding value in 
the long-term prediction almost corresponds to the ex-
treme value in the most severe short-term sea state 
(Kawabe et al., 2001, 2002).  
The design life used as basis for the rules is not to be 
less than 25 years. By assuming that the mean duration 
of a short-term sea is roughly 3 hours, the occurrence 
probability, p , of short-term sea state is given by: 

51037.1

)2436525/()3( hoursdaysyearshoursp
            (6) 

Eq. 6 means that the order of probability of occurrence 
of the most severe short-term sea state can be consid-
ered to be 510 , because the most severe short-term sea 
state is the only one event in the scatter diagram. Table 
2 shows the short-term sea state of the 10-5 probability 
of occurrence obtained by the IACS North Atlantic 
wave scatter diagram (IACS, 2001), which can be con-
sidered as the candidate of the most severe short-term 
sea state according to the above discussion. Once a most 
severe short-term sea state is determined, the 1/1000 
highest value in the most severe short-term sea state can 
be considered to be equivalent to the 10-8 exceeding 

value in the long-term distribution. In the present paper, 
the candidate of the most severe short-term sea state is 
called the design short-term sea state hereafter. 

Table2:  Design short-term sea states 
 

 

 

 

Design Irregular Wave 

Once the design short-term sea state is specified, a time- 
domain simulation in irregular waves can be conducted 
by means of a nonlinear simulation code of ship re-
sponse. It is possible to conduct a time-domain simula-
tion in ordinary irregular waves; however, it will take 
enormous time to obtain the statistically significant 
value. Alternatively, so-called critical wave episode, or 
most likely response wave, can be used to obtain a max-
imum response in irregular waves (Pastoor, 2002, Dietz 
et al., 2004, Jensen, 2009). In the present paper, the 
design irregular wave method is used instead, because 
any kind of nonlinear simulation code for ship response 
can easily be used in the design irregular wave method. 
The Design Irregular Wave (DIW) is a phase-controlled 
irregular wave to estimate the extreme ship response in 
a given short-term sea state (Fukasawa et al., 2007). An 
irregular wave train can be generated from the wave 
spectrum by dividing the frequency range of wave spec-
trum into N  components, such as, 

N

i
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where )( iS  is a wave spectrum, i , i  and i  are 
the wave number, frequency, and phase angle of i th 
regular wave component. The phase angle can be taken 
randomly and the frequency interval  is chosen 
empirically in the generation of ordinary random irregu-
lar wave train. In the DIW method, on the other hand, 
the phase angle of each regular wave component in Eq. 
7 is fixed intentionally so that the vertical wave bending 
moment (VWBM) attains its maximum at time 0t . 
Let the i th regular wave component and the resulting 
VWBM to be, 

)cos()( tXt iiii                                          (8) 
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the maximum VWMB occurs at iMit / . Converting 
the time scale as iMitt /'  then we have 

)'cos()'( Miiiii tXt                              (10) 

)'cos()'( tMtM iii                                                 (11) 

Comparing Eq. 7 with Eq. 10, it is found that the maxi-
mum bending moment occurs at time 0t  if the phase 
angle of a regular wave component is taken to be 
( Mii ). If all the phase angle of regular wave 
component of DIW is determined in this manner, the 
maximum value of superposed bending moment in the 

Tz [s] 3.5 4.5 5.5 6.5 7.5 8.5 9.5
Hs [m] 0.5 2.5 5.5 7.5 10.5 12.5 13.5

Tz [s] 10.5 11.5 12.5 13.5 14.5 15.5 16.5
Hs [m] 14.5 14.5 14.5 14.5 13.5 12.5 10.5



irregular wave train occurs at time 0t , in case the 
ship response is assumed to be linear. 
It is noted here that, in the DIW method, the regular 
wave components are generated from a limited frequen-
cy range of the wave spectrum which contributes to 
VWBM significantly. Furthermore, the following re-
strictions are imposed on in the DIW method in order to 
obtain the equivalent response to the 1/1000 highest 
value in short-term sea state, preventing the superim-
posed wave from breaking. 

R1. Maximum wave steepness is less than 1/15. 
R2. Maximum wave height is less than 1.983 Hs. 

It is difficult to estimate the occurrence probability of 
DIW exactly; however, the occurrence probability can 
possibly be expected to be the order of 10-3 from the 
above restrictions. 

Time-Domain Simulation of Ship Response 

Ship responses in waves are more or less nonlinear and 
the strongly nonlinear phenomenon such as slamming 
occurs occasionally in rough seas. A computational 
code TSLAM, therefore, is used in the present paper in 
the calculation of nonlinear ship response in the design 
irregular waves because of its robustness in strong non-
linear phenomena. TSLAM is based on the time-domain 
nonlinear strip theory and the nonlinearities with respect 
to slamming impact can be taken into account (Yama-
moto et al., 1983). Numerical simulations are performed 
to calculate the vertical wave bending moment at mid-
ship in the design irregular wave. 
It is possible to take account of the flexibility of hull-
girder of the ship and resulting whipping vibrations in 
TSLAM; however, the effect of whipping has not been 
explicitly considered in current structural requirements 
in the rule and it is stated in IACS UR S11A that hull 
girder ultimate strength assessment is to take into con-
sideration the whipping contribution to the vertical 
bending moment according to the Classification Society 
procedures (IACS, 2015). Therefore, the hull-girder of 
the ship is considered to be a rigid body in the present 
paper in order to clarify the major issue of the current 
structural rules. 

Results and Considerations 

Nonlinear simulations of ship response by means of 
TSLM are conducted in the design irregular wave gen-
erated in the design short-term sea state shown in Table 
2. The heading angle of the ship is taken as the right 
head sea condition ( 180 ), because the severest 
slamming impact occurs in right head sea. In the design 
irregular wave, as was shown in Eq. 11, the maximum 
bending moment occurs at 0t  in the linear theory. In 
order to distinguish the hogging and sagging peaks in 
nonlinear simulations, the phase angle of the design 
irregular wave is adjusted so that the maximum bending 
moment occurs in each of the hogging and sagging sides. 
The calculated maximum vertical wave bending mo-
ments at midship are shown in Figs. 4~6, where the 

abscissa axes show the mean wave period of the design 
short-term sea state and the hogging bending moment is 
taken to be positive and sagging is negative. Fig. 4 is the 
case of 1,700 TEU container ship, Fig.5 is that of 6,000 
TEU and Fig.6 is that of 20,000 TEU, respectively. 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 4:  Maximum VWBM of 1,700 TEU container ship in 

design short-term sea state (right head sea) 

 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 5:  Maximum VWBM of 6,000 TEU container ship in 

design short-term sea state (right head sea) 

 
 
 
 
 
 
 
 
 
 

 
 
Fig. 6:  Maximum VWBM of 20,000 TEU container ship in 

design short-term sea state (right head sea) 
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The overall trend in the figures is that the maximum 
hogging bending moment by DIW is comparable with 
that by the IACS requirement or a little bit larger, while 
the sagging bending moment by DIW is much larger 
than that by the IACS requirements. In particular, the 
trend in 20,000 TEU container ship is different from 
that of 1,700 TEU and 6,000 TEU container ships;  that 
is, the maximum bending moment by DIW is rather 
larger than that by the IACS requirement both in 
hogging and sagging sides. 
Typical time histories of vertical wave bending moment 
are shown in Figs. 7~12 for 3 container ships. Figs. 7, 9, 
11 show the time history of vertical wave bending 
moment in the design irregular wave to achieve 
maximum hogging moment, and Figs. 8, 10, 12 show 
that to achieve maximum sagging moment. It can be 
seen in the figures that the maximum value of each 
bendig moment occurs around time 0t . The hogging 
moment plateaus in the peak because of bottom 
emergence of the ship, and the peak of sagging moment 
shows the spike because of slamming impact of the ship. 
It was shown in Figs. 4~6 that the maximum sagging 
wave bending moments obtained by DIW exceed the 
IACS requirement; however, this is mainly caused by 
this kind of the spike bending moment. The significance 
of this value would be open to debate. It would be more 
important that the maximum hogging bending moment 
obtained by DIW exceeds the IACS requirement more 
or less, because the still water bending moment of con-
tainer ship is large hogging and the total hogging bend-
ing moment is increased further in waves. 

 

 
 
 
 
 
 
 
 
Fig. 7:  Time history of VWBM of 1,700 TEU container 

ship in design irregular wave (right head sea, 
hogging maximum) 

 
 
 
 
 
 
 
 
 
 
Fig. 8:  Time history of VWBM of 1,700 TEU container 

ship in design irregular wave (right head sea, 
sagging maximum) 

 
 
 
 
 
 
 
 
 
 
Fig. 9:  Time history of VWBM of 6,000 TEU container 

ship in design irregular wave (right head sea, 
hogging maximum) 

 
 
 
 
 
 
 
 
 
 
Fig. 10:  Time history of VWBM of 6,000 TEU container 

ship in design irregular wave (right head sea, 
sagging maximum) 

 
 
 
 
 
 
 
 
 
 
Fig. 11:  Time history of VWBM of 20,000 TEU container 

ship in design irregular wave (right head sea, 
hogging maximum) 

 
 
 
 
 
 
 
 
 
 
Fig. 12:  Time history of VWBM of 20,000 TEU container 

ship in design irregular wave (right head sea, 
sagging maximum) 
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Fig. 13:  Maximum VWBM of 1,700 TEU container ship in 

design short-term sea state with wave height limit 
10 m (right head sea) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 14:  Maximum VWBM of 6,000 TEU container ship in 

design short-term sea state with wave height 
limit 10 m (right head sea) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 15:  Maximum VWBM of 20,000 TEU container ship 

in design short-term sea state with wave height 
limit 10 m (right head sea) 

 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 16:  Maximum VWBM of 1,700 TEU container ship in 

design short-term sea state ( 30 degrees head sea) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig. 17:  Maximum VWBM of 6,000 TEU container ship in 

design short-term sea state (30 degrees head sea) 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
Fig. 18:  Maximum VWBM of 20,000 TEU container ship 

in design short-term sea state (30 degrees head 
sea) 
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Recently, by the technological progress in the wave 
forecast and weather routing, it becomes unlikely for 
ordinary ships to sail in the short-term sea state of which 
significant wave height is over 10m in right head sea 
condition. Even if a ship encounters a severe wave con-
dition, the captain of the ship may take action to avoid 
the severe waves. The effect of ship handling for avoid-
ance is, therefore, important to the consideration of the 
maximum wave bending moment. Hereafter, the effects 
of the maximum significant wave height of encounter-
ing short-term sea state and the veering of the ship upon 
the maximum vertical wave bending moment are inves-
tigated. 
Figs. 13~15 show the cases where the significant wave 
height is limited to 10 m in the design short-term sea 
states. The maximum vertical wave bending moment in 
sagging side is much decreased due to the limitation; 
however, the decrease is not so significant in hogging 
side. It can be said from the results that the maximum 
hogging wave bending moment cannot substantially be 
attributed to the significant wave height, but to the su-
perimposed instantaneous wave height. On the other 
hand, the significant wave height of the short-term sea 
state largely contributes to the peak value of sagging 
bending moment due to slamming impact. 
Figs. 16~18 show the cases where the heading angle is 
150 degrees, that is, the head sea condition at an angle 
of 30 degrees to her heading. The maximum vertical 
wave bending moment is decreased in both hogging and 
sagging sides due to the veering of the ship. It can be 
said from the results that the veering is effective to re-
duce the maximum vertical wave bending moment both 
in hogging and sagging sides, although the large rolling 
motion would be a concern if the heading angle be-
comes too large. 
It should be noted here that the still water bending mo-
ment of container ship is large hogging. The total verti-
cal bending moment (still water + wave) should be 
treated properly in the design stage, if the ultimate lon-
gitudinal strength of container ship is discussed. Moreo-
ver, the effect of whipping vibration upon the extreme 
bending moment is a thorny issue in ship structural 
design. Not only the extreme value of bending moment 
due to whipping vibrations but also the short-duration 
structural response in whipping should be investigated 
in the discussion of the ultimate longitudinal strength of 
container ship. 

Conclusions 

Longitudinal vertical wave bending moments of con-
tainer ships were calculated with the use of design ir-
regular wave concept by means of a computational code 
of nonlinear ship response in waves. Calculated results 
were compared with the wave bending moment re-
quirement given by IACS. Obtained results are as fol-
lows: 

The vertical wave bending moment required by UR 
S11A is much larger than that by UR S11 in sagging 
side, while the difference is not so much in hogging 

side in larger container ships. 

With the increase of the size of container ship, the 
maximum vertical wave bending moment calculated 
by using the design irregular wave becomes larger in 
sagging side than even that by IACS requirement 
S11A. However, as the maximum value occurs in 
the form of spike due to slamming, the significance 
of this maximum value should be discussed. 

The maximum vertical wave bending moment calcu-
lated by using the design irregular wave exceeds that 
by IACS requirement in hogging side in larger con-
tainer ships. As the still water bending moment of 
container ship is large hogging, this exceedance 
should be investigated carefully. 

To avoid the sea state of significant wave height 
over 10 m is quite effective to decrease the maxi-
mum vertical wave bending moment in sagging side; 
however, it is not so effective for the decrease of 
hogging bending moment. 

Veering of the ship from head wave is much effec-
tive to decrease the maximum vertical wave bending 
moment both in sagging and hogging sides. 
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Abstract 

In the recent past, the whipping phenomenon has been exten-
sively investigated by different researchers, but its conse-
quence on the hull girder’s collapse is still unclear. The most 
common practice is to compute whipping as a linear dynamic 
response of the hull girder to slamming loads. The total bend-
ing moment is computed and compared to the hull girder’s 
ultimate capacity. This approach is often considered as con-
servative because it is trusted that the hull girder does not 
have time to collapse during a whipping event. 
In order to investigate this dynamic ultimate strength and to 
compare this with the usual quasi-static ultimate capacity the 
hydrodynamic loading is strictly separated from the structural 
response and both linear (elastic) and nonlinear (elastic or 
elasto-plastic) structural response are considered. A simpli-
fied one degree of freedom model is used to compute the linear 
or non-linear dynamic response of the hull girder. Different 
stress-strain relation curves and different hydrodynamic load-
ing sequences are considered in order to assess their influence 
on the final response. It is shown that a time sequence corre-
sponding to a linear whipping response higher than the hull 
girder capacity does not necessarily lead to the hull girder 
collapse when a non-linear structural model is used.

Keywords 

Container ship; Whipping; Ultimate strength. 

Introduction 

The hull girder ultimate strength is defined as the capac-
ity of the hull girder to resist to external wave forces 
without complete collapse. This check is used by many 
classification societies and has been recently introduced 
in the IACS UR S11A (2015) dealing with longitudinal 
strength standard for container ships. The non-linear 
relationship between the external bending moment and 
the curvature of the hull girder is computed taking into 
account yielding and buckling behavior of each individ-
ual structure component of the ship section (Fig. 1). The 
hull girder ultimate capacity is defined as the maximum 
bending moment in this curve. The rule check consists 
in comparing the sum of the still water and the wave 
bending moments (including some partial safety factors) 
with the ultimate capacity. This check does not take into 
account any dynamic behavior of the hull girder: it is a 
pure static check. 

Fig. 1: Bending moment M versus curvature 

Recent accidents on some container ships (MSC Napoli, 
MOL Comfort) suggest that the whipping phenomenon 
might be one of the causes for structural failure and the 
post-accident recommendations strongly request more 
thorough investigations of this phenomenon. At that 
time whipping was not taken into account in the classi-
fication society rules, but its effects were supposed to be 
covered by the partial safety factors. Since then many 
numerical methods have been developed to simulate the 
whipping response to slamming loads (el Moctar, 2011 - 
Malenica, 2012 - Tuitman, 2012). It is now possible to 
use direct computation to predict design bending mo-
ment including whipping, and some classification socie-
ties are making this mandatory for Ultra Large container 
Ships (Bureau Veritas, 2012). This design bending mo-
ment, which includes the dynamic response of the hull 
girder, is then compared to the ultimate capacity, exact-
ly as it was done with the quasi-static wave bending 
moment. Recently DNV-GL (2015) has introduced a 
partial safety factor of 0.9, reducing the effectiveness of 
whipping during collapse. It is hard however to find any 
rational justification of this factor. 
In order to follow the collapse behavior of a ship’s hull 
girder in waves, Kimura et al (2010) proposed a hydro-
elasto-plastic model to study the dynamic collapse be-
havior. Iijima et al (2014) have used this model to study 
the post-ultimate strength collapse behavior of the hull 
girder under wave loads or whipping loads. They have 
used a simplified single degree of freedom model to 
simulate the hull girder bending. Their results are com-
pared to model scale experiments. Their conclusion is 
that given the same amplitude of vertical bending mo-
ment, the collapse extent under normal wave loads is 
much larger than under impact loads. 
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The present work is based on a similar simplified elasto-
plastic one degree of freedom model. Compared to the 
previous work, more realistic loading sequences are 
used. The focus is not on the post-collapse behavior, but 
only on the occurrence or not of the collapse. The opin-
ion of the present authors is that whipping should not be 
treated as a load, but as a dynamic response of the struc-
ture. Most often, in the literature, whipping is consid-
ered as an increase of the loading: commonly the verti-
cal bending moment. The authors believe that this way 
of thinking might introduce some misunderstandings 
which are clarified clarify below. 

Single degree of freedom model 

Iijima et al (2014) have modeled the whole ship as a 
two-rigid-bodies system connected to each other by a 
non-linear rotational spring. They have shown that it 
can be reduced to a single degree of freedom model. 
This model is used to describe the static or dynamic 
equilibrium between the external bending moment 
and section curvature . 

Linear and non-linear internal moment 

The relationship between the internal bending moment 
 and curvature  is usually non-linear, as shown for 

example in Figure 1. For small values of the curvature, 
this function can be linearized, and is explicitly written 
as a function of the steel Young modulus  and the 
inertia of the section (quadratic moment) : 

 (1)

This model is not valid for large deformations where 
plasticity and buckling effects are important. For a giv-
en curvature  the internal bending moment reaches a 
maximum . This point is called the failure point, and 

 is called the ultimate capacity. The ship is safe as 
long as  (and ). For simplicity the 
following dimensionless variables are used: x (curva-
ture) and f (internal bending moment). 

 (2)

 (3)

With this definition the linearized internal bending mo-
ment (Equation 1) becomes: 

(4)

When the structure is subject to several large loading 
and unloading cycles, permanent deformations occur, 
and the loading and unloading path are different. A non-
linear elasto-plastic model is used, considering a con-
stant stiffness during the unloading path, equal to the 
initial linear stiffness. Of course reality is much more 
complex, and the unloading path slope may be different 
from the initial slope, due to local damage in the struc-
ture. For comparison a non-linear elastic model is used 
as well, where loading and unloading paths remain the 
same. An example of the linear and non-linear relation-
ships between f and x is shown in Figure 2. 

Fig. 2: Linear and non-linear relationships between 
moment and curvature 

In this dimensionless form the failure is defined by: 

 (5)

It is important to stress that the failure is defined with 
respect to the internal bending moment, and not with 
respect to an external bending moment. When an exter-
nal bending moment  is applied to the hull girder, 
the structural response can be quasi-static or dynamic. 
The dimensionless external moment is noted : 

 (6)

Non-linear quasi-static response 

By definition a quasi-static response is only function of 
the instantaneous applied load. At each time instant the 
internal  moment is equal to the external moment: 

(7)

Because of the equality between internal and external 
bending moment in the quasi-static model, the failure is 
usually defined by Equation 8 and only depends on the 
external bending moment: 

(8) 

Very often the external bending moment is called quasi-
static moment. However quasi-static is not a characteris-
tic of the load, but of the structural response. The same 
load can induce quasi-static or dynamic structural re-
sponse, depending on the structure characteristic. 

Non-linear dynamic response 

When the response of the structure does not only de-
pend on the instantaneous value of the loads, but also on 
the velocity and the acceleration of the structure defor-
mations, then the response is called dynamic. The mo-
tion equation is then: 

 (9)

This is the very well-known single degree of freedom 
oscillator equation, with its linear natural period 

, its non-dimensional damping coefficient 
and a non-linear stiffness . This equation is solved 
in time domain. The behavior of the structure depends 
on the time history of the excitation force . If 
is slowly varying in time (with respect to the natural 
period of the system ) then the inertia and damping 
terms are negligible and the response is quasi-static. 
However in the general case the excitation  might 



induce a vibratory response of the system. In the case of 
hull girder response to wave loads, the slamming loads 
are causing a whipping response. There is no longer 
equality between external and internal loads because the 
dynamic terms of Equation 9 cannot be neglected. 
It is important here not to make any confusion between 
the loads and the response: wave loads and slamming 
loads are the excitation terms , while whipping is 
the structural response that can be described by the 
curvature  or the internal moment  . The 
“whipping loads” term, mentioned quite often in the 
literature, is confusing as it might be interpreted as an 
external load. 
The failure is in this case always defined by equation 5. 
Failure happens when the internal bending moment 
reaches the ultimate capacity. However it is not possible 
any more to define the failure by Equation 8, based only 
on the external bending moment. 

Linear dynamic response 

If the structural response is supposed to be linear (Equa-
tion 4), the equation of motion becomes: 

 (10)

All the currently existing software computing the whip-
ping response of the hull girder are based on a linear 
approach of the structural deformations. Slamming 
loads are highly non-linear and might be computed by 
CFD or Generalized Wagner Theory. Structural re-
sponse might be computed with a modal approach or a 
direct approach, but the whipping response is always 
linear and the equation of motion is similar to Equation 
10, except that more degrees of freedom are involved. 
At this stage it is important to understand that the 
“whipping loads” computed by different software and 
used for the rule assessment are in reality the internal 
moment of a linear dynamic structural model. 
It is not correct any more to define the failure by Equa-
tion 5, as this equation is valid only for a non-linear 
structural model. There is no failure in a linear model. 
Comparing the internal moment  from a linear dy-
namic simulation to the non-linear ultimate bending 
moment is not correct. The problem is that the existing 
software are not capable to compute the non-linear dy-
namic response of the ship. Hence a practical solution 
would be to find a criterion applicable to linear dynamic 
models: what is the maximum allowable linear dynamic 
response which would correspond to a failure in a non-
linear dynamic simulation? 

Dynamic ultimate strength 

Notations 

The following notations are used. For a given excitation 
 equations 9 and 10 are used to compute in time 

domain the non-linear and linear dynamic structural 
responses. The maximum non-linear response is noted 

, or , and the maximum linear response is 
noted , or .  

Dynamic ultimate capacity factor 

Iijima et al (2014), using a very similar model, have 
computed the non-linear elasto-plastic response of the 
hull girder due to impact loads. They used a load time 
history  described by a single half sine which period 
can be varied. For long periods this loading sequence is 
representative of a wave load and for very short periods 
this loading sequence is representative of a slamming 
load. The amplitude of the load is adjusted so that the 
linear whipping response reaches 130% of the ultimate 
bending moment ( ). Then the non-linear elasto-
plastic response is computed, and its maximum  is 
derived. They show that the non-linear deformation is 
much more important when the period of the load is 
high. 
The opposite is done in this study. The loading sequence 

 is adjusted so that the maximum non-linear dynam-
ic response reaches the failure point ( ). Then 
the linear response  is computed for the same loading 
sequence.  As long as the linear response stays under 
this value  , the non-linear response does not reach the 
failure point, so  defines the maximum allowable 
linear-response. This  value can be considered as a 
dynamic ultimate capacity factor, noted : 

 (11)

Once properly determined, this factor can be applied to 
properly compare the results of conventional linear 
dynamic whipping models with the non-linear ultimate 
capacity. Of course this dynamic ultimate capacity fac-
tor depends on the loading sequence  and on the 
non-linear bending moment/curvature relationship. It is 
important to compute it for realistic parameters. 

Realistic bending/curvature curves 

Ultimate capacity curves in hogging have been comput-
ed using the method described in IACS S11A (2015) for 
14 container ships ranging from 264m to 378m. These 
curves have been made non-dimensional according to 
Equations 3 and 4 and are presented in Figure 3. All 
these curves look pretty similar. The location of the 
failure point however is ranging from 1.23 for Ship 13 
to 1.39 for Ship 2, and there seems to be a correlation 
with the ship length as shown in Figure 4.  

Fig. 3: Bending moment versus curvature of 14 con-
tainer ships 



Fig. 4: Failure point versus ship length 

Simplified loading sequence 

The simplest, but unrealistic loading sequence is com-
posed of a static load  representative of still water and 
an impulsive load representative of a slamming load. To 
compute the dynamic ultimate capacity factor, the am-
plitude of the impulsive load is adjusted so that  

. 

Energy conservation 

If damping is neglected in Equations 9 and 10, a simple 
formulation of the dynamic ultimate capacity factor can 
be derived through energy conservation. 
Under the still water load , the ship is at its static equi-
librium (the linear and non-linear equilibrium are 
and  respectively). When the slamming load 
occurs, a certain quantity of kinetic energy is given to 
the hull. Without any source of damping, this energy is 
converted to potential energy as the ship is deforming. 
In the non-linear analysis the deformation energy to go 
from the static equilibrium  to the failure 
point  is: 

 (12)

In the linear analysis the same energy is used to go from 
the equilibrium  to the maximum dynamic re-
sponse, which is equal to dynamic ultimate capacity 
factor . 

 (13)

Considering the same energy is given by the impulsive 
load in the linear or the non-linear response, the dynam-
ic ultimate capacity factor can be computed using the 
following equation, where  is the deformation 
energy in the non-linear model (Equation 12): 

 (14)

A further simplification is to consider an idealized elas-
to-plastic behavior by considering the function  
purely linear up to  and then equal to  from 

 to . In this specific idealized case, the 
energy can be computed analytically, and equation 14 
becomes: 

 (15)

This simple equation shows that the dynamic ultimate 
capacity factor is bigger than 1.0 and is heavily depend-
ent on the location of the failure point, i.e. on the 
amount of plastic distortion at failure. 

Numerical application 

When Equation 15 is used, the dynamic ultimate capaci-
ty factor computed for the 14 ships ranges from 1.21 for 
Ship 13 to 1.33 for Ship 2 (Blue dots in Figure 6). When 
equation 14 is used, the dynamic ultimate capacity fac-
tor depends on the static load  as shown in Figure 5. It 
is however quite constant for up to  and drops 
suddenly for  close to 1. For  the factor is rang-
ing from 1.19 for Ship 13 to 1.31 for Ship 2. Even if 
these values are different from the ones given by Equa-
tion 15, the correlation with the failure point  is still 
very important (Figure 6). 

Fig. 5:  computed with Equation 12 

Fig. 6:  computed with Equation 12 and 13 

Wave group loading sequence 

Wave group definition 

More realistic loading sequences are used in this study, 
composed of a constant load  representative for still 
water bending moment, a wave load  and a slam-
ming load . 

 (16)

The wave load is defined as a sum of 9 wave compo-
nents (Eq. 17), defining a wave group depending on two 
parameters that will be varied: its period  and its max-
imum amplitude : 

 (17)



Table 1: Components of the wave group 
i 1 2 3 4 5 

0.6 0.7 0.8 0.9 1.0 
0.011 0.043 0.115 0.206 0.250 

6 7 8 9  
1.1 1.2 1.3 1.4  

0.206 0.115 0.043 0.011  

The slamming load is defined as a half sine (Eq. 18) of 
amplitude  and duration . The value of  is not very 
important in the present methodology, because whatever 
its value, the amplitude  is adjusted so that the non-
linear dynamic response reaches the failure point. 

 is used for all the simulations. The slamming 
impact happens at instant , in the sagging half cycle 
just before the main wave of the wave group . The 
value of  is varied from   to 

 to produce different phasing between 
the whipping vibrations and the wave load. 

(18)

An example of the total loading sequence is shown in 
Figure 7. The corresponding linear and non-linear re-
sponses computed for ship 2 are shown in Figure 8. This 
example shows that even if the linear response reaches 
1.05 (which is usually interpreted as a failure because 
the internal moment is above the ultimate bending mo-
ment), the non-linear internal moment is still below 1.0 
and the non-linear curvature is still below 1.39, which is 
the failure point for the considered ship. For the same 
excitation, the non-linear model produces a bigger de-
formation but a lower internal moment. Furthermore,
the differences between the non-linear elastic and non-
linear elasto-plastic simulations are explained by the 
permanent plastic deformation and by the damping 
induced by the energy dissipation during this plastic 
deformation. 

Fig. 7: Loading sequence ( ; ; 
; ; ; ) 

Fig. 8: linear and non-linear responses 

Parametric study 

The dynamic ultimate capacity factor can be computed 
for all wave groups defined by Equations 16, 17 and 18, 
and parameters , ,  and . Ships 2 and 13 are 
used for a parametric study. They are the ones with the 
lowest and the highest failure point, and they are corre-
sponding respectively to the highest and the lowest 
dynamic ultimate capacity factor computed with equa-
tions 12 or 13. For each of these two ships, the dynamic 
ultimate capacity factor is computed according to Equa-
tion 11 for a large range of variation of the loading 
sequence parameters. The linear structural damping is 
set to 2% for these computations. 
The still water load  is set to 0.3, 0.4 or 0.5, which 
corresponds to realistic loading conditions for container 
ships where the still water bending moment is in hog-
ging. 
The wave part  is varied so that the sum of still water 
and wave excitation ranges from 0.8 to 0.98. It means 
that the “quasi-static” bending moment due to still water 
and wave loads is equal to 80% to 98% of the ultimate 
capacity. The period  is in fact the wave encountered 
period as seen by the ship. Table 2 shows for several 
container ships their first bending mode natural wet 
period , the characteristic period of VBM response in 
design sea states , and the ratio between the corre-



sponding encounter period at 5 or 15 knots and the 
whipping period. This ratio ranges from 4 to 8. Values 
of 4, 6 and 8 are used in the parametric study. 

Table 2: Typical bending periods and whipping periods
Lpp 
m s s 5 kts 15 kts 

267 1.4 13.0 8.33 6.81 
286 2.0 14.2 6.30 5.22 
317 2.1 14.3 6.23 5.17 
348 2.0 14.5 6.62 5.50 
349 1.9 14.4 6.67 5.53 
350 2.3 15.0 5.94 4.96 
378 2.7 15.4 5.16 4.32 
380 2.7 15.3 5.14 4.31 
381 2.6 15.9 5.47 4.60 
383 2.5 15.2 5.59 4.68 

The  parameter, defining the instant of the slamming 
load, is varied in its entire range (Eq. 18) with a 
step. For each set of , ,  and  the value of the 
slamming load  is adjusted and the dynamic ultimate 
capacity factor is computed according to Equation 11. 
Figure 9 shows the results for the case 

) and for all the values of . It shows that for spe-
cific phasing between the whipping vibrations and the 
wave excitation,  can be quite high. 

Fig. 9: Influence of  variations on 

To be conservative, and because the exact instant of the 
slamming impact is impossible to justify within the
simplified wave group loading sequence, it is decided 
for each set of ,  and  to take only the lowest 
dynamic ultimate capacity factor due to a  variation. 
Results are presented in Figures 10 to 13. The dynamic 
ultimate capacity factor is plotted versus , which 
can be understood as the usual “quasi-static” bending 
moment. For each  ratio three lines of the same 
color are plotted corresponding to the three values of . 
The dynamic ultimate capacity factor corresponding to 
Equations 14 and 15 are also plotted. 
The following observations can be derived: 

• The dynamic ultimate capacity factors given by 
Equations 12 and 13 are not conservative; 

• There is still a large difference between ship 2 
and ship 13, due to the difference in their fail-
ure point ; 

• The dynamic ultimate capacity factor is highly 
dependent on  and is decreasing for high 
values of ; 

• The influence of the still water load  is small; 
• The influence of the wave period  is small, in 

particular with the elastic model; 
• The elastic model is a little bit more conserva-

tive than the elasto-plastic model. 

Fig. 10:  computed for Ship 2 (elastic) 

Fig. 11:  computed for Ship 2 (elasto-plastic) 

Fig. 12:  computed for Ship 13 (elastic) 

Fig. 13:  computed for Ship 13 (elasto-plastic) 



Irregular sea state 

Loading sequence definition 

The most realistic loading sequence is the one that can 
be observed on an irregular sea state. Equation 16 is still 
used to describe the total excitation force. The Bureau 
Veritas hydro-structure software Homer (Malenica, 
2008) is used to compute a realistic wave excitation 

 and the corresponding slamming excitation : 
the external vertical bending moment of a 350m con-
tainer ship sailing at 5 knots in head waves on a design 
sea state (Hs=14.5m – Tp=16.2s) has been computed for 
a total duration of 180 hours (about 5.104 wave cycles). 
The wave part and the slamming forces are computed 
separately. Both of them are made non-dimensional by 
dividing by the ultimate capacity . The amplitude of 
the wave excitation is then adjusted so that the maxi-
mum wave force corresponding to a return period of 
1000 wave cycles is equal to a specified value . The 
time scale of the excitation sequence is scaled so that 
the ratio between the up-crossing wave period and the 
whipping natural period is equal to a specified value 

. Figure 15 shows an example of this irregular 
excitation. 

Fig. 14: Extract of the irregular loading sequence 

Parametric study 

The still water component is set to  and is not 
varied, considering its very small influence on the de-
sign wave results presented above. The wave maximum

 is varied from 0.4 to 0.58, so that the “quasi-static” 
excitation ranges from 0.8 to 0.98.  The ratio  is 
varied from 4 to 8.  
For each parameters set , non-linear simu-
lations are done and the return period of failure events 
(when the failure point  is reached) is computed.  The 
amplitude of the slamming loads is adjusted so that this 
return period is equal to 1000 wave cycles. Then the 
same excitation sequence is used to compute the linear 
dynamic response (Eq. 10) and the linear extreme corre-
sponding to a return period of 1000 wave cycles is de-
rived. The dynamic ultimate capacity factor  is equal 
to this linear extreme. This is formally written in Equa-
tion 19 where  and  stand for the linear 
and non-linear extremes corresponding to a return peri-
od of 1000 wave cycles. 

 (19)

The resulting dynamic ultimate capacity factor is shown 
in Figure 15 to 18. For reference the dynamic ultimate 

capacity factor previously computed for a wave group is 
also shown (the lowest one, considering all periods and 
all still water loads). 

Fig. 15:  computed for Ship 2 (elastic) 

Fig. 16:  computed for Ship 2 (elasto-plastic) 

Fig. 17:  computed for Ship 13 (elastic) 

Fig. 18:  computed for Ship 13 (elasto-plastic) 

When the elastic model is used (Fig. 15 and 17), the 
results are highly dependent on the period of the irregu-
lar excitation. This is due to the phasing between the 
whipping response and the excitation. Figure 19 shows 
an example of two responses of different natural periods 
to the same excitation force. For  the whipping 
vibration is in phase with the maximum of the wave 
excitation and the failure point is reached at 



. For  the whipping vibration is in oppo-
sition with the maximum wave excitation and the failure 
point is not reached. The same effect was observed for a 
wave group excitation when the parameter  defining 
the instant of the slamming load was changed. When 
considering the lowest dynamic ultimate capacity factor 
over all the periods , the results are very close to 
the wave group results: the behavior on an irregular sea 
state can be properly modeled by the behavior on a 
single wave group. 

Fig. 19: Importance of phasing between whipping re-
sponse and wave excitation 

However when the elasto-plastic model is used (Fig. 16 
and 18), the results are less dependent on the wave peri-
od, but are very different from the wave group results. 
This is explained by the strain hardening behavior of the 
elasto-plastic model. Figure 20 shows an example of 
non-linear response to the same irregular excitation for 
the elastic and the elasto-plastic models. The simulation 
stops when the failure point is reached. The elasto-
plastic model reaches the failure point before the elastic 
model does. The progressive increase of the plastic 
deformation can be seen. After each large wave groups 
the permanent deformation increases and the mo-
ment/curvature relationship shifted, each time reducing 
the reserve of plastic deformation before the failure 
point, which makes the structure more sensitive to the 
next bigger waves. 

Fig. 20: Non-linear responses to an irregular excitation 

Conclusions 

When dealing with whipping, it is very important to 
distinguish the external excitation force from the struc-
tural response which can be quasi-static or dynamic, 
linear or non-linear, with or without plasticity. The 
usual comparison of the linear dynamic response (tradi-
tional whipping response) to the quasi-static ultimate 
bending moment should be reconsidered: the non-linear 
dynamic response should be compared to the failure 
point. The dynamic ultimate capacity factor  has 
been introduced to reflect the maximum allowable line-
ar whipping response equivalent to a non-linear dynam-
ic response reaching the failure point. 
A simple one degree of freedom model has been intro-
duced as a first step in the investigation of the non-
linear dynamic behavior of the hull girder. Values of the 
dynamic ultimate capacity factor have been computed 
for several types of excitation sequences and for differ-
ent non-linear models of the structure response. It is 
shown that: 

•  is always greater than 1.0: the linear dy-
namic response of the hull girder can exceed 
the quasi-static ultimate capacity without 
reaching the failure point. 

• Too simple excitation sequences, such as a 
pure slamming impact on calm water, overes-
timate the dynamic ultimate capacity factor: it 
is important to use a realistic irregular excita-
tion. 

•  is highly dependent on the non-linear 
model of the hull girder behavior: it depends a 
lot on the amount of non-linear deformation 
before the failure point, and it is very sensitive 
to the elasto-plastic model and to the strain 
hardening effect. 

It is too early at this stage to conclude on a value of the 
dynamic ultimate capacity factor that could be safely 
used in design. There is no evidence for using the factor 
0.9 introduced by DNV-GL (2015). More work should 
be done to improve the model: 

• The knowledge on the cyclic elasto-plastic be-
havior of the hull girder during large loading 
and unloading path needs to be improved, since 
it has been shown that the possible softening or 
hardening of the structure has a strong influ-
ence. 

• The memory effect due to the cumulative per-
manent plastic deformation should be studied 
in a long-term approach: the ship might already 
be damaged when the design sea state is en-
countered. 

• Similar investigation should be done using a 
realistic structural model instead of the single 
degree of freedom model. 
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Abstract 

Following the major structural failures of large container-
ships in recent years, a review of existing requirements with 
focus on the structural performance of large containerships 
was initiated by IACS.  
IACS established a project team to conduct this review of the 
existing UR S11 and propose improvements to this unified 
requirement. The now published UR S11A, coming into force 
on 1st July 2016, is the main outcome of this team.  
 
This paper presents the results obtained by the project team 
using the newly developed loads and strength assessment 
procedures in the UR S11A for a number of existing Contain-
erships, and discusses the impact of the proposed changes. 
The paper especially focuses on the impact of the proposed 
buckling assessment procedure and the new requirement of 
hull girder bending capacity assessment. 
 
In addition, the newly introduced functional requirement is 
also discussed. 

Keywords

Containership; Longitudinal Strength; Uniform Re-
quirements; Ultimate bending capacity.  

Introduction

Major structural failures of large container ships took 
place in recent years. The UK Marine Accident Investi-
gation Branch (MAIB) investigated one of the accidents 
and released a report in which, among other items, it 
was concluded that the IACS Unified Requirement 
(UR) S11 (Longitudinal Strength Standard) has lagged 
behind the development of containership design and 
operation and requires immediate revision, and that 
buckling strength must be assessed along the entire 
length of the hull based on global hull stress.  IACS 
established a project team to review the existing IACS 
UR S11 and propose improvements to this unified re-
quirement. In response to another accident, IACS im-

mediately established an Expert Group on Container 
Ships to review the state of the art of hull structural 
design, construction and operation of large container-
ships including the existing technical requirements and 
to identify needs for additional studies and / or im-
provements of existing requirements. The Final report 
produced by this expert group, the reports issued by the 
Japanese Committee on Large Container Ship Safety, 
and the Investigation Report on Structural Safety of 
Large Container Ships by Class NK were considered in 
the work of the project team reviewing the IACS UR 
S11.  

Overview of Strength Assessment Requirements 

The new requirements were developed following as far 
as possible the philosophy of the IACS (2015a) “IACS 
Common Structural Rules for Oil Tanker and Bulk 
Carrier” (CSR).  
The wave load definitions were revised based on the 
results of non-linear wave load computations of more 
than 120 ships with two loading conditions each as 
described in detail in IACS (2015b).  
Considerable changes of the strength requirements were 
made compared to the UR S11 requirements. The rea-
son was to follow a technically sound and transparent 
concept (based on the CSR philosophy) by applying 
general and harmonized methods to the strength as-
sessment. In particular the following requirements listed 
in Table 1 are different from the UR S11 requirements.  

Table 1:  Overview of the main differences between uni-
fied requirements UR S11 and UR S11A 

 UR S11 Rev. 7 
(Nov 2010) 

UR S11A 
(2015) 

Application All ships Containerships 
only 

 Gross scantling 
(except buckling) 

Net scantling 
concept 

Still water 
loads 

Defined for all 
ships 

Reference to 
UR S1 



Wave loads Definition of ver-
tical bending mo-
ment and shear 
force 

Revised load 
formulations 

Stiffness 
criterion 

Minimum moment 
of inertia defined 
using ship main 
dimensions 

Minimum mo-
ment of inertia 
defined based 
on bending 
moment 

Bending 
strength

Minimum section 
modulus 

Bending stress 
assessment 

Shear strength Minimum plate 
thickness 

Shear stress 
assessment 

Buckling 
strength

Linear buckling 
assessment con-
sidering Johnson-
Ostenfeld correc-
tion 

Prescriptive 
ultimate 
strength check 
following CSR 

Ultimate hull 
girder 
strength

No requirement Ultimate hull 
girder strength 
assessment 
following CSR 
approach

Functional 
requirements 
for large ships 

No requirement Mentioning 
consideration of 
local and bi-
axial (in-plane) 
loads and load 
contributions 
due to whipping 

Net thickness approach 

A net-thickness approach is implemented in the new 
unified requirement similar to the approach used in the 
IACS CSR. The net scantling approach means that the 
global or large-area scantling properties of the structure 
elements are modeled taking into account 50% of the 
full corrosion margin values, while the local buckling 
capacities are considered using the full corrosion mar-
gins. The corrosion additions were defined based on a 
simplification of the CSR values for similar structural 
elements and the evaluation of thickness measurements 
on containerships.   

Yield strength assessment 

The former minimum section modulus and plate thick-
ness requirements in the UR S11 are now replaced by 
stress assessments. The general acceptance criterion for 
the yield strength can be written as follows: 

21

22 3 eH
x

R
 (1) 

Where the actual stresses on the left hand side are de-
scribed by the hull girder longitudinal bending stress x
and shear stress , and the permissible stress on the right 
hand side is given by the yield stress of the material ReH,
divided by two partial safety factors 1 and 2 . The 
values of the partial safety factor 2 were determined 
taking into account the net scantling approach and two 
different stress states (i.e., bending and shear). The 
yielding strength is to be assessed for bending and shear 

stresses separately with their respective 2 values of 1.24 
and 1.13. The influence of the material strength is con-
sidered by the partial safety factor 1, which is defined 
as k*ReH/235, where k is the material factor according to 
the UR S4. 
In addition the minimum requirement for the Moment of 
Inertia was modified to consider a maximum level of 
hull deformation and the net scantling approach. 

Ultimate strength assessment 

The ultimate buckling strength assessment of the struc-
tural elements contributing to the longitudinal hull gird-
er strength is now based on the approach already intro-
duced in the CSR. This means that the buckling assess-
ment approaches in these two fundamental IACS re-
quirements are now equivalent.  
The buckling acceptance criterion is defined such that 
the maximum utilisation factor of the considered struc-
tural element, which is the inverse of the stress multipli-
cation factor at the failure, is to be smaller than 1. The 
stress multiplication factor is to be determined to satisfy 
the equations of the defined failure limit states, given in 
Annex 2 of IACS (2015c). Two stress combinations are 
to be considered for each of the failure limit states (i.e., 
100% of the longitudinal bending stress and 70% of the 
shear stress and vice versa), which is similar to the CSR 
requirement. For the buckling capacity, the net scant-
lings considering full corrosion margins of the structural 
elements are to be used. 
In addition, the assessment of the hull girder ultimate 
bending capacity is now required, based on the same 
assumptions and methodologies as in the CSR.  
The requirement is basically defined as follows: 

DBM

U
WWSS

MMM  (2) 

Where MS and MW are the vertical still water and wave 
bending moments, respectively, MU is the vertical bend-
ing moment capacity of the considered hull cross sec-
tion, and S, W, M, DB are the partial safety factors to 
take into account the uncertainties in the still water load, 
the wave load, the material properties and the double 
bottom effect, respectively. The values of the partial 
safety factors to be used in the assessment were scaled 
and modified from the CSR values considering the spe-
cific characteristics of containerships. The plus sign 
represents a hidden implicit safety factor due to the fact 
that there is a likelihood of the maximum wave loading 
not occurring at the same time as the maximum still 
water bending moment, since both wave loading and 
still water moment are time dependent processes. 

Functional requirements 

To consider the effects of additional load components 
and to establish a connection between the two new uni-
fied requirements UR S11A and UR S34, functional 
requirements were included in the UR S11A for ships 
with a breadth of 32.26 m and above. The functional 
requirements in general leave the details of the strength 
assessment requirements to the procedures of the indi-



vidual Classification societies. However, general re-
quirements with respect to what load components to be 
considered for the general strength assessments and the 
consideration of whipping contribution to the hull girder 
ultimate strength assessments are defined in the UR 
S11A. 

Impact studies 

To investigate the impact of the rule changes on existing 
designs, studies were carried out by almost all of the 
IACS societies. In these studies 3 to 5 cross sections per 
ship were checked, using both the existing requirements 
of S11 and  

Figure 1:  Locations used for stress evaluations in the 
impact study 

the newly developed requirements of S11A. The 
checked locations were at mid-ships and in the regions 
with high shear forces (near 0.3L and 0.35L in the aft of 
the ship and near 0.6L and 0.65L in the forward part of 
the ship). The buckling assessments were carried out for 
plate and stiffeners at the 10 locations indicated in Fig. 
1. The results presented in this paper are obtained from 
the studies carried out by the project team members. 

Comparison of Wave Loads / Impact on Wave-
Loads

New formulations for the definition of the vertical wave 
bending moments and shear forces were introduced in 
the new S11A. The impact on the load level for a num-
ber of existing containership designs is shown in Figs. 
2~3.  

Figure 2:  Ratio of vertical wave bending moments of new 
UR S11A requirement and UR S11 require-
ment for Containerships of various sizes plotted 
over the ship length L 

The vertical hogging wave bending moment for larger 
ships (L>300m) is up to 10% increased, while for 
smaller ships (L<200m) smaller values are obtained 
(Fig. 2) compared to the values calculated based on the 
UR S11 requirement.  In case of sagging it is obvious 
that the scatter is much bigger than in hogging, and the 
sagging wave bending moment calculated according to 
the UR S11A is in general much higher than that ac-
cording to the UR S11. Furthermore, the nonlinearities 
become more important for smaller ships, and the dif-
ference between hogging and sagging wave bending 
moments increases. This effect is described in more 
detail in IACS (2015b).  
The same tendencies are shown for the vertical wave 
shear forces in Fig. 3. However, the shear forces are 
increased significantly in any case when compared to 
the values determined according to the UR S11. The 
significant increase of the hogging shear forces over UR 
S11values compared to the moderate change of the 
hogging wave bending moment, shows certain incon-
sistency between the wave bending and shear force 
formulations in UR S11. A part of the increase of the 
shear forces is caused by the elimination of this incon-
sistency by the newly developed formulation; refer to 
IACS (2015b).  



Figure 3:  Ratio of maximum vertical wave shear forces of 
new UR S11A requirement and UR S11 re-
quirement for Containerships of various sizes 
plotted over the ship length L 

Impact on Strength 

Deflection  

The deflection of a ship is limited by a minimum stiff-
ness requirement described by the minimum moment of 
inertia. In the UR S11 this requirement was only de-
pendent on the main dimensions of the ship. In the UR 
S11A the requirement was changed to a formulation 
considering the applied maximum bending moment on 
the ship (vertical still water and wave bending moment). 
The requirement is based on a limit for the curvature; 
reference can be made to the detailed technical back-
ground in IACS (2015b). 

Figure 4:  Ratio of actual and required moment of inertia 
plotted versus the ship length L 

In Fig. 4 the ratios between the actual and new required 
moments of inertia in UR S11A are plotted for a number 
of containerships with various ship lengths. The plot 
includes ratios checked at different cross sections of 
each ship. Almost all the checks show that the actual 
moments of inertia of existing containership designs are 
well above the required values. This is true not only for 
the mid-ship sections, but also for all the cross sections 
that were investigated. There is a tendency that the larg-
er ships come closer to the requirement, but it is not 
regarded as a governing requirement. 

Bending Strength 

The bending strength is to be assessed using the bending 
stresses calculated at the top of hatch coaming plates 
and at the bottom plates. The permissible stress is set to 

 (refer to Eqn. 1) where k is the material 
factor as defined in UR S4. This is to account for the net 
scantling approach adopted in the UR S11A. The calcu-
lation of the section moduli of the cross sections of the 
ship should follow the requirement in the UR S5, except 
for the definition of the equivalent deck level which is 
revised to the top of the hatch coaming plates in the UR 
S11A. 
Results for several containerships at a mid-ship cross 
section are illustrated in Figs. 5~6.  

Figure 5: Utilisation for vertical bending stress assess-
ment in hogging condition at midships 

Figure 6:  Utilisation for vertical bending stress assess-
ment in sagging condition at midships 

In hogging condition the utilisation of the cross sections 
based on the S11A requirements is similar to the utilisa-
tion calculated by using the S11 requirements, as shown 
in Fig. 5, where the utilisation is defined by the actual 
cross section modulus divided by the required cross 
section modulus, considering the requirements of UR 
S11 and UR S11A respectively. In average, UR S11A 
shows slightly reduced utilisation over UR S11, and the 
reduction for the deck is more than that for the bottom. 
This is primarily because existing ships are designed to 
the UR S11, and when the UR S11A is used, the per-



missible stress is the same for the deck and bottom, but 
the corrosion deduction percentage at the deck is small-
er than that at the bottom due to thick deck plates. How-
ever, almost all designs pass the check (utilisation be-
low 1.0). 
Results for the sagging condition are shown in Fig. 6. 
Because of the significantly increased wave bending 
moment in sagging, the utilisation based on the UR 
S11A requirements is significantly higher than the utili-
sation based on the UR S11. Some ships even fail the 
UR S11A requirement with utilisation of more than 1.  
One of the main reasons identified for failing the check 
was in many cases the value of the permissible still 
water bending moment, which is used for the calcula-
tion of the stresses. It was found that, especially for 
older and smaller ships, the permissible still water bend-
ing moment values were set in a conservative way that 
usually does not match the values that can be reached in 
seagoing conditions. Earlier it was quite normal to as-
sume a conservative value of 0 (zero) instead of the 
actual minimum hogging moment, because this check 
was not governing in UR S11. Now this value should be 
based on realistic minimum hogging moment condi-
tions. This topic will be discussed in more detail under 
the “Discussion” section. 

Shear Strength 

The shear strength of the cross sections is to be checked 
by a stress assessment approach similar to that for bend-
ing strength. The permissible stress in the UR S11A 
requirement is set to  (refer to Formula 
(1)), considering the net scantling approach. Results for 
the shear stress assessments carried out during the im-
pact studies are illustrated for cross sections at 0.65 L 
(in fore-ship area) in Fig. 7. The cross section was se-
lected for illustration, because the shear forces usually 
reach to  their maximum at this location and in addition 
the vertical wave bending moments are relatively high 
(which becomes important for the buckling check of 
structural elements; refer also to the section below). It is 
quite obvious that the utilisation for almost all of the 
checked cross section is increased under the UR S11A 
requirements, compared to the S11 requirements, where 
the utilisation in case of shear is defined as the actual 
required shear force divided by the shear capacity of the 
cross section, considering the permissible shear stress. 
The wave shear forces increased significantly for all 
ships. It is also shown that a number of existing designs 
will fail the shear stress checks. This is especially true 
for the sagging condition. The reason is that the wave 
shear forces in sagging condition are largely increased 
compared to the UR S11 requirements. In addition, the 
permissible still water shear forces for many ships are 
set quite high, especially for the older and smaller ships, 
and do not really reflect the possible hull girder shear 
force values that are encountered in normal seagoing 
operations. 

Figure 7:  Utilisation for shear stress assessment at 0.65L 
for hogging and sagging condition 

Buckling Strength 

The buckling strength assessments of structural ele-
ments (plates and stiffeners) were carried out at the 
same cross sections as the stress assessments described 
earlier and at the 10 locations at each cross section as 
shown in Fig. 1. The results calculated based on the UR 
S11A requirement were compared in this case with the 
results obtained following the current requirement of the 
class societies. This decision was made because several 
class societies had reservations in place to use their own 
buckling assessment requirements instead of the as-
sessment following the requirements in the UR S11.  

Figure 8:  Summary of results of buckling assessments of 
local elements 

Results of the buckling strength assessments are sum-
marised in Fig. 8. For each location at the cross section 
the structural elements passing and failing the UR S11A 
requirement and the existing (current) requirement were 
counted. In Fig. 8 the percentage of the elements that 
passed the check for all cross sections along the investi-
gated ships and at each of the ten locations around the 
cross section is shown, divided in plate and stiffener 
elements.  



As can be seen for most of the ten locations the results 
between the current requirements and the S11A re-
quirement differs only slightly. Larger differences can 
be identified at point 8 for plate elements and at point 5 
for stiffener elements. The reason for the differences at 
point 8 is the significantly increased shear force which 
can lead in some cases to a buckling failure of the plat-
ing. However, in many of these cases, the stress assess-
ment already fails as described earlier. The reason for 
the stiffener failure at point 5 is mainly the increased 
vertical wave bending moment in sagging condition. As 
mentioned earlier, however, the ships may have been 
assigned unrealistic conservative permissible sagging 
still water bending moment values.  

Ultimate Hull Girder Strength 

A new requirement regarding the ultimate hull girder 
strength was introduced in the UR S11A for container-
ships, following the already established ultimate hull 
girder strength checks in the CSR, IACS (2015a). The 
requirement is written in a partial safety factor format 
and requires that the ultimate bending capacity of a hull 
girder cross section is larger than the applied total bend-
ing moment, considering the partial safety factors in 
Formula (2). The partial safety factor values were set 
based on the experience and knowledge gained from 
several hull girder ultimate strength assessments carried 
out by several IACS societies, the results of “The Inves-
tigative Panel on Large Container Ship Safety (2014)” 
as well as engineering judgment by the project team 
members. The background for each of the partial safety 
factors is described in more detail in IACS (2015b).  
Results of the impact studies are summarized in Figs. 
9~10. The utilisation is the ratio between the left hand 
side terms and the right hand term in Eqn. 2. Utilisation 
above 1.0 means that the cross section will not pass the 
new UR S11A requirement.  
Five (5) out of the 70 ships investigated fail the check at 
the mid-ship cross section (i.e. 0.55 L) in hogging con-
dition as shown in Fig. 9. The results at other cross 
sections are shown here for information only. For these 
results it has to be noted that, the partial safety factor for 
the double bottom effect can be reduced, depending on 
the structural configuration of the ship, and the rules and 
procedures of the individual class societies. This will 
influence the results of the cross sections outside the 
mid-ship area. Furthermore, the utilisation for larger 
ships in hogging condition is higher than for smaller 
ships, which is in-line with the increase of the vertical 
wave bending moment for larger ships. 

Figure 9:  Utilisation for ultimate hull girder strength 
assessment in hogging condition plotted versus 
the length of the ship 

In sagging condition 7 out of the 70 investigated Con-
tainerships do not pass the check at mid-ship as shown 
in Fig. 10.  

Figure 10:  Utilisation for ultimate hull girder strength 
assessment in sagging condition plotted versus 
the length of the ship 

It is also seen that in sagging, especially the smaller 
ships, do not pass the check, which is in many cases 
caused by inappropriate defined sagging still water 
bending moments, as already mentioned earlier. In addi-
tion this check is required for ships with a length L of 
150m and above, which is not the case for the smallest 
ships considered in the impact studies shown in Figs. 
9~10. Another point is that some of the smaller ships are 
not considered to operate in the harsh wave environment 
reflected by the design wave moments.  

Discussion 

General 

The results of the impact study summarized above show 
that even if the loads of the new UR S11A were 
changed significantly compared to the UR S11 require-
ment, the impact on existing containerships will be 
limited. This justifies an adequate safety margin for the 
existing ships.  
Areas in the forward and aft parts of the ship, where 
high shear forces require some reinforcement of plat-



ings, were already identified in the past by doing direct 
load and strength analysis for larger ships. The new 
requirement now covers this in an early design stage. 
Further aspects found during the impact studies are 
discussed in the following sections. 

Still Water Loads 

Due to the large increase in the sagging wave bending 
moment, the rational definition of the permissible still 
water moments and shear forces is of more importance 
than before. It needs to be noted, that the strength 
checks of the UR S11A are valid for ships in seagoing 
conditions, considering the expected extreme vertical 
wave loads during the ship service life (excluding whip-
ping effects). Therefore reasonable and relevant still 
water loads should be considered in the strength checks. 

Figure 11:   Longitudinal distribution of the vertical still 
water bending moment of a large Container-
ship 

While in hogging conditions this is very natural and 
considered for many years, in case of sagging the used 
permissible still water loads are sometimes quite con-
servative and are even not possible to reach in actual 
ship operation. Fig. 11 illustrates this issue, which 
should be carefully considered for newbuildings when 
the new UR S11A is applicable. The curves with filled 
markers are related to the permissible still water loads 
as defined in the corresponding loading manual, while 
the curves with open markers are the envelope curves of 
actual or possible loading conditions. While for the 
hogging condition the agreement between these curves 
is good (including some safety margin), the difference 
in the sagging conditions (actual minimum hogging and 
conservative permissible sagging) is quite significant 
and should be improved. This is also true for the still 
water shear forces in sagging conditions. 
Using more appropriate permissible still water values 
will limit the impact in terms of necessary reinforce-
ments of shell and longitudinal bulkhead plating be-
cause of high shear stresses in forward and aft part of 
the hull and necessary reinforcements because of the 
ultimate hull girder strength checks and yield checks in 
mid-ship area significantly. 

Dependency on Hull Shape 

It was found that the new developed load formulations 
are very sensitive with respect to the bow shape of the 
ships. Extreme bow flare angles will significantly in-
crease the non-linear effects which will result in higher 
wave sagging loads. Therefore, as the formulations are 
now more ship specific than before, these effects should 
be considered in the early design stage of container-
ships. This could also be linked to whipping, so extreme 
bow flare will both cause a high nonlinear wave sagging 
contribution but also higher whipping contribution. 

Functional Requirements 

For larger containerships (with breadth B > 32.26m) 
additional functional requirements were introduced in 
the UR S11A, IACS (2015c).  
One of the most important effects of the hull girder 
strength of large containerships, the influence of double 
bottom bending, including the influence of transverse 
stresses (bi-axial stress state), was identified following 
the investigations of the recent accidents. Therefore the 
functional requirement UR S11A.6.2, IACS (2015c) 
was included to account for the effect of local loads as 
well as additional hull girder load components in yield-
ing and buckling assessment of large containerships. 
This requirement is to be seen also in connection with 
the new developed UR S34, where cargo hold analyses 
by means of FE methods are required for ships with a 
length L of 150 m and above. 
In addition, the contribution of whipping to the longitu-
dinal hull girder ultimate strength is to be considered. 
Because the whipping effects are still a matter of re-
search and discussion, it is left for the individual class 
societies to decide how these effects are to be accounted 
for.   

Conclusions

The impact of the new developed requirements of the 
UR S11A on existing containership designs are present-
ed in this paper. It is shown that even though the load 
requirements have changed significantly, the impact on 
the existing designs is limited and the safety margin of 
existing ships can be judged as appropriate. It is empha-
sized that the consequence on actual design scantlings 
could be limited by considering permissible hull girder 
values that more closely reflect the actual still water 
bending moments and shear forces along the hull.      
The new developed requirements in the UR S11A are 
more transparent, consistent and ship specific. In addi-
tion it extends and harmonises the application of some 
key elements of the CSR and applies them to container-
ships. In connection with the new requirement UR S34, 
a significant step has been made to align requirements 
to enhance the safety of new innovative containership 
designs.
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Abstract 

This paper presents further development of coupled beam 
(CB) approach introduced by Naar et al. (2004) for the 
analysis of multi-deck ship structures. The strength assessment  
based on CB-method allows time-efficient analysis compared 
to the finite element (FE) approach. The CB-method is based 
on the assumption that each deck in the superstructure and 
also the main hull can be considered as a thin-walled beam 
with bending and axial stiffness. The cross-section can be 
divided into beams which are coupled to adjacent beams with 
distributed springs accounting for vertical and shear stiffness. 
The shear effect in the side and deck structures is included 
with options for large openings. In (Naar et al., 2004) the CB 
theory is based on continuous coordinate functions. Here, 
piecewise continuous approach is implemented in order to 
describe the local structural discontinuities more accurately. 
Three simplified plated structures were analyzed in order to 
validate the CB-method against the three-dimensional FE-
method. 

Keywords 

Coupled beam method (CBM), multi-deck ship, 
bending, non-prismatic, openings, finite element method 
(FEM). 

Introduction 

At present a practical tool to estimate the global bending 
response of a modern passenger ship is the three-
dimensional (3D) finite element (FE) method (ISSC, 
1997; DNV, 2007). However, the drawback of the FE-
method is that it is time-consuming. Therefore, 
simplified methods are useful in the preliminary design 
stage, as they enable the calculation of numerous 
different cases over a relatively short period of time in 
order to find the best solution. 
Crawford (1950) was the first to develop the method 
based on the two-beam theory, taking into account the 
longitudinal shear force and the vertical force due to the 
hull-superstructure interaction. Bleich (1952) approach 
is similar, describing a straightforward computation of 
normal stresses for prismatic beams. Terazawa and Yagi 

(1964) introduced the shear lag correction to the two-
beam theory and also considered the effect of side 
openings on the structural behavior. The coupled beam 
(CB) method, by Naar et al. (2004), is based on the 
beam theory given by Bleich (1952) and extended to 
multi-deck superstructures. The applicability of the CB-
method for prismatic structures has been validated by 
Naar et al. (2004). The theory in essence is layer-wise 
beam theory, i.e. similar to those developed at the 
composite structures community (Reddy, 2000). 
However, as the side of the superstructures of passenger 
ships are full of holes with balcony openings, the 
composite beam and plate theories are not directly 
applicable for passenger ships being continuum based 
theories with very large inclusion size with respect to 
characteristic length of hull girder deformation. Naar et 
al. (2004) derive the equivalent stiffness properties of 
hull girders with length of superstructure being equal 
with that of hull. However, as in the passenger ships this 
simplification is somewhat restrictive, work is needed to 
extend the theory for beams with periodicity gradient 
changes along beam main axes, i.e. vertical and 
horizontal directions. 
This paper presents further development of coupled 
beam approach for the analysis of multi-deck ship 
structures. In Naar et al. (2004) the CB theory is based 
on continuous coordinate functions. Here, piecewise 
continuous approach is implemented in order to 
describe the local structural discontinuities more 
accurately. This allows to study elastic bending 
behavior of ships fitted with openings and with 
superstructures of any sizes and locations. For the 
validation of the extended CB-method, two simplified 
non-prismatic structures, one representing a ship with a 
short superstructure and the other one representing a 
ship with openings, are analyzed and compared against 
the FE-method. In addition, one prismatic plate 
structure representing hull with long superstructure is 
analyzed. The extended CB-method is a very effective 
in the early stages of ship structural design owing to its 
advantageous capability of rapid estimation of the 
longitudinal stress distributions along the height of any 
ships at any specific stations; see for example Remes et 



al. (2010). Additionally when introducing the inertia 
term’s in differential equations the method can be 
extended for quick estimation of lower eigenmodes of 
non-prismatic multi-deck ship hull in case of bending. 
Furthermore, the CB-method can be a helpful tool to 
estimate the ultimate strength problem of a passenger 
ship (Naar, 2006). 

Description of Coupled Beam Method 

The hull girder is divided into longitudinal beams that 
have bending and axial stiffness. Each beam consists of 
one deck structure with a connected side shell(s). The 
cross-section may need to be divided into beams not 
only in the vertical direction but for some decks also in 
the horizontal direction (due to shear lag) as shown in 
Figure 1. The beams are connected by distributed 
springs, which transfer vertical forces and longitudinal 
shear forces between the beams. The stiffness of springs 
corresponds to the vertical elongation of the bulkhead or 
the side shell and to the shear deformation of the 
structure connecting two decks. 

 
Figure 1. The concept of beams and couplings between the 

beams. 

In the segment of beam i presented in Figure 2, internal 
forces, coupling forces and external load are acting. The 
internal forces are axial force Ni, shear force Qi and 
bending moment Mi acting in the cross-section. The 
coupling forces are composed of vertical distributed 
force pij and longitudinal shear force sij, where the 
subscripts describe the interaction of beam i with its 
adjacent beam j. The only external force is distributed 
vertical line load qi. The distances from the reference 
line to the upper and lower edge of the beam are 
denoted by dik and eij. 
The equation of longitudinal equilibrium for beam i 
with nb couplings is: 

 ( 1 ) 

where sij is shear force. 

 
Figure 2. The segment of beam i with internal forces and 

external load. 

The equilibrium of vertical forces gives: 

 ( 2 ) 

where qi is the external force vector and pij is the matrix 
of vertical coupling forces. 
After differentiation and substitution of Eq. (2), the 
equilibrium of moments about z-axis gives: 

 ( 3 ) 

where matrix Cij is: 

 ( 4 ) 

The interaction between the beams is defined by 
coupling forces pij and sij as shown in Figure 3 and 
Figure 4. 
The shear force is defined as: 

 ( 5 ) 

where Tij is longitudinal shear stiffness, ui is axial 
displacement and vi

M is the deflection of beam i caused 
by bending. 

 
Figure 3. Shear coupling between beams. 



 
Figure 4. Vertical coupling between beams. 

Vertical coupling force pij depends on vertical coupling 
stiffness Kij and relative deflection δij which is the 
difference between beam deflections vi and vj. Hence: 

 ( 6 ) 

Using the beam theory, the relations between the 
internal forces and displacements are defined assuming 
that the material follows Hooke’s law. If axial 
displacement ui and deflection vi are known for beam i, 
then bending moment Mi and axial forces Ni are, see 
Crisfield (1991): 

 ( 7 ) 

and 

 ( 8 ) 

where parameters EAii and EIii are the axial stiffness 
and the bending stiffness of beam i with respect to the 
reference axis and EXii is the value which modifies the 
internal forces if the reference line differs from the 
centroid of the cross-section. 
The relation between shear force Qi and deflection due 
to shear vi

Q is: 

 ( 9 ) 

where GAii
S is the shear stiffness of the beam and Aii

S is 
the shear area of the cross-section. In order to calculate 
stiffness elements EA, EI, EX, GA, K and T, see Naar et 
al. (2004). 
The main set of equations consists of the equilibrium 
equations, see Eq. (1), (2) and (3). The solution of the 
equations for an arbitrary number of beams and 
couplings is derived using Galerkin’s method. 
The displacement and deflection variables are 
approximated as the linear combination of the known 
shape functions and unknown constants and are in a 
following form: 

 ( 10 ) 

 ( 11 ) 

 ( 12 ) 

where  and  are the matrixes of corresponding 
shape functions and ,  and  are the 
unknown constants defining the displacement fields. 
The shape functions are defined for each section 

separately which allows to describe the local structural 
discontinuities more accurately. 
For displacement u and deflection vQ caused by the 
shear deformation are these are: 

 ( 13 ) 

the shape functions for deflection caused by the 
bending deformation are: 

 ( 14 ) 

where  is the length of an individual beam segment in 
the longitudinal direction and  is the dimensionless 
coordinatein the direction of the x-axis of the individual 
beam segment, see Figure 5. 
After analytical integration of the equilibrium equations, 
which include also couplings, the set of equations for 
each segment is formed as follows: 

 ( 15 ) 

Thereafter, the global stiffness matrix and global load 
vector is constructed and the unknown constants are 
solved. The internal forces Mi, Ni, pij and sij can be 
determined after the deflections and displacements are 
calculated. The approximation of stresses is done 
according to the beam theory. The evaluation of the 
stiffness matrix for the single segment is presented in 
appendix in more detail. 

 
Figure 5. Dimensionless coordinate ξ for each individual 

segment. 
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Finite Element Model 

General 

In order to validate the coupled beam approach for non-
prismatic ship structures, three FE-models are prepared. 
The material properties of steel are used for all three 
cases: modulus of elasticity is taken 210 GPa and 
Poisson's ratio is 0,3. 
The first model, case A, represents prismatic structure, 
where three longitudinally stiffened plates are attached 
to each other. This structure can be considered as a 
simplification of a real multi-deck ship with long 
superstructure. In global bending the structure does not 
behave according to the simple beam theory. The 
variation of normal stresses and strains in vertical 
direction is not linear.  
The second structure, case B, is non-prismatic due to the 
length of the longitudinally stiffened plates which 
varies. Respective model is a simplification of a ship 
with a short superstructure.  
The third plate structure, case C, is also similar to the 
first model. However, the structure is non-prismatic due 
to the openings located asymmetrically with respect to 
the main frame. The openings are located only in the 
middle and the upper plate. 

Geometry 

First structure consists of 3 longitudinally stiffened 
plates with dimensions of 3x60 m, see Figure 6. The 
cross-section of the respective structure is shown in 
Figure 7. The FE-model includes 81000 four node plate 
elements with the dimensions of 100x100 mm. 

 
Figure 6. Case A, model with dimensions. 

 
Figure 7. Case A and Case B, cross-section with 

dimensions and reference lines. 

In the second model, the length of the plates starting 
from the lower are 60 m, 36 m and 21 m and they are 
located asymmetrically with respect to the main frame, 
see Figure 8. The cross-section of the second structure is 

identical to the first structure, presented in Figure 7. The 
FE-model includes about 54 000 four node plate 
elements.  

 
Figure 8. Case B, model with dimensions. 

The third analyzed structure with the location and 
dimensions of the openings is presented in Figure 9. The 
cross-section of the respective structure is shown in 
Figure 10. The FE-model includes about 73 000 four 
node plate elements. 

 
Figure 9.Case C, model with dimensions. 

 
Figure 10. Case C, cross-section with dimensions and 

reference lines. 

Loading 

The loading used in analyzes is identical for all three 
cases. The longitudinally distributed load is applied on 
the reference line of the first beam and is calculated 
according to equation: 

p(x) = p0 ∙ cos (2πx/L), ( 16 ) 

where the load proportion factor p0 is 60 N/mm and L is 
the total length of the structure. The shape of the 
distributed load is presented in Figure 11. 

 
Figure 11. Loading for the plate structure. 



Boundary Condition 

In the FE-model, the lower plate of the structure is 
supported throughout its length on an elastic foundation. 
Lateral displacement is restricted at all nodes of the 
vertical plate structure. The boundary conditions are 
identical for all three cases. 

Validation and Discussion 

Vertical deflection 

As a good indicator of the global behavior of the plate 
structure the vertical deflection obtained by the CB-
method is compared to the results given by the FE-
method. Vertical displacement is calculated at the 
reference line of the lowest beam. Figure 12 
demonstrates that the vertical deflection of non-
prismatic structure provided by CB-method correspond 
well with results from FE-method. 

 
Figure 12. Vertical deflection of three different plate 

structures.FEM – finite element method; CB – 
coupled beam method. 

Case A: Prismatic Plate Structure 

In the coupled beam method the prismatic plate 
structure is divided into three longitudinal beams as 
shown in Figure 6. The position of the reference line for 
each beam is fixed to the centroid of each cross-section, 
see Figure 7. 
The vertical distribution of the normal stresses at two 
different cross-sections are presented in Figure 13. The 
results confirm that for prismatic structure, the stress 
values obtained by the CB-method are well compatible 
with those by the FE-method. 

 
Figure 13. Case A, vertical distribution of normal stress. 

The comparison between the results given by the CB-
method and the FE-method indicates that the 

longitudinal distribution of normal stress can be well 
estimated using the CB-method. Figure 14 shows a 
good agreement between these two methods. 

 
Figure 14. Case A, longitudinal distribution of normal 

stress at reference line of each beam. 

The longitudinal distribution of shear stress is also 
investigated and the results can be seen in Figure 15. 
The CB-method and the FE-method give almost 
identical stress values between coupled beams. 

 
Figure 15. Case A, longitudinal distribution of shear stress 

between adjacent beams. 

Case B: Non-prismatic Plate Structure 

In the CB-method the non-prismatic plate structure is 
divided into three longitudinally stiffened beams with 
different length as shown in Figure 8. The position of 
the reference line for each beam is similar to prismatic, 
see Figure 7. 
The normal stress distribution for Case B is presented in 
Figure 16. Results demonstrate that the normal stresses 
are well approximated for a non-prismatic structure by 
CB-method. 

 
Figure 16. Case B, vertical distribution of normal 
stress, x=0,725L and x=0,875L. 



Furthermore, the longitudinal distribution of normal and 
shear stress obtained by CB-method correspond well 
with the results received with the FE-method, see Figure 
17 and in Figure 18, respectively. 

 
Figure 17. Case B, longitudinal distribution of normal 

stress at reference line of each beam. 

 
Figure 18. Case B, longitudinal distribution of shear stress 

between adjacent beams. 

Case C: Non-prismatic Plate Structure with Openings 

In the coupled beam method the plate structure is 
divided into three longitudinal beams differently 
compared to previous cases, see in Figure 9. The 
position of the reference line for each beam is chosen as 
shown in Figure 10. 
The vertical distribution of the normal stresses at two 
different cross-sections are presented in Figure 19. The 
results validate that the CB-method estimates well 
normal stresses in non-prismatic structure with 
openings. 

 
Figure 19. Case C, vertical distribution of normal 
stress, x=0,225L and x=0,425L. 

The longitudinal distribution of the normal stress is 
presented in three different regions, see Figure 20. Local 

inaccuracies appear in the zones where the opening are. 
The average stress values obtained by the CB-method 
are compatible with those calculated with the FE-
method. 

 
Figure 20. Case C, longitudinal distribution of normal 

stress at reference line of each beam. 

The distribution of the shear stresses received with the 
CB-method and the FE-method is compared in two 
cases: between beams 1 and 2 (z=4,5m) and between 
beams 2 and 3 (z=7,5 m). The results are presented in 
Figure 21 and in Figure 22. In the region, where there 
are openings in the shear area, the shear stresses 
calculated with the CB-method are the maximum values 
of each column between the openings, while the values 
obtained by the FE-method illustrate the whole range of 
the stress values in each column. So, the fact that the 
peaks of the separate stress lines (obtained by the FE-
method) for each column between the openings are 
compatible with the stress values given by the CB-
method indicates that the CB-method can be used for 
assessing shear stresses in structure with openings.  

 
Figure 21. Case C, longitudinal distribution of shear stress 

between beams 1 and 2. 

 
Figure 22. Case C, longitudinal distribution of shear stress 

between beams 2 and 3. 



Conclusions 

This paper was aimed to investigate the bending 
response of ships with non-prismatic geometry. The 
coupled beam method developed by Naar et al. (2004) 
was further developed in a way that the resulting 
formulation could be capable of analyzing the elastic 
bending response of ships with a short superstructure or 
with openings at any location. 
The results obtained by the CB-method were validated 
for two different non-prismatic plate structures with the 
FE-method. The results demonstrate that fast 
and reliable estimation of the stresses and deflections 
for non-prismatic structures can be conducted with the 
extended CB-method. 
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Appendixes 

Using the Galerkin’s method the differential equations 
for a single segment can be written in integral form as 
follows: 

 ( 17 ) 

 

 

 

( 18 ) 

 

( 19 ) 

where ,  and  are the weight functions. 
Thereafter, the partial integration is applied. So we 
obtain: 

 ( 20 ) 

 

( 21 ) 

 

( 22 ) 

Boundary values are presenting the concentrated forces 
and moments that are applied on segment boundaries. In 
present case, it is assumed that there are no concentrated 
loads. Therefore, the boundary term’s can be ignored. 



 ( 23 ) 

 

 

 

( 24 ) 

 

( 25 ) 

Definition of following matrices can significantly 
simplify the terms including coupling forces  and : 

 

 

 

 

( 26 ) 

As a result, we can write coupling forces as: 

 

 

 

( 27 ) 

Now the internal forces and coupling forces can be 
substituted into equations (23) - (25), as a result we 
obtain: 

 

( 28 ) 

 

 

 

( 29 ) 

 

( 30 ) 

The present Eqs. (28), (29) and (30) are written for 
beam . Three equilibrium equations sets for total 
system can be presented in matrix form as follows: 

 

( 31 ) 

 

 

 

( 32 ) 



 

( 33 ) 

Now the approximation of displacements for the cross-
section consisting of three beams can be done: 

 
( 34 )  

 

where the detailed formulation is: 

 

( 35 ) 

and 

 ( 36 ) 

 
 
 
 
 
 
 
 
 
 

The axial displacement vector   can be approximated 
similarly.  
The weight functions are approximated similarly to 
corresponding displacements. As a result the equations 
for a single segment consisting of three beams can be 
presented as: 

 ( 37 ) 

Where: 

 ( 38 ) 

 

( 39 ) 

 

( 40 ) 

 ( 41 ) 

 

( 42 ) 

The load vectors are calculated as: 

 ( 43 ) 

and 

 ( 44 ) 

The assumptions, that the external load and stiffness 
parameters are almost constant in segment length, 
enables to use analytical integration for the construction 
of the stiffness matrix. 
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Abstract 

The trend in modern sea transportation is building of ever 
larger container ships, which require application of different 
direct calculation methodologies and numerical tools to 
achieve their reliable structural design. In this paper, the 
structural design of a HHI SkyBenchTM 19000 TEU ultra large 
container vessel is evaluated within so called WhiSp2 
methodology, which implies the ultimate strength check taking 
into account slamming induced whipping. Mathematical 
model is based on the application of the 3D potential flow 
model coupled with the 3D FEM structural model. The 
general hydro-structure code HOMER, developed in Bureau 
Veritas Classification Society is used. Linear long term 
analysis is performed to define most contributing sea states to 
the vertical bending moment (VBM). Whipping response is 
computed on so called increased design sea state (IDSS) in 
time domain and long term nonlinear extreme VBM value is 
determined. Ultimate bending capacity of hull girder is 
determined by means of MARS software, and ultimate strength 
check according to BV Rule Note NR583 is done, confirming 
ship compliance to the prescribed criteria. 

Keywords

Ultimate strength; ULCS; hydroelasticity; SkyBenchTM; 
WhiSp; bending moment; time domain simulation.  

Introduction

Specific characteristic of Ultra Large Container Ships 
(ULCS), compared to the other ship types, is that they 
are more likely to experience the hydroelastic type of 
structural responses called springing and whipping 
(Malenica et al., 2012, 2013a,b; Senjanovi  et al., 
2014a,b). That is mainly consequence of their large 
dimensions leading to higher structure flexibility, 
relatively high service speed and large bow flare. The 
Rules of classification societies are not directly 
applicable to ULCSs, and therefore direct calculations 
are needed to ensure their safe and rational design. In 
this sense some classification societies have developed 
guidelines (rule notes) for inclusion of hydroleastic 

effects into the overall design procedure. Moreover, for 
that purpose there are several hydro-structure software 
offered around the world, mainly relying on the same 
theoretical assumptions, but having incorporated 
different numerical procedures. Such tools are mostly 
based on the application of the 3D potential flow 
theoretical models for fluid flow coupled with the 3D 
FEM structural models, like a general hydro-structure 
tool HOMER (Malenica et al., 2013a; Sireta et al., 2013) 
used for the analysis presented in this paper.q 
This paper is motivated with the development of new 
container ship type called SkyBenchTM in South Korean 
shipyard Hyundai Heavy Industries (HHI), having 
particular aim to increase ship capacity (Im et al., 
2014a,b). The ship has an additional hatch opening, 
which could make the vessel relatively vulnerable to 
warping deformation, and therefore it seems to be 
necessary to investigate its springing and whipping 
performance and compare it with the performance of 
conventional container ship. The whole analysis is done 
for both ships (SkyBenchTM and conventional one) at so 
called WhiSp1, 2 and 3 levels (Bureau Veritas, 2015), 
respectively, and here results related to WhiSp2 for 
SkyBenchTM CS are presented. 

Procedure

From methodology point of view, the Bureau Veritas 
(BV) Rule Note NR583 is applied (Bureau Veritas, 
2015). It is related to the part of structural analysis 
which aims at performing ultimate strength and fatigue 
assessment based on direct hydro-structure calculations 
including whipping and springing response. BV Rule 
Note NR583 includes: 
- recommendations for springing and whipping 

assessment, 
- methodology for long-term direct hydro-structure 

calculations including springing and whipping 
response, 

- definition of service features and class notations 
WhiSp. 
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Abstract

Uncertainties related to fatigue damage estimation of
non-linear systems are highly dependent on the tail be-
haviour and extreme values of the stress range distribu-
tion. By using a combination of the First Order Reliabil-
ity Method (FORM) and Monte Carlo simulations (MCS),
the accuracy of the fatigue estimations may be improved
for the same computational efforts.

The method is applied to a bottom-fixed, monopile-
supported large offshore wind turbine, which is a non-
linear and dynamically sensitive system. Different curve
fitting techniques to the fatigue damage distribution have
been used depending on the sea-state dependent response
characteristics, and the effect of a bi-linear S-N curve is
discussed. Finally, analyses are performed on several en-
vironmental conditions to investigate the long-term appli-
cability of this multistep method. Wave loads are calcu-
lated using state-of-the-art theory, while wind loads are
applied with a simplified model based on rotor thrust co-
efficients.

Keywords

Fatigue; FORM; monopile; Monte Carlo; reliability;

wind turbine.

Introduction

Dynamic structures subjected to stochastic, non-linear

environmental loads may require many long simulations

to confidently estimate fatigue damage in the design

phase (Zwick and Muskulus, 2015). Depending on the

degree of non-linearity in the system, computed fatigue

may vary significantly between each simulation (Jensen,

2015), and extreme values may have large impact on the

expected lifetime estimation. An example is illustrated

in Fig. 1 for the mudline fatigue damage on a 10MW

monopile mounted offshore wind turbine. The conven-

tional seed averaging method (DC) is normalized with

the true expected damage (De).

0 10 20 30 40 50
Number of seeds

0.5

1

1.5

2

D
C

/D
e
 [-

]

Figure 1. Three example fatigue estimations for 100s

simulations with U=6m/s, HS=1.5m, and TP =4.7s

It is clear that the results are converging, but are highly

dependent on extreme values when the number of seeds

are small to moderate. The behaviour is explained by

investigating the fatigue damage distribution in Fig. 2.

Extreme values are five times greater than the expected

value, and the shape indicates a Weibull distribution.

The present distribution yields a larger probability of ex-

treme outliers compared to a Gaussian process, leading

to slower convergence of the mean value. However, ex-

treme values are also physical and need to be accounted

for nonetheless.

0 1 2 3 4 5
D/D

e
 [-]

Figure 2. Example fatigue distribution for 10,000 sam-

ples with U=6m/s, HS=1.5m, and TP =4.7s

The proposed method in Jensen (2015) is to replace the

large values with a FORM evaluation of the extremes in

the fatigue distribution tail. As a result, outliers are ac-

counted for in each fatigue estimation, but with less im-

pact on the variance. The paper starts with an introduc-



tion to FORM analysis. Then, fatigue damage calculation

methods are presented, both conventional, the method

from Jensen (2015), and new proposals for representa-

tion of the fatigue probability density function (PDF). A

detailed descriptions of the procedure and the simulation

models are provided, before the verification results are

presented.

Background

FORM

The objective of the FORM analysis is to minimize the

function

G(u) = Dext −D(u) (1)

to determine the design-point D(u∗) ≈ Dext by a linear

approximation. Here, Dext is some extreme fatigue dam-

age and u = [ū1, . . . , ūm, ũ1, . . . , ũn] are standard nor-

mal random variables. The conventional Hasofer-Lind

(HL) and modified HL (MHL) method as described in

Liu and Der Kiureghian (1991), has been used as iteration

schemes. The equations to be satisfied at the design-point

are (Madsen et al., 1986):

G(u∗) = 0 (2)

u∗ + λ∗∇G(u∗) = 0 (3)

where

λ∗ = −∇G(u∗)u∗

|∇G(u∗)|2 (4)

and the gradient is defined as:

∇G(u) =
[
∂G

∂u1
,
∂G

∂u2
, . . . ,

∂G

∂um+n

]T
(5)

Iterations on u is based on the function value of (1) and

the gradient. The (k + 1) iteration point is found from a

weighted linear function:

uk+1 = ak + (1− ξ)dk (6)

where

ak = [uk∇G(uk)−G(uk)]
∇G(uk)

T

|∇G(uk)|2 (7)

and

dk = uk − ak (8)

which is illustrated in Fig. 3. For the HL method, ξ = 1,

so that (6) reduces to uk+1 = ak. With the MHL method,

uk is chosen along the line dk by stepwise increasing ξ
in (6) from 0.2 to 1.0 in order to minimize the following

cost function (Liu and Der Kiureghian, 1991):

M(u) = |u − ∇G(u)u
|∇G(u)|2∇G(u)|2 + cG(u)2 (9)

In this particular case, c ∝ (Dext)
−2 has given a reason-

able cost function, putting most weight on the last term.

S-N Curves

Fatigue damage is calculated using S-N curves obtained

from DNV GL (2005) for a structure in seawater with ca-

thodic protection, and the material parameters obtained

are given in Table 1 for a bi-linear curve illustrated in

Fig. 4. The fatigue damage is then obtained with a rain-

flow counting (RFC) method using the WAFO toolbox

(WAFO-group, 2000) in MATLAB. The Palmgren-Miner

rule for accumulated damage is given as

D =
∑
j

njK
−1
j (SCF ·Δσj)

mj

(
t

tref

)k·mj

(10)

where Δσj is the rainflow filtered stress range for S-N

curve j (Moan and Naess, 2013) and nj is the rainflow

counted number of cycles. The stress concentration fac-

tor (SCF) is taken as 1.0, using the base material cross

section at the mudline which in this case has a diameter

of 8m and thickness of 110mm.

Table 1. Parameters for bi-linear S-N curve
m1 3.0

m2 5.0

log10K1 11.764

log10K2 15.606

Fatigue limit [MPa] 52.63

SCF 1.0

tref [mm] 25

k 0.2

Fatigue Damage Estimation Using the Reliability Index

The traditional way of calculating the expected fatigue

damage is to average over N statistically independent

simulations:

De =
1

N

N∑
i=1

Di (11)

u1

u2

G(uk) < 0

G = 0

uk

•
∇G(uk)

ak

dk

Figure 3. Illustration of FORM iteration



log N

log Δσ

Fatigue limit

N1 = K1Δσ−m1
1

N2 = K2Δσ−m2
2

Figure 4. S-N curves above and below the fatigue limit.

which is equivalent to integrating over the PDF of the

fatigue damage to get the expected value:

De =

∫ ∞

0

Df(D)dD (12)

We now define the reliability index β through the stan-

dard normal cumulative density function (CDF), Φ:

P [D > Di] = 1− i

N
= Φ(−βi) (13)

resulting in

βi = −Φ−1(P [D > Di]) ≈ −Φ−1(1− i

N
) (14)

for sorted fatigue damage values so that Di ≤ Di+1 and

i = 1, 2, .., N − 1. The fatigue damage PDF can now be

expressed in terms of β using the formulation in (13):

f(D) =
dF (D)

dD
=1− P [D > Di]

=− dΦ(−β)

dβ

dβ

dD

=
1√
2π

exp(−1

2
β2)

dβ

dD

(15)

Note that we obtain a Gaussian distribution PDF for

constant dβ/dD. The expected fatigue damage in (12),

can now be re-written as a summation:

De =

∫ ∞

0

Df(D)dD

=
1√
2π

N∑
i=1

Di(βi) exp(−1

2
β2
i )Δβi

(16)

It is clear that De → ∞ since ΔβN → ∞ when using

(13). Instead, a linearization of the tail as described in the

next section is performed. The first N − 1 increments in

β for the summation are evaluated as:

Δβi =

⎧⎪⎨⎪⎩
1
2 (βi+1 − βi) for i = 1
1
2 (βi+1 − βi−1) for 2 ≤ i ≤ N − 2

βi − βi−1 for i = N − 1

(17)

Tail Linearization

It is assumed that for large β, the relationship with the

fatigue damage is close to linear:

D(β) = A+Bβ (18)

which means that the extreme fatigue damage values fol-

low a Gaussian distribution. As a result, the last term

of the summation in (16) for i = N , can be written as

(Jensen, 2015):

1√
2π

DN (βN ) exp(−1

2
β2
N )ΔβN

=
1√
2π

∫ ∞

βN−1

D(β) exp(−1

2
β2)dβ

= A(1− Φ(βN−1)) +
B√
2π

exp(−1

2
β2
N−1)

(19)

which inserted in (16) gives

DSL =
1√
2π

N−1∑
i=1

Di(βi) exp(−1

2
β2
i )Δβi

+A(1− Φ(βN−1)) +
B√
2π

exp(−1

2
β2
N−1)

(20)

where SL denotes a combination of summation and lin-

earization. The constants A and B in (18) is found using

the FORM analysis to obtain a sufficiently large extreme

fatigue damage Dext and a corresponding reliability in-

dex βFORM. An example is shown in Fig. 5 where a linear

function is fitted to the tail of the fatigue damage val-

ues. This particular case contains 10,000 simulations of

simulation time Tsim = 100s. A FORM analysis yields

the plotted coordinate for a yearly extreme damage and

corresponds well to the simulated extremes and the hy-

pothesis of a linear tail i.e. Gaussian distributed. The

simulated fatigue damage is converted to an equivalent

yearly damage with:

Dyear = 365 · 24 · 602 · Dsim

Tsim

(21)

Figure 5. Example linear tail fit

In order to obtain a proper linear fit, a sufficient amount

of simulations has to be done. From Fig. 5, it is clear that

the coordinate in addition to the FORM-evaluated point

has to lie on the linear area of the results, meaning ap-

proximately β > 1.2. Also, since βN is supposedly large,



the second point has to be (DN−1, βN−1). Finally, com-

bining βN−1 > 1.2 with (14) yields N > 8. The coeffi-

cients in (18) can now be written as:

B =
Dext −DN−1

βFORM − βN−1
(22)

A = DN−1 −BβN−1 (23)

Special Case for Gaussian Fatigue Damage

In the special case that the fatigue damage is Gaus-

sian distributed, (18) is a good approximation for β ∈
{−∞, . . . ,∞}. As a result, the expected fatigue damage

can be found as:

DL =

∫ ∞

0

Df(D)dD

=
1√
2π

∫ ∞

0

D exp(−1

2
β2)

dβ

dD
dD

=
1√
2π

∫ ∞

β′
D exp(−1

2
β2)dβ

=
1√
2π

∫ ∞

β′
(A+Bβ) exp(−1

2
β2)dβ

=A

∫ ∞

β′

1√
2π

exp(−1

2
β2)dβ

=A(1− Φ(β′)) +
B√
2π

exp(−1

2
β′2)

(24)

and for β′ → −∞:

DL = A (25)

Note that B disappears due to the integration of an odd

function over the entire domain. The above result means

that a good estimate of De can be found from only two

pairs of (Di, βi), and the coefficients in (18) are now:

B =
D2 −D1

β2 − β1
(26)

A = D1 −Bβ1 (27)

which means that for β′ → −∞:

DL =
D1β2 −D2β1

β2 − β1
(28)

where D2 > D1. For a good linear approximation, it is

preferred that D2/D1 � 1, therefore, the FORM proce-

dure may be used to find β2 = βFORM for some extreme

value of D2 = Dext. The remaining point for linear re-

gression has to be found by several simulations which is

demonstrated in the results section.

Weakly Non-Gaussian Fatigue Damage

Due to the utilization of bi-linear S-N curves, the fatigue

damage might be slightly non-Gaussian or Weibull dis-

tributed with respect to β, which means that a quadratic

polynomial description might be more appropriate than

the linear representation in (18):

D(β) = A+Bβ + Cβ2 (29)

which inserted into (12) yields:

DQ =

∫ ∞

0

Df(D)dD

=
1√
2π

∫ ∞

0

D exp(−1

2
β2)

dβ

dD
dD

=
1√
2π

∫ ∞

β′
(A+Bβ) exp(−1

2
β2)dβ

+
1√
2π

∫ ∞

β′
Cβ2 exp(−1

2
β2)dβ

=A (1− Φ(β′)) +
B√
2π

exp(−1

2
β′2)

+
1√
2π

∫ ∞

β′
Cβ2 exp(−1

2
β2)dβ

=A (1− Φ(β′)) +
B√
2π

exp(−1

2
β′2)

+ C

(
1− Φ(β′) +

β′
√
2π

exp(−1

2
β′2)
)

=(A+ C)(1− Φ(β′))

+
B + Cβ′
√
2π

exp(−1

2
β′2)

(30)

and for β′ → −∞:

DQ = A+ C (31)

Typically, one could choose β′ = β1 from simulations.

The constants A, B and C are found using a polynomial

curve fitting to the data in MATLAB, including the FORM

evaluated point which is crucial to obtain stable results

for few seeds.

Procedure

The complete procedure for the SL method is summed up

as:

1. Perform N simulations with a detailed simulation

model and evaluate the first N − 1 terms in (16)

2. Use a simplified and computationally efficient

model to find βFORM and u∗ for a given Dext >
DN−1. It is preferred that βFORM > 2.5



3. Do an iteration on the detailed model with u = u∗ to

find an updated Dext, which is valid for the detailed

model, but with the same reliability index, βFORM

4. Use the results in 1) and 3) to evaluate (20)

Details regarding the simulation models are given in

the next section. The simulation procedure for the sim-

plified model is illustrated in Fig. 6, where the yellow

blocks represent codes developed in MATLAB for this par-

ticular set-up. First, the FORM-evaluated set of standard

normal random variables, u, is transformed to uniform

random variables, ε, through

ε = 2πΦ(u) (32)

in fatigue.m. Then, the calculated environmental forces

and/or wave elevation from force.m are passed on to US-

FOS where the dynamic simulations are performed. Fi-

nally, desired response time-series are returned to MAT-

LAB and fatigue.m for post-processing. The damage is

then calculated and returned to FORM.m for evaluation.

FORM.m fatigue.m

force.m USFOSresult.txt

uk

D(uk)

Fex(t)

ε
Fresp(t)

βFORM

Dext

Figure 6. Block diagram of simulation process for the

simplified model

Summary of Methods for Fatigue Estimation

The presented methods for fatigue damage calculation are

summed up in Table 2.

Table 2. Fatigue calculation methods

Symbol Formulation

DC
1
N

∑N
i=1 Di

DSL

1√
2π

N−1∑
i=1

Di exp(−1

2
β2
i )Δβi

+A(1− Φ(βN−1)) +
B√
2π

exp(−1

2
β2
N−1)

DL A(1− Φ(β1)) +
B√
2π

exp(−1

2
β2
1)

DQ (A+ C)(1− Φ(β1)) +
B + Cβ1√

2π
exp(−1

2
β2
1)

In this work, it is found that the expressions for DL

and DQ can be replaced by their asymptotic values in

(25) and (31), respectively. This has lead to more stable

estimations of the fatigue damage.

Limitation of Variables in FORM Analysis

To speed up the FORM analysis, iterations are only per-

formed on the random variables contributing the most to

the fatigue damage. In other words, a sensitivity evalua-

tion based on the first iteration is carried out. The most

significant variables are stored in u′ after the first itera-

tion, satisfying:

min (∇G(u′)) > ν|∇G(u1)| (33)

for some constant ν so that u′ only contains the signifi-

cant values. Further, u2 = u′ implying that the following

simulations are only using the variables from u′. For in-

stance, wave components with small frequencies and/or

small amplitudes will not have impact on the fatigue dam-

age calculation, and the number of components will de-

pend on the sea-state. In Fig. 7, an example is shown

where 7 out of 19 wave components are found to be in-

significant. For the disregarded variables, values from

the first iteration are used for evaluation of β, and as

constants in the remaining simulations. If deterministic

wave amplitudes are used, it is assumed that the signifi-

cant components are grouped.

ωmin ωi ωcut

ω [rad/s]

Sw(ω)

Figure 7. Example discretized wave spectrum with sig-

nificant wave components in red

Simulation Models

Structural Model

The structural model is a monopile based on the 10 MW

DTU reference wind turbine (Bak et al., 2013). The tran-

sition piece and pile have a diameter of 8m and thickness

of 110mm, and it is located at 30m water depth. The

first and second natural periods are 4.8s and 1.0s, respec-

tively. Rotor- and nacelle masses are lumped to the tower

top,and the soil layers are modelled as non-linear springs

all. An illustration of the model is shown in Fig. 8 with

corresponding parameters in Table 3.

To be able to perform the FORM analysis in reasonable

time, a simplified model is used for the iterations. This

is based on the assumption that the design-point is the

same for the detailed and simple model. In other words, a

sea-state giving extreme fatigue on the simple model will

also give extreme damage on the detailed model. Dif-

ferences between the models are stated in Table 4. Note



Table 3. Model parameters
H [m] 115

d [m] 30

ds [m] 42

M [ton] 675

that the difference in simulation time are not very large,

which means that very limited time can be used on the

FORM analysis in order to justify the use of the presented

method. If a complete wind turbine model including rotor

had been used, simulation time would at least be doubled,

and the proposed method is even more attractive. How-

ever, more work has to be done to find a simple aerody-

namic model that matches the complete rotor dynamics

by only using a single wind series, like e.g. Smilden and

Eliassen (2016).

Table 4. Simulation models
Detailed Simple

Elements 21 12

Number of soil springs 26 6

Rotor No No

Aerodynamics CT CT

Hydrodynamics 2nd order 1st order

Controller None None

Real time/sim. time [s/s] 0.4 0.2

M

x,w

z

Fa(t)

k1

k2

kn−1

kn

d
s

d
H

E
I(

z)

ζ(t)

Figure 8. Simplified wind turbine model

Hydrodynamic Loads

The wave elevation in an irregular sea is described with

Faltinsen et al. (1995):

ζ(t) =
m∑
i=1

√
2Sw(ωi)Δω cos(ωit+ ε̄i) (34)

where Δω = 2π
T (Zheng et al., 2006) and ωi = ωmin +

(i − 1)Δω. The maximum number of wave components

can be found as m = ωcut−ωmin

Δω ≤ 0.35T when ωmin =
0.3[rad/s] and

ωcut = min

[
2.5,

√
2g

HS

]
(35)

Here, the wave amplitudes are deterministic to limit the

number of random variables, but they can also be mod-

eled as Rayleigh distributed (Tucker et al., 1984). For

small m, this should be done in order to obtain a Gaussian

surface elevation. The phase angles are uniformly dis-

tributed and obtained from normally distributed variables

with (32). For the simple model, only the wave compo-

nents are given as input to USFOS, which automatically

calculates the first order hydrodynamic forces. The de-

tailed model utilizes second order hydrodynamic forces

which is pre-calculated in MATLAB and given as a spa-

tially time-variant interpolation grid as input to USFOS.

Kinematics calculations are based on an FFT algorithm

similar to what is used in Horn et al. (2016). From previ-

ous studies (Horn et al., 2016), it has been found that sec-

ond order wave loads are only significant when HS > 5,

which means that these loads can be neglected in smaller

sea-states, which increases the computational efficiency.

Simplified Aerodynamic Thrust Model

The turbulent wind is found by realizing the Kaimal spec-

trum (DNV GL, 2014):

Suu(f) = σ2
u

(
4L

Ū

)(
1 +

6fL

Ū

)−5/3

(36)

where the standard deviation

σu = I(0.75Ū + 5.6) (37)

is given as a function of the mean wind speed, Ū , and

turbulence intensity, I , which is set to 0.14. The total

wind speed is then:

U(t) = Ū + V (t) (38)

where the gust component, V , is found with:

V (t) =
n∑

i=1

√
Suu(fi)Δf/π cos(2πfit+ ε̃i) (39)

where Δf = 1
T and n = fcut−fmin

Δf = 1−0
Δf = T . Which

means that the number of components in the wind gust is

equal to the simulation time for a high frequency cut-off

of 1Hz. Higher frequencies are excluded to simulate the



low-pass filtering effects of the rotor. The thrust force can

now be found using:

Fa =
1

2
ρaπR

2CT (β, λ)U
2 (40)

where CT is the aerodynamic thrust coefficient dependent

on pitch angle (β) and tip-speed ratio (λ), R is the rotor

radius and ρa is the density of air. Here, it is assumed

that the pitch angle, and tip-speed ratio λ = ωRR
U , can be

written as functions of the rotor-induced lowpass-filtered

wind speed, Ũ , and true wind speed U :

β ≈ β(Ũ) =

{
0, for Ũ < UR

Ũ−UR

1.8Ũ−6.7
[rad], for Ũ ≥ UR

(41)

λ ≈ λ(U, Ũ) =

{
λopt

Ũ
U , for Ũ < UR

λopt
UR

U , for Ũ ≥ UR

(42)

where λopt =
ωmaxR
UR

= 7.5 is the optimal tip-speed ratio.

The lowpass filtered wind speed is found with:

˙̃
U =

1

τ

(
U − Ũ

)
(43)

for some time constant τ , which has to be tuned accord-

ing to a more detailed simulation model. It has been

found that τ = 3 gives sufficiently accurate thrust for all

wind speeds in this case. Now, we introduce a modified

thrust coefficient C ′
T , so that C ′

T (U, Ũ) = CT (β, λ). The

modified coefficient is plotted in Fig. 9. To accomplish

this, the thrust coefficient, CT (β, λ) is approximated by

the polynomial:

CT (β, λ) ≈ a00 + a01λ+ a02λ
2 + a10β

+ a20β
2 + a11λβ + a12λ

2β + a21λβ
2

(44)

with the constants for the present turbine given in Table

5. The resulting modified expression for the aerodynamic

thrust is then:

Fa =
1

2
ρaπR

2C ′
T (U, Ũ)U2 (45)

Table 5. Thrust coefficient parameters
a00 -0.27127

a01 0.19974

a02 -0.007461

a10 0.02822

a20 -5.875e-05

a11 -0.0088

a12 -9.822e-05

a21 -6.342e-05

It should be noted that the presented aerodynamic

model is lacking the ability to capture transient load ef-

fects and other thrust variations due to the presence of a

rotor, but it is considered to be sufficient for this initial

study.
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Figure 9. Thrust coefficient, C′
T (U, ˜U), with dashed line

for ˜U = U and dotted lines for the most probable region:
˜U = U(1± 0.2)

Deterministic 3P Effects

To account for thrust variations that oscillates with three

times the rotor frequency, given a three-bladed rotor, a

deterministic time-series is added to the wind to create

an equivalent wind speed. In reality, only the wind shear

and tower shadow are deterministic effects, while the ro-

tational sampling of the rotor is stochastic and hence ne-

glected in this case. A sinusoidal function with amplitude

of 8% of the instantaneous true wind speed and a fre-

quency of three times the rotor frequency, ωR, is added:

Ueq = U + 0.08U sin(3ωRt) (46)

where

ωR ≈ ωR(Ū) =

{
λopt

Ū
R , for Ũ < UR

λopt
UR

R , for Ũ ≥ UR

(47)

In other words, the rotational frequency of the rotor

is assumed to be close to constant during the simulations,

which might result in a slightly unrealistic load excitation

at exactly 3ωR.

Aerodynamic Damping

Aerodynamic damping has a great influence on the fa-

tigue damage on the tower and pile. Usually, the aerody-

namic damping is accounted for in the structural damp-

ing matrix when a simple thrust model is used. Here,

the thrust is found through an equivalent drag force on a

cylinder at the rotor-nacelle assembly location. The thrust

can then be transferred to the tower by a simple drag for-

mulation including relative velocity:

Fa,rel(U, Ũ) =
1

2
ρaDCD(U, Ũ) [U − VRNA]

2
L (48)



Table 6. Sea-states for FLS conditions
No. HS [m] TP [s] U [m/s] p [-]

1 1.5 4.7 6 0.1002

2 3.0 6.2 10 0.0314

3 4.8 7.5 14 0.0092

By Fig. 10 it is clear that this approach is able to rep-

resent the expected aerodynamic damping which is re-

ported to be 4-7% in most cases (Burton et al., 2002).

When only wave loads are considered, the structural

damping is increased from 1 to 5% to account for damp-

ing contribution from an operational turbine.
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Figure 10. Decay test at 16[m/s] wind speed with struc-

tural damping and relative wind speed comparison

Random Variables

The total uniform random variables from wind and waves

are collected as

ε = [ε̄, ε̃] (49)

where ε̄ = [ε̄1, ..., ε̄m] are wave component phase angles

and ε̃ = [ε̃1, ..., ε̃n] are wind component phase angles, if

used.

Results

The three sea-states considered are shown in Table 6 and

represents typical FLS conditions at Dogger Bank along

with their probability of occurrence, p.

When only wave loads are used, the aerodynamic

damping is accounted for by increasing the structural

damping to 5%. The damping is applied as Rayleigh

damping with proper coefficients to obtain the wanted

damping level at the first and second vibrational mode.

Larger damping also gives a smoother response surface,

which makes the FORM iterations converge faster. An

example fatigue damage contour is shown in Fig. 11

where two of the largest wave components are varied

from 0 to 2π. The contour confirms that the fatigue dam-

age is very sensitive to the wave phase angles.

For validation of the results, 10,000 simulations have

been run for the different sea-states, using approximately

120 CPU hours for each condition with the detailed

model. The validation plots are presented in Fig. 12.

By varying the SCF in the fatigue calculations, it is found

that the curvature in highly dependent on the fatigue limit

of the bi-linear S-N curve. For sea-state 3, the stress

amplitudes are mainly located above the fatigue limit.

This results in the same exponent for almost all rain-

flow counted stress ranges for this sea-state and a close to

Gaussian distributed fatigue damage, especially for wave

loads only. For the smaller sea-states, only some stress

ranges are exceeding the fatigue limit, resulting in a larger

variation between the different seeds and more samples

in the distribution tail. These processes are closer to

Rayleigh or Weibull distributions.

The three presented methods for alternative fatigue

damage estimation in Table 2 are fitted to the results from

the wave only analysis by sea-state 1 and presented in

Fig. 13. Here, 10 seeds are randomly drawn from the

10,000 existing simulations, and the different methods

are applied. To conclude, the SL method and quadratic

fit seems to represent the underlying distribution well,

whereas the linear fit misses the distribution slightly, but

may still be appropriate for finding the expected value

since it crosses β = 0 almost exactly at D/De = 1.

Wave Loads Only

As an initial study, only wave forces was included in the

model. To reduce the number of random variables, de-

terministic wave amplitudes are used and the simulation

time is limited to 100 seconds, which gives a maximum

of 35 insertions in u. However, by using (33), the number

of variables are reduced to between 15 and 25, depending

on the spectrum and significance threshold. The FORM

evaluated design-points chosen for proper representation

of the extremes are shown in Table 7.

The complete results for wave loads are shown in Fig.

14 with number of utilized seeds in the fatigue estima-
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Figure 11. Example response surface by varying two

wave component phase angles for sea-state 3

Table 7. FORM design-points for wave loads
Sea-state Dyear,ext βFORM

1 0.03 3.15

2 0.80 2.55

3 2.40 2.40
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Figure 12. Fatigue damage results with 10,000 simula-

tions for each sea-state and loading condition

tion on the x-axis. For each number of seeds, K = 300
independent simulations are used to evaluate the mean fa-

tigue and standard deviation. In most cases, the expected

fatigue has converged after about 20 seeds for all meth-

ods. The most promising results are in sea-state 1 and 2,

where the expected fatigue is converging quickly and the

variance is lower than the variance using the conventional

averaging, σ2
C , defined as

σ2
C|N =

1

K

K∑
i=1

(Di −DC|N )2 (50)

where DC|N is the mean fatigue for N simulations. Note

that the linear and quadratic fit provides the best results

when accurately estimating the expected fatigue while

having relatively low variance, which is the suggested

benefit by using these methods. The SL method is most

beneficial for small N , when the two last terms in (20)

are still contributing significantly. Interestingly, the SL

method does not provide a sufficiently large reduction

in the variance, which is due to variations in the MCS

point for linearizing the tail. For sea-state 3, no large

improvements are seen in the uncertainty of the results.

An explanation for this is that the conventional method is

already estimating the fatigue quite accurately for a rela-

tively small number of seeds.

For the FORM method to be preferable, the time used

for finding βFORM must be smaller than additional Monte

Carlo simulations to obtain a smaller variance with the

(a) Sum+linear fit

(b) Linear fit

(c) Quadratic fit

Figure 13. Example fits using the three presented meth-

ods using wave loads only and 10 simulations with sea-

state 1. Underlying distribution and the FORM evaluated

point is plotted.

conventional method. For sea-state 3, this is clearly not

feasible, but it may be beneficial for sea-state 1, consider-

ing that finding βFORM consumes the same time as 40-60

simulations, depending on the initiation point. With a

large difference between the detailed and simple model,

the argument of curve-fitting is even stronger.

Wave- and Wind Loads

When including wind loads, the simulation model has

proved to be slightly more non-linear resulting in larger

fatigue damage variations as seen in Fig. 12. Therefore, it

is expected that the presented methods will be even more

efficient. However, the inclusion of wind loads leads to

a dramatic increase in random variables. For a simula-

tion time of 100s, as much as 135 random variables has

to be used to avoid repetition of the environmental loads.

Even though the number is reduced to about 90-110 by

using (33), the computational efforts to find βFORM are

still significant, meaning more than 100 simulations with

the detailed model. For demonstration of the method, re-

sults in Fig. 15 are found using the second largest points

in Fig. 12 as the FORM design-points.

The complete results are shown in Fig. 15 using the

same approach as for the case with only wave loads.

Here, the results are very similar to what is observed in

the wave load case. Reduction of the uncertainty is seen
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Figure 14. Standard deviations of fatigue damage esti-

mation given number of seeds (N ) of 100s simulations

with only wave loads. Gray lines are the mean fatigue

normalized with true damage.

for small number of seeds with the curve-fitting methods,

but not large enough to justify using significant computa-

tional efforts on the FORM analysis.

Conclusions

To conclude, the fatigue damage estimation using a

FORM procedure may lead to a reduced uncertainty if

the FORM design-point is properly found and contributes

significantly to the integration. Especially the linear and

quadratic curve fitting methods have proven more reli-

able that conventional averaging. It has been found that

the standard deviation is reduced up to 30% for load cases

where the fatigue damage distribution deviates from the

normal distribution.

The multi-step FORM procedure might be computa-

tionally efficient in a wide range of applications if the

simulation model can be simplified sufficiently. For the

presented procedure applied to wind turbines to be com-

putationally competing with the conventional average of

simulations, βFORM for Dext has to be found with rela-

tively small efforts, or be known from previous analyses

by e.g. scaling with respect to the significant wave height

(Jensen, 2011). A simpler linear model corresponding

to a wind turbine model with a more sophisticated aero-

dynamic model should be used in future work to reduce
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Figure 15. Standard deviations of fatigue damage esti-

mation given number of seeds (N ) of 100s simulations

with wind and wave loads. Gray lines are the mean fa-

tigue normalized with true damage.

computational efforts and evaluate the applicability and

effectiveness of the presented methods.
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Abstract

This paper introduces a novel decision-making frame-
work for planning lifecycle compliance of ballast wa-
ter treatment by applying eigenvalue spectral analysis
to the ship-centric Markov decision process (SC-MDP)
framework. This method focuses on identifying the rela-
tionships of various decision making scenarios, and how
those relationships change through time. The objective
is to understand both these relationships and the impact
of initial technology selection on lifecycle ballast water
compliance. Two metrics are used. First, the optimal life-
cycle strategy is presented for technology selection. Sec-
ond, the set of dominant eigenvalues is used as a metric
to identify the number of unique, initial condition depen-
dent design absorbing paths the process may converge to.
Sensitivity studies are performed examining the affect of
policy strength on preferred compliance strategy.
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Introduction

Ballast water treatment has become compulsory due to

various levels of environmental regulations. Regulating

the discharge of ballast water has been recognized as an

important part in the fight against invasive species. To

combat this, many governing bodies have put into place

strict guidelines that specify the quality of the water that

is being discharged. Unfortunately for ship owners and

operators, decision making and lifecycle planning for

ballast water treatment compliance remains difficult due

to the interplay of various factors, including: stochastic

degradation, technology development, and multiple lev-

els of environmental policy-making.

Ballast water is regulated by multiple governing bod-

ies, including, the IMO, the U.S. Coast Guard, vari-

ous states and local governing bodies, and the European

Union. In 2004, the IMO adopted the Ballast Water

Management Convention designed to regulate global dis-

charge of ballast water. These regulations will apply to all

vessels required to carry ballast, including: submersibles,

floating craft, floating platforms, floating storage units

and floating production storage and offloading vessels.

The ramifications for violating the regulations are signif-

icant, ranging from monetary fines to criminal sanctions

for willful noncompliance (Davis and Levy, 2012).

While the IMO Ballast Water Convention was held in

2004, by 2016 it has not come into effect. The regula-

tion will go into effect 12 months after it has been ratified

by 30 member States representing 35% of the world mer-

chant shipping tonnage (IMO, 2016). Despite the fact the

IMO regulations are not in force, there are still significant

reasons to study their potential impact on ship design and

decision making. These regulations will likely come into

force soon, creating a necessity to have a strategic plan

for them now. Also, vessels already have to consider na-

tional and regional regulations that are in force.

Acceptable ballast water technologies are dependent

on the size of the ballast capacity and the year the

ship was constructed. The type of approved technology

changes in 2016. This date was selected to give engineers

time to develop applicable technologies. Even though the

IMO regulation has yet to come into force, technology

developers and vessel owners have had to prepare for this

upcoming change well in advance, despite the uncertainty

surrounding the enforcement date.

Many technologies already exist that meet some of the

regulations, and others are still in development to meet

the most stringent of the policies. Ballast water exchange

systems will no longer be allowed once the regulation

goes into force. The other option is ballast water treat-

ment, which tries to kill the bacteria and living organisms

in the ballast water. Currently there are over 70 differ-

ent manufacturers of ballast water treatment technologies

across a range of various treatment options (Lloyd’s Reg-

ister, 2012). This makes the planning and selection of

proper technologies complicated and difficult.

To help ship designers with understanding how to com-

ply with these regulations, the authors propose applying

eigenvalue analysis to the ship-centric Markov decision

process (SC-MDP) framework. The SC-MDP is selected

because of it ability to handle uncertain, temporal deci-



sion making problems in the maritime domain. Using

a stochastic framework to model the uncertainty in life-

cycle analysis is necessary because deterministic meth-

ods may provide incomplete and sometimes conflicting

information for the decision maker (Zayed et al., 2002).

Eigenvalue analysis is chosen to gain an understanding of

the relationships and implications of decisions through-

out the vessel’s life. This is the first application of ap-

plying eigenvalue analysis to the SC-MDP framework on

a non-stationary temporal problem. An extended back-

ground on eigenvalue analysis applied to the SC-MDP

framework can be found in Kana and Singer (2016).

Previous work on applying the SC-MDP framework to

the ballast water treatment problem has been performed

by Niese and Singer (2013, 2014). These previous studies

performed simulations to capture the interplay between

internal and external forces. This was done in an effort

to develop both a design and a lifecycle decision mak-

ing strategy that minimizes life cycle cost while maintain-

ing compliance and performance. This paper extends this

work by introducing temporal eigenvalue spectral meth-

ods to gain a deeper understanding of the driving forces

behind the different decision making scenarios, as well as

quantifying their differences. The authors use eigenvalue

analysis to help identify and examine interdependencies

between decision paths and projected design scenarios.

Specifically this paper discusses the concept of design

absorbing paths. An absorbing path represents the long

term behavior of a non-stationary decision process. Some

processes may have more than one absorbing path for

the whole decision process, each one being dependent on

the initial conditions of the system (Gebali, 2008). Niese

et al. (2015) discussed the importance of identifying the

presence of multiple absorbing paths. They discussed

that differing absorbing paths may mean that differing de-

cision sequences may be viewed as only locally optimal.

They were able to identify the multiple paths through the

use of simulation. This paper, on the other hand, claims

that these differing paths are in fact dependent on the ini-

tial conditions of the system.

A case study is presented showing the utility of eigen-

value analysis for a non-stationary temporal decision pro-

cess. Metrics that handle repeated eigenvalues are used to

study initial condition dependence of design convergence

paths. The focus is on identifying relationships and inter-

dependencies in the decision process and their behavior

through time.

Methods

The following procedure outlines how to apply eigen-

value analysis to the SC-MDP framework. A full detailed

description of the procedure can be found in Kana and

Singer (2016). While each step can be found in the liter-

ature, it is the combination of steps, and the applications

presented here, that makes this research unique.

1. Obtain the set of decisions and expected utilities
by solving the ship-centric Markov decision process
(Puterman, 2005). The objective is to determine the

decisions that maximize the lifecycle expected util-

ity of the system. An MDP has four attributes: 1) a

set of states, S, describing the environment, 2) a set

of actions, A, the decision maker can take, 3) a set

of probabilities, T , of transitioning from one state,

s, to a new state, s′, after taking a given action, a,

and 4) a set of rewards, R, received by executing a

given action and transitioning to a new state. The

expected utility is found using Equation 1, while the

decisions, π, are found by Equation 2 (Russell and

Norvig, 2003), where U is the expected utility and γ
is the discount factor.

U(s) = R(s) + γmax
a

∑
s′

T (s, a, s′)U(s′) (1)

π(s) = argmax
a

∑
s′

T (s, a, s′)U(s′) (2)

2. From the set of decisions, develop a series of repre-
sentative transition matrices, M, for each decision
epoch (Sheskin, 2011). The transition matrices are

generated using the decision matrix (Sheskin, 2011).

To do this, select the state transitions from the opti-

mal actions for each state and insert them into the

associated row in the representative transition ma-

trix. This is done for all states for every time step.

The result is one representative transition matrix for

each time step. These new transition matrices are

by definition square stochastic (Anton and Rorres,

2005). Kana and Singer (2016) present an explicit

example of how to form these representative transi-

tion matrices.

3. Perform eigenvalue spectral analysis on the transi-
tion matrices to generate the spectrum of the MDP
(Caswell, 2001). Equation 3 gives the eigenvalues,

λi, and eigenvectors, wi of M. Cressie and Wikle

(2011) define the spectrum of a Markov process as

the set of its eigenvalues. For this research, the

eigenvalues were found using a built-in MATLAB

function.

wiM = λiwi (3)

Composite Reducible Markov Processes

This paper distinguishes itself from the methods pre-

sented in Kana and Singer (2016) because this paper han-

dles situations where the dominant eigenvalue may be

repeated. This may be especially helpful for analyzing

temporal systems. For stochastic matrices, such as M,

the dominant eigenvalue equals one, that is λ1 = 1 al-

ways (Kirkland, 2009). Two types of behavior may oc-

cur when λ1 is repeated. First, the process may fail to

converge to a single steady state distribution. This may

happen if the process oscillates between more than one

steady state, or if multiple steady states exist simultane-

ously. Second, the long term convergence may be initial



condition dependent (Kirkland, 2009). This means the

system will converge based on both the set of decisions

and on where the system starts. In these situations the

designer needs to be very careful in how they select their

starting state.

When the dominant eigenvalue is repeated, different

analysis techniques are necessary. One analysis tech-

nique is presented in this paper that involves the idea

of composite reducible Markov processes to group spe-

cific aspects of the design and decision process that align

with each other (Gebali, 2008). Reducible Markov pro-

cesses are those in which not every state is reachable from

every other state. Composite reducible Markov process

are those in which there is more than one set of grouped

states. That is, by starting in a specific set of states, it is

not possible to reach certain other states.

This technique helps identify relationships and inter-

dependencies between specific decisions within the

whole decision process. From a ship design perspective,

this is similar to deciphering the dependencies between

various decisions a single designer must make or be-

tween various design teams working on a single project.

Likewise, from a model perspective, the physical mean-

ing of this is that this technique decomposes the one de-

cision process into multiple independent decision pro-

cesses. This aspect is important because it highlights

the initial condition dependence of reducible Markov pro-

cesses. Also, it may inform the decision maker that cer-

tain design or decision paths may not be reachable given

a specific initial condition. It is possible to determine the

presence of composite reducible Markov processes by ex-

amining the set of dominant eigenvalues Gebali (2008).

To show this, this paper uses the number of repeated dom-

inant eigenvalues to identify the number of unique, initial

condition absorbing paths on a case study involving life-

cycle planning for ballast water treatment compliance.

Case Study: Lifecycle Planning for Ballast

Water Treatment Compliance

A notional 150,000 deadweight tonnage containership

with a 30,000 metric ton ballast water capacity routed

along the trans-pacific route is used for this study. The

ballast water treatment system must have a capacity of at

least 10, 000m3/h. The vessel has a 20 year lifespan and

is put in service sometime before the 2004 IMO Ballast

Water Management Convention. Ten ballast water sys-

tems, labeled 1-10, are considered. System 1 is a com-

mercially available ballast water exchange system. Sys-

tems 2-10 represent ballast water treatment systems that

become commercially available at some time during the

lifespan of the vessel. Specifics of the ballast systems,

including performance, capital costs, operating expendi-

tures, availability and approval have been derived from

Lloyd’s Register (2007, 2010); California State Lands

Commission (2010). These systems represent various

treatment technologies, such as: filtration, electrochlo-

rination, cavitation, radiation, and de-oxygenation. The

original case setup, including inputs, stochastic variables,

and economic parameters have all been tested and vali-

dated against historical data by Niese and Singer (2013,

2014).

Markov decision process framework

This section details how the MDP states, actions, transi-

tion probabilities, and rewards are defined for this study.

States

The states are defined by the individual ballast water sys-

tems, their commercial availability and regulatory ap-

proval, and their deterioration level. For each ballast sys-

tem, there are six availability states: unavailable, com-

mercially available, basic approval, final approval-Tier 1,

final approval-Tier 2, and final approval-Tier 3. Tier-2

regulation is roughly 10x more stringent than Tier-1, and

the Tier-3 is roughly 100x more stringent than Tier-1 reg-

ulation. Each system also has four deterioration levels.

The deterioration level is defined as a percentage of to-

tal deterioration. There are 240 states, accounting for ten

systems, six approval states, and four deterioration levels.

Starting State

This analysis assumes that the initial state is unknown.

That is, there is equal probability of being located in any

of the states at the start of the model. Niese et al. (2015)

discussed the problems associated with, and importance

of, selecting the correct start state, and its implications

on future decision making opportunities. Designs may

be dependent on the initial conditions, and thus select-

ing differing starting states may lead the design down a

different path. By assuming equal starting probabilities,

this analysis aims to find the most natural path the design

would take as opposed to pre-determining its trajectory.

Actions

There are twelve actions available to the decision maker:

1. No Action: The system continues to deteriorate, yet

no action is necessary to maintain it.

2. Maintain: Maintenance is performed and the ballast

water system is restored to a less deteriorated state.

3. Replace System (1-10): The ballast system is re-

placed with one of the 10 possible systems. The sys-

tem installed is identified by the index 1-10. A sys-

tem can only be installed after it becomes commer-

cially available and meets regulatory requirements.

Transition Probabilities

The probability of transitioning between states is defined

as follows:

• Transitioning between ballast water systems is de-

termined based on the best action selected by the

MDP and its availability. A system can only be se-

lected once it is available and approved.



• Transitioning between approval states is based on

the regulatory environment and the commercial

availability. The following schedule is used to

model various regulatory scenarios.

1. The ballast water convention is held which out-

lines the expected strength of the legislation, as

well as expected date of enforcement.

2. Laboratory testing procedures specific to bal-

last water treatment efficacy are available.

3. The legislation is ratified by member States.

4. The legislation enters force.

The implementation schedule is defined as the num-

ber of years following the convention a policy trig-

ger occurs. For instance, the 1-4-4-9 schedule sim-

ulates a convention being held one year after the

ship enters service. Four years later testing proce-

dures become available and the legislation is ratified.

Nine years after the convention the legislation enters

force. Prior to the convention, there is little demand

for development of the treatment technologies, and

thus it is assumed the treatment technologies will

not become available until after the convention is

held. Each individual technology will meet a dif-

ferent threshold of regulatory compliance and will

become available at different times. The schedule

outlining the expected year each technology will be

available is given in Table 1. The table outlines the

number of years following the convention that the

technologies are expected to be available, and their

expected regulatory compliance level. This data has

been based on actual dates when the technologies

became available, while the deviation has been in-

cluded to simulate uncertainty in the commercial-

ization process (Niese and Singer, 2013).

Table 1. Ballast water technology availability schedule
and compliance level. The mean availability gives the
number of years after convention the technology is ex-
pected to be commercially and regulatory compliant.

Ballast
System

Mean
Availablity

(years)

Deviation
σ

(years)

Compliance

Level

1 - - Exchange

2 3 0.5 Tier 3

3 2 0.4 Tier 3

4 7 1.0 Tier 1

5 3 0.5 Tier 1

6 5 0.75 Tier 2

7 7 1.0 Tier 3

8 5 0.75 Tier 3

9 4 0.6 Tier 2

10 3 0.5 Tier 3

• Transitioning between deterioration levels is mod-

eled by the exponential distribution (Equation 4).

fj(x) = γje
γjx (4)

Deterioration happens independently, and follows

an exponential distribution for γ (Equation 5). λj

is a function of the system’s treatment method. This

is due to ballast water treatment systems using fil-

tration, electrochlorination, cavitation, radiation, de-

oxygenation, and/or ozone-generation degrade dif-

ferently (Niese and Singer, 2013). A full description

of this model can be found in van Noortwijk (2007).

γj = aje
−bj + cj (5)

Figure 1 shows the availability calculated by the

Markov process of the various systems according to com-

mercial availability and regulatory compliance for the 1-

4-4-9 regulatory implementation schedule. For visualiza-

tion purposes the 240 states have been condensed to 60

representative states. To do this, the four deterioration

levels for each ballast water system and for each approval

status have been added together. This creates a single rep-

resentative state that accounts for all four deterioration

levels (Niese and Singer, 2014).
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Figure 1. Ballast water system commercial availabil-
ity and regulatory compliance for the 1-4-4-9 sched-
ule. Shading represents the percent likelihood a given
system will be located in that state.

Rewards

The rewards are based on the system capital costs, instal-

lation costs, and operating and maintenance costs (Table



2) (Lloyd’s Register, 2007, 2010; California State Lands

Commission, 2010; Rigby and Taylor, 2001). The cost

function is given in Equation 6.

cost = min(capital + ...

install + operating +maintenance) (6)

The capital costs are dependent on whether the system

meets basic approval. Capital costs tend to increase after

achieving basic approval because the approval status may

warrant a cost increase, or supply and demand economics

may dictate it (Niese and Singer, 2013). Installation costs

vary depending on whether it is during vessel new con-

struction or a retrofit. In cases of a retrofit, it is assumed

there is sufficient space.

Table 2. Ballast water technology costs. The Capex #/#
corresponds to costs before/after basic approval. The
Install #/# corresponds to costs for newbuild/retrofit.

System

Reference

Capex

(2, 000m3/h)

Install
(2, 000m3/h)

O&M
($/m3/h)

1 50/50 0/0 0.06

2 800/820 40/55 0.08

3 950/1,200 5/15 0.07

4 950/1,500 50/65 0.06

5 690/670 60/60 0.13

6 800/450 80/100 0.32

7 500/975 65/125 0.013

8 1,600/1,600 5/15 0.06

9 559/600 100/150 0.03

10 1,800/1,200 25/40 0.01

As equipment deteriorates, it becomes less efficient

and more costly. Equation 7 and 8 model the increas-

ing operating costs as a function of deterioration. For this

study g = 0.01, and x = [1, 2, 3, 4] depending on the

deterioration level. λ = [0.72, 0.78] and is a function of

the system installed (Niese and Singer, 2013). A full de-

scription of this deterioration cost function model can be

found in (Nguyen et al., 2010).

O&M cost =

Annual trips× required ballast× φ(x) (7)

φ(x) = φ0 + geγjx (8)

Results

Three sets of results are examined. First, the optimal

states are analyzed to see the impact a given regulatory

strength and schedule has on the ballast water system of

choice. This is done without the use of spectral methods.

Second, spectral methods are used to examine interde-

pendencies of the decision process and how those depen-

dencies change through time. This is done through anal-

ysis of the set of dominant eigenvalues and using them as

a metric for identifying independent decision absorbing

paths. Third, the number of absorbing paths identified by

the eigenvalues is validated by varying the initial condi-

tions. Again, an absorbing path describes the long term

behavior of the decision process.

Optimal States Accessed

The model was run to determine what the best decisions

are, when they should be made, and what ballast system

is best to install under given conditions. Figure 2 gives

the optimal states plot that displays the preferred ballast

system that should be installed at any given time. This

plot accounts for uncertainty in technology availability,

thus there is no uncertainty between making the choice to

install a particular ballast water system and actually hav-

ing it installed. When a given system is selected in the

optimal states plot, it is assumed that the optimal action

is to select that particular system. This metric was used

extensively by (Kana et al., 2015) to study temporal de-

cision making behavior in the face of evolving Emission

Control Area regulations.

A sensitivity study was performed on the strength of

the regulation as to its affect on the preferred ballast

system. As shown in Figure 2, for the 1-4-4-9 regula-

tory schedule, with a Tier 1 regulation strength, the best

choice is to install ballast System 9 after year 9. Sys-

tem 1 becomes unavailable due to regulatory require-

ments at year 9, thus necessitating a change. System 9

is selected as the best option, which meets Tier 2 require-

ments, despite the regulation only requiring Tier 1 com-

pliance. When the strength of the regulation is increased

to requiring Tier 3 compliance, ballast System 2 becomes

preferred after year 9. Only 5 of the original 10 systems

meet Tier 3 standards, and System 2 was selected due to

it lower lifecycle costs.

While this metric shows what the best decisions are,

it does not show which other technologies may also be

desirable or how the initial conditions may be affecting

future decision opportunities. Also, this analysis is only

able to display one particular absorbing path. The fol-

lowing study on the set of dominant eigenvalues aims to

address these limitations.

Eigenvalue Analysis

A metric is presented that uses the number of domi-

nant eigenvalues to show the number of possible absorb-

ing paths and how they may evolve through time. This

was done to show how the structure of decision process

evolves through time. As discussed in Gebali (2008), the

number of dominant eigenvalues, λi = 1, is equal to the

number of unique absorbing paths of the decision pro-

cess. In a sense, the number of unique dominant eigen-

values signify that the decision process is not a single

connected process, but rather a collection of independent

decision processes.

Figures 3 and 4 show the number of unique absorb-

ing paths for Tier 1 and Tier 3 regulatory strength respec-

tively. Up to year 4 there is only one possible path, mean-
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(b) Regulation: Tier 3

Figure 2. Optimal states accessed for 1-4-4-9 regulatory schedule and two treatment strengths.

ing the process will always converge to a single set of

states. Beginning at year 5, when testing becomes avail-

able and when the regulation is ratified by the member

States, multiple paths become possible. The increasing

number of absorbing paths with time is representative of

the number of ballast water systems that may be installed

in the long term. At year 10 the regulation enters force,

thus removing ballast System 1 from compliance. This

explains the drop in both figures at year 10. After year

10, only those technologies that meet the regulation can

become a possible absorbing path. Thus, the number of

unique paths for the Tier 3 schedule is only five (Figure

4), while there are nine unique paths for the Tier 1 regu-

lation (Figure 3).

The number of absorbing paths represents more than

just technology availability and compliance. It is essen-

tially a synthesis of technology availability, compliance,

their uncertainty, as well as lifecycle costs. For instance,

four different ballast systems are potentially available at

year 4 (see Figure 1), and yet there is only one absorbing

path. This is because, while those systems may be tech-

nically feasible, there is no decision path that will select

them in the long run. All ballast systems become avail-

able by year 9, yet it is not until year 12 that the number
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Figure 3. The number of initial condition dependent
absorbing paths: 1-4-4-9 schedule and Tier 1 strength.
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Figure 4. The number of initial condition dependent
absorbing paths: 1-4-4-9 schedule and Tier 3 strength.



of absorbing paths becomes steady. Thus, lifecycle time

also affects which systems may be selected. This is a

subtle but valuable contribution of this method.

Showing initial condition dependence

A study was performed to show how varying the initial

conditions of the system can identify what those specific

absorbing paths may be. To show this, the initial condi-

tions were changed so that at a given year there was equal

probability of landing in any state. The model was then

run to see how the process evolves through time given

this new set of conditions. Year 8 was chosen for this val-

idation study. Thus, at year 8, the system is run assum-

ing that the prior year there is equal probability of being

in any state. This is different from the original analysis

where the process was started at year 1.

Figure 5 shows the results for Tier 1 regulatory

strength. For this case there are six different absorbing

paths identified by the set of dominant eigenvalues. When

the initial conditions for year 8 are changed so that there

is equal probability of being in each state there are six

paths identified using the state vector. The probability of

landing in one absorbing path over another is not equal.

For example, it is more likely that System 9 will be the

preferred choice over System 2, 3, 5, or 10. System 1 ap-

pears as a long term absorbing path even though System

1 is not viable for the whole lifespan of the vessel.

Discussion

The results presented in this paper are significant for ship

designers and decision makers for several reasons. First,

the spectral techniques presented gives a unique perspec-

tive into the structure of the decision process. Under-

standing the interdependencies of the decision making

process and how those dependencies may change and

evolve throughout the lifecycle of the vessel provides ship

designers great power as they aim to understand the im-

pact of their decisions. The number of dominant eigen-

values clearly displays the evolution of these relation-

ships and dependencies. Second, the spectral methods

are inherently a leading indicator highlighting the impact

of decision making. Spectral analysis has represented the

long term absorbing paths the design may follow without

the need for simulation. The focus was less on what the

final design is, but instead this analysis has focused on

why that final design was selected, the paths that lead the

decision process to that point, and the underlying struc-

ture of the entire process.

Conclusion

A method for applying eigenvalue spectral analysis to the

SC-MDP framework for a temporal, non-stationary prob-

lem has been presented. The set of dominant eigenvalues

was used to identify and group independent states and

processes within the SC-MDP framework. This method

benefits ship designers by clearly eliciting the number of
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Figure 5. Optimal states accessed for 1-4-4-9 regula-
tory schedule assuming equal probability of being in
any state prior to year 8.

feasible design absorbing paths without the need for sim-

ulation and exhaustive perturbation of initial conditions.
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Abstract 

Efficiency and regulatory compliance have been driving the 
maritime industry over the past few years.  More and more peo-
ple have come to realize the pressing need for evaluating per-
formance of ship design, generating actionable insights, and ul-
timately, improving design and guiding future operation that 
are safer, greener and more efficient. 
The KPI-driven performance assessment scheme emerges as a 
viable choice for evaluating performance and providing action-
able information.  Having such a scheme is even more im-
portant in a world where economic uncertainty and volatility 
(e.g., economic growth rates, commodity prices, regulations, 
climate & weather pattern, etc.) are rising.   
This paper addresses opportunities and challenges when estab-
lishing and adopting a KPI-driven performance assessment 
scheme.  Discussions are given to framework, main steps of es-
tablishing an assessment scheme, and some crucial aspects of 
data.   
The trendy “Big Data” offers a large body of technological so-
lutions that can potentially improve the efficiency of the centu-
ries-old maritime industry.  This paper also intends to touch 
upon the feasibility of adopting Big Data solutions to assist per-
formance assessment. 
Two industrial projects are used as examples to illustrate how 
a KPI-driven performance assessment scheme can be estab-
lished, and what implications it brings to improvement of trad-
ing ship designs. 

Keywords 

Performance Assessment, (Key) Performance Indicator 
or (K)PI, Big Data, Safety, Efficiency, Environment, 
Compliance, trading ship design.  

Introduction 

The maritime industry has historically been driven by 
concerns for safety and environmental protection.  Since 
the early 1980’s, the number of marine incidents and ac-
cidental oil spills has been substantially reduced.  This 
improvement demonstrates the continuous improvement 
of construction, operation, and maintenance among other 
proactive actions that the industry has taken.   

The come of a new century brought in more dimensions 
of demand to the maritime industry. Regulatory compli-
ance and operational efficiency have become even more 

important.   

• Many IMO regulations have come into force 
lately and more will soon come into effect.  The 
regulatory requirements are continuously broad-
ening and increasingly becoming more strin-
gent.   

• Riding the booming economy since the mid-
1990’s, oil prices steadily went up.  Fuel costs 
became the No.1 cost to ship owners since the 
early 2000’s.  It is imperative to upgrade design 
and operations to be more energy-efficient. 

• Competition in a fast changing world economy 
is much more fierce.  Owners and builders are 
compelled to improve efficiency in operation, 
striving for business excellence. 

Figure 1 is a simplistic portrait of changes in the maritime 
industry since the 1980’s, with some high-profile events 
listed.  These events are organized under the categories 
of “safety”, “environment”, “efficiency” and “economy”.  
Listed in parallel are a few IMO regulations and rule de-
velopment within IACS. 

The maritime industry embraces these challenges by  

• Actively adopting new technologies (i.e., digital 
model basin, improved main engine) 

• Continuously evaluating options under uncer-
tainties in regulatory, technological and com-
mercial environments (i.e., alternative fuel, sup-
plemental emission abatement apparatuses),  

• Proactively developing, integrating add-value 
service (i.e., hull stress monitoring, slow steam-
ing, weather routing)   

A testimony to the industry’s proactive initiatives is the 
Triple-E class containership (Maersk, 2016).  “Triple E” 
refers to “Efficiency”, “Economy in Scale”, and “Envi-
ronment”.   

More and more people in the industry have come to real-
ize the pressing need for properly assessing ship perfor-
mance, generating actionable insight and, ultimately, im-
proving efficiency (i.e., Wang, 2013, 2014). Attempts 
have been made to establish performance assessment 
scheme and to guide decisions in a more rational manner. 

The KPI-driven performance assessment scheme has 



emerged as a viable choice.  The values have gradually 
been understood and progressively appreciated.   

This paper intends to discuss the challenges and opportu-
nities introduced when adopting KPI-driven performance 
assessment.  With a focus on ship design, this paper uses 
two industrial projects to illustrate the various aspects in 
development and implementation.  Experiences and les-
sons learned from vessel operation/management compa-
nies are noted as reference. 

Discussions are organized to follow the main steps 
needed for establishing a KPI-based performance assess-
ment scheme: 

• Step 1: Define strategy 

• Step 2: Select (K)PIs 

• Step 3: Establish reference, benchmark 

• Step 4: Score 

Highlighted also are experiences and lessons learned dur-
ing development and key components that are crucial to 
the adoption and implementation of the performance as-
sessment scheme:  

• Communication 

• Adaption to dynamically changing demands 

• Data and data quality of reference (benchmark) 

• Deployment, implementation  

• Utilization of Big Data Solutions 

Important Considerations in Performance As-
sessment 

A successful assessment scheme relies on a few key con-
siderations, as summarized in PWC (2015):  

• Link to strategy: The primary reason is to enable 
readers to assess the strategies. 

• Definition and calculation:  It is vital to explain 
a metric and how it is calculated. 

• Purpose:  It is important to explain why a KPI is 
relevant. 

• Source, assumptions and limitations:  It is im-
portant to identify sources of used information 
with limitations so that the readers can reach an 
informed view. 

• Future targets:   A forward-looking orientation 
is essential for readers to assess potentials and 
strategies. 

• Reconciliation:  A reconciliation should be pro-
vided between accounting measures and non-
GAAP measures. 

• Trend:  An indication of how performance has 
improved or worsened over time is much more 
valuable. 

• Segmental:  Performance indicators relevant to 

 

 
 

Fig. 1: Some Historical Events in the Maritime Industry since 1980’s 



a specific segment or strategy should be pro-
vided in addition to those with a more group-
wise focus. 

• Changes in KPIs:  KPIs may evolve over time 
as strategies change or more information be-
comes available. 

• Benchmarking:  Performance benchmarked 
against a relevant external peer group, with an 
explanation of why these peers were chosen, is 
considered extremely valuable.  

To have a performance assessment scheme in place is 
even more important in a world where economic uncer-
tainty and volatility (e.g., economic growth rates, com-
modity prices, regulations, climate & weather pattern, 
etc.) are rising.  Changes are the constant.  The perfor-
mance assessment scheme must, therefore, be adaptive 
and be able to evolve with the changing demands. 

Recent Attempts of Adopting Performance As-
sessment in Maritime Industry 

The maritime industry has made attempts to adopt KPI-
driven performance assessment scheme.   

Shipping companies are more willing to use KPIs to 
measure competitiveness.  One example is Shipping KPI 
Standard 2.0, published in 2015 and supported by 
BIMCO.  The intent is for shipping companies to com-
pare business performance against the industry and to 
identify areas of improvement (BIMCO, 2015).  A total 
of 64 performance indicators is used to allow comparison 
of ships across types and sectors.   

The Ship Vetting Information System (SVIS™) is a ser-
vice for shipping companies to evaluate over 50 risk fac-
tors (or KPIs), ranging from Port State Control record to 
berth operations (Rightship 2016). A single risk rating as 
an aggregate of the evaluated risks is given to the vessel 
of interest at a certain point in time. 

Two recent projects summarized in Table 2 are clearly 
focused on design aspects of trading ships. 

Project Eagle Eyes started around the time of peak bun-
ker prices.  The main objective was to compare the fuel 
efficiency of a vessel with selected peers.  The initially 
developed scheme satisfactorily met the need, and had 
provided a basis for guiding designs towards improved 
hull efficiency.  Over time, Project Eagle Eyes has 
evolved into a broad-based vessel comparison scheme 

 

Table 1: Two example projects of performance assessment 

 Project Eagle Eyes CSSC QSPA (Hu, 2009, CSSC, 2010) 

Strategy • To provide industrial insight on com-
petitiveness  

• To empower an owner/yard to make 
informed decisions to meet individual 
needs 

• For builders/designers to verify competitive ad-
vantages of their designs 

• For owners to compare design proposals with a 
measurable benchmark 

• For authorities to appraise and award designs 
Ship type • Tankers 

• Bulk carrier 
• Containership 
• LNG carrier 

• Crude oil tanker 
• Product/chemical tanker 
• Bulk carrier 
• Containership 
• Gas carrier  

(K)PI • Terms commonly used in shipbuild-
ing Specifications 

• Intended performance categories of 
safety, environment, efficiency, com-
pliance 

• Five ratios, except seven for containership 
• Scores on five perspectives of “construction”, 

“operation”, “applicability”, “specification”, 
“performance”  

Score, aggre-
gation, sector 

• For each (K)PI, comparison with peer 
vessels  

• For a vessel, no grand score 
• Comparison within the same ship sec-

tor 

• For each (K)PI, weighted sum of subjective, rela-
tive, directive comparisons  

• For a vessel, polar diagram of five axial 
• Comparison within the same ship type 

Benchmark • Benchmarking against peer vessels 
similar in capacity 

• Peer vessels are taken as the world 
fleet (including vessels on building 
contract if forecasting is needed) 

• Direct benchmark by directly comparing  main 
particulars, capacity of system with reference 
vessels (virtually designed) 

• Relative benchmark based on a national standard 
• Subjective benchmark for (shipbuilding) Specifi-

cations based on expert opinion 
Advantage • Adaptability in dynamically changing 

needs 
• Flexible scope of comparison 

• Collective wisdom of experiences and expert 
opinion 

• Uniformed comparison across ship types 
Challenge • Need for continuous updating of 

benchmark data 
• Balance btw transparency and sensi-

tivity 

• Potential of not timely addressing current de-
mand 

• Risk of less relevant reference designs  

 



that compares the performance of a vessel with those of 
the world fleet in the same ship sector.  The targeted ship 
types are tankers, bulk carriers, containerships, and LNG 
carriers. 

The China State Shipbuilding Corporation (CSSC) initi-
ated in 2008 as a project called “Quantitative Ship Per-
formance Assessment” (or, CSSC QSPA), using a Chi-
nese national standard BT/T 3886-2002 as the starting 
point.  With the rapidly expansion of China’s shipbuild-
ing industry, CSSC realized the urgent need for identify-
ing the technical gaps between designs of CSSC yards 
and competitive designs by other yards (Hu, 2009 and 
CSSC, 2010).  Project CSSC QSPA targets designs of 
bulk carrier, crude oil tanker, product/chemical tanker, 
containership, and gas carrier.  

These two projects are similar in many aspects; they both 
place the focus on designs of large trading ships.  This 
paper uses them as examples to illustrate the opportunity 
and challenges in establishing a performance assessment 
scheme in the maritime industry.  This paper does not in-
tend to repeat details of these two projects.   

Step 1:  Define and Communicate Strategies 

The imperative is to clearly define the organization’s 
strategy and to communicate this message.  Only after the 
strategy is clearly defined can rational guidance possibly 
be found. 

Project Eagle Eyes  

The aim is to provide industrial insights for shipping 
companies to make informed decisions with respect to 
building, operating, outfitting, selling and scraping ships.  

Performance of a design (or a vessel) is compared with 
vessels similar in cargo-carrying capacity.  The competi-
tiveness of a design (or a vessel) reveals itself when 
benchmarked against the world fleet.       

Project CSSC QSPA  

The objectives are for builders/designers to verify com-
petitive advantages of their designs, for owners to com-
pare design proposals with a measurable benchmark, and 
for authorities (i.e., CSSC) to appraise and award de-
signs.  A vessel design is scored for its overall perfor-
mance based on comparison with reference designs and 
inputs from experts.     

Step 2:  Select (Key) Performance Indicators 

Key Performance Indicators, or KPIs, are selected 
measures linked to an organization’s core values, goals 
and strategies.  The relevancy of the entire scheme is en-
sured by monitoring the right KPIs.  In practice, selection 
of KPIs seems to be most challenging aspect.   

There is no blueprint for determining KPIs simply be-
cause strategies differ widely depending on organization, 
industries and industrial sectors, which are continuously 
influenced by social, business, and technical environ-
ments at the time of performance assessment. 

General Concept 

The intention of performance assessment is to enable in-
formed views that would ultimately drive decisions to-
wards efficiency and continuous improvement (i.e., 
PWC, 2005).  Often evaluated are the following dimen-
sions with further breakdown of performance indicators: 

 

 
 



• Safety 

• Compliance  

• Environment 

• Efficiency 

These dimensions and KPIs associated with them are by 
no means rigid.   

Project Eagle Eyes  

Project Eagle Eyes is built upon comparison of various 
items commonly used in a shipbuilding specification. 
This project selects to not invent new (K)PIs.  The ra-
tionale behind this is that simple messages built on daily 
terminology are easy to be accepted and faster to be im-
plemented.   

Figure 2 shows example KPIs and their comparisons 
with/among peers (or competitors).  Project Eagle Eyes 
has a growing list of KPIs. 

With due considerations given to functional groups 
within an organization (shipyard or ship owner), tech-
nical terms selected for comparison, i.e. KPI, are grouped 
into the following:  

• Dimensions, cargo capacity, lightship  

• Main engine  

• Propeller 

• Auxiliary engine  

• EEDI  

• Fuel consumption 

• Ballast water 

• Vessel operation 

• Etc. 

CSSC QSPA  

CSSC QSPA takes a hybrid approach to assess a design’s 
performance, featuring six (or seven) ratios, a composite 

scoring scheme, and an evaluation on five perspectives, 
as illustrated in Fig. 3. 

CSSC QSPA devises six ratios for tanker, bulk carrier 
and gas carrier, one of which is replaced with two ratios 
in the case of containership:  

• Ratio of DWT over principal dimensions  

• Ratio of DWT, speed over ME power (except 
for containership) 

• Ratio of total TEU over principal dimensions 
(containership only) 

• Ratio of total 14-ft TEU over principal dimen-
sions (containership only) 

• Ratio of volume capacity over principal dimen-
sions 

• Fuel consumption as tonne per nautical miles 

• Ratio of gross tonnage over DWT 

• Ratio of energy index over reference value 
(EEIP) 

Defined as ratios of key data of primary importance to 
design, these KPIs provide a technical basis for assess-
ment at the ship level. 

The scoring is built on combined directive, relative and 
subjective comparisons, summarized as follows (Hu, 
2009 and CSSC, 2010): 

• Direct benchmarking, or direct comparison of 
ship main particulars, capacities of major equip-
ment (ignoring difference between makers)  

• Relative benchmarking, or comparison based on 
an adjusted national standard (CSTIND, 2002) 

• Subjective benchmarking, or comparison of  
specifications by ship design experts  

The score card for each assessed vessel design provides 
assessment of five perspectives (5 axial): 

  

 
 

Fig. 3: CSSC QSPA’s scoring scheme: five or seven ratios based on combination of direct, relative  
and subjective comparisons, categorized into five axial (revised from Hu, 2009 and CSSC, 2010) 



• Construction 

• Operation 

• Applicability 

• Specification 

• Performance   

Adaptability in a Rapidly Changing World   

The maritime industry has evolved from primarily safety 
and environment-driven in the 1990’s to performance-
driven today, as illustrated in Fig. 1.  To meet the ever 
growing and dynamically changing environment, a per-
formance assessment scheme must be adaptive.   

The industry has an ever-expanding dimension of re-
quirements to meet.  It is expected that new (K)PIs will 
be added to reflect new or emerging demands, and some 
(K)PIs, if deemed obsolete, will be removed. 

For example, “Eco-ship” was minted around the time of 
hyped energy efficiency.  It was the top buzz word during 
late 2000’s and early 2010’s.  KPIs for energy efficiency 
have since become necessary.  Industrial guidance and 
insights (e.g., ABS, 2015, RAE, 2013, Wang, 2013, 
2014) can be used in defining this dimension of energy-
efficient ship design and operation.   

In the early 2016, the favored buzz words are “cyber se-
curity”, “smart ship”, “AIS”, “predictive data analytics”, 
“condition monitoring”, “fuel choice or switching”, 
“LNG ready”, “ballast water treatment” and so on.  In a 
few years, crewing, autonomous vehicle, underwater 
noise may become the preferred topics.  It is only a matter 
of time before KPIs are added to address these emerging 
needs. 

To address the needs for evaluating fuel efficiency, Pro-

ject Eagle Eyes includes a few items related to hull effi-
ciency that were not regularly needed until lately.   The 
project also include EEDI as a KPI mostly for the dimen-
sion of regulatory compliance. 

To address the needs of regulatory compliance, CSSC 
QSPA version 2 (CSSC, 2010) added a new ratio EEIP, 
which is similar to, but not the same as, EEDI that is spec-
ified by IMO.  EEIP is intended to be a measure of fuel 
efficiency and CO2 emission. 

On the other side, continuously changing KPIs would en-
tail a risk of lost trust or lost interest.  It is equally im-
portant to maintain a relative stability of selected KPIs. 

As a result, a key consideration in KPI selection is to 
strike a fine balance among major driving principles 
while offering flexibility in a rapidly changing environ-
ment.  

Safety Performance of Design 

The traditional demand on assessment of the safety as-
pect of a design remains important.  The greatly reduced 
number of structural failures is a direct result of the ra-
tionalized ship design rules (ABS SafeHull, IACS CSR), 
greatly modernized shipbuilding technologies, and im-
plemented stringent inspection regimes.  Accordingly, 
KPIs to address the safety aspect of a design may take a 
simplistic form.  As a matter of fact, a design is genuinely 
considered structurally sound if class approved.        

Step 3:  Establish Reference for Benchmarking 

As indicated by PWC (2015), “Performance benchmark 
against a relevant external peer group, with an explana-
tion of why these peers were chosen, is considered ex-
tremely valuable to users”.   

  

 
 

Fig. 4: Steps for Establishing Data of Reference Designs (External Peers) and  
Opportunities of Advanced IT Solutions (Big Data) 
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The “reference” may be termed as “base line” or “bench-
mark”.  This paper uses these terms interchangeable.   

In a world that is becoming more and more competitive, 
knowing where you are in comparison with your compet-
itors is the first step towards an optimized, competitive 
strategy for an organization.   

A successful performance assessment scheme relies on, 
to a great extent, the relevance of the selected reference 
vessel designs, and the quality and transparency of the 
technical data of this external peer group.    

Option 1:  Use World Fleet as Reference  

Project Eagle Eyes compares a vessel of interest against 
the world feet of vessels in the same shipping sector.  
Vessels with similar cargo-carrying capacity are more 
likely to serve the same trading route with similar, com-
parable design details.   

These peer vessels are selected based on DWT for tank-
ers and bulk carriers, TEU for containership, cubic me-
ters for LNGCs.  The following are typical sectors of 
trading ships that are conveniently grouped based on their 
cargo-carrying capacity: 

• Tanker sectors of VLCC, Suezmax, Aframax, 
Panamax, Handymax and Handysize 

• Bulk carrier sectors of Capsize, Panamax/ 
Kamarsamax, Supermax, Handymax, 
Handysize (VLOC may be treated separately) 

• Containership sectors of VLCS, Post-Panamax, 
Panamax, Sub-Panamax, Feeder. 

 As shown in Fig. 4, four steps need to be taken to estab-
lish data of a large pool of vessel designs (world fleet) 
that is “a relevant external peer group”:  

• Sourcing data from a variety of external and in-
ternal sources 

• Preparing data (repository, merging, cleansing) 

• Analyzing data (data analytics), and 

• Visualizing industrial intelligence  

This four-stepped process is preferably updated on a con-
tinuous basis to reflect the changes in the world fleet and 
the ever-changing business needs. 

The next section addresses challenges and opportunities 

identified in using Big Data to establish a reference using 
world fleet. 

Option 2:  Define Reference Ship/Design  

CSSC QSPA (Hu, 2009) allows users to select one refer-
ence design and four sample designs as basis for compar-
ison.  Instead of defining reference for participating us-
ers, CSSC (2010) specifies guidance on these reference 
and sample designs:  

• Reference designs are advanced Korean or Jap-
anese designs.  The main features of these refer-
ence designs are that they have been preferably 
stable for some time, with no major changes. 

• Sample designs can be legacy designs of Korea, 
Japan or yards within CSSC.   

• Updating of reference designs must be carried 
out when there are major changes to these de-
signs, driven by newly adopted regulations or 
rules, and that there are track records of deliv-
ered vessels using the updated designs. 

The “new QSPA” set a goal of unifying reference ships 
(CSSC, 2010), after recognizing that the flexibility in us-
ers’ selection of reference ships makes benchmarking in-
comparable among users.  The decision was made to es-
tablish a Ship Information Database (SID) that becomes 
the common pool of reference ships.     

Pros and Cons  

There are no blue print in how to establish and how to 
update external peers or reference for benchmarking.  
Choices must be made to strike a balance among many 
factors, such as trust of data, representativeness of peers, 
updating frequency, costs of managing data, availability 
of advanced IT solutions, and protection of sensitive data. 

Table 2 lists the pros and cons of these two example pro-
jects.  Using world fleet (Project Eagle Eyes) gives cred-
ibility of performance evaluation at a cost of investments 
in scalable IT solutions and time in securing and updating 
reference data.  Using a smaller pool of reference (1+4 
by CSSC QSPA) greatly reduces the burden of maintain-
ing a comprehensive data set at a cost of less uniformed 
comparison among users and a risk of outdated or irrele-
vant external peers.   

   

Table 2: Options for Establishing Reference Designs as Basis of Comparison 

 Project Eagle Eyes CSSC QSPA (CSSC 2010) 

Basis of 
comparison 

• Comparison with the world fleet of 
vessels similar in capacity 

• Comparison with one reference design and 
four sample designs (1+4) 

Updating • Continuous updating to reflect the 
world fleet at the time of analysis 

• Updating when delivery of vessels with major 
design changes is confirmed 

Pros • Comprehensive representation of 
competing designs or vessels 

• Relevant market 

• Stability of reference designs 
• Limited efforts of maintaining reference de-

signs 
Cons • Demands for regular updating of ref-

erence designs 
• Needs for sophisticated IT solutions 

to keep database up to date 

• Difficulty in maintaining consistency of com-
parison among users 

 



Step 4:  Score a KPI, a Vessel 

Scoring performance can take different forms, depending 
on the intention of the assessment and KPIs to be evalu-
ated. 

Project Eagle Eyes 

The objective is to provide industry intelligence so that 
an owner would form their own opinions.   

Project Eagle Eyes places focus on relative competitive-
ness of a design for selected (K)PIs.  The relative perfor-
mance of a vessel design in term of the evaluated KPI 
reveals itself when placed against the world fleet.  See 
Figure 2 for some examples. 

Project Eagle Eyes does not devise a scheme for an ag-
gregate score at the vessel level.  Project Eagle Eyes is 
not intended for drawing conclusions, but selects not to 
aggregate scores with an assumption that a grand score at 
the vessel level is the choice of the intended users. 

CSSC QSPA 

In generally, CSSC QSPA uses a normalized score to 
give relative ranks on a percentage scale.  The scoring 
scheme is based on five (or seven) ratios, a combined di-
rect, relative and subjective comparison, and a 5-axial 
evaluation, as illustrated in Fig. 3.  

CSSC QSPA adopts aggregate scoring.  A vessel is given 
a grand score as weighted sum of scores of all KPIs.  Two 
grand scores are defined, one for the use of owner and 
one for shipyard, as a recognition of varied needs. 

Needs for Aggregate Score 

Sometimes, aggregated performance score at the vessel 

level is warranted, driven by the overarching strategy of 
performance assessment.  Overall score of a design needs 
to address many demands of market, commercial, safety, 
efficiency, compliance, operation, and so on.   

Scoring an entire vessel requires a fine balance among 
the needs of many functions and systems, because a ship 
is a very sophisticated, integrated engineering system.  
Often weighted sum such as Fig. 3 is used, and choices 
of weight must reflect the strategy of the entire perfor-
mance assessment schemes.   

Segmental 

Project Eagle Eyes compare vessels similar in capacity.  
This scheme recognizes ship sectors.  This project does 
not believe that comparison between vessels with large 
difference in cargo carrying capacity would reveal rele-
vant industrial insights.   

Project CSSC QSPA compares KPIs within the same ship 
types.  This scheme respects the difference in ship types, 
which is an improvement from the national standards that 
was initially developed decades ago. 

Data of Reference Design 

A major challenge is where and how to obtain perfor-
mance data of “relevant external peer”.  Good quality 
data that would enable performance assessment seldom 
exists in a complete set that can be extracted in a second.  
Fig. 4 shows the main steps of establishing and updating 
data of peer vessels.  It also lists the challenges and Big 
Data Solutions that can be adopted in these four steps.   
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Sources of Data  

Design data 

Reliable sources of design information are shipbuilding 
specifications, design and construction drawings, sup-
porting engineering calculations, testing and sea trial re-
sults.  However, they are confidential and seldom shared.   

Fortunately, KPI-based evaluations rely on data of prin-
cipal importance.  A feasible and practical way is to lo-
cate key design data from the following sources that are 
public accessible:  

• Industrial data sources, such as IHS Maritime 
Sea-web (HIS, 2016), Clarkson PLC (Clarkson, 
2015). 

• Ship records by classification societies (ABS, 
BV, DnV-GL, LR, NK, RINA, etc.) 

• Publications of industrial or professional associ-
ations (e.g., RINA, 2015) 

• Information that is spread out in research pa-
pers, industrial project reports, press release. 

Safety data 

Records of safety and marine incidents are available in 
publications by: 

• Port State Control  

• Flag, Administration, IMO, EU 

• Classification societies 

• Industrial associations 

• Researchers 

These records of Port State Control, Flags, etc. are 
trusted, and relevant to marine safety.   

Vessel operational data 

Data related to vessel operation is often privileged.  Pub-
lic access to vessel operation data is very limited if not 
totally inaccessible.   

An exception is data of Automatic Identification System 
(AIS), which automatically tracks vessels at sea, near 
coast or in harbor.  AIS technology is being rapidly inte-
grated into vessel operations worldwide.  New services 
are emerging and rapidly maturing that uses AIS data to 
reveal insights of vessel operation, or to optimize voyage 
planning. 

Regulatory compliance data 

Data related to compliance with regulations is hard to 
find, except for ballast water management reports in US 
waters (NBIC, 2016).   

However, there is a strong and growing need for knowing 
the level of regulatory compliance by owners, charterers, 
flags, class, P&I clubs.    

Big Data Solutions to Sourcing, Warehousing, Cleans-
ing and Visualizing Data  

Project Eagle Eyes explored the opportunity of Big Data 
Solutions to assisting in performance assessment, espe-
cially in establishing data of external peers (benchmark-
ing data).  A team composed of talents of three core com-
petence (Fig. 5) tested the space of Big Data Solutions. 

Big Data Solutions 

Big Data often refers to the IT solutions that are useful to 
address the five “V”s of data: volume, velocity, variety, 
veracity and visualization (e.g., IBM, 2014).  The 
“space” of Big Data Solution is vast and expanding, ac-
cording to studies of, for example, Gartner (2015).  The 
maritime industry is only at the start of realizing the po-
tentials of Big Data. 

For the purpose of performance assessment, Big Data has 
potential in addressing the challenges of sourcing and 
preparing data that can be used as reference ships, and in 
visualizing industrial insights.  Soon, the power of Big 
Data in handling large volume of data moving at a speed 
will be harnessed when sensors/meters, monitored sys-
tems/ships, offices, people, social media are connected. 

Data collection and variety in data 

Data resides in different places in different formats.  
Some are structured (excel, legacy enterprise databases) 
and some are unstructured (Web, PDFs, streaming data 
from devices / sensors, images, audio / video, social me-
dia).  Unstructured data typically creates problems in 
storage, mining and analyzing data.   

In addition, data are inherently associated with noise and 
abnormalities, and these pose challenges to IT solutions.   

Tremendous efforts are needed for collecting, cleansing 
and consistently updating and maintaining quality data in 
a time-efficient manner.  The old-fashioned manual op-
eration has become an obstacle at the time when rapid 
adaption to ever-changing business environment and fast 
delivery of industry insights are demanded. 

Data lake and data warehouse  

A data lake is often built as a cost-effective and techno-
logically feasible way to store data with volume, variety 
and speed of moving not seen in the past.  It is highly 
agile and can be configured and re-configured to accom-
modate changing formats of source data.  Enterprise data 
warehouse on the other hand is a highly designed system, 
where the data is processed, cleansed, consolidated and 
stored in a structured format.  Enterprise data warehouse 
mainly serves for reporting and analytics needs of a com-
pany, and as a result will need the design to be fixed. 

A data lake deals with “raw” data in its native format.  In 
comparison, a data warehouse provides cleaned and pro-
cessed data for business users. 

Intellectual Properties (IP) 

It is a pre-requisite of IP protection.  Data of benchmark 
designs and assessed design are commercially sensitive.  
A proper balance must be struck between meeting the de-
mand of explaining the sources of benchmark data and 
the requirement of IP protection. 

Project Eagle Eyes presents the statistics of the world 
fleet.  Not quoting vessels’ IMO numbers or principal 
particulars of peer vessels practically avoids unintended 
leaking of sensitive design data. 

Project CSSC QSPA creates a small number of ship de-
signs.  Securing sensitive design data of a few designs are 
relatively easier to achieve and faster to update.  The dis-
advantage of lacking representation is partially offset by 
factoring in expert opinions during scoring. 



 

Deployment, Implementation, Improvement, 
Evolvement 

Communication is the key to success.  As a relatively new 
approach in a centuries-old industry, the KPI-driven per-
formance assessment scheme has demonstrated values in 
some applications.  Properly messaging plays a key role 
in broader adoption of performance assessment. 

A designated team with three core competence (Fig. 5) 
needs to own the performance assessment scheme.  This 
team needs to develop the scheme, deploy and implement 
it.  An analyst team will be needed to deliver the results 
of the performance assessment. 

Being adaptive to ever-changing demands is the power 
of performance assessment.  The society is fast evolving; 
requirements of regulations are becoming more stringent 
and far reaching; the globalization has been driving effi-
ciency of the shipping business.      

Secured mobile accessibility also emerges as a require-
ment for the next generation of performance assessment, 
whereas information and insights are accessible any-
where anytime.  The industry has started preparing for 
the coming demands such as cybersecurity (ABS, 2016). 

Conclusions 

This paper presents the general concept of KPI and per-
formance assessment, which is illustrated using two in-
dustrial projects.  Some of the key conclusions may be 
drawn here: 

• The KPI-based assessment scheme is viable for 
assessing performance, providing insights and 
ultimately guiding continuous improvement in 
the rapidly evolving maritime industry. 

• An effective performance assessment scheme 
needs to define strategy, select KPI, score a de-
sign, establish reference for benchmarking, and 
provide insights. 

• Big Data offers choices of IT solutions for 
sourcing, storing, cleansing and updating data of 
reference ships, and visualizing insights.  

A key to the success of performance assessment is com-
munication, to effectively convey the strategy and ex-
plaining the sources and limitation of data and assump-
tions.   

Some challenges have been identified, including: 

• Secured mobile access 

• Management of changes 

• Adaption to a changing environment 
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Abstract 

In the current shipping industry, a lot of effort is now devoted 
to develop the life-cycle concept for ship design, which has 
great demands to describe accurately a ship’s operation per-
formance under practical sea environments. Current design 
tools to estimate ship performances in a seaway significantly 
rely on experimental tests and semi-empirical formulas, which 
are either very expensive or lack accuracy. On the other side, 
due to the importance of reliable models to describe a ship’s 
operation performance in waves for energy efficient maritime 
transport, many measurement devices have been installed on-
board ships to record some relevant parameters to monitor a 
ship’s performances. Subsequently, it brings an urgent task in 
the industry to make further use of those large datasets to guide 
practical operations and regular maintenance of the ships, with 
the ambition to give practical feedback for original design pur-
pose. In this paper, a machine learning technology called the 
extreme gradient boosting algorithm is used to develop such a 
model to predict a ship’s power requirement in different oper-
ational and weather conditions. For the demonstration and val-
idation purpose of the machine learning method, a 45000DWT 
chemistry tanker with full-scale data collected over almost 2 
years is used in this study. The measurements contain 20 main 
parameters representing the motions response, ship operation 
profiles and engine operation parameters, etc., with sample fre-
quency every 15 seconds. The machine learning system is 
trained on 6GB of data in less than 30 minutes on a regular 
laptop. On average, the discrepancy of the fuel consumption 
predicted by the learned model is less than 1-3% in comparison 
with the actual measurements. 

Keywords 

Fuel consumption, Model test, Machine Learning, Ex-
treme Gradient Boosting.  

Introduction 

In addition to stricter regulations on more energy effi-
cient maritime transport, the shipping industry is also un-
der great pressure to implement new technologies to their 
existed ship fleets to become a more sustainable and en-
ergy efficient transport sector, DNV-GL (2015). The in-
crease of energy efficiency can be achieved through both 
ship design and operation, which must rely on reliable 

power predictions. Since each ship is an individual com-
plex energy system, for practical design aiming to reduce 
fuel consumption, an explicit formula should be derived 
to estimate a ship’s energy consumption in terms of en-
countered weather information, the ship’s characteristics, 
and operational profile etc.  
The energy consumption rate of a ship sailing in waves is 
dependent on many parameters, e.g. ship resistance (calm 
water, waves and wind, etc.), propeller efficiency, marine 
engine operation parameters, etc. The estimation of these 
parameters may be carried out with different levels of 
complexity, i.e. from the most basic empirical formulas 
to the complex consideration of long-term on-board mon-
itoring measurements and CFD methods. The possible 
complexity may be determined by the amount of availa-
ble information.  
The prediction of a ship’s resistance is the central prob-
lem to estimate her fuel consumption during sailing. If a 
ship’s model test data is available, the ITTC/ISO method 
(e.g. ITTC 2002 and ISO 2015) is adopted to derive a 
ship’s calm water resistance, while Kristensen and Lüt-
zen (2012) updated the procedure to take into account the 
effects of bulbous bows, correction for hull form and po-
sition of the longitudinal centre of buoyancy. If only the 
information of a ship’s main particulars, such as main di-
mensions, draft, trim and appendages, etc., is available, 
those empirical formulas proposed by Havald (1983), and 
Holtrop and Mennen (1984) can roughly approximate a 
ship’s calm water resistance using the wetted surface and 
resistance approximation parameters based on large test 
data and theoretical principles. While if the hull geometry 
is available, the resistance could also be estimated by nu-
merical computations, such as a potential flow panel 
method or computational fluid dynamics (CFD) taking 
into account the viscous flow phenomena. More details 
about the resistance computation method can be found in 
Larsson and Raven (2010). After getting a ship’s total re-
sistance, it becomes quite straightforward to estimate her 
fuel consumption in a seaway based on the known marine 
engine configuration and propeller efficiencies. How-
ever, because of the difficulty to model actual sea condi-
tions encountered by ships, there is always a discrepancy 



between the theoretical prediction and the real observa-
tion of the energy consumption. Sometimes, this differ-
ence can be quite significant.  
On the other hand, thanks to the technological develop-
ment of measurement sensors, a lot of energy related pa-
rameters can be recorded while a ship is sailing. The big 
data analytics and statistical inference theory are now 
also becoming more and more popular, e.g. Bailou 
(2013), Mak et al. (2014). However, most of today’s re-
search activities dealing with the full-scale measurements 
mainly focus on the visualization of the data to monitor a 
ship’s performance, such as the Monohakobi system 
(2015), Marorka system (2015) and Kyma system 
(2015), etc. In order to further utilize the collected data to 
reduce a ship’s fuel consumption, e.g., through a routing 
optimisation or plan an optimal hull/propeller cleaning 
schedule, it is necessary to extract useful information 
from that huge amount of recorded data. This paper aims 
to investigate the capabilities of machine learning tech-
niques, which could help to predict a ship’s energy con-
sumption in terms of her encountering weather environ-
ments, motions response, loading conditions and main 
ship dimensions etc., based on full-scale measurements.  

Conventional methods for a ship’s fuel consump-
tion estimation 

A ship’s energy transfer process is a complex system, 
which contains ship resistances, hull efficiency, propeller 
efficiency, marine engine configurations etc. Therefore, 
a ship’s fuel consumption is also closely connected with 
her forward speed and encountered sea environments, in 
addition to those fixed parameters such as engine and 
propeller efficiency etc. For the conventional estimation 
of a ship’s fuel consumption, a typical workflow is illus-
trated in Figure 1.  

 
Fig. 1: Flowchart of a fuel consumption model 

In the workflow, the first step is to get the ship’s re-
sistance at different sailing speeds by either model test 
methods, numerical computation methods or simple em-
pirical formulas. When a ship is sailing in a seaway, the 
wave and wind environments in the open sea for most of 
her journey time will affect the ship’s performances. 
Hence, added resistance due to wind and wave loads 

should also be accounted for to estimate the total re-
sistance of the ship. The ship’s total resistance needs to 
be compensated by the thrust force provided by propel-
lers, which are powered by marine engine with certain 
RPMs determining the fuel consumption under different 
work conditions. Therefore, the ship’s engine configura-
tion, propeller efficiencies, and fuel related factors will 
be used to compute the fuel consumption needed for the 
ship sailing under different operational and environmen-
tal conditions. 

General concept of a ship’s fuel consumption estima-
tion  

Let RT denote a ship’s total resistance when sailing in a 
seaway. In order to make a ship sail in a seaway, the 
power required to push a ship to overtake her total re-
sistance with a forward speed V is called the effective 
power Pe,  

VRP Te ×=      (1) 

The effective power Pe is supplied from marine engines 
on-board the ship. The output power of a marine engine 
is denoted as the effective break power Pb, which gener-
ate the shaft power to rotate the ship’s propeller. As 
shown in Fig.1, the energy transmission from the break 
power to the final effective power (providing thrust force 
pushing the ship forward) will lead to significant energy 
loss characterized by, e.g. engine shaft efficiency ηs, a 
ship’s hull efficiency ηh and the propeller efficiency ηb, 
viz., 

bbhse PP ⋅⋅⋅= ηηη   (2) 

If all the above coefficient parameters are provided, the 
engine power needed to push a ship forward could be 
straightforwardly computed.  

Estimation of a ship’s total resistance in a seaway 

A ship’s total resistance is composed of three main com-
ponents, i.e. the calm water resistance, added resistance 
in waves and wind resistance. The calm water resistance 
is the most important factor in choosing the proper ma-
rine engine and propeller configuration to fulfil the ship’s 
required service speed. Hence, many numerical methods 
have been developed to compute a ship’s calm water re-
sistance, while for the initial design of a conventional 
ship, rather the empirical Holtrop-Mennen method 
(Holtrop and Mennen 1984) is perhaps the most common 
used. This method is based on statistical regression anal-
ysis of extensive model test results and full-scale meas-
urement data. It is known that Holtrop-Mennen’s method 
can give a rather good average indication of the calm wa-
ter resistance for conventional ship types. In order to get 
more accurate calm water resistance for each individual 
ship, in particular, for ships with innovative hull geome-
tries, some towing tank tests are often carried out to re-
flect a more practical details of the hull geometry. In this 
paper, the so-called ITTC-78 method is used to scale up 
the model test results to estimate her calm water re-
sistance RC in full-scale.  
Most of the time, an ocean-crossing vessel will have to 
sail in rough weather environments along a seaway with 



large wind and waves. Even though today’s design prin-
ciples do not take into account the added resistance due 
to wind RAA and waves RAW, it is essential to consider the 
effect of those added resistances during the practical op-
eration of the vessel because the added resistance can be 
more than 100% of the calm water resistance during de-
sign. There are many potential flow panel methods avail-
able for the added resistance prediction in waves, as in 
Kwon (2008), the added resistance in waves RAW is com-
posed of added resistance due to ship motion and that due 
to wave reflection. Finally, a ship’s total resistance when 
sailing in a seaway is the summation of the calm water 
resistance and all the other added resistances, 

AAAWCT RRRR ++=    (3) 

Given a specified power delivery from the ship’s marine 
engine, an iterative process has to be used to predict the 
ship’s actual velocity since all forces (which are also de-
pendent on the ship speed itself) must reach an equilib-
rium status. In this study, instead of directly computing a 
ship’s added resistance, self-propulsion model tests will 
help to estimate power required to push a ship forward at 
certain speeds in the calm water condition. Extra engine 
power that a ship needs to overtake added resistance due 
to wind and waves will be studied from the total shaft 
power delivery measured in real sailing conditions. 

Machine learning for the prediction of a ship’s 
fuel consumption in seaways 

In order to estimate a ship’s fuel consumption accurately, 
it is important to establish the relationship between the 
ship’s forward speed and all possible “inputs”, which can 
be the marine engine load diagram, propeller efficiency, 
and total resistance. The first two items are often fixed 
tables from the corresponding manufactures, while the 
most challenge work is to get the reliable total resistance 
for the accurate estimation of a ship’s fuel consumption 
In the maritime community, a ship’s resistance is often 
estimated by performing model tests in the towing tank 
and numerical analysis. Due to the expensive cost to 
carry out model tests for added resistance, which needs a 
series of tests in different conditions, often numerical 
analysis is used. In this aspect, the added resistance in 
waves usually account for the effect of wave reflection 
from incident waves and effect due to wave induced ship 
motions. Some conventional formulas and numerical 
analysis are available for the estimation purpose, while 
large uncertainties are often associated with the determi-
nation of wave systems and reliable ship motions, etc. 
Because of the importance to understand a ship’s total re-
sistance in a more accurate manner, many full-scale 
measurements are recorded and ships are continuously 
inspected by the so-called ship performance monitoring 
systems. By plotting the long-term fuel consumption in 
different sailing environments, it is possible to get a 
rough trend of a ship’s performance, but it is not enough 
to validate the installation of energy concepts, route plan-
ning and feedback to more specific ship design account-
ing for waves etc. Hence, a more careful investigation is 
needed to further exploit and utilize the full-scale meas-

urement data, which could provide us with a more de-
tailed model to describe a ship’s energy consumption. 
This model can be fitted into many systems for both de-
sign and operations. For example, this model can be inte-
grated into a weather routing system to schedule a ship’s 
sailing schedule (i.e. course, time, speed for a specific 
loading condition based on the forecast and in-situ 
weather information) that can lead to minimum fuel con-
sumption and air emissions. 

Machine Learning 

Machine learning is the science that gives computers the 
ability to learn without being explicitly programmed. 
Machine learning looks for patterns in data and uses that 
data to improve the model. It is used more and more in 
applications, most often without people realizing it. Ex-
amples where machine learning is used are self-driving 
cars, speech recognition, information retrieval, credit 
card fraud, spam detection, product recommendation, 
medical diagnosis, customer segmentation, etc. 
Machine learning can be divided into three categories: 
supervised, unsupervised and reinforcement learning. In 
supervised learning the existing data contains the desired 
output and the goal is to learn a certain model that ex-
presses the relationship between inputs and outputs (also 
called targets). There are two types of supervised prob-
lems. In classification problems, the target outputs are 
discrete, while regression problems deal with continuous 
outputs. A typical example of a classification problem is 
to predict whether incoming mail is spam or not. A re-
gression example is to predict the value of a house given 
its size, number of rooms, etc. In unsupervised learning 
the desired outputs are unknown and the learning algo-
rithm looks for patterns and/or structure in the data. A 
typical example is a clustering problem like customer 
segmentation, finding out which customers exhibit simi-
lar behaviour. In reinforcement learning the computer in-
teracts with a dynamic environment and learns the ideal 
behaviour within a specific context. Some sort of feed-
back is required to learn this behaviour. Examples are a 
computer playing chess or autonomous driving. 
In the current study, the intention is to predict the fuel 
consumption of a ship as a function of the sensor data. 
This is a typical example of a supervised regression prob-
lem. When using a machine-learning algorithm, the da-
taset is in general split up into three independent parts: a 
training, a validation, and a test set. The model is trained 
using the training set, while the validation set is used to 
compare different models. Finally, the quality of the 
model is verified on the test set. This is done to ensure 
that the model resulting from training generalizes well 
and therefore gives good results on data outside of the 
training set. Different models and parameters settings are 
compared by evaluating a pre-defined error function on 
the cross-validation set. Finally, the quality of the model 
is verified by evaluating the error on the test set. To en-
sure that the model generalizes well, the three sets need 
to be chosen independent of each other. They are also 
chosen randomly such that each set is a good representa-
tive of the complete data set. The size of the different sets 
depends on the size of the overall dataset, but a rule of 
thumb is to use 60% of the original data set for training, 



20% for validating, and 20% for testing. 
When dealing with time series as is done here, some spe-
cial precautions need to be taken regarding randomiza-
tion. In our data set measurements are taken 15 seconds 
apart. This means that two successive measurements are 
most likely very alike. Since data points in the different 
sets need to be independent, two sets would no longer be 
independent if concurrent measurements occur in differ-
ent sets. As a result, the algorithm would not perform 
well on new data that is not similar to the training data. 
To prevent this, we use batch randomization. In batch 
randomization, the data set is divided in to batches (we 
used 4000 batches of about 4 hours each) after which 
each batch is randomly put in one of the three sets. Each 
individual measurement within a batch is then used for 
training, validating, or testing respectively. This is shown 
in Figure 2 where the division into three subsets is shown 
for the fully randomized dataset in the upper plot, and the 
batch randomized dataset in the bottom plot. 

 
Fig. 2: Division of the data set into three subsets. Black 

represents the training set, red the cross-valida-
tion set, and white the test set. The fully random-
ized set is shown on the left, the batch random-
ized set on the right. 

Gradient Boosting 

Gradient boosting is a machine-learning algorithm used 
for regression and classification problems. Gradient 
boosting was first developed by Friedman (2001) and it 
results in a prediction model that is an ensemble of mod-
els, usually classification and regression trees (CART). 
In boosting methods, a number of “weak” methods are 
combined to create a powerful ensemble. Here a weak 
method is defined as one whose error rate is only slightly 
better than random guessing. For example, let fi(x) be one 
such a weak method out of a total of m models. Our tar-
get, y, is then given by the equation , 
where α is the shrinkage coefficient, which helps to reg-
ularize the model. Each model, fi(x), is learned in a for-
ward greedy manner, e.g. the second model is learned to 
predict the error from the first model, the third model is 

learned to predict the errors of the second model, etc. 
This is how a complex model can be learned using very 
basic base-learners, such as CART. There is a whole lot 
more that can be said and written about gradient boosting 
methods, but that goes beyond the scope of this article. 
See Hastie et al. (2013) for a comprehensive overview of 
this method. 
A CART is a type of decision tree where each leaf has a 
score attach to it. Since one tree usually does not give 
good enough results, an ensemble of trees is created. This 
means that a linear combination of a number of trees is 
taken. A simple example of two trees describing whether 
or not members of a family enjoy playing computer 
games is shown in Figure 3. 

 
Fig. 3: An example of two classification and decision 

trees, http://xgboost.readthedocs.org/en/latest/model.html 

Two branches split up by age exist in the first tree. The 
“age<15” branch is then further split up by deciding 
whether the members are male or female. All leafs at the 
end of the tree correspond to certain value. The ensemble 
score for a person is calculated by taking the sum of all 
trees. In this case for example the young boy scores 2 in 
the first tree and 0.9 in the second one resulting in a total 
score of 2.9.  
We use the Python version of the XG-Boost library 
XGboos (2015) in our implementation. This is a well-es-
tablished optimized implementation of boosted algo-
rithms. There are many parameters that can be set when 
training the model (number of trees, shrinkage, tree 
depth, etc.) and tweaking these to get the optimal result 
is a comprehensive task worthy of its own research. We 
evaluated the performance of different parameter settings 
until we got consistent results. 

Prediction of energy consumption rate by ma-
chine learning 

In order to check the capability of the above machine 
learning technique to predict the power of a ship under 
different sailing conditions in a seaway, a modern chem-
istry tanker from Laurin Maritime AB was chosen for the 
comparison study. The experiments of self-propulsion 
tests and full-scale measurements of the ship’s energy 
systems in the seaway are available for the paper to carry 
out the following comparisons. In the study, we will com-
pare the difference between the measured and predicted 
power required along different journeys. Furthermore, 
the measurement records and model tests are also ex-
pected to present power needed to overcome added ship 
resistance due to wind and waves. 



Case study vessel and measurement campaign 

One of the Laurin maritime C-class 45000 DWT chemis-
try tankers with both self-propulsion test results and full-
scale energy consumption measurements shown in Fig.4 
will be used for the machine learning study. The self-pro-
pulsion model tests were carried out during her design 
stage to investigate the engine power needed for the ves-
sel. Here it will serve as a baseline of ship power required 
for operation in calm water conditions. The main scant-
ling dimension of the ship is listed in Table 1, as well as 
some corresponding parameters, such as displacement, 
draft, wetted surfaces etc., during ballast and design load 
conditions for model tests. 

 

 
Fig.4: The ship (above) and her model test (bottom) for 

the baseline of power prediction  

Table 1: Main parameters for model tests to determine 
engine power in calm water conditions 

Self propulsion tests for two loading conditions with 
model scale is 1:24 

Main scantlings Design loading 
condition 

Ballast condition 

Length 
Loa 

182.9 
m 

Disp. ∇ 49598 
m3 

Disp. ∇ 49598 
m3 

Length 
Lpp 

176.0 
m 

Wetted 
surface  

8166 
m2 

Wetted 
surface 

8166 
m2 

Beam 
B 

32.2 m Length 
waterline  

178.39 
m 

Length 
waterline  

178.39 
m 

Prop. 
Diam. 

5.8 m Draft T 11.0 m Draft T 11.0 m 

 
For the operation in actual seaways, the full-scale meas-
urements of the whole energy system were collected by 
the performance monitoring system provided by the 
Maroka Company. The full-scale measurements record 
information of marine main engine power deliver, draft, 
loading, water temperature, ship speed, rudder angle, 
heading angle, wind speed, six-degree of freedoms etc. 
These data are recorded every 15 seconds. Taking into 
account that a ship’s stationary sea conditions may last 
for from 30 minutes to several hours, we will also study 
the average of the energy measurements during different 
sailing conditions. 

Fuel consumption by model and full-scale tests 

During the design stage of the vessel, some self-propul-
sion model tests have been carried out to study the shaft 
power delivery needed to determine the engine require-
ment for the vessel. The tests have been performed for 
both ballast and design load conditions. The test results 
for power delivery at various speeds are plotted in Fig.5. 
It should be noted that the self propulsion tests were done 
in calm water conditions as the baseline to determine the 
energy cost for sailing. In order to have a good under-
standing of extra shaft power needed to overcome the 
ship’s added resistance in a seaway, the consumed energy 
measurements for the ship sailing in seaways during 2012 
and 2013 were collected and plotted together with the 
model test in Fig.5. Since the model tests were only car-
ried out for ship speed from 10 to 17 knots, the measured 
power delivery is also only plotted for ship speed over 9 
knots for comparison. The figure shows that the ship sail-
ing at low speed (less than 12 knots), the added resistance 
may require more additional power than predicted in the 
calm water conditions obtained from model tests. While 
for the ship sailing speed faster than 14 knots, it shows 
strange results that the ship consumed more energy in 
calm sea conditions than sailing in a seaway. It indicates 
that the power tests or the full scale measurements may 
have some different configurations. 

 
Fig. 5: Ship power vs ship speed in calm water self 

propulsion tests in design loading and ballast 
conditions for the baseline evaluation of the ship 
operational performances, as well as the actual 
shaft power measured during sailing in seaways. 

Fuel consumption by machine learning 

For the machine learning study here, the “ShaftPower” 
variable is our dependent variable and we try to predict it 
correctly using the information from the other variables 
collected by the Maroka system. The reason we use the 
shaft power variable and not one like “Total FuelCon-
sumption” is that the sensor for the former is more relia-
ble while still being indicative of overall fuel consump-
tion used to overcome the ship’s total resistance. In this 
case, the fuel consumption caused due to generating elec-
tricity for heating and piping systems etc. for the ship was 
not taking into account in the variables. After cleaning 
the database (columns too highly correlated with the out-
put like “ShaftTorque” and rows with highly suspect data 
indicating faulty measurements are removed), the dataset 
is divided into three subsets according to our batch ran-



domization technique (80%, 10%, and 10% for the train-
ing, validation, and testing set respectively). The model 
is then trained on the training set where we use the Root 
Mean Square Error (RMSE) between the measured and 
predicted Shaft Power variable as the error function. The 
model then tries to minimize the RMSE on the training 
set while we keep track of how well it generalizes on data 
outside of the training set by calculating the RMSE on 
the validation set.  
The results shows that the most important parameters to 
describe the ship’s shaft power in the machine learning 
model are the speeds, draft, rudder angle, and ship head-
ings, wind speeds and ship motions etc. Common sense 
indicates that the shaft power should also be directly re-
lated to the wave heights due to the added resistance (ex-
tra power requirements) due to waves. Unfortunately, 
these parameters are not available from the full-scale 
measurement collection system. This problem is left for 
further investigations in our future study. 
Finally, the RMSE on the test set is calculated. Our final 
model has an RMSE ranging from 120 to 140 on the test 
set. Note that since division into the different data sets is 
performed randomly, there is some variability in these re-
sults. We ran the simulation a number of times to check 
that the variability was low. Since the average Shaft 
Power value is about 4000, this means that the average 
error is about 3%. Figure 6 shows a plot of the predicted 
versus measured values where the red dashed line indi-
cates a perfect fit. There are some outliers where the Shaft 
Power is about 1000, but in general the predicted values 
reflect the true measured values quite nicely. 

 
Fig.6: Comparison of predicted Shaft Power by ma-

chine learning with the full-scale measurements 
for the randomly selected test data sets  

The comparison of the shaft power for prediction and 
measurement is also plotted against recorded time in 
Fig.7, where the average shaft power during 1-hour time 
interval is presented. The recorded period lasts for about 
2 years. Since the machine learning prediction is only 
used for the test dataset (the training dataset will have the 
exact power prediction as the measurements), there are 
less prediction points than the actual measurements, and 
because of the batch randomization, the prediction points 
from machine learning are not continuous. In general, the 
shaft power predictions by machine learning can catch 

the variation trend of real measurements quite well. A 
randomly chosen short time window for the comparison 
is presented in the following Fig.8, where the discrepancy 
is about 1-3% maximum. 

 
Fig.7: Prediction of shaft power and the corresponding 

full-scale measurements over the whole meas-
urement campaign 

 
Fig. 8: Prediction of shaft power by machine learning in 

comparison with full-scale data for a short-term 
period window 

For conceptual ship design, one of the most important 
goals is to predict the power required for a ship to sail at 
a certain speed. When a ship is sailing in a seaway, the 
required power will change frequently due to the varia-
tion of encountered sea conditions. Therefore, the infor-
mation regarding the power requirement averaged during 
a long-term time period may provide some useful infor-
mation for designers to choose the best suitable marine 
engine for a ship. For the case study vessel here, the re-
sults of average shaft power for various speed intervals 
are presented in Fig.10. In the figure, ship speeds are di-
vided into various bins with 0.25 knots interval. For those 
speed intervals, all the corresponding shaft powers from 
measurement and machine learning predictions are col-
lected to compute the mean shaft power for each speed 
interval. The comparison in Fig.10 gives an indication of 
good agreement between machine learning prediction 
and measurements. However, it should be also noted that 
there is a strange trough in the power-speed curve since 
the shaft power is supposed to increase monotonically in 
terms of ship speeds. This strange result may be caused 



due to the relative calm sea operation, following current 
conditions, or ballast loading conditions, etc., in the lim-
ited sample space as in Fig.10. It could also be that this is 
a weird phenomenon to do with the division of batches 
where one batch has weird data. 

 
Fig. 9: The plot shows the predicted versus the meas-

ured values. The dashed red line indicates a per-
fect fit. 

 
Fig. 10: Divided sailing regions for the ship. Note that 

each point in the figure represent a few hours 
sailing. 

Finally, it is also interesting to check if the proposed ma-
chine learning technique can help to predict a ship’s fuel 
consumption (or power delivery required for certain sail-
ing distances, i.e. along a ship voyage). Then the tech-
niques (if encountered sea conditions are available to be 
taken into account) could be used to establish a ship’s 
performance model for, e.g. ship routing optimization 
with minimum fuel consumption as the objective. Even 
though the current study does not consider the ship’s en-
countered sea conditions for machine learning investiga-
tion, the results might be still a good evidence to show 
the capability of the machine learning techniques for ship 
performance establishment. In the following, the test da-
taset is divided into four geographic regions as shown in 
Fig.10. 
For each region, the accumulated difference of consumed 
energy ED as in Eq.(4) of unit Kwh is plotted in Fig.11 in 
terms of total sailing distance  

      (4) 

where i represents the number of the sea states collected 
for those 4 individual sailing regions. Since the case 
study ship’s main engine has a capacity of about 5 MW 

equivalent to 5000 Kwh of energy consumption every 
hour in normal service conditions, the results presented 
in Fig.11 indicates a very good agreement for the energy 
prediction using the machine learning method with max-
imum less than 1 hour’s prediction errors for 50,000 km 
sailing. It should be noted that the method always under-
estimates the energy demanding for the North West and 
South East operation, but overestimates the energy for 
the other two regions. This might be associated with the 
weather conditions, e.g. current, during sailing in those 
areas. More information regarding the environmental im-
pact to the machine learning method will be further in-
vestigated in our future studies.   

 
Fig. 11: Accumulated difference of consumed energy 

Kwh between machine learning prediction and 
measurements in terms of sailing distance. Note 
that since the ship’s main engine power is less 
than 5 MW, the energy consumption for one 
hour during normal service condition is about 
5000 Kwh. 

Conclusions 

In this paper, a machine learning algorithm is introduced 
and applied to investigate its capability to predict a ship’s 
power requirement under different ship speeds. A 45000 
DWT chemistry tanker with 2 years’ full-scale measure-
ments is chosen for the case study using a machine learn-
ing method for power prediction. A lot of ship operation 
related parameters are used for the prediction study, such 
as ship size, rudder angles, ship motions, ship speeds, 
wind speeds, etc., but not the wave conditions. The ma-
chine learning method shows that the ship speed, wind 
speed, rudder angle and motions are the most related pa-
rameters for the power predictions. In general, the ma-
chine learning method has shown great potential for the 
power prediction with less than 2% discrepancy for 
power-speed relation, and power-total sailing distance 
predictions.  
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Abstract 

This paper presents an analysis of different strategies for com-
pliance to maritime sulphur emission regulations. Abatement 
options mainly involve using heavy fuel oil with scrubber, dis-
tillate fuels or LNG. Flexible strategies are introduced by ex-
plicitly considering how shipowners can switch or retrofit be-
tween abatement options, in order to reduce costs and im-
prove performance. Deciding which alternative that is most 
preferable for a ship is a complex task, which depends on 
ship-specific factors such as annual fuel consumption and part 
of time in emission control areas, and on uncertain parame-
ters such as fuel prices and environmental regulations. A deci-
sion support model based on Monte Carlo simulation is devel-
oped to assess different strategies for compliance. We can 
conclude that flexible abatement strategies show superior per-
formance and should hence be considered for new ship pro-
jects today. 

Keywords 

Abatement options; Regulatory compliance; Flexibility; 
Air emissions; Real options; Monte Carlo; Ship design.  

Introduction 

Complying with environmental regulations has become 
an important concern for shipowners today. Air emission 
regulations for sulphur oxides (SOX) and nitrogen oxides 
(NOX) have been enforced by the International Maritime 
Organization (IMO). The regulations are expected to be-
come stricter in the future, but the details of the develop-
ment of the regulations are subject to uncertainty. With 
multiple alternatives for compliance and highly uncertain 
fuel prices, shipowners today face an intricate decision 
problem in choosing the best strategy for compliance. 
Through a stepwise scheme in MARPOL Annex VI, 
IMO has globally regulated SOX and NOX emissions. 
SOX emissions are regulated through limitations on the 
maximum content of sulphur in the fuel. Areas that are 
more sensitive, called Emission Control Areas (ECAs), 
are subject to stricter regulations. As of 2016, the sulphur 
concentration limit is 3.5% globally and 0.1% for ECAs. 
A global 0.5% emission limit of sulphur is scheduled to 
take effect in 2020, depending on a revision in 2018 for 
a possible extension to 2025 subject to issues on fuel 
availability. Sulphur regulations are illustrated in Figure 

1. In addition to the regulations on SOX, IMO also en-
force regulations on NOX. However, in this paper we only 
focus on SOX abatement options. This is because these 
regulations strongly relate to the choice of fuel, which 
represents an interesting decision problem with regard to 
the potential savings and losses the various strategies 
may impose for the shipowner. 

 
Figure 1: Sulphur emission regulations. 

Most of the strategies for compliance analyzed in the lit-
erature, such as by Lindstad, Sandaas, & Strømman 
(2015), are static in the sense that they assume that only 
one abatement option will be used throughout the lifetime 
of a ship. That is, they do not incorporate realistic mana-
gerial flexibility, such as fuel switching, with the aim of 
reducing costs. To the extent that flexibility has been con-
sidered, such as by Acciaro (2014b), it typically related 
to valuing one option, for example the option to defer in-
vestments in LNG retrofit. 
In this paper we take a broader view on the decision prob-
lem that the shipowners face, and assess and compare dif-
ferent strategies for compliance, such as heavy fuel oil 
(HFO) with scrubber, marine gas oil (MGO) and lique-
fied natural gas (LNG). We introduce flexible strategies 
related to switching or retrofitting between proposed 
abatement alternatives. This is in order to include the var-
ious flexibilities that the shipping companies actually 
face today when deciding how to comply with regula-
tions. The option to defer a retrofit investment is also con-
sidered. This option type has lately become more relevant 
in the industry after maritime classification companies 
started offering flexible classification notations, such as 
Gas Ready by DNV GL and Gas Fuelled Readiness by 
Lloyd’s Register. In this paper we aim to illustrate the 



value of this flexibility and compare it to other alterna-
tives for compliance.  

Alternatives for compliance 

Due to the historically low prices of HFO, most ships to-
day use it as the main fuel. However, since HFO will not 
comply with upcoming SOX regulations, different fuel 
types and technologies need to be considered. The most 
relevant alternatives to consider include low sulphur liq-
uid fuels (distillates), LNG and HFO with exhaust gas 
cleaning systems (EGCS) – often called scrubbers.  
If a traditional ship using HFO takes no action when the 
global regulations take effect in 2020/2025, it would have 
to make a fuel switch to distillates with reduced sulphur 
content, for instance MGO. Distillates have traditionally 
been more expensive than HFO (Figure 2), but switching 
would require little costs. An alternative is to switch to 
natural gas, often referred to in the liquid state as LNG, 
in order to eliminate SOX emissions. Although LNG has 
fueled LNG carriers for decades, it is only in recent years 
that the shipping industry has looked to use it as a fuel on 
a more common basis. Due to the low temperature of 
LNG, it requires costly cryogenic equipment, hence 
switching to LNG can be expensive. There are however 
certain problems that need to be resolved before LNG be-
comes a widespread marine fuel, mainly related to avail-
ability.  
Exhaust gas cleaning systems are an alternative technol-
ogy for compliance, which allows for further use of HFO. 
This is done by eliminating sufficient amounts of SOX 
from the exhaust gas. There exist several types of scrub-
bers, but a main division can be made between wet and 
dry scrubbers. Within wet scrubbers, there also exist open 
loop, closed loop, and hybrid (Reynolds, Caughlan, & 
Strong, 2011). All scrubber types comply with the SOX 
regulations. However, open-loop scrubbers will not be 
able to operate in certain areas due to the amount of emis-
sions in the discharge water. This will not be considered 
in detail further in this paper.  

Uncertainties 

There is uncertainty related to the implementation time 
of the global SOX regulations, whether they will be en-
forced in 2020 or 2025 – which is to be decided in 2018. 
This is just one case of the continuous discussions of 
which regulations to be enforced when. For example, 
there was a discussion about the possible postponement 
of the implementation of the NOX Tier III regulation – 
whether it was to be enforced in 2016 or 2021 (Calleya, 
Pawling, & Greig, 2015). This also serves as an illustra-
tion of why ship-owners today are reluctant to be early 
adopters of technology.  
There is significant uncertainty related to fuel prices, as 
illustrated in Figure 2. HFO and MGO have historically 
shown correlated price behavior. LNG has seen a more 
geographically dependent price behavior. There has re-
cently been a collapse of HFO and MGO prices, and the 
price gap between HFO/MGO and LNG has increased – 
rendering the expensive LNG fuel investment less attrac-

tive. When it comes to LNG, there is a current issue re-
lated to the current and future availability of the fuel, 
which may imply costly repositioning.  
 

 
Figure 2: Fuel price history, MBTU = million British Ther-
mal Units (Sources: Clarksons, World Bank, Federal Re-
serve Bank, IMF). 

The part of time a ship spends in emission control areas 
(ECA) is relevant for the choice of abatement option, and 
this may be uncertain due to uncertain operation routes 
and uncertain future expansions of these areas. Addition-
ally, there is uncertainty related to various factors of the 
operation of a ship such as speed and its relation to fuel 
consumption, and emerging technological trends with 
potentially smarter and cheaper alternatives for compli-
ance. These additional factors will not be assessed further 
in this paper. From this discussion it is clear that there are 
numerous strategies for compliance, and shipowners face 
a complex decision problem under uncertainty.  

13 strategies for compliance 

We present and analyze 13 strategies for compliance in 
this paper. Distillates are referred to as MGO. The strat-
egies are summarized in Table 1.  
Strategies 1-3 are inflexible and static, meaning only one 
fuel option can be used. For strategy 1, HFO with scrub-
ber would be relevant in ECA, or always in the case of 
global SOX regulations.  
Strategies 4-8 are flexible, with the common factor that 
they introduce the option to switch between alternative 
fuels. For these alternatives, the flexibility is embedded 
from day one. Strategy 4 is basically the case for ship-
owners today running on HFO – with the possibility to 
also use MGO if necessary. This is often referred to as 
fuel switch, which requires particular engine configura-
tions. More flexible engines that can both run on liquid 
fuels (HFO, MGO) and natural gas (LNG) are often re-
ferred to as dual fuel engines. This would be the system 
configuration for strategy 6, 7 and 8.  
Strategies 9-13 are flexible strategies including retrofit 
options. LNG ready and scrubber ready indicate that the 
ship is “prepared for” a future retrofit for these two sys-
tem components. An important aspect of these retrofit 
options is the extra cost that come with them. This is 
mainly related to additional capital expenses (CAPEX) 



initially for enabling the optionality, and an expensive 
retrofit process at the exercise date. 
 

Table 1: Strategies for compliance – system description, 
multiple crosses yields option to switch, EGCS = scrubber.  

Str. System configuration Retrofit opt. 
HFO MGO EGCS LNG  EGCS LNG 

1 X  X    
2  X     
3    X   
4 X  X      
5 X X X    
6  X  X   
7 X X  X   
8 X X X X   
9 X X    X 
10 X X   X  
11 X X  X X  
12 X X X   X 
13  X X   X X 

 

Methods 

The methodological approach in this paper is based on 
flexibility valuation. Real options analysis (ROA) is the 
traditional approach for valuing flexibility, and applica-
tions has been widely studied in different industries, also 
with regard to dual-fuel systems (Kulatilaka, 1993) and 
for compliance to emission regulations (Herbelot, 1994). 
Real options in the maritime arena was first introduced 
for including managerial flexibility, such as entry, exit, 
lay-up and scrapping for valuing investments under un-
certainty (Dixit & Pindyck, 1994; Dixit, 1988, 1989). A 
good overview of maritime applications of ROA is given 
by Alizadeh & Nomikos (2009). Acciaro (2014a, 2014b) 
uses a real options approach to analyze investments in 
low-sulphur maritime transportation for compliance to 
regulations. 
Several other approaches on reducing maritime air emis-
sions exist in the literature. Corbett & Chapman (2006) 
present a decision framework for considering emission 
control technologies on marine engines. Balland, 
Erikstad, & Fagerholt (2012) consider the selection of air 
emission controls for a vessel using optimization, and 
Balland, Erikstad, Fagerholt, & Wallace (2013) consider 
the reduction of air emissions from vessels when uncer-
tainty is taken into account, using stochastic optimiza-
tion. Patricksson & Balland (2015) present a two-stage 
stochastic optimization model for machinery selection to 
comply with future emission regulations. Lindstad et al. 
(2015) assess cost as a function of abatement options in 
ECAs. An alternative approach, using Markov decision 
processes for analyzing LNG in the face of uncertainty is 
introduced by Kana, Knight, Sypniewski, & Singer 
(2015). A systems engineering approach is presented by 

Gaspar, Balland, Aspen, Ross, & Erikstad (2015), as-
sessing air emissions for uncertain life-cycle scenarios 
with the responsive systems comparison method.  
In this paper we use a systems engineering approach ra-
ther than traditional real option valuation methods, focus-
ing on real “in” options for incorporation of flexibility. In 
contrast to traditional “on” options, “in” options do not 
treat technology as a black box when quantifying flexi-
bility (Wang & de Neufville, 2005). Flexibility in sys-
tems engineering design is covered by de Neufville & 
Scholtes (2011). Improving the performance of offshore 
developments with flexibility is presented by Lin, de 
Weck, de Neufville, & Yue (2013). Flexibility is an ap-
proach for handling uncertainty in engineering systems 
design. In contrast to the more traditional robust ap-
proach, focusing on how much uncertainty a design can 
withstand before failing, flexibility is a pro-active ap-
proach where systems are designed to be able to adapt to 
uncertain changes. Since flexibility potentially can re-
duce downside risks and increase upside exposure, it can 
increase the expected performance of a system. There ex-
ist numerous types of flexibilities that can be imple-
mented into engineering systems. Identifying and under-
standing which flexible alternatives that can be relevant 
to include is therefore a critical concept in system design. 
However, in this paper we have already stated the alter-
native strategies we will analyze (strategies 1 to 13).  
The analysis in this paper is based on Monte Carlo simu-
lation, since this approach provides simple platform for 
modeling realistic system properties and multivariate sto-
chastic processes for the fuel prices. Monte Carlo simu-
lation is used for generating possible scenarios that the 
uncertain parameters can take over time. For each sce-
nario, strategic actions are made depending on the option 
and management strategy. With numerous simulations, 
we can obtain the statistical properties of the strategic 
system performances. In this paper we use expected dis-
counted costs as the performance metric. Another central 
concept that supports the use of simulation and stochastic 
analysis is the flaw of averages (Savage & Markowitz, 
2009). The flaw of averages states that plans based on 
average assumptions are wrong on average for nonlinear 
systems. Not explicitly considering the range of out-
comes that may occur, and the typical nonlinear response 
it results in, may result in an underestimation of risk in 
the face of uncertainty. For example, risk may be under-
estimated when assuming constant fuel prices since they 
can increase more (potentially infinite) than they can fall 
(100%).  

Case Study 

This case study investigates 13 strategies for compliance 
to determine which is the most cost effective for a new-
build case ship described in Table 2.  

Table 2: Case ship details. 

Details Value 
% of time in ECA 70% 
Main engine power 18 000 kW 

 



The simplicity of the model allows for strategy assess-
ment based on a ship’s engine power and part of time in 
emission control areas (ECA). These parameters can be 
changed throughout the analysis, to better understand the 
dynamics of the decision problem. Base case model as-
sumptions are given in Table 3. 

Table 3: Base case model assumptions. 

Details Value 
Discount rate 15% 
Number of  simulations 10 000 
Simulation resolution 1 year 
Ship lifetime 25 years 
Base case SFC* 200 [g/kWh] 
% of MCR** 75% 
Days at sea per year 240 

* SFC – specific fuel consumption.  
** MCR – maximum continuous rating. 

Modelling fuel prices, CAPEX and regulations 

In order to quantify and analyze the discounted costs of 
the alternative strategies, modelling the CAPEX of the 
engines and equipment, and the behavior of the fuel 
prices is central. Commodities are often modelled as sto-
chastic processes assumed the properties of Geometrical 
Brownian motion (GBM), or with some sort of mean re-
version (Dixit & Pindyck, 1994). There are however nu-
merous types of other stochastic processes that poten-
tially can be used. In this case we assume that the fuel 
prices follow correlated GBMs. Results of annual time 
series analysis of historical fuel prices from 1996 to 2016 
(illustrated in Figure 2) are given in Table 4 and Table 5.  

Table 4: Fuel data [$/MBTU*], GBM annualized, HFO 
and MGO in Rotterdam and LNG in Europe. 

 HFO MGO LNG 
Price 2016 3.18 7.00 5.35 
Drift  0.12 0.10 0.08 
Standard deviation 0.47 0.41 0.30 

The multivariate correlated processes are simulated by 
performing a Cholesky decomposition of the covariance 
matrix of the time series to correct the vector of uncorre-
lated samples to include the right correlated properties. 
The correlations of the annual time series are given in Ta-
ble 5, where we can see HFO and MGO have relatively 
high price correlation, while LNG shows more independ-
ent price behavior. 

Table 5: Fuel price correlations, HFO and MGO in Rotter-
dam and LNG in Europe. 

 HFO MGO LNG 
HFO 1 0.92 0.40 
MGO 0.92 1 0.61 
LNG  0.40 0.61 1 

 
Generalized CAPEX estimates as functions of engine 
power are presented in Figure 3. In Figure 3, “engine” 
represents a fuel switch engine being able to use both 

HFO and MGO, while a “dual fuel engine” is able to use 
HFO, MGO and LNG. “LNG equipment” include mainly 
tanks, pipes and cold box. Combinations of these ele-
ments constitute the total CAPEX of various strategies. 
For example, the added cost of LNG would represent the 
difference between “dual fuel engine” and “engine”, in 
addition to the cost of LNG equipment. These estimates 
relate such that the CAPEX of the alternative with LNG 
is about 100% more expensive than the alternative with 
scrubber. 

 
Figure 3: CAPEX estimates as function of engine power. 

The global SOX regulatory uncertainty is modeled such 
that in 20% of the cases it will be enforced in 2020 and 
in 80% of the cases it will be enforced in 2025.  

Flexibility implementation 

The decision rule implemented for the options to switch 
between fuels (strategies 4-8), is assumed to be such that 
the cheapest fuel is used. This valuation approach should 
be sufficient if we assume that there is no cost of switch-
ing. When it comes to the retrofit options included in 
strategies 9-13, we use an optimized decision rule based 
on the immediate cost difference between the alterna-
tives. The optimized decision rule represents exercising 
the American option when the immediate cost difference 
is around 60% - depending on the particular strategy.  
There are multiple ways the real option to retrofit may be 
implemented. In this analysis we assume that the initial 
engine investment for LNG retrofit needs to be a dual fuel 
engine. This results in a higher initial CAPEX. However, 
some engine types can be initially built as traditional die-
sel engines, and retrofitted into a dual fuel engine later. 
In both cases, the whole retrofit would also involve in-
stalling necessary LNG equipment. In the event of retro-
fit, the retrofit costs are assumed to add 30% to the initial 
component costs. The initial cost of being “prepared for” 
is assumed to be $0.5 million, both for scrubber and for 
LNG. Further, the use of a scrubber is assumed to in-
crease the specific fuel consumption by 2%. 

Results 

The results from the analysis of the case ship are given in 
Table 6, including the total initial cost (CAPEX), the ex-
pected present value of the lifecycle costs (EDC) and the 
90 percentile of the costs. EDC includes the CAPEX. 
 



Table 6: Results: CAPEX, expected discounted costs 
(EDC, incl. CAPEX) and 90 percentile discounted costs, 
S=scrubber, R=ready, numbers in million USD. 

Strategy CAPEX EDC 90%ile 
1 HFO-S 11.2 51.2 82.6 
2 MGO 7.0 68.9 124.2 
3 LNG 15.3 53.3 78.7 
4 HFO/MGO 7.0 64.9 118.1 
5 HFO-S/MGO 11.2 51.2 82.6 
6 MGO/LNG 15.3 48.0 68.4 
7 HFO/MGO/LNG 15.3 46.5 66.3 
8 HFO-S/MGO/LNG 19.5 45.2 59.4 
9 HFO/MGO/LNG R 10.3 43.2 64.4 
10 HFO-S R/MGO 7.5 49.8 83.4 
11 HFO-S R/MGO/ LNG 15.8 42.0 56.5 
12 HFO-S /MGO/ LNG R 14.5 39.4 54.6 
13 HFO-S R/MGO/ LNG R 10.8 39.5 57.5 

 
Based on expected discounted cost minimization, strat-
egy 12 is optimal for the case ship. Strategy 12 implies 
immediate installation of a scrubber, in addition to being 
prepared for future LNG retrofit. However, the difference 
in expected discounted costs between strategy 12 and 13 
is insignificant considering the uncertainty in this analy-
sis. Since strategy 13 has lower CAPEX, this would prob-
ably be of more interest for shipowners. 

Sensitivity analyses  

To better understand the dynamics of the problem, and to 
see whether the results are robust, we can perform sensi-
tivity analyses and investigate the dependencies of vari-
ous input factors and combinations of them. 

 Part of time in ECA affects the optimal strategy. If 
the ship is expected to spend less than 70% of the 
time in ECA, strategy 13 is optimal, otherwise is 
strategy 12 optimal. 

 Probability of 2020/2025 global SOX cap does not 
affect the optimal strategy, but it does to some de-
gree affect the individual strategies. 

 The discount rate affects the optimal strategy. For 
discount rates above 27%, strategy 10 is optimal, 
between 15% and 27% strategy 13 is optimal, oth-
erwise strategy 12 is optimal. 

 The size of the main engine affects the optimal strat-
egy. For engines between 5000 kW and 18000 kW 
strategy 13 is optimal, for larger engines strategy 12 
is optimal. 

 
Fuel prices represent the main source of uncertainty in 
this analysis. Figure 4 illustrates the optimal strategy as a 
function of the current LNG price and HFO price. MGO 
is assumed to scale with HFO at a ratio of 2.2, represent-
ing the current price relationship. In this analysis we as-
sume that the current price of LNG in Europe is $5.35 per 
mBTU, $124 per tonne for HFO and $272 per tonne for 
MGO. 

 
Figure 4: Optimal strategy as a function of initial fuel 
prices, MGO scales linearly with HFO (ratio 2.20). 

 

Generalized results 

The two general parameters describing the case ship are 
engine power and part of time in ECA. An analysis of the 
optimal strategy based on these two input variables is 
presented in Figure 5. 

 
Figure 5: Strategy with the lowest expected cost as a func-
tion of part of time in ECA and engine power. 

The discount rate represents an important factor related 
to the time value of money. That is, particularly regarding 
valuing short-term vs. long-term cash flows and the 
tradeoff between increased immediate CAPEX and re-
duced future fuel costs. Figure 6 illustrates the optimal 
strategy as function of the discount rate and engine 
power.  



 
Figure 6: Strategy with lowest expected cost as a function of 
discount rate and engine power. 

 

Newbuild “now or never” analysis 

It is of particular interest to evaluate results for strate-
gies 1-8, disregarding the retrofit options. This is be-
cause there may be risks associated with the postpone-
ment option, such as reduced availability of retrofit 
products and a potentially high opportunity cost of tak-
ing the ship out of service to do the retrofit. Further, the 
optimal retrofit strategy is highly dependent on the deci-
sion rule implemented, which is a simplification of real-
ity. Figure 7 presents the optimal strategy as a function 
of the engine power and part of time in ECA, disregard-
ing the flexible strategies 9-13 involving retrofit op-
tions. 

 
Figure 7: Strategy (1-8 only) with the lowest expected cost 
as a function of part of time in ECA and engine power. 

 

Discussion 

Based on the assumption of expected cost minimization, 
the case ship analysis indicates that strategy 12 is opti-
mal. Strategy 12 implies immediate installation of a 
scrubber, in addition to being prepared for future LNG 
retrofit. This strategy also has a very low downside, indi-
cated by the 90 percentile value. However, the difference 

in expected discounted costs between strategy 12 and 13 
is insignificant considering the uncertainty in this analy-
sis. Since strategy 13 has lower CAPEX, this would prob-
ably be of more interest for shipowners. 
An interesting finding from this analysis is the insignifi-
cance of whether the global cap is to be enforced in 2020 
or 2025. This is because, assuming risk neutrality, the un-
certainty of the other drivers of costs (mainly fuel prices) 
is of much higher importance. Hence, the optimal flexible 
strategies are not affected by the date of the global SOX 
rule. However, since the time in ECA affects the optimal 
results in the model, we cannot rule out the potential im-
pact of future environmental regulations. 
With our model we also aim to investigate the general 
dynamics of the decision problem. In Figure 4 we can see 
the optimal strategy as a function of the current fuel price 
relationship between HFO and LNG. The results indicate 
that the optimal solution is particularly sensitive to the 
fuel price relationship when prices are relatively low – 
that is a HFO price below $250/tonne and LNG price be-
low $6/MBTU. This may indicate that for low fuel prices, 
the relative value of waiting is higher. A drawback of the 
model is that we only model the general fuel prices, and 
not the particular prices and availability that the maritime 
users may see. This is particularly a case for the un-de-
veloped LNG resource. Further, LNG prices are often as-
sumed to be fixed against the HFO price (Lindstad et al., 
2015). This would probably drastically change the results 
of this analysis since the value of flexibility increases 
with uncertainty. Fixing the prices this way changes the 
whole concept of being flexible and adapting to the fu-
ture. Then one can for example consider hedging the fuel 
prices by trading derivatives instead, which serves as a 
more passive approach to handling uncertainty. An inter-
esting extension of this analysis could be to compare 
these two methods for handling fuel price uncertainty. 
When we generalize the analysis with respect to the two 
design variables in Figure 5 and Figure 7, we can see that 
both of these two vessel characteristics affect the optimal 
strategy. Hence, we can conclude on a general basis that 
the optimal compliance strategy at least is dependent on 
the annual fuel consumption and where the ship operates. 
The overall trend however, is that flexibility is of higher 
relative value for ships with larger fuel consumption. 
This is mainly because we assume that fuel costs scale 
linearly with the engine size, while the initial CAPEX has 
decreasing marginal costs due to economies of scale. 
Hence, on a general basis we can say that fuel-switch 
flexibility is more relevant for larger ships. 
The optimal decision depends on the particular risk atti-
tude of the stakeholder. In this analysis we assumed that 
minimization of expected discounted costs would repre-
sent a simple metric for comparison, which also implies 
risk neutrality among stakeholders. Since shipping is a 
volatile business, one may say that shipowners are risk 
seeking. However, shipowners are often also interested 
in reducing short term costs. This would imply that they 
also could be less interested in hedging the long-term ex-
pected value by implementation of costly flexibility 
short-term. Figure 6 can give us an indication of risk at-
titude by looking at the results when varying the discount 



rate. As we can see, a higher discount rate makes the flex-
ible strategies less attractive. This is because higher dis-
count rates imply higher focus on minimizing short-term 
costs, that is mainly the CAPEX. The results in Table 6 
also clearly illustrate the tradeoff between increased ini-
tial CAPEX and reduced downside risk for various strat-
egies. That is, increasing the initial CAPEX to implement 
flexibility can to some degree serve as a hedge against 
uncertain fuel prices through potential fuel diversifica-
tion and deferral of investments.  
In the model, we assume that that there is no particular 
waiting time to retrofit to scrubber or LNG later. How-
ever, this is an issue that may change the optimal timing 
strategy of the retrofit options of strategies 9-13. In Fig-
ure 7, strategies 1-8 are displayed a function of the part 
of time in ECA and engine power. This analysis indicates 
that for large ships that spend much time in ECA, actually 
having both LNG and scrubber (strategy 8) is optimal. 
The sensitivity analyses indicate that the detailed results 
are rather ambiguous, and strongly depend on the various 
input parameters. However, in general we can say that the 
flexible strategies significantly outperform the inflexible 
strategies, demonstrating the importance of actively con-
sidering flexibility at the early stages in design. The value 
of flexibility is particularly dependent on the degree of 
uncertainty in the fuel prices. Due to the high uncertainty 
of maritime fuel prices, we can say that flexible strategies 
are of particular relevance in this business segment.  
There are various model simplifications and assumptions 
in the proposed analysis. CAPEX estimates are greatly 
simplified and assumed only to be dependent on the main 
engine size. LNG tanks for example, are also highly de-
pendent on the time in operation between refueling. Fur-
ther, in this analysis we disregard the scarce availability 
of LNG. As mentioned in the section about uncertainty, 
yearly consumption may vary (maybe from changes in 
speed), and this can have an effect on the optimal strat-
egy. Including this in the analysis would be more relevant 
for specific cases, and not for a general paper like this. 
However, the generalization of the model does enable in-
teresting analyses with regard to the input variables such 
as with the proportion of time with operation in ECA and 
the engine size. 
Risk neutral option valuation was omitted in this analy-
sis, even though this negligence theoretically is wrong. 
Instead, a real discount rate and an optimal decision rule 
were used. An alternative and more correct approach to 
value the American options by simulations is by least-
squares Monte Carlo (LSMC) methods by Longstaff & 
Schwartz (2001). This involves using least squares to es-
timate the conditional expected payoff to the option 
holder for continuation. Enabling such optimal exercises 
would further increase the value of the flexible strategies 
in our model. However, since the flexible strategies al-
ready dominate in performance, the conclusions would 
therefore not be sensitive to this alternative valuation ap-
proach. 

Conclusion 

This paper demonstrates a stochastic approach for as-
sessing various strategies for compliance to sulphur reg-
ulations. The developed simulation model validates that 
Monte Carlo is a practical approach for simulating vari-
ous scenarios of the future and integrating and valuing 
flexible options as system properties. The approach al-
lows us to quantitatively assess different abatement strat-
egies. The results generally indicate that the flexible 
strategies are of significant value, and should be consid-
ered at the early stages in ship design. 

Acknowledgement 

We would like to thank Professor Stein-Erik Fleten and 
Eilif Pedersen at NTNU, Dirk Folchert at Wärtsilä and 
Martin Wold at DNV GL for providing helpful advice 
and guidance. 

References 

Acciaro, M. (2014a). "A real option application to in-
vestment in low-sulphur maritime transport." Inter-
national Journal of Shipping and Transport Logis-
tics.  

Acciaro, M. (2014b). "Real option analysis for environ-
mental compliance: LNG and emission control ar-
eas." Transportation Research Part D: Transport and 
Environment, 28(2014), 41–50.  

Alizadeh, A. H., & Nomikos, N. K. (2009). "Shipping 
Derivatives and Risk Management."  

Balland, O., Erikstad, S. O., & Fagerholt, K. (2012). 
"Optimized selection of air emission controls for 
vessels." Maritime Policy & Management, 39(4), 
387–400.  

Balland, O., Erikstad, S. O., Fagerholt, K., & Wallace, 
S. W. (2013). "Planning vessel air emission regula-
tions compliance under uncertainty." Journal of Ma-
rine Science and Technology, 18(3), 349–357.  

Calleya, J., Pawling, R., & Greig, A. (2015). "Ship im-
pact model for technical assessment and selection of 
Carbon Dioxide Reducing Technologies (CRTs).” 
Ocean Engineering, 97, 82–89.  

Corbett, J. J., & Chapman, D. (2006). "An Environmen-
tal Decision Framework Applied to Marine Engine 
Control Technologies." Journal of the Air & Waste 
Management Association, 56(6), 841–851.  

de Neufville, R., & Scholtes, S. (2011). "Flexibility in 
Engineering Design." The MIT Press. 

Dixit, A. (1988). "Optimal lay-up and scrapping deci-
sions." Unpublished Manuscript (July). 

Dixit, A. (1989). "Entry and Exit Decisions under Un-
certainty." Journal of Political Economy, 97(3), 620.  

Dixit, A., & Pindyck, R. (1994). "Investment under un-
certainty." Princeton University Press. 

Gaspar, H. M., Balland, O., Aspen, D. M., Ross, A. M., 
& Erikstad, S. O. (2015). "Assessing air emissions 
for uncertain lifecycle scenarios via responsive sys-
tems comparison method." Proceedings of the Insti-
tution of Mechanical Engineers, Part M: Journal of 
Engineering for the Maritime Environment, 229(4), 



350–364.  
Herbelot, O. (1994). "Option Valuation of Flexible In-

vestments: The Case of a Scrubber for Coal-Fired 
Power Plant." 

Kana, A. A., Knight, J. T., Sypniewski, M. J., & Singer, 
D. J. (2015). "A Markov Decision Process Frame-
work for Analyzing LNG as Fuel in the Face of Un-
certainty." In International Marine Design Confer-
ence (IMDC).  

Kulatilaka, N. (1993). "The value of flexibility: The 
case of a dual-fuel industrial steam boiler." Financial 
Management, 22(3), 271–280.  

Lin, J., de Weck, O., de Neufville, R., & Yue, H. K. 
(2013). "Enhancing the value of offshore develop-
ments with flexible subsea tiebacks." Journal of Pe-
troleum Science and Engineering, 102, 73–83.  

Lindstad, H., Sandaas, I., & Strømman, A. H. (2015). 
"Assessment of cost as a function of abatement op-
tions in maritime emission control areas." Transpor-

tation Research Part D: Transport and Environment, 
38, 41–48.  

Longstaff, F. A., & Schwartz, E. S. (2001). "Valuing 
American Options by Simulation: A Simple Least-
Squares Approach." Review of Financial Studies, 
14(1), 113–147.  

Patricksson, Ø. S., & Balland, O. (2015). "Machinery 
selection to comply with future sulphur emission 
regulations." Maritime Technology and Engineering, 
787–795. 

Reynolds, K., Caughlan, S., & Strong, R. (2011). "Ex-
haust Gas Cleaning Systems Selection Guide." 

Savage, S. L., & Markowitz, H. M. (2009). "The Flaw 
of Averages: Why We Underestimate Risk in the 
Face of Uncertainty." John Wiley & Sons. 

Wang, T., & de Neufville, R. (2005). "Identification of 
Real Options “ in ” Projects." In 4th annual confer-
ence on systems engineering research. California. 

 



Proceedings of PRADS2016 
4th – 8th September, 2016 

Copenhagen, Denmark 

A design and application of a multi-agent system to support mari-
time logistic executors on emission regulation 

Le SUN, Kazuhiro AOYAMA 
The Department of Systems Innovation, The University of Tokyo, Japan 

Abstract Heading 

This paper proposes a modified multi-agent system (MAS) as a 
solution for logistics system design under policy restrictions. 
This system introduces simple model with business relations 
between consignees and logistic executors to describe the 
logistic process, with which the policy regulations are intro-
duced as an additional part to influence the vessel booking 
decisions. The booking variation forces the vessel owners to 
focus on the emission problems. This model is expected to 
guide eco-application and eco-strategies for both carriers and 
logistics systems. A case study on a Japan- China ocean logis-
tics system applies and verifies the proposed model, offering 
results that will assist companies formulate eco-strategies to 
meet the policy regulation requirements. 
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Introduction 

In the recent years, the environmental issues have 
gained importance and focus by governments all over 
the world. Reducing the greenhouse gas emission (GHG) 
and controlling the emission of carbon dioxide (CO2), 
sulphur oxides (SOX), and nitrogen oxides (NOX) 
through MAEPOL73/78 is so environmentally serious 
that enacting a thoughtful emissions limitation policy is 
becoming a significant social task. By counting the total 
emission amount, merchant vessels, the main carriers in 
maritime logistics, are critical emission sources. Con-
trolling their emissions by certain policy contents is also 
crucial. Some indicators or indexes to reduce the emis-
sions are proposed for vessels on operations and facili-
ties. However these proposals are not well implemented 
for the un-detailed directions, especially the objectives 
and additional investments. 
This study modifies a multi-agent system (MAS) into a 
maritime logistics system in which the policy maker is a 
key actor who imposes an emissions policy on the other 
system actors that influences their activities. As the 
system includes the policy regulation, the simulation 
results can perform the possible effects of the policy 
contents. By analyzing the simulation results, this study 

can offer support for logistic executors to design the 
adjustment plans to meet the requirements of policy 
regulations quantitatively with clear purpose. 

Model Designing

Firstly a model is defined to describe the problem. We 
use two steps to construct the model. The effective poli-
cy regulation works on the basic maritime logistic 
model with well-founded mechanisms. In the first step 
we will define the logistic model for the maritime trans-
portation process. Then in the second step we will intro-
duce the policy regulation into the basic model. 

The Basic Logistic Model 

The maritime logistic network is a combination of com-
plicated problems. The emission amount of the vessels 
in the logistic network can be easily influenced by any 
tiny properties and parameters changes. For instances, 
the porting time, loading time, the weather and hydrolo-
gy conditions will all be related with the actual sailing 
conditions, which also relates to the emission amount. 
In the present research stage, we will not go deep into 
these detail problems. We will firstly use a simple 
model to describe the basic logistic process. 
In this basic model, the maritime logistic process is 
simplified into two processes, and the business proposi-
tion is decided as the main relation to connect these two 
processes. The two roles in the processes are consignees 
and vessel owners, which are actually expressed as 
containers and vessels. The two processes are containers 
book vessels and vessels finish the transportation re-
quirements. The simplified process is performed as the 
figure 1. 

 
Fig. 1: The Basic Logistic Model 

The containers own the following parameters:  
Origin Port, Destination Port, Lead-Time, Expected 
Arrival Time 
The vessels own the following parameters:  



Route, Schedule, Deadweight, Capacity, Maximum 
Speed 
We use the uniform distribution to generate the parame-
ters of the containers, in order to ensure that there will 
be transportation behaviors between any ports on every-
day in even chances. This mechanism also ensures that 
the vessels in the same route and schedule will have the 
equal competition chances. The trading amount among 
ports comes from the maritime logistic annual report. 
During the booking process, the containers will select 
and book vessels by three principles of transportation 
route, vessel capacity and transportation cost. In the 
actual situations, most of the vessel capacities are re-
dundant, the transportation cost becomes the main book-
ing principle. 
In the present model, the booking cost diversity is per-
formed by time-value lost. As defined, the containers 
own the expected arrival time. In the present topic, we 
choose the regular vessels as the objects. The regular 
vessels sail in determined schedules and routes, com-
pared with the irregular vessels pulled by orders the 
unreasonable arranged regular vessels will generate over 
emission more easily. The regular vessels will not 
change their schedules to meet the requirements of con-
tainers, so the diversities of expected arrival time and 
the actual arrival time exist. When the containers arrive 
earlier than the expected arrival time, we will assume 
that the freights in the containers should be stored in the 
warehouses before putting in the market at the best time 
point. So the storage cost, which is positive correlated 

with storage time, should be paid as an additional part 
of the booking cost. When the containers arrive later 
than the expected arrival time, we will assume that the 
freights in the containers miss the best time point to be 
put in the market. The freights will lose a part of value, 
which will also be considered as an additional part of 
the booking cost. This value loss follows a time-value 
curve (Shigeru Iyama). For a certain batch of freights, 
when many vessels with the same routes exist, the 
freights will compare and decide the least value loss 
caused by the arrival time diversities. We use the figure 
2 to perform the mechanism. 
In the figure 2, in the same transportation conditions, 
when the time value loss is not considered, the freights 
will not book a suitable vessel, especially for the study. 
When the time value loss is introduced, the freights will 
book the vessel with the least cost. This economic prin-
ciple will not only help us to construct the basic logistic 
model, but also can help us to introduce the policy regu-
lation into the model. 

The Logistic Model with Policy Regulation 

In the last part, we decide two roles (containers and 
vessels) and two processes (booking process and trans-
portation process). We use the business proposition as 
the basic relation to construct the basic logistic model. 
In this part, we also use the business proposition as the 
basic relation to introduce the policy regulation to be-
come effective on the maritime logistic process. And we 
use the figure 3 to perform the process with policy regu-
lations.  

 
Fig. 2: The Mechanism of The Value Loss 

 
Fig. 3: The Logistic Model with Policy Regulations 



In this part, firstly we need to count the vessel emission 
amount quantitatively, and also convert the emission 
amount to penalty quantitatively to regulate the trans-
portation behaviors. 
We firstly discuss how to count the emission amount 
quantitatively during the sailing process. According to 
Mr. Suziki’s (Takeshi Suzuki) research, the vessel emis-
sion amount generally follows a formula, related with 
the vessel weights and vessel speed. According to this 
formula, we can count the emission amount of all the 
vessels on all the routes quantitatively. 

Emission =
1.02 ⋅DW +1660
(1.37 ⋅DW +1660)1/3

⋅2.99 ⋅10−3 ⋅6.87 ⋅10−5 ⋅PortDis tance ⋅V 2
 (1) 

In this equation, there are three variables to influence 
the vessel emission amount. The DW is short for vessel 
deadweight. The port distance means the route distance 
between two ports. The V is short for sailing speed on 
the route between two determined ports, the same as the 
determined variable of port distance. 
Then we discuss how to convert the emission amount to 
the penalty. About this problem, we decide to use the 
basic method that quota with over penalty. 
Firstly we define the emission quota. By observing the 
emission formula, we may find that the emission 
amount relates to the parameters of vessel deadweight 
and sailing speed. For a certain determined vessel, the 
weight parameter can be considered as a constant, so the 
changes of emission amount actually relates to the ves-
sel changes. In this research, as the policy maker to 
define emission quota, a standard speed is defined. We 
can imagine that the emission amount of one vessel 
sailing in the standard speed is just the quota defined by 
the policy maker. When the vessel sails in lower speed 
than the standard speed, the emission can be considered 
as amount within the quota. When the vessel sails in 
higher speed than the standard speed, the over emission 
amount will be punished. 
About the penalty mechanism, we define as the follow-
ing contents. As we know, in the actual situations, the 
penalty will always be set up in many levels for strongly 
enough intensity, in order to attract the attentions of 
logistic executors. In the present model, we also simpli-
fy this mechanism. We only define two levels. The first 
level is low. The low level express that the policy maker 
approbates the reasonable emission amount, however 
the logistic executors still need to pay for emission as 
their responsibility. The second level is high, which 
expresses the punishment of the over emission. We use 
the example in the figure 4 to explain this mechanism. 

In the example of the figure 4, we firstly arrange the 
standard speed and two levels of penalty tax rate. As 
defined, with this standard speed, the vessel has the 
emission quota of 13 ton in every piece of route. When 
the vessel sails from port A to port B, the necessary 
speed is 8 knots, and the vessel generates 10 tons. This 
part is within the quota, and the vessel pays the emis-
sion penalty in the first level. When the vessel sails 
from port B to port C, the necessary speed is 13 knots, 
which is higher than the standard speed, and the vessel 
generates 15 tons. The vessel owner should pay the 13 
tons of the total 15 tons emission in the first low level, 
and pay the rest 2 tons in the second high level. In the 
route from part B to part C, the vessel should pay very 
high emission cost. 
The example in the figure 4 explains how to convert the 
emission amount to the economic penalties. In the pre-
sent model, similar as the time value loss, this part of 
penalty will also be considered as an additional part of 
the transportation cost. The vessel with large emission 
amount should pay higher penalty, and the vessel with 
low emission amount will pay lower penalty. The emis-
sion penalties also influence the booking decisions in 
the similar form as the time value loss. Because of the 
emission penalty, the transportation and business condi-
tions will change. Especially the business conditions 
will force the vessel to focus on their emission amount. 
The figure 5 gives an example. 
In the actual situation, the policy maker generally de-
fines the total quota for logistic executors. Strictly 
speaking, in the present model, the policy regulation 
equals to define emission quota for every vessel in eve-
ry route pieces. In the current mechanism, we hope the 
vessels in the same route compete to focus on emission 
amount and to make adjustments, so we think the cur-
rent mechanism is necessary. 
Till now, we designed a model with the transportation 
and regulation functions. In this model, the emission 
mount is converted to penalty quantitatively and linked 
with the booking cost. The containers choose the cheap-
est vessel. We use this mechanism to perform the busi-
ness influences from policy regulation to the logistic 
executors. 
The purpose of this model and mechanism is to perform 
the effects and results of policy regulation, and to sup-
port the logistic executors on improvements and ad-
justments. We may imagine when the policy contents 
are implemented; the logistic executors will carry out 
some methods to meet the requirements to reduce the 
influences of penalty. In addition, the policy regulation 

 
Fig. 4: The Example of Penalty Mechanism 



will perform the actual effects together with the im-
provement methods of logistic executors. So we also 
need to design the improvement and adjustment meth-
ods for vessels. 

Here, we also design a simple method for vessels to 
change and reduce emission amount. We simply assume 
that the logistic executors reduce emission amount by 
improving the sailing operation method. We explain the 
reasons of choosing this method. The improved sailing 
operation has the following features, suitable for all 
vessels, easy to implement, requiring no pre-defined 
targets and addition cost limitation. Compared with 
other methods, improving sailing operation prevents 
some problems caused by unsuitable pre-defined pa-
rameters. According to the emission formula, we know 
that for a determined vessel the main parameter related 
with emission amount is the sailing speed. So vessels 
may change their sailing speed to reduce the emission 
amount. We use the simplest method. We allow the 
vessels to quit from the prior routes and test to enter 
other existed routes as the new decision, which may 
bring lower emission amount and higher revenue. The 
figure 6 shows the mechanism. 

 
Fig. 6: Mechanism of The Adjustment Method 

As the mechanism in the figure 5, every time a vessel is 
picked out randomly, and the vessel is allowed to test all 
the available existed routes and schedules, until the 
vessel may find a route or schedule, which can provide 
the highest revenue and lead to the lowest emission 
amount. When one vessel finishes this process, the next 
vessel will be randomly picked out and repeat this pro-
cess, until all the vessels finish this process. We believe 
in the simulation only once adjustment, the vessel busi-
ness situation cannot easily achieve the expectation of 
logistic executors. In the simulation process, we will 
make the vessels to adjust many times, until the simula-

tion result goes to a convergence status. Meanwhile this 
status will also show the actual effects of the policy 
regulation. 
In this part, we introduced the policy regulation and the 

adjustment methods into the basic logistic model and 
finished defining the entire model. Based on this model, 
we constructed a simulation system together with simu-
lation results. We will use the simulation results and 
data to discuss on this research topic. 

Case Study 

In the last part, to solve the problem, a model is defined. 
This model simply connects the roles by the business 
propositions, by which also introduces the policy regu-
lations. For the research purpose, we also designed 
simple methods for vessels to improve their sailing 
operations, in order to perform the actual policy effects 
and support the logistic executors to face the policy 
regulations. A simulation system is constructed to verify 
the model and to study the research topic. 
In this part, we will use case studies to perform and 
explain our research. We prepare two cases. In the first 
case, we will show the simulation results in long periods 
with policy regulation. In the second case, we will select 
some vessels from the simulation results to discuss the 
plans to face the policy regulations. 

Case 1: Policy Effects and Convergence Status 

Firstly we need a case to verify and perform the actual 
effects of this model. In this case, we will perform two 
contents. The first content is the policy regulation and 
the adjustment mechanism become effective actually. 
The second content is the simulation results after long 
simulation periods. We hope the entire system will 
show a convergence status. From the viewpoint of poli-
cy maker, this status shows the actual effects of the 
policy regulation. From the viewpoint of logistic execu-
tors, this status is also the possible target to adjust to 
achieve. In this case we make the following settings 
(Ocean Commerce Ltd 2011). 
Policy Contents 

 
Fig. 5: The Emission Penalty Influences Decisions 



Standard Speed: 14.5 knots; Tax Rate 1: 1000 yen/ton; 
Tax Rate 2: 3000 yen/ton 
Vessel Information 
49 Vessels, 39 Routes and Schedules 
Port Information 
China Ports: Shanghai, Qingdao, Lianyungang and 
Ningbo 
Japan Ports: Tokyo, Yokohama, Nagoya, Osaka, Kobe, 
Moji and Hakata 
We define one month as a periods, and in every period 
only one vessel is allowed to adjust. When one vessel 
finishes adjustment, the vessel is marked by system. 
Until all the vessels are marked, one simulation cycle 
finishes. Then all the marks are removed, and a new 
cycle can start. We use a trend to perform the simulation 
results, and the trend shows the total emission amount 
changes of every period. The figure 7 shows this trend. 

 
Fig. 7: The Trend of the Total Emission Amount 

The figure 6 performs the total emission amount chang-
es of all the vessels in the entire simulation process, 
with the policy regulation. Seeing from the results of 
every period, the total emission amount of vessels 
changes. The changes show that in the simulation pro-
cess, influenced by both the policy regulation and the 
decision of containers, the vessels will make related 
adjustments to improve. The simulation results firstly 
prove that the model and the mechanism generally work 
as expected. Then seeing from the results in multiple 
periods, the total emission amount of vessels reduces, 
and the trend goes to convergence status, which also 
perform the actual long periods policy effects. With the 
simulation results, we will discuss how to actually sup-
port the logistic executors to adjust their operation status 
under the policy regulations. 

Case 2: Vessel Classification and Improvements 

In the last case, we use the total results trend proves two 
things. The first thing is the model and mechanism can 
achieve the purpose as we expected. The second thing is 
the policy effects can go to a convergence status. In this 
status, the policy may perform the actual effects, which 
is also important for us to define the actual adjustment 
methods for logistic executors. 
There are gaps between the actual situations and the 
model mechanisms. For the policy maker, the changes 
trend is meaningful, especially to prove the existence of 
the long periods of convergence status. For the logistic 
executors, they do not like and expect too many chang-
ing number of times, although the changings can lead to 
stable conditions. More importantly, in the actual mari-
time logistic process, vessels are hardly to change or 
even adjust their routes or schedules. In the present 
model, we use the method of changing routes and 

schedule is to prevent the unsuitable pre-defined ad-
justment target and additional costs. In this case, we will 
discuss how to use the simulation results to solve the 
problem in the actual situations. 
In this case, we select seven vessels from the results in 
the last case, and we will perform the transportation 
amount changes of these seven vessels.  
We will firstly explain the reason why the transportation 
amount changes. In the present research, we expected to 
introduce the policy regulations to make the logistic 
executors understand the possible influences. Mean-
while, we design a plan for the logistic executors to face 
the regulations and to meet requirements, in order to 
control emission amount and penalties.  
We start the simulation by introducing the policy regu-
lations. The regulations cause emission penalties, which 
make the vessels in similar routes and schedules require 
different transportation cost and price. The differences 
of price force the order makers to book cheaper vessels. 
The vessels with smaller emission amount will be much 
easier to obtain the order sheets. That is the reason why 
the policy regulations will cause the differences of the 
transportation amount among vessels. We explained this 
mechanism in the figure 5. When we designed the mod-
el, we defined a simple adjustment measurement for the 
vessels. The vessels may try and change their routes and 
schedules for many times to find a way to reduce their 
emission amount and get their competitiveness back. 
We also explained this mechanism in the figure 6. When 
the simulation goes into the convergence status, the 
results mean that all the vessels finished the adjustment 
and had no better decisions. With the adjustment, ves-
sels change or reduce their emission amount, as well as 
their transportation amount. Then we can compare the 
transportation amount between status in the beginning 
and the end of the simulation. By the differences, we 
may understand the effects of the adjustment measure-
ments. The effects may help us to design the practical 
available adjustment measurements. 
We just compare the results changes in the first period 
and the last period. The first period means when the 
simulation starts, which is in blue bars. The last period 
mean the end of the simulation, which is in red bars. 
The figure 8 shows the results. 

 
Fig. 8: Vessel Transportation Amount Changes 

By comparing the length of blue bars and red bars. The 
seven vessels are clearly classified into three types. We 
use different color boxes to distinguish them. 
Vessels in the green box:



In the green box, the transportation amount of the ves-
sels does not change too much, or even does not change. 
The results mean these vessels generate lower emission 
amount than most of the vessels, which also means 
lower transportation price than most of the vessels. 
They always own competitiveness among vessels in the 
same routes. 
Vessels in the orange box: 
In the orange box, the transportation amount of the 
vessels changes greatly. The results mean the adjust-
ment measurements are effective to reduce their emis-
sion amount and transportation price. These vessels may 
own competitiveness back among many vessels in the 
same routes after improvements. 
Vessels in the red box: 
In the red box, the transportation amount of the vessels 
does not change too much. However, differently from 
the vessels in the green box, these vessels cannot reduce 
their emission amount and transportation price by 
changing routes and schedules and get orders back. 
After the vessel classification, we can discuss the prac-
tical solutions in the actual situations. 
Vessels in the green box: 
The simulation results mean that the vessels in the green 
box do not need to make too many additional improve-
ments to achieve the purpose of policy regulations. 
Vessels in the orange box: 
The simulation results show that these vessels may 
achieve the purpose of policy regulation by carrying out 
improvement methods, further more these vessels are 
the main objects to carry out the improvement methods. 
As we said, the simulation results also perform the 
emission amount level, which the vessels should be 
regulated to, when the purpose of the policy content 
achieves. We firstly choose the simple methods, be-
cause we cannot determine a target well at the very 
beginning. Now by this step, the simulation results can 
be considered as the actual improving target for a de-
termined vessel. 
We use a formula to count the emission amount of ves-
sels. If compared with the simulation results, the simula-
tion result in the final period equals to the result in the 
first period multiplied with a coefficient shown as the 
following formula. The coefficient is smaller than 1. We 
name the coefficient as improving efficiency. 

Emission =
1.02 ⋅DW +1660
(1.37 ⋅DW +1660)1/3

⋅2.99 ⋅10−3 ⋅6.87 ⋅10−5 ⋅PortDis tance ⋅V 2 ⋅α
(2) 

In this equation, the DW is short for the deadweight of 
vessels. The port distance means the distance between 
two determined ports. The V is short for sailing speed, 
by which the vessel will sail in the distance between the 
determined two ports. The α is the improving coeffi-
cient smaller than 1. The coefficient means the vessels 
have improved their efficiency, by which they can sail 
with same capacity and in same speed, but lower emis-
sion amount during the transportation process. 
The logistic executors may reduce the emission amount 
in many different ways to change their improving effi-

ciency coefficient, such as improving the operation 
methods or changing facilities. We think that a curve 
exists to describe the relation between the efficiency 
coefficient and the improving cost. In the current stage, 
we only give a schematic curve in the figure 9. Depend-
ing on this curve, the vessel owner or logistic executor 
may decide acceptable cost to achieve related efficiency, 
in order to close in the target of the policy regulation. 

 
Fig. 9: The Efficiency and Cost Curve 

Vessels in the red box: 
These results show that this kind of vessels always gen-
erate higher emission amount than other vessels in the 
same route, and till the end they still cannot own com-
petitiveness by any improving methods. This type of 
vessels is also the necessary object to adjust. However 
compared with the vessels in the orange box, they can-
not own orders and containers in the entire simulation 
process, so we cannot obtain the improving target by 
simulation. For this type of vessels, we temporarily 
consider the following solution. Similar as the vessels in 
the orange box, this type of vessels also needs to check 
the efficiency-cost curve and select an acceptable cost to 
achieve a certain improving efficiency. Then the im-
proved vessel should be substituted back into the simu-
lation system for one new time of simulation to check if 
the selected efficiency can actually help the vessel to 
obtain the expected competitiveness. When the im-
provement is achieved in the range of acceptable cost, 
we may think this proposal works. If not, the vessel 
owner should consider other methods, even quit from 
the current area. 

Conclusions and Future Work 

In this research, we discussed a problem that how to 
support the logistic executors to face the regulation of 
environmental policy. Firstly we defined a maritime 
logistic model, driven by the business propositions. In 
this model, the freights decide and book vessels by the 
main principle of the cheapest cost. Then we convert the 
emission amount into economic penalty quantitatively, 
and as an additional part of the booking cost. We use 
this mechanism to influence the decisions of containers, 
in order to force the logistic executors to focus on their 
emission amount and to make improvements. Based on 
this mechanism, with the simulation system, we acquire 
a group of possible effects of a certain policy. By ob-
serving the simulation results, the vessels are classified. 
For different type of vessels, we discussed different 
practical methods for them to achieve the policy pur-
pose, also to fill the gap between simulation and the 
actual situations. We use this research to support the 



logistic executors to face the requirements of policy 
regulations. 
Till now, this research is still in the beginning stage. 
During model defining stage, we made a lot of simplifi-
cations, such as the description of logistic process and 
the initial improving method. In the analysis stage, we 
also need more deeply study, such as more detailed 
classification methods and practical improving methods. 
In the future research, we will make further and deeper 
study on these problems to make the research and re-
sults more accurate and practical. 
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Abstract 

This paper presents the development of a novel Machinery Risk 
and Reliability Assessment (MRA) methodology for ship ma-
chinery and equipment as well as a user friendly MRA Decision 
Support System (DSS). The above have been developed as part 
of INCASS (Inspection Capabilities for Enhanced Ship Safety) 
project which brings innovative solutions to the ship inspection 
regime by integrating among others robotic-automated plat-
forms for on-line or on-demand ship inspection activities and 
using software and hardware tools that can implement and fa-
cilitate specific inspection tasks and provide input to a Decision 
Support System (DSS). Enhanced inspection of ships includes 
ship machinery monitoring with real time information using 
‘intelligent’ sensors and incorporating machinery risk analysis, 
using in-house machinery computational tools. Condition 
based inspection tools and methodologies, reliability and criti-
cality based maintenance are also introduced. An enhanced lo-
cal database handles ship machinery data. The development 
and implementation of the INCASS system is shown in the case 
of ship machinery systems. In this way the validation and testing 
of the INCASS framework is achieved in realistic operational 
conditions. 

Keywords

Ship safety; machinery; condition monitoring; real-time 
data; prediction; decision making 

Introduction

Recent research shows that competition in maritime mar-
ket develops more compound and pretentious structure 
affected by parameters as time, economical restraints, 
technology and innovation, quality, reliability and infor-
mation management. In relation to successful business 
competence, strategic planning should be enhanced con-
sidering assets availability, involving maintenance and 
reliability operational aspects. The latest technology con-
trolling these parameters is focused on monitoring the 
condition of main and auxiliary machinery. 
The INCASS (Inspection Capabilities for Enhanced Ship 
Safety) FP7 EU funded research project aims to tackle 
the issue of ship inspection, identification of high-risk 

ships, providing access to information related to ship sur-
veys and incorporate enhanced and harmonized coopera-
tion of maritime stakeholders in order to avoid ship acci-
dents, promote maritime safety and protect the environ-
ment. 
This paper aims to present the development of a Machin-
ery Risk and Reliability Assessment (MRA) methodol-
ogy for ship machinery and equipment as well as the 
MRA Decision Support System (DSS). The innovation 
of MRA methodology is oriented towards the compo-
nents’ failure and state interdependencies providing a ho-
listic view of systems’ reliability performance. Further-
more, MRA takes into account the system’s dynamic 
state change, involving failure rate variation within time. 
In order to approach and simulate realistically this dy-
namic condition monitoring control, a dynamic monitor-
ing model is introduced. The presented methodology in-
volves the generation of Markov Chain arrangement in-
tegrated with the advantages of Bayesian Belief Net-
works (BBNs). 
All progress and methodology development takes place 
using Object Oriented Programming (OOP) environment 
in Java language. Additionally, the MRA DSS tool is de-
veloped and introduced. This tool utilizes the MRA re-
sults by integrating historical data and expert judgment in 
order to assist the ship machinery inspection and mainte-
nance. Moreover, user-friendly Graphical User Interface 
(GUI) is developed by involving useful DSS aspects for 
onboard risk and reliability control. Lastly, INCASS pro-
ject developed a measurement campaign, where real time 
sensor data is recorded onboard a tanker, bulk carrier and 
container ship. The gathered data will be utilized for 
MRA DSS tool validation. The entire MRA DSS tool is 
demonstrated in this paper through a case study by em-
ploying actual data. 
Hence, this paper is structured in 4 sections. First of all, 
Section 1 introduces the paper’s scope and motivation of 
research. Section 2 refers to the research background 
which involves the exploration of Condition Based 
Maintenance (CBM) methodology and well known Con-
dition Monitoring (CM) technologies and tools. In Sec-
tion 3 the suggested Machinery Risk Assessment (MRA) 
methodology is presented by demonstrating a case study, 



the performed results, the MRA DSS. Section 4 con-
cludes with the discussions and future work for the MRA 
development. 

Literature Review 

This section demonstrates the latest research back-
ground with regards to maintenance control and human 
error and Condition Based Maintenance (CBM) method-
ology. Moreover, this section presents the latest Condi-
tion Monitoring (CM) technologies and the tools. 

Human Error and Maintenance Control 

Automated inspection and maintenance methodologies 
are developed aiming to achieve higher level of availa-
bility and reliability by reducing operational costs and 
risk of damage due to human error. A literature review 
by Dhillon and Liu (2006) focusing on human error im-
pact on applications of maintenance highlights that a 
large amount of human errors take place during inspec-
tion and maintenance operations. In shipping industry, 
maintenance structure is transformed from budget gain 
perspective to investment for continuous and reliable as-
set service. However, from operational viewpoint, 
maintenance is restructured from reactive to proactive ac-
tions, involving more control and information of the con-
sidered machinery or system (Dikis et al., 2015b). 
In this respect, an integrated systemic model incorporat-
ing human reliability model with CBM optimization is 
presented by Asadzadeh and Azadeh (2014). On the other 
hand, Noroozi et al. (2013) demonstrate the key role of 
human error in risk analysis by developing an application 
to pre-and post-pump maintenance operations. The most 
recent research presents the tendency to control human 
error in inspection and maintenance procedures. Moreo-
ver, considering human error scenarios for specific occa-
sions develops Probabilistic Risk Assessment (PRA) 
models. Thus, the need for computerized CM methodol-
ogies appears, which will tend to minimize unnecessary 
human’s involvement during acceptable operational ma-
chinery conditions. 

Condition Based Maintenance (CBM) 

Maintenance methodologies can be identified as mainte-
nance policies indicating the entire business’s profile. 
These methodologies set the corporate orientation with 
respect to the applied maintenance strategy and opera-
tions. Different methodologies are introduced in the liter-
ature (Mobley et al., 2008). Research presents integration 
of methodologies and policies, allowing the utilization of 
flexible frameworks. CBM is the latest and under contin-
uous development methodology. The scope of CBM is to 
detect the upcoming failures before even taking place, 
aiming to enhance machine’s availability, reliability, ef-
ficiency and safety, by reducing maintenance costs 
through controlled spare part inventories (Mechefske, 
2005). On the industrial aspect, SKF (2012) states that 
CBM aims at understanding of risks and predetermina-
tion of strategic actions, leading to reliability and opera-
tional cost reduction. 
On the other hand, Lazakis et al. (2010) present a predic-

tive maintenance strategy utilizing Failure Modes, Ef-
fects and Criticality Analysis (FMECA) and Fault Tree 
Analysis (FTA). The model upgrades the existing ship 
maintenance regime to an overall strategy including tech-
nological advances and Decision Support System (DSS) 
by combining existing ship operational and maintenance 
tasks with the advances stemming from new applied tech-
niques. On the other hand, Lazakis and Olcer (2015) in-
troduce a novel Reliability and Criticality Based Mainte-
nance (RCBM) strategy by utilizing a fuzzy multiple at-
tributive group decision-making technique, which is fur-
ther enhanced with the employment of Analytical Hier-
archy Process (AHP). The outcome of this study indi-
cates that preventive maintenance is still the preferred 
maintenance approach by ship operators, closely fol-
lowed by predictive maintenance; hence, avoiding the 
ship corrective maintenance framework and increasing 
overall ship reliability and availability. In order to layout 
CBM and the processes that consists of; Tsang et al. 
(2006) suggest a data structure leading to decision analy-
sis according to machinery’s condition, proposing a 
method for data-driven CBM. 

Condition Monitoring (CM) Technologies 

CM technology is applied through various tools. These 
tools record and evaluate measurable parameters such as 
vibration monitoring, acoustic and ultrasonic monitoring, 
thermography and oil analysis. CM is identified in phases 
between data acquisition, signal preprocessing and fea-
ture extraction, signal analysis and fault detection, lead-
ing to decision-making and failure prognostics 
(Delvecchio, 2012). This section is focused on the first 
phase of data acquisition. This phase involves the input 
data record such as displacement, velocity, acceleration, 
temperature, sound signal and oil analysis parameters. 
Vibration monitoring is the most known technique. It of-
fers early indication of machinery malfunctions by in-
volving rotational speed, loading frequency, environ-
mental conditions and material state parameters. These 
parameters are measured by employing different types of 
sensors such as; non-contact displacement transducers; 
velocity transducers and accelerometers (Dikis et al., 
2015a). On the other hand, thermography is a tool, which 
is applicable to both electrical and mechanical equip-
ment, and is deployed to identify hot and cold spots 
providing early signs of equipment failure. As claimed by 
Bagavathiappan et al. (2013), Infrared Thermography 
(IRT) is one of the most accepted CM tools. Due to the 
non-contact function is suitable for detecting structural, 
machinery, electrical and material malfunctions. Ther-
mography requires thermal cameras and thermocouples 
for recording temperature of machinery, electrical and 
electronic installations. 

Risk and Reliability Analysis Methods 

Risk and reliability analysis methods assess various fail-
ure case scenarios of deteriorating systems and their con-
tributing subsystems and components. Literature pre-
sents various failure and risk analysis methods, where the 
majority of approaches visualize failure occurrence as in-
dependent event for each considered component of a sys-
tem. The analysis tools examine risk of failure by taking 



into account quantitative and qualitative aspects. These 
tools can be summarized as Event Tree Analysis (ETA), 
Fault Tree Analysis (FTA), Dynamic FTA (DFTA) tak-
ing into account time dependence, Failure Mode and Ef-
fect Analysis (FMEA) and Failure Mode Effect and Crit-
icality Analysis (FMECA), Markov Analysis (MA) and 
Bayes’ Theorem presenting the Bayesian Belief Net-
works (BBNs). The latter one examines the reliability 
performance on system, subsystem and components lev-
els by considering functional interdependencies among 
them. This key feature of BBN is significant and innova-
tive, compared to the remaining methods, as it allows the 
simulation of functions and operations on actual model-
ling environment. The BBN is defined as probabilistic 
graphical model involving conditional dependencies ar-
ranged into Directed Acyclic Graphs (DAG) and it is ex-
pressed as presented in Equation 1 (Dikis et al., 2014). 

(1)

Where P(A) and P(B) are the probabilities of events A 
and B, while A given B and B given A are conditional 
probabilities (* stands for multiplication). Furthermore, 
innovative features of BBNs involve the utilization of de-
cision making and cost functions. 

Suggested MRA Methodology 

In this section, the MRA methodology is demonstrated 
targeting to be applied on critical ship machinery and 
equipment of various ship types (INCASS, 2014a, 
2014b). Motivation is based on the fact that researchers’ 
and market’s tendency involves the holistic consideration 
of operational and failure interdependencies among mul-
tiple components within the same or different system. 
The MRA input data flow consists of three stages; the 
data acquisition and processing, the reliability model and 
the Decision Support System (DSS). 

Fig. 1: Machinery Risk Analysis (MRA) Process Flow 

All processing, MRA functions and DSS features are de-
veloped in Java Object Oriented Programming (OOP) 
language. Java is chosen as it is cross platform and allows 
ease of use and compatibility among different Operating 
Systems (OS) such as Windows, Macintosh or Linux dis-
tributors. Fig. 1 demonstrates the Machinery Risk/Relia-
bility Assessment (MRA) methodology with respect to 
the process flow. On the first stage, the data acquisition 
and processing is considered by involving the raw data 
collection, mining and the safety thresholds. The input 
data is classified into the database on system, subsystem 

and component levels. The input data types are consid-
ered as historical, expert and real time monitoring data 
(sensor raw input). Historical input data involves past 
failures and records. On the other hand, expert in-
put/judgement takes into account comments, reports and 
knowledge from ship crew. Real time sensor input con-
sists of raw (unprocessed) physical measurements such 
as temperature, pressure and vibration recorded by utiliz-
ing various measurements from the control room of the 
Engine Room (E/R) and multiple data acquisition tools. 
All gained information is stored in a database and trans-
mitted in the various methodology stages utilizing ‘text’ 
(.txt) files. This format file is selected as files are small 
in size and can be easily and inexpensively transferred 
from the onboard to the onshore environment (INCASS, 
2015). 
The following phase involves the real monitoring 
data/signal processing (i.e. recorded raw data mining). 
This is a critical and innovative phase, where real time 
input data such as physical measurements are trans-
formed to reliability input. This input data type transfor-
mation from physical measurements to probabilistic indi-
ces is achieved by employing data clustering analysis and 
approaches such as k-means, c-means and hierarchical 
clustering (Jain and Dubes, 1988), (Jain et al., 1999), 
(Hand et al., 2001). On the other hand, literature demon-
strates alternative probabilistic model approaches by uti-
lizing mixture models such as Gaussian Mixture Model 
(GMM) (Theodoridis, 2015). The selection of data clus-
tering analysis and mixture model is identified with re-
spect to the features and form of the collected datasets. 
The following process of the MRA methodology em-
ploys the physical measurements’ thresholds. In other 
words, the safety indices are considered by setting the ac-
ceptable operational levels. These safety levels identify 
the acceptable and warning limits of the physical meas-
urements that the system should function. The safety in-
dices are classified according to manufacturers’ manuals, 
Classification Societies’ standards or ship owners’ and 
operators’ requirements. Furthermore, the integration of 
the data clustering analysis with the identification of the 
safety thresholds introduces the probability of occurrence 
the observed (recorded) input data to perform within the 
acceptable functional levels. This probabilistic measure 
in percentage generates the input for the following risk 
and reliability tool. 
The data clustering approach of k-means aims to partition 
the n observations into k( n) sets S = {S1, S2, …, Sk} so as 
to minimize the Within-Cluster Sum of Squares (WCSS) 
(sum of distance functions of each point in the cluster to 
the K center). A recorded dataset (raw data collection) 
(x1, x2, …, xn) is observed, where each observation is a d-
dimensional real vector. Hence, k-means data clustering 
model scope is to find (Theodoridis, 2015): 

(2) 

where i is the mean of points in Si (Equation 2). 
K-means data clustering approach is selected as it is suit-
able for large number of variables. K-means is one of the 



simplest algorithms which uses unsupervised learning 
method to solve known clustering issues. Moreover, k-
means can be computationally faster than hierarchical 
clustering methods. On the other hand, k-means can pro-
duce tighter clusters than hierarchical clustering. Addi-
tionally, k-means enables high flexibility in data analysis 
as it becomes a great solution for pre-clustering, reducing 
the space of each cluster and allowing the integration 
with other algorithms for further processing. 
At the second stage of the ‘Reliability Model’, the pro-
cessed reliability input data is introduced. The risk and 
reliability model employs a network arrangement similar 
to the Bayesian Belief Networks (BBNs). This selection 
allows the probabilistic modelling by considering func-
tional relations and system, subsystem and component in-
terdependencies. In the case of dynamic modelling, the 
time dependencies and state division of the reliability in-
put are developed in parallel with the network model. The 
MRA application employs the mathematical tool of Mar-
kov Chains (MC) (Fort et al., 2015). MC is mathematical 
system that undergoes transitions from one state to an-
other on a state space. 
Furthermore, MC is selected as it is flexible to set up by 
allowing different levels of state sequence complexity. In 
order to understand the dynamic probabilistic modelling, 
a schematic diagram is presented in Fig. 2. The presented 
subsystem sample includes in total three states within the 
timeline. Firstly, historical processed data from the pre-
vious time slice are provided shown as t-1. The current 
state (t) is calculated, whereas the predictive state is 
shown as future state t+1. As can be seen in Fig. 2 each 
time slice (t-1, t, t+1) is based on the previous state. This 
single state transition from past to present and then to 
forecasted future is known as Markov Chain (MC). The 
generic probabilistic expression is shown in Equation 3. 
On the other hand, Equation 4 presents the PoW per ex-
pressed component/subsystem in the future t+1 time 
slice. Where, P(wt+1) denotes the PoW in future state 
(t+1) by taking into account previous working and failing 
states P(wt) and P(ft) respectively. 

Fig. 2: Dynamic Probabilistic Network Arrangement 

(3) 

) (4) 

While, each component of a sub-system is linked with a 
certain number of failure modes that varies between com-
ponents, a generic form expressing the failure case sce-
narios is presented in Equation 7. In this expression, P
denotes the Probability of Survival (PoS) for different 
failure scenarios, where w shows the PoW state while f
shows the PoF. The relation of w and f is shown in in 
Equation 8. Whereas, ftfn indicates the failure mode (i.e. 
noise, vibration, overheating etc.). 

Specifically, P1 denotes the PoW and PoF states while 
one failure mode takes place (ftf1) (Equation 4). Accord-
ingly, P2 denotes the PoW state for a different failure 
mode (ftf2) (Equation 5). Whereas, P3 represents the PoW 
and PoF states while ftf1 and ftf2 take place at the same 
time (Equation 6). 

(5) 

(6) 

(7) 

(8) 

(9) 

Equation 10 presents the generic expression of the overall 
PoS per component, including the summation of all pos-
sible break down scenarios (m: total amount of failure 
scenarios) and the summation of all considered failure 
types (k: total amount of failure types). In addition the 
relation of m and k is presented in Equation 11. 

 
(10) 

 (11) 

The third stage of the MRA tool implements the Decision 
Support System (DSS) aspects. The MRA DSS method-
ology is divided into two sections. The first one utilizes 
local (onboard) and short term decision making sugges-
tions, whereas the second one is used onshore (global) for 
longer term predictions and decision features. The MRA 
DSS demonstrates the considered systems, subsystems 
and components into a tree structure form. The operator 
has the option of choosing each of these and getting in-
formation related to past, current and predicted reliability 
performance. This research paper is focused on the Ma-
chinery Risk and Reliability Assessment (MRA) tool. 
Hence, the introduced application, in the following sec-
tion, performs utilizing the MRA methods and the risk 
and reliability aspects. 

MRA Case Study 

In this section, a Machinery Risk/Reliability Analysis 
(MRA) case study is presented by involving the ship 
Main Engine (M/E), three subsystems and multiple com-
ponents. The case study assesses the working state relia-
bility performance on subsystem and component levels 
by analyzing various probable failure case scenarios. The 
case study employs simulated input data that are gener-
ated utilizing normal distribution (Gaussian). The safety 
thresholds (i.e. safety indices) are identified through the 
engine’s manufacturer’s manual and the engine’s sea tri-
als. These safety indices are selected as they fulfil the 
manufacturer’s requirements and sea trials provide the 



ideal available reference point for further comparison. 
The model’s arrangement considers the ship Main En-
gine (M/E), the valve train, fuel and subsystems. In the 
case of the first subsystem two components are involved 
such as the exhaust valve and the suction valve. In the 
case of the fuel subsystem the fuel pumps and the fuel 
valves are taken into account. On the other hand, the 
drive train consists of the camshaft, crankpin, main en-
gine and thrust bearings. Most of these components 
(where applicable) are analyzed with respect to 6 items 
per component as the engine’s manual used includes a 
six-cylinder marine diesel engine. Error! Reference 
source not found. shows the raw input data requirements 
that MRA methodology employs. 

Table 1: Raw Input Data Requirements 
Subsystem Component Measurement Unit 
Valve train Exhaust valve Pressure bar 
 Suction valve Temperature °C 
Fuel Fuel pump Pressure bar 
 Fuel valve Pressure bar 

Drive train Camshaft 
bearing Temperature °C 

Crankpin 
bearing Temperature °C 

 M/E bearing Temperature °C 
 Thrust bearing Temperature °C 

Fig. 3 demonstrates the Main Engine (M/E) MRA 
network case study. This network consists of exhaust 
valves, suction valves, fuel pumps and valves, camshaft, 
crankpin, main engine bearing (one per cylinder) and a 
thrust bearing. There are two modelling approaches to 
structure this network. The first approach links the in-
volved components directly to the subsystems (i.e. valve 
train, fuel system and drive train) and the subsystem to 
the main system. The second approach as shown in Fig. 
3 takes into account an intermediate level of nodes (i.e. 
ExhastVlvs, SuctionVlvs, FuelPumps, FuelVlvs, Cam-
shaftBearings, CrankpinBearings, and MEBearings) that 
sums up the predictions of the working state reliability 
performance per group of identical components. 

Fig. 3: Main Engine (M/E) MRA Network Case Study 

Due to Equation 11, the first approach will involve mul-
tiple failure case scenarios, leading to a complex proba-
bilistic model considering 532,488 failure scenarios. This 

network arrangement will cause further programming ef-
fort as well as increased calculation and processing time. 
On the other hand, the demonstrated network arrange-
ment involves 484 relations of failure case scenarios. The 
proposed network structure advances to high calculation 
performance and simpler code development. On the re-
sults’ perspective, the first network modeling approach 
(without intermediate node level) is more analytical by 
assessing more failure case scenarios. These scenarios as-
sess the failure of cross-head bearings at the same time 
with the piston lube oil, the piston liners and the valves 
(as Equations 5-9 show). The combination of multiple 
failures creates impractical low predicted working state 
reliability performance. On the other hand, these analyti-
cal scenarios demonstrate the sequential failure of com-
ponents (interconnections). This sequential failure as-
sessment can be introduced in the simpler and faster pro-
posed network arrangement by introducing the functional 
component interdependencies. Hence, programming and 
calculation effort can be gained without involving unnec-
essary scenarios that their results do not demonstrate the 
practical functionality of the system. 

MRA Case Study Results 

This section presents the results of the MRA Main En-
gine (M/E) case study. The outcomes are demonstrated 
on component and subsystem level. The raw input obser-
vations involve simulated datasets, 48 measurements per 
day and 2 days total data of historical/existing infor-
mation. First of all this case study proves the ability of 
predicting the working state reliability performance on 
subsystem and component levels. This methodology in-
troduces the requirement relation of forecasting double 
period of time of the provided recorded historical input. 
In other words, two days of existing input predicts the 
working state reliability performance of the following 
four days. 

Fig. 4: Reliability Performance of M/E Bearings 

The figure above demonstrates the predicted working 
state reliability performance of the six main engine bear-
ings. The uniformity of the predicted results among the 
bearings is expected due to the utilization of simulated 
input datasets. Furthermore, simulating real system func-
tioning, each component performs on different reliability 
levels as various parameters affect each bearing. The 
overall reliability performance of the bearings confirms 
acceptable forecasted working levels. On the other hand, 
negligible reliability performance loss is forecasted per 
bearing. This minor reliability difference is expected as 
the employed input datasets figure only two days of per-
formance. Hence, the upcoming forecasts perform low 



reliability loss for the following four predicted days. The 
overall reliability demonstrates performance from 98.8% 
to 98.55% and almost stable temperature between 59 and 
61 °C. The marine engine’s manufacturer’s manual iden-
tifies normal operational temperature levels from 50-70 
°C and warning alarm level at 75 °C. Hence, there is no 
indication of upcoming failure or abnormal component 
functioning. 

Fig. 5: Reliability Performance of Fuel Pumps 

Similarly, the six fuel pumps’ forecasted working state 
reliability performance are considered (Fig. 5). Similar 
prediction behavior is shown as in the main engine bear-
ings’ case. The uniform results are expected as well for 
the same reasoning as above. The overall working state 
reliability performance shows almost stable predictions 
at 96.1-96.5% (reliability) and 2.2-2.4 bars. The results 
are acceptable as the engine manufacturer sets the safety 
threshold at 0.5 bar (not lower). The reliability perfor-
mance of the camshaft bearings, crankpin bearings and 
thrust bearing shows stable progress through time at 
higher than 95% and operational temperature at 59-60 
°C. In this respect, the acceptable functional level is set 
within the range of 50-70 °C and the warning is specified 
at not higher than 75 °C. In other words, the current reli-
ability performance of all involved components is ac-
ceptable and there is no need for maintenance actions. As 
the scope of this study is to identify and examine the 
working state reliability performance, it is essential to 
highlight that the stable performance so far sets the 
ground for further functioning of all components. 

Fig. 6: Overall Reliability Performance 

Similarly, Fig. 6 demonstrates the reliability performance 
at subsystem and system levels for the drive train, fuel 
and valve train subsystem as well as the main engine. The 
reliability levels progress stably through time higher than 
96.6%. Due to the fact, all the subsystems perform stable 
reliability, hence the system does. In the case of the sub-
system reliability assessment, there is no actual measure 
to classify and identify a specific threshold. However, ex-
pert judgment can provide a valid indication on which 

level the warning should be shown and further analysis 
on component level can be triggered. The overall subsys-
tem reliability performance is expected to be increased 
once inspection and maintenance actions are taken on 
component level. 

MRA DSS Case Study Results 

This section aims to present the Machinery Risk/Relia-
bility Assessment Decision Support System (MRA DSS) 
tool and its features. Entire development of MRA and 
MRA DSS has taken place utilizing Java Object Oriented 
Programming language. Fig. 7 presents the MRA DSS 
analysis of failure predictions through a user-friendly 
Graphical User Inter-face (GUI). The user has available 
information related to cost analysis, maintenance actions, 
reliability performance predictions and symptoms due to 
reliability loss. Fig. 7 shows the current system, subsys-
tem and component reliability performance and the asso-
ciated warning and failures. 

Fig. 7: MRA DSS Analysis of Failure Predictions 

On the other hand, Fig. 8 demonstrates the symptoms tab 
in a graphical format and five days prediction in advance 
from the current moment. The graphs are presented in 
days for this occasion and with the grid marking four-
hour intervals on the time axis. This is to coincide with 
the regular four-hourly shifts the engineers onboard the 
ship perform. 

Fig. 8: MRA DSS Plotting of Results 

MRA DSS plotting of results incorporates past, current 
and forecasted working state reliability performance (%). 
Furthermore, the performance within the involved time-
line is demonstrated in both percentage as well as the 
physical unit/measure (i.e. °C, bar etc.). Lastly, actions 
tab includes inspection and maintenance suggestions ac-
cording to the predicted working state reliability perfor-
mance. Hence, as shown in Fig. 9, camshaft bearing 1 
shows reliability degradation due to overheating and a 
probable reason can be overloading. Thus, multiple in-



spection actions are suggested including checks for ma-
terial fatigue, excessive wear or corrosion. 

Fig. 9: MRA DSS Inspection & Maintenance Actions 

With regards to fault detection, the diagnostic tool is in-
tegrated within the Machinery and Equipment Risk/Reli-
ability Assessment (MRA) tool and the MRA Decision 
Support System (MRA DSS). The “yellow” section/area 
of “Warnings” (Figures 7-9) in the MRA DSS Graphical 
User Interface (GUI) represents the diagnostic features. 
Furthermore, related to diagnostic and prognostic toler-
ance, verification and validation proved that accurate pre-
dictions can be demonstrated for a time length equivalent 
to at least double the real time input data provided (e.g. 
one month of input relates to two months of predicted 
values). 

Conclusions

This paper demonstrates the development of the Machin-
ery Risk/Reliability Analysis (MRA) tool. MRA is a 
probabilistic risk/reliability analysis model established 
through the work performed in INCASS project. The lit-
erature review presented in this paper consists of the lat-
est Condition Based Maintenance (CBM) methodology, 
the most applied and developed Condition Monitoring 
(CM) technologies and tools. The research is introduced 
by assessing the state-of-the-art of risk and reliability 
analysis methods. 
The suggested MRA methodology is proposed which 
consists of three processing and assessment stages. The 
first stage involves the input data requirements, collec-
tion and processing, where-as the second stage takes into 
account the risk and reliability tool development. Fur-
thermore, the third assessment stage consists of the MRA 
Decision Support System (DSS) and the utilization of 
historical, expert and predicted reliability results to assist 
the inspection and maintenance planning. The developed 
MRA methodology is focused on the risk and reliability 
assessment by employing various input data types such 
as historical, expert and real time sensor data.  
Firstly, the gathered datasets are analyzed by employing 
raw data mining process of k-means. This assessment 
identifies the tendency of the recorded input to down-
grade and lead to safety threshold before it exceeds the 
warning level. The safety thresholds can be specified ac-
cording to the identified requirements. In this case, en-
gine manufacturer’s manual is utilized providing accu-
rate and tested reference points (i.e. sea trials) for setting 

the safety indices. The dynamic probabilistic network ar-
rangement is proposed by considering flexible Markov 
Chains (MC) and the reliability tool based on Bayesian 
Belief Networks (BBNs). The proposed methodology is 
applied on a case study utilizing a six cylinder ship main 
engine, the valve train, fuel and drive train subsystem. 
Furthermore, multiple components are considered such 
as the exhaust and suction valves, fuel pump and valves, 
and various bearings include camshaft, crankpin, and 
main engine and thrust bearings. The developed MRA 
tool predicts the working state reliability performance on 
system, subsystem and component levels. 
On the current research development, the dynamic risk 
and reliability tool has been validated by ship owners, op-
erators and service providers. According to them, the as-
sessed subsystem and components perform within ac-
ceptable reliability levels. On the other hand, the accu-
racy of the reliability tool’s forecasted results is verified 
by employing commercial software such as Genie 2.0, 
Hugin 7.8 and the Markov Chain (MC) modelling using 
Reliability Workbench. 
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Abstract 

Multi-Resolution Analysis (MRA) based on the discrete wave-
let transform (DWT) is applied to non-stationary main engine 
power response of a ship. The data was obtained by on-board 
measurements that were carried out under relatively severe 
sea conditions. In the full scale measurements, the ship trav-
elled on several courses to investigate the change of the main 
engine response relative to the encounter wave angle. Fur-
thermore, relative power contribution analyzes of Multivariate 
Autoregressive (MAR) model are introduced to investigate 
ship motions influencing the main engine power fluctuation. It 
is shown that the combination of MRA and MAR modelling 
are very useful to estimate changes of the main engine re-
sponse and the combination can be applied to estimate the fuel 
efficiency. 
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Main engine power; wavelet transform; full-scale ship 
motion measurements; non-stationary time series; rela-
tive power contribution. 

Introduction

To reduce the GHG (Greenhouse Gas) emissions from 
shipping, the Energy Efficiency Design Index (EEDI) 
and the Ship Energy Efficiency Management Plan 
(SEEMP) were made mandatory at MEPC 62 (July 
2011). Among the shipping companies and the ship 
operators, the Energy Efficiency Operational Indicator 
(EEOI) was defined as a tool of SEEMP and “slow 
steaming”, “weather routing” and “just in time arrival” 
are considered as the most effective SEEMP related 
measures. From the viewpoint of actual powering in a 
seaway, however, it should be noted that the mechanism 
of the added resistance, the loss in propulsive efficiency 
and the drop of fuel efficiency have not been sufficient-
ly analyzed yet. 
One of the authors has been trying to develop a guid-
ance system for heavy weather operation. In the process 
of development, a suitable signal processing method for 
non-stationary stochastic analysis was required. Gener-
ally, the assumption of stationary stochastic processes is 
applied to the seaway, but not to ship response. The 
response is strongly affected by the ship manoeuvre. 
The course alteration changes the encounter angles and 

the encounter frequencies of waves. Therefore, the 
method is needed to be a real-time algorithm that can 
deal with non-stationary stochastic processes.  
On the other hand, the Discrete Wavelet Transform 
(DWT) is widely used recently in the field of signal 
processing (Percival and Walden 2000). Especially, 
Multi-Resolution Analysis (MRA) is recognized as one 
of the most powerful aspects of DWT. It is widely 
known that the MRA is effectively used in image com-
pression. It is also expected that the DWT can be ap-
plied to digital computing and real-time analyses of 
non-stationary time series.  
The DWT and Discrete Wavelet Packet Transform 
(DWPT) were applied to non-stationary ship motion 
data (Kang and Iseki 2013, Iseki 2015). Compared to 
the results of Discrete Fourier Transform (DFT) and 
Time-Varying coefficient Vector Auto Regressive 
(TVVAR) modelling, it was confirmed that (1) MRA 
could be applied to analyses of non-stationary time 
series and the results were useful to extract the motion 
of a certain frequency band, (2) the movement of peaks 
of DWT spectra represented the time evolution of the 
ship motion and the results agreed well with the 
TVVAR modelling, (3) the DWPT spectra agreed well 
with both of the results of DFT and TVVAR modelling. 
In the previous study, MRA of DWT was applied to the 
main engine power response (Xu and Iseki 2015). Based 
on the comparisons with the MRA of FFT, it was point-
ed out that the MRA of DWT could not be recognized 
as a strict band pass filter and its physical meaning 
should be clarified. On the other hand, it was revealed 
that the fuel consumption could be estimated by the 
‘DWT smooth’ of the main engine power. Furthermore, 
the main engine power could be approximated by a 
combination of the ‘ship motion DWT smooths’. 
In this paper, MRA of DWT is applied to time series of 
the main engine power again. Not only the ‘DWT 
smooth’ but also the ‘DWT details’ are investigated in 
detail to clarify the physical meaning. The on-board 
measurement of main engine response was carried out 
in a relatively severe sea condition. In the full scale 
experiment, the ship travelled on several courses to 
investigate the change of frequency response relative to 
the encounter wave angle. Furthermore, relative power 
contribution analyzes of Multivariate Autoregressive 



(MAR) model are introduced in order to investigate the 
influence on the main engine power fluctuation. It is 
shown that the change of fuel consumption in waves can 
be estimated by the MRA of DWT. Thus, it concludes 
that the combination of MRA and MAR modelling is 
very useful to investigate the main engine fluctuation in 
waves  

Discrete Wavelet Transform  

Basic Properties and Multi-Resolution Analysis 

The DWT of a measured time series x= {x(n): n=0, 1, 
2,···, N-1 } is defined as follows: 

wxW                                                                        (1) 
where W denotes an N dimensional column vector of 
DWT coefficients, w denotes an N×N real-valued matrix 
defining the DWT. 
For the convenience, we assume that the sample size 
N=2Jo for an integer J0. The DWT coefficient W and 
matrix w could be separated as; 
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where J is the maximum level of the analysis and takes 
the value of 1  J  J0. 
The Wj and Vj are the wavelet coefficient sub-vector 
and the scaling coefficient sub-vector for the level j. 
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where Nj=N/2j denotes the number of components at the 
level j. Therefore, VJ contains Nj scaling coefficients. 
The ‘level j’ is closely related to the scale j =2j-1 (j=1, 
2,···, J) which is the sampling interval of the time series 
and denotes the number of times of ‘down-sampling by 
two’. If the actual sampling time is denoted by t (sec), 
the physical scale can be expressed by j t. 
By orthonormality of the DWT, the original time series 
x can be synthesized from W by the following relation-
ship. 
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This relationship is the definition of MRA of x. Here Dj 
and SJ are called as ‘details’ for level j and ‘smooth’ for 
level J, respectively. Therefore, the MRA is also recog-
nized as a kind of ‘band pass filtering’ of the original 
time series. In the actual calculations, the DWT matrix 
w is not formed explicitly but rather W is computed 
using the ‘pyramid algorithm’ which is effective and fast 
from the viewpoint of the computational process (Mallat 
1989). 
If we represent the actual wavelet filter by {hl : l=0, 1, 
2,···, L-1 }, we can also derive the scaling filter by us-
ing ‘quadrature mirror’ relationship, 

lL
l

l hg 1
1)1(                                                            (8) 

where L denotes the ‘width’ of the wavelet filter.  
In practice, the wavelet filter {hl} is a high-pass filter, 
while the scaling filter {gl} is a low-pass filter. Assum-
ing V0=x with defined {hl}, {gl}, general jth stage of the 

pyramid algorithm yields the nth components of the 
sub-vector Wj and Vj as follows; 
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Therefore, the DWT can be recognized as a decomposi-
tion of a time series x into coefficients that can be asso-
ciated with different scales and times. 

Wavelet Filters 

The wavelet filter {hl} and the scaling filter {gl} are the 
band pass filters with pass band given by 

jj tft 2/12/1 1 and 12/10 jtf  (Hz), respec-
tively. Meanwhile, scaling filters as well as wavelet 
filters must satisfy the three basic properties, which are 
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Additional to the above conditions, Daubechies (1988) 
specified vanishing moment conditions on the wavelet 
function and led to obtain the scaling filters which have 
minimum delay. In this study Daubechies filter of width 
8 is used for the DWT. Actual value and the shape are 
expressed on Figure 1 and Table 1. 

 

Table 1: Daubechies wavelet filter hl and the scaling 
filter gl (width L=8) 

l Wavelet filter (hl) Scaling filter (gl)
0 -0.010597401785  0.230377813309 
1 -0.032883011667  0.714846570553 
2 0.030841381836  0.630880767930 
3 0.187034811719  -0.027983769417 
4 -0.027983769417  -0.187034811719 
5 -0.630880767930  0.030841381836 
6 0.714846570553  0.032883011667 
7 -0.230377813309  -0.010597401785 

 

 

Fig. : Daubechies wavelet filter hl and the scaling 
filter gl (width L=8) 
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Pyramid Algorithm 

 
Fig. 2: Flow diagram of the pyramid algorithm of 

DWT (level J=3) 

 
Fig. 3: Flow diagram of the inverse pyramid algorithm 

for inverse DWT (level J=3) 

As shown in the previous section, the DWT decomposes 
the frequency band 0 f 1/2 t into adjacent individual 
intervals. The actual procedure of the DWT calculation 
is readily expressed using the pyramid algorithm (Per-
cival and Walden 2000). 
Figure 2 shows the flow diagram of the pyramid algo-
rithms for DWT described in the previous section. The 
illustrated level of DWT is J=3 and the starting point is 
defined as V0=x. The Gj and Hj represent filtering with 
use of the wavelet filter {hl} and the scaling filter {gl} at 
the level j. The ‘ 2’ denotes the ‘down-sampling by two’ 
that means sampling every other data point. The frac-
tions at the bottom of the figure denote the correspond-
ing frequencies. By using the low-pass and high-pass 
filters, therefore, the process of the decomposition of 
time series x is simply illustrated in the figure. 
Figure 3 shows the flow diagram of the inverse pyramid 
algorithms for inverse DWT. Using DWT coefficients 
W1, W2, W3 and a scaling coefficient V3, the original 
time series can be synthesized completely by ‘up-
sampling by two’. The ‘ 2’ denotes the ‘up-sampling by 
two’ that means interpolation and smoothing of the data. 
The procedure of the inverse DWT is easily extended to 
estimate details D1, D2, D3 and a smooth SJ. 
Figure 4 and 5 illustrate the procedures to estimate D3

and SJ, where 0j denotes a vector of N/2j zeros. As 
shown by these figures, the frequency band of D3 and SJ 
are 1/16 t - 1/8 t Hz and 0 - 1/16 t Hz, respectively.  

 
Fig. 4: Flow diagram of the inverse pyramid algorithm 

for estimating the detail D3 

 
Fig. 5: Flow diagram of the inverse pyramid algorithm 

for estimating the smooth SJ 

The procedures are similar to band pass filtering with 
use of FFT and inverse FFT. On the analogy of Figure 4, 
details D1 and D2 can be estimated by fewer steps than 
D3 depending of the level. 

Multivariate AR model 

In order to investigate the influence of ship motions on 
the main engine power fluctuation, the relative power 
contribution of MAR model is introduced. The method 
was applied to analyses of a contribution of waves to 
ship motions (Iseki 1999).  
Let’s consider k variate vector time series, X(n)= {x1(n), 
···, xk(n)}T  (n=0, 1, 2,···, N-1),  that consists of k kinds 
of measured data including time series of the main en-
gine power and ship motions.  The MAR model is ex-
pressed as follows; 
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where A(m) is a k k autoregressive coefficient matrix 
whose maximum order is M and wh(n) is a k 1 white 
noise vector. 
Fourier transform of Eq. 13 is expressed as  

1)()(

)()()(

ff

fff h

AIB

wBX                                                     (14) 

where I denotes k k identity matrix. 
The k k power spectrum matrix is defined as follows; 
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Therefore, if we indicate the (i,j) component of B(f) as 
bij(f), the auto-spectrum of component i is calculated by 
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If the components of the white noise whi(f) and whj(f) are 
mutually uncorrelated, the second term of the right side 
of Eq.16 becomes zero. 
Finally, the relative power contribution from component 
j to i can be evaluated by the following equations. 
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Full Scale Experiment  

 
Fig. 6: The training ship Shioji-maru 

 
Fig. 7: The experimental area at the south of Sunosaki 

cape and the ship trajectory 

 
The full scale ship experiment was carried out on Janu-
ary 25th 2012 using T.S. Shioji-maru of Tokyo Univer-
sity of Marine Science and Technology. A photo and 
principal particulars of the ship are shown in Figure 6 
and Table 2. The location of the experimental area was 
off Sunosaki cape in Chiba Prefecture, Japan. The ship 
is equipped with a controllable pitch propeller (CPP) 
and the main engine revolution is always kept constant. 
Figure 7 shows the trajectory of the T.S. Shioji-maru 
during the measurement. In order to measure changes in 

 Table 2: Principal particulars of the ship 
Length (P.P.) 46.00(m) 

Breadth (MLD) 10.00(m) 
Depth (MLD) 6.10(m) 

Draught (MLD) 2.65(m) 
Displacement 659.4(t) 

Main engine 4 cycle diesel 
1,400 PS × 700 rpm 

 

Table 3: Ship course and the sea conditions 

Run
Ship

course
(deg)

Ship
speed 
(knot)

Wind 
direction 

(deg) 

Wind
speed 
(m/s)

A 180 8.3 257 10.4 
B 0 10.4 260 11.5 
C 240 7.3 265 11.5 
D 120 9.9 258 11.8 
E 60 10.7 267 11.5 
F 0 10.5 267 11.4 

 

Table 4: Time span of each run 

Run Time span (s) Run Time span (s) 
A 135 - 735 D 2,595 - 3,195 
B 1,035 - 1,635 E 3,795 - 4,096 
C 1,935 - 2,235 F 4,695 - 5,295 

 
the main engine power and ship motions with respect to 
each wave encounter angle, the angle of CPP was set to 
10.5 degrees during 90 minutes maneuvers involving 
straight sections and changes in course. The sampling 
interval of the measurement was set to 1.0s. There might 
be a little fear of ‘aliasing’ because the rotational speeds 
of the main engine and propeller shaft are 700 rpm and 
300 rpm, respectively. Therefore, analyses of the main 
engine power should be limited to the MRA in the time 
domain. 
Table 4 shows the time spans of straight courses that are 
considered as stationary parts of the measured data. As 
mentioned in Section 2.1, the total data number must be 
N=2Jo. Therefore, the total number of the data was set to 
4,096 points and the run ‘F’ is excluded from analyses. 
Table 3 shows the courses and mean speeds-through-
water of the ship, and the true wind directions and 
speeds are also summarized. During the experiment, 
observed wind waves were: height 1.0-1.5m, period 6-
7s, direction 200-240 degrees, and swells were: height 
2-3m, period 8-10s, direction 200 degrees. Note that the 
wave conditions can be recognized rather severe, since 
the ship is not a large ship (Table 2).  
Figure 8 shows power spectra of pitching motions. The 
spectra of ‘A’ and ’C’ show the typical character of 
head and bow seas, because the encounter frequencies 
were shifted to the higher frequency region. On the 
other hand, another runs show the characteristics of 
quartering and following seas. Therefore, the spectra 
can be divided into two groups. One is the high-
frequency group around 0.2Hz, the other is the low-
frequency group around 0.1Hz. 



 
Fig. 8: Power spectra of pitching motions 

 

 
Fig. 9: Power spectra of the main engine power 

Figure 9 shows power spectra of the main engine power. 
The spectra can be divided into two groups as well as 
Figure 8. The spectra of ‘B’, ‘D’ and ’E’ have three 
peaks at 0.1Hz, 0.3Hz and 0.5Hz. Because of the fear of 
‘aliasing’ mentioned above, it cannot be concluded that 
the non-linear main engine responses appeared as the 
peaks. However, it should be noted that the pitching 
motions at 0.2Hz of  ‘A’ and ’C’ have no influence on 
the main engine fluctuations and the first peak at 0.1Hz 
of the main engine power is definitely related to the 
pitching motion. 

Results of DWT Analysis

Figure 10 shows the results of MRA of DWT applied to 
the main engine response, where ‘X’ is the original time 
series, ‘D1’ – ‘D6’ the ‘details’ and ‘SJ’ the ‘smooth’. 
In these analyses, the total data number is N=4,096 
points and maximum level is J=6. The color bars located 
at the lower part of the graphs indicate time spans of 
each run. It should be noted that the original time series 
consists mainly of D3 and SJ. Moreover, rather large 
fluctuations can be observed during ‘B’, ‘D’ and ’E’. 
The frequency bands and periods with respect to the 
level are listed in Table 5. Therefore, it can be consid-
ered that D3 and SJ are influenced by the ship motions 
and course changing, respectively. On the other hand, in 
following or quartering seas, during ‘B’, ‘D’ and ‘E’, 
high-frequency fluctuations can be observed in D1, D2 
and D3. It can be considered that the fluctuations corre-
spond to the three peaks in Figure 9. 
During the full-scale experiment, fuel consumption was 

  

 

 

 

 

 

 

 
Fig. 10: MRA results of DWT of the main engine power.     

‘X’ denotes the measured time series, ‘D1’ to ‘D6’ the 
‘Details’ of level 1 to 6 and ‘SJ’ the smooth. 

Table 5: Time span of each run 
Name Freq. band (Hz) Periods (sec)

X 0 – 0.5 2.0 – 
D1 0.25 – 0.5 2.0 – 4.0
D2 0.125 – 0.25 4.0 – 8.0
D3 0.0625 – 0.125 8.0 – 16.0
D4 0.0313 – 0.0625 16.0 – 32.0
D5 0.0156 – 0.0313 32.0 – 64.0
D6 0.0078 – 0.0156 64.0 – 128.0
SJ 0 – 0.0078 128.0 -

 
also measured by reading the fuel flow meter and the 
fuel temperature at the beginning and the end of each 
run. The fuel oil (light oil) is supplied from fuel tanks at 
the double bottom through a service tank for smooth 
supply. The service pump works intermittently and 
affects the flow meter. Therefore, the service pump was 
stopped for precise measurements during the experiment. 
Furthermore, the fuel density was also evaluated accord-
ing to the measured oil temperature. 
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Figure 11 shows the main engine power ‘SJ’ of Figure 
10 and the fuel consumption of each run. The vertical 
axes indicate the fluctuations around the mean values of 
the main engine power (514.6ps) and the fuel consump-
tion (85.5kg/h). It is well-known that the relation-ship 
between the main engine power and fuel consumption 
can be expressed as a linear function. As shown by this 
graph, the fuel consumption can be estimated from the 
main engine power ‘SJ’ at any time without precise fuel 
flow measurements. 

Estimation of the fuel consumption 

In the previous section, it has been shown that the fuel 
consumption can be estimated from the main engine 
power ‘SJ’. In this section, we try to estimate the main 
engine power ‘SJ’ by using a combination of another 
‘smooths’ of ship motions. If we can estimate the fuel 
consumption by a composed ship motion ‘smooths’, an 
eco-friendly navigation support system can be realized 
without direct measurements of the main engine power 
and fuel consumption. 
The composed ‘SJ’ is defined by the following proce-
dure. Firstly, a squared error E is defined as follows: 
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where SXacc.(n), SYacc.(n), SZacc.(n), SRol(n), SPit(n), SYaw(n) 
and SME(n) denote smooths of the accelerations along 
the three axes, roll angle, pitch angle, yaw angle and the 
main engine power at time step n.  
Secondly, the coefficients from CXacc to CYaw are evalu-
ated by the least squares method with respect to E. 
Figure 12 shows a comparison between smooths of the 
main engine power ‘SJ’ and the estimated ‘SJ’. In this 
figure, two kinds of estimated ‘SJ’ are indicated. The 
first one is a fully composed smooth (indicated by 
‘Composed SJ’). The other one is the ‘Pitch angle SJ’ 

that was evaluated under the condition of 
0YawRolZaccYaccXacc CCCCC                       (19) 

The ‘Pitch angle SJ’ shows good enough agreement 
with the ‘ME power SJ’. It is quite understandable be-
cause the positive pitch is defined by the bow-up. The 
bow-up can be considered as a result of the power-up. 
The squared error E for the ‘Pitch angle SJ’ is 4.64
106ps2. On the other hand, it can be observed that the 
degree of approximation of the ‘Composed SJ’ is slight-
ly improved. The error E is 3.35 106ps2. In order to 
understand the relative magnitude of the coefficients 
defined by Eqs. 18, we introduce the following normali-
zation; 

ME

SM
SMSM CC                                                          (20) 

wher the subscript ‘SM’ means ship motions, like Xacc, 
Yacc and so on,  SM and ME denote the standard devia-
tions of the smooths of ship motions and the main en-
gine power. 
The actual value of the normalized coefficients are 
summarized in Table 6. It can be seen that the C’Rol, 
C’Pit and C’Yacc take rather large values. It is also rea-
sonable that the C’Rol takes large negative value because 
the ship has a single clockwise propeller. The power-up 
makes negative heeling. Therefore, it might be conclud-
ed that the change of fuel consumption in waves can be 
estimated by the DWT smooths of a few ship motions.  
 

Table 6: Normalized coefficients 
Coefficient Ship motion Value

C’Xacc x acceleration -0.015
C’Yacc y acceleration -0.423
C’Zacc z acceleration -0.133
C’Rol Roll angle -0.776
C’Pit Pitch angle 0.703
C’Yaw Yaw angle 0.070

Fig. 11: Comparison between the smooth of main engine power ‘SJ’ and fuel consumptions of each run. 

Fig. 12: Comparison between the smooth of main engine power ‘SJ’ and estimated results from ship motions.



Relative power contribution analysis of the de-
tail ‘D3’ 

Based on the MRA analysis in the previous section, it 
has been shown that the fluctuation of the main engine 
power consists mainly of the smooth ‘SJ’ and the third 
detail ‘D3’. In this section, we estimate the relative 
power of the ‘D3’ spectra by the MAR modelling. Time 
series of the main engine power and the six ship mo-
tions, are used to formulate the MAR model. The ship 
motion vector time series consists of the accelerations of 
three axes and three rotating angles. Total data number 
is equal to the DWT analysis shown in the previous 
sections, N=4,096. 
Figure 13 shows the main engine power spectra of each 
runs. MAR modelling can be applied only to stationary 
time series, therefore the ‘D3’ was divided into five 
stationary parts (Run A to E). The colored parts in the 
spectra indicate the relative power contributions from 
each ship motions. As shown in Table 5, the frequency 
band width of the detail ‘D3’ is from 0.0625Hz to 
0.125Hz. However, the spectra have wider foot beyond 
the band width. It should be noted that the MRA of 
DWT cannot be recognized as a band pass filtering in 
the strict sense (Xu and Iseki 2015). The total area of 
the spectrum is equal to the variance of the time series. 
Therefore, similar to the discussion of Fig. 10, it can be 
seen that the total areas of spectra ‘B’, ‘D’ and ’E’ are 
larger than the others. However, patterns of the power 
contributions are different each other. 

Table 7: Power contribution to the spectrum 

Run Variance 
(PS2) No.1 No.2 

A 6.412 ME_PS (70%) Pitch (16%) 
B 297.1 ME_PS (52%) Yaw (22%) 
C 13.01 ME_PS (56%) Pitch (33%) 
D 69.52 ME_PS (37%) Yaw (25%) 
E 132.5 ME_PS (43%) Roll (37%) 

 
Table 7 shows the No.1 and 2 power contributions that 
were calculated by the ratio of each colored area to the 
total spectrum area. The contribution from the main 
engine power is the biggest in all cases. It can be con-
sidered that the fluctuations of the main engine power 
are driven by own noises. Looking at the table, the con-
tribution from yaw angle is conspicuous in ‘B’ and ‘D’. 
This tendency is reasonable because the data of ‘B’ and 
‘D’ were measured in quartering and following seas. It 
is well known that the large yawing motion is induced 
under the quartering and following seas. On the other 
hand, the contribution from pitch angle is conspicuous 
in ‘A’ and ‘C’. This tendency is also understandable 
because the data of ‘A’ and ‘C’ were measured in head 
and bow seas. It is also well known that the large pitch-
ing motion is induced under the head and bow seas. 
This concludes that the combination of MRA and MAR 
modelling is very useful to investigate the main engine 
response in waves. 

 

 

 

 

 
Fig. : Power spectra of the main engine power 
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Conclusions 

In this paper, MRA of DWT was applied to the main 
engine power time series. Not only the DWT smooth 
‘SJ’ but also the detail ‘D3’ were investigated in detail. 
Furthermore, the relative power contribution analysis of 
MAR model was introduced to investigate ship motions 
influencing the main engine power fluctuation. The 
results obtained in this report can be summarized as 
follows: 
(1) The change of fuel consumption in waves can 
be roughly estimated by DWT smooths of ship motions. 
(2) The combination of MRA and MAR modelling 
is very useful to investigate the cause of fluctuation of 
the main engine response in waves. 
(3) In order to make up an actual eco-friendly 
navigation support system, further studies are needed. 
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Abstract 

This paper introduces how to apply A* algorithm for finding 
the optimal weather routing of a ship with suggestion to a 
captain to avoid phenomena such as parametric rolling, 
slamming, and deck wetness. First, the safety constraint values 
were modeled as probabilities of these phenomena so that they 
would not exceed the stipulating limiting values. These values 
were used as operability criteria for weather forecast data. 
Second, the path cost function was modeled as a function of 
minimum arrival time or minimum energy depending on the 
time of various environmental conditions. Finally, the 
specially modeled path-cost function and the safety values 
were applied to the A* algorithm in order to seek the optimal 
path of a ship. The results of this study can be used to create a 
schedule to ensure safe operation of a ship with short passage 
time or minimum energy. 

Keywords 

Optimal weather routing; parametric rolling; slamming; 
deck wetness; A* algorithm; speed reduction.  

Nomenclature 

BN Beaufort number 
ETA Estimated Time of Arrival 
GC Great Circle 

 initial great circle course angle (o) 
 central angle of Earth between departure node 

and center node C (o) 
 central angle of Earth between departure node 

and destination node C (o) 
 effective board (m) 

 evaluation function at node  
 heuristic value from node  to goal node 

 wave period (s) 
 threshold velocity (m/s) 

 longitude and latitude of departure point (o) 
 longitude and latitude of destination point (o) 

 relative vertical motion spectrum  
 relative vertical velocity spectrum  

 speed reduction due to wind, waves (m/s) 
 ship speed in calm water (m/s) 

Introduction 

Optimal weather routing of a ship is the process of 
determining the route of oceangoing under different 
weather circumstances. This is essential for ship 
navigation to avoid adverse weather conditions that can 
put the crew in serious danger or cause structural 
damage to the vessel, machinery, and equipment. The 
purpose of this study is to investigate the use of an 
optimization algorithm for ensuring safe ship operation 
with minimum arrival time or minimum energy by 
taking into account of time varying ocean environments.  
In the past, many optimization algorithms have been 
developed to seek the optimal route of a ship. Hagiwara 
(1989) has proposed a modified isochrones method in 
order to calculate individual voyage schedule with 
minimum passage time or minimum fuel consumption. 
However, this method has difficulty in harsh weather 
conditions and in island avoidance in order to seek the 
optimal routing. Takashima et al. (2009) have used 
Dijkstra’s algorithm to calculate the minimum fuel 
consumption for coastal ships in Japan. They proposed 
that the propeller revolution number could be kept 
constant during the voyage and that only the course 
would be controlled. Dijkstra’s algorithm has also been 
applied for the development of ship routing in North 
Indian Ocean region (Padhy et al., 2008). Nevertheless, 
this algorithm requires a considerable amount of 
memory time to determine the route. A new forward 
three dimensional dynamic programming (3DDP) 
method has been developed to minimize fuel 
consumption during a voyage by Wei et al. (2012). 
However, the 3DDP method considers only safety 
constraints to prevent capsizing and heavy roll from 
adverse weather conditions except the effect of 
slamming and deck wetness. Lin et al. (2013) have 
proposed three dimensional modified isochrones (3DMI) 
method to search optimum route considering both safe 
operation and energy efficiency. Nevertheless, ship’s 
safety parameter is only a function of significant roll 
response and significant wave height in the 3DMI 
method. 



Compared to these optimization algorithms, A* 
algorithm not only allows speed to change with both 
time and ship’s position, but also considers avoiding 
parametric rolling, slamming, and deck wetness. The 
advantage of A* algorithm is that it can be implemented 
more efficiently. This paper focuses on applying the A* 
algorithm to achieve the optimal weather routing of a 
ship to ensure safe operation with minimum arrival time 
or minimum energy of a ship under dynamic sea 
conditions. 

Assessment of safety parameters and speed 
reduction due to weather conditions 

Parameter rolling 

According to Spyrou (2005), parametric rolling is a 
phenomenon of instability of a ship's upright state that 
can be realized in a longitudinal seaway. It often leads 
to an oscillatory roll motion with moderate or large 
amplitude. In the past, there were many ship incidents 
due to influence of parametric rolling such as Ro-Ro 
ship and Truck carrier. In order to have operation 
guidance to assist crews to avoid potential parametric 
rolling, this phenomenon needs to be considered when 
seeking for the optimal routing. 
The method to avoid parametric rolling is suggested 
based on recommendations by the International 
Maritime Organization (IMO) to avoid dangerous 
situations in adverse weather and sea conditions (IMO 
circular no. 1228). According to IMO Circ. 1228, to 
avoid parametric rolling, the course and the speed of 
ship should be selected in a way to avoid conditions 
when encounter period  is close to ship roll period  
( ) or one half of the ship roll period 

. The period of encounter  can be calculated 
with Eq. 1. The period of ship roll period can be 
obtained from Eq. 2.  

 (1) 

 (2) 

where  

Involuntary speed reduction due to weather conditions 

In ship navigation, ship’s motion can significantly 
influence ship speed due to voluntary and involuntary 
speed reduction. Voluntary speed reduction means that 
the ship’s captain reduces the speed due to adverse 
weather conditions to ensure that certain excessive 
motions are voided. However, this method not only 
depends on the subjective decision of the ship’s captain, 
but also depends on the experience of the shipmaster. 
On the other hand, involuntary speed reduction is the 
result of added resistance of the ship due to waves and 
wind and changes in propeller efficiency due to waves. 
Involuntary speed reduction can be obtained from 
formulae of many researchers in the past. To derive 
speed reduction of a ship under different weather 
circumstances, only involuntary speed reduction is 

investigated in this algorithm. In the present study, we 
used the method established by Kwon (1981, 2005) to 
predict involuntary speed reduction under different 
weather conditions. The estimation of speed reduction 
for tankers and container ships can be obtained ship 
using Eq. 3 and Eq. 4, respectively. Databases of speed 
reduction coefficient  and  are taken from Kwon’s 
formulae (2005). 

 (3) 

 (4) 

  

Voluntary speed reduction due to slamming and deck 
wetness 

For a ship, another phenomenon to avoid at sea is 
slamming because it can cause local damage to the 
structures of the ship. Slamming is a phenomenon that 
describes impulse loads with high pressure peaks due to 
impact between ship and water. This phenomenon 
occurs when a ship bottom hits the water with a high 
velocity. It can cause fatigue and deformation of the hull, 
especially the bottom of the ship’s bow. Deck wetness 
or green water is a phenomenon that describes water 
flows onto the deck of a ship. It may cause damage to 
the cargo and put crew in danger. So, the captain should 
reduce ship’s speed voluntarily if the slamming and 
deck wetness happen. Slamming and deck wetness are 
influenced by the relative vertical motion and velocity. 

The probabilities of slamming and deck wetness are 
defined as Eq. 5 and Eq. 6 respectively. The 
probabilities of slamming and deck wetness cannot be 
over any limit values. So, a captain should reduce the 
ship’s speed.   

 (5) 

 (6) 

Determine the optimal routing of a ship 

OWRSU program 

A* algorithm was implemented on Optimal Weather 
Routing Setting Unit program (OWRSU), a sub-module 
in the navigation supporting expert system. Fig. 1 
illustrates the process used for safety solution and 
optimal routing of a ship in this system. There are two 
stages (SHORE and SHIP) in the process of finding the 
optimal route under a given sea state. First, Ship’s 
Application System (SAS) in SHORE not only receives 
the ship’s information from the database, but also 
updates weather forecast conditions. After that, SAS 
assembles these data and transmits them to ship at sea. 
 



 
Fig. 1: Concept of a navigation supporting expert system  

 
In the second stage (SHIP), OWRSU program based on 
A* algorithm obtains information from SAS and gives 
recommendation of optimal ship routing. Next, the 
optimal ship routing information is sent to Electronic 
Chart Display and Information System (ECDIS) for on-
board processing display at sea.  
 

Generation of candidate nodes 

In order to apply the A* algorithm to solve ship routing 
problem, possible areas encompassing ship routing and 
weather condition should be discretized by candidate 
nodes. Since the great circle is the shortest distance 
from departure to destination point, to facilitate the 
assessment for the value in A* algorithm and save time 
for calculation, candidate nodes are constructed based 
on great circle path. The process of construction 
candidate nodes had the following steps. 
Step 1: The central angle of the Earth  between 
departure point and destination point is found. Then, the 
initial course  is calculated. 
Step 2: Central angle  is divided into N stages. The 
center node C on the great circle in each stage is then 
sought. At stage k ( , the longitude  and 
latitude  of center node C are determined using Eq. 7 
and Eq. 8, respectively. 
 

 (7) 

 (8) 

where,  
 

 

 
Step 3: Neighbor node around node C in each stage is 
sought based on great circle path (Fig. 2). An example 
for generating candidate nodes with 21 stages with great 
circle path as reference is illustrated in Fig. 3. 

 
Fig. 2:  Neighborhood node around node C 

 
Fig. 3: An sample of generation of candidate nodes  

with 21 stages 

Modeling of cost function in A* algorithm 

In order to match the cost of a path, A* algorithm 
employs an additive evaluation function

, where  is the cost of the path being currently 
evaluated from start node s to the current node n, and 

includes geographic information and weather 
constraint. This algorithm works by maintaining a list of 
all known but unexpanded nodes. This list is called 
OPEN. The node that appears to be the best to bring the 
algorithm closer to a solution is always chosen from this 
list as neighbor nodes are expanded into OPEN. In this 
implementation, the list is sorted by . In addition to 
the use of the lowest  value, the A* algorithm 
keeps on moving towards the goal node and finds the 
shortest possible path in the presence of obstacles. 
Therefore,  represents estimation for the total cost 
through this node.  
In this paper, the control variables are the actual ship 
speed under given weather condition and constraint of 
safety parameter of a ship. The output of the optimal 
routing from departure point to the destination point is 
optimized with respect to minimum arrival time or 
minimum energy and safe marine operation. When the 
A* algorithm is implemented to achieve to the optimal 
weather routing of a ship, it is important to determine 
f(n) of a node by combining weather forecast condition 
with the characteristics of the ship. This optimization 
problem can thus be defined as follows: 
 

 (9) 
 
By optimizing evaluation function  for complete 
path, the minimum time travel route or fuel 
consumption of a ship are achieved by the A* algorithm. 
At the same time, when considering , the safety 
parameter of a ship in node  should not exceed the 



stipulating limiting values. In order to avoid land and 
island, this algorithm takes care of these lands by simply 
prescribing a very large default value of evaluation 
function  to these grids.  
Case 1: Cost of minimum arrival time  
We assume that the engine of the selected ship is able to 
provide constant power output and speed reduction due 
to weather conditions. Since in each node, there is an 
effect resulting from weather conditions, the path cost 
function  can be estimated as sailing time from start 
node to the current node  as shown in Eq. 10. 
 

 (10) 

where  

 
In Eq. 10, the value  is distance between node  
and node . This can be easily achieved from known 
longitude and latitude of these nodes. In addition, the 
value of  for speed reduction under given weather 
conditions can be obtained by Eq. 3 or Eq. 4. 
Case 2: Cost of minimum energy 
In this case, we assume that the energy output of a ship 
can be changed in order to provide constant speed. It is 
noted that ship sailing in heavy condition needs more 
engine power than that in calm water. Therefore, for an 
optimal route, the minimum energy has to be considered. 
The path cost  can be estimated using Eq. 11. 
 

 (11) 
where,  
  
 
When a ship sails, its speed can be influenced by the 
environmental condition. In order to keep ship speed, 
the increase energy is adopted when ship moves 
from node  to node  under given weather 
conditions. R is the resistance in calm water is taken by 
ship data.  is obtained from Eq. 3 or Eq. 4. And it is 
used for calculating increased power. On the other hand, 

 is easily calculated from the known longitudes and 
latitudes of node  and node . 

Simulation and Results 

Principal particulars of sample ships 

In order to validate the capability of the A* algorithm in 
OWRSU and investigate how the weather conditions 
and ship geometry influence the optimal routing, 
KVLCC2 and the KCS were selected for simulation. 
The principal particulars of two ships are given in Table 
1. The simulation was conducted from departure point 
of Tokyo, Japan ( East, North) to destination 
point of San Francisco, USA ( West, North). 
 
 
 

Table 1: Principal particulars of sample ships 

Ship Unit KVLCC2 KCS 

  320  230  
  58.0  32.2  
  20.8  10.8  
 - 0.8098 0.651 
  312622  52030  
  15.5  22.0 
  5.71 0.60 

 

Weather forecast data 

The environmental data used to carry out the simulation 
consist of forecasted data for wind speed, significant 
wave height, and wave direction. These data are used to 
estimate speed reduction under given weather 
conditions and parametric rolling, the probability of 
slamming, and deck wetness. The data set of weather 
forecasts is updated every 12 hours. 
The sample weather data are given at each node with 
grid size of in longitude and  in latitude. The 
weather forecast data at any given time and ship’s 
position in the simulation are obtained by linear 
interpolation of environment data around that position. 

Simulation condition 

The simulation was carried out to evaluate the 
effectiveness of the optimization algorithm in two cases 
listed in Table 2. In Case 1, we assumed that engine 
power is constant. So, ETA is the optimization index 
and the cost of each node depends on the speed 
reduction, slamming, deck wetness, and arrival time of a 
ship. On the other hand, optimization index is energy 
consumption in Case 2 since the distance from departure 
to destination is different between path using A* 
algorithm and great circle. The cost in each node only 
depends on the power increase and time. The parametric 
rolling is the constraint value for both of case. 
 
Table 2: Evaluation parameters for simulation 

Items Case.1 Case.2 

Target ship KCS 
KVLCC2 

KCS 
KVLCC2 

Voyage 
condition Constant Power Constant Speed 

Optimization 
index ETA Energy 

Consumption 

All cost 

Speed reduction 
Slamming 

Deck wetness 
Time 

Power increase 
Time 

Safety  
constraint Parametric rolling 

 
 
  



Results 

The sample weather data are given at each node with 
significant wave height, wind speed and wave direction. 
All routes consist candidate nodes of 51 in longitude 
and 11 in latitude of great circle. From this results, the 
A* algorithm results in the change of future path 
according to the weather update time. 
In order to reflect the time effect exactly, it is desirable 
to make a voyage through all routes so called ‘All Path’ 
algorithm with weather update at every 12 hours.  
Compared to A* algorithm, the past route can be 
changed when applying All Path algorithm. So, the All 
Path algorithm provides a ship with the most optimal 
path when considering time effects as listed in Table 3.  
Even though the All Path algorithm is more efficient for 
time effects than A* algorithm, the results of two 
algorithm are similar if there is no special extreme 
weather. And the computation time of All Path 
algorithm exponentially increases as the number of 
nodes increases. The computation time for All Path 
algorithm is listed in Table 4. So, A* algorithm is more 
practical than All path algorithm in the viewpoint of 
computation time. The result of All Path algorithm 
which is shown in Fig. 4 is computed with 11 waypoints 
in longitude and 3 candidate nodes.  
 
Table 3: Comparison of ETA between All Path algorithm 
and A* algorithm 

Ship Type Algorithm ETA [hrs.] Error [%] 

KCS 
All Path 221.1 

1.45 
A* 224.3 

 
Table 4: Computation time for All Path algorithm 

NX NY Number of 
Computation 

Estimated 
Computation 
Time [sec.] 

11 3 1.7715E+5 2.3400E+2 
31 3 6.1767E+14 8.1591E+11 
51 3 2.1537E+24 2.8449E+21 
11 11 2.8531E+11 3.7688E+08 
31 11 1.9194E+32 2.5355E+29 
51 11 1.2913E+53 1.7057E+50 

 

 
Fig. 4: Comparison of optimal routing between All Path 

and A* algorithm 

As shown in Fig. 7 and Fig. 8, it is clear that the speed 
reduction and energy consumption appear to be small 
when A* algorithm is applied. 
From Table 5, ETA using A* algorithm is faster than 
voyage through the great circle. So, the time can be 
saved approximately 1 and 2 percent. In case of constant 
speed voyage, the energy consumption can be saved 
approximately 15 and 11 percent respectively. However 
the ETA through the great circle is faster than optimal 
path using A* algorithm because the great circle 
distance is the shortest path. 
Table 5: Comparison minimize arrival time of two ships 

Ship Type Algorithm 
ETA 

[hours] 
Time saving 

ratio[%] 

KCS 
GC 211.4 - 
A* 214.0 1.23 

KVLCC2 
GC 315.9 - 
A* 310.5 1.71 

 
Table 6: Comparison of estimated energy consumption of 
two ships 

Ship 
Type 

Algorithm 
ETA 

[hours] 
Energy 

[kJ] 

Energy 
saving 

ratio[%] 

KCS 
GC 208.3 1.957E+9 - 
A* 209.2 1.661E+9 15.13 

KVLCC2 
GC 305.5 1.615E+9 - 
A* 306.7 1.433E+9 11.27 

 

 

 

Fig. 5: Optimal routing in case of KCS 

 

Fig. 6: Optimal routing in case of KVLCC2 
 
 



 
(a) KCS 

 
(b) KVLCC2 

Fig. 7: Speed and voyage time at each node 

 
(a) KCS 

 
(b) KVLCC2 

Fig. 8: Estimated energy consumption and voyage time 
at each node 

Conclusion 

In this study, a method for minimum arrival time or 
minimum for ship using weather forecast was proposed. 
An optimization method has been proposed by using the 
A* algorithm to a shipmaster to avoid parametric rolling. 
The concluding remarks are as follows;  
Firstly, our algorithm was applied to model KVLCC2 
and KCS. It is clear that A* algorithm is efficient to find 
the optimal route based on minimum arrival time, 
minimum energy and safe operation of a ship. Secondly, 
the data set of weather forecast is considered by using 
A* algorithm. And these are the main factors that have 
an influence on the safety parameter and ship’s speed. 
Furthermore, the advantage of this algorithm is that it is 
not only speed to change with both time and ship’s 
position, but also updates weather forecast data from 
current ship’s position. Finally, A* algorithm is faster 
than All Path algorithm to find the optimal route.  
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Abstract

One method to estimate the wave spectrum onboard ships
is to use measured ship responses. In this method, known
also as Wave Buoy Analogy, amongst various responses
that are available from sensor measurements, a couple
of responses (at least three) are usually utilized. Selec-
tion of the best combination of ship responses is impor-
tant. Optimally, this selection should not be implemented
manually in onboard applications. Therefore, availabil-
ity of an automatic response selection procedure would
be a great advantage for decision support. In this paper,
a local sensitivity analysis is applied to evaluate the im-
portance of individual responses in sea state estimation.
The sensitivity factor is defined by calculation of the par-
tial derivatives of wave parameters with respect to the
variance of individual responses.

Keywords

Wave Buoy Analogy; Response selection; Sensitivity

analysis; Derivatives; Sensitivity Factors.

Introduction

Operational performance management of ships is one of

the main concerns in the shipping industry. Many newly-

built vessels and marine structures are equipped with data

collection systems for monitoring purpose. Decision sup-

port systems are nowadays available to provide optimal

ship operational performance and route optimisation.

The effect of waves degrade a ship’s operational effi-

ciency to some extent. Added resistance due to waves

enforce additional trust to achieve the desired speed. In

order to implement performance analysis, this wave in-

duced added resistance should be estimated. Moreover,

accidents occur due to unexpected and dangerous sea

states, which can make the crew unable to keep the ship

under proper control. For these reasons, estimation of

sea state onboard ships is very important for performance

analysis and operational guidance. On the other hand, the

wave estimates in those applications deal with uncertain-

ties. Therefore, it is beneficial to develop more reliable

methods for onboard wave estimations.

Different methods have been used so far for onboard

wave estimation. One method, which is called Wave

Buoy Analogy, WBA, considers the ship as a wave buoy.

So, the measured responses of the ship and their trans-

fer functions are used to estimate the encounter waves.

Different approaches in this field can be found in the lit-

erature e.g. (Tannuri et al., 2003; Pascoal and Guedes

Soares, 2009; Nielsen and Stredulinsky, 2012; Nielsen,

2008). Selection of the optimum combination of ship re-

sponses for wave estimation is an important issue in the

WBA. Depending on the dimensions and also the load-

ing conditions of a ship, the values of individual wave-

induced responses and, consequently, the usefulness of

them in wave estimation varies from one case to another.

Therefore, this choice should be made based on prior

knowledge about the transfer functions of a particular

ship in different operational conditions.

In (Andersen and Storhaug, 2012) and (Lajic, 2010)

studies on automatic selection of responses have been ini-

tiated, where sea state estimation is carried out using indi-

vidual responses separately. Then, a proper combination

of responses are those, for which the wave parameters

or the wave spectral moments are closest to each other.

In this paper, a more systematic and mathematically ad-

vanced method based on a local sensitivity analysis is ap-

plied to quantify the importance of different responses for

wave estimation.

Basic formulation

The theoretical relationship between the cross-spectral

density of the ith and jth responses, Φij(ω), and the di-

rectional wave spectrum is given by:

Φij(ωe) =

∫ π

−π

Hi(ω, θ)H
∗
j (ω, θ)S(ω, θ)dθ, (1)

where ω is frequency, ωe is encounter frequency and θ is

relative wave direction. S is the directional wave spec-

trum, H denotes the complex-valued transfer function



and ∗ is the conjugate notation. The responses are mea-

sured with respect to the moving reference frame of the

ship and, hence, they are considered in the encounter-

frequency domain. In other words, the left- and right-

hand sides of Eq. (1) are the measured and the calculated

cross-spectral density of responses, respectively.

In the wave buoy analogy, this equation can be consid-

ered as a cost function relating the measured and calcu-

lated responses. Another cost function that could be im-

plemented is formed using the equivalence of the amount

of variance between the measured and the theoretical re-

sponses. This equation can be derived by integration of

the two sides of Eq. (1) with respect to frequency. Thus,

the variance of individual responses, Ri, can be written

as:

Ri =

∫ ∞

0

∫ π

−π

H2
i (ω, θ)S(ω, θ) dθdω, (2)

Eq. (2) is used in (Montazeri et al., 2016) for estima-

tion of parametric wave spectrum.

Sensitivity measure

The method used here is adopted from (Brun et al., 2002)

where a sensitivity analysis is used for importance rank-

ing of the parameters to be estimated. Assuming that the

estimated quantity, f , is a function of n input variables,

i.e., f = f(x1, x2, ..., xn), the sensitivity of f to indi-

vidual variables can be calculated using the derivatives:

sfj =
∂f

∂xj
, j = 1, 2, ..., n (3)

where the derivative of f with respect to the parame-

ter xj is evaluated at a point in the parameter space,

where the sensitivity analysis is carried out. sfj represent

the sensitivity factors, which form the sensitivity vector

SF = {sfj}.

In the parametric estimation, the wave spectrum is rep-

resented in terms of integrated wave parameters, p. Those

parameters are considered as f in Eq. (3). The variance

of the jth response, Rj in Eq. (2), is used as xj . There-

fore, Eq. (3) can be rewritten as

sfpj =
∂p

∂Rj
. (4)

For the sake of comparability between the different re-

sponses, the sensitivity factor should be scaled and non-

dimensionalised. Therefore, this quantity is multiplied by
Rj

p so that the scaled sensitivity factor is given by

sfpj =
∂p

∂Rj
.
Rj

p
. (5)

Eq. (5) expresses the sensitivity of a wave parameter to a

change in the variance of the measured jth response. A

high sfpj means that the magnitude of the jth response

has an important influence on the wave parameter esti-

mate and vice versa. ∂p
∂Rj

in Eq. (5) can be evaluated as

outlined in the following section.

Table 1. Ship characteristics
Properties Values

Overall Length [m] 349.0

Beam [m] 42.8

Design Draft [m] 14.5

Speed [kn] 20

Influence of wave parameters on the response

spectra

The transfer function of a particular response exhibits

properties that typically change as the wave parameters

(particularly the wave period and the wave direction)

change. This means that spectral calculations, where

transfer functions are combined with a wave spectrum,

in general, lead to different outcomes depending on the

wave parameters. In other words, the impact of varying

one parameter of the wave spectrum, keeping the other

parameters fixed, on the standard deviation of individual

responses of a ship is usually notable (Nielsen, 2010).

A 9400 TEU container ship is studied in this paper as

a case study. The main characteristics of the vessel are

given in Table 1. The amplitudes of the transfer func-

tions for the particular operational condition in Table 1

are shown in the appendix.

As an example, Figures 1 and 2 show the influence

of the peak period and the mean wave direction, respec-

tively, on the response spectra, Φ, of pitch motion for

this ship. A long-crested JONSWAP spectrum is used

for these illustrations. Similar plots have been presented

in (Nielsen, 2010). It can be seen in Figure 1 that the

standard deviation of pitch motion, i.e. the square root

of the area under the spectrum, has a very small magni-

tude if the wave energy is concentrated at high frequen-

cies (low peak periods). This is due to the large ship size

relative to the wave length. As the peak period increases,

this motion becomes considerable. Figure 2 shows that a

shift of 90 degrees in wave direction from head/following

sea towards beam sea results in a very small amplitudes

of the pitch transfer function and, consequently, a small

standard deviation in this motion.

Using Eq. 2, the partial derivative of the variance with

respect to a wave parameter, p, is achieved by

∂R

∂p
=

∫ ∞

0

∫ π

−π

∂S

∂p
H2(ω, θ)dθdω, (6)

where ∂S
∂p can be obtained analytically or numerically.

S is considered as a single short-crested unimodal wave

modelled by the JONSWAP and a ”cos” model spreading

factor. The significant wave height, Hs, the peak period,

Tp, and the mean wave direction, μ, are considered as the

main parameters of the wave spectrum. Substituting Hs

for p and calculating the derivative, Eq. (6) can be written

2
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Figure 1. Effect of changing the peak period, Tp, on pitch motion at V=20 kn, Hs=4 m, μ=135 deg
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Figure 2. Effect of changing the relative wave direction, μ, on pitch motion at V=20 kn, Hs=4 m, Tp=14 s

as

∂R

∂Hs
=2× 5.061

Hs

T 4
p

[1− 0.287ln(γ)]×∫ ∞

0

∫ π

−π

g2

ω5
exp[−5

4
(
2π

ωTp
)4]γexp[

−(
ωTp
2π

−1)2

2σ2 ]×

H2(ω, θ)N(s)cos2s(
θ − μ

2
)dθdω. (7)

Consequently, the sensitivity factor, Eq. (5), for Hs is

obtained using the inverse of Eq. (7)

sfHs = (
∂R

∂Hs
)
−1 R

Hs
=

1

2
. (8)

This constant value of sfHs
would be observed for

any wave spectral description that is proportional to the

square of the significant wave height. It means that re-

gardless of the value of the significant wave height, all

responses have the same importance in estimation of the

significant wave height. This is quite reasonable because

the transfer function, by definition, does not depend on

the wave height. Therefore, Hs is neglected in the sensi-

tivity analysis here.

The derivative of the response variance with respect to

the peak period is calculated by

∂R

∂Tp
=

∫ ∞

0

∫ π

−π

[
−4

Tp
+

5

Tp
5 (

2π

ω
)
4

− ω

2πσ2γ
(
ωTp

2π
− 1)×

exp[
−(

ωTp

2π − 1)2

2σ2
]]S(ω, θ)H2(ω, θ)dθdω, (9)

and, the sensitivity factor for Tp is:

sfTp = (
∂R

∂Tp
)
−1 R

Tp
. (10)

Finally, the derivative of the response variance with re-

3
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Figure 3. The variance of heave motion at different
wave parameters. Hs=4 m

spect to the mean wave direction is

∂R

∂μ
=2s× 5.061

Hs

T 4
p

[1− 0.287ln(γ)]×∫ ∞

0

∫ π

−π

g2

ω5
exp[−5

4
(
2π

ωTp
)4]γexp[

−(
ωTp
2π

−1)2

2σ2 ]×

H2(ω, θ)N(s)cos2s(
θ − μ

2
)tan(

θ − μ

2
)dθdω,

(11)

where μ is in rad. The sensitivity factor for μ is nor-

malised by 2π:

sfμ = (
∂R

∂μ
)
−1 R

2π
. (12)

In order to get a visual understanding of the importance

of individual responses, the variances of responses can be

plotted for different wave periods and directions. Figures

3 to 7 show the variations of heave, pitch, vertical bend-

ing moment at midship section, sway and roll at V=20

kn and Draft=14.5 m. The steepness of these curves with

respect to periods and directions represents the quantities

of Eqs. (9) and (11), respectively.

It can be realized from Figures 3 and 4 that in head sea

and following sea conditions, the energies of heave and

pitch are negligible when the peak period falls in the wind

sea range (e.g. Tp < 10 s). Therefore, in such conditions,

other responses should be used for wave estimation. As

seen in Figure 5, the wave bending moment responds to

almost all wave conditions and since the inverse of steep-

ness of variations are relatively high, the sensitivity of Tp

and μ to this response is considerable for a large range of

Tp and μ. The non-zero variances of pitch and bending

moment in beam sea condition are due to the asymmet-

ric geometry of the ship with respect to midship section.

Sway motion is also useful in many wave conditions as
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Figure 4. The variance of pitch motion for different
wave parameters. Hs=4 m
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Figure 5. The variance of vertical bending moment for
different wave parameters. Hs=4 m

shown in Figure 6. However, as expected, the variance of

this response is very small in head sea and following sea.

It can be seen in Figure 7 that the energy of roll motion

is highly dependent on the wave condition. As inferred

from Figures 3 to 7, the most critical condition for wave

estimation is following sea condition, where all responses

have small magnitudes.

Results and discussion

In the following, the sensitivity analysis is implemented

for various waves with peak periods between 7 and 17

seconds, and mean wave directions from following sea to
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Figure 6. The variance of sway motion for different
wave parameters. Hs=4 m
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Figure 7. The variance of roll motion for different
wave parameters. Hs=4 m

head sea. The loading condition of the ship is the same

as the previous section. The significant wave height is

fixed at 4 meters. γ and s are also fixed at 3.3 and 25,

respectively.

The sensitivity factors based on Eqs. (10) and (12) are

calculated for heave, pitch, sway, roll and vertical bend-

ing moment at the midship section. It is assumed for cal-

culation of the derivatives that the wave parameters are

known. In practice, in order to perform the sensitivity

analysis, the predicted wave parameters obtained, for in-

stance, from the trend analysis in (Montazeri et al., 2015)

can be used. The sensitivity factors can be calculated in

real-time. As an alternative, for a specific ship, the pro-

cedure can be also pre-analysed at different loading and

wave conditions so that the optimum combination of re-

sponses are determined over a range of probable condi-

tions, and can be utilized during the operations. The lat-

ter approach is beneficial in the interest of time saving for

real-time decision support applications.
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Figures 8 and 9 show the values of sfTp
and sfμ, re-

spectively, at different wave conditions. Both quantities

should be considered simultaneously for response selec-

tion. In the case of μ = 10◦, since the energy amounts

of the most responses are very small as mentioned in the
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Figure 9. Normalised sensitivity factor for μ, (The
legends are identical in all plots)

previous section, the sensitivity factors are very small or

zero. However, the wave bending moment is an effective

response for estimation of all peak periods in this case.

When the peak period is long, e.g. Tp > 16 s, pitch could

be useful for estimation of direction according to Figure

9. As seen in Figure 4, at Tp = 17 s, the differentiation of

the variance of pitch with respect to direction is close to

zero at both head sea and following sea, so the magnitude

of sfμ becomes very large. When μ = 50◦, the bending

moment, roll and pitch can have a big role in estimation

of peak periods. This combination is also influential in

estimation of wave directions in the stern-quartering sea

condition.

In beam sea condition, μ = 90◦, for estimation of low

peak periods, pitch and bending moment are proper re-

sponses. As the period increases, the importance of bend-

ing moment decreases whereas the importance of heave

and sway motions increases based on Figure 8. Although

the variance of roll motion is relatively large in beam sea

condition (as seen in Figure 7), this response has the low-

est sensitivity factor in terms of both wave parameters.

Thus, it makes more sense to use sway motion instead of

roll in this condition. In the case of μ = 130◦, both wave

parameters have rather high sensitivities to wave bending

moment and roll while Tp < 14 s. As the peak period

increases, heave and pitch become more important than

bending moment and roll.

When μ = 170◦, as seen in Figure 8, the impact

of different responses on the peak period is similar to

μ = 130◦. The sensitivity factor of the wave direction,

on the other hand, depends very much on the value of the

peak period (Figure 9). Bending moment, pitch, roll and

heave could be useful in this case. As the sensitivity fac-

tor and the amount of energy of sway motion is almost

zero, using this response in head sea condition is ineffi-

cient.

All in all, it can be inferred from this paper that the

wave bending moment is generally the most effective re-

sponse for estimation of both the wave period and the

wave direction for the specific ship. It is notable that

the sensitivity analysis should be provided in different

loading conditions in terms of speeds and drafts. How-

ever, the sensitivity factors are not expected to be sub-

ject to major changes since the magnitudes and the trends

of transfer functions do not differ considerably. It can

also be expected that the importance of the responses are

somewhat similar for other vessels of similar size and

with a similar range of operational conditions.

It is noteworthy that the method in this paper assumes

the accuracy of different transfer functions to be in the

same level. However, hydrodynamic models and numer-

ical calculations of transfer functions are exposed to un-

certainties, which may vary from one response to another.

Therefore, beside the sensitivity analysis, the responses

can be weighted based on knowledge about the accuracy

of transfer functions calculations. For example roll would

be given less weight that heave and pitch, since the uncer-

tainty of this motion is believed to be higher.

Conclusion

In this paper, identification of an optimum combination

of ship responses for sea state estimation is carried out.

The method is based on the sensitivity of the major wave

parameters in a standard spectrum (JONSWAP) to the

magnitudes of individual response variances. Those sen-

sitivity calculations are simply obtained using first or-

der derivatives of response variances with respect to the

wave parameters. It is believed that choosing the re-

sponses with higher importance at typical conditions can

make the outcome of the WBA more efficient and reli-

able. It should be noted that this method can be used

as a prior input to any response-based wave estimation

method including parametric and non-parametric meth-

ods such as (Nielsen, 2007; Tannuri et al., 2003; Pascoal

and Guedes Soares, 2008). The method helps to make on-

board wave estimates more accurate, which can improve

the efficiency of performance management and decision

6
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Figure 10. Amplitudes of RAO for heave
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Figure 12. Amplitudes of RAO for sway
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With increases in international oil prices and reinforced regu-
lations for greenhouse gas emission in many countries, the im-
portance of ship route planning has been increased. In this 
manner, a method for determining an economical route of a 
ship based on the weather information, the estimation of fuel 
consumption, and the speed control during voyage was pro-
posed in this study. To evaluate the applicability of the pro-
posed method, a prototype program was developed and ap-
plied to several routing problems in various ocean area. 
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Abstract  

An autonomous method to estimate the sea state on board of a 
vessel underway from recorded motion spectra is presented. In 
principle motion spectra are calculated easily from the sea-
way spectrum using the response amplitude operators (RAOs). 
Solutions for the inverse problem, as sought here, are more 
difficult to obtain and rather sophisticated stochastic algo-
rithms are found in the literature. In this paper a more direct 
approach is suggested. The algorithm was tested in several ex-
periments performed on small vessels (L=20m). The RAOs 
were calculated with a commercial strip theory code. While 
good results were obtained in many cases, deeper investiga-
tion was found necessary. The RAO-parameters, such as load-
ing conditions, inertia and the speed dependent damping, need 
consideration. Furthermore, since the moving ship reacts to 
the encounter frequency, the question of what part of the sea-
way spectrum can actually be sensed has been studied. 

Keywords 

Wave spectrum estimate; ship motions; encounter spec-
trum 

 

Introduction 

Information about sea state is best represented by a power 
spectrum depending on frequency and direction. It is ob-
viously interesting for meteorological and oceanographic 
records or even for investigations about climate changes. 
In nautical practice the watch officer is required to enter 
the sea state regularly into the ship’s log. This is usually 
done by visual estimation of characteristic height, period 
and direction. Ship oscillations, in particular roll, are, of 
course, generated by waves and the avoidance of danger-
ously high amplitudes is of the utmost importance. Since 
the reaction of a ship to a particular wave system depends 
on course and speed, there are decision support systems 
which rely on the officer’s estimate as input. However, 
the recommendations given by such systems are highly 
doubtful, as long as the sea state spectrum is reduced to a 
single point and that depending on the officer’s experi-
ence. 

 
In many areas wave rider buoys are routinely operated 
and provide near real-time measurements. The motion of 
the buoy is sensed by a GPS-receiver and/or a set of ac-
celerometers. These buoys give a full directional spec-
trum with high reliability. However, with few exceptions, 
the measurement sites are restricted to coastal areas. Ad-
ditional independent data are collected via remote sens-
ing satellites. While Synthetic Aperture Radar (SAR) 
yields peak values of wave height, length and, with some 
restrictions, direction (Ganguly, Mishra, Chauhan, 
2015), only characteristic wave height is obtained from 
altimetry (Caballero, Gomez-Enri, Cipollini, Navarro, 
2014). The orbits of these satellites follow a discrete pe-
riodic pattern. As a consequence, data are only available 
along relatively widely spaced ground tracks with a sam-
pling period of days or weeks. It should be mentioned that 
ground or ship based radar can also be used to estimate 
the sea state but, as yet, the results are sometimes ambig-
uous and not always reliable. 

Sea state and ship motions 

Quantitative Relations 

Some attempts have been undertaken to use the ship itself 
as a wave buoy or, in other words, to estimate the sea 
state from measured ship motions (e.g. Iseki, Oktsu 2000, 
Nielsen 2006). One crucial assumption for all methods is 
that there is a linear relationship between ship motions 
and exciting waves. In this case the response of the mov-
ing ship to a single harmonic wave is given by 

 
Here   is the complex amplitude of ship motion in 
the n-th degree of freedom, n=1...3 denotes the linear mo-
tions in x-, y- and z-directions, n=4…6 the rotations 
about the corresponding axes.  denotes the 
wave amplitude at a given encounter frequency  as 
seen by the moving ship and a certain direction .  
and  are related to each other by the RAO 

. The x-axis is oriented along the longitudinal 
ship axis, the y-axis points to portside and the z-axis up-
right. Due to the linearity assumption Eq. 1 is easily ex-
tended to a linear combination of waves. Denoting the 
complex encounter spectrum of seaway by  

(1)



leads to 
 

 
 
As stated above, irregular seaway is appropriately de-
scribed as a random process using statistical properties. 
Thus statistically well defined quantities like the direc-
tional power spectrum of seaway 
 

 
 
are of particular interest. Here <> denotes averaging and 

 the complex conjugate of . The di-
rectional power spectrum is related to power and cross 
spectra of ship motions by means of Eq. 2, which is now 
illustrated for the roll- and pitch motions. The power 
spectrum of roll 
 

 
 
is given by 
 

 
 
Assuming that waves from different directions  are sta-
tistically independent reduces this equation to 
 

 
 
In a similar way equations for the power spectrum of 
pitch 
 

 
 
and the cross spectrum of roll and pitch 
 

 
 
are derived. Eqs. 6~8 and the corresponding equations for 
the other degrees of freedom form the mathematical basis 
for estimating the directional encounter spectrum of sea-
way  from measured motion spectra. 
 
New Approach for Estimating Sea State from Ship Mo-
tions 
 
A new approach for estimating the directional spectrum 
of seaway from measured ship motions is outlined in this 
section. It is assumed that time series of ship motions in 
several degrees of freedom are sampled and discrete 
power- and cross-spectra at points of the encounter fre-
quency  are calculated from these. In the test experi-
ments described below pitch and roll motions are meas-
ured. It is planned to include other degrees of freedom, in 
particular the heave motion. While the frequency axis is 
automatically discretized due to the sampling, the first 
step of our approach is to discretize the direction into a 
certain number of sectors. In the examples shown below 
an angular resolution of 15° is used. For each sector an a-
priori angular distribution function  is chosen that 

accounts for wave spreading. The directional spectrum is 
then expanded into a linear combination of the ,  
 

 

 
the coefficients  are real by definition and provide 
a measure of the wave power in the i-th sector. Inserting 
the expansion into Eq. 6 results in 
 

 

 
 
Since the RAOs and the distribution functions are known, 
the integral can be evaluated immediately. This defines 
the constant 
 

 
 
Applying this procedure to Eqs. 7 and 8 leads to a linear 
system of equations for the unknown  
 

 

 
 

  
 

 
Eqs. 12~14 form a system of equations that relates the 
unknown wave powers   to the measured power- 
and cross-spectra. It should be noted that, while Eqs. 12 
and 13 are real by definition, Eq. 14 consists of two equa-
tions for the real- and imaginary part respectively.  
 
The set of equations is underdetermined in the usual case 
that more than four test functions are required to approx-
imate  properly. This can be overcome by as-
suming that the seaway spectrum varies slowly with fre-
quency. Since the spectra are known at discrete fre-
quency points , a single value of  applies to several 
frequency points  and therefore to several equations 
from the set of Eqs. 12~14. In the experimental case ex-
plained below there are 24 unknown coefficients  and 
four equations for each . The number of unknowns 
matches the number of equations if one value of   is 
valid for six frequency points . To investigate what 
changes faster with frequency than the seaway spectrum 
the well-known equation of motion 
 

 
 
is analysed. Here  denotes a six dimensional vector of 
amplitudes for the three motions in x- y- and z-direction 
and the three rotations about the roll, pitch and yaw axis. 
The remaining coefficients in the equation are the matrix 

(2)

(3)

(4)

(5)

(6)

(7)

(8)

(9)

(10)

(11)

(12)

(13)

(14)

(15)



of solid mass moments , the added mass caused by hy-
drodynamic effects , the damping matrix and the re-
storing forces and moments  Wave forces and mo-
ments are combined in the vector . As an example, the 
roll coefficients for waves coming from 40° off stern and 
zero vessel speed are shown in Fig. 1. The data are taken 
from the model of the Fathom 10 used in the test experi-
ment. The plot indicates that wave forces and moments 
are the rapidly changing quantity. Consequently, the con-
dition of the set of equations depends on how the ship 
hull is sampled by the incoming waves.  
 
 
. 

 
Fig. 1: Coefficients of the equation of motion as a function 
of the seaway frequency for the Fathom 10 as calculated by 
the strip theory program OCTOPUS-SEAWAY. The ship 
is at rest, waves are coming from 40° of stern. The coeffi-
cients are normalized to unity. 
 
The effects of forward speed 
 
The algorithm described above allows to estimate the en-
counter spectrum  as seen by the moving ves-
sel. This encounter spectrum has to be transformed into 
the sea state i.e. the power spectrum of seaway at a fixed 
point in space . For deep water the  encounter 
frequency and and the frequency of the sea state are re-
lated by 
 

 

 
here  denotes the gravitational acceleration,  the ves-
sel’s forward speed and  the angle between the wave 
and the vessel’s velocity vector. For beam and head seas 
there is a unique relationship between  and , a spe-
cial case is shown in Fig. 2. Note that in Fig. 2 frequen-
cies instead of angular frequencies are used. For head 
seas the sea state is easily calculated by (Price, Bishop, 
1974) from 
 

 

 
For following seas up to three sea state frequencies 

 and  are mapped onto the same encounter fre-
quency as sketched in terms of  in Fig. 3. The sea 
state at each frequency point  contributes to the en-
counter spectrum 
 

 

 
These three contributions can not be separated in the cur-
rent implementation, a solution to this problem is left for 
future work. 
 
The RAOs in Eqs. 6~8 are functions of the encounter fre-
quency as well. They are related to the RAO at a fixed 
point  by  
 

 
 
thus the ambiguity of the encounter frequency appears 
here as well. It should be noted that  has to be 
computed for the appropriate forward speed to include 
the speed dependent damping properly. 
 

 
Fig. 2: Encounter frequency  as a function of the seaway 
frequency  for 7.5 knots and head seas using the deep wa-
ter dispersion relation. For head seas there is a unique re-
lationship between  and  , the encounter frequency is 
higher that the seaway frequency. The assumed limit for 
the Fathom 10 of  Hz leads to a measurable sea-
way frequency of approximately 0.33 Hz. 

 
Fig 3: Encounter frequency  as a function of the seaway 
frequency  for 7.5 knots and following seas using the deep 
water dispersion relation. There are three ranges of sea-
way frequencies that are mapped onto the same encounter 
frequency. Waves in range I and II are faster than the ship 
and appear as following waves. Waves in range III are 
overtaken by the vessel and appear as head waves. 
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Comparison with other methods 
 
As shown above an equation relating motion spectra to 
the sea state is usually undetermined. Several methods 
have been published to overcome this problem, most of 
them falling into two groups, namely parametric and 
Bayesian modeling. In parametric modeling the sea state 
is represented by an analytic function with several param-
eters, these parameters are then optimized to match the 
measured motion spectra. These functions usually ac-
count for several wave systems like wind sea and swell. 
Nielsen, Andersen and Koning (2013) use five parame-
ters including peak frequency, wave height and wave di-
rection to describe a wave system, three wave systems 
are considered and therefore 15 parameters are used in 
total. While on one hand the method presented here falls 
into this group, since it assumes a piecewise constant en-
counter spectrum with one wave amplitude over several 
frequency points, it does not require assumptions on the 
shape of the total spectrum. This seems to be particularly 
important in marginal seas like North Sea or Baltic where 
a large number of wave systems exist due to reflections 
on the coasts or diffraction at islands. The other group of 
methods is based on stochastic procedures like Bayesian 
modeling (see e.g. Iseki and Oktsu, 2000, Nielsen 2005, 
Nielsen, Andersen, Koning, 2013). Here solvable equa-
tions are obtained by assuming carefully chosen prior 
probability distribution functions. Compared to the ap-
proach used here, the variables used in stochastic meth-
ods have less physical meaning, which makes it more dif-
ficult to understand the solution process. 
 
Test Experiment 
 
A test of the described method was performed in an area 
to the West of Cape Town on 22. Feb.2014. Reference 
data for wave spectra were obtained from a nearby buoy 
operated by the Council for Scientific and Industrial Re-
search (CSIR). The experiment was done on the training 
vessel “Fathom 10” with a waterline length of about 17 
m. The craft is a former fishery patrol boat, now owned 
and operated by the Maritime Department of Cape Pen-
insula University of Technology (CPUT).  
 
The Response Amplitude Operators (RAOs) were calcu-
lated with two alternative software packages for compar-
ison. One is the public domain software PDSTRIP of the 
Technical University Hamburg-Harburg, the other is the 
commercially available OCTOPUS-SEAWAY program. 

Both are based on strip theory (Gerritsma and Beukelman 
1971). Calculating the RAOs requires a three dimen-
sional model of the underwater hull form, which was gen-
erated from a 3D laser scan performed while the boat was 
in dry dock. Fig. 4 shows the result imaged as a solid ob-
ject. From the high resolution data cross sections spaced 
by 500 mm were extracted as input to the programs. Fur-
ther data affecting the RAOs are the loading conditions 
like displacement, centre of gravity and radii of inertia. 
These were estimated from the available tables of hydro-
static particulars using the observed fore and aft drafts. 
 
During the experiments a long ocean swell from SW was 
dominant. From the wave buoy directional power spectra 
of seaway were available as 30 minute averages. The in-
dividual averages showed small variations only indicat-
ing stable conditions for the 15 minute trial runs. The sea-
way spectrum showed a peak at a period of about 11 s 
from a direction of approximately 220°. Most wave 
power is located in region I of Fig. 3, therefore the ambi-
guity at following seas was resolved in this experiment 
by assuming that all wave power is found in this range. 
Thus the RAOs for following seas were truncated at the 
first maximum of the  function. In the same manner 
the estimated encounter spectra were mapped into range 
I for the results shown in Fig. 5.  
 
Trial runs were performed for headings in a 30° grid. 
Each run took approximately 15 minutes to get a suffi-
cient number of averages for the power and cross spectra. 
A low ship’s speed of about 7.5 knots was chosen in order 
to stay close to the wave buoy. Special attention was paid 
to reduce rudder induced ship motion. In following seas 
some rudder action was required to keep a steady course.  
 
Motion data were recorded using a sensor box placed 
close to the ship’s centre of gravity. Data are sent to a 
serial interface and/or recorded on a micro SD card. The 
box has two types of sensors: a 3d accelerometer and two 
gyros for the pitch- and roll axes. Within this paper, mo-
tion spectra are calculated from gyro data. It will be 
shown in the following text, that the wave estimates can 
be improved by including linear motions. Linear motions 
can in principle be obtained by combining gyro and ac-
celeration data. This is left for future work. Data were 
sampled at a rate of 10 Hz, power and cross spectra were 
calculated using a 1024 points FFT with a Hanning win-
dow and 75% overlap.                                                   

Fig. 4: Solid model of the 3D laser scan data. 



RESULTS 
 
Two sample results are shown in Fig. 5. The wave direc-
tion is estimated rather well, the spectral peaks are found 
at the correct position. There are false signals at low fre-
quencies caused by sensor and ship noise. Noise becomes 
more prominent at low frequencies since the wave slope 
and therefore the roll and pitch amplitudes are rather 
small here. This could be overcome by including linear 
motions (heave) into the equations. Research for estimat-
ing linear motions from both the acceleration sensors and 
the gyros are currently undertaken at Jade-HS. On the 
right panel spectral components are found for waves mir-
rored at the centre of the ship. Due to the symmetry of the 
ship the magnitudes of the response functions are sym-
metric with respect to the longitudinal ship axis. This 
symmetry is partially resolved by the cross spectrum 
which tells if roll and pitch are in or out of phase. But for 
both results of Fig. 5 roll and pitch are in phase, so there 
is still an ambiguity between bow and aft. This ambiguity 
can, in principle, be resolved since the ship has no perfect 
fore-aft symmetry. In the experiment however, because 
the ship is very small compared to the wavelength, the 
geometric difference between bow and aft has only a 
small effect on the RAOs. To remove this ambiguity 
completely again leads us to the need of including an ad-
ditional observable like the heave, which would give an-
other cross spectrum and therefore the second phase in-
formation. 
 
Another unknown influence may be caused by the RAO 
calculations, which are based on several assumptions. 
For example the uncertainty in the modelling of damping 
should be noted. Educated guesses had to be used for cer-
tain parameters, in particular the radii of inertia had to be 
estimated. 
 
 

DISCUSSION 
 
The rather promising results of the previous sections 
leave the question, to what extent the spectrum of sea-
way can be measured from a moving vessel. The low 
frequency limit was discussed in the previous section 
and can in principle be overcome by including linear 
motions. In this section the implications of a high fre-
quency limit for estimating seaway are studied. There 
are two major contributions limiting the motion meas-
urements namely the sensor noise and vibrations of the 
ship hull generated for instance by engines or propeller 
induced pressure waves. While the sensor noise is speci-
fied by the manufacturer and can be reduced by choos-
ing better sensors, estimates for the hull noise are more 
difficult to obtain in particular for different ship sizes. 
As a first example the Fathom 10 is considered. In  
Fig. 6 the power spectra of the roll and pitch rates are 
shown for beam waves. Assuming that the marked jump 
in the roll spectrum is caused by the high frequency de-
cay of the wave spectrum, it seems that the noise floor 
and therefore the upper frequency limit is reached at ap-
proximately  = 0.6 Hz. For a moving ship this limit 
is to be read as the encounter frequency   which has to 
be transformed into a sea state frequency by means of 
Eq. 16. For head waves ( ) a unique upper 
limit for the measurable seaway frequency can be deter-
mined for each speed and angle from the maximum en-
counter frequency , since the encounter frequency 
is a monotonic function of  as shown in Fig. 2. 
 
This is generally not the case for following seas. In-
stead, up to three seaway frequencies  may be mapped 
to the same encounter frequency  as shown in Fig 3. 
Thus extra knowledge is required to distinguish waves 
is range I from those in range II on the moving vessel. 
In the same manner waves in range III have to be distin-
guished from true head seas. The individual frequency 
ranges are plotted together in Fig 7 as function of wave 
angle. The measurable range is clipped to 0.5 Hz in this 
plot. Head seas are measurable up to approximately 0.33 
Hz. Regions I and II of the following block are both in 
the interesting frequency range, extra assumptions are 

 
Fig. 5: Estimates of seaway based on gyro data. The green line indicates the wave direction from the wave 
buoy data. The radial axis contains the frequency in Hertz. The color bar gives relative wave powers only, 
these are not normalized to wave heights or energy units. 



required to resolve the ambiguity. 
  
As another example a large container vessel is consid-
ered. There is no experimental data available yet, there-
fore the upper frequency limit  has to be estimated 
from basic considerations. It assumed here that the dy-
namic range for the measurements is approximately the 
same for all kinds of vessels. The maximum sensitivity 
of the roll measurements is found at the natural roll fre-
quency. According to the equation of motion, the roll-
RAO decreases roughly by 20 dB/decade above the res-
onance. Thus for a constant dynamic range the ratio of 

 and the natural roll frequency should be constant 
for all types of vessels. From the reasoning for the 
Fathom 10 a factor of three is assumed in this paper. For 
the container ship a speed of 22.5 knots and a roll period 
of 18 seconds are chosen. The frequency plot is shown 
in Fig. 8. 
 
It is obvious that the range of measurable frequencies is 
narrowed down, particularly for head and following 
seas. Beam waves, on the other hand, can be detected to 

rather high frequencies so that the critical part for nauti-
cal decisions seems to be covered. For contributions to 
oceanographic data bases it remains to be seen how the 
combination of results from several vessels can yield a 
complete picture. 
 
 
Conclusions and Outlook 
 
A new method was presented to estimate seaway from 
ship motions. In a test experiment a low-cost measuring 
device was used, angular rates of roll and pitch were eval-
uated. It was shown that a considerable improvement can 
be expected by including the heave as a linear motion for 
two reasons: firstly, three independent equations, namely 
for heave power and real and imaginary part of one cross 
spectrum with heave, are added to the system. Secondly, 
the conditioning of the system would be improved by re-
solving the bow-aft-ambiguity based on the extra phase 
information. In principle heave can be measured using 
the accelerometers which are included already in the sen-
sor box. However, an evaluation of these data needs to 
consider that the sensor can generally not be placed in the 
centre of gravity and is thus subject to accelerations 
caused by rotations. A sensor fusion algorithm for the 
gyro and accelerometer data to give proper heave meas-
urements is currently under development. It was further 
shown that the range of measurable seaway frequencies 
is principally restricted. In following seas waves of dif-
ferent seaway frequencies are mapped onto the same en-
counter frequency and cannot be distinguished with the 
current algorithm. These waves have different wave-
lengths, on ships larger than the one used here wave in-
duced bending might be measurable and allow to deter-
mine the individual wave components at different wave-
lengths. This idea is left for future work. 
 
 

 
Fig 7: Measurable seaway frequencies for the fathom 
10 (7.5 knots). The colors of the frequency ranges cor-
respond to those of figures 5 and 6. 

Fig. 6: Power spectra of the angular rates of roll and 
pitch for beam waves. The peak of the seaway spec-
trum is visible on the left. The roll resonance shows up 
very clearly. It is assumed that the marked jump in 
the spectrum marks the gap between seaway and sys-
tem noise. This indicates that measurement can be 
done up to three times the resonance frequency. 

 
Fig 8: Measurable seaway frequencies for the ficti-
tious container ship. 
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Abstract  

This paper introduces a study on ship performance in 
waves and a new concept of hull-form design including 
the effects of added resistance. A ship experiences a loss 
of speed in actual seaways with weather being a factor. 
This paper describes the overall framework/procedure 
of a new design concept aimed at predicting the hydro-
dynamic performance of a ship in waves, and introduces 
the numerical methods related to this concept. For the 
computation of added resistance, the slender-body theo-
ry and Maruo’s far-field formulation were chosen since 
these methods are efficient in initial design stage. An 
empirical formula is adopted for short waves. The re-
sults are validated by comparing with the experimental 
results of different types of ships. In addition, this paper 
introduces some examples of the sensitivity analysis of 
added resistance and weather factor to the variations of 
ship dimensions. 
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Introduction 

The Energy Efficiency Design Index (EEDI) intro-
duced by the International Maritime Organization 
(IMO) is one of the most important factors in ship de-
sign. In the EEDI formula, weather factor, generally 
abbreviated to fw, is included; the factor indicates the 
speed loss or power increase of a ship in seakeeping 
performance. Although, ships experience loss of speed 
in their voyages, the present hull-form design is still 
based on calm water resistance. Therefore, a study re-
garding the prediction of a ship’s performance in waves 
is required, and it should be applied to the hull-form 
design process. In addition, the estimation of resistance 
during the initial design phase requires increased effi-
ciency in calculation rather than high accuracy since the 
consideration of added resistance during the hull-form 
design phase is a time-consuming process. Therefore, an 

efficient method for estimation of a ship’s performance 
in waves is considered an important issue.  

Numerical approaches that analyze the added re-
sistance problem can be divided into two different 
methods: the far-field and near-field methods. In this 
study, the added resistance analysis was conducted on 
the basis of the far-field method, which is based on the 
momentum conservation theory. The far-field method 
was introduced by Maruo (1960), and it was further 
elaborated by Newman (1967), Gerritsma and Beukel-
man (1972), and Salvesen (1978). Recently, Kashiwagi 
et al. (2010) used Maruo’s approach to calculate the 
added resistance through the application of the en-
hanced unified theory. Meanwhile, the speed loss in 
seaway due to wind and wave effects was analyzed by 
using the research of the added resistance problem in 
regular waves. Journee (1972) applied the Gerritsma 
and Beukelman (1972) method to the added resistance 
problem, and obtained the ship’s loss of speed in a sea-
way for Dart-Europe ships. Prpic-Orsic and Faltinsen 
(2012) estimated the speed loss in irregular waves con-
sidering the in-and-out-of-water effect and ventilation of 
the propeller by ship motions for an S175 ship. The 
calculation of added resistance in waves was carried out 
by the direct pressure integration procedure developed 
by Faltinsen et al. (1980). Kim et al. (2015a) analyzed 
the added resistance by using computational fluid dy-
namics (CFD) based on RANS (Reynolds-averaged 
Navier-Stokes equations) for a KCS ship, and the speed 
loss was analyzed by changes in sea condition. Kim et 
al. (2015b) estimated the speed loss due to wave and 
wind by the methodology developed for the S175 ship. 
The earlier studies on the prediction of a ship’s perfor-
mance in waves focused only on the methodology for 
the estimation of speed loss. Therefore, the present 
study focuses more on the efficiency of the calculation 
procedure for application to hull-form design. 

The present study describes the overall procedure of 
the new design concept that takes into account the hy-
drodynamic performance in waves. The added re-
sistance was calculated by numerical methods based on 
the strip method because it can be used for a number of 
the numerical computations during the design iteration 
process. In addition, several different types of ships will 
be considered as example cases, and the sensitivity of 
added resistance and weather factor effects on different 



ship dimensions are introduced.

Mainframe of the New Design Concept  

In the process of designing the hull form, the hull re-
sistance has to be estimated for evaluating the hull-form 
design to determine a ship’s performance. In general, 
the conventional method of ship design considers only 
calm water resistance as a design object function. How-
ever, the added resistance should be considered to im-
prove ship operation efficiency in actual seaways. In 
addition, the EEDI directive developed by IMO of the 
United Nations is a new and important design constraint 

that must be satisfied during the ship design process. 
In the present study, the weather factor in EEDI for-

mula is determined as one of the important parameters 
for a new design concept since the weather factor re-
flects the decrease in a ship’s speed in a seaway. This 
new design concept can be expressed as shown in Fig.1. 
For the new design concept, each resistance is used to 
estimate the weather factor in the EEDI formula. Addi-
tionally, the total hull resistance and the weather factors 
are evaluated based on the ship’s performance. Finally, 
it was verified if the weather factors satisfy the design 
constraint.  

 

 
Fig.1: Mainframe of the new design concept 

 

Efficient Computational Procedure for Weather 
Factors 

The degree of accuracy for hydrodynamic perfor-
mance is generally dependent on the computational 
methodology. A sophisticated method, theory, or com-
putational code may provide better accuracy and can 
cover a broader range of nonlinearity. However, a high-
er degree of accuracy requires more computational 
effort and therefore more time and expense. Further-
more, a sophisticated computation does not always 
guarantee better results. In the present case, which deals 
with the hull-form design at an early stage, an efficient 
method and procedure is better because of heavy vol-
ume of iterations required for hull-form optimization. 

IMO MEPC.1/Circ.796 (IMO, 2012) is an interim 
guideline that recommends a procedure regarding the 
procedure to consider the weather factor when account-
ing for a decrease in ship speed in representative sea 
conditions. In the procedure, the weather factor is esti-
mated by using power-speed curves in the representa-
tive sea conditions as well as calm sea conditions. Tak-
ing the benefit of the computational efficiency of this 
procedure, this study adopts the guideline as a sample 
procedure. Fig.2 shows the flowchart for this procedure.  

The analyses of hull resistance and brake horsepower 
are conducted for a certain ship’s speed where this pow-
er is checked to ensure it is equal to the brake horse-
power in calm sea conditions at the design speed. If it is 
not satisfied, the process is repeated until a sufficiently 
accurate value is reached. Finally, the weather factor is 
determined by estimating the difference between the 
design speed and converged speed. Details of each step 
in the flowchart are as follows. 
 

 
Fig.2: Flowchart of the estimation of weather factor 



Calm Water Resistance 

In general, the calm water resistance is predicted by 
towing-tank experiments, CFD, or a regression formula. 
In this study, the calm water resistance was estimated by 
using the regression formula based on the Holtrop and 
Mennen method (1982). This was developed through 
random model experiments and full-scale data to deter-
mine the required propulsive power during the initial 
design stage of the ship. The accuracy of this regression 
formula may be lower than experiments or other numer-
ical methods. However, it provides a sufficiently good 
basis for the time-consuming optimization process. 
Therefore, this method was adopted for the efficient 
computational procedure in the present study. 

 

Added Resistance due to Wave 

The added resistance due to waves in representative 
sea conditions can be obtained by linear superposition 
of the wave spectrum and the added resistance of regu-
lar waves. In the present study, the Salvesen–Tuck–
Faltinsen (STF) (Salvesen et al., 1970) strip theory was 
applied to estimate ship motion, and the far-field meth-
od was applied to estimate the added resistance of regu-
lar waves.  

Typical ship hulls are long and slender. This means 
that the change of flow near the ship along the longitu-
dinal direction is relatively small. This feature is applied 
to the strip method based on slender body theory in ship 
hydrodynamics, which considers a ship to be made up 
of a finite number of transverse two-dimensional slices. 
If a slender-body is subjected to a low forward speed 
and high incident wave frequency, the hydrodynamic 
coefficients can be obtained by integrating the sectional 
solutions. For the two-dimensional strip shown in Fig.3, 
the velocity potential ϕ satisfies the following boundary 
value problem: 
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where k = 2 for the sway motion, k = 3 for the heave 
motion, ωe refers to the encounter wave frequency, and 
g is the acceleration due to gravity. The subscript n 
indicates the normal direction of the body. To solve the 
prescribed two-dimensional boundary value problem, 
the wave Green’s function (Newman, 1985) is applied. 
The wave Green’s function was obtained by using the 
computer code NIIRID developed by Sclavounos (1985). 
This program calculates the sectional hydrodynamic 
coefficients and exciting forces. 

There are many methods for estimating the added re-
sistance within a frequency domain using strip theory. 

 
Fig.3: Coordinate definition for slender-body method 

 
For the present study, the far-field method based on the 
momentum conservation method proposed by Maruo 
(1960) was applied to predict the added resistance. The 
formulation can be expressed as follows: 
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where g is the acceleration of gravity and U is the for-
ward speed, ωe is the encounter frequency. H(m) is the 
Kochin function expressed as, 
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where B(x) is the sectional breadth and ZΓ(x) is the ver-
tical displacement relative to waves. The singularity 
σ(x) is concentrated at a depth of CPvTM. The CPv is 



vertical prismatic coefficient and TM is the draft of the 
ship.  

However, estimation of the added resistance with 
short wavelengths using the previous calculation meth-
ods is difficult because of the nonlinear hydrodynamic 
effects of bow diffraction waves. To address this prob-
lem, the present study used the NMRI formula based on 
the Fujii and Takahashi (1975) method with modified 
complementary coefficients. It can be expressed as 
follows.  
 
NMRI (Tsujimoto et al. (2008), Kuroda et al. (2008)) : 
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where Bf is the bluntness coefficient, αd is the reflection 
coefficient, and the 1+αu term is the advance speed 
coefficient. The reflection coefficient and the advance 
speed coefficient in NMIR formula were modified by 
experimental data. The integration section of I and II 
represent the exposed portions of the incident wave, and 
I1 and K1 represent the modified Bessel functions of the 
first and second types, respectively, with an order of one. 

The added resistance due to irregular waves was cal-
culated by linear superposition of the directional spec-
trum and the added resistance of regular waves. This 
can be expressed as follows: 
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where ( , ; )waveR V  is the added resistance of regular 
waves, ( , ;H,T, )E is the directional spectrum, 
and ( ; , )S H T  is the wave spectrum. According to the 
IMO MEPC.1/Circ.796 (IMO, 2012) guideline, the 
direction of wind and waves are defined as the heading 
direction, which has the most significant effect on the 
speed reduction. For the case of the head wave condi-
tions, the added resistance of irregular waves can be 
estimated using Eq. 12. 
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Added Resistance due to Wind 

Added resistance due to wind can be expressed by Eq. 
13 in terms of the mean wind speed and direction. 

 
2 21/ 2 ( )wind a T Dwind wind w refR A C U V V        (13) 

where TA is the projected transverse area above the 
designated load condition, and DwindC  is the drag coef-
ficient due to the wind. The drag coefficient due to the 
wind can be obtained by model tests in a wind tunnel 
test or a regression formula with considerable accuracy.  

In this study, a regression formula by Fujiwara et al. 
(2006) was adopted for the wind drag coefficient. This 
method uses several components in the estimation equa-
tions, which are decided by the regression analysis us-
ing many wind tunnel experimental data.  
 

Estimation of Weather Factor using Power-speed 
Curve 

The brake horsepower was estimated using the pro-
peller characteristics chart obtained from a propeller 
open water test. The method of power prediction em-
ployed is the direct-power method described in ISO-
15016 (2015). This method assumes that the propeller 
characteristics and propulsion factors in waves are equal 
to the results in calm sea conditions. 

From the equation of the thrust coefficient (KT) in the 
propeller characteristics chart, 2/T PK J  can be expressed 
as follows: 
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where JP is the advanced ratio, D is the diameter of 
propeller, TR  is the total resistance, t is the thrust coef-
ficient, and ws is the wake fraction coefficient which is 
obtained by Holtrop and Mennen method. According to 
this equation, the advanced ratio can be estimated by 
interpolation in the propeller characteristics chart. Final-
ly, the brake horsepower is expressed by using Eq. 15. 
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where DP  is the driver horsepower, R  is the relative 
rotation efficiency, s  is the driver efficiency, and BP  
is the brake horsepower. 

Analysis Results 

Test Models and Test Condition 

In order to apply the computational procedure for the 
weather factor to various types of ships, test models 
were selected from main types of ships such as tanker 
ships, bulk carriers, and container ships. The test models 
were the KVLCC2, Supramax, and S175. Table 1 sum-
marizes the primary design parameters for the three test 
models.  

The representative sea conditions for EEDI weather 
factor is defined by IMO as Beaufort 6, and the direc-
tion of wind and waves are defined as the heading direc-
tion which has the most significant effect on the speed 
reduction. Table 2 shows the sea conditions for Beaufort 
6.   



Table 1: Main particular of test models 
Model KVLCC2 Supramax S175 
Ship type Tanker Bulk carrier Container 
Lpp (m) 320.0 192.0 175.0 
B (m) 58.0 36.0 25.4 
T (m) 20.8 11.2 9.5 
CB 0.810 0.840 0.572 
Fn 0.142 0.172 0.250 

 
Table 2: Representative sea condition 

Sea condition Unit Beaufort 6 
Mean wind speed m/s 12.6 
Mean wind direction deg 180 
Significant wave height m 3 
Mean wave period sec 6.7 
Mean wave direction deg 180 

 

Added Resistance due to Waves 

The added resistance due to waves is directly related 
to the ship’s response to motion since the added re-
sistance depends strongly on the relative motion be-
tween the ship and the waves. Therefore, the validation 
of the ship’s responses to motion, especially heave and 
pitch motions, was carried out first. To predict the 
ship’s response to motion, the strip method was applied. 
The results for the KVLCC2 were compared with the 
experimental data that was gathered in the Seoul Na-
tional University towing tank (SNUTT). Fig.4 shows 
the vertical motion responses of the KVLCC2 model at 
Fn = 0.142 in head seas. As shown in these figures, the 
tendencies of the motion responses from the strip meth-
od were similar to the experimental data. However, the 
strip method predicted slightly smaller heave motion 
than the experimental data (Park et al., 2016).  
Fig.5 shows the calculation results of the added re-
sistance obtained by the strip method with and without 
short wave correction. In addition, the results were 
compared with the experimental results in order to 
check the accuracy of the strip method. The experi-
mental results were widely distributed especially in the 
short wave region because there were uncertainty prob-
lems in the added resistance experiments. Additionally, 
the nonlinearity of the added resistance due to wave 
amplitude also affected the magnitude of the added 
resistance (Park et al., 2015). The numerical results of 
the added resistance with short wave correction indicat-
ed better agreement with the experimental data than the 
results without correction for the entire wave region. 
 

Weather Factors for Representative Sea Conditions 

Based on the procedure proposed in this study, the 
weather factors for the representative sea conditions 
were estimated for three test models. Fig.6 shows the 

power-speed curves in both the representative sea con-
ditions and calm sea conditions for the KVLCC2. The 

points on the curves represent the results of the iteration 
speed where the initial speed is the design speed for       
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Fig.5: Vertical motions in full load condition, KVLCC2, 

Fn=0.142, β = 180° 
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Fig.5: Added resistance in full load condition, KVLCC2, 

Fn=0.142, β = 180° 
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Fig.6: Power-speed curve, KVLCC2 

 
each ship. The dashed straight line indicates the brake 
horse power in calm sea conditions. The gap between 
the two curves indicates the loss of speed loss due to the 
waves. Table 3 shows the details of the hull resistance 
and weather factors for the three test models.  

The added resistance ratio is an important weather 
factor parameter to determine since the speed reduction 
occurs when the hull resistance increases due to envi-
ronmental external forces such as the wind and waves. 
Therefore, the comparison of the resistance ratio was 
carried out first. The results for the test models, the 
resistance ratio for each component and the weather 
factors are summarized in Table 4 for comparison. 

For the case of the S175 container ship, the ratio of 
the added resistance due to waves was lower than that 
for the KVLCC2 and Supramax because the S175 is a 
high-speed slender ship. However, the projected area 
above the load condition is relatively large because of 
the containers on the deck. Therefore, the ratio of the 
added resistance due to the wind was larger than that of 
the other ships. On the contrary, the Supramax is a bulk 
carrier ship with low length to breadth ratio and has a 
low projected area above the load condition. Therefore, 
the percentage of the added resistance due to waves was 
large, and the percentage of the added resistance due to 
wind was relatively small. For this reason, the added 
resistance ratios for the Supramax and S175 were higher, 
and the weather factors were lower than for the 
KVLCC2. 

 
Table 3: Hull resistance and weather factor 

Ship Vref Vw 

KVLCC2 

V (m/s) 7.956 6.869 
Rcalm (kN) 1943.118 1460.967 
Rwave (kN) 363.314 351.525 
Rwind (kN) 250.945 231.746 
PB (MW) 24.376 
fw 0.863 

Supramax 
V (m/s) 7.465 5.524 
Rcalm (kN) 827.468 524.454 

Rwave (kN) 299.583 268.378 
Rwind (kN) 107.531 92.299 
PB (MW) 9.646 
fw 0.740 

S175 

V (m/s) 10.358 8.374 
Rcalm (kN) 719.122 522.228 
Rwave (kN) 118.100 110.270 
Rwind (kN) 109.721 96.608 
PB (MW) 8.959 
fw 0.808 

 
Table 4: Comparison results with test models 

Model KVLCC2 Supramax S175 

Rwave/Rtotal (%) 14.21 24.27 12.47 

Rwind/Rtotal (%) 9.81 8.71 11.59 

Radded/Rtotal (%) 24.02 32.98 24.06 

fw 0.863 0.740 0.808 
 

The range of the weather factor for the three test 
models was 0.7–0.9, which are not negligible values. 
Therefore, it would be useful for the ship design process 
to obtain the various weather factor data for many dif-
ferent types of ships.  

 

Sensitivity of Added Resistance and Weather Factors 
in Hull-Form Design 

In order to analyze the sensitivity of the added re-
sistance and weather factor, the present study focused 
on principal dimension variations, especially L/B and Cp 
variation. The L/B of a ship can be adjusted by variation 
of both the LBP and the ship’s breadth. For the present 
study, the LBP variation, which multiplies the x coordi-
nates of all points in each hull-form curve by α, was 
adopted, as the range of breadth is the limiting parame-
ter when designing a ship. The CP variation was carried 
out by the 1-CP method as this method shifts the longi-
tudinal position of the transverse section, and the 
KVLCC2 was considered as a test model for this analy-
sis.  

Fig.7 presents the added resistance after the LBP var-
iation. In this figure, the magnitudes of the peak values 
were almost same as the results of the original hull form. 
Additionally, the locations of the peak values shifted 
slightly because of the ship speed effect. If the ship 
length was expanded, the Froude number (Fn) would 
increase and the encounter frequency would become 
larger. Hence, the location of the peak value of the add-
ed resistance moved into the longer wave region (Seo et 
al., 2013). For the case of the CP variation, it can be 
observed from Fig.8 that as the CP increased, the added 
resistance increased for the short wave region. For the 
short wave region, the diffraction component was domi-
nant, and this component is related to the shape of the 
bow. When the CP of the ship had been adjusted, the 
shape of the bow was changed. Therefore, there was a 
change of the added resistance in the short wave region.  
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Fig.7: Added resistance after length variation 
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Fig.8: Added resistance after Cp variation 

 
The result of the added resistance in the representa-

tive sea condition is plotted in Fig.9. When the CP be-
came larger, the added resistance increased to about 10–
20%. For the case of LBP variation, the added re-
sistance decreased as the L/B increased even though the 
magnitude of the peak value of the added resistance of 
regular waves was almost same as in the results of the 
original hull form. This was because the added re-
sistance in Fig.7 was normalized as 2 2/ /R gA B L .  

Fig.10 summarizes the calculation results for the 
weather factor after the hull-form variation. As shown 
in Fig.10, the weather factor increased as the L/B ratio 
increased. This implies that the speed loss decreased 
because the added resistance decreased. Moreover, the 
weather factor decreased until it reached a local mini-
mum then increased afterward as CP increased. This was 
because the ship’s power was proportional to n KQ. The 
KQ increased when the added resistance increased; how-
ever, the n was also changed by the wake fraction coef-
ficient which is dependent on the shape of the hull in-
cluding Cp. Therefore, the weather factor, which indi-
cates the speed loss, was influenced by not only the 
added resistance but also the ship’s propeller propulsion. 
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Fig.9: Added resistance after hull-form variation 
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Fig.10: Weather factor after hull-form variation 

 

Conclusions 

In this study, a new design concept for the hydrody-
namic performance in waves was described, and the 
numerical methods related the new design concept were 
introduced. The following conclusions were obtained. 

 
 The ship’s response to the motion and the added 

resistance computed by strip methods showed good 
agreement with the experimental results. The strip 
method appeared to be applicable to efficient com-
putational procedure used to determine the weather 
factor.  

 The procedure for determining the weather factor 
was adequately efficient to apply to the hull-form 
design process. The results of the weather factor 
for three different ships were 0.7–0.9, which is not 
a negligible value range, thereby indicating that the 
weather factor should be estimated quantitatively 



for the hull-form design. 
 The weather factors for different types of ships 

were compared to each other. It was shown that the 
weather factor was determined by the characteris-
tics of a ship type. Additionally, the various results 
of the weather factor for each type of ship would 
be very useful for verifying the results obtained 
from the EEDI formula. 

 After the hull-form variation, the weather factor 
was changed with the added resistance and propul-
sion ability. This means that the analysis of both 
the added resistance and propeller propulsion were 
considered in order to predict the ship’s perfor-
mance in waves. 
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Abstract

This work presents an empirical methodology for the pre-
diction of airborne and structure borne noise caused by
several machines present in complex geometries, in this
case ships. The employed methodology is based on the
semi-empirical procedures for noise calculations devel-
oped by Fischer (Fischer et al., 1983).The methodology
was incorporated in a computer program developed at
the Dynamic Experiments and Vibration Analysis Labo-
ratory (LEDAV) located at COPPE /UFRJ, called AR3,
the program was coded in Visual Basic 6.0.This is a con-
tinuation of a predecessor software who was developed
by Hortelani (Hortelani Carneseca, 2006).
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Introduction

The noise generated in ships are mainly due the machin-

ery, main consequences on crews are: sleep disorders,

psychological disorders and hearing loss. The studies of

comfort on board ships (Goujard et al., 2005)can high-

light the mentions percentage of different criterias that

may affect the live on board vessels depicted in Figure

1.Also, the noise produced by moored ships can affecting

near urban areas (Bella, 2014).Such consequences can

cause economical losses to companies at the time to com-

pensate crew members, passengers and people living near

port terminals by hearing loss or stress.

On board a ship or platform, there are three types of

noise sources: air, structural and from heating, ventila-

tion and air conditioning (HVAC).During ship construc-

tion, prevention of noise and vibration generated is taken

into account through the recommendations of classifica-

tion societies. However, with a constant development

of different projects and increase in speed and power of

vessels, new problems are emerging, which make diffi-

cult to fore-cast accurately the time or place where can

occur harmful noise or excessive vibrations - which are

Figure 1. Comfort Criteria on board ships (Goujard et

al., 2005).

transmitted by the structure to cabins and other habit-

abilities where it turns in airborne noise again. Due to

the above, prevent the noise through computer programs

is highly important and methods like SEA (Statistical

Energy Analysis), FEA (Finite Elements Analyses), the

Boundary Elements Method (BEM), or semi-empirical

methods , such as the method used by SNAME (Soci-

ety of Naval Architects and Marine Engineers), can be

of relative success, the latter one being the method that

was used in this work to determine the noise in com-

partments of a supply vessel and a research vessel.The

proposed methodology advantage is the time savings cal-

culation of noise compared to other prediction methods

which requires larger computer time and memory capac-

ities such as the FEM, BEM and SEA.

Proposed methodology

The parameters to generate analyses of noise prediction

on board ships (traduced on global noise levels dBA) are

trough the analyses of three different noise sources; air-

borne , structural noise and heating, ventilation air con-

dition systems (HVAC). Can be observed at fig.2 how the

analyses logic is organized.



Figure 2. AR3 software steps for noise prediction.

Airborne Noise

The methodology for estimation of noise contribution

from a source to an receiver room is based on dis-

tance, octave band frequencies and obstacles encoun-

tered. The following formulas show the attenuation of

airborne noise due to the distance factor and obstacles:

Lp = Lw − 20log(r)− TL− 8 dB re Pa (1)

Eq.1 Estimate the noise in open areas, were LP its sound

pressure in dB re 20Pa in the recipe volume, LW its the

noise Power from the source in dB ref. 10-12 Watt , r

is the distance between source and the center of receiver

volume meters, the value -8 its a constant in dB re Pa e

TL is the loss of sound transmission in octave frequency

band (varies depending in the type of material) , the for-

mulation is obtained from Bistafa(Bistafa, 2011). The

equation is applicable to a specific sound source. When

it comes to more than one source, it takes out the loga-

rithmic addition for each distance and center frequency

of octave band. Equation 2 is used for noise prediction in

enclosed spaces:

LP = LW−5log(V )−3log(f)+25 dB re 20 μPa (2)

Where V is the room volume (square feet), f frequency

octave band to LW power in dB ref. 10-12 Watt and 25

its a constant provided by the author of source (Ashrae,

2001)above equation establishes that the sound pressure

does not depend on the sound absorption characteristics

of the materials making up the slot in general, only for

airborne noise. To calculate the airborne noise in AR3,

theLW value is provided by the manufacturer, but in case

of sound power values not been available, this value is

determined by the formulas from Fischer (2001).

HVAC Noise

Can be identified two important components in the HVAC

noise, emission sources and the noise propagation media.

The noise emitting sources in HVAC systems are predom-

inantly represented by fans and / or compressors for re-

frigeration units. Among these fans and compressors, are

models of different operating principles, and thus to esti-

mate the noise emission level, it is recommended to use

the manufacturer’s information on that level according to

the machine’s operating point. Noise propagation media

in HVAC plot are the ventilation ducts arriving to recipi-

ents volumes. Several HVAC noise calculation tables are

given in the adjoined bibliography. Due to the noise mod-

ule for HVAC has not yet been developed in the program

for technical issues, the module is not taken into account

in this article.

Structural Noise

The structural noise calculation is based on studies of Fis-

cher et al. (1983).It consists on an hybrid method of noise

prediction that firstly uses empirical formulas for obtain-

ing level of structural noise on foundation machines from

each characteristic machinery such as power, revolutions

per minute, length and width of the foundation and po-

sition within general arrangement of the model, to de-

termine the structural noise transmission loss from the

source to receiver it uses a simplification of the statis-

tical method of energy taking into account fewer com-

ponents or sub-systems. This methodology gives prior-

ity to dissipate energy by structural discontinuities usu-

ally founded between the source and receiver, especially

when the sources are too far. The following three factors

must be considered in the analysis of structural noise:

- Interaction between the equipment and structure;

- Bidirectional Transmission of vibrational energy

through the metal frame;

- Interaction between vibrating structures (plates, re-

inforced panels, plating, etc.) and the ambient you

through (noise radiation in compartments and to the

marine environment).

From the three aspects, the third is one with the biggest

problems, since the structure is linked between noise

source and the receiving environment. Vibration energy

its transmitted by the structural elements ans its dissi-

pated by damping, transformed into heat and radiated as

sound energy, causing, in most cases, high levels of vi-

bration and noise. The vibrational energy is transmitted

by the structure through torsional waves, longitudinal and

flexural. The radiated noise is mostly caused by flexu-

ral waves, but that does not mean that the structure is

predominantly such kind of waves. It consists, briefly,

in transforming energy input of the noise source or vi-

bration in the vibrational waves will be damped by the

structure, through structural discontinuities, and there-

after processed again in air-borne sound through vibra-

tion of structural elements compartment receptor. For

sources of structural noise, the levels are given in terms

of the free acceleration level in dB, regarding the acceler-

ation ,defined by the equation:

La = 20 ∗ log(a/a0) re a0(3) (3)

Where:

- La - level of acceleration dB re 10e−6 cm/s2



- a - acceleration

- a0 - reference acceleration 10e−6 cm/s2

When the noise levels are expressed in terms of free speed

in decibels related to the speed 10e−6cm/s, conversion

to acceleration levels is made by formula:

La = Lv + log(f − 44) (4)

Where: Lv - velocity level (dB re 10e−6 cm/s ) f - center

frequency of octave band (Hz).

Typical sources of noise in a ship are;

- Diesel engine

- Gear boxes

- Pumps

- Air compressors

- Electric engines and generators

- Fans

- Propulsion system

Can be settled two ways to enter the data of structural

noise in the foundations sources, one is a beam level vi-

bration measurements in the foundation sources and other

empirically.

Structural noise transmission considerations

The structural noise can be generated in each machinery

unit, either directly, by the coupling of vibration machin-

ery over the structure, or indirectly, through the impact

of airborne noise in the unit generating structural vibra-

tion. For sources that generate structural noise directly,

the elements that are part of the transmission path from

the source to receiver volume are:

• Couplings

• Foundations

• Ship Structure (bulkheads, decks)

• Structural vibration interacting with the environ-

ment (can be air or liquid which will generate noise

in these ambient).

For the structural noise generated indirectly by airborne

noise, the elements that are part of the transmission path

are:

- From Environment surrounding the structure excit-

ing same environment.

- From Structure carrying the vibration energy.

- And vibrational energy transformed again in air-

borne noise in the receiving environment.

This methodology is based on the loss of intensity across

the transmission path, i.e., with more barriers in the path

from source to receiver, more energy will be dissipated,

and hence less energy to become airborne noise in the re-

ceiving environment.Main factors affecting the structural

noise are:

- Couplings (equipment and foundations that generate

damping and consequently loss of vibration energy).

- Foundations (structural or tubular) which will also

absorb vibration energy.

- Effective area occupied over the foundation, this

area will vary the loss of structural noise depending

on the size of the machine foundation.

- Structural intersections along the ships will dissipate

the vibrations along structure.

The conditions to carry out measurements on the ma-

chines foundations are provided following standards set

by government agencies, fulfillment of standards will de-

pend on the classification society that supervises the con-

struction of it and the rules of ship’s registration flag. If

there is no vibration data empirical formulas are used.

The method was computationally implemented in the

AR3 software, simplifying the prediction of structural

noise.

Figure 3. Noise propagation inside and out the ship.

Materials

On the path between machine and receiver, the losses are

because of the damping material in each panel, starting

from the first intersection, taking in count the external

part of the source volume, traveling to the nearest deck

panel in the limit of the receiving volume. This loss must

be defined in terms of octave band frequencies and will

depend on the loss factor of each panel and the width

of the path between the volume limit of the source and



the center of the panel nearest the deck of the receiving

volume. In the case of structural noise, the loss factor

is defined in acoustics engineering as a buffer greatness

of viscous kind, usually has significance as a structural

loss factor based on the inherent damping effect of the

material (hysteresis ) composing the structure.

In a solid material is defined as the complex modulus

of elasticity E′ = E(1+ j) where E is the Young’s mod-

ulus of elasticity. It also is related to the critical damping

factor ζ using the following formula:

η = 2ζ/(1− ζ2)2 ∗ ζ (5)

Another formula to get the loss factor is based on rever-

beration time T60 and frequency:

η = 2, 2/(f ∗ T60) (6)

where a pulse with an hammer or mechanical stirrer is

generated for the T60 response in a structure, the prob-

lem here is that the structure may be coupled to other

elements as in the case of vessels and has to be con-

sidered this effect on the measurement. In addition to

the ships complexity due to the presence of panels, elec-

tric cables, pipes, welded structures and naval equipment

can also change the loss factor in the structure, making

the analysis a complex task, with this, constant η is the

largest source of uncertainty in structural noise prediction

(around 20 %) Lima (2010).

Because of the above, AR3 software used values gen-

erated by the publication of Grushetsky (2007).The loss

factor depends on the structure composing one or more

materials. This hypothesis is based on the fact that a

structure with insulation material can dissipate more en-

ergy than without such material. This is due to the

impedance of each one. Thus, at the time of wave get

into a composite material, the impedance will cause dif-

ferent propagation speed of the waves; thus the waves are

canceled at some points, generating a greater loss of vi-

bration energy.

The AR3 has subroutines to decide among three possi-

ble values for the loss factor, which may vary according

to the number of layers on the structure. Three configu-

rations are shown per octave band, as shown in Figures 3

to 5, the first case is only the main structure.

Figure 4. Loss factor on a single material.

The second is structure and insulation material on one

side (Fig . 5) and finally, the insulating material on both

sides (Fig. 6). These factors are obtained from statis-

tical tables in octave band and estimated in the case of

frequency 31.5 Hz and 16,000 Hz.

Figure 5. Loss factor of two coupled materials.

Figure 6. Loss factor of three coupled materials.

Program implementation

The models are created in three steps:

• Noise sources specifications

• Specification of ship geometry

• Characterization of bulkheads and partitions materi-

als composition

AR3 has a large database regarding the items mentioned

above, but, as previously mentioned, the more loyal an

input data, better would be the result, then, if the manu-

facturer provides necessary data on the equipment or ma-

terial studied, the predictions obtained will have a lower

level of uncertainty, when this is not possible, we use data

from AR3 database provided by Fischer through the dif-

ferent formulas that describe the power from sources in-

side the vessel.



Noise modules integrated to AR3

Resultant noise level from the structural, air and HVAC

(when is included) are added logarithmically in all octave

bands and in the same units of sound power (dB ref 10-12

Watt), and after the sound pressure level is calculated in

the compartment following equation:

Lp = (Lw10log(R) + 16) dB re 2x10−5 N/m2 (7)

Where:

- Lp = sound pressure level in dB referred to

2x10−5N/m2

- Lw =sound pressure level in dB referred to

10−12watts

- R = Room constant(m2)

The ”R” constant differentiates the acoustic environment

of a room, representing the sum of all surfaces that limit

the compartment multiplied by the Sabine absorption co-

efficient α. This constant is known as room constant, and

is given by:

R = Si ∗ ai (8)

Models considerations

The first step in the AR3 noise calculation is a geome-

try generation with the subdivision of an studied ship or

platform. This is carried out by setting the nodes which

create the panels. Each volume consists of six panels,

four walls, a floor and the ceiling.

In AR3 are present a list of data entries for different

panels composed of several materials.The software char-

acterizes acoustic properties of each room depending on

the material composition of each room. Each panel can

be composed of up to three different materials, one cor-

responding to the material of structure and the other two

correspond to insulating materials (coatings).

There is also the possibility of automatic material in-

sertion to streamline the time of modeling. The acoustic

and physical characteristics are inserted into another pro-

gram form, and are usually from lab tests or tables avail-

able in the literature.

Reliability of these factors are important because the

final results of air and structural noise depend on sound

absorption values (Sabine coefficient), transmission loss

and damping factors present in these materials.

The next stage of modeling is the insertion of sound

sources with their respective coordinates on the ship, and

the sound power levels for airborne noise.In case of struc-

tural noise is it possible to enter data such as type of

machine, foundation, power, weight, service revolutions

(RPM), plus the volume dimensions that surrounds the

machine and spacing between vessels frames.Tables are

incorporated in the AR3 interface to define these sources.

Once inserted the geometry and noise sources, it can be

performed the air and structural noise. The results can

be displayed and viewed in three different ways: tables,

bar, and noise spectra, example charts are show in figures

10,11 and 12 respectively.

Figure 7. Results delivered by the AR3 software.

Figure 8. Results delivered by the AR3 software.

Figure 9. Results delivered by AR3 software.

Another way to display results its 2D graphical out-put

noise through a color scale associated with sound inten-

sities on a selected deck.



Figure 10. Noise distribution results delivered by AR3

software, the colors correspond to the intensity of a noise

source on deck.

Analyzed ships

AHTS

In the case of AHTS vessel, the main considerations are

related to machines that influence noise in the following

operating conditions:

• Transit condition

• Maneuver condition

Figure 11. Studied AHTS.

In transit condition were considered the following noise

sources: the main engines (4) and the gearbox (2), with

the engine running at 85% capacity. In maneuvering con-

dition the engines worked with low power, overlaying a

diesel-electric group that provides power for the dynamic

positioning equipment, a bow thruster an azimuth system

and two stern thrusters, all operating at 40 % of capacity.

The propeller influence was not inserted because the

lack of a subroutine in the software.

The following materials were considered: naval steel,

used in building decks, corrugated steel on bulkheads,

mineral wool in isolation from populated areas, concrete

in some common areas, such as offices and workshops,

sandwich panels (A60 and A15).

Research vessel

Although the measurement condition is not the operation

of vessel, it was obtained a sensitivity analysis as the op-

eration of hydraulic pumps affect noise levels in the mea-

sured cabin (as shows in drawing and model of figure 12

and 13, respectively) with measurements in 1/3 octave,

the conditions of connected and disconnected hydraulic

pumps.Measurements were performed using a noise mea-

suring Larson Davis Sound Meter 831. Due to confiden-

tiality, the names of studied units are omitted.

Figure 12. Noise measurements on research vessel lower

deck.

Figure 13. Visual graphics of the studied research vessel.

Model validation

There are infinite paths between source and compart-

ments, these brings a problem to choose an optimal path

traduced in the lower impedance path and lower trans-

mission loss, this problem could bring as consequence

an increased computer calculation time and require a

high capacity of computer memory, in this work, to sim-

plify the problem, it was considered the shortest path be-

tween source and receiver.The shortest path was estab-

lished by making a cut through a vertical plane contain-

ing the source and center of the receiving volume through

the various volumes of the vessel.



Figure 14. Noise propagation between the source and the

compartment trough shortest path.

These studies allowed to establishing benchmarks in

order to evaluate the reliability of empirical methodology

used to calculate the overall noise.

Once inserted the data in AR3, and calculate, the re-

sults are presented in charts to allow a quick way to com-

pare with measurements.

Figs. 15 to 18 show the results for AHTS vessel in

the transit and maneuvering condition,There are 12 fonts

and 40 volumes. The differences between prediction and

measurement on board are presented.

Figure 15. Noise charts comparison in transit condition

between AR3 and measurements on the AHTS in dBA.

Figure 16. Noise charts comparison in transit condition

between AR3 and measurements on the AHTS in dBA.

Figure 17. Noise charts comparison in maneuver con-

dition between AR3 and measurements on the AHTS in

dBA.

Figure 18. Noise charts comparison in maneuvers condi-

tions between AR3 and field measurements on the AHTS

in dBA.



Figure 19. Noise charts correspondent to the research

vessel with pumps in operation in dBA.

In case of research vessel, although the measurement

condition it was not taken with the ship in operation, as

stated earlier, it was obtained an analysis to see how the

hydraulic pumps can affect the noise levels measurements

in the cabins 15,13, 12 and 11, as shown in Fig.19.

Conclusions

The data obtained from semi-empirical method are sim-

ilar to the measurements in both AHTS vessel and re-

search vessel. Some differences can be expected because

the models simplification, and absence of the HVAC and

propeller influence in the models. In the analysis of com-

plex structures, numerical methods (BEM and FEM) are

difficult to use. First, due to require 6 elements per wave-

length, this increases the number of necessary elements

for a good discretization, especially for high frequen-

cies, second, due to the high modal density, typical in

structural noise. Thus, to date, the models are highly

applicable to complex structures, with large numbers of

sources and receivers .Noise prediction methods that are

rapid and effective enabling corrective treatments in early

stages of design, resulting in optimization cost, weight,

space, ship operations and revenue, traduced in higher

level of comfort and less environmental impact. The soft-

ware is in continuous enhancement process with good

potential for application in ships and offshore platform

projects, through a detailed acoustic analysis and exe-

cutable in a reasonably short time.

From the foregoing in this work, the following research

topics may be realized in future research:

• Make a methodology to predict the noise generated

by the propeller and ship hull to aquatic environ-

ment, special attention should be taken to research

vessels. It can be found several resolutions to pre-

vent the noise generated by ships to the sea (Under-

water Noise Requirement, International Council for

the Exploration of the Seas ICESLiou et al. (2000)(

Fischer (2008)) with the main objective of diminish

this pollution.

• Study the influence that may have a change in the

route of structural noise by generating an algorithm

that could select an optimal path between the source

and studied room that has the lowest energy loss of

structural noise and lower impedance(two different

routes could be founded, a criteria to choose be-

tween them should be add).

• Validate and compare models generated in AR3

with field measurements and standard methodolo-

gies like BEM, FEA, SEA and new numerical ap-

proaches like EFEM(Energy Finite Element Method

Parunov et al. (2012)).

• Study the application of Inverse problem tech-

niques.This because if pressure levels are known,

from measurements on board, it could be possi-

ble take the acoustic properties of the transmition

medium from source to receiver.

• Study the viability to predict noise on other con-

structions ( office buildings, theaters, offshore plat-

forms, among others).
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Abstract 

The underwater radiated noise of a small research vessel, The 
Princess Royal, has been predicted using computational 
methods and model tests and has been compared to full-scale 
data. For the model tests, a correction for the Lloyd’s mirror 
effect has been implemented in the analysis. The results are 
then compared to data from full-scale measurements. After 
correcting for the viscous scale effects on vortex cavitation, 
there is a good agreement between the model tests and full 
scale at the lowest speed. For the higher speeds (more cavita-
tion), the agreement is good at the low and high frequency 
range, but there is a difference of about 10 dB between the 
model tests and full scale at mid frequency range. 
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Introduction 

Model tests and computations to determine the propel-
ler-induced hull pressure fluctuations are carried out on 
a regular basis for many ship types, e.g. cruise ships, 
yachts, container vessels and bulk carriers. Underwater 
radiated noise (URN), however, was traditionally main-
ly of interest to naval vessels with regard to the detec-
tion of ships and to fishery research vessels to comply 
with the ICES209 norm. Nowadays, it is becoming 
increasingly important for other vessels as well, such as 
cruise ships and merchant ships. There is a growing 
concern that marine life is affected by the rise in back-
ground noise levels in the oceans, which is being caused 
by an increase in shipping, amongst other factors. Ma-
rine mammals and fish use sound to communicate and 
to sense their environment and this requires low back-
ground noise levels. Therefore, the European Union 
(EU) has included URN in the methodological standards 
on good environmental status of marine waters. It is 
known that one of the dominant noise sources is the 
cavitating propeller. The URN of a cavitating propeller 
can be predicted, before the ship is built, using experi-
mental or computational procedures. 
This paper discusses the prediction of the URN of a 

small, university-owned, research vessel: The Princess 
Royal. The URN is predicted with a computational 
approach and by means of model tests. For the model 
tests the influence of the Lloyd’s mirror effect and the 
influence of electrolysis on the noise levels are dis-
cussed. The results of the computational and model tests 
are compared to data available from full-scale meas-
urements. 
The research has been conducted within the SONIC1 
project (Suppression Of underwater Noise Induced by 
Cavitation), which aimed at developing tools to investi-
gate and mitigate the effects of underwater noise gener-
ated by shipping. This project is funded by the 7th 
Framework Programme (FP7) of the European Com-
mission under Grant Agreement no. 314394. 

Full-scale measurements 

The Princess Royal (Fig. 1) is a research vessel that is 
designed, owned and operated by the Newcastle Univer-
sity (Atlar et al., 2013). It is a 19 m catamaran, fitted 
with two fixed-pitch propellers. The vessel was de-
signed for a service speed of 15 knots up to sea state 
four. 

 
Fig. 1: The Princess Royal (Brooker, 2014) 

For The Princess Royal, extensive full-scale measure-
ments have been carried out within the SONIC project. 
During these trials, the URN of the vessel was measured 
by Cetena (Dambra, 2015) and the University of South-

                                                           
1 http://www.sonic-project.eu/ 



ampton (Brooker, 2014). The measurements were per-
formed at several ship speeds ranging from 5 knots to 
15 knots at a location approximately 28 km from the 
north-east coast of England. The test conditions of the 
full-scale measurements used in the paper are listed in 
Table 1. 

Table 1: Full-scale test conditions 

% MCR 73.4% 16.1% 6.9% 

Ship speed Vs [knots] 15.1 9.4 7.1 

Propeller rotation rate n [RPM] 1141.5 682.1 514.2 

Cavitation number σn [-] 1.05 2.94 5.17 
 
The cavitation number σn is defined as 

0
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where p0 is the ambient pressure, pv the vapour pressure 
of the water, ρ the water density, h the shaft immersion, 
n the propeller rotation rate and D the propeller diame-
ter. 

Computational Methods 

The URN was computed using a combination of tools. 
First the ship’s wake has to be determined as input for 
computing the unsteady flow around the propeller oper-
ating behind the ship hull. The propeller flow and cavi-
tation are computed with the Boundary Element Method 
(BEM) PROCAL. The results thereof are the input for 
the computations of the URN. For the URN, two differ-
ent methods are used for this case: the ETV model for 
the noise from the cavitating tip vortex and Brown’s 
model for the URN from the sheet cavitation. 

Ship wakefield 

The first step in the computational procedure is to com-
pute the ship’s wakefield. The nominal wakefield of the 
Princess Royal was computed with MARIN’s CFD 
code ReFRESCO, see for example Rijpkema et al. 
(2013) and Toxopeus (2013). This wakefield was made 
effective using a force-field approach and then used as 
input for the computation of the propeller flow and 
cavitation. 

Propeller Flow and Cavitation 

For the analysis of the flow over the propeller, use is 
made of the BEM PROCAL, which solves the incom-
pressible potential flow equations for lifting and non-
lifting bodies. The method is being developed within 
MARIN’s Cooperative Research Ships (CRS2) consor-
tium for the unsteady analysis of cavitating propellers 
operating in a prescribed ship wake. It has been validat-
ed for open water characteristics, shaft forces, sheet 
cavitation inception and extent as well as hull-pressure 
fluctuations. The code is a low order BEM that solves 
for the velocity disturbance potential using the Morino 
formulation. Initial validation studies for the sheet cavi-
                                                           
2 www.crships.org  

tation extents and details on the mathematical and nu-
merical model can be found in Vaz & Bosschers (2006) 
and Bosschers et al. (2008). 

Tip Vortex Induced Noise 

The ETV model (Empirical cavitating Tip Vortex) is a 
semi-empirical method for the prediction of broadband 
hull-pressure fluctuations and URN due to a cavitating 
tip vortex on ship propellers. The model is based on the 
Tip Vortex Index (TVI) method of Ræstad (1996). The 
input coefficients have been tuned using hull-pressure 
spectra of both model-scale and full-scale measurements 
and to a very limited extent using URN data. The model 
has been developed in the CRS organization by J. 
Bosschers and makes use of the propeller performance 
predictions from PROCAL to provide an estimate for 
the strength of the tip vortex. 

Sheet Cavitation Induced Noise 

A simple empirical formulation to predict the underwa-
ter radiated noise due to sheet cavitation has been pro-
posed by Brown (1999). Input for the model is, among 
others, the area of the cavity. The maximum sheet cavi-
ty area as computed by PROCAL has been used for this 
parameter. 

Experimental Methods 

Depressurized Wave Basin 

Model tests involving the cavitation on ship propellers 
have been performed at MARIN for many years in the 
Depressurized Wave Basin (DWB). This basin is 240 m 
long, 18 m wide and 8 m deep. The air pressure in the 
facility can be lowered to 30 mbar for performing model 
tests with cavitating propellers. This makes it possible to 
obtain, on model-scale, the same cavitation number as on 
full-scale, while using Froude-scaling for the test condi-
tions. The presence of the free surface not only allows 
free trimming and sinkage of the model, but also implies 
that the pressure release boundary condition is satisfied. 

To minimize the background noise, a special propeller 
drive train is installed in the ship model. A dedicated 
silent towing carriage is used in the facility, see Fig. 2. 

 
Fig. 2: The silent towing carriage in MARIN’s DWB 

The underwater radiated noise is measured by means of 
two hydrophones fitted to a mast positioned in the mid-
dle of the basin. The ship then sails over the mast with 
the hydrophones. Thus, a model scale version of a noise 
range is obtained. More details on the test facility and the 
equipment can be found in Bosschers et al. (2013), 
Lafeber et al. (2013) and Lafeber et al. (2015a). 



Ship model 

A 1:3 model of The Princess Royal was constructed for 
the model tests. A picture of the model with its append-
ages and propellers is shown in Fig. 3. 

 
Fig. 3: Model of The Princess Royal 

Test conditions 

The conditions for the model tests are usually deter-
mined by Froude scaling. The ambient pressure in the 
Depressurized Wave Basin is adjusted to obtain the same 
cavitation number as on full scale. By setting the Froude-
scaled velocity and propeller rotation rate, the propeller 
loading is also correct. Depending on the scale of the 
model and the shape of the vessel, a correction for the 
scale effects on the ship’s wake is required; see for ex-
ample Schuiling et al. (2011). 

For some cases, however, Froude scaling is not possible 
due to limitations of the equipment (e.g. too high veloci-
ty of the towing carriage). For those cases, the propeller 
rotation rate, model velocity and basin pressure are ad-
justed to obtain the correct thrust and cavitation number. 

Narrow strips of carborundum grains are applied to the 
leading edges of the propeller blades. This ensures turbu-
lent flow over the propeller blade, which is required to 
reduce scale effects on the cavitation inception. Electrol-
ysis is used to generate small hydrogen and oxygen bub-
bles. This ensures that there are sufficient nuclei for 
cavitation inception; see Kuiper (1981). 

The static draught of the model corresponded to a full-
scale draught of TF / TA = 1.733 / 1.833 m. These values 
are the average between the draught at the start and at the 
end of the full-scale trials. Because the model is free 
with respect to trim and sinkage and the stern wave is 
also present due to the free surface in the basin, no cor-
rections for those effects were applied to the draught of 
the model. 

Analysis And Scaling 

The data is analyzed by performing a FFT and convert-
ing the result to dB with a reference value of 1 μPa. A 
correction for spherical spreading loss is applied: 

1020log
ref

rRNL SPL r  (2) 

where r is the total distance between the source and the 
receiver, rref  is the reference distance (rref = 1 m), SPL 
the received sound pressure level and RNL the radiated 
noise level corrected for spherical spreading loss. 

Lloyd’s mirror effect 

The free surface of the basin acts as a mirror for the 
submerged sound source (i.e. the cavitating propeller). 
The interference pattern between the directly received 

sound pressure levels and the free-surface reflected 
sound pressure levels is called the Lloyd’s mirror effect. 
This influences the measurements of the URN, in par-
ticular at low frequencies. A correction procedure for 
this effect has been studied within the SONIC project 
and has been discussed by Lafeber at al. (2015b) for a 
flat water surface. In this case, however, there are sur-
face waves generated by the ship model. The surface 
waves and air bubbles diffuse the sound field at high 
frequencies causing disappearance of the interference 
patterns. The change in noise level ΔRNL can be mod-
eled with the formulation given in Clay & Medwin 
(1977) for the scattering of a rough sea surface: 
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where the reflection coefficient K is given by 
2 2 2 2exp( 8 cos )surfK K s  (4) 

The undisturbed reflection coefficient Ksurf is taken as 
Ksurf = -1 valid for a free surface. The distances to the 
source rs and that to the image of the source, ri, are 
made dimensionless with h, the depth of the source. The 
depression angle θ is defined as the angle of the line 
connecting the source and receiver with respect to hori-
zontal. The frequency (ν) is made dimensionless with h 
and the speed of sound. The surface roughness factor s 
is given by 

1
4 ws h  (5) 

where w is the wave height. Based on the observations 
of the wave profiles during the model tests, a wave 
height of w = 0.2 m was used. The computed Lloyd’s 
mirror effect with a depression angle of θ = 27° is 
shown in Fig. 4. 

 
Fig. 4: Correction on measured model-scale noise levels 

due the Lloyd’s mirror effect with rough water surface 

The correction for the Lloyd’s mirror effect is applied to 
the model-scale narrow band radiated noise levels RNL
(per frequency band) to obtain the (monopole) source 
levels SL: 

SL RNL ΔRNL  (6) 



In Fig. 5 an example of the results with and without the 
correct for the Lloyd’s mirror effect is shown. 

 
Fig. 5: Scaled noise levels with and without correction for 

the Lloyd’s mirror effect 

The small peak around 2000 Hz is an artefact of the 
analysis and it is assumed that this will be more smeared 
out in practice. This has to be investigated further. 

Scaling 

These noise levels are converted to full scale with the 
scaling formulations given by De Bruijn and Ten Wolde 
(1974). The frequency f scales as 

σ
σ
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m m m
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with index s and m denoting ‘ship’ and ‘model’, respec-
tively. For constant bandwidth, the pressure disturb-
ances p’ scale as  
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with c the speed of sound. The scaling is then applied to 
the noise levels by 
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This data is then converted to 1/3 octave bandwidth. 
Application of this scaling formula to cavitation noise 
measurements in the DWB showed good agreement 
with measured full-scale data (Van der Kooij and de 
Bruijn 1984). All URN spectra in the present paper are 
given for full scale and in 1/3 octave band levels. 
The inception of vortex cavitation is delayed at model 
scale due to the larger viscous core at model scale com-
pared to full scale, McCormick (1962). This leads to an 
additional tip vortex scale effect when the cavitation 
number is within a certain range of the model scale 
cavitation inception number. A novel correction method 
is in development at MARIN that is based on the analyt-
ical result for a cavitating Lamb-Oseen vortex. The ratio 
of the cavity size and viscous core size is only a func-
tion of the ratio of cavitation number and cavitation 
number at inception, Bosschers (2009). The ratio of full-
scale and model-scale viscous core size is related to the 

ratio of full-scale and model-scale cavitation inception 
number. From the cavitation number at full scale and 
model scale and the cavitation inception number at 
model scale we can now compute the ratio of the vortex 
cavity size at full scale and model scale. The resulting 
change in the URN is then computed using the semi-
empirical relations of the ETV-model described above. 
The dependency on the vortex model is presently under 
investigation and only preliminary results are presented 
here. The method will be referred to as vortex cavitation 
scaling. 

Background Noise Correction 

The noise levels have to be corrected for the influence of 
the background noise. The background noise is usually 
measured with the propeller at identical loading but in 
non-cavitating conditions by raising the pressure in the 
basin. If there still is cavitation at the higher basin pres-
sure, the propellers are replaced by dummy hubs. 

The correction for the background noise is made follow-
ing ANSI/ASA (2009). When the difference is smaller 
than 3 dB, the result is discarded. In case of a difference 
between 3 and 10 dB, the results will be corrected. If the 
difference is larger than 10 dB, no corrections are re-
quired. This correction is applied to results presented 
here. 

Computational results 

The PROCAL computations were performed for full 
scale and the same conditions as the measurements. For 
the 7 knots condition, only a very small cavity on the 
leading edge was predicted. The computed cavitation 
patterns for 9 knots (Fig. 6) and 15 knots (Fig. 7) are 
shown below. 

 
Fig. 6: Computed pressure distribution and cavitation, 9 

knots case 

 
Fig. 7: Computed pressure distribution and cavitation, 

15 knots case 

For this particular vessel, the sheet cavitation not only 
has a local maximum extent around the usual 12 o’clock 
position, but also around the 6 o’clock position. Please 



note that since PROCAL is a BEM, the tip vortex is not 
captured in the computations. 

Model tests: influence of electrolysis 

As discussed earlier, electrolysis is used to generate 
hydrogen bubbles, which acts as nuclei for proper cavi-
tation inception. Bubbles, however, also influence the 
speed of sound and thus sound propagation in water. 
Model tests with and without electrolysis were per-
formed for the 7 knots and 9 knots conditions. At 7 
knots (Fig. 8) the noise levels without electrolysis are 
very close to the background noise and the cavitation 
noise can only be discerned for a small part of the spec-
trum.  

 
Fig. 8: Noise levels with and without electrolysis, 7 knots 

case 

The results of the test with electrolysis are a few dB 
higher than those without electrolysis and can thus be 
distinguished from the background noise. In the obser-
vations it was seen that when using electrolysis, there is 
a small tip vortex, see Fig. 9. 
 

 
Fig. 9:  Cavitating tip vortex at 7 knots with electrolysis 

During the test without electrolysis, this tip vortex is not 
present. This shows that the electrolysis is indeed re-
quired for the inception of cavitation. At 9 knots, how-
ever, there already is cavitation without electrolysis. 
The results at 9 knots with and without electrolysis (Fig. 
10) show no difference in cavitation noise levels. This 
means that the presence of the bubbles does not influ-
ence the noise transfer from the propeller to the hydro-
phones in the basin. 

 
Fig. 10: Noise levels with and without electrolysis, 9 knots 

case 

Comparison with the full-scale measurements 

Two separate measurements were carried out at full 
scale for each condition: one measurement by Cetena 
(Dambra, 2015) and one measurement by the University 
of Southampton (Brooker, 2014). They are indicated as 
‘Full scale 1’ and ‘Full scale 2’ in the figures showing 
full-scale results. In Fig. 11 a comparison of the model 
test and full-scale test results is shown for the 7 knots 
case. The computational results of the ETV model are 
also shown. Brown’s model was not used for this case 
since there is no sheet cavitation. 

 
Fig. 11: Comparison of computational, model test and 

full-scale results, 7 knots case 

The model tests are 15 to 20 dB lower than the full-
scale results. In model scale, there was only a very small 
tip vortex (see Fig. 9), while at full scale this vortex is 
much larger; see Fig. 12. This difference is considered 
to be due to viscous scale effects on the tip vortex cavi-
tation as it is rather close to inception on model scale. 
 



 
Fig. 12: Full-scale cavitation observation, 7 knots case 

Therefore, the vortex cavitation scaling, as discussed 
earlier, was applied to these test results. The correction 
was based on a cavitation number for inception at model 
scale of σn = 5.5. Application of the McCormick scaling 
with m = 0.35 gives a corresponding full-scale shaft 
rotation rate of 376 RPM. This matches well with re-
ported full-scale values. Turkmen et al. (2015) estimate 
cavitation inception to occur between 372 and 400 shaft 
RPM (650-700 engine RPM). This leads to an increase 
of the model-scale noise levels by 16 dB and a shift of 
the peak frequency of -400 Hz. The model test results 
including the vortex cavitation scaling correction are 
shown in Fig. 13. The corrected noise levels show a 
very good agreement with the full-scale measurements; 
the difference is smaller than 3 dB for most of the fre-
quency range. 

 
Fig. 13: Model test results corrected for vortex cavitation 

scaling compared to full-scale data, 7 knots case 

At 9 knots, there is sheet cavitation so Brown’s model 
has been included in the computational procedure. In 
Fig. 14 the results of the computation with only the 
ETV model are shown as well as a combination of the 
results of the ETV model and Brown’s model. 

 
Fig. 14: Comparison of computational, model test and 

two sets of full-scale results, 9 knots case 

The computational results and model test results show a 
good agreement. The slope of the noise levels at the 
higher frequencies shows a good agreement with full 
scale, but there is an offset of about 10 dB. When using 
the vortex cavitation scaling procedure for this case, a 
shift of 3 dB and -200 Hz is found. As the cavity is 
much further developed, the scaling correction has re-
duced compared to the 7 knots case. The corrected re-
sults for 9 knots are shown in Fig. 15 where it is seen 
that a significant difference is still present around 
1  kHz. 

 
Fig. 15: Model test results corrected for vortex cavitation 

scaling compared to full-scale data, 9 knots case 

When comparing the cavitation observations shown in 
Fig. 16 and Fig. 17 it can be seen that on full-scale there 
is a small sheet cavity near the leading edge, which is 
not present on model scale. This can be the reason for 
the discrepancy in noise levels. 
 



 
Fig. 16: Model-scale cavitation observation, 9 knots case 

 

 
Fig. 17: Full-scale cavitation observation, 9 knots case 

 
At 15 knots, see Fig. 18, the results of the model tests 
are closer to the full-scale results, especially at low and 
high frequency. At mid frequency a substantial differ-
ence is still present. The vortex cavitation scaling gives 
a negligible difference and was therefore not applied. 
The computational prediction is good although the slope 
of the spectrum is somewhat larger than observed in the 
measurement data.  

 
Fig. 18: Comparison of computational, model test and 

full-scale results, 15 knots case 

Comparing the model-scale (Fig. 19) and full-scale (Fig. 
20) cavitation observations it can be seen that there is 
less sheet cavitation on model scale than on full scale, 

similar as for 9 knots. The reason for this is unclear, 
possible causes are differences in propeller geometry or 
differences in the test-condition. 
 

 
Fig. 19: Model-scale cavitation observation, 15 knots case 

 
Fig. 20: Full-scale cavitation observation, 15 knots case 

 

Conclusions 

Computational and experimental predictions have been 
made for the radiated noise levels of the small research 
vessel The Princess Royal. For the experimental predic-
tions made by model tests in MARIN’s Depressurized 
Wave Basin, a correction for the Lloyd’s mirror effect 
on the radiated noise levels has been demonstrated. 
Electrolysis for generating nuclei is shown to be re-
quired to have proper vortex cavitation inception at low 
ship speeds. When there is developed cavitation, the 
cavity extents are no longer influenced by electrolysis 
and the bubbles from the electrolysis also do not influ-
ence the noise levels measured by the hydrophones in 
the basin. 
The model test results for 7 knots initially show an 
underprediction of the noise levels. However, after 
applying a new vortex cavitation scaling method, the 
correct noise levels are found. This procedure should be 
taken into account when performing the tests in condi-
tions close to inception. 
For 9 and 15 knots, the agreement between the model 



tests and full scale is good for low and high frequency. 
In the mid frequency range there is a difference of about 
10 dB which is most likely due to the smaller sheet 
cavity extent in the model tests than in full scale. The 
reason for this discrepancy is unknown. 
The computational methods presented here can predict 
the underwater radiated noise levels with reasonable 
accuracy when using the default values for the empirical 
coefficients. 
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Abstract 

The paper presents a procedure developed for designing new 
floating floors for marine applications. The procedure aims at 
the improvement of the capability of a new floating floor to 
isolate structure borne noise. After an introduction to the the-
oretical background on which this procedure is built, the au-
thors present the results obtained applying the developed pro-
cedure to a case study. The procedure includes numerical Fi-
nite Element simulations and experimental tests. The simula-
tions aim at the optimization of the resilient material used to 
decouple the upper floor from the structures. The optimized 
configurations are then built and tested in laboratory. These 
tests allow the researchers to identify the floating floor reso-
nances and to evaluate their effect on the Transmission Loss 
levels. The results of the research activity show the effective-
ness of the developed procedure and highlight the importance 
of the experimental tests to validate the outcomes of the simu-
lations. 
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Introduction 

Comfort on ships has become of paramount importance 
over the last few decades. As noise and vibration levels 
mostly affect the overall comfort level on ships, ship-
yards and research institutes have focused their research 
activity in the development of effective methods to con-
trol noise and vibration energy generated by on-board 
sources, and to mitigate noise and vibration levels on ac-
commodation decks and on workplaces. These methods 
aim at different types of ships. Indeed, improving com-
fort on cruise ships and mega-yachts is a key factor to be 
competitive in the market. On the other hand, improving 
on-board comfort levels on other merchant vessels imply 
improving safety for crewmembers, as they are not ex-
posed to hazardous noise and vibration levels in work-
places, and they can have proper rest in accommodation 
areas (DNV, 2009). 

Several noise and vibration sources are installed on ships. 
Engines employed as prime movers or gen-sets, propel-
lers, bow and stern thrusters, auxiliary machinery, HVAC 
systems and mooring systems are noise and vibration 
sources. Moreover, the entertainment system and human 
activities also increase noise and vibration levels on 
cruise vessels and mega-yachts. The acoustic energy gen-
erated by these sources is transmitted through the air (air-
borne noise) and through the structures (structure borne 
noise). In order to control the acoustic energy transmitted 
through the structures, the noise sources are usually resil-
iently mounted. This solution effectively isolates the 
sources only if the resilient mounting system is properly 
designed and then tested (Biot et al., 2014a, Biot et al., 
2014b; Moro et al., 2013). The acoustic energy transmit-
ted to the accommodation areas can also be controlled 
using floating floors and walls that isolate the receiver 
from the surrounding environment. In particular, floating 
floors are effective solutions to mitigate impact noise and 
structure borne noise (Kim et al., 2006; Cavanaugh et al., 
2009). Therefore, a proper design of these devices should 
take into account both these aspects. Several research ac-
tivities have been done in the recent years in order to 
characterize the impact acoustic isolation of floating 
floors for civil and marine applications. The outcomes of 
these researches provided insight into the influence of the 
dynamic stiffness of the resilient material on the Trans-
mission Loss curve of the floating floor (Ramorino et al., 
2003; Lin et al., 2005; Ladislav et al., 2007; Kulik et al. 
2009; Schiavi et al., 2010), and on the development of 
high-performant materials (Faustino et al., 2012; Kino et 
al., 2012; Jahani et al., 2014; Nadal Gisbert et al., 2014). 
Moreover, other researchers focused their activity on the 
development of theoretical models for the prediction of 
the dynamic behavior of floating floors. Cha and Chun 
(2008) developed two theoretical models to predict the 
insertion loss of floating floors. The results achieved us-
ing these models were benchmarked against the out-
comes of experimental tests. Cho (2013a; 2013b) inves-
tigated the influence of the frequency-matched reso-
nances on impact sound transmission. The outcomes of 
numerical hybrid FE-SEA models were validated by the 
outcomes of experimental tests. 



In the last decades, researchers have also focused their 
attention on the capability of floating floors to isolate the 
receiving room from stationary structure borne noise 
sources. The latter is an issue on civil buildings and 
dwellings, and on ships and marine structures. Oguc and 
Hadzikurtes (2015) investigated the capability of differ-
ent floating floors to isolate the structure borne noise gen-
erated by machinery installed on concrete structures. Joo 
et al. (2009) performed a series of experimental tests that 
showed that noise level in ships’ cabins is dominated by 
the acoustic energy transmitted by the cabin floor. Riz-
zuto (2000) and Ferrari and Rizzuto (2005) studied the 
damping effects of viscoelastic materials applied to ship 
structures. Viscoelastic materials are often applied to ship 
structures in order to dampen the vibration energy trans-
mitted in the low frequency range as well as in the high 
frequency range (audio frequency range). Badino and 
Rizzuto (2015) investigated the isolation characteristics 
of a new material used as resilient element in a floating 
floor for marine application. 
The state-of-the-art scientific literature review shows that 
even though several studies investigated the floating 
floors isolation performance, no design methods are 
available to control floating floors capability to mitigate 
structure borne noise levels, nor standard procedures to 
test their Transmission Loss. 
This paper presents the results of an on-going joint re-
search activity among the University of Trieste, C.S.N.I., 
and Memorial University of Newfoundland. The aim of 
this project includes the development of a rational ap-
proach for the design of new floating floors taking into 
account their capability to mitigate structure borne noise 
level generated by steady sources. This procedure in-
cludes numerical simulations and experimental tests. The 
numerical simulations aim at the optimization of resilient 
mounting elements of floating floors in terms of dynamic 
stiffness and weight containment. The optimized config-
urations are then built and tested in laboratory. These 
tests allow the researchers to identify the floating floor 
resonances and to evaluate their effect on the Transmis-
sion Loss levels. The resilient mounting elements char-
acterized by the highest levels of Transmission Loss lev-
els will then be used to create floating floors that will be 
tested on a typical panel of ship deck. 
Such a procedure is applied to develop a new floating 
floor that is considered as a case study. The results show 
the effectiveness of the developed procedure and pave the 
way for future developments of the research activity. 

Methods 

Floating floors isolate an upper floor from a subfloor (i.e. 
ship structures) realizing a structural discontinuity. Float-
ing floors for marine applications are usually divided into 
two groups: floating floors in which a continuous layer 
of decoupling material creates the discontinuity between 
the ship structures and the upper floor, and those ones in 
which resilient mounts are used as decoupling elements 
(Badino and Rizzuto, 2015). Fig. 1 shows the two differ-
ent types of floating floors used on ships. The research 
activity presented in this paper deals with the design of 

the resilient mounts employed in the second group of 
floating floors. 

 
Fig. 1: Two types of floating floor: 1. Floating floor 

with a continuous layer of decoupling material, 
2. Floating floor with resilient mounts. 

Theoretical background 

Floating floors are usually tested in order to evaluate their 
performance in terms of impact sound insulation and air-
borne sound insulation. As far as structure borne noise 
isolation is concerned, no international standards exist. 
Nevertheless, some procedures have been developed by 
researchers in order to evaluate the capability of floating 
floors to reduce structure borne noise levels. (Ødegard, 
2004) 
A vibrating panel generates noise in the surrounding en-
vironment. The mechanical energy involved is often gen-
erated by remote sources that transmit audio-frequency 
vibrational energy through connected structures (Fahy, 
2005). This is the case of ships, where engines and aux-
iliary machinery generate audio-frequency vibrational 
energy that is transmitted through the structures up to the 
accommodation decks (Moro et al, 2015). Sound pres-
sure level generated in air at standard temperature by a 
panel excited by audio-frequency vibrational energy in 
the audio frequency range is obtained according to 
(Cremer et al, 2005): 

10log( / 4 ) 10logp vL L A S   (1) 

where Lp is the sound pressure level [dB ref 20 Pa], Lv 
is the velocity level [dB ref 10-9 m/s] of the vibrating 
plate, A is the equivalent absorption area of the receiving 
room [m2], S is the radiating surface [m2] and  is the 
radiation efficiency. The latter is obtained according to 
the following relation (Fahy, 2005): 

radiated
2
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where Wradiated [W] is the sound power radiating from the 
vibrating surface,  is the air density [kg/m3], c is the 
sound velocity in air [m/s], and  is the effective 
value of the velocity of the radiator, averaged over the 
surface. 
According to Eq. 1, if A, S and  are constant, which 
means that the acoustic characteristics of the receiving 
room and of the radiating panel are constant, the sound 
pressure level Lp generated by the vibrating panel de-
creases, decreasing the velocity level Lv of the vibrating 
panel. 
As regards floating floors, the radiating surface is the up-
per floor, which radiates sound energy in the receiving 
room. If the dynamic characteristics of this surface are 
constant, the velocity level Lv of the upper floor can be 



controlled improving the capability of the resilient ele-
ment to reduce the transmitted vibrational energy. The 
floating floor can be considered as a damped single de-
gree of freedom (SDOF) system suspended on a moving 
platform. Fig. 2 shows the scheme of the damped SDOF 
system, where m is the mass of the upper floor and of the 
resilient elements, k and c are respectively the equivalent 
stiffness and the damping coefficient of the resilient ele-
ment. 

 
Fig. 2: SDOF system that simulates, in a first approxi-

mation, a floating floor.  

For this system we can define the mechanical mobility 
Mm of the mass system m as: 

m 1M mj      (3) 

where j is the imaginary unit and is the excitation fre-
quency, and the mechanical mobility Ms of the damper c 
and spring k that are connected in parallel as: 

s 1 ( ( / ))M c k j     (4) 

The motion transmissibility Tm is defined as the ratio be-
tween the motion of the system vfloor and the applied sup-
port motion vstructure: 

floor m
m
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v MT
v M M

   (5) 

Fig. 3 shows a typical Transmissibility curve for a 
damped SDOF system. We can notice that in the very low 
frequency range the motion transmissibility tends to 1. 
As the exciting frequency increases and tends to the nat-
ural frequency of the system, the transmissibility curve 
increases up to its maximum value. Then, the transmissi-
bility curve decreases and tends towards 0 as the fre-
quency ratio tends to . 

 
Fig. 3: Transmissibility curve of a damped SDOF sys-

tem with support motion 

The capability of a floating floor to isolate steady struc-
ture borne noise is often evaluated by researchers meas-
uring its Transmission Loss (Ødegard 2004; Badino and 

Rizzuto 2015). This is defined as: 

v v,structure v,floorTL L L    (6) 

where Lv,structure is the average velocity level of the deck 
structure [dB ref 10-9 m/s], and Lv,floor is the average ve-
locity level of the upper floor [dB ref 10-9 m/s]. 
By combining Eq. 5 and Eq. 6 we obtain: 

structure
v

mfloor

110log 10logvTL
v T

  (7) 

Fig. 4 shows the Transmission Loss TLv curve of a 
damped SDOF system. In this case, we can see that the 
Transmission Loss tends towards 0, as the frequency ra-
tio r tends to 0. As the frequency ratio r increases towards 
1, the Transmission Loss curve drops to a minimum. At 
higher frequency, the curve tends towards  as the fre-
quency ratio tends towards  

 
Fig. 4: Transmission Loss TLv curve of a damped 

SDOF system 

Procedure for the optimization of the resilient element 
of a floating floor 

The authors developed a new procedure for the improve-
ment of the isolation capabilities of floating floor resilient 
elements. According to Eq. 7, the Transmission Loss of 
a floating floor can be improved reducing the Transmis-
sibility of its resilient elements. If the damping coeffi-
cient c of the resilient elements is constant, this can be 
achieved decreasing the equivalent stiffness k of the re-
silient mounting system. Fig. 5 shows the typical Trans-
mission Loss curve of a floating floor (solid curve). De-
creasing the equivalent stiffness k of the resilient ele-
ments, the natural frequency  of the floating 
floor, considered as a damped SDOF system, decreases 
and so its resonant frequency decreases: 

2
r n 1 2     (8) 

where is the damping ratio: . 
This implies a shift of the Transmission Loss curve to-
wards the left part of the graph (dashed curve in Fig. 5). 
The solid curve in Fig. 5 is the Transmission Loss of a 
damped SDOF system, and the dashed curve is the Trans-
mission Loss of a damped SDOF system, that have the 
same inertia m and damping coefficient c of the previous 
SDOF system, but it is characterized by a lower value of 
stiffness k. Under the hypothesis that only the stiffness of 
the resilient element k decreases and that the mass m and 
the damping coefficient c are constant, the shift of the 



Transmission Loss curve leads to an increase in the 
Transmission Loss curve in the high frequency range. 
With regards to the low frequency range, we can notice 
an increase of the Transmission Loss in correspondence 
of the resonant frequency. This is due to the fact that the 
maximum of the Transmissibility curve depends on the 
damping ratio  (de Silva 2006). A decrease of the stiff-
ness value k implies a decrease of the maximum of the 
Transmissibility curve and so, according to Eq. 7, an in-
crease of the corresponding Transmission Loss curve. At 
frequencies lower than the resonant frequencies, the 
Transmission Loss decreases and tends to 0. 

 
Fig. 5: Transmission Loss curves of two damped 

SDOF systems. The two systems have the same 
inertia m and the same damping c, but different 
stiffness k. k is lower in the system represented 
by the dash curve. 

Even though decreasing the stiffness of the resilient ele-
ments implies an increasing of the Transmission Loss in 
the audio frequency range, it also implies higher deflec-
tion of the floating floor when it is subject to static loads. 
The static deflection of floating floor is considered as a 
constraint in the optimization process for the improve-
ment of the dynamic response of the resilient elements. 
The procedure for the optimization of the resilient ele-
ments of a floating floor developed in the research activ-
ity presented in this paper is structured as follows: 
1. development of different configurations of the float-

ing floor grillage modules, 
2. development of finite element models of the floating 

floor grillage modules, 
3. Static finite element analyses of the different config-

urations of the floating floor grillage modules sub-
ject to the design load, 

4. experimental tests for measuring the static deflection 
of the prototypes of floating floor modules, 

5. experimental tests for the dynamic characterization 
of the floating floor grillage modules. 

In the first phase of the procedure the researchers devel-
oped different configurations of the resilient elements, 
taking into account, beside the capability of the resilient 
element to isolate the floor, the feasibility of the resilient 
element, the ease of assemble and installation on board, 
and the overall cost for its production. Moreover, the 
overall weight of the floating floor was controlled over 
the development of the different configurations of the re-
silient elements. 
Later, finite element models of the different configura-
tions of the resilient elements were realized (Phase 2). 

These models are used to evaluate the static deflection of 
the different configurations of the resilient mounts sub-
ject to the design static load. An iterative procedure is 
used in order to identify the lowest stiffness of the resili-
ent element, and, at the same time, allows the floating 
floor to comply the design constraint of maximum deflec-
tion under a static compression load. The outcomes of the 
finite element analysis are a series of resilient elements 
that comply such design conditions (Phase 3). Then, Pro-
totypes of these configurations of the resilient mount 
were built in laboratory and then tested (Phase 4). The 
first series of tests aims at the validation of the numerical 
simulations and allows the researchers to verify the stiff-
ness of the prototypes of resilient mounts. Finally (Phase 
5), the prototypes were tested in order to evaluate their 
dynamic characteristics in terms of resonant frequencies 
and Transmission Loss. The outcomes of these tests will 
include the Transmission Loss curve for each configura-
tion of resilient elements. Comparing these curves the re-
searchers are able to identify the resilient element that 
shows the highest performance in terms of Transmission 
Loss. 

Case Study 

The procedure presented in the previous paragraph was 
implemented in order to optimize the performance of a 
new floating floor specifically designed to be installed 
on-board ships. This is a typical floating floor made of a 
grillage of hollow beams that are elastically suspended 
on a resilient element. The beams act as a support for both 
the noise isolation mineral wool panels, which are dis-
connected from the deck plating, and from the upper 
floor. Fig. 6 shows the floating floor grillage. The hollow 
beams are 0.6 m long, and, in its original configuration, 
2 mm thick. The material employed as resilient element 
is continuously distributed beneath the hollow beams. 

 
Fig. 6: Floating floor grillage considered as a case 

study. The typical transverse section of the hol-
low beam is shown. 

In the first phase, several configurations of the floating 
floor resilient element were developed. The aim was to 
improve the dynamic characteristics of the resilient ele-
ment in order to maximize the floating floor Transmis-
sion Loss. Two different transverse sections of the hol-
low beam were took into account: closed section and 
open section (Fig. 7). These two different configurations 



were built using two thicknesses: 1 mm and 2 mm. 

 
Fig. 7: transverse section of the hollow beam and of 

the resilient element in the two different config-
urations: a) open, b) closed 

Two different materials were used to create the decou-
pling element: viscoelastic material and rubber. Moreo-
ver, the resilient material was also considered in two dif-
ferent configurations: continuous and discontinuous. The 
geometric layout of the grillage was considered constant 
as it was harmonized with the stiffening spacing of a typ-
ical deck structure. Once the different configurations 
were identified, finite element (FE) models were devel-
oped for each configuration. Each FE model represents 
just one module of the grillage. Later, a series of FE lin-
ear static analysis was performed in order to evaluate the 
static deflection of the resilient element subject to the de-
sign static load. The latter was chosen according to the 
experience of the researchers as a vertical distributed 
compression load Pfloor equals to 2450 N/m2. Each FE 
model was loaded with this static load and iterative sim-
ulations were performed in order to evaluate the static de-
flection of the resilient element, varying the stiffness (i.e. 
the Young Modulus E of the resilient element). The max-
imum allowable static deflection dmax was set equal to 1 
mm. This value was chosen in consideration of the fact 
that a higher deflection of the floating floor could lead to 
a feeling of discomfort for passengers and crew members 
while walking on the floor. 
The outcomes of these simulations allowed the research-
ers to identify six different configurations to test in labor-
atory. The prototypes of these configurations were built 
and tested. In particular, a first series of test were per-
formed in order to evaluate the static deflection of the 
prototypes and to validate the numerical FE models. The 
resilient elements were loaded with the design load Pfloor 
and the static deflection were measured. Later, dynamic 
tests were performed in order to evaluate the resonant fre-
quency of the damped SDOF system made by the resili-
ent element and a mass that was placed on the resilient 
element in order to simulate the upper floor mass. The 
outcomes of these tests also allowed the researchers to 
identify the dynamic stiffness of the resilient elements for 
each configuration.  
After this series of tests, another series of test was carried 
out for the measurement of the Transmission Loss of the 
resilient elements of the floating floors. 

Identification of the different configurations 

The configuration a) showed in Fig. 7 was considered as 
the basic configuration in the optimization process. 
Building on the theoretical considerations previously pre-
sented, the researchers identified different configuration 
of the floating floor grillage module. These configura-
tions differ from each other for the shape of the beam sec-
tion, for its thickness, for the resilient material and for its 
application beneath the supporting beam. Indeed, the ma-
terial was applied continuously or discontinuously. The 
latter configuration was take into account by the re-
searchers in order to minimize the weight of the opti-
mized floating floor. Table 1 shows the different config-
urations that were taken into account in the optimization 
process. 

Table 1: Different configurations of the floating floor 
grillage module taken into account in the optimi-
zation process. 

Config. Beam Thick. 
[mm] 

Application Material 

0  2 Cont. Visco. 
1  1 Cont. Visco. 
2  2 Cont. Visco. 
3  1 Cont. Visco. 
4  2 Discont. Visco. 
5  1 Discont. Visco. 
6  2 Cont. Rubber 
7  1 Cont. Rubber 
8  2 Discont. Rubber 
9  1 Discont. Rubber 

Finite Element analysis of the resilient elements 

Finite element models were created in order to evaluate 
the stiffness of the resilient material to be used in the 
floating floor. As the resilient element system of the 
floating floor is made of modules (Fig. 6), one single 
module was modelled. Fig. 8 shows the FE model of a 
module of the grillage. This module corresponds to the 
configuration 4 (Table 1). 

 
Fig. 8: Finite element model of a module of the floating 

floor. 

The beam was modelled with low order quadrilateral 
shell elements (2D) with four nodes, while the resilient 
material was modelled with fully integrated linear brick 
elements (3D) with eight nodes. The model was loaded 
with the design static compression load (Pfloor=2450 
N/m2) applied to the top surface of the module. The ma-
terial of the resilient element and of the beam were sim-
ulated as an elastic material. This assumption is valid as 



the resilient element is supposed to work under small de-
formation and so its stiffness does not change during 
loading. 
The aim of the simulations was to identify the lowest 
stiffness of the resilient material in order to improve the 
Transmission Loss curve of the resilient element. At the 
same time, the resilient material stiffness should allows 
the floating floor to comply the design limit of maximum 
displacement dmax under compression load. The latter was 
selected equal to 1 mm. In the simulations of the modules 
with viscoelastic material used as resilient material, two 
different Young modulus E were considered: 0.73 
MN/m2, and 0.472 MN/m2. These values resulted from a 
first analytical analysis of the minimum allowable stiff-
ness of the resilient element subject to the design load. 
Moreover, these values of the Young modulus take into 
account the technological limitations in the control of the 
stiffness of the viscoelastic material, during its produc-
tion. With regards to the rubber material, as it was se-
lected among products available in the market, its Young 
modulus E was selected equal to 4.4 MN/m2. In Table 2, 
the bold types highlight the configurations that do not 
comply the design constraint of maximum deflection dmax 
≤ 1 mm. In the Table, fn are the natural frequencies. 

Table 2: Results of the linear static finite element analysis 
of the different configurations of the floating 
floor grillage modules. 

Config. Beam E 
[MN/m2] 

Displ. 
[mm] 

fn 
[Hz] 

0A  0.725 0.930 15.7 
0B  0.472 1.430 12.6 
1A  0.725 0.946 15.5 
1B  0.475 1.446 12.6 
2A  0.725 0.642 18.9 
2B  0.475 0.986 15.2 
3A  0.725 0.666 18.5 
3B  0.475 1.010 15.0 
4A  0.725 0.963 15.4 
4B  0.475 1.479 12.4 
5A  0.725 1.516 12.3 
5B  0.725 1.002 15.1 
6  4.4 0.184 35.2 
7  4.4 0.162 37.5 
8  4.4 0.274 28.9 
9  4.4 0.244 30.6 

Laboratory tests: static deflection of the floating floor 
under static compression load 

The results of the FE simulations allowed the researchers 
to identify the minimum allowable stiffness of the resili-
ent material of the floating floor. This implies that the re-
searchers were able to identify a minimum Young Mod-
ulus E of the resilient material. Building on the outcomes 
of the numerical analysis, six prototypes of a module of 
floating floor grillage were designed and built to be tested 
in laboratory. In this phase of the research activity, only 
the configurations with beam thickness of 2 mm were 

tested. The configurations tested in laboratory (Table 3) 
include the basic configuration, characterized by open 
section of the module beam and high stiffness of the vis-
coelastic material, which is continuously distributed in-
side the beam (Conf. A). 
The first series of laboratory tests aimed to check the 
compliance of the prototypes with the design specifica-
tions on the maximum allowable static deflection dmax un-
der a static compression load. A distributed loaded of 
2450 N/m2 was applied to each prototype. The measure-
ment of the static deflection was undertaken after 24h, in 
order to allow the relaxation of the resilient material 
(Moro et al., 2015). Each measurement was undertaken 
using an indicator. The last column of Table 3 shows the 
results in terms of displacement. According to these re-
sults, only the configuration 8 did not comply the maxi-
mum displacement limit dmax=1 mm. It is worth pointing 
out that there is a large discrepancy between the out-
comes of the numerical simulations and those obtained 
by the experimental tests. These discrepancies are due to 
the difficulty in controlling the stiffness of the viscoelas-
tic material during its manufacturing process. This can 
also explain the discrepancy showed by the numerical 
simulation of the modules with the rubber material and 
the correspondent experimental results. 

Table 3: Results of the laboratory tests for the measure-
ment of the static deflection of the floating floor 
grillage module subject to the design static load 

Config. Beam Application Displ. 
[mm] 

0  Continuous 0.37 
0A  Continuous 0.64 
2A  Continuous 0.50 
4A  Discontinuous 0.80 
6  Continuous 0.63 
8  Discontinuous 1.48 

Laboratory tests: dynamic characterization of the 
floating floor modules 

After the experimental static tests, a series of dynamic 
experimental tests was performed on the same configura-
tions tested in the static tests (Table 3). These aimed at 
the measurement of the damped natural frequency of the 
damped SDOF system made of the floating floor grillage 
module prototypes and a mass that was selected to simu-
late the upper floor. 
Fig. 9 shows the experimental apparatus employed to 
measure the resonant frequency of the system. The resil-
ient element lays on a rigid plane surface and supports 
the mass used to simulate the upper surface. The two 
parts are fastened together using bolted joints. An elec-
trodynamic shaker is used to excite the system. It is con-
nected to the upper mass by a stinger rod. A 12 channel 
data acquisition system was used to acquire the data 
measured by ICP piezoelectric accelerometers and by an 
ICP dynamic load cell that was connected to the stinger 
rod and to the upper mass. The data acquisition system 
was also used to condition the acquired analog signal and 
to convert it to a digital signal. 



 
Fig. 9: Experimental apparatus used for the measure-

ment of the damped natural frequencies of the 
modules 

A laptop was used to analyze the signal in frequency do-
main and to calculate the frequency response functions 
(FRF) obtained as ratio between the acceleration meas-
ured by each accelerometer and the force signal (Accel-
erance [m/s2N]). The FRF were calculated in terms of H1 
and H2 estimators in order to evaluate the effect of un-
wanted input vibrations on the measured data (de Silva 
2006). Moreover, the coherence functions were calcu-
lated in order to verify the quality of the measured data. 
As the calculated natural frequencies ranged between 12 
Hz and 36 Hz, a white noise signal has been used to excite 
the system. This ranged between 1 Hz and 100 Hz. 

Fig. 10: Acelerance functions in the vertical direction of 
the floating floor modules. 

The tests were carried out for each prototype of the float-
ing floor grillage module (Table 3). Fig. 10 shows the re-
sults of the experimental tests in terms of Accelerance 
functions.  
As shown in the graph, the decreasing of the resilient ma-
terial stiffness implies a decrease of the damped natural 
frequency of the system, considered as a damped SDOF 
system. Table 4 shows the damped natural frequencies 
measured in the experimental tests. In the Table, fr is the 
resonant frequency expressed in Hz. 

Table 4: Modules damped natural frequencies measured 
in the experimental tests 

Config. Beam fr 
[Hz] 

0  37.5 
0A  29.5 
2A  37.5 
4A  26.5 
6  29.5 
8  27.0 

Later, a series of tests were carried out in order to meas-
ure the Transmission Loss of each floating floor grillage 
module. Fig. 11 shows the schema of the experimental 
apparatus used in the experimental tests. The upper mass 
is bolted to the resilient element which lays on a lower 
mass. The latter is decoupled from a rigid base by means 
of soft springs. 
The stiffness of these springs was selected considering 
that the natural frequency of the SDOF system composed 
by the lower mass and the soft springs nl should be nl 

≤ 1/3 n, where n is the natural frequency of the resilient 
module and the upper mass, considered as a SDOF sys-
tem. This guarantees that the system can be considered 
decoupled from the rigid base (Moro et al. 2013). 

 
Fig. 11: Schema of the experimental layout for the meas-

urement of the damped natural frequencies of the 
modules 

The electrodynamic shaker was connected to the lower 
mass by means of a stinger rod. ICP piezoelectric accel-
erometers were attached to the upper surface of the upper 
mass as well as to the lower surface of the lower mass 
(Fig. 12). A 12 channel data acquisition system was used 
to acquire the data, condition the signals and supply the 
sensors. The input signal was white noise which ranged 
between 5 Hz and 5 kHz. In the tests, each module was 
loaded with the upper mass and the dynamic tests were 
carried out after 24 hours, in order to allow the relaxation 
of the resilient material.  
The acceleration levels acquired by each accelerometer 
on the upper surface of the upper mass were than aver-
aged in order to evaluate the velocity level on the upper 
surface, according to the following formula: 

,

10
v,floor

1

110log 10
10

v iLn

i
L    (9) 

where Lv,i is the velocity level [dB ref 10-9 m/s] measured 
at the i-point of the upper surface of the upper mass. The 
same formula was used to calculate the average velocity 
levels Lv,structure of the lower surface of the lower mass. 

The resulting average velocity levels are showed in Fig. 
13. 



 
Fig. 12: Experimental apparatus used for the measure-

ment of the damped natural frequencies of the 
modules 

 
Fig. 13: Transmission Loss curves of the floating floor 

grillage modules 

According to the theoretical considerations presented be-
fore, in the neighborhood of their damped natural fre-
quencies all the Transmission Loss curves tend to zero (f 
≤ 40 Hz). As the frequency increases, the curves increase 
about linearly in the log-log graph. Moreover, we can see 
a general trend of the Transmission Loss curves which 
increase their values as the stiffness of the resilient mate-
rial decreases. In particular, the stiffest modules (Conf 0 
and Conf 2A) are characterized by the lowest Transmis-
sion Loss. On the other hand, the Conf. 4A and Conf 8, 
which are characterized by the lowest stiffness of the re-
silient materials, are characterized by the highest value of 
Transmission Loss. Afterwards, the curves deviate from 
their ideal behavior and a series of peaks are shown. This 
means that the modules no more behave as a damped 
SDOF system. Indeed, at high frequencies, the floating 
floor module beams no more behave as rigid bodies and 
this affect the overall behavior of the module. Moreover, 
the same consideration can be made as regards the upper 
floor. In this case, an aluminum disk was considered to 
simulate the upper floor. The outcomes of dynamic sim-
ulations performed to evaluate its dynamic behavior 
showed that its first mode appears at 1.25 kHz. This is 
reflected by the drop of the Transmission Loss curves in 
this 1/3 octave band. 

Conclusion 

The paper presents the results of an optimization process 

which aims at the improvement of the capability of a 
floating floor for marine application to isolate on-board 
structure borne noise. After an introduction to the theo-
retical background on which the procedure is built, the 
authors present the results of numerical and experimental 
tests carried out to improve the isolation effect of a float-
ing floor. The results of the experimental activities show 
the effectiveness of the developed procedures. In partic-
ular, the outcomes of the measurements undertaken to 
evaluate the Transmission Loss curves show that the 
floating floor can be considered as a SDOF system in the 
low frequency range. In the high frequency range, the 
Transmission Loss curves deviate from the ideal behav-
ior as the dynamics of the floating floor components af-
fect the overall Transmission Loss. Nevertheless, the au-
thors highlighted the discrepancy showed when the out-
comes of the numerical simulations are benchmarked 
against the results of the experimental tests. This is due 
to the manufacturing process for the fabrication of the re-
silient material. Indeed, during this process the physical 
characteristics of this material are difficult to control. 
This does not affect the significance of the numerical 
simulations that provides the researchers with useful in-
formation on the stiffness limits of the resilient materials, 
but it implies that the experimental tests presented in this 
paper should always be carried out in order to verify the 
actual characteristics of the material. The research activ-
ity is carrying on and the experimental tests presented in 
this paper will be performed on the configurations with 
the hollow beam thickness equal to 1 mm. Finally, the 
selected modules will be used to build floating floors that 
will be tested in order to verify the effectiveness of the 
optimized solutions when applied to full-scale floating 
floors. 
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Abstract

A simplified nonlinear ODE model for spar dynamics is
developed to address the pitch response of a spar plat-
form when subjected to rare wave groups. This paper uti-
lizes a non-homogenous linear Mathieu equation to cap-
ture the phenomenon of parametric resonance for one-
way heave-pitch coupling. Incoming wave profiles, se-
lected from Pt. Reyes oceanographic physical wave data,
excite heave motions which parametrically excite pitch.
Rare wave groups are shown to provide appropriate ex-
citation while illustrating the extreme responses possible
when a tuned wave group sets off parametric resonance.
A correlation is found between the occurrence of such
wave groups and a maximum pitch response.
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Introduction

Spar platforms are an attractive option for deep-sea op-

erations due to their minimal motions in ocean waves.

Typically, the natural periods for heave and pitch of spar

platforms in the Gulf of Mexico are approximately 28 and

60 seconds, respectively (Rho and Choi, 2005). These

long resonant periods protect the spar platform from ex-

treme motion by normal wave excitation, but risk excita-

tion from longer period swells. The addition of mooring

lines and tensioners can lower the heave natural period,

closer to what may be contained in a typical ocean en-

vironment (Perryman et al., 2009). Numerous authors

have considered the possibility of extreme motions of

platforms, possibly by parametric excitation, as sea con-

ditions become more harsh. Perryman et al. looked at

the Holstein spar platform, which operates in the Gulf of

Mexico and found that its mechanical tensioners lower

the heave natural period to 18.2-20 seconds, matching

periods seen in extreme seas in the region. The authors

further found that during Hurricane Ike, significant wave

heights were measured at 45 ft, that being 13% higher

than the design basis. Cruz and Krausmann (Cruz and

Krausmann, 2008) note that Hurricane Katrina caused

significant damage to platforms in the Gulf of Mexico,

including setting adrift 6 drilling rigs. During Hurri-

cane Rita, Chevron’s Typhoon capsized, apparently due

to moorings loosed and damaged during the storm (Cruz

and Krausmann, 2008). Although such damage could

be caused by wave impact loads, it is certainly possi-

ble that the extreme storm conditions also caused para-

metric resonance-related events. Current design stan-

dards, including 100-year storm criteria for maximum

wave height and expected peak modal period, are under-

predicting conditions seen in the Gulf of Mexico. The

conditions required to excite a spar platform are more

likely than originally anticipated, and parametric reso-

nance of spar platforms must be addressed.

Extreme responses due to parametric excitation are

fundamentally different than those due to a single,

episodic (e.g. rogue) wave. One of many examples in

the literature of an extreme response to a single large

wave is given by Taylor et. al (Taylor et al., 1997). In

that work, a Jack-up platform is subjected to a large wave

embedded in an otherwise unremarkable random sea time

series. The large wave acts as an impulsive load on a dy-

namic system. In contrast, an extreme response in para-

metrically excited systems is generally due to a sequence

of successive waves with sufficient amplitude and period.

Rho and Choi investigate parametric resonance, or Math-

ieu instability, and show that it does occur experimen-

tally for spar platforms (Rho and Choi, 2002). Haslum

and Faltinsen show that Mathieu instability can occur in

pitch for a spar platform. They also note that extreme

heave-pitch coupling, again described as a Mathieu insta-

bility, can be excited when the spar platform sees regular

waves with a constant wave period (Haslum and Faltin-

sen, 1999). Such a wave train would be represented well

as a wave group, and is investigated here.

Rare wave groups as defined as a maximum in a de-

rived Gaussian process (see Eq. 1) were shown to exist

in naturally occurring sea states (Seyffert and Troesch,

2016) and may provide the forcing required to set off

parametric resonance in spar platforms. For model tests

on spar platforms in irregular waves, even for long-time

simulations, it cannot be known a priori if a simula-

tion period includes wave trains expected to cause a rare

event. Usually, a sufficiently long time run time is re-

quired and thus assumed to include in the generated sea-

way wave trains necessary to test the survivability of the

platform. If a designer has detailed physical oceano-



graphic data for a potential spar location and is con-

ducting model tests, there is no convenient way to deter-

mine which subset of that site-specific data should used

as model test conditions. It generally is not possible to

run exhaustive model tests for, say, 100 hours, and a de-

cision must be made about what time series will suffi-

ciently challenge a model’s survivability and produce a

lifetime dynamic response. A method which can link

large responses to some characteristic of the wave ex-

citation would give valuable direction about which time

series to test. This paper examines the correlation be-

tween naturally occurring wave groups and large pitch re-

sponses of a spar platform, the objective being to provide

that predictive measure. Real data from the Pt. Reyes

Buoy Coastal Data Information Program (2016) models

the temporal wave excitation thus reflecting realistic en-

vironmental conditions.

This paper includes the following parts. First, the defi-

nition of wave groups is presented and examples of such

groups in physical oceanographic data are given. In ad-

dition, a low-order model for coupled heave-pitch spar

motions is stated. The second part describes the method

by which we examine the spar platform’s response to a

pre-defined average wave group. In order to calibrate the

model, times from the onset of the wave group to maxi-

mum pitch are collected and tabulated into group statis-

tics. And finally, the third part uses the aforementioned

oceanographic data as input to the nonlinear spar model

where any correlation between rare wave groups and ex-

treme pitch may be assessed.

Wave Data

Physical ocean data is taken from the Pt. Reyes buoy,

operated by CDIP (Coastal Data Information Program,

2016). For this paper specifically, a subset of the available

data representing larger wave heights is examined. The

general wave characteristics are given in Table 1. These

seventy 30-minute time series are searched for rare wave

groups, which are used as the wave input to determine the

heave/pitch response.

Table 1. Ranges of significant wave height Hs and
peak modal period Tp for examined time series

Parameter Value

Hs Range 6.36 → 8.28 m

Tp Range 10.22 → 19.36 sec

Number of 30-minute time series 70

Total Time 35 hours

4σ (Ensemble Average) 7.09 m

Ensemble Peak Period (Tp) 14.88 sec

Models

To determine the correlation, if any, between large pitch

responses and the occurrence of wave groups, the spar

platform response is considered in steps. First, an in-

coming wave elevation, here each of the 30-minute time

series, is used to excite a heave response, as defined

by a heave transfer function. This heave response then

drives a pitch equation represented as a Mathieu equation.

The time-varying heave response provides a time-varying

pitch stiffness, which allows for potential parametric res-

onance. The resulting pitch time series is then examined

for large responses. What is unique about this method is

that the incoming wave elevation is real ocean data. This

differs from methods of embedding sine waves or pre-

scribed autocorrelation functions into random time series

to simulate wave groups. We can be sure that these wave

time series do exist and may set off parametric resonance.

Wave Groups

In (Seyffert et al., 2016), a mathematical formulation of

a wave group was developed and compared with physical

ocean data. A summary is given here. We start, Eq.(1),

with the definition of a Gaussian derived process, as first

given by Kim and Troesch (2013). Here, η(t) is the wave

elevation at a specific spatial coordinate, τ is a defined

period of interest, and k is the wave group index (number

of waves in group).

zk(t) =

k∑
p=1

η(t+ (p− 1)τ) (1)

The result of the analysis relates large (i.e. extreme)

values of zk(t), defined as ẑk, to wave groups. It has

been shown, by using Fourier Transform theory, along

with the derived process and the Wiener-Khinchine re-

lations, the mathematical formulation for the expected

shape of the wave group conditioned on large values of

ẑk can be derived (Seyffert et al., 2016). In that work, the

wave elevation expected value, conditioned on a maxi-

mum of the derived process at to, forms a wave group of k
waves, proportional to the sum of k autocorrelation func-

tions of the wave elevation spectrum, separated in time

by (p− 1)τ , p = 1 . . . k. The constant of proportionality

is the value of the maximum of the derived process with

group index k, ẑk, divided by its variance, σ2
zk . Here

tp = t − (p − 1)τ . The final result is given in Eq. (2)

below:

E[η(t) |zk(0) = ẑk, żk(0) = 0] =

=
ẑk

rzkzk(0)

k∑
p=1

rηη(tp) =
ẑk
σ2

zk

k∑
p=1

rηη(tp) (2)

Also as shown in Seyffert et al. (2016), the scaling

factors can be estimated (Eq. (3) - (4)). The result

is a good match between theory, Monte Carlo simula-

tions, and physical ocean data. Spectral moments are

given from the derived process spectral density function,



Szkzk(ω) as below. The most probable extreme maxima,

ẑk, for a given exposure time, T , in seconds, is then given

(e.g. Ochi (1990)) using the zero-crossing period, To.

mzkn
=

∫ ∞

−∞
dω ωn Szkzk(ω) (3)

ẑk =
√
mzko

[
2 ln

(
T

2π

√
mzk2

/mzko

)] 1
2

(4)

An example result of the analysis is shown in Figure

1. In the top insert of Fig. 1, wave groups of 8 waves

(separated in time by 14.8 seconds) are identified by a

maximum in the derived process z8(t). These maxima

are shifted without loss of generality to 200 seconds. The

ensemble average of all 70 time series is overlaid. The

bottom insert shows the temporal ensemble average re-

peated and overlaid with the ensemble average of the 70

scaled, shifted autocorrelation functions based on Eq.(2).

Parametric Excitation and Mathieu Instability

The Mathieu equation is a second-order differential equa-

tion with a time-varying stiffness term. Such a term

offers interesting applications for marine dynamics, as

restorative forces may be time-varying based on the

body’s orientation in reference to the wave surface. In

this paper, the Mathieu equation is used to excite one-

way heave-pitch coupling to investigate whether large

parametrically-induced responses can be observed in spar

platforms. First, the transfer function of a simple spar

platform is used to calculate the heave response of the

spar due to irregular wave input. The non-dimensional

heave transfer function, is given below.

H(ω) =
1/K3

1− ω2

ω2
n3

+ 2iζ3
ω

ωn3

(5)

The heave stiffness coefficient, K3, is simply ρgπR2,

where ρ is the water density, g the gravitational constant

and R is the platform radius. The coefficient ζ3 is the

heave damping coefficient, and ωn3 is the heave natural

frequency. The heave response is calculated from an in-

coming wave elevation by

η3(t) = F−1(H(ω)F (η0(t))) (6)

Here, η3(t) is the heave response, F−1(•) indicates

the inverse Fourier Transform, H(ω) is the heave trans-

fer function as shown above, and F (η0(t)) is the Fourier

Transform of the incoming wave elevation. Then, the

pitch response is found by using MATLAB’s ode45

solver (MATLAB Release 2015b, The MathWorks, Inc.,

Natick, MA.) to integrate Eq. (7) below:

η̈5(t)+2ζ5ωn5η̇5(t)+ω2
n5

(
1− η3(t)

2GM0

)
η5(t) = M5(t)

(7)

In this equation, η5(t) is the pitch response, ζ5 is the

pitch damping coefficient, ωn5 is the pitch natural fre-

quency, GM0 is the resting metacentric height of the spar

platform, and M5(t) is an external pitch exciting moment

due to incident waves (i.e. a Froude-Krylov effect). This

exciting pitch moment is included so that the solutions

are not initial-condition dependent as small perturbations

are continuously introduced into the system. Represent-

ing external noise, M5(t) is physics-based and is a com-

bination of the incoming wave slope and squared wave

horizontal velocity (for a Morison-type effect). This mo-

ment is scaled such that when the parametric forcing part

of the equation is “turned off” (i.e. the only forcing comes

from this noise term) the rms pitch response is less than

one degree.

The spar platform specifications follow from those

used by Rho and Choi and are shown in Table 2 (Rho and

Choi, 2005). The heave and pitch damping coefficients

were the average of those for bare hulls and hulls with

appendages (damping plate and strakes). The parameters

are scaled such that the heave natural period is 14.88 sec-

onds (to match physical wave buoy data). Subsequently,

the pitch natural period is set to double the heave period,

to test for Mathieu instability in pitch.

Table 2. Spar Platform Specifications
Parameter Value

Radius 5.21 m

Draft 49.98 m

Heave Natural Period 14.88 sec

Pitch Natural Period 29.75 sec

Heave Damping Coefficient ζ3 0.03

Pitch Damping Coefficient ζ5 0.03

GM0 1.9 m

Methods

For the purposes of this paper, using the process briefly

described above, the wave elevation time series identified

in Table 1 are examined for rare wave groups. To deter-

mine the degree of correlation between a maximum pitch

response and the occurrence of a wave group, multiple

tests are carried out. First, ensemble wave groups of 1 to

15 waves with 14.88 seconds as the time between peaks

(to match ocean data) are used as the incoming wave ele-

vation. An ensemble wave group of k waves is identified

by locating the maximum zk(t) for multiple time series

representative of the same spectrum, shifting that maxi-

mum to the same time for all time series, then taking an

ensemble average. See the top insert of Figure 1 where

the ensemble average of wave groups with wave index

k = 8, τ = 14.8 seconds is presented. This method was

shown to match naturally-occurring time series well, and

is explained more in depth in previous works by the au-

thors Seyffert and Troesch (2016).

This ensemble of wave group samples is the average

of the wave time series identified by the maximum of the

derived process for the seventy 30-minute time series, for

groups of 1 to 15 waves (Seyffert and Troesch, 2016).

The ensemble average is an approximation to the summed



Figure 1. Ensemble wave group from physical buoy data (Table 1) and from Eq. 2. Hs = 7.1m, Tp = 14.9s.

autocorrelation functions, Eq.(2), as shown in the bottom

insert of Figure 1. The ensemble wave group time se-

ries are first used as input to a linear oscillator model of

spar heave, Eq.(5), providing a heave response, which in

turn parametrically excites pitch, Eq.(7). This is done

for all seventy time series, for ensemble wave groups of

k = 1,...,15 waves, where the only difference in each sim-

ulation is the external perturbation, M5(t), in the pitch

equation. This pitch forcing, the non-homogenous part

of the pitch equation, acts as a small noise term, is unique

for each time series, and ensures the pitch response is

initial-condition independent (see section on Parametric

Excitation and Mathieu Instability for more details).

Each pitch time series is then examined for the max-

imum pitch response and where this response occurs in

relation to the start of the ensemble wave group. Consid-

ering a forced, damped linear oscillator, we would expect

a resonant response to initially grow as long as the forc-

ing is present, then to decay when the forcing ends. In

this way, we expect the maximum pitch response to occur

roughly when the wave group ends (the heave response

will be a smoothed version of the wave elevation, with a

slight shift, since the heave transfer function is essentially

a band-pass filter). Our damped system will cause some

lag between the forcing and response.

By examining the time between the maximum pitch

response and the start of a wave group for groups of 1

to 15 waves, we gain insight on where we might expect

wave groups to emerge in time series relative to large

pitch responses. Essentially, we can estimate a “causa-

tion period” for wave groups of k waves, meaning that if

a large wave group of k waves occurs, we might expect

a correspondingly large pitch response some determined

period later. We can then simulate pitch responses due

to the seventy 30-minute wave time series from the Pt.

Reyes buoy. These time series will also contain physi-

cal wave groups whose average structure is captured by

the empirically-based ensemble wave groups, e.g. Fig.1,

or the theoretical expected shape, i.e. Eq.(2). However,

these wave groups will be “hidden” among the apparently

random structure of the time series, and not easily de-

tectable without the derived process method (Seyffert and

Troesch, 2016). It is important to note that we can iden-

tify qualitative trends, but not quantitative answers, from

this first analysis. As the pitch equation is a non-linear

equation, the ensemble input will not be transformed into

the ensemble output (as would be the case for a linear sys-

tem). However, this first step will give direction on where

to look for wave groups based on locations of maximum

pitch response. We can then go forward with calculating

a pitch response for each of the seventy 30-minute time

series, and collect statistics to determine possible corre-

lation between a maximum pitch response and the occur-

rence of large wave groups.

Time Between Maximum Pitch Response and

Wave Group Occurrence

Here we consider whether specifically tuned wave groups

cause pitch instability by looking for correlation between

large pitch responses and the occurrence of wave groups.

As described in the Methods section, we first find where
to look for wave groups based on large pitch responses.

To determine how incoming wave groups may paramet-

rically excite pitch, we examine the time shift between

maximum pitch response and the start of the ensemble

wave group. Wave groups are found by identifying the

maximum of the derived process of a time series.

Calibrating Wave Group Onset & Maximum Pitch
Response

We conduct 70×15 tests to examine the effect of the ini-

tial condition (i.e M5(t)) on the pitch response and the

time lag of the pitch maxima to the start of an ensemble

wave group. The 15 deterministic wave groups, based on

ensemble averages, excite heave, and subsequently pro-

vide parametric excitation in pitch. The 70 buoy time

series provide external excitation in the pitch equation

through M5(t). The maximum pitch response and the

time between the start of the ensemble wave group and

pitch maxima, τẑk , are recorded for each test. τẑk is nor-

malized by the wave group period Tp = 14.88sec. Ta-

ble 3 records the ensemble statistics. The values in col-

umn 2 are the expected number of wave periods between

the start of the wave group and the pitch maxima. Col-

umn 3 gives the standard deviation of this time period,



σ(τẑk/Tp). Column 4 is the average maximum pitch re-

sponse of all 70 tests, E[η̂5], for each wave group index

k. Figure 2 is an example of a single test for an ensemble

wave group of 15 waves.

Table 3. Average time between start of ensemble wave
group and maximum pitch response

k E
[
τẑk
Tp

]
σ
(

τẑk
Tp

)
E[η̂5]

1 7.37 3.92 4.47o

2 7.03 2.67 5.13o

3 7.14 2.35 5.97o

4 7.15 2.46 6.92o

5 8.45 2.61 7.37o

6 9.29 3.35 7.17o

7 9.26 2.73 7.39o

8 10.30 2.61 7.66o

9 10.87 3.51 8.10o

10 11.75 2.85 7.77o

11 11.80 2.63 8.22o

12 13.23 2.41 8.27o

13 13.80 2.85 8.24o

14 14.53 2.74 8.52o

15 15.58 3.11 8.60o

Table 3 shows that the expected time between the start

of the wave group and the maximum pitch response in-

creases with wave group index k. Clearly a wave group

of 15 waves lasts significantly longer than a wave group

of, say, 4 waves and thus the pitch response will undergo

a longer build-up to its maximum response. For wave

groups of 9-15 waves, the expected value of the time be-

tween wave group start and maximum pitch response be-

gins to converge to the length of the wave group itself.

If we consider the nature of the parametric excitation of

the model, the pitch response will grow as long as it has

large forcing. Once this forcing stops, that is, the wave

group ends or the heave motion returns to a low level, the

pitch response will decay accordingly. Observe that the

maximum pitch response generally occurs after the wave

group ends. This lag between maximum pitch and wave

group termination is a result of continued, albeit decay-

ing, heave motion. Consistent with a damped Mathieu

model, parametric heave forcing above a given threshold

will generate an increasingly larger pitch response.

We can now estimate some time range from the statis-

tics of Table 3, to consider what, if any, wave groups may

be associated with large pitch responses resulting from

the seventy 30-minute wave time series.

Pitch Excited by Pt. Reyes Time Series

With some statistics on the “causation” range based on

Table 3 to direct where wave group induced pitch re-

sponses may occur, we can estimate the level of corre-

lation between the two events. That is, for a given wave

group index, k = 1,...,15, the sub-period, τsearchk
, where

we identify the local maximum Ẑk (wave group of k

waves with beginning restricted to τsearchk
), is defined

by Equation 8. The time of the maximum pitch response

is denoted as τ̂η5
.

τsearchk
= τ̂η5

−
(
E

[
τẑk
Tp

]
± σ

(
τẑk
Tp

))
× Tp (8)

The seventy 30-minute time series are used to gen-

erate a heave, then pitch response, as explained in the

Methods section. We locate the maximum pitch response

within that record, and then use the range as dictated

by Table 3 and Eq.(8) as the reference frame to locate

a maximum wave group of 1 to 15 waves which occurs

during that time period. For a given wave group index

k, we can then create a ratio of the maximum value of

the derived process during the specified range, and the

maximum of the derived process within the entire 30-

minute record itself. This ratio will illuminate whether

a large value of the derived process (a wave group) may

have an effect on the resulting pitch motion. If there is

a high correlation between a large value of the derived

process (a large wave group) occurring and a large re-

sulting pitch response, we would expect this ratio to con-

verge to 1, meaning the largest wave group in the time

series is within the predicted range of time preceding the

largest pitch response. We can consider that if the prob-

ability the largest wave group in a time series occurs in

the expected “causation period” approaches 1, we have

determined a strong correlation between the two events:

large wave group and large pitch response. Conversely,

if there is no correlation between pitch response and a

wave group occurrence, we would expect this ratio to be

around 0.4. This “uncorrelated ratio” comes from the ra-

tio of the expected value of the wave elevation crest for a

30-minute time series, 1.25σ (assuming a Rayleigh distri-

bution), and the average maximum wave crest in 30 min-

utes, 3.26σ (from the Pt. Reyes buoy data). This ratio

comes to: 1.25σ/3.26σ = 0.38.

For each of the 70 time series, the local maxima, Ẑk,

in the search period, τsearchk
(Eq.(8)), is compared to the

absolute maxima for that time series, ẑk. Since we may

consider each time series as independent, the probability

our ratio exceeds some threshold is approximated by the

number of individual time series whose ratio exceeds that

threshold, normalized by the total number of time series

examined. Here we only consider time series where the

spar does not capsize (pitch less than 90o). Additionally,

we do not consider time series where the maximum pitch

occurs so early in the 30-minute time series that we can-

not look for possible wave groups before that maximum

response. In total, we consider 60 out of a possible 70

time series.

Shown below in Figure 3 is an example of an incoming

wave elevation (specifically from 01/19/2010 12:39:00)

which causes a heave and pitch response for the spar plat-

form. We look for large wave groups of k waves within

each τsearchk
and see how this wave group relates to the

largest wave group of k waves within the entire 30-minute

record. For the example in Figure 3, the ratio Ẑ7/ẑ7 = 1,

meaning the largest wave group of 7 waves in the 30-



Figure 2. Resulting pitch and heave time series from incoming wave elevation (ensemble wave group of 15 waves).

minute record also occurs in the expected time before a

large pitch response, τsearch7
. The ensemble wave group

of 7 waves is overlaid on the time series to better high-

light the structure. Without the derived process, it would

be difficult, if not impossible, to pick out a wave group of

7 waves in the shown time series. The time series clearly

exhibits large waves slightly before the time of the largest

pitch response, but less clear is the near-constant period

between the waves. This wave group period drives the

parametric excitation (i.e. heave), in turn causing a large

pitch.

In Figure 4, the distributions of the ratio Ẑk/ẑk are

depicted for k = 1, 7, 15. These three distributions are

representative of the 3 shapes of distributions found for

k = 1,...,15. For k = 1,...,5, the distributions are approx-

imately uniform between 0.5 to 1. For k = 6,...,9, the

distributions all increase sharply near the ratio value of

1. For k = 10,...,15, the distributions flatten out attain-

ing a shape somewhere between that of the low number

wave groups and the wave groups in the range k = 6,...,9.

These three general distribution shapes reveal how the oc-

currence of wave groups of different numbers are related

to large pitch responses. For wave groups of fewer waves

(k = 1,...,5) there appears not to be a strong correlation

between a large wave group of k waves occurring and a

large pitch response occurring. For this subset of wave

groups, the maximum pitch response is as likely caused

by a small wave group as a larger one, indicating that the

occurrence of wave groups with index k = 1,...,5 does not

have much affect on pitch response. For wave groups of

k = 6,...,9 waves, we see a much higher correlation be-

tween a large wave group occurring in τsearchk
, and a

large pitch response following. As we go to wave groups

of more waves (k = 10,...,15) the correlation again de-

creases, though there is still some correlation between

large waves groups and large pitch responses. It was

shown that mean wave group amplitude drops off rapidly

as the wave group index k increases (Seyffert and Troesch

(2016)) so this physically makes sense. The wave groups

with long runs exhibit more cycles of near-harmonic forc-

ing, but have lower mean wave amplitudes. Similar to

the behavior of damped Mathieu systems, these groups

may not exhibit sufficient forcing to overcome the sys-

tem damping.

Table 4. Probability of wave group occurring in period
before maximum pitch response (range specified from
Table 3 and Eq.(8))

P(Ẑk/ẑk > β)

k β = 0.999 β = 0.9 β = 0.8 β = 0.5

1 0.067 0.18 0.42 0.93

2 0.083 0.23 0.42 0.92

3 0.15 0.33 0.53 0.97

4 0.22 0.38 0.53 0.97

5 0.22 0.38 0.55 0.97

6 0.25 0.35 0.55 0.98

7 0.30 0.45 0.58 0.93

8 0.30 0.40 0.60 0.93

9 0.27 0.45 0.62 0.90

10 0.25 0.42 0.57 0.90

11 0.25 0.33 0.50 0.90

12 0.22 0.30 0.48 0.83

13 0.22 0.33 0.48 0.83

14 0.18 0.38 0.52 0.83

15 0.10 0.36 0.53 0.90

In Table 4, the probabilities that the ratio Ẑk/ẑk ex-

ceeds different threshold values β are tabulated. There

is a higher probability that the largest wave group in the

predicted time period (τsearchk
) precedes the largest pitch

response, particularly for wave groups of 7-9 waves, than

would be expected if the wave group and pitch maxima

were independent. This suggests the rather obvious con-

clusion that large pitch responses are not completely in-



Figure 3. Resulting pitch and heave time series from incoming wave elevation (01/19/2010 12:39:00).

dependent of large wave groups. When considering the

most likely wave group to be associated with extreme

pitch, wave groups of 7 waves have P(Ẑk/ẑk > 0.999) =

0.3. This means there is a 30% chance that a wave group

of 7 waves found in τsearch7
has an amplitude at least

99.9% of the largest wave group of 7 waves in the entire

30-minute record. As the ratio threshold, β of Table 4, is

lowered, this value continues to increase.

It is also instructive to consider the time series where

the largest wave group of k waves occurs in the expected

range before a large pitch response, τsearchk
. In Figure 5,

we compare the probability that the largest wave group of

k waves in the 30-minute record also occurs in τsearchk

across different k values. Analogous to the first column

in Table 4, we see that for a wave group of 7 or 8 waves,

there is a 30% chance that the largest wave group oc-

curs in τsearch7
or τsearch8

, respectively, versus only a

6.7% chance the largest wave group of 1 wave occurs in

τsearch1 . This trend corresponds well to the distributions

of k = 1, 7, 15 in Figure 4. We see in both cases that for

wave groups of around 7 waves, the largest wave groups

tend to be in the expected time before we see a large pitch

response. Also included in Figure 5 is the distribution of

the largest pitch responses caused by those wave groups

with ratio Ẑk/ẑk = 1. For wave groups of 1 wave with

Ẑ1/ẑ1 = 1, the resulting maximum pitch response is

approximately evenly distributed between the ranges of

2o − 10o, 10o − 15o, 40o − 50o, and 50o − 60o. For a

wave group of 7, however, approximately 61.1% of max-

imum pitch responses are above 20o. Wave groups of 7

or 8 waves are more likely to cause a large pitch response

than a wave group of 1 wave. We can compare this with

the distribution of the maximum pitch response across all

60 time series, as shown in Figure 6. Here we see that

most of the maximum pitch responses are grouped in the

10o − 15o range. Conversely, by considering time se-

ries where the maximum wave group occurs in the ex-

pected causation period, we see there is a greater chance

of experiencing larger pitch responses. When consider-

ing all time series equally, the chance we will see a pitch

response larger than 30o is 33%. However, if we con-

sider more specifically the time series where the maxi-

mum wave group of 7 waves occurs in τsearch7
, there is a

50% chance we will see a pitch response larger than 30o.

Figure 4. Density of Ẑk/ẑk for k = 1, 7, 15 (60 samples).

Figure 5. Distribution of maximum η̂5 realizations for
31 time series where Ẑk/ẑk = 1.



Figure 6. Distribution of maximum η̂5 for 60 time
series.

Conclusions

This paper considers the phenomenon of parametric res-

onance in spar platforms using a numerical model. Real

ocean data from the Pt. Reyes buoy is used as excita-

tion, which drives a linear heave operator. The heave re-

sponse then is used as the input to a non-homogenous,

damped Mathieu equation, allowing for the possibility of

parametric resonance. Seventy 30-minute time series are

used as wave elevation input to investigate the correla-

tion between occurrences of large wave groups and large

pitch responses. Ensemble wave groups of 1 to 15 waves

are tested in the model to indicate where wave groups in

random time series may result in a maximum pitch re-

sponse. Based on τsearchk
, an expected period of wave

group preceding large pitch response, the ratio Ẑk/ẑk for

wave group index k can be calculated. This ratio rep-

resents the relative amplitude of the k-wave group lead-

ing to the largest pitch response. A ratio of 1 states the

largest wave group of k waves occurs in the predicted

time period before a maximum pitch response, thus infer-

ring some level of causation. Also considered is the prob-

ability that the ratio Ẑk/ẑk exceeds a threshold, which

varies for different wave groups. Based on this analysis,

wave groups of 7 to 9 waves are the most likely wave

group indices where the largest wave group of k waves

occurs in the “causation period” before a maximum pitch

response. We also consider the distribution of maximum

pitch responses for time series where the maximum wave

group of k waves occurs in τsearchk
. For wave groups of

1 and 15 waves, the maximum resulting pitch response

is nearly uniformly distributed between 2o − 60o. For a

wave group of 7 or 8 waves, however, the likelihood that

the maximum pitch response caused by the largest wave

group in 30-minutes exceeds 20o is approximately 61%.

The analysis presented here is model dependent, but gen-

erally represents a methodology that can be used when

considering the parametric relationship between heave

and pitch for a spar platform subjected to stochastic in-

cident waves.
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Abstract

In modern shipbuilding industry, accurate numerical pre-
diction of ship motions in large waves has become neces-
sary and important for hull form and structural design. In
this paper, with the aim of providing a practical tool for
design process, a weakly nonlinear time-domain method
using impulse response function is presented. In this
method, the frequency-domain solver is based on a Rank-
ine panel method with double-body basis flow. The ship
motions solution is obtained in time domain using convo-
lution integral to account for the memory effects related
to the free surface oscillations. Forces due to radiation
and scattering potentials are calculated on mean wetted
surface of the ship hull while the Froude-Krylov and hy-
drostatic forces are evaluated over the instantaneous wet-
ted surface. To validate this method, the vertical motions
of two hull forms advancing in head seas are studied. A
modified Wigley model and a bulker carrier model are
used. In small waves, the results of the current method
coincide with conventional linear theories. In large wave
conditions, the calculation results show good agreement
with model tests results.

Keywords

Sea-keeping; Nonlinear; Time Domain; Impulse Re-

sponse Function; Memory Effect.

Introduction

In the modern ship building industry, prediction of non-

linear sea-keeping performance in preliminary design

stage has become more and more important. This in-

cludes three aspects of the ship’s performance: estima-

tion of the operability of the vessel under rough weath-

ers, which is particularly important for offshore sup-

porting vessels; direct calculation of nonlinear wave-

induced hull girder loads, which may contribute to a

more reliable wave loads prediction in a vessel’s life-

time for structure design; calculation of the added re-

sistance in waves, which can be used to develop a more

environment-friendly vessel to address the growing soci-

ety concern on greenhouse effect. In the present paper, as

the first stage of our project, we’ll be focusing on the pre-

diction of nonlinear ship motion responses in large regu-

lar waves.

Many methods for the prediction of nonlinear ship mo-

tions have been developed in the past decade. (Beck and

Reed, 2001) has given a detailed review and discussion

of different theories. These methods can be generally di-

vided into two categories: ones based on potential flow

models, and the others based on the viscous flow models.

The viscous flow models are the most recent develop-

ment on nonlinear sea-keeping problems. At present, the

unsteady Reynolds Averaged Navier-Stokes equations is

the most popular one. Besides, there are other attempts

with Large Eddy Simulation, Direct Numerical Simula-

tion and Smoothed Particle Hydrodynamics. A complete

review of the application of viscous flow models on ship

hydrodynamics can be found in (ITTC, 2011). These

viscous flow models are very promising approaches for

global and local nonlinear problems. However, most of

them demand much higher computational cost comparing

with the potential flow models, which limits their indus-

trial applications.

For the potential flow models, as the Laplace equa-

tion is linear, the nonlinearities exist on boundary con-

ditions, i.e. body boundary conditions and free-surface

boundary conditions. Various methods have been devel-

oped to take account of different levels of the nonlinear-

ities on the boundary conditions. Attempts have been

made to solve the problem by satisfying the body bound-

ary conditions on the instantaneous wetted surface of the

body and Neumann-Kelvin conditions on the free-surface

(Lin and Yue, 1990; Magee, 1994; Shin et al., 1997),

which is known as the body-exact approach. The time

domain free-surface Green fucntion is usually used to

solve the body-exact problem. A further development of

this approach is the weak-scatter approach (Pawlowski,

1992; Sclavounos et al., 1997; Huang and Sclavounos,

1998). In this approach, the free-surface conditions for

the unsteady flow is linearized around the ambient wave

profile, with double body flow (Dawson, 1977) as the

base flow. The body-exact conditions are retained on

the body surface. The Rankine sources are used to

solve the weak-scatter problem. Both the body-exact and

weak-scatter approaches result in increase of computa-

tion time comparing with the linear theories. The above



two approaches use linearized or partially linearized free-

surface boundary conditions, and another option is to

adapt the fully nonlinear free-surface boundary condi-

tions. To solve the fully nonlinear problem of unsteady

flow, the mixed Euler-Lagrange method has been intro-

duced by (Longuet-Higgins and Cokelet, 1976). The ap-

plication of this approach can be also found in (Faltin-

sen, 1977; Cointe et al., 1990) for two-dimensional prob-

lems and (Lin et al., 1984; Scorpio et al., 1996) for

three three-dimensional problems. Besides large com-

putational time required for the three-dimensional mixed

Euler-Lagrange method, there are also numerical stabil-

ity and wave breaking problems, which have limited its

application.

As explained above, for most of the nonlinear methods,

a major concern on their application at early design stage

is the high computational cost. To develop a more practi-

cal tool, the weakly-nonlinear approach is considered as

one suitable option. In the weakly nonlinear approach,

the hydrostatic and Froude-Krylov forces are integrated

over the exact wetted surface of the ship hull at each time

step, while the radiation and scattering forces are calcu-

lated by using linear theories. A review and discussion

of these methods and their comparison with model tests

can be found in the ISSC report (ISSC, 2000). Most of

the weakly-nonlinear approaches are based on the strip-

theory assumption with various approaches for the calcu-

lation of the linear hydrodynamic forces in time domain.

(Fonseca and Guedes Soares, 1998b,a) and (Xia and

Wang, 1997) calculated the linear hydrodynamic forces

by using a impulse response function based approach.

(Xia et al., 1998) used a consistent relative motion for-

mulation to calculate the linear forces. (Watanabe and

Sawada, 1986) proposed a method to use frequency de-

pendent hydrodynamic coefficients at instantaneous im-

mersed sections. These nonlinear strip theories are very

efficient in terms of computation time. The limitations

are that the three-dimensional and forward-speed effects

are not fully included. The LAMP-2 code (Shin et al.,

1997) is a true three-dimensional method, which adapts

a linear time domain panel method with nonlinear hydro-

static and Froude-Krylov forces. However, as other time

domain approaches, this time domain 3D panel method is

also very time consuming.

To fill in the gap in the development of weakly non-

linear approaches, the authors have developed a three-

dimensional weakly-nonlinear method based on the im-

pulse response function approach. In this approach, the

hydrostatic and Froude-Krylov forces are calculated over

the instantaneous wetted surface of the body, and the lin-

ear hydrodynamic forces are presented as time convolu-

tion integral of frequency dependent coefficients that are

pre-calculated by using a 3D Rankine panel method. This

paper presents some calculation results based on this ap-

proach and its comparison with experiment.

Numerical Method

Ship Motion Equations

In the present study, the transient response of a ship in

wave is obtained by solving the motion equations (Eq.1)

with fourth order Runge-Kutta method.

Mij ξ̈j = FRL
i + FSCL

i + FSNL
i + FFKNL

i (1)

where i, j = 1 ∼ 6.

In Eq.1, except for the generalized mass Mij , all the

items are considered in time domain. FRL
i and FSCL

i

represent the linear radiation and scattering forces; FSNL
i

and FFKNL
i represent the nonlinear static and Fourde-

Krylov forces.

Radiation and Scattering Forces

The radiation forces in time domain can be represented

as follows (Liapis and Beck, 1985).

FRL
i (t) = −a∞ij ξ̈j(t)− bij ξ̇j(t)− cijξj(t)

− ∫ t

0
[Kij(t− τ)ξ̇j(τ)]dτ (2)

where i, j = 1 ∼ 6.

In Eq.2, all the coefficients are independent of the past

motion histories of the body. a∞ij is a constant dependent

on the geometry of the body; bij and cij are constants

dependent on body geometry and forward speed; Kij(t)
depends on time, body geometry and forward speed.

As only the linear radiation problem is considered

here, the time domain and frequency domain solutions

can be related by Fourier transforms (Cummins, 1962),

which gives

Kij(t) =
2

π

∫ ∞

0

[Bij(ω)− bij ] cosωt]dω (3)

cij = ωe
2(a∞ij −Aij(ωe))− ωe

∫ ∞

0

Kij(τ) sinωeτdτ

(4)

By using Eq.3 and 4, the memory effect function Kij

and ”radiation restoring force” cij can be obtained. The

frequency dependent added mass Aij and damping co-

efficients Bij are obtained by using a 3D Rankine panel

method. A similar technique is used to obtain a∞ij and bij
with zero potential condition imposed at the mean free

surface.

The wave scattering forces in regular waves are di-

rectly calculated by using the frequency domain results:

FSCL
i (t) = �{Ei(ωe)e

iωet} (5)

where Ei(ωe) is the complex wave scattering ampli-

tude obtained from 3D Rankine panel method mentioned

above.

Hydrostatic and Froude-Krylov Forces

To include the nonlinearities of hydrostatic and Froude-

Krylov forces, the hydrostatic and incident wave induced



pressure is integrated over the instantaneous wetted sur-

face of the body. In linear wave theory, the velocity po-

tential does not extend above the mean water level, and

therefore some special treatment is needed for pressure

distribution above the water level. In the present study,

the following approximation is used.

p

ρg
= −z + ζa cos(kx+ ωet)e

k(z−ζ(x,t)) (6)

As shown in Fig.1, the origin is located at the mean water

level and z+ upwards. ζa is the incident wave amplitude

and ζ represents instantaneous free surface elevation.

Figure 1: Free-surface Elevation of Incident Waves

Computation Results in Small Amplitude Waves

As a verification of this approach, motion responses of a

modified Wigley model in small amplitude regular waves

have been calculated and compared with results by linear

theory in frequency domain.

A slender Wigley model was used in this study, with

its hull surface represented as follows.

η = (1−ξ2)(1−ζ2)(1+0.2ξ2)+ζ2(1−ξ2)4(1−ζ8) (7)

where ξ = 2x
L , η = 2y

B and ζ = z
d . The simulation

conditions are presented in Table 1

Table 1: Simulation conditions of modified (slender)

Wigley model

Model Length 2.0 m

Froude Number 0.2

Wave Heading 180 deg

Wave Amplitude 0.01 m and 0.02 m

Fig.2 presents the calculation results (motion RAOs

and phases) of surge, heave and pitch. Solid lines repre-

sent the results by linear frequency domain method (3D

Rankine panel method). Three sets of time domain results

are also presented: time domain calculation with linear

hydrostatic and Froude-Krylov forces; time domain cal-

culation with nonlinear hydrostatic and Froude-Krylov

forces (wave amplitude equals to 0.01m); time domain

calculation with nonlinear hydrostatic and Froude-Krylov

forces (wave amplitude equals to 0.02m). As shown in

the figures, for both RAOs and phases, all the results in

time domain agree well with the frequency domain re-

sults. Considering the wave amplitude used in this simu-

lation is sufficiently small, these results are as expected.

This provides evidence to verify the numerical scheme

used in this approach to solve the time domain problem

including the calculation of Kij(t), a
∞
ij , bij and cij .

(a) Surge Motion

(b) Heave Motion

(c) Pitch Motion

Figure 2: Comparison of Time Domain and Frequency

Domain Results of Wigley Model



Numerical and Experimental Results in Large

Amplitude Waves

To further validate the weakly-nonlinear approach, model

tests of a bulker carrier model in large amplitude waves

have been conducted in the towing tank of Osaka Uni-

versity, Japan. The principle dimensions of the model

and simulation conditions are listed in Table 2. Figure 3

presents the 3D hull geometry of the ship.

Table 2: Model principle dimensions of bulker carrier

model and simulation conditions

Length 2.4000 m

Breadth 0.4000 m

Draught 0.1280 m

Displacement 0.0983 m3

Cb 0.8000

Froude Number 0.1800

Wave Heading 180 deg

Wave Amplitude 0.02 ∼ 0.06 m

λ/L 1.2 ∼ 1.6

Figure 3: Hull Geometry of the Bulker Carrier

The calculation results of wave exciting forces (ampli-

tudes and phases) for various wave amplitudes are shown

in Fig.4. It is clear that for surge and pitch exciting

forces, the nondenominational force amplitudes decrease

with increasing wave amplitude. The influence of wave

amplitude on heave exciting force is not significant. On

the other hand, wave amplitude does show clear influ-

ence on the phase angle of heave excitation force, around
λ
L = 1.0.

The results of ship motions are presented as RAOs

and phases against wave slope (Kζa), as shown in Fig.5.

In the figures, the experimental results, calculation re-

sults by linear theory and the present approach (weakly-

nonlinear theory) are presented, for λ
L = 1.2 and 1.6. For

surge motions (5a), at λ
L = 1.2, the influence of wave

slope on phase is significant despite little effect on RAO.

At λ
L = 1.6, the results under large wave amplitude is still

similar to the linear results. For both cases, the weakly-

nonlinear approach show good agreement with the exper-

iment. For heave motions (5b), the effect of wave slope

is obvious for both λ
L = 1.2 and 1.6. the heave RAOs de-

crease with wave slope increasing while the results of lin-

(a) Surge Excitation Force

(b) Heave Excitation Force

(c) Pitch Excitation Force

Figure 4: Calculation Results of Wave Excitation Forces



(a) Surge Motion

(b) Heave Motion

(c) Pitch Motion

Figure 5: Comparison of Numerical and Experimental

Results of Ship Motions with Different Wave Slope

ear theory remain constant. Similar to surge motions, the

results of the present method agree well with the experi-

mental results. Some difference can be found at λ
L = 1.2,

but the tendency is consistent between numerical and ex-

perimental results. Regarding the pitch motions (5c), al-

though some difference can be found in the RAO results,

the predicted tendency by the present method coincide

with the one found in experiment.

Conclusions

In this paper, we presented a weakly-nonlinear method

for sea-keeping calculation in large amplitude waves.

The hydrostatic and Froude-Krylov forces are integrated

over the instantaneous wetted surface of the hull with

other hydrodynamic forces calculated by linear theory.

The linear hydrodynamic forces are obtained by using the

impulse response function based theory, which largely

improve the computational efficiency comparing with di-

rect time-domain approaches. The frequency dependent

coefficients are obtained based on a 3D Rankine panel

method, including three-dimensional and forward speed

effects. The computational results by this method has

been presented and compared with linear theory and ex-

perimental results. The following conclusions can be

drawn from this study.

• The numerical scheme and the calculation of mem-

ory effect function, linear hydrodynamic coeffi-

cients are appropriate as the results in small ampli-

tude waves show good agreement with linear theory.

• In general, the calculated ship motions in large

waves by the preset method show good agreement

with experimental results. The predicted tendencies

of RAOs and phases coincide with the experimental

findings.

• It has been confirmed that for the tested ship model,

wave slope has relatively small influence on surge

motions and significant effect on heave and pitch

motions. With increasing wave slope, both heave

and pitch RAOs tend to decrease.
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Abstract  

Wave induced vessel motions and associated loads have been 
an area of research for several years due to their importance 
in assessing the operational life of the vessel and for meeting 
other design criteria. This paper presents studies on predic-
tion of catamaran motions at zero and forward speed using 
2D linear strip theory. Sectional hydrodynamic properties for 
the twin hull vessel are determined through a source-
distribution (so-called Frank close-fit) numerical technique  
by implementing two different methods. Comparisons between 
theoretical and experimental results are presented for two 
different hull forms and discussed in comparison to other 
evaluations and available results for zero and forward speed 
of catamaran. An insight into the physical nature of this twin-
hull seakeeping problem involving hydrodynamic interactions 
between the two demihulls and its solution using strip theory 
with the embedded approximations in the two implemented 
versions are discussed. 
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Introduction 

Since decades catamaran or twin hull vessels are used 
for many applications such as tourism, fishing, fire-
fighting, rescue, oceanographic research, offshore drill-
ing and naval operations. These vessels are character-
ized by two demihulls separated by a favorable distance. 
Both demihulls are connected by a cross structural 
member which provide relatively large deck area and 
vessel stability. Due to its distinct operational capability 
it is important to have a reasonably correct assessment 
of the seakeeping performance of a twin-hull vessel at 
zero and forward speeds. 
Strip-theory based methods have been very successful 
in predicting seakeeping characteristics of monohull and 
are still widely used by industry.  A similar success is 
however not found for the case of twin-hull for which 
there still exists considerable inadequacy of the theoret-
ical and experimental work. A brief review of published 
literature on wave induced twin hull motions indicates 

that the amount of work pertaining to this type of vessel 
is still quite limited and also mostly restricted to very 
specific set of conditions. 
Few authors (Van’t Veer, 1998) and (Chan, 1993) have 
attempted to solve the catamaran problem with 3D panel 
method based potential theories. However, one of the 
elementary requirements for seakeeping tool is to pre-
dict vessel response characteristics in early design stage 
for assessing crew/passengers comfort and evaluating 
the limiting design criteria required for uninterrupted 
operations in waves. This suggests a seakeeping per-
formance-evaluation tool capable of quick computa-
tions, a requirement best served by the time efficient 2D 
strip theory based potential flow methods.  
Compared to monohull seakeeping, in the case of twin 
hull vessel, presence of an additional hull complicates 
the problem and leads to hydrodynamic interactions 
between the two demihulls. It is thus essential that the 
physics of wave interaction between the two demihulls 
of the catamaran is properly captured and accounted for 
in the solution process. This is particularly important for 
ascertaining the optimum distance between the two 
demihulls, considering various practical design con-
straints. Hydrodynamic interaction effects due to the 
two connected demihulls are generally reflected in the 
computation of the hydrodynamic coefficients in fre-
quency domain solutions.  

Theoretical background 

Among the variety of available strip theories, the most 
popular version is arguably the STF method (Salvesen, 
Tuck and Faltinsen, 1970).  This variant of strip-theory 
is perhaps the most widely used computational method 
for seakeeping assessment, particularly for regular dis-
placement type monohulls. The two-dimensional prob-
lem for each strip can be solved analytically or by panel 
methods, which are the two-dimensional equivalent of 
the three-dimensional methods as described further in 
this paper. The analytical approaches use conformal 
mapping techniques to transform semicircles to cross-
sections resembling ship sections (eg., Lewis sections). 
Most such transformation-based techniques however 
have some inherent limitations, eg. most to these cannot 
satisfactorily represent submerged bulbous bow sec-



tions.  
As is well known, in a strip-theory approach, the hull is 
divided into two dimensional sectional ‘strips’, and the 
integration of these 2D sectional properties over the 
vessel length gives the 3D quantities of interest at zero 
speed. Forward speed effects are then incorporated 
through forward speed corrections of the zero-speed 3D 
properties. In this paper, we use the STF version of the 
strip theory, the details of which are presently available 
in many standard literatures (see eg. Lewis, 1989).  
Two dimensional strip theories, being computationally 
efficient, are extensively utilized as a hull form optimiz-
ing scheme for monohull. However, the most compli-
cated and time consuming part in strip theory is to solve 
for the sectional hydrodynamic coefficients. As stated 
above, there are several alternatives for determining the 
sectional hydrodynamic properties. These include tech-
niques based on mapping, eg. Lewis form and Tasai-
Porter methods (Journée and Massie, 2001), and method 
based on singularity-distribution over the sections, first 
advocated by (Frank, 1967) and is popularly known as 
Frank close-fit method. This last method is most versa-
tile among all since here the 2D sectional hydrodynamic 
problem is solved numerically through a singularity 
distribution using the 2D free-surface pulsating Green 
function appropriate for this problem. This method can 
also handle arbitrary section shapes including shapes 
which are not symmetric. This is particularly important 
for catamaran application, since here besides having 
twin hull, the individual demi-hulls can be asymmetric 
about their own center planes.   

Mathematical formulation 

Under the usual potential-flow approximations and with 
the basic linearization assumption, the total unsteady 
potential representing the flow for the present problem 
of a ship-section under the sinusoidal wave excitation 
can be represented by: 

6

1
T I D j j

j
 (1) 

Where ϕI is incident wave potential, ϕD is diffraction 
potential; ϕj is the radiation potential due to oscillation 
of the body in calm water with unit wave amplitude. 
Incident wave potential satisfies Laplace equation, line-
arized free surface condition bottom condition is repre-
sented by:  

( cos sin )0

0

ik x y kz
I

iga
e e  (2) 

Where, a0 is the wave amplitude, k is a wave number. 
xyz represents a right-handed Cartesian coordinate with 
x along the direction of forward motion with origin 
along the vertical line through CG and z = 0 represent-
ing the mean free-surface. β is an angle of incidence 
with the x-axis (1800 at head sea) and ω0 = (gk)1/2 is the 
wave frequency, which is related to the frequency of 
encounter ω by: 

0 coskU  (3) 

Where, U is vessel forward speed.  
Besides Laplace equation, all potentials must also satis-
fy the various boundary conditions along with a suitable 
radiation condition at infinity. These are stated below. 
Laplace equation in fluid domain: 

2 0j  (4) 
Linearized free surface equation: 

2

0j
ji U g

x z
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1,2,...7 0j at z  

A high frequency assumption is made that frequency of 
oscillation ω >> U∂/∂x in the free surface boundary 
condition, which reduces Eq. 5 to: 

2 0j
j g

z
 (6) 

The kinematic boundary conditions for radiation and 
diffraction potentials are given by: 

j
j ji n Um

n
 (7) 

7 0
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In (8), we have used 7 0;D I for notational 
simplicity. Here (n1, n2, n3) = n and (n4, n5, n6) = r × n; 
n is unit normal vector outward for the mean wetted 
body surface. (m1, m2, m3) = -(n.Δ)W and (m4,m5,m6) =  
-(n.Δ)(r × W); W is the steady velocity field. With slen-
der body assumption, the effect of steady velocity po-
tential due to ship advance is negligible on unsteady 
flow. Therefore mj = 0 for j=1, 2, 3, 4 and m5 = n3 and 
m6 = -n2. 
Bottom boundary condition is given by: 

0 1 ~ 7j j at z
n

 (9) 

Apart from above boundary conditions, a suitable radia-
tion condition specifying that generated waves travel to 
infinity along ± y. 
In a strip theory based solution method, the 6 radiation 
potentials can be represented by 4 of these (see eg. Lew-
is, 1989). The sectional added mass (ajk) and damping 
(bjk) are essentially the sectional radiation forces which 
can be expressed in the following form: 

2 ; , 1 ~ 4
x

jk jk j k
C

a i b i n dl j k  (10) 

Here, Cx is the cross section at x along the length of 
vessel and dl is the length of element along cross sec-
tion. From the Eq. 10, added mass and damping can be 
written separately as: 

1

x

jk j k
C

a n dl  (11) 
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Where, ℜ and ℑ are real and imaginary parts respective-
ly. ρ is mass density of water. 
To evaluate the added mass and damping for the ship 
section, the boundary value problem for the ϕ1~4 needs 
to be solved. This in intern will give the 2D added mass 
and damping for individual sections. These 2D sectional 
added mass and damping terms can then be integrated 
along ship length to get 3-D added mass and damping 
coefficients. Further detail on STF version of strip theo-
ry is available in several sources (Lewis, 1989). 
Greens function singularity distribution method known 
as Frank close fit method has been used in the present 
program to solve for ϕ1~4. 

Numerical implementation  

In determining the sectional hydrodynamic properties of 
the twin hull using the singularity distribution method 
mentioned above, presently two approaches have been 
implemented:  

1. Full 2-D cut (hydrodynamic interaction)  
2. Hydrodynamically independent hull  

In the former method, the full two-dimensional sectional 
cut taken right through both the demihulls is considered 
as a single unit. In other words, analogous to a monohull 
application, the complete section of the catamaran in-
cluding the two demihulls is taken as a consolidated 2D 
section. Sources are then distributed over the entire hull 
through appropriate discretization of the entire section, 
as depicted in Fig. 1. The singularity distribution pro-
gram that has been written for this purpose does not 
assume any symmetry and therefore the hull is discre-
tized into segments starting from the uppermost left 
point on the first demihull, right through the uppermost 
point of the right demi-hull as shown. In assembling 
matrices for all the 2N segments sequentially, however, 
care must be taken to avoid the free surface segment 
which is not part of the wetted hull section. 
 Hydrodynamically, in this approach, the radiating 
waves from both the segments interact with each other, 
and this has been termed here as the method which 
considers hydrodynamic interaction and referred to as 
‘Strip2H’ method.  
 

 
Fig. 1: Full sectional - 2D cut (hydrodynamic interaction) 

 
In the second approach, the two demihulls are assumed 
to behave independently from a hydrodynamic view-
point. Therefore the sectional properties are determined 

based on singularity distribution over a single hull, and 
these for the two demihulls are then algebraically added 
for the total sectional properties. However, individual 
hull geometries must be defined with respect to the 
origin at the centreplane of the total catamaran, as 
shown in Fig. 2. This method is termed as ‘Strip1H’ in 
this paper. 
 

 
Fig. 2: Single demihull with no hydrodynamic interaction 

Roll Motion  

Not much research efforts have been directed towards 
catamaran roll motion due to the high roll restoring 
moment arising from its high transverse stability.  The 
overall configuration of this vessel makes it safer in 
beam seas compared to a monohull. However, from the 
point of view of passengers’ comfort and cargo safety, it 
is still essential to have a pragmatic estimation of the 
roll motion.  
In potential flow methods, viscous effects are often 
accounted for by empirical or semi-empirical formula-
tion and added as a damping moment in predicting 
monohull roll motion. For these vessels roll motion is 
very sensitive to viscous effects and therefore an im-
portant parameter to be considered in the damping ma-
trix for prediction of roll motion particularly at reso-
nance encounter frequency. On the other hand, catama-
ran consists of two demihulls and its roll motion can be 
effectively represented by vertical displacements of the 
two individually opposite demihulls with offset roll axis 
located at mid-way between the two. Under the assump-
tion of linearity, the two demihulls assumed to be set in 
heave motion with opposite phase can therefore de-
scribe the roll motion. Since there is a considerable 
radiation damping in heave, the roll damping moment 
for a twin hull, therefore is contributed largely by radia-
tion damping.  
For predicting roll motion using ‘Strip1H’ which does 
not consider hydrodynamic interaction between the 
demihulls, the roll damping is thus estimated based on 
heave damping of the demihulls. As regards neglect of 
hull interactions, on physical ground this condition 
seems to be valid at high speed for the reason that at 
high Froude numbers, waves radiating from the demi-
hull section will get swept along the length without 
reaching the opposite hull. Viscous effects may still be 
important but presently, waves radiating from the demi-
hull section will on the assumption that the contribution 
of viscous damping to the total damping for a twin hull 
is small, this contribution is neglected.     
For ‘Strip1H’ method, the equation of motion for roll 
shown by Eq. 13 is solved independently of the coupled 
equation for heave and pitch. 
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Where, I44 is the rigid body mass moment of inertia 
about longitudinal axis, ζ4 and F4 are the complex am-
plitudes of roll displacement and roll exciting moment, 
C44 is the roll restoring moment. Added inertia coeffi-
cient for roll, A44 and roll damping B44 are determined 
from: 

2 2
44 33 44 330.5 & 0.5A A s B B s  (14) 

Here, s is the separation distance between the centre-
lines of the two demihulls. Note that the roll damping 
B44 is of entirely potential-flow origin and this damping 
here is fairly large because of s2 term.  

Results and discussion 

For numerical result validation, two distinct hull forms 
were used for two cases of forward speed and zero 
speed. Computed results are compared with experi-
mental data as reported in various other published litera-
ture. The zero speed case is validated for two different 
demihull separation distances.  

Forward Speed Case 

Experimental results for the TUD (Technical Universi-
ty, Delft) catamaran were model-tested at Delft Univer-
sity of Technology and MARIN (Van’t Veer, 1998). 
The test program included forced oscillations in calm 
water at Froude number (Fn) of 0.3 and regular wave 
motion transfer functions at speeds of Fn = 0.3, 0.45, 
0.6, 0.75. The regular wave motion tests were primarily 
focused on head seas. Oblique wave tests were conduct-
ed at MARIN for wave headings of 195 deg. and 225 
deg. Main particulars of the test vessel are given in 
Table 1. 
Here, only forward speed results for Fn = 0.3 are pre-
sented. 3D nondimensional added mass and damping 
against nondimensional frequency ω√(L/g) are present-
ed for head sea case in Figs. 3~10 from both the compu-
tational methods.  
The independent hull computation (Strip1H) appears to 
correlate better with the experimental values. For the 
interacting hull case (Strip2H), negative added mass 
appears to be at around ω√(L/g) = 0.3. Occurrence of 
negative added masses for twin hulls corresponding to 
the resonant frequencies of the interior free-surface is a 
realistic phenomenon (see Faltinsen (1990, 2005)). This 
phenomenon can only be captured with Strip2H method 
where entire hull is considered as a single unit. Inde-
pendent hull method (Strip1H) is unable to capture such 
a phenomenon. The presented experimental data here 
however does not show this negative added mass. As 
regards damping computations, significant viscous ef-
fects due to wet transom in the physical experiments, 
which is not accounted for in the potential flow based 
methods,  could be a possible reason for the overall poor 
correlation between computational and experimental 
results. 
 

Table 1:  Main particulars of modified series TUD cata-
maran including mass distribution properties 

Parameter, symbol  Value, unit 
Length between perpendiculars, L 3.0 m 
Beam overall, B 0.94 m 
Beam demihull, b 0.24 m 
Distance between center of hulls, s 0.70 m 
Draft, T 0.15 m 
Displacement, Δ 0.08707 m3 
Vertical center of gravity, KG 0.340 m 
Longitudinal center of gravity, LCG 1.410 m 
Pitch radius of gyration , kyy 0.782 m 
Vertical center of gravity, KG 0.278 m 
Longitudinal center of gravity, LCG 1.410 m 
Roll radius of gyration, kxx 0.389 m 
Pitch radius of gyration, kyy 0.810 m  
Yaw radius of gyration, kzz 0.930 m 

 

 
Fig. 3: Heave Added Mass at Fn-0.3 

 
Fig. 4: Pitch Added Mass at Fn-0.3 

 
Fig. 5: Coupled Added Mass at Fn-0.3 
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Fig. 6: Coupled Added at Fn-0.3 

 
Fig. 7: Heave Damping at Fn-0.3 

 
Fig. 8: Pitch Damping at Fn-0.3

 
Fig. 9: Coupled Damping at Fn-0.3 

 
Fig. 10: Coupled Damping at Fn-0.3 

Fig. 11~14 show the comparison of heave and pitch 
motion RAOs and phases at Fn = 0.3 for β=1800. The 
‘Strip1H’ method results appear to be better in agree-
ment with experimental data. The major difference is 
seen at resonant frequency: ‘Strip2H’ produces a sharp-
er peak at resonance compared to both ‘Strip1H’ and 
experimental data.  

 
Fig. 11: Heave motion RAO for β=1800 

 
Fig. 12: Heave motion phases for β=1800 

 
Fig. 13: Pitch motion RAO for β=1800  

 
Fig. 14: Pitch phases for β=1800  

Fig. 15~20 represent the result comparison for heave 
and pitch motion in addition to roll. Theoretical results 
were computed at Fn = 0.3 for two oblique sea direc-
tions of 195 and 225 deg. For all the cases of heave, 
pitch and roll motion, theoretical predictions using 
Strip2H method at resonant frequency are observed 
higher than Strip1H and experimental results. Overall, 
Strip1H method correlated relatively well with experi-
ment data.  
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Fig. 15: Heave RAO for β=1950  

 
Fig. 16: Pitch RAO for β=1950  

 
Fig. 17: Heave RAO for β=2250  

Referring to Fig. 19~20, two distinct peaks were ob-
served in roll motion RAO for 195 and 225 deg. wave 
headings using the Strip2H method. The second peak 
does not follow the trend of the experimental data. This 
resonant response phenomenon may be due to formation 
of standing wave in between the two hulls. Strip1H 
method seems to be in reasonable agreement to experi-
ments overall except missing the peak at natural reso-
nant frequency. 

Zero Speed Case 

The modified Series 64 catamaran model is used for the 
validation of results at zero speed (Fn = 0.0). Main 
particulars along with the mass distribution properties 
are provided in Table 2. Experiments (Thomas et al., 
2007) are conducted at Australian Maritime College’s 
Model Test Basin (MTB). These experiments were 
performed for different wave steepness, though no non-
linearity was observed in test results (Thomas et al., 
2007). Comparison of computed results with the exper-
imental data has presented using Figs. 21~30. Theoreti-
cal results were compared for two different wave head-
ings of 90 and 120 deg.  using two demihull separations.  

 
Fig. 18: Pitch RAO for β=2250  

 
Fig. 19: Roll RAO for β=1950  

 
Fig. 20: Roll RAO for β=2250  

 
Table 2: Main particulars of modified series 64 catamaran 

including mass distribution properties 
Parameter, symbol  Value, unit 
Length overall , L 1.530 m 
Length waterline, Lwl 1.495 m 
Beam demihull, b 0.111 m 
Dist. between demihulls, (s/Lwl) 0.306 &0.612  
Draft, T 0.046 m 
Displacement, Δ 0.00749 ton 
VCG (From base line) 0.8025 m 
Roll radius of gyration (%b),  kxx 36 & 52.7 
Pitch radius of gyration (%Lwl), kyy 24.2 
Yaw radius of gyration (%Lwl), kzz 28.2 & 25.0 
 
Hull interaction looks to be very significant at zero 
speed. The Strip2H method computations are found to 
be in good agreement for heave, roll and pitch motions. 
Strip1H method performs poorer particularly, in case of 
heave motion for 90 deg. heading for both demihull 
separations. On the other hand, Strip2H shows excellent 
agreement for the same case. 
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Fig. 21: Heave RAO for β=900 and s/Lwl=0.204 

 
Fig. 22: Roll RAO for β=900 and s/Lwl =0.204 

 
Fig. 23: Heave RAO for β=900 and s/Lwl =0.408 

 
Fig. 24: Roll RAO for β=900 and s/Lwl =0.408 

 
Fig. 25: Heave RAO for β=1200 and s/Lwl =0.204 

 
Fig. 26: Roll RAO for β=1200 and s/Lwl =0.204 

 
Fig. 27: Pitch RAO for β=1200 and s/Lwl =0.204 

 
Fig. 28: Heave RAO for β=1200 and s/Lwl =0.408 

 
Fig. 29: Roll RAO for β=1200 and s/Lwl =0.408 

 
Fig. 30: Pitch RAO for β=1200 and s/Lwl =0.408 
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These results appear to suggest that, at zero speed when 
hydrodynamic interactions between the hulls are signifi-
cant, hull interactions have a strong influence on the 
results. Strip2H method is able to capture the influence 
these interactions on the resulting motions to a large 
extent whereas the Strip1H where no interaction effects 
are taken performs very poorly. The earlier results of 
forward speed case however seem to suggest that inter-
action effects may be very small or negligible at high 
speeds, since the correlation with experiment is relative-
ly better than Strip2H. This again appear reasonable 
from a physical argument since at higher speeds, the 
radiating waves generated from one hull may not reach 
the other because the high forward motion would have 
caused the hulls to advance to new locations before the 
radiating waves could reach them.  

However, for this case, even the non-interacting hull 
computations show relatively poor agreement with ex-
periments compared to the quality of agreement of 
Strip2H with experiment in the zero speed case, which 
seem to suggest that the forward speed effects may have 
significant effect on the solution. 

Conclusion 

In the present calculation methods, potential due to 
vessel steady advance is neglected. This assumption 
could be of greater concern at very high forward speed 
due to interaction between unsteady potential and steady 
potential. The steady potential can lead to formation of 
complex wave pattern around the hull and may influ-
ence vessel motions significantly. Additionally, nonlin-
ear viscous effects, ignored in the present calculations 
can be more pronounced at higher forward speeds. The-
se may be possible explanations for poor correlation 
between computations and experiments at forward 
speed.  
In high speed operational ranges and for demihulls with 
larger separation, the radiating waves from the demi-
hulls are swept downstream before these could reach the 
other, and therefore the second approach ‘Strip1H’ may 
be able to capture reality with sufficient accuracy for 
practical computations for forward speed cases. At zero 
speed, where interactions are expected to be significant, 
especially since the radiating wave from a particular 
section reaches its image section, the Strip2H method 
captures  this  interaction and  therefore  this  scheme  is 
 
 
 
 
 
 
 
 
 
 
 
 
 

expected to provide better results. The computed results 
also appear to confirm this conjecture. In moderate 
speeds, the situation that arises is that of partial interac-
tion where radiating wave from one demihull section is 
received by opposite demihull at a section downstream. 
To capture this type of realistic phenomenon, one has to 
resort to more advance schemes like 2.5D method or 3D 
methods.   
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Abstract 

The introduction and application of advanced welding methods 
and information technologies are important to improving the 
efficiency of hull construction processes and to reducing pro-
duction costs. Laser-arc hybrid welding technology, which has 
the advantages of laser and normal arc welding, has good per-
formance and is expected to improve productivity. The Japan 
Ship Technology Research Association has organized a joint 
industry project in collaboration with universities, classifica-
tion societies and shipyards to introduce this technology to the 
construction of general merchant ships. This paper gives an 
overview of the joint research project and introduces guidelines 
on laser-arc hybrid welding published by ClassNK. 

Keywords

Laser-arc hybrid welding; hull construction; welding pro-
cedure specification; full penetration welded joint; fa-
tigue; structural integrity of welded joint. 

Introduction

The application of advanced welding technology is 
important to improving the efficiency of hull construction 
and to reducing production costs. In addition, the 
accuracy of hull construction is closely related to the 
structural integrity of the hull structures. 
Laser-arc hybrid welding technology, which has the 
advantages of laser and normal arc welding, provides 
high-quality welds and is expected to improve 
productivity and accuracy (Gerritsen and Howarth, 2005; 
Koga et al., 2010). A strong advantage of laser-arc hybrid 
welding is its low heat input compared with conventional 
arc welding. Large reductions in residual welding 
deformation are expected when applying laser-arc hybrid 
welding. Such improvements will increase the 
productivity of hull construction and permit structural 
styles that reduce the net weight of a hull. Meanwhile, the 
following difficulties arise when applying hybrid 
welding to hull construction. 

1) The plate of a stiffener is expected to have thickness 
of at least 10-15 mm. Such plates are often used for 

general cargo ships. To date, the applicable plate 
thicknesses of laser-arc hybrid welds are about 10 
mm.  

2) Although grooves are usually mechanically cut to 
avoid the occurrence of weld defects, it is necessary 
to thermally cut grooves during hull construction. 

3) A pure-CO2 shield gas needs to be applied in the 
place of a CO2 and argon mixed gas to reduce the 
construction cost.  

4) Laser power sources are expensive compared with 
other construction tools. 

5) It is necessary to check the effect of primer paint, 
which prevents the corrosion of the welded joint, on 
the structural integrity of the welded joint. 

A joint industrial research project, focusing on the 
applicability of laser-arc hybrid welding in the 
construction of general merchant ships and organized by 
the Japan Ship Technology Research Association and 
supported by the Nippon Foundation and the 
Shipbuilding Research Centre of Japan, has been 
conducted since 2012. The present paper gives an 
overview of the research project and introduces the 
guidelines of laser-arc hybrid welding for hull 
construction published by Class NK. 

Overview of a laser-arc hybrid welding machine 
applied for the research project 

To investigate the applicability of laser-arc hybrid weld-
ing technology to hull construction, new test machines 
that allow the production of long welding lengths were 
prepared. To consider the applicability of the new weld-
ing technology to heavy industries, the maximum weld-
ing length of our new test machine was set at 5 m. Laser 
and arc welding torches were fixed to gate-type moving 
cranes for welding using our new test machine. (In gen-
eral, welding torches are fixed and welded works move 
in laboratory welding test machines.) The main compo-
nents of the test machine are introduced in Tables 1 and 
2. 



Table 1: Main components of the applied welding system 
Component Overview photograph 

Laser and arc 
welding 
heads 

Gate type 
moving 
crane 

Table 2: Main specifications of the applied welding sys-
tem 

Component Specifications 
Laser power 
source 

20-kW fiber laser 
(IPG Photonics, YLS-20000-S2T) 

Arc welding CO2 welding, 500 A 
(Fronius, TPS-5000MV-R) 

Research project phase 1 

Full-penetration tee and butt joints were manufactured by 
applying the laser-arc hybrid welding system introduced 
in the previous section. These joints were subjected to 
mechanical tests to ensure the structural integrity of the 
joints. Items evaluated in the test were selected from the 
rules and guidelines of a specific classification society 
(Nippon Kaiji Kyokai). Some acceptance criteria related 
to nondestructive tests (NDTs) are regulated by classifi-
cation societies, and ISO 5817 (2003) was also used to 
judge the integrity of the welded joints. The base plate, 
welding wire and shield gas materials are given in Table 
3. Items evaluated in the mechanical tests are given in 
Table 4. The types of joints and welding conditions are 
introduced in Tables 5 and 6.  

Table 3: Materials of the plate and weld wire used 

Plate:
High-tensile steel, grade KD36 
approved by Nippon Kaiji 
Kyokai (ClassNK) 

Weld wire: 
Solid wire MG-50 (diameter of 
1.6 mm) approved by Nippon 
Kaiji Kyokai (ClassNK) 

Weld wire 
(Tack weld): 

Flux-cored wire DW-100 (diam-
eter of 1.2 mm) approved by 
Nippon Kaiji Kyokai (ClassNK) 

Shield gas: Pure CO2

Table 4: Evaluation items for mechanical tests 

Butt joint 

Full-penetration tee joint 

Tensile

Macroscopic/hardness

Face (or side) bend

Root (or side) bend

Charpy impact

Spare

Macroscopic/hardness

Face (or side) bend

Root (or side) bend

Tensile

Macroscopic/hardness

Discard

Discard

test specimen

test specimen

test specimen

test specimen

test specimen

test specimen

test specimen

test specimen

test specimen

test specimen

test specimen

M
in

. 
50

M
in

. 
50

r
W

t 1

L 1

B1

Arc welding 
torch 

Laser welding 
head



Table 5:   Experimental conditions 

ID Type Base plate Stiffener (T and C) Gap Primer Groove cut RemarksL1 B1 t1 L2 B2 t2

1 T 1000 400 21 1000 200 14 0 coated laser 1 
2 B 1000 200 14 – – – 0 coated laser 1 
3 T 1000 400 21 1000 200 9 1 removal milling 1, 2 
4 T 1000 400 21 1000 100 14 0 removal milling 1, 2 
5 T 1000 400 21 1000 200 14 1 removal milling 1, 2  
6 T 1000 400 21 1000 200 14 0 coated milling 1, 2 
7 T 1000 400 21 1000 200 14 1 coated milling 1, 2 
8 T 1000 400 21 1000 200 14 0 coated laser 2 
9 C 1000 400 21 1000 50 14 0 removal milling 3 

10 C 1000 400 21 1000 50 14 1 removal milling 3 
11 B 1000 400 14 – – – 0.5 removal milling 3 
12 T 5000 400 21 5000 400 14 0.05 coated laser 4 
13 T 5000 400 21 5000 400 14 0.05 removal laser 4 
14 T 5000 400 21 5000 400 14 0.05 removal laser 4 
15 B 5000 200 14 – – – 0.4 coated laser 4 
16 B 5000 200 14 – – – 0.4 removal milling 4 
17 B 5000 200 14 – – – 0.4 coated milling 4 
18 T 300 400 21 300 200 14 0 removal milling 5 

(Note)    
B: butt joint, C: twin-pass full-penetration cruciform joint, T: twin-pass full-penetration tee joint, 
L1, L2: length [mm], B1, B2: breadth [mm], t1, t2: plate thickness [mm] 

(Remark 1) Mechanical tests given in Table 4 
(Remark 2) Three-point bending fatigue test 
(Remark 3) Axial fatigue test 
(Remark 4) Visual inspection of appearance 
(Remark 5) Measurement of heat input and angular distortion 

Table 6:   Welding conditions 

Joint 
type Gap (mm) 

Arc
current

(A) 

Arc
voltage 

(V) 

Laser
power 
(kW)

Travel 
speed

(mm/min)

Leading
power 
source 

C and T 
0 450 29.0 8.0 

1000 Laser 
1.0 475 30.5 5.0 

B
0

400 24.4 8.0 1800 Arc 
0.5 

Table 7:   Summary of mechanical tests (twin-pass full-penetration tee joint) 

ID Type 
Visual inspection Maximum 

Vickers 
hardness

NDT 
Appear-

ance 
Cross-section 
macroscopic 

UT RT MT 

1 T No defect No defect 311 Fail Fail Fail 
3 T No defect No defect 255 Pass Pass Pass 
4 T No defect One blow hole 

with 0.4mm 
208 Pass Pass Pass 

5 T No defect No defect 260 Pass Pass Pass 
6 T No defect No defect 290 Pass Pass Pass 
7 T No defect No defect 260 Pass Pass Pass 



Table 8:   Summary of mechanical tests (butt joint) 

ID Type 

Visual inspection Maximum 
Vickers 
hardness

NDT Mechanical tests 
Appear-

ance 
Cross-section 
macroscopic 

UT RT MT Tensile Bend Minimum 
Charpy [J]

at 0 C
2 B No defect No defect 292 Fail Fail Fail Pass Pass 171 

Mechanical tests demonstrating the structural integri-
ties of laser–arc hybrid welded joints 

The results of mechanical tests are given in Tables 6 and 
7. Examples of the appearance, cross section and test 
specimens are shown in Figs. 1–4. 

(a) Front center part 

(b) Back center part 
Fig. 1: Bead appearance of joint ID 2. 

Fig. 2: Macroscopic observation of joint ID 2. 

Fig. 3: Specimens after the tensile test.

(BF1 and BF2: face bend, BR1 and BR2: root bend test) 
Fig. 4: Specimens after the bending test.

(Note.) No fracture path deviation was observed. 
Fig. 5: Specimens after the Charpy impact test.

The mechanical tests are summarized as follows. 
1) All fabricated joints satisfied the requirements of 

the mechanical tests.  
2) All fabricated joints except ID 1 (twin-pass full-

penetration tee joint) satisfied the requirements of 
NDTs. Incomplete penetration of the root with a de-
fect length of 140 mm was observed in the UT and 
small blow holes were observed in the RT for joint 
ID 1. It is thus considered that the primer paint af-
fects the generation of weld defects. 

Fatigue strength 

Although a fatigue test is required to approve the welding 
procedure, it is important to ensure the fatigue perfor-
mance of welded joints in hull structures. Fatigue tests 
were thus performed. The fatigue strength was investi-
gated by conducting three-point bending and axial fa-
tigue tests with a zero stress ratio according to ISO 
TR14345-2002 (2002).  

(a) Joint ID 3 

104 105 106 107 10810

20

40
60
80

100

200

400
600
800

1000

Number of cycles to Failure [Cycle]

N
om

in
al

 s
tre

ss
 ra

ng
e 

[M
Pa

]

IIW FAT80

Symbols: Experimental result
(Solid: Including tack welded zone)

Joint ID 3
 (Primer removed, Gap=1.0mm, Machining)

IIW FAT100

200 = 99.4 MPa Arrow: run out



(b) Joint ID 4.

(c) Joint ID 7. 

(d) Joint ID 8 

(d) Joint IDs 9, 10 and 11 
Fig. 6: S–N curves. 

Test results are shown in Fig. 6. 200 in the figure refers 
to the 98% non-destructive probability stress range at two 
million cycles obtained for each welded joint. All fabri-
cated joints had high fatigue performance compared with 
the IIW FAT 80 fatigue design curve, which is the design 
curve for non-load-carrying fillet welded joints under the 
welding conditions. In addition, Fig. 6 confirms that the 
tack weld and small defects in the welded joint do not 
affect the fatigue performance. 
By considering such high fatigue performance, it is ex-
pected that most fillet welded joints in a hull structure can 
be replace with laser-arc hybrid welded joints. 

Research project phase 2 

Project phase 2 highlights the applicability of the full-
penetration tee joint produced by one-side single-pass 
welding, which is a simple tack welding technique for 
fabrication, the fatigue performance and the angular 
distortion. Experiments preformed in the research project 
phase 2 used the same type of steel plate and welding 
wire used in phase 1. 

Tack welding technique 

Tack welding was employed to fix the stiffener. Tack 
welding was conducted over the back side of the welding 
incident. Laser irradiation without filler wire was 
performed to melt the region of connection between the 
stiffener and base plate. The conditions of tack welding 
are given in Table 9. 

Table 9:   Tack welding conditions
Laser power (kW): 3.0 
Travel speed (mm/min): 600 
Weld length (mm): 15 
Weld pitch (mm): 270 

Fig. 7: Macroscopic observations of tack welding. 

Figure 7 is a macroscopic observation of the cross section 
of tack welding. The maximum lateral distortion angle 
for this tack welding is about 0.2 degrees. Such tack 
welding can fabricate sound welded joints without using 
a strong restraint jig; e.g., large clamping devices. 
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Mechanical tests demonstrating the structural integri-
ties of the one-side single-pass full-penetration tee 
joint 

The stiffener had a plate thickness of 14 mm and the base 
plate had a plate thickness of 21 mm. The length of the 
plate was 1000 mm. Welding conditions are given in Ta-
ble 10. 

Table 10:   Welding conditions
Laser power (kW): 20.0 
Arc current (A): 425 
Arc voltage (V): 27.3 
Travel speed (mm/min): 900 
Weld length (mm): 1000 
Shielding gas of arc weld-
ing:

CO2

An overview of the fabrication and the appearance of 
weld beads are presented in Fig. 8. The figure confirms 
the fabrication of full-penetration weld joints. In 
addition, radiographic testing, ultrasonic testing and 
magnetic particle testing found no weld defects.  
Moreover, a macroscopic cross-section observation and 
Vickers hardness test were conducted according to 
guidelines (Nippon Kaiji Kyokai). Example photographs 
of the macroscopic observation and measurements of the 
Vickers hardness test are presented in Fig. 9. It was 
confirmed that there was no weld defect in any observed 
specimen. The maximum measured HV value was 258, 
which is below the maximum allowable HV value of 380. 

Fig. 8: Fabricated one-side single-pass full-penetration tee joint and appearance of weld beads. 

Fig. 9: Macroscopic observation and measured Vickers hardness distribution for Specimen M1. 
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(b) Measured Vickers Hardness (HV10kfg). 
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Fatigue strength 

The fatigue strength of full-penetration tee joints 
fabricated by one-side single-pass welding was 
investigated by conducting three-point bending fatigue 
tests with a zero stress ratio according to ISO TR14345-
2002 (2002). Specimens were arranged as non-load-
carrying joints. Measured S–N curves are shown in Fig. 
10. Fatigue-strength design curves provided by IIW and 
the measured fatigue strengths of tee joints fabricated by 
twin-pass welding shown in Fig. 6 are also presented in 
the figure. 

Fig. 10: S–N curves of full-penetration tee joints.

Although some fatigue test specimens fabricated by twin-
pass welding contained small embedded flaws or a tack 
weld region produced by semi-automatic CO2 arc 
welding, test results were not affected by these defects or 
the tack weld.  
Figure 10 confirms that the fatigue performance of full-
penetration tee joints is superior to that of the design 
curve of IIW (2008) FAT80 for the as-welded fillet-
welded tee joint and superior to that of the design curve 
of IIW FAT 100 for the toe-grounded fillet-welded tee 
joint. It is expected that conventional fillet-welded tee 
joints in hull structures can be replaced with full-
penetration tee joints by introducing laser-arc hybrid 
welding during hull construction. 
The fatigue performance of the full-penetration tee joint 
produced by one-side single-pass welding is higher than 
that of twin-pass joints. In particular, the slope of S–N 
curves for the one-side single-pass joint is more gradual 
than that for the twin-pass joint or fillet-welded joint. One 
reason that the single-pass welding joint has high fatigue 
performance is the difference in the stress concentration 
factor at the weld toe. The average value of the stress 
concentration factor of single-pass welding joints applied 
in fatigue tests was about 1.9 while that of twin-pass 
welding joints was about 2.5, because of the different 
shapes of the weld bead. These stress concentration 
factors were calculated by finite element analysis. The 
average measured weld toe radius, leg length and Frank 
angle given in Table 11 were used in creating finite 
element meshes. Commercial finite element software 
MSC Marc 2013 was used for these calculations. 

Table 10:   Geometry of the weld bead shape
 Single pass Twin passes
Weld toe radius [mm]: 2.2 0.78 
Leg length [mm]: 4.70 5.37 
Frank angle [deg.]: 45.7 51.9 

From the above results, it is concluded that the one-side 
single-pass welded tee joint has excellent fatigue 
performance. 

Angular distortion 

Reducing the angular distortion of welded joints is 
important to realizing accurate hull construction. It is 
expected that that such a reduction can be achieved by 
introducing laser-arc hybrid welding. 
The angular distortions of tee joints fabricated by 
conventional fillet welding, single-pass and twin-pass 
full-penetration laser-arc hybrid welding are compared in 
Fig.11. Full-penetration joints having a weld length of 
300 mm and comprising the same materials were 
fabricated to measure angular distortion. Welding 
conditions were the same as those in the specimen 
fabrication for the fatigue test.  
The angular distortion of the fillet weld joint was 
estimated by applying an approximation curve and a 
procedure used by Satoh and Terasaki (1976a, 1976b).  
Categories F0, F1 and F2 in Fig. 11 correspond to fillet-
welded joints having a leg length that satisfies the 
Common Structural Rules for Bulk Carriers (CSR-B) 
(2006). Category F0 is required for primary members; 
e.g., deck plates, shell plates, inner bottom plates and 
bulkhead plates. Heat input for each joint was estimated 
using a regression formula of heat input and leg length 
(Matsuoka and Yoshii, 1998). 
Figure 11 confirms that the angular distortions of full-
penetration tee joints are smaller than those of the fillet-
welded joint of category F0, although full-penetration 
joints are stronger than fillet-welded joints. The 
superiority of the single-pass full-penetration joint 
produced by laser-arc hybrid welding is thus also 
confirmed from the viewpoint of welding deformation. 

Fig. 11: Comparison of angular distortions. 
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Improved Guidelines on Laser-Arc Hybrid 
Welding published by ClassNK 

ClassNK published Guidelines on laser-arc hybrid 
welding (Ver. 2) in January 2015; the guidelines include 
a comprehensive summary of the requirements of 
welding procedure qualification tests, welding procedure 
specifications and quality verification procedure 
specifications of production welding. 
The said guidelines (Ver. 2) comprise the following five 
chapters. 

Chapter 1 General 
Chapter 2 Prerequisite of Welding Procedures 
Chapter 3 Welding Procedure Specification 
Chapter 4 Welding Procedure Qualification Tests 
Chapter 5 Quality Verification Procedure 

Specifications of Production Welding 
The previous Guidelines on laser beam arc hybrid 
welding published in September 2009 targeted only the 
butt joint. However, version 2 of the guidelines targeted 
not only the butt joint but also the tee-joint with full 
penetration based on the outcome of the relevant research 
project.
Laser-arc hybrid welding, unlike conventional arc 
welding, requires highly accurate control of the groove 
gap. 
Accordingly, the quality of production laser-arc hybrid 
welding shall be verified since it is difficult to verify the 
quality of production welding by conducting welding 
procedure qualification tests and using a test assembly 
with a length of about 1 m. In light of the above, the 
guidelines (Ver. 2) specify the requirements of 
classification for quality verification of production 
welding, specifying the quality verification scheme of 
actual welding work, in addition to the requirements of 
approval of welding procedure specifications and 
welding procedure qualification tests. 

Conclusion

The research project for introducing laser-arc hybrid 
welding to the construction of general merchant ships has 
been conducted and the following results were obtained.  
1) A one-side single-pass full-penetration tee joint, 

which has no weld defect and has good mechanical 
and fatigue performance, can be fabricated. 

2) A simple tack welding technique using laser irradi-
ation without filler wire was developed. 

3) Reduction of the angular distortion when applying 
laser-arc hybrid welding as opposed to conventional 
fillet weld was confirmed. 

By considering the results in this research project and the 
rules of other classification societies  ClassNK published 
Guidelines on laser-arc hybrid welding (Ver. 2).
Future challenges related to this research project are 
1) performing a stable weld with a long length for hull 

construction; 
2) evaluating the effect of primer paint on the struc-

tural integrity of a welded joint; 
3) applying the welding method to gas- and plasma-cut 

members; and 
4) extending the applicable plate thickness. 
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Abstract

In numerical simulation of a welding process, the tran-
sient temperature distribution in the space is required for
predicting the residual stresses and deformations. This
temperature distribution is strongly influenced by the size
and shape of the heat source, which is here defined by
Goldak’s parameters. The greatest difficulty to get a suit-
able temperature distribution is the number of parame-
ters to be adjusted, which is often obtained by trial and
error. This work proposes a methodology to estimate
the parameters for a double ellipsoid heat source in mo-
tion to be used in numerical simulation of a Fluxed Core
Arc Welding (FCAW ) process, considering two welding
speeds. Isotherms in the space were obtained based on
Facchinotti analytical formulation. The peak tempera-
ture values, the geometrical characteristics of the bead
weld and the FCAW process parameters obtained from
deposition of a single bead weld on a steel plate are in-
put data for the definition of the Goldak’s parameters.
Numerical models have been developed and a algorithm
was introduced to simulate the heat source movement.
The parameters obtained by the proposed methodology
are validated by comparing the results of numerical mod-
els with geometric characteristics from experimental tests
of a single bead weld. The proposed method showed good
agreement with the geometric characteristics of the bead
weld obtained by experiments for both welding speeds.

Keywords

Welding simulation, heat source model, Goldak’s pa-

rameters, FCAW, transient temperature field, weld bead,

isotherms.

Introduction

The Flux-Cored Arc Welding (FCAW) process is gain

space on shipbuilding and offshore construction due to

the potential for automation, among other benefits (Han

et al., 2009). Many authors have studied the welding

process in order to predict the phenomena and optimize

the process parameters for the minimization of residual

stresses and distortions (Aloraier and Joshi, 2012). The

most commonly used tools in these studies are the ana-

lytical equations, experimental and numerical models by

finite element method, considered the most effective tool

(Mackerle, 1996). The numerical simulation of a welding

process consists basically of the coupling of three mod-

els: thermal, mechanical and metallurgical (Feng, 2005).

When the effect of the me-chanical model in the thermal

analysis is negligible, indirect method can be used. In

the indirect method the thermal and mechanical analysis

are performed separately Chen et al. (2011). In the ther-

mal model, the arc welding is simulated by a heat source

in motion, therefore, a transient temperature distribution

in the space is generated, which is used as initial load

applied to the geometric model for mechanical and met-

allurgical analysis.

Goldak et al. (1984) was the first to introduce a double-

ellipsoid three-dimensional heat source in movement to

calculate the temperature field. Due to its versatility, it

is commonly used in the simulation of the heat source

for welding processes, including FCAW. Nguyen et al.

(2004) developed an analytically closed form for this type

of heat source, showing that the model can be used for the

prediction of weld bead geometry and the calculation of

residual stresses (Nguyen et al., 1999). A more precise

solution was obtained by Fachinotti et al. (2011).

The Goldak’s parameters which define the size and

shape of the heat source, are characteristic of the weld-

ing process and welding speed.

Thermal gradients and temperature distribution can be

obtained by adjusting these parameters. A accurate sim-

ulation will present the difficulty to adjust a number of

parameters to obtain a suitable temperature distribution.

A trial and error calibration is often applied (Song et al.,

2003). For example, in Bate et al. (2009), the Gaussian

parameters that appropriately described the heat source

are adjusted iteratively to produce a cross section of the

weld bead similar to the one obtained by macrograph.

Recently, Fu et al. (2014) has developed a neural net-

work program based on the Levenberg-Marquardt algo-

rithm for the prediction of Goldak double-ellipsoid model

parameters. The algorithm was calibrated based on pub-

lished numerical and experimental results and satisfac-

tory results were obtained. In this study, the parameters



of the double-ellipsoid heat source are determined from

the isotherms. These isotherms are obtained by solving

the analytical equations proposed by Facchinotti, deter-

mining the relationship between the geometric features

of the weld bead (maximum width and depth), the peak

temperature, and its relationship with the heat source pa-

rameters for a FCAW welding process carried out at two

welding speeds.

Heat Source Model

Double-ellipsoid heat source model proposed by Goldak

can be used to simulate a commercial FCAW welding

process (Goldak et al., 1984). The distribution of the heat

density in the front qf and rear qr half-ellipsoid in W/m3

at a point in space (x, y, z) at time t are shown in Fig. 1

and described by Eq. 1 and 2, respectively.

Figure 1. Heat density distribution for double-ellipsoid

heat source.
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Where af , ar, b and c are the semi-axes of ellipsoid

defining the ellipsoidal geometry. Q is the arc heat input

(Q = η IV ), where η is the arc efficiency and V and I are

the voltage and current of the arc, respectively. v is the

speed of welding and t is the travel time of the welding.

ff and fr are proportionality coefficients in the front and

back of the ellipsoid, respectively.

Lundback (2003) proposes to assume ff =
(2af )/(af + ar) and fr = (2ar)/(af + ar) to

guarantee a continuous vol-ume of the heat source. The

coordinate system of the heat source considers the Z axis

is in the direction of welding progress, Y axis is in the

direction of the depth and X in the width direction, as

shown in Fig. 2.

Figure 2. Coordinate system used for the heat source.

Analytical Solution of the Transient

Temperature Field

The heat conduction in a homogeneous solid is gov-erned

by the following linear partial differential equation:

k
(
∂2T

∂x2
+

∂2T

∂y2
+

∂2T

∂z2

)
+ q = ρc

∂T

∂t
(3)

where T = T (x, y, z, t) is the temperature at point

(x, y, z) and time t, q is the heat source, ρ is the density,

c is the heat capacity, k is thermal conductivity.

Nguyen et al. (1999) developed a closed form solu-

tion of the three-dimensional thermal conduction prob-

lem for a simple Goldak ellipsoid heat source. Subse-

quently, he presented an extension of the solution to the

double-ellipsoid model (Nguyen et al., 2004). The so-

lution was obtained by integration of the ellipsoid heat

source through volume at an instant of time. Fachinotti

et al. (2011) proposed a more precise solution for the lat-

ter, as follows:
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3
√
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π
√
π

Q

ρc

∫ t

0

exp
(
− 3x2

12k(t−t′ )+b2
− 3y2

12k(t−t′ )+c2

)
√

12k(t− t′) + b2
√

12k(t− t′) + c2

[frAr(1−Br) + ffAf (1−Bf )] (4)

where :

Ai =

exp

⎛
⎝−

3

(
z−υt

′)
12k(t−t

′)+a2
i

⎞
⎠

√
12k(t−t′)+a2

i

,

Bi = erf

(
ai

2
z−υt

′√
k(t−t′)

√
12k(t−t′)+a2

i

)



Table 1. Physical properties for the analytical model.
ρ c k

kg/m3 J/kg 0C W/m 0C
7820 600 29

the index i may be replaced by f or r in the front and

rear, respectively.

The initial temperature was assumed to be 20 0C
(room temperature). In the analytical model the physi-

cal properties were established (ρ, c, and k) independent

of temperature, as summarized in Table 1.

In this study, a code MATLAB. (2009) in was prepared

to determine the temperature for a given time in different

planes and axes using Eq. 4. As an example, Fig. 3 shows

the temperature profile in the direction of the weld path

(Z axis), X = Y = 0 in a time of 10 seconds, where the

peak temperature (Tp) can be determined.

Figure 3. Temperature profile in the Z-axis (X = Y = 0)

for a time of 10 sec.

For a certain time instant, the distribution of tempera-

ture in planes XY , XZ and Y Z can be obtained. The

maximum size of the weld pool is defined by calculat-

ing the isotherms associated to the melting temperature

of the base material (Tf = 1450 0C) in the mentioned

planes. Similarly, the dimensions of the heat affected

zone (HAZ) can be obtained using a temperature of A1

= 750 0C, associated to the temperature at which the

phase transformation takes place. For the calculation of

the half width of the weld bead, it is considered the Tf

isothermal in the plate surface (Y = 0) to calculate the

maximum distance of the isotherm in the X direction.

Similarly, the Tf isotherm in surface X = 0, defines the

maximum depth of the weld. Figs. 4 and 5 show the

isotherms for A1 and Tf , used to determine the width

and depth, of the weld bead and the HAZ, respectively.

The heat source parameters are defined by four vari-

bles: af , ar, b and c. In order to reduce the number of

variables, the following considerations were made: the

size of the rear ellipsoid heat source is four times the front

part (ar = 4.af ) and that the transversal size of the ellip-

soids are equal to the size of the front part (af = c). Thus,

the variables are reduced to af and b. A range of possible

Figure 4. Isotherms of temperatures Tf and A1 in the

XZ plane.

Figure 5. Isotherms of temperatures Tf and A1 in the

Y Z plane.

values of Goldak’s parameters was set for the analyses

limiting af to the range of 2 to 6 mm and b to the range

of 10 to 35 mm.

In the thermal analysis, the temperature method is a

widely used method to compare the results of numerical

simulation with experiments and consists of two options.

Measure the temperature at certain points during experi-

ments of welding and compare with the temperatures at

the same points in the model. Or, the second option is

to compare the geometry of the simulated weld pool with

the macrographs the weld bead section.

In this study, not only the geometry is compared, but

the peak temperature (Tp) of the weld pool was consid-

ered as a factor for determining the heat source parame-

ters, due to the critical influence of temperature peak on

the temperature gradient in the fusion pool and HAZ.

Figures 6, 7 and 8 show curves of peak temperature

(Tp), maximum depth (Pm) and maximum width (Wm)

respectively for different values of af and b parameters.

Based on Figures 6, 7 and 8 one can conclude that, for

a given peak temperature, maximum depth and maximum

width, there are several possible sets of values of af and

b that satisfy the equations. The goal is to determine the

values of these heat source parameters, which results in

Tp, Wm and Pm close to the experiments resulting in a

similar distribution of transient temperature in space.



Figure 6. Peak temperature (Tp) versus b curves for dif-

ferent af values.

Figure 7. Maximum depth (Pm) versus b curves for dif-

ferent af values.

Figure 8. Maximum width (Wm) versus b curves for

different af values.

Experiments from Literature

Diniz et al. (2011) studied the effect of operational con-

ditions in the weld produced by a flux-cored wire (ASME

SFA-5.18: E70C-3m) with 1.2 mm diameter applied for

welding of low and medium carbon steels. The results of

the author experiments were used in this paper. The fol-

lowing conditions were considered: nega-tive electrode

polarity, shielding gas composition of 100 % CO2, and

welding speed of 0.04 times the wire feed speed. A sum-

mary of the geometric characteristics of the weld bead

obtained by the author for two differ-ent welding speeds

are presented in Table 2.

Table 2. Geometry of the weld pool obtained for dif-
ferent welding speeds.

Welding speed Width Depth

(mm/s) (mm) (mm)

Case 1 4.6 16.0 2.8

Case 2 6.0 13.9 3.4

Figures 9 and 10 show the dimensions of the cross sec-

tion of the weld bead in millimeters obtained for the two

cases mentioned.

Figure 9. Weld bead size in mm for a welding speed of

4.6 mm/s.

Figure 10. Weld bead size in mm for a welding speed of

6.0 mm/s.

Diniz et al. (2011) do not report the peak temperatures

Tp obtained in each case. Nevertheless, Jia et al. (2014)

recorded a peak temperature close to 1900 0C for a MIG

/ MAG welding experiment carried out in similar condi-

tions to FCAW and this value is used in this work.

Numerical Simulation

A finite element model was created for the numerical sim-

ulation, in order to check the relationship of the geometric



parameters of the weld bead with the heat source param-

eters. This simple model is the travel of a heat source

moving at a constant velocity above the surface of a steel

plate simulating the deposition of a weld.

The models were analyzed in the commercial finite el-

ement software ABAQUS (2013). The elements used for

the analysis are DC3D8 type, a linear heat transfer brick

element with eight nodes. Only half of the plate was mod-

eled, applying symmetry in order to reduce the computa-

tional cost. The model has a length of 100 mm, the half

width is 60 mm and a thickness of 19 mm. The start and

stop of the deposited weld bead is at a distance of 20 mm

from the edges of the plate.

Model mesh was developed with smaller elements (1

mm size) located close to the weld bead, in order to cap-

ture the high temperature gradients. The size of the el-

ements was amplified as the distance from the centerline

increases. A sketch showing model dimensions, direction

of deposition of the weld bead and mesh is shown in Fig.

11.

Figure 11. Finite element model and mesh definition.

The simulations were performed for a period of 10 sec-

onds, time enough to capture a stable weld bead where

maximum depth and width were reached.

The dependent thermal properties of the temperature

entered in numerical models is shown in Fig. 12. The

base material and the weld were assumed to have the

same physical and thermal properties. The density of the

material in the numerical model is the same as for analyt-

ical model.

Figure 12. Thermal properties (Camilleri et al., 2013).

The thermal effect due to the solidification of the weld-

ing pool is taking into account by means of the latent heat.

In this study, the latent heat is assumed to be 270 kJ/kg
and the solid and liquid temperatures 1450 and 1500 0 C,

respectively.

The boundary conditions applied on the board of the

free surface are convection and radiation. The convec-

tion coefficient for the considered steel was 20 W/m2K
for the interfaces with air. The emissivity coefficient for

the radiation was 0.8 and the Stefan-Boltzmann constant

5.6710−8 W/m2K4. The ambient temperature for the

numerical analysis was considered as 20 0 C, the same as

in analytical analysis.

In order to simulate the arc moving at a specified speed,

the density of volumetric heat flux applied to a given

area is implemented by ABAQUS (2013) user subroutine

DFLUX.

Methodology

The methodology developed for the prediction of double

ellipsoid heat source parameters is explained in this sec-

tion. This methodology is divided in two stage. A dia-

gram of the initial stage of the procedure is shown in Fig.

13.

Figure 13. Initial stage of the methodology.

Initially the isotherms and temperature profile are cal-

culated in order to determining the geometric character-

istics and peak temperatures by solving the equation pro-

posed by Fanchonetti. The input data are the parameters

of the welding process and material properties, the latter

being considered as independent of temperature.

The geometric characteristics of the weld bead

(Wm, Pm), depending on the heat source parameters af
and b, is defined based on the isotherm at the fusion tem-

perature, as shown in Figures 7 and 8. Likewise, the peak

temperature is determined for combinations of the param-

eters af and b, as shown in Fig. 6. The experimental peak

temperature is inserted in the curve to obtain the set of all

possible values of af and b that provide the same value.

Similarly, the maximum depth is used in the respective



curve and the set of values af and b are obtained to match

the welding pool required depth.

The curves of the peak temperature and at the maxi-

mum depth, both as a function of the parameters af and

b are plotted together, as shown in Fig. 14, and the inter-

section of these curves define the first trial parameters of

the heat source.

Figure 14. Intersection of curves Tp and Pm as a function

of af and b.

The first trial parameters af and b are introduced in

the chart of Fig. 8 to obtain the maximum width of the

welding pool and compared with the experiment. Typi-

cally, the widths obtained from analytical model and ex-

perimental measurement are very close. Nevertheless, the

heat source parameters are applied in a numerical model

in a second stage of the proposed methodology, in order

to check the dimensions of the welding pool and peak

temperature. The layout of the final stage of the method-

ology is presented in Fig. 15.

Figure 15. Final stage of the methodology.

First trial parameters are entered in the FEM simula-

tion through a user subroutine. Physical and mechanical

properties, considering temperature dependency are also

introduced in the model with the boundary conditions.

The width and depth dimensions and maximum peak

temperature are obtained in the numerical model after the

welding pool stabilizes, i.e., when both the peak temper-

ature and the dimensions of the welding pool are constant

over time during the travel of the heat source.

Following the average of the errors by comparing the

numerical experimental parameters is determined. The

average error is to update the input parameters Tp, Wm

and Pm by a factor proportional to the value of the calcu-

lated error.

The average error is considered to be derived from the

calibration of analytical and numerical models because

different simplifications adopted in both models. For ex-

ample, the physical and mechanical properties are inde-

pendent of temperature in the analytical model. Another

consideration is the heat loss by radiation and convection,

which differentiates the analytical model, these are taken

into account in the numerical model. Finally, the physi-

cal and mechanical properties are the same for the base

material and the support material.

The parameters (Wm, Pm and Tp) updated are entered

again in the analytical model, repeating the previous steps

to obtain the final parameters of the heat source.

Results

As mentioned above, in an analysis of the welding pro-

cess, metallurgical and mechanical models are influenced

by the results of thermal analysis such as transient tem-

perature distribution and thermal gradients. These results

are sensitive to the dimensions of the heat source and its

speed. To ensure that the thermal analysis in the numeri-

cal model is appropriate is that the size of the weld pool

and the peak temperature reached during the process are

identical to trial.

Two cases were examined in order to check if the pre-

sented method can be used independent of the welding

speed and heat input. The characteristics of the welding

process in each case are listed in Table 3. In both cases

the efficiency of the process η was considered 0.9.

Table 3. Characteristic of the welding process.
Welding speed Current Voltage

(mm/s) (A) (V)

Case 1 4.6 218.0 34.2

Case 2 6.0 259.0 37.3

Geometrical characteristics of the numerical model fu-

sion pools for cases studied are shown in Figures 16 to

21. These figures are shown this way because the max-

imum depth and width are not in the same plane. In each

figures the maximum depth and the maximum width at-

tained using Goldak parameters indicated are presented.

In the bottom of the figures the respective cross section

of the experimental weld bead is shown.



Case I Results

In Case I, the heat source parameters were determined for

a speed of 4.6 mm/s and the process characteristics shown

in Table 3.

Table 4 summarizes the results for Case I using this

methodology. In the first column the parameters of the

welding process to be compared (Tp, Pm and Wm) are

cited. The second column shows the values obtained from

the experimental test used as reference. The third column

shows the values of the process parameters with the nu-

merical model obtained in the first stage of the method-

ology and the second column, the error obtained for each

parameter from trial. The maximum dimensions of the

numerical model obtained by the weld bead calibrated

with temporary parameter corre-sponding Goldak the ini-

tial stage are shown in Fig. 16. All values were deter-

mined for a pool of stable fusion, at a time t = 6 sec.

Table 4. Results of the actual methodology for the Case
I.

Actual Exp. Actual

Exp. Initial Error Updated Final Error

Stage (%) Stage (%)

Tp (0 C) 1900 1587 16.4 2244 1702 10.4

Pm (mm) 2.8 2.26 19.2 3.3 2.84 -1.4

Wm (mm) 16.0 13.0 18.5 18.9 16.6 -3.7

Figure 16. Weld bead at the initial stage for a welding

speed of 4.6 mm/s.

An average error of the three parameters (Tp, Pm and

Wm) obtained is presented, being 18.11 % for Case I. In

the fifth column of the table, with the average value of the

error, the experimental parameters are incremented to re-

calculate the heat source parameters in the mathematical

model. Finally, the last column lists the final parameters

obtained from the heat source and the corresponding er-

ror. The final parameters of the heat source and the new

weld bead obtained in numerical model are shown in Fig.

17.

One can note that the values of Tp, Pm and Wm pa-

rameters are very close to those obtained by the exper-

iment with differences smaller than a millimeter for the

maximum width and depth, whereas a difference of ap-

proximately 10 % was obtained for peak temperature.

Figure 17. Weld bead the final stage for a welding speed

of 4.6 mm/s.

The method of neural network developed by Fu et al.

(2014) to determine the heat source parameters were used

in order to carry out a comparison with the results of this

methodology. The input data required for the neural net-

works method were the welding speed, maximum width

and depth of the weld bead, voltage and current. Fig. 18

shows the maximum dimensions of the weld pool in the

numerical model obtained from the heat source parame-

ters de-termined by the neural network method.

Figure 18. Weld bead the final stage for a welding speed

of 4.6 mm/s.

Table 5 shows a summary of the results of the final

stage of the proposed methodology and the results ob-

tained with neural network method compared to the ex-

periments. It is noted that the results of both methods are

very close to the experimental measurements, the largest

difference obtained at the peak temperature.

Table 5. General results of the Case I.
Neural Network Actual

Exp. Error Final Error

(%) Stage (%)

Tp (0 C) 1900 1735 8.68 1702 10.42

Pm (mm) 2.8 3.1 -10.71 2.84 -1.4

Wm (mm) 16.0 16.22 -1.37 16.6 -3.7

Goldak’s parameters used in the numerical models for

Case I in the initial and final phase of the present method

and that obtained with the method of neural networks are



shown in Table 6.

Table 6. Goldak’s parameters used in the numerical
models of the Case I.

Goldak’s Initial Final Neural

Parameters Stage Stage Network

af 4.57 3.8 4.0

b 22.99 21.9 20

Comparing the parameters af and b of the initial stage

and neural networks method one can note that although

the values are close, when they were introduced into the

numerical model, the results were obtained with an aver-

age error of about 18.11 %, showing that small variations

in the parameters will cause large differences in the re-

sults.

Case II Results

Heat source parameters were determined in Case II for a

speed of 6.0 mm/s with the process characteristics shown

in Table 3. Similarly to Table 4, Table 7 lists the results

for Case II. One can note that the maximum dimensions

of the weld bead in the numerical model of the initial

stage using first trial parameters of Goldak are shown in

Fig. 19.

Table 7. Results of the actual methodology for the Case
II.

Actual Exp. Actual

Exp. Initial Error Updated Final Error

Stage (%) Stage (%)

Tp (0 C) 1900 1578 16.9 2343.9 1728 9.05

Pm (mm) 3.4 2.4 29.4 4.2 3.84 -2.35

Wm (mm) 13.9 10.6 23.7 17.1 14.2 -2.16

Figure 19. Weld bead obtained with the first stage pa-

rameters for a welding speed of 6.0 mm/s.

For Case II the average error of the three parameters

was 23.36 %. With this error increments were made in

the values to determine the final parameters of the heat

source. Fig. 20 shows the weld bead characteristics ob-

tained from the numerical model with the respective heat

source parameters used.

Figure 20. Weld bead obtained with the second stage pa-

rameters for a welding speed of 6.0 mm/s.

The results obtained using second stage parameters

shown a good approximation to the experiment. In this

case, the maximum difference to the temperature peak

was approximately 9 %.

Similarly, Fig. 21 shows the maximum dimensions of

the weld pool in the numerical model obtained from the

heat source parameters determined by the neural network

method for the Case II.

Figure 21. Weld bead obtained by neural network for a

welding speed of 6.0 mm/s.

Table 8 presents a summary of the results obtained by

both actual and neural network. Here it is noted that the

latter has a considerable error, reaching approximately 50

% for the maximum width. It is worth remembering that

the neural networks method is trained with experimental

results and the reliability of its prediction will be limited

to the range of values used for training.

Table 8. General results of the Case II.
Neural Network Actual

Exp. Error Final Error

(%) Stage (%)

Tp (0 C) 1900 1512 20.4 1728 9.05

Pm (mm) 2.8 2.0 41.1 3.48 -2.35

Wm (mm) 13.9 6.6 52.5 14.2 -2.16

A comparison of Goldak’s parameters with the two

methods is shown in Table 9. The difference in the b pa-



rameter is small, while there is a considerable difference

in the af parameter.

Table 9. Goldak’s parameters used in the numerical
models of the Case II.

Goldak’s Initial Final Neural

Parameters Stage Stage Network

af 6.38 5.6 8.0

b 19.52 17.0 18.0

Conclusions

A method for determining the heat source parameters in

the deposition of one weld bead using FCAW was pre-

sented. From data of experimental tests it has been shown

that the geometric characteristics of the weld bead can be

related to the heat source parameters through Fachinotti

analytical model.

In the first stage of the proposed methodology, numer-

ical models have proven to be a useful tool for the cor-

rection of the experimental process parameters (Tp, Pm

and Wm), and in the second stage, the numerical models

were used to check the final results with the experiment.

The methodology presented and the neural networks

method showed close results for a welding speed of 4.6

mm/s, but in the case of a speed of 6.0 mm/s, the pr-posed

method showed a better approximation to the experiment.

For a suitable heat source, thermal gradients and the

temperature distribution will be well-defined, being use-

ful for additional simulations such as metallurgical and

mechanical models.

With the proposed methodology used the time con-

sumed to determine the heat source parameters is reduced

when compared with the parameters that are determined

by trial and error.

The geometric characteristics of the weld defined by

the isotherms of fusion temperature, in both models

showed that the maximum depth and width are not in the

same plane.
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Abstract 

This paper investigates the effect of welding distortions on the 
structural stress used in fatigue assessment of thin stiffened 
panels with the plate thickness of 3-4 mm. Comprehensive 
geometry measurements are carried out for full-scale thin 
deck structures. The influence of shape and magnitude of 
initial distortion is studied using geometrically nonlinear finite 
element analysis. The results are validated with the strains 
measured prior fatigue testing of full-scale thin deck panel 
and very good agreement is observed. The results reveal that 
the shape of the welding distortion is influencing the structural 
stresses more than the magnitude. At the same time, the mag-
nitude dictates the location of maximum stress along the 
transverse butt weld. In addition, it is found surprisingly that 
for relatively small initial distortion, the geometrical nonline-
arity, i.e. straightening, is more significant than in largely 
distorted panel. This is due to the fact that both initially flat 
and significantly distorted panels have relatively strictly-
defined shapes which behave almost linearly. In case of inter-
mediate distortions, the structure needs to find equilibrium 
from several possible shapes, highlighting the non-linearity. 
The conclusion of the work is that simplified modeling of thin 
panel initial shape can cause significant error in fatigue as-
sessment. 

Keywords

Thin panel; welding distortions; geometrical nonlineari-
ty; straightening; structural stress, fatigue assessment. 

Introduction 

To enhance the energy efficiency and structural perfor-
mance the shipbuilding industry is looking for new 
lightweight solutions. Utilization of thinner plates in the 
superstructures of cruise ships and navy vessels holds a 
huge potential for weight reduction. However, limited 
knowledge about the fatigue resistance and response 
prevents the classification societies from allowing plate 
thicknesses less than 5 mm (DNV, 2014; Hobbacher, 
2009). 
The main challenges related with such thin structures 
are caused by the larger initial production-induced dis-
tortions (Lillemäe et al., 2012; Eggert et al., 2012; 
Fricke et al., 2013; Fricke and Feltz, 2013). According 

to common fatigue assessment methods, see e.g. DNV 
(2014) and Hobbacher (2009), the response is evaluated 
with ideally straight geometry and the effect of manu-
facturing distortions is considered with a separate stress 
magnification factor km, which defines the ratio between 
structural and nominal stress. Commonly, the analytic 
formula based on beam theory is applied to calculate km-
factor;  see  e.g.  DNV (2014).  This  approach  is  success-
fully used for thicker plates, but its suitability and accu-
racy for less stiff initially distorted thinner structures 
can be questioned. When plate thickness is less than 5 
mm, the response analysis becomes problematic as thin 
initially curved welded plates experience straightening 
effect, i.e. nonlinear reduction of secondary bending 
under applied load (Lillemäe et al., 2012; Fricke et  al.,
2013). This means that the stress magnification factor km
is not constant unlike the current classification rules 
suggest (DNV, 2014). Furthermore, even if straighten-
ing is included as in IIW recommendations (Hobbacher, 
2009), it is assumed that angular misalignment is be-
tween straight plates, while in reality the curved shape 
of thin joints influences the behavior significantly (Lil-
lemäe et al., 2012). The previous investigations show 
clearly that in the evaluation of fatigue test results in 
terms  of  structural  hot  spot  stress  it  is  important  to  ac-
count for the geometrical nonlinearity and the initial 
distortion shape of the tested plate specimen (Lillemäe 
et al., 2012; Fricke et al., 2013). 
In order to transfer the fatigue strength defined with 
small-scale specimens into fatigue design of full-scale 
structures, the response of initially distorted thin stiff-
ened panels needs to be understood. The problem is now 
3-dimensional and also the boundary conditions are 
different due to the surrounding structure. For example, 
stiffeners carry part of the load. Very few results are 
available for full-scale panels, see e.g. Eggert et al.
(2012), Fricke and Feltz (2013) and Lillemäe et al.
(2013), where most of the results are lacking experi-
mental evidence. Eggert et al. (2012) performed fatigue 
tests of full-scale 4-mm thick navy vessel decks, but the 
failure locations and the scatter in the results were not 
sufficiently explained. In addition, the web frame spac-
ing  was  1.2  m,  which  is  more  than  two  times  smaller  
than in typical cruise ship. The shapes reported by Eg-



gert et al. (2012) were applied with 3-mm thick panels 
by Lillemäe et al. (2013) and numerical results revealed 
high sensitivity to the shape and, on the contrary to 
Eggert et al. (2012), negligible geometrical nonlinearity. 
Therefore, more systematic investigation of the influ-
ence of welding distortion on the structural stress in thin 
deck panels is needed. 
The aim of this work is to experimentally study the 
response of thin initially distorted cruise ship deck pan-
els. The initial distortions will be quantified with com-
prehensive optical geometry measurements and their 
influence on the response will be studied with geometri-
cally nonlinear finite element analysis and validated 
with the strain gauge signals. In addition, a sensitivity 
analysis is carried out where the web frame spacing, 
butt joint location and the shape and magnitude of initial 
distortion are varied.  

Experiments 

Specimens 

The full-scale specimens including two stiffeners were 
cut out from panels with 6 stiffeners, see Fig. 1. The test 
program includes all together 3 panels and 9 specimens. 
The plate thickness is 4 mm, stiffener spacing 404 mm 
and type HP80*5, web frame spacing 2560 mm and 
dimensions T440*7/150*10. The length of the speci-
mens is 3360 mm and width 540 mm. The butt joint is 
located at the half way of the web frame spacing. Both 
the stiffeners and the butt joint are welded with laser-
hybrid and the web frames with the conventional arc 
welding. The base material properties and chemical 
composition of deck plate are given in Table 1 and
Table 2.

Fig. 1:  Thin stiffened deck panel 

Table 1:  Base material properties of the deck plate 

ReH (MPa) Rm (MPa) A (%) 
320 458 34

Table 2:  Chemical composition of deck plate base material 

C Si Mn P S Al 
0.149 0.20 0.90 0.010 0.008 0.038 

Geometry Measurements 

The plate distortion as well as the weld shape was cap-
tured with Atos Gom optical measuring system with two 
cameras. The overall panel geometry was measured 
only from one side of the panel, i.e. stiffener side. Fa-
tigue critical area close to butt weld located half way 
between the web frame spacing was measured from 
both sides of the plate. The accuracy of the measure-
ment is 0.02 mm. 

Test Setup 

The test setup presented in Fig. 2 was custom-built 
utilizing large I-beams, a 1 MN hydraulic force cylinder 
and chain-like joints between the specimen and cylinder 
at one end and force sensor at the other. Special clamp-
ing plates were used to achieve realistic loading corre-
sponding to hull girder bending with constant displace-
ment (Lillemäe et al., 2014), to apply the force to neu-
tral axis of the panel and to transfer load proportionally 
to deck plate and stiffeners.  

Fig. 2:  Panel specimen in test setup 

Testing 

In order to understand the response of thin initially 
distorted panels and validate the numerical analysis, the 
specimens were loaded with 4 to 10 slow load cycles 
with the frequency of 1/60 Hz. The load ratio was 
R=0.1. The maximum applied force varied between 450 
and 650 kN, resulting in maximum nominal stress of 
140 to 200 MPa, respectively. During the test the force, 
displacement, cycles and strains at selected locations 
were recorded. The 5-mm strain gauges were glued 6-10 
mm from the weld notch, see also Fig. 6. 

Finite element analysis 

The stresses and strains in thin initially distorted panels 
were calculated using geometrically nonlinear finite 
element (FE) analysis. Models were created from meas-
ured geometry data utilizing general 4-noded shell ele-
ments.  The  element  size  was  5  mm  close  to  butt  weld  
and 10 mm elsewhere. Shape sensitivity analysis was 
carried out with simplified initial distortion shapes, 
where also the web frame spacing and butt weld loca-

both cases the calculations were carried out using 
Abaqus 6.13 software. Linear elastic material behavior 

E=206.8 GPa and Poisson 
rat  was assumed. 



Results 

Geometry of Thin Panels 

The geometry of all thin panel specimens in longitudinal 
direction at the middle of the stiffener spacing is shown 
in Fig. 3 and transverse direction taken from y=100 mm 
in Fig. 4. For an example of overall shape also a contour 
plot of specimen 334 is given in Fig. 5. It can be seen 
that there is a sharp roof-like shape at the butt joint 
location and from structural stress point of view the 

bottom side is more critical. The magnitude of initial 
distortion is however quite small, i.e. approximately 2 
mm, except outside the web frames where the plate ends 
have curved downwards. However, this distortion is not 
as critical because under tension loading it causes bene-
ficial compression for fillet welds of T-girders. Fig. 4 
shows that the transverse shape has one half wave be-
tween stiffeners as often assumed. In longitudinal direc-
tion there seems to be 5 half waves between web 
frames. 

Fig. 3:  Measured initial distortion shape in longitudinal direction at the middle of the stiffener spacing, all 9 specimens 

Fig. 4:  Measured initial distortion shape in transverse direction, at y=100 mm 

Fig. 5:  Contour plot of initial distortion of specimen 334



Response of Thin Panels 

Measured normal strains at the strain gauge locations 
shown in Fig. 6 were compared with the geometrically 
linear (GL) and nonlinear (GNL) FE solutions and the 
results for a selected specimen 334 are shown in Figs. 
7~11. It can be seen that close to stiffeners, i.e. strain 
gauge locations 2, 3 10 and 11, the response is quite 
geometrically linear and FE solution agrees well with 

the experiments. In the middle of the panel the response 
is geometrically nonlinear and at the critical side of the 
plate the linear FE solution differs from the experiments 
up to 25%. The maximum difference between GNL 
FEM and experiments is 7%. The normal strain distribu-
tion together with the panel shape is presented in Fig. 12 
and contour plot of the entire specimen 334 in Fig. 13.

Fig. 6:  Strain gauge locations in specimen 334

Fig. 7:  Normal strain at strain gauge locations 2 (a) and 3 (b) in specimen 334 

Fig. 8:  Normal strain at strain gauge locations 4 (a) and 5 (b) in specimen 334 

Fig. 9:  Normal strain at strain gauge locations 6 & 13 (a) and 7 & 12 (b) in specimen 334 



Fig. 10:  Normal strain at strain gauge locations 8 (a) and 9 (b) in specimen 334 

Fig. 11:  Normal strain at strain gauge locations 10 (a) and 11 (b) in specimen 334 

Fig. 12:  Distribution of normal strain at different load levels in specimen 334, FEM vs. experiments 

Fig. 13:  Normal strain contour plot in specimen 334 under 600 kN tension, GNL FEM 



Sensitivity of Response to Panel Shape 

To understand the geometrically nonlinear behavior of 
thin panels presented in previous chapter, the two ex-
treme initial distortion shapes reported by Eggert et al.
(2012) and later analyzed in Lillemäe et al. (2013), Fig. 
14, were revisited. The plate thickness of the panels was 
3 mm, stiffener spacing 300 mm and web frame spacing 
1200 mm (Lillemäe et al., 2013). The magnitude of 
maximum distortion was here varied to be 1, 2, 4, 8 and 
16 mm. The butt joint is located unsymmetrically 150 
mm from the web frame, representing a typical block 
seam, Fig. 15. To be more representative of cruise ship 
deck panels, the shapes in Fig. 15 were mirrored at the 
butt joint, Fig. 17. Then the weld is located symmetri-
cally and the web frame spacing is larger. For all cases 
the shape in transverse direction is simplified as shown 
in Fig. 16. 

Fig. 14:  Panel from Lillemäe et al. (2013), 8 mm of initial 
distortion with sharp shape, web frame spacing 1200 mm 

and butt joint located unsymmetrically (the red line shows 
the section plotted in Fig. 15) 

Fig. 15:  Initial distortion in longitudinal direction for 
sharp (a) and smooth (b) shapes, web frame spacing 1200 

mm and butt joint located unsymmetrically 

Fig. 16:  Initial distortion in transverse direction for both 
smooth and sharp shapes, symmetric and asymmetric case 

Fig. 17:  Initial distortion in longitudinal direction for 
sharp (a) and smooth (b) shapes, web frame spacing 2100 

mm and butt joint located symmetrically 

Fig. 18 and Fig. 19 present the stress magnifications 
factors km at the maximum applied load level of 1.5 MN, 
i.e. at the nominal stress level of 194 MPa. km is defined 
as structural stress at the butt joint location divided by 
applied nominal stress. Shaded areas represent the dif-
ference between geometrically linear (solid line) and 
nonlinear (dashed line) solutions. For asymmetric sharp 
shape (Fig. 15a) the km varies from 1.19 in case of 1 mm 
initial distortion to 2.24 in case of 16 mm of initial dis-
tortion, Fig. 18a. For asymmetric smooth shape (Fig. 
15b) the corresponding values are from 1.0 to 1.44, Fig. 
18b. It can be seen that similar km is obtained with 16 
mm + smooth shape and 2 mm + sharp shape. Thus, the 
shape of the initial distortions seems to be more im-
portant than the magnitude. However, the magnitude of 
initial distortion shifts the most critical location from the 
middle in case of smaller initial distortion to the half 
way towards the stiffener in case of larger initial distor-
tion. This transition happens around 4 mm. In addition, 
it can be noticed from the shaded areas in Fig. 18 that 
moderate initial distortions exhibit the largest straight-
ening under loading, i.e. geometrical nonlinearity. The 
difference between GNL and GL solutions in percent-
age is plotted in Fig. 20.  
For symmetric sharp shape (Fig. 17a) the km varies from 
1.10 in case of 1 mm initial distortion to 1.89 in case of 
16 mm of initial distortion, Fig. 19a. For symmetric 
smooth shape (Fig. 17b) the corresponding values are 
from 0.94 to 1.34, Fig. 19b. Again it can be seen that the 
shape is more important than the amplitude as the simi-
lar stress magnification is reached with smooth shape + 
16 mm and sharp shape + approximately 3 mm of initial 
distortion. Also the most critical location along the butt 
weld changes similarly. The difference between GNL 
and GL solutions in percentage is plotted in Fig. 21. The 
biggest difference between asymmetric shorter and 
symmetric longer case is visible for smooth shape at the 
extreme initial distortion of 16 mm, when for the latter 
the geometrical nonlinearity increases, Fig. 19b and Fig. 
21.  However,  this  shape  is  already  quite  far  from  the  
shapes measured in the tested panels shown in previous 
chapter.   



Fig. 18:  Stress magnification factors for sharp (a) and smooth (b) shapes and different magnitude of initial distortions, 
butt joint located unsymmetrically; shaded area shows the difference between geometrically linear (solid line) and nonlin-

ear (dashed line) solution 

Fig. 19:  Stress magnification factors for sharp (a) and smooth (b) shapes and different magnitude of initial distortions, 
butt joint located symmetrically; shaded area shows the difference between geometrically linear (solid line) and nonlinear 

(dashed line) solution

Fig. 20:  Difference between geometrically nonlinear and linear response at the most critical location along the butt weld 
(a) and the maximum difference (b); unsymmetrically located butt joint. 

Fig. 21:  Difference between geometrically nonlinear and linear response at the most critical location along the butt weld 
(a) and the maximum difference (b); symmetrically located butt joint



Discussion and conclusions 

This paper studied the response of thin initially distorted 
panels experimentally and numerically. Extensive ge-
ometry measurements were carried out in order to quan-
tify the initial distortions of mainly laser-hybrid welded 
thin cruise ship decks. The results revealed that the 
initial distortions were approximately 4 times smaller 
than previously reported for arc welded thin navy vessel 
decks by Eggert et al. (2012). They were also well be-
low the limit value of 6 mm specified in IACS Ship-
building and Repair Quality Standard (IACS, 2012). 
This indicates that with the help of modern low-heat-
input welding technology, a successful manufacturing 
of thin deck structures will be possible.  
The influence of the measured initial distortion on the 
response of thin decks was studied using geometrically 
nonlinear FE analysis. The results were validated with 
measured strains at the strain gauge locations and very 
good agreement was observed. However, careful model-
ing of the distortion shape close to butt weld was very 
important for obtaining good agreement with the exper-
iments. Therefore, the simplified modeling of thin panel 
initial shape can cause significant error in fatigue as-
sessment. Consequently, the development of structural 
modeling guidelines for thin deck structures should be 
paid attention to in the future.  
The sensitivity analysis revealed similarly to Lillemäe et 
al. (2013) that the shape of the initial distortion is more 
important than the magnitude as similar stress magnifi-
cation was obtained with 16 mm + smooth shape and 2-
3 mm + sharp shape. However, the magnitude dictates 
the most critical location along the butt weld. In addi-
tion, it was found surprisingly that for relatively small 
initial distortion such as in the tested panels, the geo-
metrical nonlinearity is higher than for largely distorted 
panels in Eggert et al. (2012) and Lillemäe et al. (2013). 
This is due to the fact that both initially flat and signifi-
cantly distorted panels have relatively strictly-defined 
shapes which behave almost linearly. In case of inter-
mediate distortions, the structure needs to find equilibri-
um from several possible shapes, highlighting the non-
linearity. However, despite the discovered peak in geo-
metrical nonlinearity, it is still quite low compared to 
small-scale specimens (Lillemäe et al., 2012), where the 
difference between linear and nonlinear solution can be 
up to few hundred percent.   
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research group. His specialty is crashworthiness analysis with ship structures and FE 
simulations of such accidents with shell elements. In his doctoral thesis he analysed the 
combined effect of mesh size and stress state on the fracture strain used in FE simulations. 
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Recently, he has been working with topics relevant for ice-going vessels. Today Mihkel is going 
to talk about how to reduce the modelling and computational effort in non-linear, large strain 
analysis of ship structures using equivalent single layer theory.   

Lafeber, Frans Hendrik  

Frans Hendrik Lafeber started in 2007 at MARIN as project manager within the Ships 
department after completing his study of Mechanical Engineering with a specialisation in Fluid 
Dynamics. In this position, he dealt with the propulsive performance of ships with a focus on 
cruise ships. He was also involved with the measurements and analysis of propeller-induced 
pressure fluctuations and underwater radiated noise. Since 2014, Frans Hendrik is team leader 
of the Ships Analysis & Prediction Team. Because of his experience, he is still involved in most 
projects that include cavitation tests, measurements of propeller-induced pressure fluctuations 
and underwater radiated noise. The last few years he has, together with his colleague and co-
author of the current paper, Johan Bosschers, worked on improving the prediction of 
underwater radiated noise for MARIN’s clients. The current paper discusses some results of the 
EU-project “SONIC”. 

Lee, Jae-Hoon  

Mr. Jae-Hoon Lee, Dep’t of Naval Arch. & Ocean Eng., Seoul National University, Seoul, Korea, 
PhD student in the Combined Master’s/Doctoral Program, Supervisor: Prof. Yonghwan Kim, 
B.S. degree: Dep’t of Naval Arch. & Ocean Eng., Seoul National University, Seoul, Korea. 
Research fields: i) Dynamic stability of ship (parametric roll phenomena), ii) Nonlinear wave 
loads and motion of ship including added resistance in waves. 

Li, Yue 

Yue Li is currently working as a research assistant at NTNU in Ålesund. He obtained Bachelor 
degree in Naval Architecture from China and a master degree from Norway in 2015. He has 
background in marine hydrodynamics and maritime operations. His research has been focusing 
on ship anti-roll tanks and LNG fuel tank sloshing problems by using CFD and Model tests. 

Magoga, Teresa 

Teresa Magoga graduated from the Royal Melbourne Institute of Technology in 2006 with a 
Bachelor of Aerospace Engineering (Honours). After working in the areas of loads and multi-
body system simulation in the aerospace and automotive industries, Teresa joined the Defence 
Science and Technology Group in the Naval Architecture and Platform System Analysis team in 
2011. Her research interests include aluminium ship structures, ultimate strength, slamming, 
and fatigue. 

Melchers, Robert E 

Robert E Melchers is Professor of Civil Engineering and Australian Research Council DORA 
Research Fellow at The University of Newcastle, Australia. He holds a BE and M Eng Sc from 
Monash University and a PhD from the University of Cambridge, UK. He is a Fellow of the 
Australian Academy of Technological Sciences and Engineering and an Honorary Fellow of The 
Institution of Engineers Australia. His most recent awards are the 2009 ACA Corrosion Medal, 
the 2012 Jin S Chung Award (International Society of Offshore and Polar Engineers) and the 
2013 John Connell Gold Medal (The Institution of Engineers, Australia). He was the 2014 
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Eminent Speaker for the College of Structural Engineers, The Institution of Engineers, 
Australia. 

Negi, Amresh  

Amresh Negi is working in research division of Indian Register of Shipping (IRS) since 2006. 
He received his graduation in Mechanical Engineering and obtained master degree in Ocean 
Engineering and Naval Architecture from Indian Institute of Technology, Kharagpur, India. 
During 10 years of experience, he has been involved in various consulting and research works 
related to ship hydrodynamics and rule development. Currently, he is working on the 
application of various numerical techniques for ship and offshore hydrodynamics.  

Okada, Tetsuo 

Tetsuo Okada is Professor of Department of Systems Design for Ocean-Space at Yokohama 
National University, Japan. He used to work for Japan Marine United Corporation for about 30 
years until 2014, and engaged in many ship and offshore projects, including large post-
panamax container ships, LNG carriers, FSO/FPSO’s and FLNG’s. His current research field is 
rational structural design methodologies, whipping responses and ultimate strength of large 
container ships, and hull condition monitoring. He has been member of International Ship and 
Offshore Structures Congress, and held the chairmanship of the Committee “Materials and 
Fabrication Technology” for the term of 2009. 

Park, Jeongho 

My name is  Jeongho-Park and I'm 26 years old. I'm in master course at INHA University of 
Korea. My major is naval architecture and ocean engineering. Nowadays I'm studying about 
concept design of a ship without sealed ballast tank. It needs many ideas of concept about a 
method to eliminate a sealed ballast tank. So I suggested some ideas of non-ballast ship 
concept. 

Park, Jeong-yong 

Jeong-yong Park is Lead Hydrodynamics Engineer with over 10 year experience for propeller 
design and cavitation experiment in Hyundai Heavy Industries. He graduated from Seoul 
National University with a B.S. (2005) and M.S.(2007)  in Naval Architecture and Ocean 
Engineering. He has involved in the international projects specifically related to the general 
commercial ships. Managed all technical aspects of a propeller design and maintenance. 
Quickly solved problems related to the propeller and made decisions using design goals, and 
feedback of ship owner. Highly developed technical expertise with range of engineering related 
to ship propulsion.  

Park, Jongwoo  

Master's degree in Naval architect at Seoul National University. Doctor completion in Naval 
architect at Chungnam National Uninversity. Hullform and propeller designer in Samsung 
Heavy Industries since 1998. Principal researcher in Ship Hydrodynamics performance 
research center. Special interest in hull & propeller performance, model test and sea trial.  
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Pettersen, Sigurd Solheim  

Sigurd Solheim Pettersen is a research assistant at NTNU in Trondheim, Norway. He holds an 
MSc in Marine Technology from NTNU with specialization in marine systems design. His 
research topic concerns designing resilience into large-scale marine engineering systems, both 
on the fleet level and vessel level. Marine engineering systems may face disruptions from 
operation, both due to functional failures, and due to events in the external operating 
environment. His research is focused on applying methods for systems design, such as design 
structure matrices, tradespace exploration and epoch-era analysis, and developing them 
further for the purpose of building resilient capabilities into marine engineering systems.  He is 
interested in potential research collaboration with researchers and industry representatives.  

Raven, Hoyte 

Dr. Hoyte Raven is a researcher at the Maritime Research Institute Netherlands, and as such 
has been active in ship hydrodynamics research since 1978. He received his PhD for the 
development of a nonlinear free-surface potential-flow solver, and introduced the resulting 
code rapid in practical ship design, in which it has been used continuously for over 20 years 
now. He participated in the development of the RANS code Parnassos, in particular devising a 
novel solution approach for steady viscous free-surface problems. Dr. Raven has always had 
an active interest in the analysis of the computational results and their translation into design 
recommendations; in particular for free-surface flows, for which he has proposed and 
introduced a rational analysis procedure. He has co-authored the book ‘Ship Resistance and 
Flow’ in the 2010 Principles of Naval Architecture series.  More recent research contributions 
are in computational hull form optimisation, CFD-based power prediction and shallow-water 
ship hydrodynamics. The present paper relates to this last subject. 

Rehn, Carl Fredrik 

Carl Fredrik Rehn is a PhD student at NTNU in Norway. He is 24 years old, and born and raised 
in Norway. His research topic is on handling uncertainty in marine systems design. Complex 
marine systems, such as offshore petroleum installations and ships, face a highly uncertain 
future operating context throughout their lifetime, which is essential to consider in order to 
obtain value robustness.  That is, to obtain solutions that will continue to deliver value even 
when encountering unforeseen events, such as the recent market collapse for offshore ships. 
He focuses on methods for analysis, including optimization, simulation, real options, and 
system engineering methods such as the responsive system comparison method. His research 
includes a research stay at the Systems Engineering Advancement Research Initiative (SEAri) 
at the Massachusetts Institute of Technology (MIT) in the fall of 2016. He has two years left of 
his PhD, which is funded to 2018, and is interested in potential research collaborations. 

Remes, Heikki  

Professor in Marine Technology, D.Sc.(Tech.) Aalto University, Department of Mechanical 
Engineering. Heikki Remes graduated as Master of Science in Naval Architecture from Helsinki 
University of Technology in 1999 and as Doctor of Science in 2008. Since 1996, he has been 
working in the maritime sector and he has been involved in many national and international 
research projects. At present, he works as Professor in Marine Technology in Aalto University 
School of Engineering. He has special expertise in theoretical modelling and experimental 
testing of the advanced ship structures, and he has published about 70 journal and conference 
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papers. He is member in International Ship and Offshore Structures Congress (ISSC) and 
International Institute of Welding (IIW).  

Romanoff, Jani 

D.SC. Jani Romanoff is associate professor of marine technology in the Aalto University, 
Finland which was formerly known as Helsinki University of Technology. Professor Romanoff's 
research interests are in the strength analysis of thin-walled structures, design and 
optimization of them and various limit states such as ultimate, fatigue and accidental. He has 
published with his coworkers over 100 international papers on these topics. Currently he 
is working together with professor JN Reddy and the team in Aalto University to improve the 
efficiency of the strength assessment methods for large ships by using Equivalent Single Layer 
theory more effectively than used traditionally. 

Rotteveel, Erik 

Erik Rotteveel, from the Netherlands, studied Maritime Technology at the Delft university of 
Technology. During the masters phase, I specialized in Ship Hydromechanics and completed 
my masters with a thesis on the maneuverability of inland ships in shallow water. After my 
graduation, I started working on my PhD in a project called Top Ships. In this project, a group 
of Dutch companies involved in the design of inland ships pursue an improvement of design 
guidelines regarding inland ship hull forms. During the PhD, I investigated topics such as Hull 
form Parameterization, Design of Experiments, Optimization strategies, Computational Fluid 
Dynamics, Design Guidelines and Proper Orthogonal Decomposition as a tool to aid in the 
derivation of design guidelines. 

Rudakovi , Stefan  

Stefan Rudakovi  received his M.Sc. degree at the University of Belgrade, Faculty of 
Mechanical Engineering, Department of Naval Architecture, in 2014 with a M.Sc. thesis “A 
probabilistic analysis of impact of freeboard on the stability of a multipurpose cargo ship”. 
Since December 2014, he is a Ph.D. student at the same faculty, and his field of research deals 
with the nonlinear ship dynamics and the Second Generation Intact Stability Criteria. Stefan is 
currently employed as a teaching and research assistant for subjects dealing with ship 
buoyancy and stability, and seakeeping, at the University of Belgrade, Faculty of Mechanical 
Engineering, Department of Naval Architecture. 

Ruponen, Pekka 

Dr. Pekka Ruponen holds the current position of Lead Research Engineer at Napa Ltd, where 
he is responsible for ship stability and safety related research and development. He obtained 
his doctoral degree from Helsinki University of Technology in 2007. The doctoral thesis dealt 
with development and validation of a time-domain flooding simulation method. He has 
authored several journal articles and conference papers in the field of ship stability and safety. 

Sahoo, Prasanta 

Dr. Prasanta Sahoo has been an associate professor at Florida Institute of Technology since 
2009. Before joining FIT he had served at Australian Maritime College, a specialist institute of 
University of Tasmania after obtaining his PhD from University of Rostock, Germany. His 
interests and publication have been in the area of Hydrodynamics of High-Speed Craft and so 
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far he has supervised more than 70 graduate students. Dr. Sahoo’s publication can be seen in 
well-known journals such as Journal of Ships and Offshore Structures and in several 
international conferences such as PRADS, FAST and HIPER. 

Sakurada, Akiko 

Master of Naval Architecture and Ocean Engineering, 2014, Naval Architecture and Ocean 
Engineering department, Osaka University (Japan), 2014-2016 Researcher, Performance of 
Ships in Actual Seas Research Group, Fluids Engineering & Hull Design Department,National 
Maritime Research Institute, Japan. 

Salomonsson, Hans  

Hans Salomonsson received his MSc. degree in Complex Adaptive Systems from Chalmers 
University of Technology in 2012. He gained industry experience by working in trading 
industry, researching and applying machine learning algorithms. He is now working as a 
research engineer at the Department of Computer Science and Engineering at Chalmers 
University of Technology. He is especially interested in machine learning and its applications in 
various scientific research areas, e.g. logistics, production and natural language processing. 

Sames, Pierre S. 

Pierre C Sames holds the position of Group Technology and Research Director at DNV GL. He is 
responsible for managing the corporate strategic research and technology development 
projects. His previous experience includes research into hydrodynamic extreme loads, risk 
analysis, shipping emissions, LNG as ship fuel, rule development and regulatory affairs as well 
as innovation management. He joined GL in 1995 after studying naval architecture in 
Hamburg. 

Seki, Yuta 

Yuta Seki was received Bachelor’s Degree in the department of naval architecture and ocean 
engineering from Osaka University, Japan in 2015. He is now a master course student of 
Osaka University. His research interest includes the seakeeping performance of a ship.  

Seo, Min-Guk  

Educational and working history: 2005.03~2009.02: Barchelor’s degree, Dept. of Naval 
Architecture and Ocean Engineering, Seoul National University. 2009.03~2016.02: Ph.D 
degree, Dept. of Naval Architecture and Ocean Engineering, Seoul National University. 
2016.03~now: Researcher engineer at Daewoo Shipbuilding & Marine Engineering (DSME). 
Major research field Fluid dynamics, ship added resistance in waves, maneuvering and 
seakeeping coupled analysis. 

Seyffert, Harleigh  

Harleigh Seyffert is a doctoral student at the University of Michigan in the department of Naval 
Architecture and Marine Engineering. Her focus is on nonlinear, stochastic marine dynamics. 
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Shields, Colin P. F. 

Colin P. F. Shields is a Ph.D. student in the Naval Architecture and Marine Engineering 
department at the University Of Michigan College Of Engineering and a National Defense 
Science & Engineering Graduate Fellow. He earned B.S.E and M.S.E degrees in Naval 
Architecture and Marine Engineering and is pursuing a M.S.E in Industrial and Operations 
Engineering, a Graduate Certificate in Complex Systems, and a Ph.D. in Naval Architecture and 
Marine Engineering all at the University of Michigan. He conducts research in the areas of 
design theory, the study of complex systems, and network science. More specifically, his work 
examines emergence and self-organization in the design process with a special focus on naval 
distribution system configuration. 

Shon, Young Ee 

Young Ee Shon is Researcher at Hyundai Maritime Research Institute of Hyundai Heavy 
Industries She got a B.S (2010) and M.S (2012) in Naval Architecture and Ocean Engineering 
from University of Ulsan, Republic of Korea. She has 5 years of experience working in the 
CFD(Computational Fluid Dynamics) analysis and the design of ESD (Energy Saving Devices). 

Sireta, Francois-Xavier 

Francois-Xavier started his career in 2007 as a research engineer in Bureau Veritas Research 
Department in the head office in Neuilly Sur Seine (France). Worked for 7 Years on the 
development of software tools and analysis methodologies for hydro-structure coupling in 
seakeeping, including springing and whipping. In 2014, joined DNV GL Oil and Gas Technology 
Centre in Singapore and is now Technical Lead for Floaters and Offshore Operations, acting as 
technical authority for hydrodynamics and structural analysis on operational projects. 

Son, Myeong-jo Son 

EDUCATION: Seoul National University, Seoul, Korea, B.S. Naval Architecture & Ocean 
Engineering, 2004, Seoul National University, Seoul, Korea, Ph.D. Naval Architecture & Ocean 
Engineering, 2013. APPOINTMENTS: Hanjin Heavy Industries and Construction Co., Ltd., 
Busan, Korea, Design Engineer, Hull Design Part, Special Ship Hull Design Team, 2004  2005. 
Seoul National University, Research Institute of Marine Systems Engineering, Seoul, Korea, 
Assistant Research Professor, 2013 2014. Korean Register (KR),  Busan, Korea Senior 
Researcher and Hull Surveyor, 2014  present. 

Steen, Sverre 

Prof. Steen is professor in experimental marine hydrodynamics at Norwegian University of 
Science and Technology and director of the Rolls-Royce University Technology Centre 
“Performance in a Seaway” at the same university. He is also leader of the hydrodynamic 
laboratories of the university. Prof. Steen is focusing his research on resistance and propulsion, 
and propulsion and performance of ships in waves in particular.  

Sun, Le 

Le Sun received his Ph. D in the University of Tokyo, the department of Systems Innovation in 
the 2015, with the topic of environmental policy designing on maritime logistics. He also 
received his master in the Tsinghua University, the department of Industrial Engineering. He is 
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now an research assistant in the lab of Production Systems Engineering, in the Tsinghua 
University, the department of Industrial Engineering.  

Sørensen, Asgeir J. 

Professor Asgeir J. Sørensen obtained MSc degree in Marine Technology in 1988 at NTNU, and 
PhD degree in Engineering Cybernetics at NTNU in 1993. In 1989-1992 Sørensen was 
employed at MARINTEK as Research Scientist. In the period of 1993-2002 Sørensen was 
employed in the ABB Group as research scientist, department manager and Business Area 
Marine and Turbocharging technology manager. In December 2002 Sørensen and 5 partners 
founded the company, Marine Cybernetics AS, where he was acting as President and Chief 
Executive Officer (CEO) until June 2010. Sørensen is also co-founder of the NTNU spin-off 
companies Ecotone AS and Eelume AS. Since 1999 Sørensen has held the position of Professor 
of Marine Control Systems at the Department of Marine Technology, NTNU. In the period 
2003-2012 he was key scientist in the Centre for Ships and Ocean Structures (CeSOS). He is 
currently acting as the Director of the Centre for Autonomous Marine Operations and Systems 
at the Norwegian University of Science and Technology (NTNU AMOS). 

Toming, Risto 

I am an 25 years old engineer from Estonia. This year i finished a master’s degree in Tallinn 
University of Technology. Despite graduating civil engineering, i have a deeper interest into 
ship’s structures and structural analysis. It’s my first research article and it was part of my 
master’s thesis. It’s my first experience to be in a conference. 

Tompuri, Markus  

Markus Tompuri has a Master’s degree in Naval Architecture from Aalto University. He has 
worked at NAPA for five years and currently holds a position of a Research Engineer. He works 
at a team that is in charge of both intact and damage stability research and corresponding IMO 
regulation development. He is the lead developer for IMO’s Second Generation Intact Stability 
Criteria and implementing the calculations methods to NAPA. His duties also involve damage 
stability related research, mainly in the topic of time domain flooding inside passenger ships. 
During his five years are NAPA he has worked in the technical customer service and 
participated in several development and research projects. 

Van Minh, Nguyen 

Van Minh NGUYEN received the Bachelor’s degree in Naval Architecture from Dept. of Naval 
Architecture in Vietnam Maritime University, Vietnam, in 2012. From 2012 to 2014, he worked 
as assistant lecturer in the Faculty of Transportation Mechanical Engineering, Danang 
University of Science and Technology, Vietnam. Now, he is a master candidate student in Dept. 
of Eco-Friendly Offshore Plant FEED Engineering at Changwon National University, Korea. His 
research interests are ship hydrodynamics and ship maneuvering in shallow water.  

Van Trieu, Nguyen 

Education: Bachelor, Transportation Mechanical Engineering, Danang University of Technology 
- The University of Danang, Vietnam, 2007, MSc, System and Naval Mechatronic Engineering, 
National Cheng Kung University, Taiwan, 2011, PhD, Marine System Engineering, Osaka 
Prefecture University, Japan, 2016. Work experience: Lecturer, University of Science and 
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Technology - The University of Danang, Vietnam, 2007, Project research associate, Research 
Organization for the 21st Century, Osaka Prefecture University, Japan, April 2016. 

Veldhuis, Christian 

Christian Veldhuis has a master in Mechanical Engineering and a PhD in Applied Physics. He 
started at MARIN in 2007 as project manager in the Ships department, initiating the use of 
RANS codes in the Ships Business Unit in the fields of ship hull design and propeller-hull 
interaction. In 2010 he became team leader and he started up the MARIN Ships-CFD group, 
which nowadays consists of 10 people applying CFD for several applications in the field of ship 
powering, manoeuvring an seakeeping. The last years he focused on the merits of ship design 
and ways to improve and speed up the design process. 

Wang, Xueliang 

A Coastal and Ocean Engineering bachelor in 1999 from Hohai University China, he spent 4 
year as an assistant engineer in fluid department in China Ship Scientific Research Center 
(CSSRC). He got master and PhD degrees in Naval Architecture and Ocean Engineering from 
CSSRC in 2006 and 2012, respectively. He has been a senior engineer in CSSRC since 2009, 
and now he is a vice Director of marine structure department in CSSRC. As an academic 
visitor, he had been in the University of Southampton UK during April 2013 to April 2014. He 
has been a committee member of special craft of ISSC since 2015. He had published about 
thirty journal and conference papers, ten patents and six software copyrights in China since 
2006. His main research area is focus on: 1) Theoretical and experimental investigation of 
wave loads; 2) Full scale testing technology of ship structure. 

Xu, Peng 

Peng XU was born in 1989. He earned his bachelor’s degree in engineering at Dalian Ocean 
University in 2013 and is currently, a graduate student of Tokyo University of Marine Science 
and Technology. His graduate research is nonstationary analysis of marine engine power 
fluctuation based on discrete wavelet transform. 

Yang, Jin-Ho 

Jin-Ho Yang is Researcher at Hyundai Maritime Research Institute of Hyundai Heavy 
Industries. He got a B.S (1996) and M.S (1998) in Naval Architecture and Ocean Engineering 
from Pusan National University, Republic of Korea. He has 17 years of experience working in 
the Seakeeping analysis and model test. 

Yoshikawa, Takao  

Affiliation: Kyushu University, JAPAN, Position: Professor (Department of Marine Systems 
Engineering). Academic experience: 2013-2015  Chairman of ISSC2015 committee .1 
(Ultimate Strength), 2009-2016  Associate editor of Journal of Marine Science and Technology, 
2015-       Editorial board member of Marine Structures, 2015-    Vice-President of the Japan 
Society of Naval Architects and Ocean Engineers. Main Technical Fields of Interest:  Buckling 
and Ultimate Strength of Shell Structures and Collision Analysis of Vehicles. 
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Yu, Liwei 

Liwei Yu is currently a PhD candidate of Shanghai Jiao Tong University majoring in Naval 
Architecture and Ocean Engineering. He got his bachelor and master degrees from the same 
university and in the same major. His researches are mainly focusing on the ship seakeeping 
and dynamic stability in waves including parametric roll, surf-riding and broaching. 

Zondervan, Gert-Jan 

Graduated in 1993 from Delft University of Technology in Aerospace Engineering. Following his 
graduation he followed a post-graduate design course (Computational 
Mechanics/Aerodynamics) in the field of aircraft propulsion systems. Since his graduation he is 
working for the Maritime Research Institute Netherlands (MARIN) as a Project Manager at the 
Ships Powering Department. He has specialized in the field of ship propulsion and propeller 
design. 
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Technical program 
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Program: Monday, 5th September
08:30 10:00 (Opening Session)

Opening Session in Plenum, in Everest 1+2 (08:30-10:00) 
Chair: Jørgen Juncher Jensen, DTU Mechanical Engineering, Denmark 

Welcome Address
Hans Nørgaard Hansen, Head of Department, DTU Mechanical Engineering, Technical University of
Denmark

Overview of PRADS week
Ulrik Dam Nielsen, Chairman of PRADS’16

Keynote speech: Classification 20 20 20
Howard Fireman, Senior Vice President and CTO of ABS
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Program: Monday, 5th September
10:30 12:00 (Technical Tracks)

Structural Strength and Rules I, in Everest 1 
Chair: Quentin Derbanne, Bureau Veritas, France (TBC) 
 
10:30 11:00 Hydroelastic analysis of an ULOC in waves
Wang, Xueliang, China Ship Scientific Research Center, Wuxi, China (Presenting author)
Temarel, Pandeli, University of Southampton, Southampton, United Kingdom
Hu, Jiajun, China Ship Scientific Research Center, Wuxi, China

11:00 11:30 Strength analysis of deck structure subjected to fire
Brubak, Lars, DNV GL, Høvik, Norway (Presenting author)
Lofthaug, Kristoffer, DNV GL, Høvik, Norway
Steen, Eivind, DNV GL, Høvik, Norway

11:30 12:00 FE based strength analyses of ship structures with DNV GL Rules
Rörup, Jörg, DNV GL , Hamburg, Germany
Maciolowski, Bartosz, DNV GL, Hamburg, Germany
Darie, Ionel, DNV GL, Hamburg, Germany (Presenting author)

Propellers I, in Everest 2 
Chair: Wonsun Ruy, Chungnam National University, Republic of Korea 

10:30 11:00 Time domain modelling of propeller forces
Steen, Sverre, Norwegian University of Science and Technology, Trondheim, Norway (Presenting author)
Dalheim, Øyvind, Norwegian University of Science and Technology, Trondheim, Norway
Koushan, Kourosh, MARINTEK, Trondheim, Norway
Savio, Luca, MARINTEK, Trondheim, Norway

11:00 11:30 Systematic propeller optimization considering hull interaction based on CFD
Park, Jeong Yong, Hyundai Heavy Industries, Ulsan, Republic of Korea (Presenting author)
Lee, Seonhyeong, Hyundai Heavy Industries, Ulsan, Republic of Korea
Park, Daehwan, FRIENDSHIP SYSTEMS AG, Potsdam, Germany

11:30 12:00 On the oblique ice impact loading of azimuthing propulsion units
Roemen, Rik, Wärtsilä Netherlands BV, The Netherlands (Presenting author)
de Bruin, JK, Wärtsilä Netherlands BV, The Netherlands
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Program: Monday, 5th September
10:30 12:00 (Technical Tracks)

Computational Modelling I, in Everest 3 
Chair: Takanori Hino, Yokohama National University, Japan 

10:30 11:00 Calculation of reflected wave in UT and defect identification utilizing Neural Network
Yoshikawa, Takao, Kyushu University, Fukuoka, Japan
Maeda, Masahiro, Kyushu University, Fukuoka, Japan (Presenting author)

11:00 11:30 Development of Auto FE Modeling for enhancement of the productivity in modeling based
on CSR H
Son, Myeong jo, Korean Register, Busan, Republic of Korea (Presenting author)
Park, Ho Gyun, Korean Register, Busan, Republic of Korea
Lee, Jeong Youl, Korean Register, Busan, Republic of Korea
Lee, Joung hyun, Korean Register, Busan, Republic of Korea
Kim, Jong oh, Korean Register, Busan, Republic of Korea
Woo, Jeong jae, Korean Register, Busan, Republic of Korea

11:30 12:00 A computational environment for rapid CFD ship resistance analyses
Kleinsorge, Lutz, University of Rostock, Germany
Lindner, Hannes, University of Rostock, Germany (Presenting author)
Bronsart, Robert, University of Rostock, Germany

Hydrodynamics I, in Loch Ness 
Chair: Xiaoming Cheng, China Ship Scientific Research Centre, China 

10:30 11:00 Sloshing flows in free surface tanks Numerical simulations and experimental validation
Li, Yue, Ålesund University College, Ålesund, Norway (Presenting author)
Xu, Jiafeng, Ålesund University College, Ålesund, Norway
Halse, KH, Ålesund University College, Ålesund, Norway

11:00 11:30 Sloshing and swirling behavior of liquid in a spherical LNG tank
Arai, Makoto, Yokohama National University, Yokohama, Japan (Presenting author)
Cheng, Liang Yee, University of Sao Paulo, Brazil
Wang, Xin, Newcastle University International, Singapore, Singapore
Okamoto, Naoya, Japan Marine United Corporation, Japan
Hata, Reina, Yokohama National University, Yokohama, Japan
Karuka, Gustavo, Yokohama National University, Yokohama, Japan

11:30 12:00 Experimental and numerical study on vortical flow behind 3D hydrofoils
Kim, Ji Hye, Chungnam National University, Daejon, Republic of Korea (Presenting author)
Jeong, So Won, Chungnam National University, Daejon, Republic of Korea
Ahn, Byoung Kwon, Chungnam National University, Daejon, Republic of Korea
Kim, Gun Do, Korea Research Institute of Ships and Ocean Engineering, Daejon, Republic of Korea
Lee, Chang Sup, Korea Research Institute of Ships and Ocean Engineering, Daejon, Republic of Korea
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Program: Monday, 5th September
13:30 15:00 (Technical Tracks)

Structural Strength and Rules II, in Everest 1 
Chair: Jörg Peschmann, DNV GL, Germany (TBC) 

13:30 14:00 New rules for container ships – Formulas for wave loads
de Hauteclocque, Guillaume, Bureau Veritas, Neuilly sur Seine, France (Presenting author)
Monroy, Charles, Bureau Veritas, Neuilly sur Seine, France
Bigot, Fabien, Bureau Veritas, Neuilly sur Seine, France
Derbanne, Quentin, Bureau Veritas, Neuilly sur Seine, France

14:00 14:30 Generalized wave parameter for rules formulae
de Hauteclocque, Guillaume, Bureau Veritas, Neuilly sur Seine, France (Presenting author)
Derbanne, Quentin, Bureau Veritas, Neuilly sur Seine, France

14:30 15:00 FE based structural optimization of a bulk carrier according to IACS CRS BC
Andric, Jerolim, University of Zagreb, Zagreb, Croatia (Presenting author)
Prebeg, Pero, University of Zagreb, Zagreb, Croatia
Piric, Karlo, University of Zagreb, Zagreb, Croatia
Kitarovic, Stanislav, University of Zagreb, Zagreb, Croatia
Zanic, Vedran, University of Zagreb, Zagreb, Croatia
Cudina, Predrag, JADROPLOV d.o.o, Split, Croatia
Bezic, Ana, JADROPLOV d.o.o, Split , Croatia
Andrisic, Josip, ULJANIK Shipyard d.o.o, Pula, Croatia

Propellers II, in Everest 2 
Chair: Sverre Steen, Norwegian University of Science and Technology, Norway 

13:30 14:00 Calculation of propeller and rudder interaction using simplified propeller theory considering
blade loading distribution exactly
Kanemaru, Takashi, Kyushu University, Fukuoka, Japan (Presenting author)
Ryu, Tomohiro, Shin Kurushima Dockyard Co. Ltd., Imabari, Japan
Yoshitake, Akira, Kyushu University, Fukuoka, Japan
Ando, Jun, Kyushu University, Fukuoka, Japan

14:00 14:30 Pre swirl stator and propeller design for varying operating conditions
Saettone, Simone, DTU Mechanical Engineering, Kgs. Lyngby, Denmark (Presenting author)
Regener, Pelle Bo, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Andersen, Poul, DTU Mechanical Engineering, Kgs. Lyngby, Denmark

14:30 15:00 Advanced propeller design optimization system based on open source codes and its
application
Ikeda, Takehiro, Akishima Laboratories(Mitsui Zosen)Inc., Tokyo, Japan (Presenting author)
Kimura, Koyu, Akishima Laboratories(Mitsui Zosen)Inc., Tokyo, Japan
Taketani, Tadashi, Akishima Laboratories(Mitsui Zosen)Inc., Tokyo, Japan
Ando, Satoko, Akishima Laboratories(Mitsui Zosen)Inc., Tokyo, Japan
Yamamoto, Koutaku, Mitsui Engineering & Shipbuilding Co., Ltd., Tokyo, Japan
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Program: Monday, 5th September
13:30 15:00 (Technical Tracks)

Computational Modelling II, in Everest 3 
Chair: Robert Bronsart, University of Rostock, Germany 

13:30 14:00 Performance analysis for DSME cap fin in CFD and full scale operation
Kim, Woojin, Daewoo Shipbuilding & Marine Engineering, Seoul, Republic of Korea
Jang, Younghun, Daewoo Shipbuilding & Marine Engineering, Seoul, Republic of Korea
Kim, Manhwan, Daewoo Shipbuilding & Marine Engineering, Seoul, Republic of Korea
(Likely no presentation)

14:00 14:30 Using subdivision surfaces to address the limitations of B spline surfaces in ship hull form
modeling
Greshake, Sebastian H., University of Rostock, Rostock, Germany (Presenting author)
Bronsart, Robert, University of Rostock, Rostock, Germany

14:30 15:00 Design of flow adapted rudder through the linkage among CAD, CFD and Optimization Tool
Shon, Young Ee, Hyundai Heavy Industries, Seoul, Republic of Korea (Presenting author)
Han, Sang Ho, Hyundai Heavy Industries, Seoul, Republic of Korea
Park, Ki Seok, CD adapco Korea, Seoul, Republic of Korea
Son, Seok Ho, Hyundai Heavy Industries, Seoul, Republic of Korea

Hydrodynamics II, in Loch Ness 
Chair: Makoto Arai, Yokohama National University, Japan 

13:30 14:00 A Study on the sensitivity analysis of the hydrodynamic derivatives on the maneuverability
of KVLCC2 at low speeds in shallow water
Kim, Dong Young, Inha University, Incheon, Republic of Korea (Presenting author)
Kim Sang Hyun, Inha University, Incheon, Republic of Korea
Kim, In Tae, Inha University, Incheon, Republic of Korea
Han, Ji Soo, Inha University, Incheon, Republic of Korea
Kim, Su Jeong, Inha University, Incheon, Republic of Korea
Lew, Jae Moon, Chungnam National University, Republic of Korea

14:00 14:30 A study on the internal flow system for development of a ballast free ship
Park, Jeong Ho, Inha University, Incheon, Republic of Korea (Presenting author)
Lee Seung Hee, Inha University, Incheon, Republic of Korea
Lee, Young Gill, Inha University, Incheon, Republic of Korea
Kim, Sang Hyun, Inha University, Incheon, Republic of Korea
Paik, Kwang Jun, Inha University, Incheon, Republic of Korea
Kim, In Tae, Inha University, Incheon, Republic of Korea

14:30 15:00 Reynolds number and propeller effects on lift and drag forces of a high lift rudder with
wedge tail
Nguyen, Van Trieu, Osaka Prefecture University, Osaka, Japan (Presenting author)
Ikeda, Yoshiho, Osaka Prefecture University, Osaka, Japan
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Program: Monday, 5th September
15:30 16:30 (Plenary talk)

Keynote Speech in Plenum, in Everest 1+2 
Chair: Hans Otto Holmegaard Kristensen, DTU Mechanical Engineering, Denmark 

15:30 16:30 Technology Outlook 2025
Dr. Pierre C. Sames, Group Technolgy and Research Director, DNV GL
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Program: Tuesday, 6th September
08:30 10:00 (Plenary Talks)

Keynote Speeches in Plenum, in Everest 1+2 
Chair: Ulrik Dam Nielsen, DTU Mechanical Engineering, Denmark 

08:30 09:15 Towards Safer, Smarter and Greener Marine Operations and Systems
Professor Asgeir J. Sørensen, Norwegian University of Science and Technology, Director of Centre of AMOS

09:15 10:00 Marine Propulsion under the Influence of Future Legislation
Dr. Kim Rene Hansen, Senior Research Engineer, MAN Diesel & Turbo Ltd.
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Program: Tuesday, 6th September
10:30 12:00 (Technical Tracks)

Computational Modelling III, in Everest 3 
Chair: Seok Ho Van, Society of Naval Architects of Korea, Republic of Korea 

10:30 11:00 CFD in twin gondola aft ship design
Klinkenberg, Joy, MARIN, Wageningen, Netherlands (Presenting author)
Veldhuis, Christian, MARIN, Wageningen, Netherlands

11:00 11:30 Hull form design and flow measurements of a bulk carrier with an energy saving device for
CFD validations
Hino, Takanori, Yokohama National University, Yokohama, Japan (Presenting author)
Hirata, N, National Maritime Research Institute, Tokyo, Japan
Ohashi, K, National Maritime Research Institute, Tokyo, Japan
Toda, Y, Osaka University, Osaka, Japan
Zhu, T, ClassNK, Tokyo, Japan
Makino, K, Japan Marine United, Tsu, Japan
Takai, M, Sumitomo Heavy Industries Marine and Engineering, Yokosuka, Japan
Nishigaki, M, Mitsubishi Heavy Industries, Nagasaki, Japan
Kimura, K, Akishima Laboratories (Mitsui Zosen), Tokyo, Japan
Anda, M, Kawasaki Heavy Industries, Kobe, Japan
Shingo, S, Shipbuilding Research Centre of Japan, Tokyo, Japan

11:30 12:00 CFD in ship design – beyond virtual towing tank simulations
Andrewartha, Tristan, Knud E. Hansen A/S, Helsingør, Denmark
Iliopulos, Filippo, Knud E. Hansen A/S, Helsingør, Denmark (Presenting author)

Structural Strength and Rules III, in Everest 1 
Chair: Toichi Fukasawa, Osaka Prefecture University, Japan 

10:30 11:00 Rule formulation of vertical hull girder wave loads based on direct computation
Derbanne, Quentin, Bureau Veritas, Neuilly sur Seine, France (Presenting author)
Storhaug, Gaute, DNV GL, Oslo, Norway
Shigunov, Vladimir, DNV GL, Hamburg, Germany
Xie, Geng, American Bureau of Shipping, Houston, USA
Gang, Zheng, China Classification Society, Beijing, China

11:00 11:30 Experimental study for estimating ultimate strength of curved plate under longitudinal
compression
Lee, Jae Myung, Pusan National University, Busan, Republic of Korea
Park, Doo Hwan, Pusan National University, Busan, Republic of Korea
Kim, Myoung Gu, Pusan National University, Busan, Republic of Korea
Kim, Jeong Hyeon, Pusan National University, Busan, Republic of Korea (Presenting author)
Seo, Hyang Duk, Sungdong Shipbuilding & Marine Engineering Co., Ltd., Tongyeong, Republic of Korea
Ahn, Hyung Joon, Sungdong Shipbuilding & Marine Engineering Co., Ltd., Tongyeong, Republic of Korea

11:30 12:00 Impact study on the new IACS Longitudinal Strength Standard for Containerships (UR S11A)
Peschmann, Jörg, DNV GL, Hamburg, Germany
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Program: Tuesday, 6th September
10:30 12:00 (Technical Tracks)

Wave-induced Motions and Responses, in Everest 2 
Chair: Yoshiho Ikeda, Osaka Prefecture University, Japan (TBC) 

10:30 11:00 SPAR platform response due to rare wave groups
Seyffert, Harleigh, The University of Michigan, Ann Arbor, USA (Presenting author)
Troesch, Armin, The University of Michigan, Ann Arbor, USA

11:00 11:30 A practical method for ship motions prediction in large waves
Wang, Xin, Newcastle University, Newcastle upon Tyne, United Kingdom (Presenting author)
Kashiwagi, Masashi, Osaka University, Osaka, Japan

11:30 12:00 Prediction of catamaran motion characteristics in regular waves using strip theory method
Negi, Amresh, Indian Register of Shipping, Mumbai, India (Presenting author)
Sen, Debabrata, Indian Institute of technology, Kharagpur, India

Ship Design I, in Loch Ness 
Chair: Tetsuo Okada, Yokohama National University, Japan 

10:30 11:00 A study of an unconventional container vessel concept for the Danube
Backalov, Igor, University of Belgrade, Belgrade, Serbia
Kalajdzic, Milan, University of Belgrade, Belgrade, Serbia
Momcilovic, Nikola, University of Belgrade, Belgrade, Serbia
Rudakovic, Stefan, University of Belgrade, Belgrade, Serbia (Presenting author)

11:00 11:30 Study on hull form development of wave piercing high speed planing hull
Jung, Ki seok, Mokpo National Maritime University, Mokpo, Republic of Korea (Presenting author)
Jeong, Uh Cheul, Department of Naval Architecture and Ocean Engineering, Inha Technical College, Incheon,
Republic of Korea
Lee, Dong Kun, Mokpo National Maritime University, Mokpo, Republic of Korea
Choi, Ji Hoon, Dae Won Marine Technology Co., Ltd., Pusan, Republic of Korea
Kim, Do Jung, Jeonnam Division, Korea Marin Equipment Research Institute, Mokpo, Republic of Korea

11:30 12:00 Design study of icebreaking ferry for Sakhalin Island
Egorov, Gennady, Marine Engineering Bureau, Odessa, Ukraine
Ilnytskyi, Igor, Marine Engineering Bureau, Odessa, Ukraine (Presenting author)
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Program: Tuesday, 6th September
13:30 15:00 (Technical Tracks)

Materials I, in Everest 3 
Chair: Robert Sielski, (independent consultant/naval architect) USA 

13:30 14:00 Dropped object SPS impact resistant decks
Kennedy, Stephen, Intelligent Engineering, Ottawa, Ontario, Canada (Presenting author)
Kong, Jackson, Intelligent Engineering, Ottawa, Ontario, Canada
Notaro, Gabriele, DNV GL Headquarters, Høvik, Norway
Brinchmann, Kristoffer, DNV GL Headquarters, Høvik, Norway
Kuar, Jagit, Technip Malaysia, Kuala Lumpur, Malaysia
Lim, John, Sabah Shell Petroleum Co. Ltd, Kuala Lumpur, Malaysia

14:00 14:30 Wear and corrosion of FPSO mooring chains
Melchers, Robert, The University of Newcastle, Newcastle, Australia (Presenting author)
Potts, Andrew, AMOG Consulting, Melbourne, Australia
Lotfollahi Yaghin, Amin, The University of Newcastle, Newcastle, Australia

14:30 15:00 The effect on the operational conditions of a passenger ship retrofitted with a composite
superstructure
Karatzas, Vasileios, DTU Mechanical Engineering, Kgs. Lyngby, Denmark (Presenting author)
Hjørnet, Niels, Niels Hjørnet Yacht Design, Sæby, Denmark
Kristensen, Hans Otto, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Berggreen, Christian, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Jensen, Jørgen Juncher, DTU Mechanical Engineering, Kgs. Lyngby, Denmark

Structural Strength and Rules IV, in Everest 1 
Chair: Carlos Guedes Soares, Instituto Superior Técnico, Portugal (TBC) 

13:30 14:00 Wet deck slamming pressure on SWATH Consideration for practical design
Zhu, Ling, Wuhan University of Technology, Wuhan, China 

Guo, Kailing, Wuhan University of Technology, Wuhan, China (Presenting author)
Duan, Lele, Wuhan University of Technology, Wuhan, China
Jianhua Liu, Marine Design & Research Institute of China, Shanghai, China
Wang, Huicai, Marine Design & Research Institute of China, Shanghai, China 
Wang, Xianzheng, Marine Design & Research Institute of China, Shanghai, China 

14:00 14:30 Investigations of the dynamic ultimate strength of a ship's hull girder during whipping
Derbanne, Quentin, Bureau Veritas, Neuilly sur Seine, France (Presenting author)
Malenica, Sime, Bureau Veritas, Neuilly sur Seine, France
De Lauzon, Jérôme, Bureau Veritas, Neuilly sur Seine, France
Bigot, Fabien, Bureau Veritas, Neuilly sur Seine, France

14:30 15:00 Considerations on the longitudinal strength of container ship from the viewpoint of extreme
vertical wave bending moment
Fukasawa, Toichi, Osaka Prefecture University, Osaka, Japan
Hiranuma, Mai, Osaka Prefecture University, Osaka, Japan (Presenting author)
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Program: Tuesday, 6th September
13:30 15:00 (Technical Tracks)

Vibration and Noise, in Everest 2 
Chair: Filippo Iliopulos, Knud E. Hansen A/S, Denmark 

13:30 14:00 Noise prediction in ships using empirical formulas
Palma Contreras Victor, COPPE/UFRJ, Rio De Janeiro, Brazil
Bueno, JMV, COPPE/UFRJ, Rio De Janeiro, Brazil
Vaz Pinto, LA, POLI/UFRJ, Brazil
Troyman, ACR, COPPE/UFRJ, Rio De Janeiro, Brazil
(Likely no presentation)

14:00 14:30 Validation of computational and experimental prediction methods for the underwater
radiated noise of a small research vessel
Lafeber, Frans Hendrik, MARIN, Wageningen, Netherlands (Presenting author)
Bosschers, Johan, MARIN, Wageningen, Netherlands

14:30 15:00 Design procedure for the development of new floating floors to improve comfort on ships
Moro, Lorenzo, Memorial University of Newfoundland, Newfoundland, Canada (Presenting author)
Brocco, Emanuele, University of Trieste, Dep of Engineering and Architecture, Trieste, Italy
Badino, Aglaia, C.S.N.I., Scarl, Italy
Vassallo, Pedro Mendoza, University of Trieste, Dep of Engineering and Architecture, Trieste, Italy
Clericuzio, Alessandro, C.S.N.I., Scarl, Italy
Biot, Marco, University of Trieste, Dep of Engineering and Architecture, Trieste, Italy

Ship Design II, in Loch Ness 
Chair: Daniele Dessi, CNR-INSEAN, Italy 

13:30 14:00 Ship hull form optimization using scenario methods
Kleinsorge, Eva, University of Rostock, Germany
Lindner, Hannes, University of Rostock, Germany (Presenting author)
Wagner, Jonas, University of Rostock, Germany
Bronsart, Robert, University of Rostock, Germany

14:00 14:30 Development of COVE bow Energy saving bow shape in actual seas
Sakurada, Akiko, National Maritime Research Institute, Tokyo, Japan (Presenting author)
Tsujimoto, Masaru, National Maritime Research Institute, Tokyo, Japan
Kuroda, Mariko, National Maritime Research Institute, Tokyo, Japan

14:30 15:00 Parabolization and structural integrity of side bulb applied to a platform supply vessel
Deli, Özgür, University of British Columbia, Vancouver, Canada
Gören, Ömer, Istanbul Technical University, stanbul, Turkey
Calisal, Sander, University of British Columbia, Vancouver, Canada (Presenting author)
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Program: Tuesday, 6th September
15:30 17:00 (Technical Tracks)

Materials II, in Everest 3 
Chair: Sang-Rai Cho, University of Ulsan, Republic of Korea 

15:30 16:00 Efficient modelling of sandwich decks under tension
Kõrgesaar, Mihkel, Aalto University, Espoo, Finland (Presenting author)
Goncalves, Aalto University, Espoo, Finland
Romanoff, Jani, Aalto University, Espoo, Finland
Remes, Heikki, Aalto University, Espoo, Finland

16:00 16:30 Fundamental study on underfilm corrosion simulation method based on cellular automaton
Osawa, Naoki, Osaka University, Suita, Osaka, Japan (Presenting author)
Kanou, Yasuhide, Yokohama National University, Yokohama, Kanagawa, Japan
Kawamura, Yasumi, Yokohama National University, Yokohama, Kanagawa, Japan
Takada, Atsushi, National Maritime Research Institute, Tokyo, Japan
Shiotani, Kazuhiko, JFE Steel Corporation, Kurashiki, Okayama, Japan
Takeno, Seiru, Osaka University, Suita, Osaka, Japan
Katayama, Shino, Osaka University, Suita, Osaka, Japan

16:30 17:00 N/A

Structural Strength and Rules V, in Everest 1 
Chair: Yordan Garbatov, Instituto Superior Técnico, Portugal 

15:30 16:00 Hull and superstructure interaction using coupled beam method
Toming, Risto, Tallinn University of Technology, Tallinn, Estonia (Presenting author)
Kerge, Els Hedvig, Tallinn University of Technology, Tallinn, Estonia
Naar, Hendrik, Tallinn University of Technology, Tallinn, Estonia
Tabri, Kristjan, Tallinn University of Technology, Tallinn, Estonia

16:00 16:30 Ultimate strength check of HHI SkyBench ultra large container ship considering slamming
and whipping effects
Im, Hong il, Hyundai Heavy Industries, Seoul, Republic of Korea (Presenting author)
Vladimir, Nikola, University of Zagreb, Zagreb, Croatia
Malenica, Sime, Bureau Veritas, Paris, France
Cho, Dae Seung, Pusan National University, Busan, Republic of Korea
Ryu, Hong Ryeul, Hyundai Heavy Industries, Seoul, Republic of Korea

16:30 17:00 Reducing uncertainty of Monte Carlo estimated fatigue damage in offshore wind turbines
using FORM
Horn, Jan Tore H., AMOS/Norwegian University of Science and Technology, Trondheim, Norway (Presenting
author)
Jensen, Jørgen Juncher, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
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Program: Tuesday, 6th September
15:30 17:00 (Technical Tracks)

Propellers III, in Everest 2 
Chair: Frans Hendrik Lafeber, MARIN, Netherlands 

15:30 16:00 Design of research vessels; propeller cavitation and bubble sweep down in operational
conditions
Zondervan, Gert Jan, MARIN, Wageningen, Netherlands (Presenting author)
Hooijmans, Patrick, MARIN, Wageningen, Netherlands

16:00 16:30 A study on the design methodologies of propeller root fillet surfaces having nT T/n section
Ruy, WonSun, Chungnam National Univ., Daejeon, Republic of Korea (Presenting author)
Lee, ChangSup, Chungnam National Univ., Daejeon, Republic of Korea
Kim, DongJun, Pukyong National Univ., Pusan, Republic of Korea
Kim, KiSup, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Kim, G.D., Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea

16:30 17:00 N/A

Ship Design III, in Loch Ness 
Chair: Hannes Lindner, University of Rostock, Germany 

15:30 16:00 Modelling of elastically connected barges
Dessi, Daniele, CNR INSEAN, Rome, Italy (Presenting author)
Leonardi, A., CNR INSEAN, Rome, Italy

16:00 16:30 System based ship design of fishing vessels
Gaspar, Henrique, Høgskolen i Ålesund, Ålesund, Norway (Presenting author)
Dudin, Stanislav, Høgskolen i Ålesund, Ålesund, Norway

16:30 17:00 Study of optimal FLNG hull forms with minimum vertical motion
Cheng, Xiaoming, China Ship Scientific Research Centre, Wuxi, China (Presenting author)
Ahilan, R. V., Ex DNV GL, London, United Kingdom
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Program: Wednesday, 7th September
08:30 10:00 (Technical Tracks)

Welding, in Everest 2 
Chair: Fabien Bigot, Bureau Veritas, France 

08:30 09:00 Overview of the joint industrial project for introducing laser arc hybrid welding in
construction of general merchant ships in Japan
Gotoh, Koji, Kyushu University, Fukuoka, Japan (Presenting author)
Fukui, ClassNK, Tokyo, Japan
Moriyama, Japan Ship Technology Research Association, Tokyo, Japan
Tsumura, Kyushu University, Fukuoka, Japan
Sawato, ClassNK, Tokyo, Japan

09:00 09:30 Methodology for the determination of heat source parameters for a FCAW welding process
Chujutalli, John, Federal University of Rio de Janeiro, Rio de Janeiro, Brazil

09:30 10:00 Influence of welding distortion on the structural hot spot stress in thin deck panels
Lillemäe, Ingrit, Aalto University, Espoo, Finland (Presenting author)
Remes, Heikki, Aalto University, Espoo, Finland
Romanoff, Jani, Aalto University, Espoo, Finland
Avi, Eero, Meyer Turku Oy, Turku, Finland

Technical Ship Operations I, in Everest 1 
Chair: Harleigh Seyffert, The University of Michigan, USA 

08:30 09:00 A decision making framework for planning lifecycle ballast water treatment compliance
Kana, Austin, Delft University of Technology, the Netherlands (Presenting author)
Brefort, Dorian C., University of Michigan, Ann Arbor, USA
Seyffert, Harleigh C., University of Michigan, Ann Arbor, USA
Singer, David J., University of Michigan, Ann Arbor, USA

09:00 09:30 To establish ship performance assessment scheme in a dynamically challenging environment
Wang, George, ABS, Houston, USA (Presenting author)
Hu, Keyi, Jiangnang Shipyard (Group) Co., Ltd., Shanghai, China

09:30 10:00 Machine learning for modelling of actual fuel consumption in ships
Mao, Wengang, Chalmers University of Technology, Gothenburg, Sweden
Lenaers, Peter, Chalmers University of Technology, Gothenburg, Sweden
Salomonsson, Hans, Chalmers University of Technology, Gothenburg, Sweden (Presenting author)
Brandholm, Pär, Laurin Maritime, Gothenburg, Sweden
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Program: Wednesday, 7th September
08:30 10:00 (Technical Tracks)

Sea Trials and Experimental Data, in Everest 3 
Chair: Enrico Rizutto, University of Naples, Italy (TBC) 

08:30 09:00 Full load speed sea trial of 8000TEU container vessel
Park, Jongwoo, SAMSUNG Heavy Industries, Daejeon, Republic of Korea (Presenting author)
Jang, Jinho, SAMSUNG Heavy Industries, Daejeon, Republic of Korea
Kim, Suhyung, SAMSUNG Heavy Industries, Daejeon, Republic of Korea

09:00 09:30 A new correction procedure for shallow water effects in full scale ship speed trials
Raven, Hoyte, MARIN, Wageningen, Netherlands

09:30 10:00 Study of load variation coefficients based on model tests
Kim, Myoung Soo, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
(Presenting author)
Lee, Young Yeon, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Ahn, Hae Seong, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Kim, Cheol Hee, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Hwang, Seung Hyun, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Van, Suak Ho, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Yoo, Yoon Kyu, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea

Propulsion and Resistance, in Loch Ness 
Chair: Poul Andersen, DTU Mechanical Engineering, Denmark 

08:30 09:00 Feasibility study on numerical predictions of resistance and self propulsion performance for
a ship with and without a stern duct
Kim, Kwang Soo, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
(Presenting author)
Kim, Yoo Chul, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Kim, Jin, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Kim, Yoonsik, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Lim, Taegu, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Van, Suak Ho, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea

09:00 09:30 Design, modelling and simulation of a hybrid fuel cell propulsion system for a domestic ferry
Bassam, Ameen, University of Southampton, Southampton, United Kingdom (Presenting author)
Phillips, Alexander, National Oceanography Centre, United Kingdom
Turnock, Stephen, University of Southampton, Southampton, United Kingdom
Wilson, Philip, University of Southampton, Southampton, United Kingdom

09:30 10:00 A fast resistance estimation method for Wigley multi hull vessels
Sahoo, Prasanta, Marine and Environmental Systems at Florida Institute of Technology, Melbourne, USA
(Presenting author)
Du, Lin, Florida Institute of Technology, Melbourne, USA
Hefazi, Hamid, Florida Institute of Technology, Melbourne, USA
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Program: Wednesday, 7th September
10:30 12:00 (Technical Tracks)

Stability and Rolling of Ships I, in Everest 2 
Chair: Armin Troesch, The University of Michigan, USA 

10:30 11:00 Gyroscopic roll stabilization of offshore support vessels
Sireta, Francois xavier, DNV GL, Singapore, Singapore (Presenting author)
Sireta, Alexis, Telecom Paristech, Paris, France
Li, Jing, DNV GL, Singapore, Singapore

11:00 11:30 Study on the uncertainty and sensitivity in numerical simulation of parametric roll
Choi, Ju Hyuck, DTU Mechanical Engineering, Kgs. Lyngby, Denmark (Presenting author)
Jensen, Jørgen Juncher, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Nielsen, Ulrik D., DTU Mechanical Engineering, Kgs. Lyngby, Denmark

11:30 12:00 An attempt to define critical wave and wind scenarios leading to capsize in beam sea
Jensen, Jørgen Juncher, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Choi, Ju hyuck, DTU Mechanical Engineering, Kgs. Lyngby, Denmark (Presenting author)
Kristensen, Hans Otto, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Nielsen, Ulrik Dam, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Erichsen, Henrik, Lloyd’s Register EMEA, Denmark
Tvedt, Erik I., Danish Maritime Authority, Denmark

Technical Ship Operations II, in Everest 1 
Chair: George Wang, American Bureau of Shipping (ABS), USA 

10:30 11:00 Flexible strategies for maritime sulphur emission regulation compliance
Rehn, Carl Fredrik, Norwegian University of Science and Technology, Trondheim, Norway (Presenting
author)
Haugsdal, Annette, Norwegian University of Science and Technology, Trondheim, Norway
Erikstad, Stein Ove, Norwegian University of Science and Technology, Trondheim, Norway

11:00 11:30 A design and application of a multi agent system to support maritime logistic executors on
emission regulation
Sun, Le, The University of Tokyo, Tokyo, Japan
Aoyama, Kazuhiro, The University of Tokyo, Tokyo, Japan (Presenting author)

11:30 12:00 Ship systems condition monitoring for enhanced inspection, maintenance and decision
making in ship operations
Lazakis, Iraklis, University of Strathclyde, Glasgow, United Kingdom
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Program: Wednesday, 7th September
10:30 12:00 (Technical Tracks)

Design and Production in Maritime Engineering I, in Everest 3 
Chair: Myung-Il Roh, Seoul National University, Republic of Korea 

10:30 11:00 Methods for efficient preliminary analysis of floating bridge structures
Viuff, Thomas, Norwegian University of Science and Technology, Trondheim, Norway (Presenting author)
Leira, Bernt, Norwegian University of Science and Technology, Trondheim, Norway

11:00 11:30 A design methodology for resilience in fleets for service operations
Pettersen, Sigurd Solheim, Norwegian University of Science and Technology, Trondheim, Norway (Presenting
author)
Asbjørnslett, Bjørn Egil, Norwegian University of Science and Technology, Trondheim, Norway

11:30 12:00 Applications of additive manufacturing in the marine industry
Strickland, Jason D, NSWC Carderock, USA

Fatigue I, in Loch Ness 
Chair: Heikki Remes, Aalto University, Finland 

10:30 11:00 Comparison between fatigue life values calculated using standardised and measured stress
spectra of a naval high speed light craft
Magoga, Teresa, Defence Science and Technology Group, Fishermans Bend, Australia (Presenting author)
Aksu, Seref, Defence Science and Technology Group, Fishermans Bend, Australia
Cannon, Stuart, Defence Science and Technology Group, Fishermans Bend, Australia
Ojeda, Roberto, Australian Maritime College, University of Tasmania, Launceston, Australia
Thomas, Giles, University College London, London, United Kingdom

11:00 11:30 Dynamic response of steel grillages under repeated mass impacts at low temperature
Truong, Dac Dung, University of Ulsan, Ulsan, Republic of Korea
Shin, Hyun Kyoung, University of Ulsan, Ulsan, Republic of Korea
Cho, Sang Rai, University of Ulsan, Ulsan, Republic of Korea (Presenting author)

11:30 12:00 Simple formulae for predicting permanent damage of aluminium plates subjected to
dynamic pressure loads
Cerik, Burak Can, Newcastle University, Newcastle upon Tyne, United Kingdom
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Program: Wednesday, 7th September
13:30 15:00 (Technical Tracks)

Stability and Rolling of Ships II, in Everest 2 
Chair: Marie Lützen, University of Southern Denmark, Denmark 

13:30 14:00 Second generation intact stability criteria and operational limitations in initial ship design
Tompuri, Markus, NAPA Ltd., Helsinki, Finland (Presenting author)
Ruponen, Pekka, NAPA Ltd., Helsinki, Finland
Lindroth, Daniel, NAPA Ltd., Helsinki, Finland

14:00 14:30 Time domain simulation for regulatory flooding analysis
Ruponen, Pekka, NAPA Ltd, Helsinki, Finland (Presenting author)
Lindroth, Daniel, NAPA Ltd, Helsinki, Finland

14:30 15:00 N/A

Technical Ship Operations III, in Everest 1 
Chair: Robert Sielski, (independent consultant/naval architect) USA 

13:30 14:00 Estimation of main engine power fluctuation based on discrete wavelet transform
Xu, Peng, Tokyo University of Marine Science and Technology, Tokyo, Japan (Presenting author)
Iseki, Toshio, Tokyo University of Marine Science and Technology, Tokyo, Japan

14:00 14:30 Study on the optimal weather routing of a ship considering parametric rolling, slamming and
deck wetness
Nguyen, Van Minh, Changwon National University, Changwon, Republic of Korea (Presenting author)
Yoon, HyeonKyu, Changwon National University, Changwon, Republic of Korea
Jeon, Myungjun, Changwon National University, Changwon, Republic of Korea
Lee, Donghyun, Changwon National University, Changwon, Republic of Korea

14:30 15:00 Selection of the optimum combination of responses for wave buoy analogy An approach
based on local sensitivity analysis
Montazeri, Najmeh, DTU Mechanical Engineering, Kgs. Lyngby, Denmark (Presenting author)
Nielsen, Ulrik Dam, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Jensen, Jørgen Juncher, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
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Program: Wednesday, 7th September
13:30 15:00 (Technical Tracks)

Design and Production in Maritime Engineering II, in Everest 3 
Chair: Kazuhiro Aoyama, University of Tokyo, Japan 

13:30 14:00 Investigating feasibility of flexible ship concepts using tradespace network formulations
Rehn, Carl Fredrik, Norwegian University of Science and Technology, Trondheim, Norway (Presenting
author)
Pettersen, Sigurd Solheim, Norwegian University of Science and Technology, Trondheim, Norway
Erikstad, Stein Ove, Norwegian University of Science and Technology, Trondheim, Norway
Asbjørnslett, Bjørn Egil, Norwegian University of Science and Technology, Trondheim, Norway

14:00 14:30 Multi physics simulation framework for the design and production of ships and offshore
plants
Ham, Seung Ho, Seoul National University, Seoul, Republic of Korea (Presenting author)
Roh, Myung Il, Seoul National University, Seoul, Republic of Korea
Lee, Hye won, Seoul National University, Seoul, Republic of Korea
Hong, Jung Woo, Seoul National University, Seoul, Republic of Korea

14:30 15:00 Construction monitoring system with wearable device and job shop simulation for advanced
shipbuilding construction management
Aoyama, Kazuhiro, University of Tokyo, Tokyo, Japan (Presenting author)
Mizushima, Toshiki, University of Tokyo, Tokyo, Japan
Hiro, Yusei, University of Tokyo, Tokyo, Japan
Oizumi, Kazuya, University of Tokyo, Tokyo, Japan
Hoshi, Mayuna, University of Tokyo, Tokyo, Japan

Fatigue II, in Loch Ness 
Chair: Teresa Magoga, Defence Science and Technology Group, Australia 

13:30 14:00 Effect of compressive residual stress on fatigue crack propagation
Morikage, Yasushi, JFE Steel Corporation, Chiba, Japan (Presenting author)
Igi, Satoshi, JFE Steel Corporation, Chiba, Japan
Oi, Kenji, JFE Steel Corporation, Chiba, Japan
Murakami, Koji, Kyushu University, Fukuoka, Japan
Gotoh, Koji, Kyushu University, Fukuoka, Japan

14:00 14:30 Damage of plates due to repeated impulsive pressure loadings
Cho, Sang Rai, University of Ulsan, Ulsan, Republic of Korea (Presenting author)
Shin, Hyun Kyoung, University of Ulsan, Ulsan, Republic of Korea
Lee, Dae Woong, University of Ulsan, Ulsan, Republic of Korea
Truong, Dac Dung, University of Ulsan, Ulsan, Republic of Korea

14:30 15:00 Comparison of different models for the fatigue analysis of details subject to side shell
intermittent wetting effect
Bigot, Fabien, Bureau Veritas, Neuilly Sur Seine, France (Presenting author)
Mougin, Stéphanie, Bureau Veritas, Neuilly Sur Seine, France
Derbanne, Quentin, Bureau Veritas, Neuilly Sur Seine, France
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Program: Wednesday, 7th September
15:30 17:00 (Technical Tracks)

Stability and Rolling of Ships III, in Everest 2 
Chair: Pekka Ruponen, NAPA Ltd., Finland 

15:30 16:00 Development of a multi level procedure for stability analysis of parametric roll phenomena
Kim , Yonghwan, Seoul National University, Seoul, Republic of Korea
Lee, Jae Hoon, Seoul National University, Seoul, Republic of Korea (Presenting author)

16:00 16:30 Design considerations for prevention of broaching of a fishing vessel
Yu, Liwei, Shanghai Jiao Tong University, Shanghai, China (Presenting author)
Ma, Ning, Shanghai Jiao Tong University, Shanghai, China
Gu, Xiechong, Shanghai Jiao Tong University, Shanghai, China

16:30 17:00 N/A

Technical Ship Operations IV, in Everest 1 
Chair: Toshio Iseki, Tokyo University of Marine Science and Technology, Japan 

15:30 16:00 Ship route planning considering the effects of sea state and fuel consumption
Kim, Ki Su, Seoul National University, Seoul, Republic of Korea (Presenting author)
Roh, Myung Il, Seoul National University, Seoul, Republic of Korea
Ham, Seung Ho, Seoul National University, Seoul, Republic of Korea

16:00 16:30 Estimating seaway from ship motions
Schwarz Röhr, Bernhard, Jade Hochschule, Elsfleth, Germany (Presenting author)
Ntamba Ntamba, Butteur, Cape Peninsula University of Technology, Cape Town, South Africa
Härting, Alexander, Jade Hochschule, Elsfleth, Germany

16:30 17:00 Prediction of ship performance in waves and application to hull form design
Kim, Yonghwan, Seoul National University, Seoul, Republic of Korea
Jung, Yoo Won, Seoul National University, Seoul, Republic of Korea (Presenting author)
Park, Dong Min, Seoul National University, Seoul, Republic of Korea
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Program: Wednesday, 7th September
15:30 17:00 (Technical Tracks)

Design and Production in Maritime Engineering III, in Everest 3 
Chair: Carl Fredrik Rehn, Norwegian University of Science and Technology, Norway 

15:30 16:00 Understanding the relationship between naval design complexity and on board system
survivability using network routing methods and design ensemble analysis
Shields, Colin, University of Michigan, Ann Arbor, USA (Presenting author)
Sypniewski, Michael, University of Michigan, Ann Arbor, USA
Singer, David, University of Michigan, Ann Arbor, USA

16:00 16:30 On the prediction of weight distribution and its effect on seakeeping
Grin, Rob, MARIN, Wageningen, Netherlands (Presenting author)
Ruano, Sergio Fernandez, Cehipar, Madrid, Spain
Bradbeer, Nick, UCL, London, United Kingdom
Koelman, Herbert, SARC, Bussum, Netherlands

16:30 17:00 N/A

Fatigue III, in Loch Ness 
Chair: Koji Gotoh, Kyushu University, Japan 

15:30 16:00 Fatigue strength modelling of high performance welds using local approaches
Remes, Heikki, Aalto University, Espoo, Finland (Presenting author)
Jasmin Jelovica, Aalto University, Espoo, Finland
Jani Romanoff, Aalto University, Espoo, Finland
Pauli Lehto, Aalto University, Espoo, Finland
Sami Liinalampi, Aalto University, Espoo, Finland

16:00 16:30 Ship motions contribution to the fatigue life of a pre swirl stator
Wang, Po Wen, CR Classification Society, Taipei, Taiwan (Presenting author)
Liao, P.K., CR Classification Society, Taipei, Taiwan
Hsin, C.Y., National Taiwan Ocean University, Keelung, Taiwan
Lin, C.W., CR Classification Society, Taipei, Taiwan
Quemener, Y., CR Classification Society, Taipei, Taiwan

16:30 17:00 Experimental investigation of the thickness effect for large as welded SAW S355 steel
specimens
Ólafsson, Ólafur Magnus, DTU Mechanical Engineering, Kgs. Lyngby, Denmark (Presenting author)
Berggreen, Christian, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Jensen, Jørgen Juncher, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
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Program: Thursday, 8th September
08:30 10:00 (Technical Tracks)

Added Resistance in Waves I, in Everest 1 
Chair: Hyeon Kyu  Yoon, Changwon National University, Republic of Korea 

08:30 09:00 Investigation on the bow hull forms of VLCC to reduce added resistance in different loading
condition
Lee, Sungkyun, Hyundai Heavy Industries, Seoul, Republic of Korea
Shin, Hyun Joon, Hyundai Heavy Industries, Seoul, Republic of Korea
Yang, Jin Ho, Hyundai Heavy Industries, Seoul, Republic of Korea (Presenting author)
Park, Sang Hun, Hyundai Heavy Industries, Seoul, Republic of Korea

09:00 09:30 Convergence of near field added resistance calculations using a high order finite difference
method
Amini Afshar, Mostafa, DTU Mechanical Engineering, Kgs. Lyngby, Denmark (Presenting author)
Bingham, Harry B, DTU Mechanical Engineering, Kgs. Lyngby, Denmark
Henshaw, William D, Rensselaer Polytechnic Institute, NY, USA
Read, Robert, DTU Mechanical Engineering, Kgs. Lyngby, Denmark

09:30 10:00 Experimental study on bow hull form modification for reduction of added resistance in
waves for mega size container ships
Hwang, Seunghyun, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
(Presenting author)
Kim, Cheolhee, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Lee, Young Yeon, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Ahn, Haeseong, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Van, Suak Ho, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Kim, Kwangsoo, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Jang, Young Hun, Daewoo Shipbuilding & Marine Engineering Co., Seoul, Republic of Korea
Kim, Man Hwan, Daewoo Shipbuilding & Marine Engineering Co., Seoul, Republic of Korea
Lee, Yeon Seung, Korea Advanced Institute of Science and Technology, Daejeon, Republic of Korea

Stochastic Processes and Reliability, in Everest 2 
Chair: Robert Melchers, The University of Newcastle, Australia 

08:30 09:00 Extended contour line methods for non linear load combinations due to wind, waves and
current
Leira, Bernt, Norwegian University of Science and Technology, Trondheim, Norway

09:00 09:30 Stochastic finite element method based on response surface methodology considering
uncertainty in shape of structures
Chen, Xi, Yokohama National University, Yokohama, Japan (Presenting author)
Kawamura, Yasumi, Yokohama National University, Yokohama, Japan
Okada, Tetsuo, Yokohama National University, Yokohama, Japan

09:30 10:00 Reliability assessment of a container ship subjected to asymmetrical bending
Garbatov, Yordan, Instituto Superior Técnico, Lisboa, Portugal (Presenting author)
Guedes Soares, Carlos, Instituto Superior Técnico, Lisboa, Portugal
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Program: Thursday, 8th September
08:30 10:00 (Technical Tracks)

Anti-Roll Tanks, in Everest 3 
Chair: Neil Pegg, Defence Research Development Canada (DRDC), Canada 

08:30 09:00 On the design of anti roll tanks
Carette, Nicolas, MARIN, Wageningen, Netherlands (Presenting author)
Dallinga, Reint, MARIN, Wageningen, Netherlands
Kapsenberg, Geert, MARIN, Wageningen, Netherlands

09:00 09:30 Analysis of free surface anti roll tank using URANS. Verification and validation
Kerkvliet, Maarten, MARIN, Wageningen, Netherlands (Presenting author)
Carette, Nicolas, MARIN, Wageningen, Netherlands
van Straten, Oscar, DAMEN Schelde Naval Shipbuilding, Vlissingen, Netherlands

09:30 10:00 Experimental prediction of anti roll tanks on the rolling of ships
Abeil, Bastien, MARIN, Wageningen, Netherlands

Collisions, in Loch Ness 
Chair: Preben Terndrup Pedersen, DTU Mechanical Engineering, Denmark 

08:30 09:00 Investigation on stretching deformation of side shell plating under bulbous bow striking
scenario
Hu, Zhiqiang, Shanghai Jiao Tong University, Shanghai, China
Wang, George, ABS, Houston, USA (Presenting author)
Liu, Kun, Jiangsu University of Science and Technology, Zhen Jiang, China

09:00 09:30 Comparative study on the application of highly ductile steel to the sides structures for
improving structural integrity of double hull tankers in ship ship collision
Yamada, Yasuhira, National Maritime Research Institute, Tokyo, Japan (Presenting author)
Shigeru Tozawa, National Maritime Research Institute, Tokyo, Japan
Toshiro Arima, National Maritime Research Institute, Tokyo, Japan
Kazutoshi Ichikawa, Nippon Steel & Sumitomo Metal Corporation, Japan
Kenji Kamita, Imabari Shipbuilding CO., LTD, Japan
Hayato Suga, NIPPON KAIJI KYOKAI (ClassNK), Japan

09:30 10:00 Collision responses of jack up structures
Notaro, Gabriele, DNV GL, Høvik, Norway
Levanger, Henning, DNV GL, Høvik, Norway (Presenting author)
Hareide, Ole Jakob, DNV GL, Høvik, Norway
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Program: Thursday, 8th September
10:30 12:00 (Technical Tracks)

Added Resistance in Waves II, in Everest 1 
Chair: Harry Bingham, DTU Mechanical Engineering, Denmark 

10:30 11:00 Analysis of sloshing effects on added resistance in waves
Kim, Yonghwan, Seoul National University, Seoul, Republic of Korea
Seo, Min Guk, Seoul National University, Seoul, Republic of Korea (Presenting author)

11:00 11:30 Experimental study on the added resistance and unsteady pressure distribution in following
waves
Seki, Yuta, Osaka University, Osaka, Japan (Presenting author)
Kashiwagi, MK, Osaka University, Osaka, Japan
Iwashita, Osaka University, Osaka, Japan

11:30 12:00 N/A

Marine Safety, in Everest 2 
Chair: Jeppe Juhl, BIMCO, Denmark 

10:30 11:00 A ship egress analysis method using spectral Markov decision processes
Kana, Austin A.,Delft University of Technology, the Netherlands (Presenting author)
Singer, David J., University of Michigan, USA

11:00 11:30 Safety perception as a sociotechnical network
Ahola, Markus, Aalto University, Espoo, Finland (Presenting author)
Salovuori, HA, Aalto University, Espoo, Finland
Lehtonen, MJ, University of Tokyo, Japan

11:30 12:00 Carbon dioxide fire fighting system basis 3 dimensional airbag system for damaged ships'
safety
Kang, Hee Jin, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
(Presenting author)
Choi, Jin, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
Lee, Dongkon, Korea Research Institute of Ships and Ocean Engineering, Daejeon, Republic of Korea
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Program: Thursday, 8th September
10:30 12:00 (Technical Tracks)

Optimisation in Fluid Dynamics, in Everest 3 
Chair: Kwangjun Paik, Inha University, Republic of Korea 

10:30 11:00 Ship optimization using viscous flow computations in combination with generic shape
variations
Veldhuis, Christian, MARIN, Wageningen, Netherlands (Presenting author)
Scholcz, Thomas, MARIN, Wageningen, Netherlands
Gornicz, Tomasz, MARIN, Wageningen, Netherlands

11:00 11:30 Optimization of ships in shallow water with viscous flow computations and surrogate
modelling
Rotteveel, Erik, Delft University of Technology, Delft, Netherlands (Presenting author)
van der Ploeg, Auke, MARIN, Wageningen, Netherlands

11:30 12:00 Trim wedge optimization with viscous free surface computations
Gornicz, Tomasz, MARIN, Wageningen, Netherlands (Presenting author)
van der Ploeg, Auke, MARIN, Wageningen, Netherlands

Plates and Shells, in Loch Ness 
Chair: Yasumi Kawamura, Yokohama National University, Japan 

10:30 11:00 Equivalent single layer plate theory for ship structural design
Romanoff, Jani, Aalto University, Espoo, Finland (Presenting author)
Jelovica, Jasmin, Aalto University, Espoo, Finland
Remes, Heikki, Aalto University, Espoo, Finland
Avi, Eero, Meyer Turku Shipyard, Turku, Finland
Niemelä, Ari, Meyer Turku Shipyard, Turku, Finland
Raikunen, Joni, Meyer Turku Shipyard, Turku, Finland
Reinaldo Goncalves, Bruno, Aalto University, Espoo, Finland
Körgesaar, Mihkel, Aalto University, Espoo, Finland

11:00 11:30 Theoretical study on structural arrangement to control strength of unstiffened bilge shell
plating
Okada, Tetsuo, Yokohama National University, Yokohama, Japan (Presenting author)
Toyama, Takashi, Yokohama National University, Yokohama, Japan
Kawamura, Yasumi, Yokohama National University, Yokohama, Japan

11:30 12:00 Application of a new proof of plate capacity under combined in plane loads
Hayward, Richard, DNV GL, Hamburg, Germany (Presenting author)
Lehmann, Eike, Hamburg University of Technology, Hamburg, Germany
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Program: Thursday, 8th September
13:30 15:00 (Panel Discussion)

New Design Rules Based on First Principles, in Everest 1+2 
Chair: Valdemar Ehlers, Danske Maritime 
Panellists: TBA 

13:30 15:00 Panel debate discussing issues related to new design rules based on first principles touching
on:

 Fuel efficiency constrained by rules on emissions (for a single vessel; for an entire
fleet;...)

 Safety (structural; intact and damage stability; IMO; ...)
 Environment (water; emission; ...)
 Market driven ship types (what will be the development(s); constraints/drivers forced

by rules and regulations; ...)
 Materials (reduced weight vs. fire safety; ...)
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